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Abstract 

Large-scale heat pumps are expected to be able to help in balancing the power grid by 

providing ancillary services. The most common type of heat pumps supplying district heating in 

Denmark is the two-stage ammonia heat pump. The objective of this study was to assess, how 

the control strategy influences the dynamic behaviour of the heat pump and to investigate 

whether the heat pump could supply primary frequency regulation for the electricity grid. For 

this purpose, a dynamic model of this heat pump type with variable speed piston compressors 

was implemented in Modelica and validated against experimental data from a heat pump in 

Copenhagen, Denmark. The results showed that the best suited control structure for fast 

regulation included a direct control of the power uptake, evaporation pressure control, source 

outlet temperature control, and preheating of the suction line. It allowed regulation of the heat 

pump power input from 250 kW to 175 kW in 85 seconds and from 250 kW to 100 kW in 140 

seconds without the risk of condensation in the low-stage suction line. This means primary 

frequency regulation, which requires ramping rates below 150 seconds, could be supplied with 

the assessed large-scale ammonia heat pump. 

 

Keywords: Large-scale heat pump, frequency regulation, flexibility, dynamic model, control 

Nomenclature 

Abbreviations 𝑦 Output value  
CHP Combined heat and power 

(plant) 
 

Greek symbols 
COP Coefficient of performance  𝜖 Tolerance [%] 
DH District heating  Subscripts 
GW Ground water  con Condensation  
GWP Global warming potential  cs Cross-section  
HFC Hydrofluorocarbons  der Derivative  
HS High-stage  eva Evaporation  
LS Low-stage  exp Experimentally obtained 

value 
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NRMSD Normalised root mean square 
deviation 

 fullload Full load  

OFIC Open flash intercooler  in At inlet  
TSO Transmission system operator  low Low pressure   
Latin Symbols out At outlet  

𝐴 Area 𝑚2  sat Saturation  
𝐿 Level [−]  sep Separator  
𝑁 Number of discretisation steps [−]  set Set value  
𝑛 Rotational speed [𝑠−1]  sim Simulated value  
𝑝 Pressure [𝑏𝑎𝑟] source Heat source  

�̇� Heat flow rate  [𝑘𝑊] supply Supply  
𝑡 Time [𝑠] tot Total  
𝑇 Temperature [𝐾, °𝐶]  wall Suction line wall  

�̇� Power [𝑘𝑊]    

1 Introduction 

1.1 Large-scale heat pumps in district heating 

Integrating the heating sector and the electricity sector [1], including supply of demand 

response services [2], has been identified as a promising approach to efficiently accommodate 

large shares of transient renewable energy like wind power. It is especially promising as district 

heating grids and thermal storages in the grid provide a large amount of heat storage capacity 

and thus flexibility as to when the necessary heat is produced. The two systems are interlinked 

via combined heat and power (CHP) plants and via power-to-heat units, such as heat pumps 

and electric boilers.  

Vapour compression heat pumps do not only provide a link between the heating sector and the 

power sector, but also enable the exploitation of natural heat sources and excess heat at 

temperatures below the supply temperature. Thereby, the use of renewable heat sources is 

enabled. Large-scale heat pumps for district heating supply, using chlorofluorocarbons and 

hydrofluorocarbons (HFC) refrigerants, have been in operation in Sweden for several decades 

[3]. Because of their high global warming potential (GWP), HFCs are being phased out for large-

scale applications according to the Kigali amendment to the Montreal protocol [4]. Natural 

refrigerants are suggested as alternative, and especially ammonia is widely used as refrigerant 

for heat pumps supplying district heating. This is e.g. the case in Denmark [5], where strict 

regulations with regard to the GWP of refrigerants are in place for large-scale heat pumps.  

Several studies on the system perspective of integrating large-scale heat pumps into district 

heating systems have been conducted. Blarke et al. [6] found that heat pumps are more cost-

competitive than electric boilers, and that they provide the potential to combine intermittency-

friendly operation with the efficient use of electricity for provision of heating and cooling. In 



this way, large-scale heat pumps may help to accommodate larger shares of renewable power 

supply and reduce the need for central power plant and cross-national transmission capacities 

[7]. The Heat Roadmap Europe studies estimate that by 2050 up to 50 % of the European heat 

demand could be supplied by district heating, of which 20 % to 35 % might be supplied by large-

scale heat pumps [8]. This underlines the importance of understanding the challenges of highly 

intermittent operation of large-scale heat pumps, as key units in future energy systems based 

on high shares of renewable power production. In this study, large scale refers to the fact that 

the assessed heat pumps are plants of industrial size, in contrast to individual heat pumps, 

which here refers to individual household heat pumps. 

1.2 Flexibility of large-scale heat pumps 

Power-to-heat units take advantage of low electricity cost periods to supply heat at reduced 

cost. Thereby, they cost-effectively assist the integration of renewable energy into the system 

[9]. Especially, large-scale heat pumps are expected to play a key role in future smart energy 

systems [10]. An even higher degree of integration and support for the power system may be 

obtained through provision of ancillary services, i.e. frequency regulation reserve. This would 

however require fast adaption of the heat pump power uptake. The required ramping times are 

different for different regulation zones. The frequency services in place in Eastern Denmark are 

summarised in Figure 1. The required regulation times until the full response power is reached 

are indicated on the x-axis for all services. The minimum bid size and required direction of 

services are given below the respective curve in the system. The frequency containment 

reserve –normal operation and the secondary reserve are symmetric services. That means the 

service-providing unit on the demand side needs to be able to reduce and increase its power 

uptake by the power capacity bid into the market. For manual reserve, the service provider may 

bid either up-regulation capacity or down-regulation capacity. Note that the up- and down-

regulation for frequency regulation services are defined from a power generation perspective, 

i.e. consuming less electric power with a heat pump by operating in part-load denotes an up-

regulation for the power grid. 



 

Figure 1 Requirements for frequency regulation reserves in DK-2 (Eastern Denmark): primary reserve (disturbance reserve (FCR-
D) and normal reserve (FCR-N)), secondary reserve (aFRR), manual reserve (mFRR) [11] 

While it is known that electric boilers can react very quickly to signals from the electricity grid 

[12], most large-scale heat pumps that have been installed to supply district heating, have been 

designed for base load operation. According to experiences from Stockholm [13] and 

Gothenburg [3] in Sweden, it is technically feasible to use large-scale heat pumps for intra-day 

regulation, but the intermittent operation of heat-pumps can be constrained by mechanical 

wear of the components, as well as several minutes start-up time and low COP during start-up 

[14]. However, large-scale heat pumps have not been optimised to react quickly to signals from 

the electricity grid. Accordingly, there is a lack of knowledge about the flexible operation of 

heat pumps as pointed out by David et al. [8]. Also the effect on component wear and lifetime 

under flexible operation conditions needs further investigation [8]. According to Storesund [15], 

it can be expected that compressor parts, the electric motor and the gear box are influenced 

most strongly by a more flexible operation.While few experiences on flexible operation of large-

scale heat pumps are available in literature, a number of publications focus on the provision of 

ancillary service using individual heat pumps. Fischer & Madani provided a comprehensive 

review on the possibility to supply ancillary services using pools of individual heat pumps [16]. 

They point out that the optimal design and the limitations of heat pumps for flexible operation 

need further investigation. In order to assess and understand these limitations, the dynamic 

behaviour of heat pumps needs to be taken into consideration.  

Most studies on delivery of flexible operation of individual heat pumps focus on delivery of 

ancillary services by a pool of non-modulating (on-off) heat pumps. Such as the study by 

Romero Rodrígez et al. [17] on the delivery of frequency restoration reserve by a pool of small–

scale heat pumps using a cold district heating grid as heat source in Germany. They found that 

the demand response potential was significant. A similar study was conducted by Müller & 

Jansen [18] who demonstrated the reduction of the load of a pool of 300 non-modulating heat 
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pumps by 40 % to 65 %. On-off operation is however typically avoided for large-scale heat 

pumps due to increased component wear. A heuristic control structure for modulating heat 

pumps supplying ancillary services was developed in [19]. The heat pump was however not 

modelled in detail and the dynamic behaviour of the heat pump was not taken into account. A 

modulating one-stage R410a heat pump has been shown to be able to react within seconds to a 

load changing signal, when direct load control is applied and in less than a minute when the 

load is controlled via the temperature set point [20]. Regulation times for two-stage ammonia 

heat pumps are expected to be higher, due to the more complex cycle design, which poses 

challenges with regard to the risk of sudden condensation in the suction line during fast ramp-

down [21], a large liquid hold-up in the two vessels (intercooler and separator) that results in 

longer regulation times [22] and time delay of the high-stage compressor, compared to the low-

stage compressor according to the control structure (see section 2.3.4). 

1.3 Dynamic modelling of heat pumps 

Rasmussen et al. [24] described the dynamic behaviour of small-scale one-stage heat pumps 

(ca. 10.5 kW thermal) in detail. Apart from the cycling behaviour they focused on the 

refrigerant migration in the heat pump during start-up and shut-down. Such a detailed analysis 

requires the use of dynamic system models. Similar studies based on experimental and 

numerical assessment have emphasised that component sizing and cycle design for heat pumps 

[22,25] and air-conditioners [26] as well as the operating conditions [27] influence the dynamic 

response time of heat pump systems. The prediction of the dynamic behaviour is possible using 

detailed dynamic models, which are based on fundamental physics and thereby are applicable 

to a large range of conditions and system configurations. The models may be applied to analyse 

system behaviour, design and optimise systems, model based control design, controller tuning 

by simulating the dynamic response, as well as for fault detection and diagnosis, as summarised 

by Rasmussen and Shenoy [28]. Modelica [29] has been demonstrated to be a suitable platform 

for dynamic simulation of thermo-fluid problems, as pointed out by Li et al. [30].  

1.4 Scope of this study 

This study assessed how large-scale heat pumps can be enabled to contribute to an energy 

systems with high shares of renewable power by unlocking the flexibility of district heating to 

supply ancillary services to the power grid. This role has been discussed in various energy 

system related publications, but has not yet been studied on system level. Despite this 

expected role, large-scale heat pumps are usually designed for continuous base load operation, 

and not to be able to regulate quickly to deliver ancillary services to the electricity grid. 

Available experience is limited to manual reserve. Accordingly, there is a lack of knowledge 

about, how fast large-scale heat pumps are able to adapt their load, the dynamic effects during 

fast-regulation and the limitations of currently implemented units with regard to fast-



regulation. Further, available experience from individual heat pumps are not directly 

transferable to larger systems, as the cycle design and control structure typically differ. 

The aim of this study was to quantify the dynamic behaviour of a large-scale two-stage 

ammonia heat pump and the limitations of two-stage ammonia heat pump cycles with regard 

to fast ramping. Further, it was assessed whether it is possible to change the plant control such 

that existing heat pumps of the same kind can ramp up and down quickly enough to be eligible 

to supply frequency regulation services, without changing the components or cycle design of 

the system. Information on how fast large-scale heat pumps can actually start-up and shut-

down, how they perform during regulation and what the limiting factors are to be able to react 

faster is needed. This may serve as a basis to analyse the business case of different operation 

strategies of heat pumps as sector coupling units that provide flexibility to the system.  

The dynamic behaviour of the system and optimisation of the control structure was done using 

a detailed dynamic model of an existing heat pump, which is located in Copenhagen, Denmark. 

The model was calibrated and validated against measured data from the physical system. It was 

then used to quantify the influence of the system’s control structure and design on the dynamic 

behaviour and point to the limitations for fast regulation of the heat pump. The analysed 

control structures were selected from previously conducted relative gain analysis, where 

unfeasible structures were excluded. Further, the option of preheating the low-stage suction 

line was included, as it was shown that the risk of condensation in the suction line during fast 

ramp down is a problem that is difficult to solve solely based on controller design [21]. 

The system design, experimental test procedure, dynamic model, controller system design and 

assessed variations, the validation method, and the simulation approach are presented in 

chapter 2. The validation, results for the base case control and for alternative control structures 

focussing on the reduction of heat pump regulation time and on minimisation of the risk of 

condensation in the suction line are presented in chapter 3 and discussed in chapter 4 before a 

conclusion is given in Chapter 5.  

2 Method 

2.1 System layout 

The heat pump assessed in this study is a two-stage ammonia heat pump with a thermal 

capacity of 800 kW, delivered by Johnson Controls and installed in the Nordhavn harbour area 

in Copenhagen, Denmark [31]. It uses brackish groundwater at 10.5 °C as heat source. The 

system rejects the cooled groundwater into the sea. This is a special arrangement that is only 

possible, as there is a natural flow from the sea back into the aquifer. The heat pump is the 

main supply unit of a small-scale district heating grid supplying three cruise ship terminals and a 

high bay warehouse. The heat pump is able to deliver district heating forward temperatures of 



60 °C to 82 °C. The heat supply unit is further equipped with a storage tank with an active 

volume of 100 m³ and two electric boilers with a capacity of 100 kW each. A sketch of the heat 

supply system can be seen in Figure 2 and the corresponding pressure-enthalpy diagram of the 

cycle is presented in Figure 3. 

 

Figure 2 Diagram of the heat supply system comprising a 2-stage ammonia heat pump, a storage tank and two electric heaters 

 

Figure 3 Pressure (logarithmic) - specific enthalpy diagram of the two-stage ammonia heat pump cycle in nominal conditions 
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The heat pump unit comprises the following main components: flooded evaporator, separator, 

low- and high-stage piston compressor, open flash intercooler, desuperheater, condenser, 

subcooler, and two throttling valves. The evaporator is a corrugated plate heat exchanger and 

the other three heat exchangers are shell-and-plate heat exchangers. Both compressors are 

equipped with variable speed drive, thus enabling part-load operation. 

The heat pump heat output is controlled indirectly, by controlling the source outlet 

temperature from the evaporator to a set value, while keeping the source mass flow constant. 

To control the source outlet temperature, the low-stage compressor speed is modified. The 

high-stage compressor speed is used to control the intermediate pressure to a fixed value. The 

district heating forward temperature from the heat pump is controlled indirectly, by controlling 

the condensation pressure using the sink mass flow as manipulated variable. Both expansion 

valves are electric valves that were controlled according a liquid level. The high-stage expansion 

valve controls the liquid level in a receiver between the condenser and the subcooler, thereby 

controlling the outlet quality from the condenser. The low-stage expansion valve controls the 

filling level of the open flash intercooler. A PI-Diagram including the control structure may be 

found in section 2.3.4. 

2.2 Test conditions 

The first tests conducted were part-load tests of the heat pump for forward temperatures of 

60 °C, 70 °C and 80 °C. Starting from full load the heating output was reduced to part-load and 

then ramped up to full load again, as schematically presented in Figure 4. This was done by 

changing the set value of the evaporator outlet temperature of the source flow. It was changed 

from 4.8 °C to 7.5 °C, 6.5 °C and 5.5 °C, which correspond to a load change from 100 % to 54 %, 

65 % and 80 % at 70 °C DH forward temperature. The heat pump was operated in every 

condition until steady-state operation was reached. The values that were measured and logged 

during all tests are listed in Table 1. 

 

Figure 4 Idealised testing scheme for start-up, ramping and shut-down 
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Table 1 Logged data for experimental analysis, *derived from other 
measurements 

Logged value Unit 

Operation mode - 

Heat output* kW 

Power uptake heat pump kW 

Power uptake system (incl. Pumps) kW 

COP (excl. Pumps)* - 

COP (incl. Pumps)* - 

Temperature 
(water) 

Evaporator outlet °C 

Evaporator inlet °C 

Subcooler Inlet °C 

Condenser Inlet °C 

Desuperheater Inlet °C 

Desuperheater outlet  °C 

Gauge 
pressure 
(cycle) 

Low-stage compressor inlet bar 

Low-stage compressor outlet bar 

High-stage compressor inlet bar 

High-stage compressor outlet bar 

Temperature 
(cycle) 

Low-stage compressor inlet °C 

Low-stage compressor outlet °C 

High-stage compressor inlet °C 

High-stage compressor outlet °C 
 

 

2.3 Dynamic model 

A dynamic model of the heat pump was built in the object-oriented modelling language 

Modelica [29]. It was implemented in the simulation software Dymola using the TIL library [32] 

and is shown in Figure 5. The model was set up based on component models of the two 

compressors, an evaporator, a desuperheater, a condenser and a subcooler, two expansion 

valves, an open-flash intercooler, a separator, an auxiliary pump and two suction pipes. Other 

pipe elements were disregarded to reduce computational time. The pressure loss of all pipes 

(excl. suction lines) on the low pressure and intermediate pressure level were merged into a 

common pressure loss model to ensure the right inlet and outlet pressures for the compressors.  

The components in the cycle were connected to each other via connectors. Via these 

connectors, the output mass flow from one component, together with the corresponding 

specific enthalpy and the pressure, were given to the downstream component as input values. 

Further, the heat pump control was included in the model. The fluid properties were calculated 

using the Refprop database [33]. In the following, the assumptions taken for the component 

models are presented. 



 

Figure 5 Graphical representation of heat pump model implemented with TIL library in Modelica/Dymola. The diagram shows 
the set-up with original control structure. (Used with permission from ©TLK Thermo GmbH.) 

2.3.1 Heat exchanger models 

All four heat exchangers were modelled as corrugated plate heat exchangers. This simplification 

was made as no data or correlations were available for the three shell-and-plate heat 

exchangers on the high-pressure side. The information about alternative corrugated plate heat 

exchangers (Alfa Laval) was given by the heat pump manufacturer, and the design data used for 

modelling may be found in Appendix A. For all heat exchangers a discretised model of parallel 

flow heat exchangers [32] was used. The model was a finite control volume model and used the 

staggered grid approach, which allows the calculation of the interdependencies between mass, 

energy and momentum. The model was defined by n refrigerant control volumes, which were 

connected to n wall control volumes, which were connected to N liquid control volumes. The 

model included dynamic energy, mass balances and a pressure drop correlation for the 

momentum balance for the water and refrigerant side. The energy balance in the wall between 

both fluids was dynamic, too. The flow direction was co-current in the evaporator and counter-

current in all other heat exchangers. On the refrigerant side, the following correlations were 

applied: Ayub [34] was used for evaporation, Yan [35] for condensation and Martin [36] for 

single-phase flow. The pressure drop in the evaporator was assumed proportional to quadratic 

mass flow. The pressure drop in the heat exchangers on the high-pressure side was neglected. 

On the water side Martin’s [36] correlations for heat transfer and pressure drop were used.  



2.3.2 Compressor models 

The high-stage compressor was based on the reciprocating compressor model included in the 

TIL library [32]. This model includes dynamic energy and mass balance equations for the suction 

and discharge chamber. Further, the re-expansion mass flow was calculated based on the 

cylinder dead space volume and the discharge valve delay, which were input parameters to the 

model. The available model was adapted to Johnson Controls’ HPX compressor by introducing a 

polynomial for the isentropic efficiency and by calibrating the total heat transfer coefficient of 

the compressor, which represented cooling and heat loss to the environment. The calibration 

procedure is further described in section 2.5. 

The low-stage compressor model was based on polynomials for the isentropic efficiency, the 

volumetric efficiency and cooling of the compressor, including the effect of active cooling and 

heat loss to the environment. The volume of the component was disregarded and accordingly, 

the balance equations were steady state, as no mass or energy can be stored inside the 

component. The polynomials were parametrised to fit Johnson Controls’ SMC 112L (low-stage) 

compressor. The data for calibration and validation of both compressors was available from the 

Comp1 dimensioning software [37]. This model approach was based on the assumptions that 

the time constants of the compressors are low compared to the time constants of the overall 

cycle and that the stored mass and energy in the compressors may be disregarded.  

A different approach was chosen for the low-stage compressor compared to the high-stage 

compressor as it was found unfeasible to adapt the dynamic model to the available compressor 

data for the low-pressure compressor, while the representation of the high-stage compressor 

was in good agreement with the available design data. 

2.3.3 Other components 

The separator and open flash intercooler were modelled as ideal separators. 

In order to be able to solve the mass balances for the evaporator and the separator, an 

additional pump component was used to fix a pressure increase between the separator and the 

evaporator. In the real system, this increase in pressure is purely based on gravitational forces. 

These were disregarded in the described model thus making the use of an additional pump 

component necessary. 

The influence of not considering the pipes when modelling the heat pump system was tested by 

conducting a jump experiment for the model with and without pipe components and 

comparing the dynamic response. 

The assumed geometries and input values of the model components are listed in Table 5 in 

Appendix A.  



2.3.4 Controller design 

The base case control structure is depicted in Figure 6. The groundwater flow, which is 

determined by the groundwater pump (“GW pump” in Figure 6), was fixed to 24.1 kg/s. The 

low-stage compressor (LS comp.) controlled the evaporator outlet temperature on the source 

side and thereby indirectly the heat output and load of the heat pump. This set-up leads to 

higher evaporation outlet temperatures in part-load and thus a higher evaporation pressure, 

which is beneficial for the part-load COP (excl. pumps) of the system. It was known that the 

allowed ramp rate of the real compressor is limited by the internal compressor controller, but 

not how this was done. To represent this limitation in the model, the ramp rate of the low-

stage compressor was limited to fit the experimentally found data by setting the maximum 

allowable rate of change of the integral element to 0.05 s-2. The high-stage compressor (HS 

comp.) was set to control the intermediate pressure to 13.6 bar (absolute). This set-up allows 

the compressors to change load in line with each other. As soon as the low-stage compressor 

speed is reduced, the mass flow rate exiting the low-stage compressor decreases. This leads to 

a decrease in the intermediate pressure. The controller of the high-stage compressor 

counteracts this change, by reducing the rotational speed and thereby the high-stage mass flow 

rate. In this way, a ramp down of the low-stage compressor also causes the high-stage 

compressor to ramp into part-load. 

The flow of the district heating water controlled the condensation pressure/temperature in the 

cycle and thereby indirectly the district heating forward temperature. The relation between the 

condensation temperature and the desired district heating forward temperature thereby had to 

be known beforehand. This approach allows to avoid a delay in temperature control loop due 

to the system inherent delay of the forward temperature response to a change in mass flow. 

The temperature-offset values were determined experimentally for the real heat pump system 

and were used for validation. The high-stage valve (HS valve) controlled the quality at the 

condenser outlet. This is a simplification, which is possible due to the available quality data in 

the model. This control corresponds to a filling level control in the high-pressure receiver of the 

real system. The low-stage valve (LS valve) controlled the liquid level in the open intercooler.  

This control structure was originally designed for high COPs in both full load and part load, but 

it was not optimised for flexible operation of the heat pump. The changes listed in Table 2 were 

proposed and simulated individually and in combination for their impact on the dynamic 

behaviour of the system. Controlling the total power uptake directly was expected to enable 

the heat pump to respond more accurately to load change requirements and thereby increase 

the possibilities for supplying frequency regulation services. The PI-controller implemented for 

direct control of the power uptake was configured as follows. The sum of the actual power 

uptake of both compressor models at the respective time was the measured input, the set 



value was the desired power uptake and as output, the required rotational speed of the low-

stage compressor was calculated. The control of the evaporation pressure and the source outlet 

temperature aim at avoiding condensation in the suction line during fast load changes [21] or 

changes of the thermal boundary conditions. Other possible control structures were 

disregarded based on the results of a previously conducted relative gain analysis and physical 

constraints, like e.g. the large time constant of controlling the supply temperature directly. 

 

Figure 6 Sketch of the controllable values, the components that can be manipulated and the coupling of manipulated and 
controlled parameters for the base case scenario, with F - flow, P – pressure, T – temperature, L – liquid level, Q – vapour quality, 
J – Energy flow rate 

Table 2 Variations in control structure that were tested 

Manipulated variable Controlled variable 

LS compressor - 𝑛 �̇�tot 

LS valve - 𝐴cs 𝑝eva , 𝐿Sep 

GW pump - 𝑛 𝑇source,out , 𝑝eva 

All controllers were modelled as proportional-integral (PI) or proportional-integral-derivative 

(PID) controllers. The applied parameters (presented in Appendix A) were determined using the 

T-sum rule by Kuhn [38]. 



2.4 Determination of regulation time 

As measure to compare how fast the heat pump was able to regulate, considering different 

control structures, the regulation time was used. The regulation time, was defined as the time 

after a step in set point value using two criteria. The first was that the absolute deviation in 

power uptake �̇�tot from the set value �̇�set should be within a tolerance band of ± 𝜖 = 1 % of 

full load power uptake �̇�fullload (Equ. (1)). The second criterion was a maximum criterion on the 

gradient of the power uptake, which should be below 𝜖der = 100 𝑊/𝑠 (Equ. (2)). 

|�̇�tot − �̇�set|

�̇�fullload

< 𝜖 (1)  

𝑑�̇�tot

𝑑𝑡
< 𝜖der 

(2)  

These tolerances were assumed, as actual allowed tolerances for participation in the frequency 

regulation market are not made available by the transmission system operator (TSO). The 

defined criterion, is a simple steady-state condition, it may however happen that the condition 

is true and then becomes false again before finally reaching steady state. If this was the case, 

the latest time, when the condition became true was logged as regulation time. 

2.5 Model calibration and validation 

Not all parameter values required by the component models in the TIL library could be 

determined from the given data for the real heat pump system, and thus some had to be 

estimated. Especially, the parameters of the low-stage compressor polynomial and the 

geometry parameters of the high-pressure side heat exchangers were uncertain. In order to 

calibrate and validate the model the following steps were performed: 

1. Calibration of individual components against measured data using least-square method 

2. Validation of the system against measured data during steady-state 

3. Calibration of maximum ramping rate for low-stage compressor. 

4. Validation of the dynamic behaviour of the heat pump 

Here, calibration refers to tuning of the unknown parameters, such that the model represents 

the experimentally obtained measurement data. Validation refers to comparing the model 

results with corresponding experimental data. In order to obtain a valid result from the 

validation, a different data set than for the calibration was chosen. Both, calibration and 

validation were based on the same underlying procedure. The boundary conditions imposed to 

the system or component, such as the district heating return temperature and the heat source 

temperature for the overall system, were given to the model as a time dependent input. 

Further, inputs were necessary for the controller set values. These were unknown and thus 



estimated from the steady-state values of the measured data. Then the model was simulated 

and the obtained time dependent output was compared to the experimentally obtained output 

data. In the case of validation, the procedure finished at this stage. The calibration procedure 

continued by minimizing the error between the experimentally obtained result and the model 

result by varying the chosen tuning parameters and using a least-squares method.  

The calibration procedure was divided into several steps for the individual components and the 

overall system. All unknown component parameters were calibrated using the component 

models instead of the overall system model. This enabled to localise deviations in the model 

more easily and allowed for numerically more efficient calibration of the overall model, as the 

number of calibration parameters that needed to be tuned using the complete system model 

was considerably reduced. For the heat exchanger models the Chevron angle, corrugation 

amplitude and corrugation wave length were calibrated using steady-state performance data 

obtained from the Alfa Laval dimensioning tool [39], as no measurements on the refrigerant 

side were available. For the high-stage compressor model, a total heat transfer coefficient 

describing the heat loss to the environment and the cooling of the compressor was needed. 

This value was calibrated using measurement data for 60 °C forward temperature. All 

parameters that were calibrated are indicated in Appendix A.  

All steps were conducted using the Dymola calibration function [40]. The simulation results 

were compared to the results for dynamic behaviour of the real system for forward 

temperatures of 60 °C (different data set than the one used for calibration), 70 °C, 80 °C. 

Further, a mean deviation over the whole validation simulation period was calculated as the 

normalised root-mean-square deviation (NRMSD), defined as follows. 

NRMSD =

√∑ (𝑦sim(𝑡) − 𝑦exp(𝑡))
2

𝑡

𝑁𝑡

√∑ (𝑦exp(𝑡))
2

𝑡

𝑁𝑡

 (3)  

Here, 𝑦sim(𝑡) refers to the simulated value at time 𝑡, 𝑦exp(𝑡) is the measured value at time 𝑡, 

and 𝑁𝑡 is the number of time steps. 

2.6 Simulation approach 

The inputs for the simulation were the boundary conditions on the water side of the system, i.e. 

return temperature and source temperature, and the set values for the controllers, as 

described in 2.3.4. Further, initial values were given for the enthalpy in all components with an 

internal volume, for wall temperatures in heat exchangers and pipes, and for the three pressure 

levels of the system. The model output was the time dependent state of the system, 



characterised by mass flow rates and thermodynamic states at the inlet and outlet of each 

component and for each discretised volume in heat exchangers, pipes and vessels. Further, all 

parameters and helping variables used in the model may be obtained from the result file, and 

the COP of the system was calculated. 

Before conducting the ramping experiments for calibration, validation and the proposed 

simulation experiments, the model was simulated for 1000 seconds before any changes were 

made to the model to ensure that the system was in steady state. 

Only ramping into part-load and up to full load again were studied within this study. This is in 

line with the proposed heat pump operation of providing frequency regulation by changing the 

load rather than shutting down completely and starting up again and thereby avoiding 

necessary settling and compressor waiting times. The risk for system failure is expected to be 

largest for the maximum required load change, due to sudden pressure changes in the system. 

Two operation strategies were considered in this study. In the first case, the heat pump would 

be operated at intermediate load as a default and provide up and down regulation. The 

maximum power that could be bid into the market would be 50 % of the difference between 

the power uptake for maximum and minimum load. Assuming a minimum load of 40 %, the 

heat pump would thus operate at 70 % as a default and be able to ramp up or down by 30 %-

points to supply frequency regulation. The second strategy taken into account is a default 

operation at 100 % load and using the heat pump only for up-regulation (i.e. reduction of 

power uptake). The down-regulation could then be supplied by another unit, e.g. an electric 

heater. The maximum step in power uptake in this case is the difference between maximum 

and minimum allowable load, i.e. 60 %-points of full load for the example given above. In 

principle, other operation strategies may be possible, but were not regarded in this study. 

After validation of the component and system models, the following experiments were 

conducted with the model. 

- Reaction of the system to sudden load changes with improved controller 

parametrisation compared to the validated control structure 

- Reaction of the system to sudden changes in set value for DH forward temperature 

- Assessment of the influence of control structures on the regulation time and risk of 

condensation in the suction line. The following controller changes were assessed: 

o Direct control of the heat pump power uptake 

o Control of the evaporation pressure 

o Control of the source outlet temperature 

o Control of the separator liquid level 

o Control of the evaporation pressure and the separator liquid level 



o Control of the evaporation pressure and the separator liquid level with 

preheating of the suction line 

3 Results 

This chapter presents the results of the model validation against experimental data, before 

more detailed results from the dynamic model are presented for the base case control 

structure. These include the part-load behaviour of the heat pump, the regulation time for 

different load changes and condensation pressures and the saturation temperature and wall 

temperature in the low-stage suction line as an indication of the risk of condensation. Finally, 

the control structure was varied, as described above. The results for the regulation time and 

risk of condensation are presented in the last part of the result section. 

3.1 Validation against experimental data 

Figure 7 shows the comparison of the simulated results and the experimentally obtained 

measurements from the real heat pump. The dynamic behaviour of the results is compared by 

showing the development over time (left graphs) and the overall correspondence between the 

values is compared using parity plots, showing the simulated results over the measured results 

for the same time step (right graphs). The results are presented for 70 °C forward temperature. 

For the intermediate pressure at the low-stage compressor outlet and high-stage compressor 

inlet (Figure 7 c)) and the condensation pressure (Figure 7 d)), it may be observed that the time 

constant of the simulated response is smaller than for the measured response. This was due to 

neglecting the pipelines in the simulation. It was verified that including all pipelines in the 

simulation leads to larger time constants, and showed an overshoot in the intermediate and 

high-stage pressure, which was similar to the measured data. The inclusion of all pipelines 

tended however to be numerically stiff and computation time was accordingly high. Further, 

the deviations of the evaporation pressure, especially between 1500 s and 3000 s and between 

4000 s and 4500 s, were propagated through the low-stage compressor and resulted in 

deviations in the intermediate pressure (p_LS_out). 

The characteristic overshoot of the evaporation pressure (Figure 7 e)) and the corresponding 

undershoot of the power uptake (Figure 7 b)) and heat flow rate (Figure 7 a)) is related to 

waiting times programmed in the real heat pump controller. For the model, the source outlet 

temperature obtained from the measured data was an input to the model. Thereby, the waiting 

times were represented in the simulated results. The response of the evaporation pressure to 

load changes fits quite well to the modelled data. Accordingly, it may be expected that possible 

formation of droplets due to sudden increase in evaporation pressure may be represented. It 

can be seen that only discrete values for the measured pressure were available. A slight 

deviation between the steady state values may be observed. This is most likely due to 

uncertainties with regard to the actual pressure drop in the different components on the low-

pressure side. All pressure drops were lumped into a pressure drop component, which does not 



account for the possibly different part load behaviour of individual pressure loss contributions. 

The reaction of the source outlet temperature (Figure 7 g)) fits less well. The time constant of 

the simulated response is smaller than the measured one. Since the evaporation pressure fits 

well, this difference may be accounting for delays and larger storage capacities on the water 

side in the real system.  

The supply temperature (Figure 7 f)) fits well, considering the uncertainty induced by modelling 

plate heat exchangers instead of shell-and-plate heat exchangers. Clear deviations may 

however be observed between 1500 s and 3000 s and between 5200 s and 6000 s. In order to 

clarify what caused these deviations, the influence of the relevant model inputs (heat transfer 

correlations, plate thickness and plate area of the high-pressure side heat exchangers) on the 

steady-state result was tested. This was done in a Monte Carlo analysis [41] for 100% load and 

65 % load. In this analysis, the heat transfer coefficient of desuperheater, condenser and 

subcooler were varied according to a normal distribution with a standard deviation of ±20 %, 

as this was the maximum deviation found for the used correlations [36]. The plate thickness 

and length were varied according to a normal distribution with a standard deviation of ±10 %. 

At full load, the largest deviation found was 2 K in forward temperature and less than 0.1 % in 

total heat supplied, compared to 1.1. K and less than 1 % at part load. It was found that the 

condenser length, and thereby area, had the largest impact on the forward temperature, 

followed by the heat transfer coefficient on the refrigerant side in the condenser and the plate 

thickness. The subcooler parameters were found to be negligible. Accordingly, the observed 

steady-state deviations in forward temperature are most likely due to the differences in 

geometry between the modelled corrugated plate heat exchangers and the shell-and-plate heat 

exchangers in the real plant. 

The model was found to represent the general trends of the heat pump behaviour during load 

change well. However, some deviations were observed. The measured heat load dropped right 

before ramping up to full load (Figure 7 a)). This development was not identified in the 

simulated results. This may be explained by a slight difference in the control set point variation 

between the model and the real plant. From the plant operator it was known that the 

condensation pressure set point value was changed before changing the set value for the 

source outlet temperature when ramping up. The result was a decrease in mass flow and with it 

the heat flow rate prior to the event. The sink mass flow rate in the model was only changed as 

a reaction to the load changes, via the PI control for the condensation pressure, i.e. it changed 

after the heat pump started to ramp up. Therefore, no drop in heat flow rate before ramp up 

was observed. This difference in control set point variation could not be avoided, as the 

controller set points were an input to the model that was obtained from the measured output 

data, as the actual input data was not available as explained in section 2.5. 

Table 3 summarises the deviations for all validated parameters for three different forward 

temperatures. The largest mean deviations were found for the power uptake �̇�tot and the 

source outlet temperature 𝑇eva,out. The two are directly related through the control structure. 



The source outlet temperature reacted faster to a change of the low-stage compressor speed in 

the model compared to the measurements. This was fed back into the controller, the profile of 

the low-stage compressor speed followed and thereby the power uptake of the compressors. 

This means that the control structure based on the original control structure is likely to 

underestimate the regulation time of the heat pump. The lowest mean deviations were 

calculated for the pressures in the system and the supply temperature. The low deviation of the 

pressures could be expected, since both condensation pressure and intermediate pressure are 

controlled and thus the deviations only come from differences in dynamic behaviour and 

uncertainties related to the exact timing of the condensation pressure set point change during 

measurements. 



 

Figure 7 Comparison of simulation and measurement results over time (left) and as parity plot (right). From top to bottom the 
following is depicted: a) Heat flow rate, b) Power uptake, c) Intermediate pressure at low-stage compressor outlet and high-
stage compressor inlet, d) Condensation pressure, e) Evaporator pressure, f) Forward temperature and g) Source outlet 
temperature. 
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Table 3 Root mean square of the measured data over the validated period (RMS measurement), root mean square of the 
difference (RMS difference) between measured data and simulated results and the mean deviation calculated as the ratio of 
RMS difference over RMS measurement. The mean deviation of the temperature depends on the unit and was thus excluded. 
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�̇�tot [W] 529000 39100 7.4% 690000 41800 6.1% 639000 35400 5.5% 

�̇�tot [W] 137000 12900 9.4% 201000 12800 6.4% 192000 15900 8.3% 

COP  3.93 0.38 9.6% 3.47 0.09 2.5% 3.35 0.18 5.4% 

𝑝LS,in [Pa] 499000 15000 3.0% 468000 9340 2.0% 485000 15400 3.2% 

𝑝LS,out [Pa] 1380000 19700 1.4% 1400000 12300 0.9% 1390000 16500 1.2% 

𝑝HS,in [Pa] 1360000 18800 1.4% 1360000 10500 0.8% 1360000 15800 1.2% 

𝑝HS,out [Pa] 2680000 116000 4.3% 3400000 34500 1.0% 388000 4800 1.2% 

𝑇𝑠𝑢𝑝𝑝𝑙𝑦  [K] 333 1.7 
 

343 0.8 
 

353 1.8  

𝑇eva,out [K] 280 0.5 
 

279 0.5 
 

279 0.4  

 

3.2 Base case scenario 

The model was used to calculate the dynamic behaviour of the system as response to load 

changes. Here, the source outlet temperature controller was optimised compared to the 

validation, by parametrizing the PI controller according to the T-sum rule [38]. Thereby, the 

overshoot and accordingly the regulation times could be reduced considerably, an example is 

shown in Figure 11. 

3.2.1 Steady-state behaviour in part-load 

Figure 8 shows the heat pump behaviour in part load in terms of COP, heat flow rate �̇�𝑡𝑜𝑡 and 

power uptake �̇�tot for three different condensation pressure set points, corresponding to three 

different full load supply temperatures. As expected, the COP increased with decreasing supply 

temperature. It reached a maximum at 40 %, 38 % and 36 % load for condensation pressures of 

29.3 bar, 33.2 bar and 38.5 bar – corresponding to supply temperatures of 62 °C, 70 °C and 

77 °C – respectively. The power uptake increased with the condensation pressure, as the 

pressure ratio for the high-stage compressor increases. The heat flow rate behaves almost the 

same for all three supply temperatures. The heat uptake in the evaporator was fixed via the 

fixed source mass flow and the controlled source outlet temperature. As the power input 



increases with increasing pressure ratio of the high-stage compressor, the superheat out of the 

compressor increases, however the influence of this increase on the overall heat flow rate is 

comparably small. This means, the currently implemented control structure is feasible for the 

precise delivery of a certain desired heat flow rate. However, if the aim is to operate the heat 

pump according to the requirements of the electricity grid, it should be possible to control the 

power uptake precisely instead.  

The quality of the heat supply as the main product of the heat pump is mainly defined by the 

supply temperature. Therefore, it is desirable that the supply temperature can be controlled as 

precisely as possible. However, the supply temperature was not controlled directly, but instead 

the condensation pressure was controlled. This was done to avoid large dead times in the 

supply temperature response to changes in the sink mass flow rate. Figure 9 shows the 

resulting deviation of the supply temperature over power uptake for different condensation 

pressure set points. The resulting supply temperatures are 2 °C to 3 °C higher at the lowest 

reported part load compared to full load power uptake. To be able to set the supply 

temperature more precisely, while not losing the advantage of condensation pressure control 

over direct supply temperature control, an offset function for the condensation pressure could 

be implemented. It would be a function of the desired supply temperature and the current heat 

pump load as inputs. It could then be used to calculate the necessary condensation pressure set 

point, which could then be used as input to the existing controller.  

 



 

Figure 8 COP, heat flow rate and power uptake in steady state for different part loads. The load was defined as the power 
uptake over the power uptake for a source outlet set temperature of 4.5 °C 

 

Figure 9 Supply temperature deviation in part load operation with base case control structure of condenser temperature for 
three different pressure set points 
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3.2.2 Regulation time of heat pump 

An important measure with regard to heat pump flexibility is the regulation time that is needed 

until steady state is reached after a load change. The regulation times were determined as 

described in section 2.4. They are presented for three supply temperatures, i.e. condensation 

pressure set points and different step sizes of the load change in Figure 10. A negative load 

change refers to ramping from full load into part load, e.g. a load change of -40 % corresponds 

to a change from 100 % load to 60 % load. A positive load change refers to ramping from part-

load up to full load again. Figure 11 shows an example of a curve for the power uptake and heat 

flow rate during a negative load change starting at 1300 seconds and a positive load change 

starting at 2700 seconds. The reaction time of the heat flow rate is similar to the reaction time 

of the power uptake. This is achieved by a small time constant of the condensation pressure 

control acting on the district heating mass flow rate. The overshooting and following oscillations 

were more pronounced for larger load changes. This resulted in longer regulation times for 

larger load changes. All simulated regulation times were above 200 seconds and thus not 

feasible for FCR-N delivery. The regulation times were similar for up and down ramping. No 

clear dependency between the regulation time and the condensation pressure set point could 

be identified. 



 

Figure 10 Regulation time for three different forward 
temperatures. A positive load change on the x-axis refers to 
increasing the power uptake of the heat pump, while a 
negative load change refers to decreasing the power uptake 

 

Figure 11 Response of the power uptake and heat flow rate 
supplied to the district heating grid to a change in the set 
point of the source outlet temperature of 2 K, corresponding 
to 43 %-points power load change, compared to full load 

3.2.3 Risk of condensation in suction line 

During ramp down and ramp up, the base case control structure of the heat pump load resulted 

in changed outlet temperature of the heat source stream. As can be seen in Figure 12, the 

saturation temperature in the low-stage compressor suction line rises above the suction line 

wall temperature during ramp down of the heat pump. This is caused by the increase in 

evaporation pressure and thus saturation temperature, while the pipe walls are still cold from 

the operation before. This may result in sudden condensation in the suction line, which may 

harm the compressor and should therefore be avoided. A similar phenomenon may be 

observed in the high-stage suction line. Here, the pressure dropped during ramp down of the 

compressors. During the following increase in pressure back to the set value, the saturation 

temperature reacted faster to a change in pressure than the wall temperature and 

condensation in the suction line could occur. The saturation temperature was also calculated 

for the experimental pressure increase after the undershoot. The slightly larger time constant 

of the measured response compared to the simulated response, as described in section 3.1, 

was slow enough, so that no condensation would occur. Therefore, the high-pressure suction 

line was disregarded in the following. On the other hand, avoiding condensation in the low-

pressure suction line is an important task to solve, in order to allow faster downward ramping 

of the heat pump without the risk of liquid entering the compressor. 
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Figure 12 Saturation temperature of ammonia in the low-stage suction line (dashed) and suction line wall temperature (solid) 
(most downstream cell) during ramp-down (starting at 1300 s) and ramp-up (starting at 2700 s). If the wall temperature is 
below the saturation pressure, condensation may occur at the pipe surface, which may harm the compressor. 

3.3 Influence of control strategy on dynamic behaviour 

The control structure of the real system was designed to allow for maximum COP in part-load. It 

was however seen in the experimental data used for validation that the controllers were not 

optimally parametrised for fast regulation of the heat pump, which resulted in a prolonged 

undershoot of the power uptake and heat flow rate (as shown in Figure 7). The simulation with 

the base case control structure, but with controller parametrisation according to simple tuning 

rules (compare section 3.2), already resulted in an improved dynamic behaviour. However, two 

limitations were identified that hinder the fast regulation of the heat pump. Firstly, the indirect 

control of the heat flow rate and thereby power uptake, makes it more difficult to control the 

power uptake precisely and induces a dead time into the load control, corresponding to the 

time until a change in compressor speed results in a temperature change at the evaporator 

outlet. Secondly, condensation in the suction line during fast ramp down needs to be safely 

avoided in order to allow for fast ramping. Therefore, it was assessed whether a direct control 

of the power uptake instead of the implemented indirect load control could allow faster 

reaction of the system, and whether a low-pressure control could reduce the risk of 

condensation in the suction line.  

3.3.1 Control of power uptake 

In order to allow for faster regulation of the heat pump, it was proposed to control the power 

uptake of the compressors directly via the low-stage compressors rotational speed, instead of 

indirectly via the source outlet temperature. By reducing the rotational speed of the low-stage 

compressor, the mass flow rate in the lower part of the two-stage cycle decreased and with it 

the pressure at the intermediate level. The high stage-compressor controller reacts to the 
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decrease in intermediate pressure by decreasing the rotational speed. In this way, the high-

stage compressor always follows the low-stage compressor. A reduction of mass flow rate 

through the heat exchangers on the low- and high-pressure side results in less heat uptake and 

heat output and thus a reduced heat load of the heat pump. This was expected to have two 

advantages. Firstly, the power uptake can be measured more quickly compared to the 

evaporator outlet temperature, where a system immanent delay needs to be considered until a 

change in rotational speed can be measured as a change in temperature at the evaporator 

outlet. Secondly, when delivering regulation services, the power uptake could be controlled to 

follow the required ramping curve precisely.  

The maximum change in power uptake of the heat pump depends on the operation strategy, as 

explained in section 2.6, and could either be of the difference of the maximum and minimum 

load or 50 % of the difference. The minimum load for the case study was fixed to 100 kW 

electric power and the full load of the compressors was considered to be 250 kW. Accordingly, 

maximum step changes of -150 kW and -75 kW would be obtained, respectively. 

Figure 13 shows the power uptake for the base case control and the direct control of the power 

uptake with and without a constrained rate of change of the compressors rotational speed, as a 

reaction to a step in the load set value from 250 kW to 175 kW. The direct control of the power 

uptake in both cases was faster than the indirect control via the source outlet temperature 

(base case). The difference between the constrained power control and the base case control is 

the dead time induced by the temperature measurement, which leads to considerable 

oscillation before steady state is reached, after 385 seconds. For the direct control, the 

constrained ramping rate leads to minimal oscillations and thus the steady state is reached 

after 140 seconds. When the constraint on the ramping rate is removed, the power uptake 

overshoots slightly, but the regulation time can be reduced to 55 seconds. 

For the larger step from 250 kW to 100 kW power uptake, the corresponding regulation times 

were longer. The base case regulation time was 475 seconds, the direct power control with 

ramping rate constraint was 320 seconds and without constraint it was 115 seconds. All 

regulation times are summarised in Table 4. Accordingly, shifting from indirect to direct load 

control is not enough to be able to ramp fast enough for the supply of FCR-N frequency 

regulation if the ramping constraint was not reduced. 

In all three cases, the risk of condensation during ramp down is apparent, as depicted in Figure 

14. While the time during which condensation may occur is longer for the constrained 

controllers, the peak in the temperature difference between saturation temperature of the 

fluid and the wall temperature is higher for the unconstrained controller. The occurrence of 

sudden condensation can be excluded in none of the cases.  



 

Figure 13 Response of power uptake of both compressors to 
a set value step of -75 kW for indirect load control (base 
case), direct load control with ramping rate constraint and 
direct load control without ramping rate constraint 

 

Figure 14 Response of saturation temperature and wall 
temperature of the low-pressure suction line to a set value 
step of -75 kW for indirect load control (base case), direct load 
control with and without ramping rate constraint  

3.3.2 Low pressure control 

To allow fast ramping, the risk of condensation in the suction line during ramp down needs to 

be avoided. The condensation occurs due to a sudden increase in pressure. Thus, one strategy 

may be to reduce the increase in pressure during ramp-down. This may be done by controlling 

the low-stage expansion valve, the source flow rate or both. Figure 15 compares the saturation 

and wall temperatures in the low-stage suction line for the following three cases, for a step in 

the power set value of -75 kW: 

- Direct control of power uptake 

- Direct control of power uptake with evaporation pressure control via the low-stage 

expansion valve 

- Direct control of power uptake with source outlet temperature control via the source 

mass flow rate 

The steady-state increase in pressure is reduced by the source outlet temperature control and 

disappears for the low-pressure control. However, the pressure still peaks suddenly and then 

slowly approaches the new steady-state value. During this peak, the saturation temperature 

increases more rapidly than the wall temperature and therefore the risk of condensation could 

not be avoided. Another problem was observed when controlling the evaporation pressure with 

the low-stage expansion valve. In this case none of the vessels’ liquid levels were controlled, 
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which in most cases led to drainage of the separator. To avoid this, and thereby ensure stable 

conditions at the evaporator inlet, the level should be controlled. Figure 14 shows the results 

for a step in the power set value of -75 kW for direct control of the power uptake with: 

- Liquid level control of the separator via the low-stage expansion valve and source outlet 

temperature control via the source mass flow rate 

- Liquid level control of the separator via the low-stage expansion valve and evaporation 

pressure control via the source mass flow rate 

- Liquid level control of the separator via the low-stage expansion valve and evaporation 

pressure control via the source mass flow rate with preheating of the suction line 

For all three cases, the peak in evaporation pressure was lower and shorter than for the control 

of the evaporation pressure via the expansion valve or for source outlet temperature control. 

The saturation temperature increases shortly by 0.9 K, compared to 1.9 K for direct power 

control, 1.7 K for direct power control with source outlet temperature control and 1.2 K for 

direct power control with evaporation pressure control. Even though the peak in evaporation 

pressure was reduced, the saturation temperature still increased suddenly, while the suction 

line walls are colder and therefore the risk of condensation could not be excluded by a different 

control structure alone. It was not possible with a 1D discretised suction line model to predict 

precisely, whether this reduced increase would be enough to avoid condensation.  

  



Table 4 Summary of the regulation time, risk for condensation, full load and part load COP for a load reduction of 30 % and 60 % 
and different control structures 

 Control structure 

Regulation 
time 1 % 
tolerance[s] 

 Risk of 
conden-
sation 

Full load 
COP 
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COP 
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BaseCase 385  yes 3.35 3.62 
Direct power - constrained 140  yes 3.35 3.62 
Direct power - unconstrained 55  yes 3.35 3.62 
𝑝eva control 85  yes 3.35 3.48 
𝑇source,out control 60  yes 3.37 3.55 
𝐿OFIC / 𝑝eva control 45  yes 3.37 3.50 
𝐿Sep / 𝑝eva control  54  yes 3.37 3.50 
𝐿Sep / 𝑝eva control with preheating 

300 W 54 

 

no 3.37 3.49  
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BaseCase 475  yes 3.35 3.81 
Direct power - constrained 320  yes 3.35 3.81 
Direct power - unconstrained 115  yes 3.35 3.81 
𝑝eva control 145  yes 3.35 3.50 
𝑇source,out control 120  yes 3.37 3.61 
𝐿OFIC / 𝑝eva control 84  yes 3.37 3.52 
𝐿Sep / 𝑝eva control  87  yes 3.37 3.52 
𝐿Sep / 𝑝eva control with preheating 

400 W 99 

 

no 3.37 3.50 

To be sure that no condensation may occur, a preheating of the suction line is proposed. This 

may be electric or using another heat source. A preheating with 100 W to 500 W was simulated. 

The results for the minimum allowable preheating are also presented in Figure 16. 300 W 

preheating together with evaporation pressure control via the source mass flow rate was 

enough to avoid the risk of condensation for a load change of -75 kW. As presented in Table 4 

this was not enough for a load change of 150 kW, where a preheating of 400 W was necessary 

to ensure that the suction line wall temperature was always higher than the saturation 

temperature. It was further found, that the peaks in saturation temperature were higher for 

the larger load change. It was 2.3 K for direct power control, 2.2 K for direct power control with 

evaporation pressure control, 1.8 K for direct power control with source outlet temperature 

control, and 1.6 K for direct power control with evaporation pressure control via the source 

mass flow rate. 

The regulation time, risk of condensation, full load COP and part load COP are summarised for 

all analysed control structures in Table 4. The control of evaporation pressure via the source 

mass flow rate together with a direct control of the power uptake allows for regulation times, 

which are in the same order of magnitude as the direct power uptake control alone. The only 

case where condensation in the suction line could be avoided was when an additional 



preheating of the suction line was installed, as in all considered cases the evaporation pressure 

peaked. The regulation time for the direct power uptake control with evaporation pressure 

control and preheating of the suction line, resulted in regulation times of 54 seconds and 99 

seconds for a step of – 30 % load and – 60 % load using the 1 % tolerance criterion, respectively. 

If this tolerance would be reduced to 0.1 %, the corresponding regulation times would be 98 

seconds for -30 % load and 145 seconds for -60 % load.  

 

Figure 15 Response of saturation temperature and wall 
temperature of the low-pressure suction line to a set value 
step of -75 kW for direct load control, direct load control 
with evaporation pressure control (p_eva control), and 
direct load control with source outlet temperature control 
(T_Source_out control) 

 

Figure 16 Response of saturation temperature and wall 
temperature of the low-pressure suction line to a set value step 
of -75 kW for direct load control with evaporation pressure 
control and source outlet temperature control, with no, 100 W 
and 200 W preheating of the suction line 

4 Discussion 

Future application of heat pumps and their expected role in integrated energy systems require 

that these systems are designed to be able to operate flexibly and according to variable 

boundary conditions. A dynamic model as the one presented in this study allows the cost-

efficient analysis different control structures and system configurations that would require 

major changes to the real system. Further, it allows testing the limitations of the system, such 

as the risk of condensation in the suction line without risking damaging the real system. 

Thereby, validated dynamic models constitute an important tool in the development of high-

performance heat pumps. 
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The present study focused on a two-stage ammonia heat pump operated with piston 

compressors. Even larger ammonia heat pumps often use screw compressors. The regulation of 

these are different from piston compressors and future work should therefore include studies 

on the feasibility of different compressor types for fast regulation of heat pumps. The analysed 

heat pump had a thermal capacity of 800 kW. This is rather small, compared to the largest 

existing ammonia heat pump, which has a capacity of 14 MW [42]. In order to evaluate whether 

even larger ammonia heat pumps than the one assessed in the present study could supply 

frequency regulation and under which boundary conditions, further analysis of the influence of 

the system size on the achievable regulation times is needed. Within this work, the pumping 

power of the water source and the district heating water was neglected. Depending on the 

source, it may however be necessary to include the pumping power, to allow for the desired 

reduction or increase in power uptake. 

4.1 Regulation time of the heat pump 

A change in control structure was proposed. It would both minimise the risk for condensation in 

the suction line and allow for faster regulation of the heat pump. The latter is important when 

heat pumps are supposed to react flexibly to changes in the electricity grid, e.g. by providing 

frequency regulation. The simulation results showed that the system response could be 

considerably improved by controlling the power uptake directly instead of indirectly via the 

source outlet control. By doing so, it would be possible to ramp down from 250 kW power to 

175 kW power in 140 seconds and from 250 kW to 100 kW in 320 seconds. If faster ramping 

rates for the compressor were implemented, the regulation time was reduced even further. If 

the proposed control strategy to avoid condensation in the suction line was taken into 

consideration, the heat pump could ramp from 250 kW to 175 kW within 54 seconds and from 

250 kW to 100 kW in 99 seconds with the unconstrained direct power control. This means that 

the heat pump would regulate fast enough to be able to act on the FCR-N frequency market, 

which demands ramping times below 150 seconds. If the tolerance for deviations was 

decreased, the calculated regulation times would increase. The results showed that the 

proposed control structure with direct power uptake control, evaporation pressure control via 

the source mass flow rate and preheating of the suction line may still be fast enough to act on 

the FCR-N market, if the tolerance would be reduced to 0.1 % of full load power capacity.  

In reality, the specific heat pump would have to be combined with one or more other units to 

be able to bid in with the minimum required capacity of 300 kW. If faster regulation is required, 

e.g. for different primary frequency reserves in other countries, the heat pump may be 

combined with faster regulating units, e.g. batteries, to provide a combined frequency 

regulation product. Further, it should be noted that the flexible operation of heat pumps is 

enabled by the available heat storage capacity. This needs to be considered when evaluating 



whether there is a business case in providing ancillary services from heat pumps. Additionally, 

the capacity of the heat pumps needs to be large enough in order to allow for reduction of 

power uptake and thereby heat production without supplying too little heat to the customers. 

4.2 Condensation in the suction line 

In order to avoid condensation in the suction lines during fast ramp down, the ramping rate 

may be restricted. If very fast regulation is required, restricting the ramping rate might not be 

an option. It was shown that by controlling the low pressure via the source mass flow rate, the 

peak in evaporation pressure may be considerably reduced, which helps reducing the risk of 

condensation in the suction line. Controlling the evaporation pressure via the expansion valve 

resulted in draining the separator in most cases; therefore, it is advisable to stick to a classic 

liquid level control. In terms of regulation time, no significant difference in regulation time was 

seen between controlling the liquid level in the intercooler or in the separator. The separator 

liquid level control was chosen, to ensure stable conditions in the evaporator. 

Fast ramping comes along with fast increases in the evaporation pressure, which increases the 

risk of condensation, even if the peak in evaporation pressure may be reduced. Preheating the 

suction line may help to completely avoid condensation in the suction line, as the wall is always 

kept at higher temperatures than the saturation temperature. In this case, the superheating of 

the ammonia is minimal and therefore attention needs to be paid to the compressor flange and 

suction chamber, which might be at fluid temperature, too, and thus condensation could occur 

here as well. These parts are more difficult to heat than the suction line. Alternatively, the fluid 

may be superheated before entering the compressor. Different constructive measures to do so 

were analysed in [21]. These are based on increasing the superheating before the compressor 

by heating the gas in the suction line or possibly by reducing the pressure. Superheating the 

fluid before compression will however result in increased compression work and thereby 

reduced COP. Implementing constructive changes in an existing plant to avoid condensation in 

the suction line may be economically and practically unfeasible. If these problems could be 

avoided by advanced control methods, a reduction of COP could possibly be avoided. It should 

further be mentioned that condensation in the low-stage suction line has been observed in real 

life operation of ammonia heat pumps, which occurs if the system is operated without 

superheating of the fluid in the suction line and the suction pressure increases rapidly [23]. 

However, no such observation is known to the authors for the high-stage suction line. 

Accordingly, further studying of the effects in the intermediate stage is needed, including where 

pressure losses occur and the non-ideal behaviour of the intercooler. It should be noted that 

the problem of condensation in the suction line is related to the negative influence of 

superheating on the COP of ammonia heat pumps. For other refrigerants, the influence may be 



positive, and accordingly superheating the fluid in the evaporator and thus avoiding sudden 

condensation in the suction line would not be a problem. 

5 Conclusion 

A dynamic model of a two-stage ammonia heat pump with piston compressors was 

implemented in Dymola. It was validated against experimental data from a recently installed 

heat pump in Copenhagen, Denmark. The validation showed a satisfying agreement between 

the experimental and simulated data. Uncertainties in the model were mainly related to 

unknown controller design of the real plant, uncertainties in high-pressure heat exchanger 

modelling and lumped modelling of pressure loss on each pressure level. The model was then 

used to assess further control structures with the aim of finding a structure that would allow to 

regulate the heat pump fast enough to supply primary frequency regulation, which requires 

regulation time of 150 seconds or less. 

It was found that the most optimal control structure investigated allowed regulation of the heat 

pump power from 250 kW to 175 kW in 54 seconds and from 250 kW to 100 kW in 99 seconds 

without the risk of condensation in the low-stage suction line. To do so, the control structure 

was changed to a direct control of the power uptake plus controlling the evaporation pressure 

using the source mass flow rate, and preheating the suction line. The required preheating heat 

flow rate depended on the maximum expectable load reduction and was 300 W for -75 kW load 

change and 400 W for -150 kW load change. The maximum coefficient of performance 

reduction through preheating was found to be less than 0.01 % at minimum load.  

In conclusion, the results showed that it is possible to supply primary frequency regulation with 

large-scale ammonia heat pumps with variable speed piston compressors.  

Acknowledgements 

We thank Tore Friis Gad Kjeld from the utility company HOFOR for conducting the 

measurements on the FlexHeat heat pump, and the heat pump manufacturer Johnson Controls 

for many fruitful discussions and insights. This research project is partially funded by EUDP 

(Energy Technology Development and Demonstration) under the project ”EnergyLab Nordhavn 

- New Urban Energy Infrastructures” (project number: 64014-0555). 

Bibliography 

[1] Lund H. Large-scale integration of wind power into different energy systems. Energy 
2005;30:2402–12. doi:10.1016/j.energy.2004.11.001. 

[2] Moura PS, de Almeida AT. The role of demand-side management in the grid integration 
of wind power. Appl Energy 2010;87:2581–8. doi:10.1016/j.apenergy.2010.03.019. 

[3] Averfalk H, Ingvarsson P, Persson U, Gong M, Werner S. Large heat pumps in Swedish 



district heating systems. Renew Sustain Energy Rev 2017;79:1275–84. 
doi:10.1016/j.rser.2017.05.135. 

[4] United Nations. Amendment to the Montreal Protocol on Substances that Deplete the 
Ozone Layer C.N.872.2016.TREATIES-XXVII.2.f 2016. 

[5] Støchkel HK, Paaske BL, Clausen KS. Drejebog til store varmepumpeprojekter i 
fjernvarmesystemet 2017. 
https://ens.dk/sites/ens.dk/files/Varme/drejebog_for_store_varmepumper.pdf. 

[6] Blarke MB. Towards an intermittency-friendly energy system: Comparing electric boilers 
and heat pumps in distributed cogeneration. Appl Energy 2012;91:349–65. 
doi:10.1016/j.apenergy.2011.09.038. 

[7] Blarke MB, Lund H. Large-scale heat pumps in sustainable energy systems: System and 
project perspectives. Therm Sci Eng Prog 2007;11:143–52. doi:10.2298/TSCI0703143B. 

[8] David A, Mathiesen BV, Averfalk H, Werner S, Lund H. Heat Roadmap Europe: Large-Scale 
Electric Heat Pumps in District Heating Systems. Energies 2017;10:578. 
doi:10.3390/en10040578. 

[9] Bloess A, Schill WP, Zerrahn A. Power-to-heat for renewable energy integration: A review 
of technologies, modeling approaches, and flexibility potentials. Appl Energy 
2018;212:1611–26. doi:10.1016/j.apenergy.2017.12.073. 

[10] Mathiesen BV, Lund H, Connolly D, Wenzel H, Østergaard PA, Möller B, et al. Smart 
Energy Systems for coherent 100% renewable energy and transport solutions. Appl 
Energy 2015;145:139–54. doi:10.1016/j.apenergy.2015.01.075. 

[11] Energinet.dk. Introduktion til systemydelser 2017:1–12. 

[12] Kuprat M, Bendig M, Pfeiffer K. Possible role of power-to-heat and power-to-gas as 
flexible loads in German medium voltage networks. Front Energy 2017;11:135–45. 
doi:10.1007/s11708-017-0472-8. 

[13] Levihn F. CHP and heat pumps to balance renewable power production: Lessons from the 
district heating network in Stockholm. Energy 2017;137:670–8. 
doi:10.1016/j.energy.2017.01.118. 

[14] Averfalk H, Ingvarsson P, Persson U, Werner S, Industry D. On the use of surplus 
electricity in district heating systems. Proc. from 14th Int. Symp. Dist. Heat. Cool. Sept. 6-
10, 2014 Stock. Sweden, 2014, p. 7–12. 

[15] Storesund J. Handbok för livslängdsarbete med energianläggningar - Utgåva 2 
2004:2.5.5-1-2.5.5-11. 

[16] Fischer D, Madani H. On heat pumps in smart grids: A review. REHVA J 2017;70:342–57. 
doi:http://dx.doi.org/10.1016/j.rser.2016.11.182. 

[17] Romero Rodríguez L, Brennenstuhl M, Yadack M, Boch P, Eicker U. Heuristic optimization 
of clusters of heat pumps: A simulation and case study of residential frequency reserve. 
Appl Energy 2019;233–234:943–58. doi:10.1016/j.apenergy.2018.09.103. 



[18] Müller FL, Jansen B. Large-scale demonstration of precise demand response provided by 
residential heat pumps. Appl Energy 2019;239:836–45. 
doi:10.1016/j.apenergy.2019.01.202. 

[19] Dengiz T, Jochem P, Fichtner W. Demand response with heuristic control strategies for 
modulating heat pumps. Appl Energy 2019;238:1346–60. 
doi:10.1016/j.apenergy.2018.12.008. 

[20] Kim YJ, Fuentes E, Norford LK. Experimental Study of Grid Frequency Regulation Ancillary 
Service of a Variable Speed Heat Pump. IEEE Trans Power Syst 2016;31:3090–9. 
doi:10.1109/TPWRS.2015.2472497. 

[21] Meesenburg W, Kofler R, Ommen T, Markussen WB, Elmegaard B. Design considerations 
for dynamically operated large-scale ammonia heat pumps. 25th IIR Int. Congr. Refrig., 
2019. doi:10.18462/iir.icr.2019.1203. 

[22] Wilson JA, Jones WE. Influence of plant design on refrigeration circuit control and 
operation. Fourth Eur. Symp. Comput. Aided Process Eng. ESCAPE 3, 1994. 

[23] Johnson Controls Denmark ApS. Personal communication with Simon Stubkier 2019. 

[24] R. W. Rasmussen, MacArthur JW, Grald EW, Nowakowski GA. Performance of Engine-
Driven Heat Pumps under Cycling Conditions. Symp ASHRAE Trans 1987;93:1079–90. 

[25] Goldschmidt VW, Hart GH. Heat pump System performance: Experimental and 
Theoretical Results. ASHRAE Trans 1982;88:479–89. 

[26] Murphy WE, Goldschmidt VW. Cyclic Characteristics of a Typical Residential Air 
Conditioner - Modeling of Start-Up Transients. ASHRAE Trans 1985;91. 

[27] MacArthur JW, Grald EW. Prediction of Cyclic Heat Pump Performance with a Fully 
Distributed Model and a Comparison with Experimental Data. Symp ASHRAE Trans 
1987;93. 

[28] Rasmussen BP, Shenoy B. Dynamic modeling for vapor compression systems-Part II: 
Simulation tutorial. HVAC R Res 2012;18:956–73. doi:10.1080/10789669.2011.582917. 

[29] Modelica Association. Modelica and the Modelica Standard Library 2017. 
http://www.modelica.org (accessed October 31, 2017). 

[30] Li P, Li Y, Seem JE, Qiao H, Li X, Winkler J. Recent advances in dynamic modeling of HVAC 
equipment. Part 2: Modelica-based modeling. HVAC R Res 2014;20:150–61. 
doi:10.1080/10789669.2013.836876. 

[31] Kjeld TFG. EnergyLab Nordhavn Delivery no.: D5.5a - Optimum supply of an island district 
heating grid by a local heat plant. 2019. 

[32] TLK Thermo GmbH & IfT. TIL 3.4 – Model library for thermal components and systems 
2017. 

[33] Lemmon EW, Huber ML, McLinden MO. REFPROP - Reference Fluid Thermodynamic and 
Transport Properties - NIST Standard reference Database 23, Version 9.1 2013. 



[34] Ayub ZH, Khan TS, Salam S, Nawaz K, Ayub AH, Khan MS. Literature survey and a 
universal evaporation correlation for plate type heat exchangers. Int J Refrig 
2018;99:408–18. doi:10.1016/j.ijrefrig.2018.09.008. 

[35] Yan YY, Lio HC, Lin TF. Condensation heat transfer and pressure drop of refrigerant R-
134a in a plate heat exchanger. Int J Heat Mass Transf 1999;42:993–1006. 
doi:10.1016/S0017-9310(98)00217-8. 

[36] Martin H. A theoretical approach to predict the performance of chevron-type plate heat 
exchangers. Chem Eng Process Process Intensif 1996;35:301–10. doi:10.1016/0255-
2701(95)04129-X. 

[37] Johnson Controls - Sabroe. COMP1 - Heat pump quick selection tool n.d. 
https://www.sabroe.com/en/products/sales-tools/comp1/ (accessed November 18, 
2019). 

[38] Kuhn U. Eine praxisnahe Einstellregel für PID-Regler: Die T-Summen-Regel (A practical 
parametrization rule for PID-conrollers: The T-sum-rule). Autom Prax 1995;37:10–6. 

[39] Alfa Laval AB. CAS 5 Version 5.62.0.01 2016. 

[40] Dassault Systèmes AB. Dymola User Manual Vol 2. vol. 2. n.d. 

[41] Metropolis N, Ulam S. The Monte Carlo Method. J Am Stat Assoc 1949;44:335–41. 
doi:10.1080/01621459.1949.10483310. 

[42] Ayub Z. World’s Largest Ammonia Heat Pump (14 MWh) for District Heating in Norway—
A Case Study. Heat Transf Eng 2016;37. doi:10.1080/01457632.2015.1052716. 

  



A. Appendix 
Table 5 Main component specifications. Calibrated parameters are marked with *.  

Component Parameter Value Reference 

Low-stage compressor Displacement 0.0094 m3 [37] 
High-stage-compressor Displacement 0.0037 m3 [37] 

Relative dead space 4 %  
Charge valve delay 0.4·10-3 s  
Total heat transfer 
coefficient* 

250 W/K  

Ambient temperature 20 °C  
Desuperheater Heat transfer model VLE -

Single-phase 
Martin’s correlation [36] 

 Heat transfer model VLE - 
Condensation 

Yan’s correlation [35] 

 Pressure drop model VLE Assumption: Δp = 0  
 Heat transfer model water Martin’s correlation [36] 
 Pressure drop model 

water 
Assumption: Δp = 0  

 Plate length 0.719 m  
 Plate width 0.326 m  
 Chevron-Angle* 30 °  
 Corrugation amplitude* 1.33·10-3 m  
 Corrugation wave length* 15·10-3 m  
 Plate thickness 0.8·10-3 m  
 Plate material Stainless steel  
 Number of plates 42  
 Number of cells 

(discretisation) 
5  

Condenser Heat transfer model VLE -
Single-phase 

Martin’s correlation [36] 

 Heat transfer model VLE - 
Condensation 

Yan’s correlation [35] 

 Pressure drop model VLE Assumption: Δp = 0  
 Heat transfer model water Martin’s correlation [36] 
 Pressure drop model 

water 
Assumption: Δp = 0  

 Plate length 0.719 m  
 Plate width 0.326 m  
 Chevron-Angle* 30 °  
 Corrugation amplitude* 0.83·10-3 m  
 Corrugation wave length* 13.9·10-3 m  
 Plate thickness 0.8·10-3 m  
 Plate material Stainless steel  



 Number of plates 58  
 Number of cells 

(discretisation) 
5  

Subcooler Heat transfer model VLE -
Single-phase 

Martin’s correlation [36] 

 Heat transfer model VLE - 
Condensation 

Yan’s correlation [35] 

 Pressure drop model VLE Assumption: Δp = 0  
 Heat transfer model water Martin’s correlation [36] 
 Pressure drop model 

water 
Assumption: Δp = 0  

 Plate length 0.719 m  
 Plate width 0.326 m  
 Chevron-Angle* 30 °  
 Corrugation amplitude* 1.206·10-3 m  
 Corrugation wave length* 15·10-3 m  
 Plate thickness 0.8·10-3 m  
 Plate material Stainless steel  
 Number of plates 24  
 Number of cells 

(discretisation) 
5  

Evaporator Heat transfer model VLE -
Single-phase 

Martin’s correlation [36] 

 Heat transfer model VLE - 
Evaporation 

Ayub’s correlation [34] 

 Pressure drop model VLE Quadratic mass flow 
dependent  

(ṁnom = 0.69
kg

s
,

Δpnom = 0.004 bar) 

 

 Heat transfer model water Martin’s correlation [36] 
 Pressure drop model 

water 
Assumption: Δp = 0  

 Plate length 0.719 m  
 Plate width 0.37 m  
 Chevron-Angle* 60 °  
 Corrugation amplitude* 0.95·10-3 m  
 Corrugation wave length* 15·10-3 m  
 Plate thickness 0.6·10-3 m  
 Plate material Titanium  
 Number of plates 240  
 Number of cells 

(discretisation) 
5  

Open flash intercooler Volume 1.27 m3  



 Initial fluid level 8 %  
Separator Volume 0.83 m3  
 Initial fluid level 4.3 %  
Auxiliary pump  Efficiency 1  
 Fixed pressure increase 0.004 bar  
High-stage expansion valve Effective flow area (full 

load)  
1.34·10-5 m2  

Low-stage expansion valve Effective flow area (full 
load) 

1.75·10-5 m2  

PI-control source outlet 
temperature / low-stage 
compressor 

Gain factor -2.11  

 Time constant 10 s  
 Constrained ramp rate 

(integral part)* 
0.05 1/s2  

PI-control intermediate 
pressure / high-stage 
compressor 

Gain factor -1.04·10-5  

 Time constant 11.5 s  
PI-control condensation 
pressure / sink mass flow 

Gain factor 0.16·10-5  

 Time constant 5 s  
PI-control vapour quality at 
condenser outlet / high-
stage expansion valve 

Gain factor 7.87·10-5  

 Time constant 20.75 s  
PI-control fluid level in OFIC 
/ low-stage expansion valve 

Gain factor -2.56·10-4  

 Time constant 40 s  
PI-control power / low-
stage compressor 

Gain factor   

 Time constant   
PID-control evaporation 
pressure / low-stage 
expansion valve 

Gain factor 1.30·10-9  

 Time constant (Integral) 2.65 s  
 Time constant (Derivative) 0.67  
PI-control source outlet 
temperature/ source mass 
flow rate 

Gain factor 2.68  

 Time constant 20 s  

 


