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Abstract
Optimal heat exchanger (HEX) design and accurate estimation of its performance is of
paramount importance to improve the energy efficiency and the economic feasibility of
heat pump systems. A plate heat exchanger (PHE) is a multi-channel HEX configuration,
which attracted intense industrial attention due to enhanced heat transfer in a relatively
compact design compared to traditional configurations. Moreover, due to the possibility
of setting the flow in a counter-current arrangement, PHEs constitute an ideal solution
to match the temperature glide of zeotropic mixtures during phase change with the
secondary fluid temperature profile, thus reducing the irreversibility due to heat transfer.

This PhD thesis presents detailed numerical models of PHE evaporators and condensers
using pure and mixed refrigerants. The numerical models were implemented based on both
one-dimensional and two-dimensional discretization of the HEX, with the aim of simulating
channel-to-channel flow maldistribution. The PHE models were further integrated with
design and off-design models of single-stage vapour compression heat pumps, in order to
evaluate the impact of HEX design and performance on the thermodynamic and economic
performance indicators of the cycle. Additionally, the presented models were validated
against available experimental data for both pure fluids and zeotropic mixtures.

The developed modelling framework was subsequently applied to case studies in order to
address research gaps in the field of PHE technology. First, a comparison of different
correlations to compute the evaporation heat transfer coefficient of zeotropic mixtures was
carried out, with the aim of deriving recommendations on the most suitable ones. Each
correlation was applied to the PHE model to compute the local heat transfer coefficient,
and the calculated heat flow rate was subsequently compared to experimental data for
zeotropic mixtures of carbon dioxide (CO2)/propane at different mass compositions.

Second, guidelines for PHE evaporators and condensers design were derived. It was
shown that condenser pressure drop solely affects the economic feasibility of the heat
pump, while an optimal trade-off between heat transfer area and pressure drop of the
PHE evaporator must be ensured to optimize the system thermodynamic and economic
performance. Moreover, a methodology to derive simplified guidelines for the design
of optimal PHE evaporators was formulated and applied to a case study of heat pump
integration in a spray drying facility for waste heat recovery purposes.
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Abstract/Resumé

Last, a study on the impact of flow maldistribution on the performance of PHE evapora-
tors was carried out. Specifically, the impact of liquid/vapour non-uniformities at the
evaporator inlet and the effect of end plates were estimated on a PHE evaporator using
two pure fluids and two zeotropic mixtures as refrigerants. The impact of maldistribution
on the heat pump thermodynamic performance was subsequently evaluated by an inte-
grated PHE - heat pump model. The evaporator degradation was thus translated into a
reduction of the thermodynamic performance of the heat pump, negatively impacting
the system operating costs.
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Resumé
Optimalt design af varmevekslere samt en præcis estimering af deres ydeevne er altafgø-
rende for at kunne forbedre energieffektiviteten samt økonomien for varmepumpesystemer.
En pladevarmeveksler (PHE) er en varmevekslerkonfiguration, som har tiltrukket sig stor
industriel interesse pga. en forbedret varmetransmission i et relativt kompakt design sam-
menlignet med traditionelle konfigurationer. Desuden udgør PHEs en ideel løsning til at
matche zeotropiske blandingers temperaturglidning under fasesovergang med den sekun-
dære fluids temperaturprofil pga. muligheden for at anvende en modstrømskonfiguration i
varmeveksleren. Derved reduceres den irreversibilitet som er grundet varmtransmissionen.

I denne ph.d. afhandling præsenteres detaljerede numeriske modeller af PHE fordampere
og kondensatorer med både rene og blandede kølemidler. De numeriske modeller er
baseret på både en-dimensionel og to-dimensionel diskretisering af varmeveksleren med
det mål at kunne simulere en ulige strømningsfordeling mellem kanalerne i varmeveksleren.
Komponentmodellerne er endvidere blevet integreret med design og off-design modeller af
et-trins-kompressionsvarmepumper for at kunne evaluere effekten af varmevekslerdesign
og -performance på indikatorer for den termodynamiske og økonomiske performance af
varmepumpesystemet. De præsenterede modeller er valideret med eksperimentelle data
for både rene kølemidler samt zeotropiske blandinger.

De udviklede modeller er blevet anvendt i forskellige case studies for at adressere forsk-
ningsmæssige huller på pladevarmevekslerområdet. Først blev en sammenligning udført
af forskellige korrelationer til at beregne varmetransmissionskoefficienten under fordamp-
ningen af zeotropiske blandinger med det formål at udarbejde anbefalinger af de mest
velegnede korrelationer. Det blev gjort ved at anvende korrelationerne i PHE modellen
til at beregne den lokale varmetransmissionskoefficient, hvorefter varmestrømningshastig-
heden blev beregnet og sammenlignet med eksperimentelle data for karbondioxid/propan
blandinger med forskellige blandingsforhold.

Derefter er retningslinjer blevet udledt for PHE fordamper- og kondensatordesigns. Det
blev vist, at tryktab i kondensatoren kun påvirker økonomien for varmepumpen, mens
et optimalt trade-off mellem varmetransmissionsareal og tryktab i PHE fordampere må
sikres for at optimere systemets termodynamiske og økonomiske performance. Endvidere
blev en metode til at udlede simplificerede retningslinjer for optimalt design af PHE
fordampere formuleret og anvendt i et case study, hvor en varmepumpe integreres i et
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Abstract/Resumé

sprøjtetørringsanlæg for waste heat recovery.

Til sidst er et studie af indflydelsen af en ulige strømningsfordeling i PHE fordampere
på fordamperens performance blevet udført. Særligt blev indflydelsen af væske/damp-
uensartetheden ved indløbet til fordamperen samt effekten af endeplader på en PHE
fordamperens performance estimeret ved anvendelse af to rene fluider og to zeotropiske
blandinger som kølemidler. Indflydelsen af en ulige strømningsfordeling på varmepum-
pens termodynamiske performance blev efterfølgende evalueret med en integreret PHE-
varmepumpe model. Fordamperens degradering blev derved omsat til en reduktion af
varmepumpens termodynamiske performance, og påvirker dermed negativt på systemets
driftsomkostninger.
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1 Introduction

This chapter illustrates the state of the art on plate heat exchanger technology, and
delineates the open research questions that motivated the work carried out during the
PhD project. A literature review on plate heat exchangers is presented, followed by
research objectives, methods and structure of the thesis.

1.1 Background

The Paris Agreement [1] signed by the United Nations in 2016 defined ambitious targets
to mitigate the effects of global warming related to the greenhouse gas (GHG) emissions.
A reduction of GHG emissions by 80 % to 95 % compared to the level in 1990 is targeted
by 2050 by the European Union (EU), and national strategies were adopted by each
country to achieve these goals. The International Energy Agency identified heating and
cooling in buildings and industry to account for 40 % of the final energy consumption,
with 65 % of the demand currently relying on fossil fuels [2]. Reducing the related GHG
emissions is thus of paramount importance to achieve the goals set by the EU. Heat
pumps, combined with district heating and cooling networks, and use of renewable energy
sources, are envisaged as a promising technology for the targeted decarbonisation goals
[3].

Denmark has a large potential for waste heat recovery, with the possibility to recover a
total of 212 PJ per year, with 23 % coming from the industrial sector [4]. Moreover, 5%
of the current Danish heating demand could be potentially covered by using industrial
excess heat with economically feasible technologies [5]. In fact, excess heat can be used as
the low-temperature level heat source of heat pumps, which can subsequently provide heat
at the higher-temperature levels required by many industrial and domestic applications.

Due to the promising numbers in terms of waste heat recovery potential and availability
of low-temperature heat sources in Denmark, the THERMCYC project - Advanced
thermodynamic cycles utilizing low-temperature heat sources [6]- was initiated and coordi-
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nated by the Technical University of Denmark. The project aimed at achieving further
developments in the current state of the art of organic Rankine cycle (ORC) power
systems and heat pumps. The improvements were estimated to yield a 15 % reduction in
the Danish energy consumption for the industrial sectors, and a subsequent cut of 8.8
million tons of annual GHG emissions.

In the THERMCYC project framework, advances in cycles, components and working
fluids were investigated. The present PhD thesis presents the research efforts aimed at
further advancing the heat transfer equipment design. Heat exchangers (HEXs) are, in
fact, core components in both heat pumps and ORCs, and their optimized design is thus
a key-aspect to improve the energy efficiency and economic feasibility of these systems.

The focus of the work was the design and performance analysis of HEXs for heat
pumps operating with waste heat recovery applications and district heating networks.
In conventional vapour compression systems, heat exchangers are employed as both
evaporator and condenser units, as well as internal HEXs. Among different HEX designs,
plate heat exchangers (PHEs) attracted intense industrial attention, because of the
possibility to enhance the heat transfer coefficient in a relatively compact design compared
to other configurations. Compactness is of particular concern for future development
in refrigerating and heat pumping equipment, since a smaller internal volume entails a
reduction of the refrigerant charge. This consitutes an imperative feature to operate the
equipment safely with flammable natural refrigerants (or mixtures of natural refrigerants),
which will be replacing most conventional fluids due to their phase-out, according to the
Kigali amendment to the Montreal protocol [7].

In light of the previous considerations, this PhD thesis aims at addressing current research
gaps in the field of PHEs and their integration in heat pumps using pure fluids and
zeotropic mixtures of natural refrigerants. The learnings gained during the project are
thus envisioned to contribute with new relevant knowledge in the field of PHEs, together
with fostering the development of the next generation heat pump systems.

1.2 Literature review
This section reviews the state of the art of PHE technology, followed by advantages
and disadvantages of using zeotropic mixtures as working fluids for heat pump systems.
Moreover, different considerations related to the estimation of PHE performance, also
considering maldistribution effects, and the adoption of different design approaches, are
presented. The objective of the literature review is to identify the research challenges
addressed by the PhD thesis.
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1.2.1 Plate heat exchangers: technology and applications

Plate heat exchangers are comprised of thin parallel rectangular plates, typically manu-
factured in stainless steel, stacked together to form parallel channels for fluid flow, as
shown in Fig.1.1. The characteristic plate corrugation pattern provides a larger heat
transfer area while modifying the flow pattern with the aim of enhancing the heat transfer
performance. The plates are stacked together so that the mass flow rate of hot and cold
fluids alternate in the passages. The figure shows a counter-current flow arrangement,
with the cold and hot media flowing upward and downward, respectively.

The application of PHE started in 1923 for milk pasteurization in the dairy industry, as
gasketed PHEs. In this configuration, the plates are sealed around the edges by gaskets
and held by a frame. The gaskets are also employed to direct the flow to the inter-plate
passages. Gasketed PHEs found a wide range of applications as liquid-to-liquid HEX, in
different industrial sectors. Main advantages are given by the ease of mechanical cleaning,
since individual components as plates, frame and gaskets can be easily de-assembled, and
flexibility of design, since the heat transfer area can be modified by adding or removing
plates. Typical operation of gasketed PHEs is however limited to 20 bar and 150 ◦C.
Temperatures up to 250 ◦C can theoretically be achieved depending on the gasket material
[9]. In order to extend the operation range of PHE, welded PHEs are available, and in
particular brazed PHEs are very popular for evaporators and condensers of refrigeration
and heat pumping units. Instead of using gaskets, the plates are brazed using copper or

15www.danfoss.com | SONDEX® Traditional Heat Exchangers

Heat Transfer  
Passing energy from one media to another in order to either heat 
up or cool down the media, is the basis of heat transfer. This can be 
done by treating the media in a heat exchanger. 

SONDEX® plate heat exchangers use highly efficient flow plates 
to achieve the heat transfer, and are superior to tubular heat 
exchangers and other plate heat exchanger designs in terms of heat 
transfer efficiency, space requirements and ease of maintenance.

Distribution of the Media 
The media are circulated in a counter-current flow within the plate 
heat exchanger and are introduced into the system via the inlets. 
From the inlets, the media cascade through the distribution area 
which is specially designed to eliminate “dead zones” and ensure an 
optimal, even distribution of the media across the heat transmission 
area of the plates.

Heat Transmission Area 
The heat transmission area is the most important part of the plate 
when it comes to the heat transfer itself. The warm media transfers 
its energy through the plate, to cold media on the opposing side of 
the plate. The plates act as “separators” that prevent the media from 
mixing.
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The media flow through the channels of the pattern that is pressed 
into the heat transmission area of each plate. The patterns are 
available in numerous types, each with its own unique properties 
and purpose. As such, the patterns have great impact on the heat 
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Working principle of a SONDEX® Traditional plate heat exchanger.
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Figure 1.1: Working principle of a Sondex AS [8] gasketed PHE
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Figure 1.2: Operability limit of different PHE designs (adapted from [11, 12])

brazing material, resulting in a very compact, self-contained configuration. Fully welded
PHEs are constituted by a completely welded pack of plates bolted to end plates and
a frame. However, both brazed and welded PHEs do not have the flexibility and ease
of cleaning of the gasketed PHE design, yet the welding process provides them with a
structural integrity superior to gasketed PHEs [10].

The operability limits of the different types of PHEs are reported in Fig. 1.2. For higher
operating pressure and temperature compared to welded PHEs (e.g. 50 bar and 400
◦C), shell-and-plate configurations were introduced in the early 1990s, with the aim of
merging shell-and-tube and PHE designs. Karellas et al. [11] proposed the application of
shell and plate configuration in ORCs, since they can reach operating pressure up to 150
bar, while keeping the compactness of PHE design. In order to exploit the entire shell
area, circular plates are typically manufactured.

Regardless of the type chosen, the most typical corrugation pattern that the plates
are manufactured with, is termed chevron or herringbone corrugation. The corrugation
geometry is a key-feature influencing thermal and hydraulic performances of PHEs. When
the plates are stacked together, the corrugation of two successive plates is rotated of
180◦so that the plates are in contact in multiple points. The corrugation serves to increase
the plate heat transfer area, to enhance the heat transfer coefficient and to improve the
mechanical integrity of the component [10].

In the following sections, three topics related to PHEs and their application in heat pump
systems are introduced. First, the use of zeotropic mixtures in thermodynamic cycles is
explained, and current issues in accurately determining the performance of these fluids
in PHEs are highlighted. A reliable estimation of the performance of PHEs integrated
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in thermodynamic cycles is, in fact, necessary to correctly design the components.
Therefore, the review continues by presenting different approaches to design HEXs in
thermodynamic cycles, and to obtaine optimized designs from both thermodynamic and
economic perspectives. Last, the issue of flow maldistribution in PHEs, hindering the
performance at both component and thermodynamic cycle level, is presented.

1.2.2 The use of zeotropic mixtures as working fluids in heat pumps

Zeotropic mixtures are blends of two or more components, with different mass fractions
of the liquid and vapour phases at thermodynamic phase equilibrium. Therefore, the
temperature at bubble and dew points differ at any saturation pressure and the mixture
undergoes a temperature glide during phase change. The use of zeotropic mixtures as
working fluids for heat pumps offers the possibility of optimizing the cycle thermodynamic
efficiency by reducing the exergy destruction in the HEXs. Due to non-isothermal
evaporation and condensation, the irreversibility in the HEXs can be reduced by matching
the working fluid temperature glide with the heat source and heat sink temperature
profiles.

Fig. 1.3 (a) shows a simple configuration of single-stage vapour compression heat pump,
with four components, namely evaporator, compressor, condenser and throttling valve.
In Fig. 1.3 (b) an example of temperature - heat (T-Q) diagram is shown for a mixture of
propylene/butane at (0.5/0.5) mass composition, for both evaporator and condenser. The
heat transfer irreversibility is related to the area included between the black temperature
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Figure 1.3: (a) Flow sheet of a single-stage vapour compression heat pump,
and (b) Temperature - heat diagram for a case study with propylene/butane
(0.5/0.5) as working fluid (adapted from [13])
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profiles (refrigerant) and the heat source/sink temperature profiles (red/blue lines).
Due to the mixture characteristic temperature glide, this irreversibility can be reduced
compared to the constant temperature profile of pure fluids.

Zeotropic mixtures of natural refrigerants like hydrcocarbons (HCs) and carbon dioxide
(CO2) is one possibility of replacing the most conventional refrigerants, given their null
Ozone Depletion Potential (ODP) and negligible Global Warming Potential (GWP)
together with thermophysical properties favorable to heat transfer [14]. Moreover,
utilizing mixtures of HCs and CO2 mitigates typical problems encountered with system
operating with pure CO2 or HCs: high operating pressure and flammability [15]. In
this regard, several experimental and numerical studies focused on the utilization of
zeotropic mixtures of pure HCs or HCs and CO2, demonstrating an increase in the
cycle thermodynamic performance as well as reduced operating pressures [13, 15–23].
As an example, Bouteiller et al. [22] and Tobaly et al. [23] experimentally investigated
the performance of a heat pump using CO2/propane at different mass compositions
in a transcritical vapour compression refrigerating cycle, obtaining a Coefficient of
Performance (COP) increase between 10 % and 15 % without loosing cooling capacity.
Garg et al. [24] further proposed to use mixtures of CO2 with propane and isopentane in
organic Rankine cycles for medium temperature applications. Zühlsdorf et al. [13, 20, 21]
demonstrated the possibility of enhancing the heat pump COP by simulating the use
of zeotropic mixtures as working fluids in conventional single-stage vapour compression
systems. The effect of temperature glide matching in the evaporator was found to have a
dominating effect compared to the condenser [20]. The performance improvement was
quantified for different case studies. For a small-scale booster heat pump integrated in a
district heating network, a 30 % improvement in the COP was found compared to the
best performing pure refrigerant [21]. For a larger scale heat pump to recover waste heat
from data centres a 30 % increase of system COP and best economic performance were
obtained using a mixture of propylene/butane at (0.6/0.4) mass composition [13].

As a drawback entailed by zeotropic mixtures utilization, larger heat transfer areas are
usually required for the HEXs, due to (i) a lower temperature difference between the
refrigerant and the secondary fluids and (ii) a degradation of the heat transfer coefficient
during both evaporation and condensation, which was observed in several experimental
studies [25]. PHEs constitute thus a suitable evaporator and condenser configuration for
these working fluids, due to the high compactness of their design and the possibility to
set the flow in a counter-current configuration, which is imperative to attain the desired
temperature glide matching between mixture and secondary fluid.

In light of the previous considerations, tools to correctly design and analyse the per-
formance of PHEs are necessary to optimize the thermodynamic cycles where they are
integrated. In particular, the use of suitable heat transfer and pressure drop correlations
is of paramount importance to accurately simulate the HEX behaviour. Literature reports
limited studies on condensation and evaporation in PHEs, and no study is currently
available to predict the heat transfer and fluid flow characteristics of mixtures of natural
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refrigerants in PHEs [26]. The only study concerning zeotropic mixtures in PHEs was
conducted for ammonia/water [27], which is subject to very large glides and presents very
different characteristics compared to other natural refrigerants. On the other hand, sev-
eral studies focused on evaluating heat transfer and fluid flow characteristics of zeotropic
mixtures in vertical and horizontal tubes. However, results for tubular geometry cannot
be directly extended to smaller corrugated channels by simply substituting the tube
diameter with the PHE hydraulic diameter, as demonstrated by Vakili-Farahani et al.
[28].

1.2.3 Heat exchanger design guidelines

When designing HEXs for a given application, different criteria can be adopted to select
the geometrical configuration. The pressure drop of one or both fluids may be limited
to a maximum allowable value [9, 29], and the heat transfer area can be minimized for
a full utilization of the available pressure loss, as applied by Gut and Pinto [30]. For
single-phase HEXs, the pressure drop limitations could also be translated into maximum
gas and liquid phase velocities at the inlet, and typical design values can be found in
literature for a number of heat exchanger configurations [29]. These values are often
based on empirical experience from manufacturers and the extension to other types of
cases(e.g. zeotropic mixtures and/or phase change) is not straightforward.

Following other design approaches, the HEX can be optimized by carrying out a cost
minimization problem without a maximum pressure drop limitation, thus evaluating
the trade-off between heat transfer area and pressure drop. Several previous studies
approached the problem by considering solely the cost related to the HEX, namely the
investment cost and the pumping and compression costs related to the two working fluids,
for a general HEX configuration [31, 32], for shell and tube HEXs [33] and for PHEs
[34, 35]. However, the economic analyses lacked assessment of the interaction between
the thermodynamic cycle and the HEXs, whose performance strongly affects the cycle
operation and costs.

Furthermore, despite numerous studies [36–40] can be found on simultaneous optimization
of PHE evaporators and/or condensers and thermodynamic cycle, pressure drop on the
working fluid side is most often neglected. The pressure drops are in fact only considered
as pumping cost on the heat source/sink side, and none of the studies assessed the impact
of the working fluid pressure drop on the thermodynamic state at the component outlet.
The results of the optimization are therefore solely valid if the HEX operates ideally at
the design point with no pressure drop. Some works were for instance related to the
assessment of the impact of some specific cycle parameters on the PHE design [36, 37],
while other studies performed a combined cycle-PHE optimization procedure with the
aim of maximizing the cycle efficiency [38], and by including also an economic analysis
[39, 40].
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Brignoli et al. [41], Cavallini et al. [42], Brown et al. [43, 44] on the other hand highlighted
the importance of taking the refrigerant pressure drop into account for optimal HEX
design, especially when comparing different working fluids. Cavallini et al. [42] introduced
a Performance Evaluation Criteria for in-tube condensation, dividing it into two contribu-
tions: a Penalty Factor related to heat transfer irreversibility due to the finite temperature
difference between the two fluids, and a Total Temperature Penalization Term related to
the saturation temperature decrease following the refrigerant pressure drop. The method
was applied to obtain an optimal tube length for a case study of an air-cooled condenser
in an air conditioning system. The same method was extended by Brown et al. [43, 44]
to flow boiling, and applied to compare different refrigerants for a given application. The
main findings of their research were summarized by Brignoli et al. [41], with focus on
fin-and-tube evaporator geometry, typical in Heating, Ventilation and Air-Conditioning
(HVAC) systems in the US. The authors not only stressed the importance of taking
pressure drop into account to optimize HEXs in refrigerating equipment, but additionally
stressed how different refrigerants are differently sensitive to pressure drops, depending on
their characteristic properties. Therefore, when comparing different refrigerants for the
same application, the HEX geometry must be optimized as a trade-off between pressure
drop and heat transfer area for each different fluid, since the same geometry may lead to
suboptimal solutions in some cases. This is an opposite approach compared to fixing a
maximum allowable pressure drop or inlet velocities, since the ranking of the working
fluids in terms of both thermodynamic and economic performance may change depending
on the heuristic criterion chosen.

The approach by Brignoli et al. [41] suggests to optimize the HEX design for each
considered working fluid. However, a simultaneous component-system optimization may
entail a demanding computational cost, especially during the preliminary system design
phase. When screening several mixtures that are combinations of pure refrigerants
evaluated at many different mass compositions, as suggested by Zühlsdorf et al. [13], this
approach require too many evaluation of system performance, and the HEX design would
be unnecessarily optimized for working fluids which will eventually not result as suitable
candidates. A simplified approach and appropriate design guidelines would thus enable a
faster screening of a wide range of fluids, while a full HEX optimization can be carried
out at a later stage of the design process.

1.2.4 Maldistribution in plate heat exchangers

The occurrence of flow maldistribution can degrade the performance of multiple channels
HEXs. Mueller and Chiou [45] published the first work defining maldistribution within
the context of HEX design, namely as a non-uniform mass flow distribution of the
working fluids entailing a degradation of heat transfer. They additionally conducted an
extensive review on the main causes of maldistribution, identifying three main origins:
entry problems due to improper nozzle design, self-induced maldistribution by fluid flow
characteristics, e.g. viscous or two-phase flow, and fouling and corrosion effects. In PHEs,

8



1.2. Literature review

maldistribution leads to three three main effects: (i) uneven channel-to-channel mass
flow rate distribution, (ii) uneven in-channel (e.g. along the plate width) mass flow rate
distribution , and (iii) effect of end plates, i.e. the different heat transfer area of the
outer-most PHE channels causes a modification of the mass flow distribution.

Single-phase channel-to-channel maldistribution in PHEs has been described analytically
[46–49], numerically [50] and experimentally [51–55]. Most of the works focused on the
effects of channel-to-channel maldistribution. Bassiouny and Martin [46, 47] studied the
uneven distribution of liquid-to-liquid PHEs for both U-type and Z-type flow arrangements
by an analytical model. They propose to compensate the effect by tuning the area ratio
between inlet and outlet fluid ports. A higher performance degradation was found to
occur for smaller manifold port diameters, higher mass flow rates and a higher number
of channels. Rao and Das [51] first studied experimentally the maldistribution effect on
fluid pressure drop for a PHE for single-phase applications, and subsequently used their
data in an analytical model [52], confirming a higher deterioration of heat transfer and
pressure drop for smaller port size, and conversely higher number of channels and larger
mass flow rate. Srihari et al. [48] and Srihari and Das [49] developed analytical models
based on the work of Bassiouny and Martin, in order to study the transient response
of PHEs in single pass and multi-pass configurations, showing how flow maldistribution
affected the performance of the component in both steady state and transient operations.
Further works by Bobbili et al. [53] and Tereda et al. [54] demonstrated the occurrence
of flow maldistribution in U-type configuration PHEs experimentally, again showing a
more severe maldistribution for higher mass flow rates, smaller port diameters and higher
number of channels. Their experimental results displayed a good agreement with the
analytical treatment first developed by Bassiouny and Martin. Li and Hrnjak [50] assessed
the impact of in-channel flow maldistribution of upward nitrogen flow experimentally,
using the results to validate a Computational Fluid Dynamics (CFD) model of the PHE
header. Jin and Hrnjak [56] focused instead on effect of end-plates. They evaluated the
overestimation of the PHE heat transfer coefficient when the end plates effect is not
considered, and found that the effect is less than 2 % for PHE configurations with more
than 20 plates.

Literature reports only a limited number of studies focusing on two-phase flow maldistribu-
tion in PHEs, while analogous works can be found for two-phase flow maldistristribution
in fin-and-tube [57] or mini-channels evaporators [58–60]. Brix et al. [58, 59] showed that
both air-side maldistribution and liquid vapour non-uniformities have an impact on the
performance degradation of mini-channel evaporators using R134a and CO2, with the lat-
ter being most sensitive to air-side maldistribution. Nielsen et al. [60] demonstrated how
maldistribution effects imply a larger degradation of mini-channel HEX performance when
the plate spacing between the channels is not uniform due to manufacturing tolerances.
Fin-and-tube evaporators were instead investigated by Kærn et al. [57]: the authors
compared face split and interlaced tube circuitries, and found that the interlaced circuitry
outperforms face-split configurations only when flow maldistribution is accounted for.
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In-channel two-phase maldistribution in PHEs was investigated by Jin and Hrnjak [61].
In their work, the flow of R245fa in a single plate channel with transparent walls was
visualized, resulting in large non-uniformities of the mass flow rate and occurrence
of dry-out zones. Nonethless, channel-to-channel maldistribution in evaporators is of
particular relevance especially for vapour-compression cycles. In fact, being the refrigerant
inlet in two-phase after the expansion valve, a non-uniform distribution of the mass
flow rate entails a non-uniform distribution of the vapour quality. In this respect, Vist
and Pettersen [62] investigated two-phase flow distribution in compact HEX manifold
experimentally, dividing the mass flow into ten channels, in both upward and downward
flow configurations. Some of their experimental results are reported in Fig. 1.4 for
upward (a) and downward (b) flow. As shown by the figures, the vapor phase distributed
more easily in the first channels for upward flow, while higher quality was detected in
the last channels for downward flow arrangement. Moreover, a monotonic trend was
observed in both cases. Fig. 1.4 (a) additionally shows the effect of mass flow rate, which
resulted to be insignificant. On the other hand, Fig. 1.4 (b) shows the effect of inlet
vapour quality, which resulted to improve the distribution at higher values. The same
finding was confirmed in a recent study by Mahvi and Garimella [63], where a monotonic
trend of the vapour quality was found as a result of a validated model of a micro-channel
HEX header with two-phase flow. Moreover, for lower values of inlet vapour quality, the
degree of maldistribution was found to be higher, as in [62]. Jensen et al. [64] assessed
the impact of this type of liquid/vapour non-uniform distribution at the inlet of PHE
evaporators by a numerical model, imposing different rates of linear quality variation at
the PHE channels inlet. The study was conducted for a PHE comprised of 20 channels
using R134a as working fluid, resulting in a 25 % reduction of the overall heat transfer
coefficient when a 0.4 difference in inlet vapour quality was imposed to the model.

As an additional aspect to consider, the use of multi-component working fluids entails
a further degree of complexity to the problem. Due to the different compositions of

x ¼ _mmv

_mm
ð1Þ

In the presentation of the results of the two-phase dis-

tribution measurements, the flow ratio in tube no. i is
presented in a normalized manner [14]:

flow ratio ¼ _mm�
k;i ¼

_mmk;i
P10

j¼1 _mmk;j=10
ð2Þ

where k ¼ l (liquid), or k ¼ v (vapour).

3.1. Total mass flow effect on distribution

Fig. 3 shows the distribution of the vapour and liquid

phase separately, as a function of the manifold inlet

mass flow. The inlet vapour fraction is kept constant at
0.27, and the water inlet temperature of the test section

is 50 �C.
Both the vapour and the liquid phase is very un-

equally distributed to the different heat exchanger tubes.

The vapour phase is distributed into the most adjacent

tubes, and the liquid phase is distributed preferentially

to the tubes no. 6–10. The first tube gets 2.5–3.5 times

the MVFR (mean vapour flow rate), and only 0.1–0.3
the MLFR (mean liquid flow rate). The tubes no. 6–10

receives 1.3–1.5 times the MLFR but almost no vapour

phase.

There is little difference in the two-phase distribution

for the three experiments using different total mass flow

values. The rest of the experiments in this work is

therefore run using a total mass flow value of 2.0 kg/

min, which corresponds to 265 kg/(m2 s) in the round
heat exchanger tubes, 166 kg/(m2 s) in the 16 mm man-

ifold and 664 kg/(m2 s) in the 8 mm manifold.

3.2. Evaporator heat load effect on distribution

To investigate the influence of changing heat load on

the evaporator tubes on the two-phase distribution in

the manifold, the water inlet temperature to the evapo-
rator test section was varied: 40, 50 and 60 �C. Fig. 4
shows the vapour and liquid phase distribution using the

ID16 mm manifold and the ID8 mm manifold. The

gross maldistribution of both the liquid and the vapour

phase prevails for the ID16 mm manifold, very little

affected by the load on the heat exchanger tubes. The

same picture is seen for the ID8 mm manifold, although
a little better vapour distribution is seen for the low load

40 �C experiment.

3.3. Vapour fraction effect on distribution

Several experiments have been run to study the in-

fluence of inlet vapour fraction on the two-phase dis-

tribution in the manifold. Fig. 5 shows vapour and
liquid distribution as a function of inlet vapour fraction

to the manifold. At low vapour inlet fraction, x ¼ 0:11,
most of the vapour is taken out in the first tube, both for

the ID16 mm manifold and the ID8 mm manifold. For

increasing vapour fraction the gas is distributed un-

equally to the first five tubes, while almost only liquid

enters the tubes no. 6–10.

Fig. 6 shows the two-phase flow distribution for
downward flow in the heat exchanger tubes for various

inlet vapour fractions at the manifold inlet. Unlike for

the upward flow case, the vapour is now flowing to the

end of the manifold and is distributed in the tubes 4–10

in the ID16 mm manifold, and tubes 3–10 in the ID8

mm manifold. The vapour phase is better distributed in

the ID8 mm manifold compared to the ID16 mm

manifold for all inlet vapour fractions. Increasing the
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inlet vapour fraction evens out the vapour distribution.

The liquid phase is distributed with values of 1.0–1.5

times the MLFR in the tubes no. 1–7, and 0.1–1.0 times

the MLFR in the tubes no. 8–10. Unlike the vapour

fraction distribution, the liquid is better distributed for
the low inlet vapour fraction flows. In the 16 mm

manifold, the liquid is quite evenly distributed for the

inlet vapour fraction of 0.10, but the liquid feeding of

tubes no. 8–10 drops for higher vapour fractions.

3.4. Measured heat load on evaporator tubes

To quantify the importance of two-phase distribution
on the performance of the heat exchanger, the measured

heat load on the 10 evaporator tubes are shown in Figs.

7 and 8. The evaporator tubes are 0.9 m long and water

with an inlet temperature of 50 �C flows countercur-

rently to the refrigerant flow in an outside annulus. The

evaporation temperature of the refrigerant varied from

25.0 to 27.2 �C. For the ID16 mm manifold experiments,

one tube was dried out (superheated gas out of the tube)
in the x ¼ 0:11 experiment, three tubes in the x ¼ 0:28
experiment, five tubes in the x ¼ 0:39 experiment and six

tubes in the x ¼ 0:50 experiment. For the upward tubes

experiments in Fig. 7, it can be seen that both for the

ID8 mm and ID16 mm manifold, the evaporator heat

load varies considerably between the 10 tubes. The dif-

ference in heat load is worst for the high inlet vapour
fraction experiments (x ¼ 0:28–0.50). For the ID16 mm

manifold, only about 1/7 of the heat exchanged in tubes
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Figure 1.4: Mass flow rate distribution for upward (a) and downward (b)
flow [62]
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1.3. Thesis statement

liquid and vapour phases, a non-uniform distribution of the vapour quality between the
PHE channels implies that mass flow rates of mixtures at different compositions are
flowing in the inter-plate passages. The differences among refrigerants and the main
design aspects influencing the sensitivity to maldistribution effects are still open research
questions. Moreover, a performance degradation of the evaporator due to maldistribution
effects additionally causes a degradation of the thermodynamic cycle thermodynamic
performance, and this is an additional aspect to take into consideration. Previous works
addressed the analysis of flow maldistribution effects in air conditioning systems [65] and
heat pumps [66, 67] for fin-and-tube evaporators. Kærn et al. [65], for instance, quantified
a COP reduction of 13 % and 43 % due to liquid/vapour maldistribution and air-side
non uniform flow, respectively. A similar study, quantifying PHE maldistribution effects
on the heat pump COP, would thus be relevant to quantify the potential degradation of
the cycle performance due to the effect of end-plate and liquid/vapour maldistribution.

1.3 Thesis statement
Plate heat exchangers constitute a promising solution as evaporator and condenser units
of heat pump systems using pure fluids and zeotropic mixtures of natural refrigerants as
working fluids. However, the current state of the art lacks a comprehensive understanding
of some aspects, which are summarized as the following research questions.

i Methods to evaluate the performance of zeotropic mixtures in PHE
evaporators

1) What are the methods available to predict the heat transfer and fluid flow
characteristics of zeotropic mixtures in PHE evaporators and what is the
impact of using different methods on the estimation of the PHE evaporator
performance?

ii Derivation of simplified design guidelines

1) What is the relative importance of evaporator and condenser design on the ther-
modynamic performance of heat pumps when using pure fluids and zeotropic
mixtures as working fluids?

2) How is it possible to define an optimal trade-off between heat transfer area and
pressure drop, accounting for the pressure drop impact on the cycle, without
carrying out a full optimization of the component?

3) How is it possible to translate the optimal trade-off into a simplified guideline
to ensure optimal design of PHEs for different working fluids in the preliminary
design phase of heat pumps?

iii Effect of flow maldistribution on evaporator and cycle performance
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Chapter 1. Introduction

1) What is the degradation of PHE evaporator performance if maldistribution
effects are taken into account and what aspects affect the results to the largest
extent?

2) How does the sensitivity to maldistribution differ for pure fluids and mixed
refrigerants, and which fluid properties are most relevant?

3) What is the impact of maldistribution effects on the thermodynamic per-
formance of heat pumps, and how does maldistribution affect the economic
feasibility of the system?

The objectives of the PhD project are therefore defined as:

• to implement an open-access modelling framework to design and evaluate the
performance of PHE evaporators and condensers to be integrated in heat pump
cycles using pure and mixed refrigerants.

• to validate the modelling framework against experimental data of pure fluids and
zeotropic mixtures at different working conditions.

• to develop a coupled PHE-heat pump modelling framework for design and off-design
analysis of component and cycle.

• to use the modelling framework to answer the target research questions and expand
the knowledge in the current state of the art of PHE technology.

1.4 Methods
In order to answer the research questions, simulation tools are developed to predict the
performance of PHEs, as well as to size the component in relevant case studies. The
models are subsequently validated against experimental data. The component models are
then integrated to a heat pump cycle simulation framework. All the models are developed
with the aim of being physically consistent and making use of general formulations that
can be easily adaptable to different case studies and working fluids.

The reader is referred to Chapter 2 for a detailed and comprehensive description of the
modelling work carried out within the PhD project.

1.5 Thesis structure
The PhD thesis is structured as follows:

• Chapter 2 presents the simulations tools developed for design and rating of PHEs,
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1.5. Thesis structure

as well as the integration with cycle calculations. The validation and verification of
the model is also presented.

• Chapter 3 presents the research work aimed at comparing different prediction
methods to evaluate the local heat transfer coefficient of zeotorpic mixtures in PHE
evaporators, and at deriving recommendations on the most suitable methods based
on a comparison with experimental data.

• Chapter 4 illustrates a derivation of design guidelines for evaporator and condenser
design in heat pumps using pure fluids and zeotropic mixtures.

• Chapter 5 quantifies the impact of flow maldistribution on the performance of
PHE evaporators and on the thermodynamic cycles in which they are integrated,
focusing on thermodynamic performance and illustrating the potential impact on
the economic feasibility of heat pumps for a case study.

• To conclude, Chapter 6 highlights the main outcomes of this PhD thesis and
summarizes recommendations for future work.
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2 Simulation tools

This chapter presents a detailed description of the simulation tools that were developed
during the PhD project. The tools include PHE models spatially discretized in both
one-dimension (1D) and two-dimensions (2D). The models were integrated with design
and performance solvers, and could simulate evaporating, condensing, and liquid flow of
pure fluids and mixtures. Moreover, the PHE models were integrated into cycle models
for both design and off-design calculations. The open-access database FigShare provides
access to part of the modelling routines , while the chapter is partially based on the
model documentation published in [M1].

2.1 Background
Physical models at different level of details are needed to solve design, rating and
performance problems for HEXs. Shah [9] defines the design or sizing problem as the
selection of a HEX configuration, flow arrangement, material and calculation of the
geometry, to meet a specified thermal load, and constraining the maximum pressure drop.
Rating problems are instead defined as estimating the heat transfer and pressure drop
performance of HEX with a prescribed geometry. In the rating problem, the operating
conditions of the HEX are specified. A performance problem, instead, is based on the
solution of a rating problem, but the operating conditions are unknown. An example
is given by solving evaporators coupled with heat pumps in off-design conditions: the
geometry is specified as an input but the operating conditions are estimated as outputs
based on specified control values as degree of superheat and suction volume flow rate.

The solution of design, rating and performance problems is typically based on simplified
models of the HEX, which can be based on different approaches. A zero-dimensional model
of the HEX, where a lumped mean heat transfer coefficient and average fluid properties
are used, is a simple method to solve the HEX. The logarithmic mean temperature
difference (LMTD) method and the ε-NTU method can also be applied to design and
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Chapter 2. Simulation tools

estimate the performance of the component [9]. However, evaporators and condensers
require a more accurate modelling due to the large variation of the heat transfer coefficient
and fluid properties during phase-change.

The literature reports several models that were proposed to solve design and rating
problems of HEXs for both single-phase and two-phase flow. Some of the most relevant
work related to PHEs are reported hereafter. Corberán et al. [68, 69] proposed an
explicit model to solve the rating problem of HEXs in any configuration, by a volume
discretization along the flow direction. The model was termed SEWTLE as Semi-Explicit
Wall Temperature Linked Equations, since the wall temperature was used as the iteration
variable for the solution of the overall energy conservation equation. Moreover, the
iterations were based on an explicit formulation of the wall temperature as a function of
the temperature of primary and secondary fluids. Qiao et al. [70] proposed a validated
simulation framework for the rating problem based on discretizing the PHE in slices
of equal heat transfer area along the flow direction and in the different channels. The
solver was able to handle multi-pass flow arrangement and two-phase flow. The model
was further improved by Eldeeb et al. [71], proposing an alternate approach for a faster
convergence. The approach consisted in updating the solution for the fluid flowing
upward and downward alternatively. At a given iteration the local conservation equations
were solved only for one of the fluid, while the properties of the other fluid were kept
equal to the previous iteration values. Gullapalli [72, 73] developed a rating model for
brazed PHEs, and his work was the basis for the commercial software by SWEP SSP G8
[74], which can size HEXs for different application. The approach was based on a 1D
discretization along the fluid flow direction. Constant enthalpy steps were considered, and
enthalpy and pressure chosen as independent variables to define the thermodynamic state
of the working fluids at each volume. Last, Amalfi and Thome [75] proposed a rating
model based on a one-dimensional discretization of the PHE at constant heat transfer
area steps, with particular focus on modelling two-phase flow. Contrary to most common
solvers, the model iterated on the heat flow rate in each CV. All of the aforementioned
solvers needed to be complemented with calculation procedures for fluid properties, as
well as prediction methods to estimate the local heat transfer coefficient and pressure
drop.

2.2 Plate heat exchanger model
In this section, the formulation of the PHE model that was implemented as part of this
thesis work, is presented. Depending on the type of analysis carried out, the different
problems of design, rating and performance were addressed and different solvers were
coupled with the model. However, the mathematical formulation of the PHE model was
analogous in all the cases, i.e. aiming at solving mass, momentum and energy conservation
equations in the PHE. In the following subsection, a detailed description of the PHE
geometry, the governing equations describing the fluid flow and heat transfer mechanism,
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2.2. Plate heat exchanger model

as well as the adopted discretization method and the numerical implementation, is
presented. MATLAB 2017b [76] was used as programming framework.

2.2.1 PHE Geometry

The geometry of a chevron-PHE is determined by plate size and count, and corrugation
specific parameters. An illustrative example is depicted in Fig. 2.1, while Table 2.1
reports the list of the parameters. The plate size is defined by width W and length. The
port-to-port length Lp characterizes the fluid flow lenght, affecting the pressure drop. The
heat transfer length Lht is the effective plate length determining the heat transfer area.
The number of plates defines the number of channels for fluid flow Nch, and thus the total
heat transfer area. The plate thickness t determines the trade-off between mechanical
integrity of the component and wall thermal conductive resistance. The plates are most
commonly manufactured in stainless steel, with a thermal conductivity kw equal to 16.2
W/(mK). Last, the port diameter Dp determines the inlet and outlet pressure drop.

The corrugation geometry is characterized by corrugation pitch Λ, plate spacing (or
corrugation height) b, and chevron angle β. Literature reports different definitions of
β as the angle with the vertical or horizontal axis. In this work, the chevron angle β
is estimated with respect to the horizontal axis (see Fig.2.1), while the complement
θ = 90◦−β indicates the inclination angle, e.g. the angle with the vertical axis. A high
β (equal to a low θ) corresponds to designs resulting in high heat transfer coefficients
and high pressure drop, while a low β entails low pressure drop and lower heat transfer
coefficient. The corrugation geometry is thus a key-set of parameters determining both
heat transfer and pressure drop in the inter-plate passages.

The calculation of the channel hydraulic diameter, free-flow area, and effective heat
transfer area was carried out by using the correlations proposed by Martin [77]. The
hydraulic diameter Dh was estimated by Eq.(2.1).

Dh =
2b
Φ

(2.1)

Here, Φ indicates the enlargement factor, i.e. the ratio between effective and flat plate
area. Φ is determined as a function of corrugation pitch and plate spacing, estimated by
Eq.(2.2).

Φ =
1
6

(
1+

√
1+

(
πb

Λ

)2
+

√
1+ 1

2

(
πb

Λ

)2
)

(2.2)

The free-flow area of each fluid was computed as:

A0 = b ·Nch ·W (2.3)
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where Nch indicates the number of channels in which the considered fluid is flowing. The
total heat transfer area is finally determined by Eq.(2.4). The number of channels in
PHE is typicall an odd number, with the secondary fluid flowing in the outer channels.
Due to the assumption of adiabatic end-plates, the number of channels in Eq.(2.4) must
be referred to the value of the working fluid with the lowest number of channels.

Aht = 2 ·Φ · (W ·Lht) ·Nch (2.4)

𝑊

𝐷p

𝐿ht 𝐿p

𝛽

𝑡

𝛬

𝑏

Figure 2.1: Chevron PHE geometry

Parameter Description
W Plate width
Lp Port-to-port length
Lht Heat transfer length
Nch Number of channels
b Corrugation height
Λ Corrugation pitch
β Chevron angle
θ Inclination angle
t Plate thickness
kw Thermal conductivity

Table 2.1: Geometrical parameters

2.2.2 Governing equations

The governing equations are given by mass, momentum and energy conservation equations.
The following assumptions were considered:

(i) steady state conditions;

(ii) adiabatic end plates, i.e. no heat loss to the environment;

(iii) no longitudinal conduction through the plates;

(iv) liquid and vapour phases flowing at different velocities according to an estimated
slip ratio;

(v) no pressure drop in the PHE manifolds;

(vi) Newtonian working fluids.

Given the PHE geometry, with constant free-flow area A0 for each fluid path, the
steady-state mass conservation equation results in:

G= const. (2.5)
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2.2. Plate heat exchanger model

where G is the mass flux of the fluid flowing in the channel. The momentum equation
was given by Eq.(2.6), where the three terms represent the frictional (fr), gravity (gr) and
acceleration (acc) contributions to the total pressure drop, and f indicates the Fanning
friction factor.

dp

dz
= −2f G2

ρDh
− d(ρgz)

dz
−G2 1

dz

(1
ρ

)
=

(
dp

dz

)
fr
+

(
dp

dz

)
gr
+

(
dp

dz

)
acc

(2.6)

The energy conservation equation in steady state for both primary and secondary fluids
was expressed by Eq.(2.7) for single-phase flow and by Eq.(2.8) for two-phase flow. In
Eq.(2.8), the kinetic contribution to energy balance was neglected.

ṁcp
dT

dz
=

nw∑
m=1

PmUm(Tmw −T ) (2.7)

ṁ
di

dz
=

nw∑
m=1

PmUm(Tmw −T ) (2.8)

Here, i indicates the enthalpy, Pm represents the heat transfer perimeter, z is the direction
of the fluid flow, and nw is the total number of walls that are in contact with the fluid.
The overall heat transfer coefficient Um is determined by the convective heat transfer
coefficient of the fluid and by the conductive resistance of half thickness of wall, and
calculated by:

Um =

( 1
hm

+
t/2
kw

)−1
(2.9)

2.2.3 Discretization approach

Two different approaches were implemented, applying a one-dimensional (1D) and a
two-dimensional (2D) discretization, respectively. The 2D discretization was applied to
the evaporator performance model, since it can account for the flow distribution in the
different channels. The 1D discretization was applied to both evaporator and condenser
design and performance models. The difference between the results of the 1D performance
model of the evaporator and the 2D model with uniform vapour quality distribution at
the inlet allows estimating the effect of end plates, since the flow is assumed to distribute
perfectly even among the different channels in the 1D case. The different discretization
approaches are shown for the example of the evaporator in Fig.2.2, where hs indicates
the heat source (or secondary fluid) and ref the refrigerant cells.

The 2D discretization, represented in Fig.2.2 (b), divides the PHE into n slices along the
flow direction. The grid is further discretized by dividing each slice by the total number
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Figure 2.2: PHE model discretization approaches:(a) 1D ; (b) 2D

of channels. One CV is therefore constituted by a refrigerant or a secondary fluid cell
and half thickness of the plate. Two adjacent refrigerant and secondary fluid CVs share
thus a face at the midpoint of the wall. This kind of discretization allows considering
different mass flow rates (shown by ṁref/hs(j)) at each channel j of the PHE. Fig.2.2
(a) represents the 1D discretization, solely applied along the flow direction. In each slice
two different CV are considered to describe the refrigerant and the secondary fluid flows.
One face of two adjacent CVs is shared also in this case, by placing each CV boundary
at the midpoint of the plate wall.

Note that, in both cases, a centered approach was chosen for wall discretization. Two
adjacent fluid cells shared a boundary at the midpoint of the plate thickness, and the
wall temperature was estimated at the center point between inlet and outlet of both fluid
paths [69].

2.2.4 Numerical model

The momentum (Eq.(2.6)) and energy (Eq.(2.7) and Eq.(2.8)) conservation equations
were integrated in each cell by a finite volume method, since local conservation ensures
global conservation over the entire fluid domain. As shown in Fig.2.2 the total mass
flow rate of one fluid was considered to flow simultaneously in one equivalent channel
with area equivalent to the sum of all channels in the 1D case, while each channel is
considered separately in the 2D case.

Fig. 2.3 shows the details of the discretization schemes in both 1D and 2D. The black
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Figure 2.3: Detailed discretization schemes: (a) 1D, (b) 2D

squares (for pressure p and enthalpy i) indicate the values evaluated at the nodes, i.e. at
the inlet/outlet of each cell. The orange square indicates the value at the center point,
which was evaluated by a central differencing scheme assuming a linear variation between
inlet and outlet. The wall temperature (blue square) in each CV was evaluated at the
midpoint between inlet and outlet of one fluid cell.

For a specific CV (j, i) the integration of the momentum equation led to the formulation
in Eq.(2.10). In this notation, the row index j identifies the channel, while the column
index identifies the CV along the flow direction. The 1D formulation is analogous (with
no index j).

p
(j,i+1)
nodes = p

(j,i)
nodes−∆p(j,i)fr −∆p(j,i)gr −∆p(j,i)acc (2.10)

Note that the pressure drop ∆p(j,i) is evaluated by using the fluid properties at the center
of the CV, and then applied to estimate the value of the pressure at the outlet of the
CV p

(j,i+1)
nodes . A more detailed explanation of the computation of frictional, gravity and

acceleration contributions to pressure drop is presented in section 2.2.6.

The energy conservation equation for single-phase flow was solved by assuming a linear
variation of the fluid temperature in the CV. In the 2D discretization scheme, each
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channel has a right (R) and left (L) wall exchanging thermal energy with the fluid cell,
thus the integral formulation of Eq.(2.7) for the CV (j, i) leads to:∫ j,i+1

j,i
dT =

∫ zj,i+1

zj,i

[
P (j,i)U (j,i)

ṁ(j)cp
(T

(j,i)
w,R −T )+

P (j,i)U (j,i)

ṁ(j)cp
(T

(j,i)
w,L −T )

]
dz (2.11)

From the integration of Eq.(2.11), it holds:

T
(j,i+1)
nodes =

χ(T
(j,i)
w,L +T

(j,i)
w,R )+ (1−χ)T (j,i)

nodes
1+χ

(2.12)

with χ equal to:

χ=
∆A(j,i)

ht U (j,i)

ṁ(j)cp
(2.13)

The advantage of using the formulation of Eq.(2.12), is that the temperature at the outlet
of the cell can be computed by solely using the inlet value and the wall temperature
of the cell. In two-phase flows, the energy conservation must be expressed in terms of
enthalpy i, and the integration of Eq.(2.8) leads to the formulation:

i
(j,i+1)
nodes = i

(j,i)
nodes +

∆A(j,i)
ht U (j,i)

ṁ(j)
(T

(j,i)
w,R −T

(j,i))+
∆A(j,i)

ht U (j,i)

ṁ(j)
(T

(j,i)
w,L −T

(j,i)) (2.14)

Here, since the temperature of the fluid at the center of the fluid cell T (j,i) is not
known, the calculation was carried out as suggested by Corberán [68], e.g. to assume
the temperature equal to the value at the inlet node plus a variation equal to the
previous iteration variation. Moreover, in order to compute the different contributions to
pressure drop in Eq.(2.10) and the heat transfer coefficients U in Eq.(2.12) and (2.14),
fluid thermo-physical properties are evaluated at the center of the cell. Assuming a
linear variation of the fluid thermo-physical properties, the same approach used for the
temperature was adopted, and translated into:

Ψ(j,i)
k = Ψ(j,i)

nodes,k +
Ψ(j,i+1)

nodes,k−1−Ψ(j,i)
nodes,k−1

2 (2.15)

where Ψ represents a general property or temperature, k indicates the iteration number
and (j, i) the CV taken into account.

In the 1D case, the energy conservation equations were slightly modified for both single-
phase and two-phase flow, since each fluid CV is in contact with one wall only (nw = 1
in Eq.(2.7) and (2.8)). For single-phase flow, the formulation was [69]:

T
(i+1)
nodes =

χT
(i)
w +(1−χ/2)T (i)

nodes
1+χ/2 (2.16)
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with χ expressed by Eq.(2.13). For two-phase flow, instead, it was obtained:

i
(i+1)
nodes = i

(i)
nodes +

∆A(i)
ht U

(i)

ṁ
(T (i)

w −T (i)) (2.17)

2.2.5 Iterative solution strategy

The solution of the energy and momentum equations for the CVs of the domain requires
the values of the mass flow rates and inlet thermodynamics of both fluids, which are
imposed as boundary conditions at the inlet of the first nodes. In the 2D discretization
scheme, the inlet mass flow rate in each channel is required for solving energy and
momentum equations in all the cells of the considered channel. However the solution
of the energy and momentum conservation equations requires the values of the wall
temperature. Therefore, the overall solution strategy was implemented as an iterative
procedure, and the solver was based on the SEWTLE (Semi-Explicit Wall Temperature
Linked Equations) approach, presented in [68, 69]. Moreover, the alternate iteration
approach suggested in [71] was implemented to accelerate the model convergence.

The flow-chart of the successive substitution solver, iterating on wall temperature and
refrigerant and secondary fluid pressure drops, is shown in Fig.2.4. The inputs to the
solver were given by the working fluid and the fully defined PHE geometry, together
with the inlet thermodynamic state and mass flow rate of both fluids. The inlet state
was used as boundary condition for the solution. An initial guess of the distribution
of wall temperature and pressure drop was also provided to the solver. The guessed
distribution for the wall temperature was given by a linear temperature variation between
inlet refrigerant and secondary fluid temperatures, in order to avoid temperature crossing.
Pressure drops were preliminarily calculated considering the fluid properties at the inlet
conditions and distributed uniformly in each CV.

At each iteration k the temperature and the fluid thermo-physical properties were
evaluated at the center of each cell. In the first iteration, the properties were estimated
by considering the inlet conditions of the fluid entering the CV, which were known from
the outlet of the previous cell. From the second iteration the values were estimated as
suggested by Corberán et al. [69], and previously illustrated by Eq.(2.15). The refrigerant
and secondary fluid heat transfer coefficients were evaluated by using the properties at the
center of the CV, by means of appropriate experimental correlations. The thermodynamic
state of both fluids at the outlet of the CV were subsequently estimated by integrating the
momentum and energy balance equations locally. After solving energy and momentum
conservation equations in all the refrigerant and secondary fluid cells, an energy balance
over two adjacent refrigerant and secondary fluid cells was applied to compute an updated
value of the wall temperature.
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The balance led to the formulation of Eq.(2.18), where the heat transfer area was simplified
being equal for both fluids.

Twall =
UrefTref +UsfTsf

Uref +Usf
(2.18)

Here the subscript ref indicates the refrigerant and sf the secondary fluid, namely the
heat source and heat sink sink for the evaporator and condenser, respectively. Using
the wall temperature as iteration variable has the advantage of avoiding the convergence
to unfeasible solutions, for example temperature crossing between fluids, compared to
using the heat flux [71]. This method is also completely explicit with respect to the wall
temperature, which is updated by Eq.(2.18) [68] as a function of the fluids temperature
profiles and heat transfer coefficients.

The residuals between two subsequent iterations were estimated and the error was
calculated as the L2-norm of the higher relative residuals between wall temperature,
refrigerant and secondary fluid pressure drops. If the error was lower than the selected
tolerance, the solution was given in terms of total heat flow rate, outlet thermodynamic
states of the two fluids, as well as wall and fluid temperature and pressure distribution.
If the error was higher than the tolerance, the solver updated the iteration variables
and made an additional iteration. The solver in 2D needs as input the mass flow rate
distribution of both fluids in the different channels. Therefore, the pressure drop across
each channel was estimated as output of the model and it was not trivial that all the
channels resulted in the same outlet pressure. The governing equations for the flow
distribution were solved separately in the flow distribution solver, which will be presented
in section 2.4.

2.2.6 Computation of heat transfer coefficient and pressure drops

Experimental correlations and theoretical models were implemented in order to calculate
the heat transfer coefficients, the frictional pressure drops and the void fraction of the
refrigerant and secondary fluid. Depending on the working fluid and specific case study,
different models were chosen, and they are introduced and justified case by case in the
case studies analysed in this thesis.

Since the PHE models were discretized in 1D or 2D, heat transfer coefficient local values
were estimated as a function of refrigerant thermo-physical properties, vapour quality (or
simply phase) and local heat flux. An extensive review of all the theoretical methods
and correction factors implemented and used for pure fluids and zeotropic mixtures is
presented in Chapter 3.

The pressure drops of both refrigerant and secondary fluid were estimated locally, similarly
to the heat transfer correlations. As shown by the momentum conservation equation
(2.6), the pressure drop was evaluated by summing the different contributions of static
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(gravity), acceleration and frictional pressure drops.

The single-phase frictional pressure drops can be estimated by different correlations for
the Fanning friction factor. The two-phase frictional pressure drops can be estimated by
means of three different approaches, as described in [28] :

i estimating a two-phase Fanning friction factor;

i applying the Lockhart-Martinelli [78] method;

i establishing a relation between pressure drops and kinetic energy per unit volume.

The two-phase Fanning friction factor can be estimated for both evaporation and con-
densation by different correlations, and pressure drop are subsequently calculated by:

dpfr,tp
dz

= 2ftp
G2

ρmDh
(2.19)

where G represents the mass flux, z indicates the direction of the flow, Dh is the hydraulic
diameter and ρm is the momentum density, estimated - according to the assumption of
separated flow model - by [79]:

ρm =

(
x2

ρV α
+

(1−x)2

ρL(1−α)

)−1
(2.20)

where x is the vapour quality, α is the void fraction (estimated by an appropriate
correlation) and the subscripts L and V indicate the liquid and vapour phases, respectively.

The Lockhart-Martinelli [78] method is extensively used in the literature to estimate the
two-phase frictional pressure drops by relating them to the single-phase liquid alone and
vapour alone pressure drops as follows:

X2 =
dpL/dz
dpV /dz

(2.21)

Φ2
L =

dpfr,tp/dz
dpL/dz

(2.22)

Her, X is the so-called Lockhart-Martinelli parameter and Φ2
L is the two-phase frictional

multiplier. The terminology alone refers to the flow as the vapour or liquid occupied
the entire cross-section of the channel, resulting in a mass flux multiplication by x and
(1−x) to estimate the vapour and liquid pressure drops, respectively. One widely used
approach to estimate the two-phase liquid multiplier ΦL is to use the fitting proposed
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by Chisholm [80] and reported in Eq.(2.23), where Ci is a constant for which different
values were proposed by different authors.

Φ2
L = 1+ Ci

X
+

1
X2 (2.23)

In order to use the Lockhart-Martinelli method, a single-phase correlation is necessary
for the computation of the single-phase pressure drop.

The last method for the two-phase pressure drop calculation consists in the definition of
a proportionality between the frictional pressure drops and the kinetic energy per unit
volume, as suggested for evaporation and condensation in PHEs by Longo and Gasparella
[81] and Longo [82]. By employing this method, the pressure drop is estimated as:

dpfr,tp
dz

=
d

dz

(
ξ
G2

2ρm

)
(2.24)

where ξ is constant obtained by fitting experimental data for specific PHE geometries.

Due to the assumption of separated flow model between liquid and vapour phases, a void
fraction correlation was implemented to estimate the cross-section void faction α, namely
the ratio between the cross section area occupied by the vapour phase and the total cross
section area. The void fraction is defined as [83]:

α=

(
1+SVL

1−x
x

ρV
ρL

)−1
(2.25)

The homogeneous model assumed that the slip ratio SVL is equal to 1, e.g. the vapour
and liquid phases flow at the same velocity. However, this is not a reasonable assumption
for PHEs and Smith [84] proposed expressions to estimate SVL, as function of the local
vapour quality and vapour and liquid phase densities, as:

α=

1+ ρV
ρL
K

(1
x
−1
)
+
ρV
ρL

(1−K)

(1
x
−1
)
·


ρL
ρV

+K

(1
x
−1
)

1+K

(1
x
−1
)


1/2
−1

(2.26)

with x being the vapour quality and K a constant equal to 0.4. The correlation by Smith
[84] was extensively validated for two-phase annular flow [85], which is a reasonable
assumption for two-phase flow in PHEs [28].

The void fraction is needed for the computation of the two-phase pressure drops. More
specifically, it is needed to compute the momentum density ρm with Eq. (2.20), as well
as the cross section weighted average density ρ, estimated by [79]:

ρcs = (1−α)ρL+αρV (2.27)
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The momentum density ρm is used to compute the acceleration contribution to the
pressure drop in two-phase flow, as [79]:

dpacc,tp
dz

=G2 d

dz

( 1
ρm

)
(2.28)

On the other hand, the cross section average density serves for the computation of the
gravity contribution to the pressure drop by [79]:

dpgr,tp
dz

=
d(ρcsgz)

dz
(2.29)

where g is the gravitational acceleration constant.

In PHEs, the port contribution to pressure drop at the inlet and outlet can also be
estimated and added to the overall momentum conservation. If considered, the port
pressure drop must solely be added to the first and last CV, corresponding to the inlet
and outlet ports. The Shah and Focke [86] correlation, expressed by Eq. (2.30), is
commonly used to compute port pressure drops.

∆pport = 0.75
[(

G2
p

2ρ

)
in
+

(
G2
p

2ρ

)
out

]
(2.30)

where Gp indicates the mass flux at the port diameter Dp.

The PHE models were implemented to simulate evaporators and condensers, thus requiring
the computation of the refrigerant heat transfer coefficient during transition to single
to two-phase flow and viceversa. A smooth transition was ensured by calculating the
refrigerant heat transfer coefficient and frictional pressure drop by interpolating the
two-phase and single-phase contributions at the interface, as suggested by Corberán et
al. [68]. The smoothing was applied to the CVs with a local vapour quality included in
the intervals [0, 0.1] and [0.9, 1.0].

2.2.7 Fluid thermo-physical properties

The thermo-physical properties of pure fluids and zeotropic mixtures were estimated by
REFPROP 10 [87], and CoolProp 6.2.1 [88]. Being the PHE model discretized in 1D or
2D, the model was able to estimate the local values of the properties. This aspect was
particularly relevant to model zeotropic mixtures: due to the varying compositions of
the liquid and vapour phases during the evaporation and condensation processes, the
saturation properties are not constant. The large variation in liquid and vapour physical
properties during flow boiling was estimated to contribute to 80 % of the total heat
transfer degradation entailed by mixture utilization [89, 90]. Therefore, it is of paramount
importance to include this effect in the modelling tool.
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2.2.8 Design solver

The afore-described PHE models, i.e with the solver for heat transfer and fluid flow, were
coupled with a design solver with the aim of estimating the required heat transfer area at
the evaporator and the condenser to meet a certain design thermal load. Therefore, the
inputs required were given by the total heat flow rate and inlet thermodynamic states of
both working fluid and secondary fluid. The design solver was implemented by fixing the
plate size and corrugation geometry, and using the solver for heat transfer and fluid flow,
explained in section 2.2.5, to iterate on the required number of channels. This approach
was chosen as an equivalent approach to commercial design solvers (e.g. [74]), where
the plate size is fixed to the manufactured dimensions and the number of channels is
calculated as output of the design. In these solvers, different solutions related different
plate width and length are proposed. Maximum pressure drop, e.g.50 kPa, can be used
as a criterion to suggest possible designs.

Guess Nch

Solver for heat
transfer and
fluid flow

W ,L, t, kwall
b,Λ, β

ṁref , pref,in, Tref,in,
ṁhs/sink, Ths/sink,in,
phs/sink,in, Q̇design

|Q̇tot− Q̇design|
Q̇design
<tol?

Calculate dQ̇tot
dNch

Nch, Aht,
∆pref,tot,
∆psf,tot

Evaporator/condenser
design procedure

Q̇tot

no

yes

update Nch

Figure 2.5: Work flow of the design solver

The flow-chart of the implemented design solver is shown in Fig.2.5. A guess values for
the number of channels is provided as first step. Second, the solver for heat transfer
and fluid flow estimates the outlet thermodynamic states of working fluid and secondary
side, as well as the total heat flow rate. The convergence at the solution is checked by
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estimating the relative residual of the total heat flow rate compared to the design value.
If the residual is lower than the set tolerance, the solver converged to the set solution. If
the residual is higher, the derivative of the heat flow rate with respect to the number of
channels is estimated and the value of Nch at the next iteration k+1 is updated following
the Newtwon-Raphson method. Since the number of channels must be an integer odd
value, the solution was set as the highest integer value of the exact output of the solver.

2.3 Alternative PHE model for design
The model described in section 2.2 presented a modelling approach aimed at solving
the PHE rating problem. The model was integrated with a solver to address the design
problem, as presented in subsection 2.2.8. Here, an alternative approach to model the
PHE is presented, with the aim of solving the design problem: in fact, the previously
presented approach entails the drawback related to the high computational time required.
The solver for heat transfer and fluid flow has to solve at each iteration before converging
to the required number of channels is reached. Moreover, a fast and successful convergence
to the solution was found to be highly dependent on the initial guess. As an advantage,
the solver was well suited for a realistic PHE design, when the plate size is fixed to
typical manufactured dimensions. However, if the objective of the work is to obtain novel
geometrical configurations of PHEs, for example by running optimizations on an extensive
search space of different geometries, a faster and more robust approach is chosen.

The alternative PHE design model was based on a 1D discretization of the HEX along
the flow direction and - differently from the solver for heat transfer and fluid flow -
at constant enthalpy steps. This approach implies that a constant heat flow rate was
obtained for each CV. Since the total design heat flow rate is known a-priori and used as
input, this approach allows knowing the enthalpy values at each node of the discretized
HEX from the first iteration. The input PHE geometrical parameters were given by the
specifications on corrugation geometry, plate width W and number, and thickness of the
plates. The model thus iterated on the total heat transfer length Lht to meet the desired
thermal load.

The solver is based on a successive substitution approach. First a guess value for the
total heat transfer area (related to the total plate length by Eq.(2.4)) was provided,
together with a guess value for the allocation of the discretized heat transfer area in each
CV. Guessed pressure drops of both working fluids were also provided in the initial step,
either by setting their value to zero or by calculating them using the inlet properties and
the guessed plate length. The following steps were subsequently taken:

1. Based on the guessed pressure drops, the pressure was computed at each node of
the CV, and the temperature was computed based on known values of enthalpy
and pressure;

30



2.3. Alternative PHE model for design

2. fluid thermo-physical properties were computed at each node, since the thermody-
namic state was known;

3. the thermodynamic state and properties at the center of each CV were estimated
based on a linear interpolation of the values at the nodes;

4. the local overall heat transfer coefficient was calculated for each CV as:

U (i) =

 1
h
(i)
ref

+
t

kw
+

1
h
(i)
sf

−1

(2.31)

where href and hsf are the local heat transfer coefficients of the refrigerant and of
the secondary fluid, respectively, estimated by appropriate correlations depending
on the region;

5. the local UA- values were computed based on the LMTD between the two fluids at
each CV as a function of the temperatures at the nodes, as expressed by Eq.(2.32):

Q̇tot
n

= (U∆Aht)
(i) · (T

(i)
sf −T

(i)
ref )− (T

(i+1)
sf −T (i+1)

ref )

ln

 T
(i)
sf −T

(i)
ref

T
(i+1)
sf −T (i+1)

ref

 (2.32)

6. the value of heat transfer area ∆Aht for each CV was updated by using Eq.(2.32)
and (2.31), and the plate length associated to each CV was also estimated by
Eq.(2.4).

7. the local pressure drop was updated by considering the updated plate length with
each control volume. The approach to calculate it was presented in section 2.2.6;

8. the convergence was checked on the relative residual of the length and refrigerant
and secondary fluid pressure drops, as:

e= max
(∣∣∣∣∣∆Ak+1

ht −∆Akht
∆Akht

∣∣∣∣∣ ,
∣∣∣∣∣∆pk+1

ref −∆pkref
∆pkref

∣∣∣∣∣ ,
∣∣∣∣∣∆pk+1

sf −∆pksf
∆pksf

∣∣∣∣∣
)

(2.33)

where e represents the error and k the iteration number.

9. if the error was lower than the set tolerance, the solver was considered to have
converged to the solution, while the discretized values of heat transfer area in each
CV were updated for a new iteration if the error was larger than the tolerance.

The output of the design model was thus given by the PHE heat transfer area, correspond-
ing to a related plate heat transfer length Lht. Moreover, the PHE design corresponded to
specific pressure drops on both the refrigerant and the secondary fluid side. By changing
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the fixed geometrical parameters, such as plate width W and number of channels Nch, it
was possible to obtain different designs, which were able to satisfy the same design heat
flow rate, yet entailing a different pressure drop and total heat transfer area.

2.4 Flow distribution solver
A flow distribution solver was coupled with the PHE model discretized in 2D, in order to
compute the mass flow rate distribution in the different channels. The model was based
on the principle of identical pressure drop [55] for each channel. The manifold pressure
drop was considered to be negligible, thus the channel pressure drop was assumed to be
the sole contributor of pressure drop along each flow path. The assumption is justified by
the fact that inlet manifold of PHE is rather complex and would require many detailed
geometrical inputs to be solved for. The contributions determining the overall channel
pressure drop were therefore given by friction, acceleration and gravity.

The flow distribution solver was implemented for liquid-to-liquid PHEs and for evaporators.
In the former case, the effect of end plates was investigated. The effect of end plates is
determined by the outermost plates of the PHE, which ideally do not transfer heat to the
external environment [56], and thus entail a modification of the mass flow distribution
among the different channels. In the case of evaporators, two different effects were
considered by the model, e.g. effect of end plates and liquid/vapour maldistribution.
In fact, the refrigerant inlet is in the two-phase region for evaporators, placed after the
throttling valve in vapour compression cycles. For upward refrigerant flow, the vapour
phase distributes more easily in the first channels from the inlet port, and this effect
was observed experimentally [62]. Therefore, a variation of the inlet vapour quality
between the different channels was imposed as a boundary condition to the model before
solving the flow distribution equations in order to estimate the effect of different rates of
non-uniformity.

The solver for flow distribution solved the global mass conservation and the identical
pressure drop equations, by using the MATLAB built-in algorithm fsolve [91]. A guessed
distribution of the mass flow rate of both working fluid was provided to the solver, where
a uniform distribution was imposed to the channels.

For liquid-to-liquid PHEs, the number of unknowns was equal to the total number of
channels Nch,tot, i.e. the mass flow rate of each fluid in the channels ṁ(j)

1 and ṁ(j)
2 . The

number of governing equations was also Nch,tot, expressed by Eq.(2.34)-(2.37).

Nch,1∑
j=1

ṁ
(j)
1 = ṁ1,tot (2.34)
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Nch,2∑
j=1

ṁ
(j)
2 = ṁ2,tot (2.35)

n∑
i=1

∆p(j,i)1 =
n∑
i=1

∆p(j+1,i)
1 , j = 1, ...,Nch,1−1 (2.36)

n∑
i=1

∆p(j,i)2 =
n∑
i=1

∆p(j+1,i)
2 , j = 1, ...,Nch,2−1 (2.37)

Nch,1−2 represents the number of channels of the first and second fluid (whose sum is
equal to the total number of channels), and j and i are the indexes indicating the channel
and the CV along the flow direction, respectively. It is noted that n is the number of CV
in which the PHE is discretized along the flow direction, while the subscripts 1 and 2
indicate the primary and secondary fluid, respectively.

For evaporators, an additional equation was added to the system of equations, to solve
for the additional unknown of inlet vapour quality in the first channel x(1,1)

ref . A linear
vapour quality variation of fixed slope was assumed between first and last channel,
thus by knowing the value of the quality at the first channel, the remaining channels
were computed accordingly. The liquid/vapour maldistribution was defined by fixing a
parameter ∆x, representing the difference in vapour quality between the two outermost
refrigerant channels. The inlet quality at the j-th channel, assuming a linear profile, was
therefore calculated by:

x
(j)
in = x

(1)
in +

j−1
Nch,ref −1∆x (2.38)

where x(1)in is the vapour quality of the first channel. The parameter ∆x represents the
slope of the vapour quality variation. An example of the imposed variation of vapour
quality for a case of 11 refrigerant channels and ∆x varying between 0 and 0.25 is shown
in Fig. 2.6.

When the parameter ∆x was set equal to 0, an uniform vapour quality variation was
imposed, thus no liquid/vapour maldistribution effect was considered in the PHE. There-
fore, this case allowed estimating the effect of end plates. The effect of end plates resulted
into a modification of the flow distribution of both refrigerant and secondary fluid, as
the outer-most channels transfer a different amount of heat compared to the interior
channels. This was taken into account by evaluating the evaporator model in 2D without
imposing any variation of the vapour quality, e.g. ∆x= 0.
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Figure 2.6: Vapour quality variation in different PHE channels for different
values of ∆x

The additional equation of mass conservation, applied to the vapour phase only, was thus
added as:

Nch,ref∑
j=1

ṁ
(j)
ref ·x

(j)
ref,in = ṁref,tot ·xref,in (2.39)

Here, the inlet vapour quality based on the total mass flow rate of the refrigerant xref,in
was fixed to a value depending on the boundary conditions of the specific case study.
By applying both Eq.(2.39) and (2.34) to the refrigerant, the mass conservation of the
liquid-phase is also ensured.

2.5 Verification and validation
This section presents the verification of the flow distribution solver compared to a model
from literature, and the validation of the PHE solver for heat transfer and fluid flow
against experimental data. As suggested by Vakili-Farahani et al. [28], the deviation
between the model results and the experimental data (or the reference model from
literature) is reported for all cases in terms of the mean relative error δ and mean
absolute error |δ|, estimated by Eq.(2.40) and (2.41), respectively, in percentage points.

δ =
1
N
·
N∑
i=1

(
θmodel−θexp

θexp

)
·100 (2.40)
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|δ|= 1
N
·
N∑
i=1

∣∣∣∣∣θmodel−θexp
θexp

∣∣∣∣∣ ·100 (2.41)

θ represents the compared quantity, i.e. total heat flow rate and refrigerant total pressure
drops, and N represents the number of the considered experimental data points. For the
comparison with experimental data, the models were used in rating mode (see section
2.2). The model received as inputs the full PHE geometry and inlet thermodynamics of
both fluids, as gave the total heat flow rate, pressure drops and outlet thermodynamics as
outputs. Experimental heat flow rate and refrigerant pressure drop (when available from
measurements) were then used to evaluate the model accuracy. For the flow distribution
solver verification, the reference was given by the quantity evaluated by the reference
model.

2.5.1 Flow distribution solver verification

The flow distribution solver was verified against the results of the model presented in [55].
Li and Hrnjak [55] developed an experimentally validated model to solve single-phase
flow distribution in PHEs. The model was built using a similar approach compared to
the present model, i.e. by imposing equations to ensure global conservation of mass and
identical pressure drop for each flow path. Li and Hrnjak [55] accounted for frictional,
gravity and manifold pressure drop, while they neglected the acceleration contribution.
The manifold pressure drop is on the contrary neglected in the present model.

The outlet temperature in each channel for both primary and secondary fluid, as well
as the heat flow rate exchanged by the channels, were compared with the results of
the model by Li and Hrnjak for three PHEs, with a fixed plate geometry and different
number of channels. Hot and cold water streams were used as primary and secondary
fluid, respectively. By increasing the number of channels, the manifold pressure drop
increases, thus enhancing the difference of the inlet pressure between the outermost
channels. Therefore, it is expected to have larger discrepancies between the model results
for higher number of channels.

Fig. 2.7 reports the result of the verification. The deviations between the models were
quantified in terms of mean relative error and mean absolute error, thus computed by
Eq.(2.40) and (2.41). The two models showed an overall satisfactory agreement with the
highest deviation for both outlet temperature and heat flow rate achieved in the case of
Nch = 99. The highest deviation for temperature was found to be as low as 0.2 %.
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Figure 2.7: Comparison between the results of the present model and the
results of the model by Li and Hrnjak [55]36
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In all cases, the present model overestimated the outlet temperature of the primary fluid
(red line, hot fluid), while the outlet temperature of the cold water stream (blue line)
was underestimated. This was due to a general underestimation of the heat flow rate
exchanged between the channels. The highest deviation on heat flow rate was found in
the case of Nch = 99, with mean absolute errors of 7.0 % and 7.2 % on the heat flow rates
in the hot and cold fluid channels, respectively. The mean relative errors were found
to be -3.7 % and -4.1 %, thus the heat flow rate was overestimated or underestimated
depending on the channel.

It is noted that the deviation for temperature was calculated for the temperature in
K, even though Fig. 2.7 (a), (c) and (e) report the temperature in ◦C. Moreover, the
results showed that it is acceptable to neglect manifold pressure drops when the number
of channels is not too large, and that errors below 10 % are obtained even in the case of
99 total channels.

2.5.2 Comparison with experimental data: evaporation data from DTU

A total of 316 flow boiling data from the experimental study by Zhang et al. [92], for
R134a (106 points), R1234yf (91 points) and R1234ze(E) (119 points) were used. The
study was carried out in the laboratory of DTU Mechanical Engineering. The data
included information on both total heat flow rate and refrigerant pressure drop. In the
PHE model, the heat transfer coefficient was estimated locally by applying the correlation
by Amalfi et al. [93], while the frictional pressure drop was estimated by calculating the
Fanning friction factor according to Yan and Lin [94]. The comparison was carried out
using the models discretized in both 1D and 2D. The 2D model was applied together
with the flow distribution solver by imposing an uniform vapour quality distribution at
the inlet of the PHE channels, thereby solely accounting for the effect of end plates.

Fig. 2.8 reports the comparison of the total heat flow rate and total refrigerant pressure
drop for both the 1D and 2D model, considering all the experimental data points. Table
2.2 reports the deviations for each working fluid separately. The 1D model slightly
overestimated the experimental values, with a relative deviation of +4.3 %, while in the
2D case the deviation was -2.3 %. The difference is likely due to the effect of end plates,
which slightly degrades the heat transfer performance of the evaporator and is considered
solely in the 2D model. Jin and Hrnjak [56] found that this effect is not negligible for
configurations with less than 20 channels, and the experimental study was carried out on
a PHE configuration with 7 channels in total [92].

R1234ze(E) resulted in the highest deviation for the 1D model,i.e. 6.1 % overestimation
of the total heat flow rate. The discrepancy reduced however down to -1.3 % for the 2D
model, resulting in the best match with the experimental data compared to the two other
working fluids. This might be due to a higher sensitivity of R1234ze(E) to the effect of
end plates compared to the other working fluids, hence leading to a higher deviation
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Figure 2.8: Comparison of simulated data points vs. experimental data for
the (a), (b) total heat flow rate, and (c), (d) total refrigerant pressure drop

from experimental data when the effect was neglected with the 1D model.

Higher errors were reported for refrigerant pressure drop for all the fluids, with a general
underestimation of the value calculated by the model, with the errors equal to -9.3 %
and -11.5 % for the 1D and 2D models, respectively. R1234yf resulted in the highest
deviation, while R134a and R1234ze(E) presented similar matches. It is noted that Zhang
et al. [92] reports the maximum uncertainty on the measured pressure drop and heat
flow rate equal to 6.6 % and 2.8 %, respectively. Therefore, the model results and the
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Table 2.2: Deviations between experimental data and results of the evapora-
tor model using 1D and 2D discretization (DTU data)

1D model 2D model
Heat flow rate Pressure drop Heat flow rate Pressure drop

Working fluid δ |δ| δ |δ| δ |δ| δ |δ|
% % % % % % % %

R134a 3.6 3.6 -6.5 14.7 -2.9 2.9 -8.6 15.6
R1234yf 2.9 2.9 -21.1 21.2 -2.9 2.9 -22.9 23.0
R1234ze(E) 6.1 6.1 -2.8 14.6 -1.3 1.5 -5.3 15.3
Overall 4.3 4.3 -9.3 16.6 -2.3 2.4 -11.5 17.6

experimental data showed an overall good match, with maximum deviations in the same
order of magnitude of the experimental uncertainty.

2.5.3 Comparison with experimental data: Sondex evaporators using
ammonia

The PHE evaporator model discretized in 1D was further validated against experimental
data from commercially manufactured PHEs from Sondex AS [8]. For confidentiality
reasons, the cooling capacity and the geometry of the evaporator cannot be reported
in the present thesis. The evaporator capacity was around 1000 kW. The PHEs were
tested with ammonia as evaporating working fluid, and with a 40 % (mass) brine as heat
source. The correlation by Palm and Claesson [95] was used to estimate the heat transfer
coefficient of ammonia in two-phase, while the Martin [77] correlation was used for the
single-phase heat transfer coefficient and pressure drop. The frictional pressure drop of
ammonia was calculated as proposed by Amalfi et al. [93].

The comparison between the model and the experimental data is reported in terms of
normalized value, e.g. each value of the experimental and calculated heat flow rate or
pressure drop was divided by the maximum experimental value for the specific PHE
model. The results of the comparison are shown in Fig.2.9. Each color represents a
different PHE tested model, and total heat flow rate, ammonia and brine pressure drops
are plotted in sub-figure (a), (b) and (c), respectively. Table 2.3 reports the mean absolute
and relative errors for the different PHE models in terms of total heat flow rate and
pressure drops of both fluids. The total heat flow rate presents a good match against
the experimental data with a slight overestimation of the total heat flow rate for all
PHE models. The deviation stayed however below 10 % for all PHE models, with the
exception of HEX 1, which reported a mean absolute error equal to 12.7 %. The match
between experimental and estimated pressure drop was not found to be as good as the
thermal performance. The ammonia pressure drop was overestimated by the model, with
a maximum deviation of 32.1 % for HEX 3. On the other hand, the pressure drop of the
brine was largely underestimated and HEX 1 reported the maximum absolute error of
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Figure 2.9: Comparison of simulated data points vs. experimental data for
the estimation of (a) total heat flow rate, (b) total pressure drop of ammonia,
and (c) total pressure drop of the brine

34.8 %. The discrepancies between model and experimental data can be due to different
reasons. First, manifold pressure drop, contributing to the overall experimental pressure
drop, was neglected by the model. Moreover, the suitability of Martin [77] correlation to
estimate the heat transfer coefficient of the brine is not trivial. An underestimation of the
heat transfer performance from the brine side might lead to an underestimation of the
pressure drop. This might explain why a good match between model and experimental
data was found by using Palm and Claesson [95], instead of more recent correlations (like
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Table 2.3: Deviations between experimental data and results of the evapora-
tor model (Sondex data)

Heat flow rate Ammonia pressure drop Brine pressure drop

PHE model δ |δ| δ |δ| δ |δ|
% % % % % %

1 -12.7 12.7 9.6 11.4 -34.0 34.8
2 -1.5 4.8 22.4 22.6 -21.6 21.6
3 -10.8 10.8 32.1 32.1 -24.3 24.3
4 -7.2 7.2 24.1 24.1 -24.1 24.1
5 -4.7 5.5 10.9 12.7 -21.9 23.3

Amalfi et al. [93]), which were found to underestimate the total heat flow rate. Therefore,
by using Palm and Claesson [95] and Martin [77], a slight overestimation of the ammonia
heat transfer coefficient and underestimation of the brine heat transfer coefficient might
be obtained. This can be explained by looking at the overestimation/underestimation
of ammonia/brine pressure drop, despite the overall good match with the experimental
heat flow rate - which is likely to compensate the two effects.

2.5.4 Comparison with experimental data: pure CO2 data from CNAM

Experimental data on the heat flow rate for a PHE evaporator using pure CO2 were
used from an experimental study carried out at the Conservatoire National des Arts
et Métiers (CNAM) in Paris [96]. 83 data points were therefore used to validate the
evaporator model discretized in 1D. The experimental test-rig was subsequently used to
test mixtures of CO2/propane at different mass compositions, and a detailed description
of the test rig and the results of the study are presented in details in Chapter 3.

The comparison was carried out by using Amalfi et al. [93] to compute the refrigerant
two-phase heat transfer coefficient and pressure drop, and Martin [77] for single-phase.
The heat source was given by a mixture of ethylene glycol/water at (0.32/0.68) mass
composition. The validation results are presented in Fig.2.10 for the total heat flow rate.
PHE model and data presented a good agreement with a mean relative error of -2.7 %,
i.e. a very small underestimation of the model compared to the experiments.

2.5.5 Comparison with experimental data: condensation data from
DTU

Experimental data from the campaign by Zhang et al. [97] for R134a, R1234ze(E), R245fa
and R1233zd(E) were used. The data were collected in the same test-rig of the evaporation
data of section 2.5.2. The correlations by Zhang et al. [97] were applied to compute the
heat transfer coefficient and two-phase friction factor. For the condenser, only the 1D
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Figure 2.10: Comparison of simulated data points vs. experimental data for
the estimation of total heat flow rate

discretization approach was implemented and thus compared against experimental data.

Fig. 2.11 reports the results in terms of total heat flow rate and total pressure drop of
the refrigerants. The model underestimated overall the total heat flow rate with mean
relative and mean absolute errors equal to -8.4 % and 9.9 %, respectively. The model
underestimated the results for all working fluids with the exception of R245fa, which
presented the best match with a slight mean overestimation of 4.1 %. On the other hand,
the total pressure drop was overall overestimated by the model, with mean relative and
mean absolute errors equal to 15.6 % and 20.6 %, respectively. The model overestimated
the results for all working fluids, with R245fa showing the lowest mean relative error
equal to 6.4 %, yet resulting in a higher absolute value of 16.6 %.

Zhang et al. [97] reported the maximum uncertainty on the experimental total heat flow
rate and frictional pressure drop, as 4.1 % and 15.2 %, respectively. Therefore, similarly
to the results of the evaporator model, the model results and the experimental data
showed an overall good match, with maximum deviations in the same order of magnitude

Table 2.4: Deviations between experimental data and results of the model

Working fluid
Heat flow rate Pressure drop
δ |δ| δ |δ|
% % % %

R134a -6.8 6.8 20.3 25.3
R1234ze(E) -16.2 16.2 11.6 16.3
R245fa 4.1 4.7 6.4 16.6
R1233zd(E) -9.6 9.6 23.7 23.7
Overall -8.4 9.9 15.6 20.6
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Figure 2.11: Comparison of simulated data points vs. experimental data for
the (a) total heat flow rate and (b) total refrigerant pressure drop

of the experimental uncertainty.

2.6 Coupled PHE - heat pump simulation framework
The PHE models of both evaporator and condenser were integrated with a model of a
single-stage vapour compression heat pump for both design and off-design calculations.
The work flow of the simulation framework is presented in Fig. 4.5. The flow-chart shows
how the different models are integrated in the overall procedure. Each orange rectangle
represents a numerical model, while each parallelepiped represents input/output of the
models. The rounded bold rectangles represent instead the main outputs.

The framework is structured as follow:

• Heat pump design model: after defining the boundary conditions of the cycle and
the working fluid, the design of the heat pump is carried out. A brief explanation
is also given in section 2.6.1.

• Evaporator and condenser design models: the design models used in the coupled
framework were implemented following the approach presented in section 2.2.8.

• Heat pump off-design model: the off-design calculations were carried out by an
overall simulation framework (yellow box in Fig.4.5), including a solver of heat
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transfer and fluid flow for both evaporator and condenser, together with calculations
of compressor and throttling valve operation in off-design. The off-design model
was based on either a 2D or 1D discretization of the evaporator, thus estimat-
ing the performance of component and thermodynamic cycle with and without
maldistribution effects.

2.6.1 Heat pump model

The reader is referred to Zühlsdorf et al. [13] for a comprehensive description of the
modelling strategy adopted for cycle calculations. The thermodynamic cycle was modelled
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in steady state and it consists of a single-stage configuration of a vapour compression heat
pump. Fig.2.13 shows the sketch of the unit, with the different components integrated in
the cycle, namely compressor, condenser, throttling valve and evaporator.
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Figure 2.13: Schematic of the heat pump cycle (adapted from [13])

Depending on the application, the thermal load was fixed at either the evaporator or
the condenser. The evaporation and condensation pressures of the working fluid were
defined by the minimum required pinch point temperature difference between the working
fluid and the fluid at the secondary side. The amount of subcooling was defined by the
pinch point temperature difference and the sink inlet temperature in order to obtain
the maximum efficiency. A minimum superheat of 5 K was typically included in the
evaporator, in order to ensure a dry compression for all the fluids. At the design point,
the compressor was modelled by assuming a constant isentropic efficiency, while the
motor efficiency accounted for the power generation losses [98]. The throttling valve was
assumed to expand the working fluid with an isenthalpic process.

The thermodynamic performance was evaluated by estimating the Coefficient of Perfor-
mance (COP), defined by Eq.(2.42):

COP =
Q̇sink
Ẇcomp

(2.42)

where Q̇sink is the heat provided to the heat sink and Ẇcomp is the work required by the
compressor.
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2.6.2 Off-design without maldistribution effects

If maldistribution effects were neglected (both vapour quality maldistribution and effect
of end plates), the off-design model was based on a 1D discretization of the evaporator.
Fig.2.14 shows how the different component models are integrated in an overall solver
for the cycle to solve for the operating conditions. First of all, the solver was initialized,
e.g. the tolerance was set and the inputs were defined. The inputs were given by the full
specified geometry of both evaporator and condenser (preliminary designed with design
solver) and by the control values for off-design operation. Four control variables were
specified:

(i) the degree of superheat at the evaporator outlet, fixed to the design value ∆Tsh

(ii) the degree of subcooling at the condenser outlet, namely a fixed temperature
difference was imposed between the outlet refrigerant temperature at the condenser
and the inlet heat sink temperature, equal to the minimum pinch point temperature
difference ∆Tsc = ∆Tpinch,min

(iii) the suction volume flow rate at the compressor inlet, fixed to the design value
V̇eva,out

(iv) the heat sink outlet temperature, fixed to the design value Tsink,out−design

These four control variables were related to four unknowns, defining the off-design
operation of the cycle, namely:

(i) the total mass flow rate of the refrigerant ṁref,tot

(ii) the condensation pressure pcond

(iii) the evaporation pressure pevap

(iv) the total mass flow rate of the heat sink ṁsink,tot

The last constraint was defined in light of an application in which a heat pump must
provide heat to a district heating network at a fixed temperature level, therefore requiring
a fixed heat sink outlet temperature also in off-design operation. The governing equations
solved for the cycle operating parameters are also reported in Fig. 2.14.

In order to estimate the value of the four control variables for different heat pump operating
conditions, the fsolve algorithm was set to solve all the components simultaneously, as
shown in the yellow box of Fig. 2.14. The condenser and evaporator were solved by using
the solver for heat transfer and fluid flow presented in section 2.2. The throttling valve
was still thermodynamically described by an isenthalpic expansion process, while the
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performance models without maldistribution effects (1D evaporator model)

off-design performance of the compressor was formulated according to Granryd et al. [99],
defined by Eq.(2.43), which related the isentropic efficiency to a pressure ratio deviating
from the design value.

ηis
ηis,design

=

(
p1
p2

) k−1
k

−1

π
k−1

k
i − k−1

k
π
−1
k
i

(
πi−

p1
p2

) (2.43)

Here πi represents a corrected built-in volume ratio, and k is the exponent of the polytropic
process describing the compression process. πi was found by imposing the value equal to
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one for the design pressure ratio. This correlation is valid for volumetric compressors
with built-in volume ratios.

The output of the coupled HP-PHE simulation framework was given by the operating
conditions of the cycle, as mentioned previously. However, additional outputs were also
given by the thermodynamic and economic performance indicators of the heat pump.
The thermodynamic performance of the heat pump was indicated by the COP (Eq.
(2.42)). The economic performance was instead evaluated by the (levelized) specific cost
of heat, calculated in e/MWh by Eq.(2.44). The levelized cost of heat was defined as
a function of the different cash flows (CF), i.e. the cost of electricity CFel, the income
from supplying cold by cooling the heat source CFhs. Moreover, it was dependent on
the Total Capital Investment (TCI), the Capital Recovery Factor (CRF), and the yearly
production of heat, evaluated by multiplying the condenser load (Q̇sink) by the yearly
operating hours (OH). Further details can be found in Zühlsdorf et al. [13].

ch =
CFel−CFhs +TCI ·CRF

Q̇sink ·OH
(2.44)

2.6.3 Off-design with maldistribution effects

The coupled HP-PHE simulation framework was also implemented to estimate the
performance of heat pumps when maldistribution occurs in the evaporator. Therefore,
the degree of liquid/vapour maldistribution was set as input, and used to solve the
2D evaporator model with the flow distributions solver, together with the heat pump
off-design conditions. The input maldistribution was imposed as already presented in
section 2.4, by fixing a value for the parameter ∆x (Eq.(2.38)), defining the slope of the
linear variation of the vapour phase distribution between the channels.

Fig. 2.15 shows the integration of the component models for the solution of both the
heat pump operating conditions and the mass flow distribution inside the evaporator.
In this case, the 2D evaporator solver for heat transfer and fluid flow was employed.
The procedure was similar to the one showed in Fig. 2.14 for the estimation of the
off-design heat pump performance without considering maldistribution effects. The main
differences were given by the additional input of the maldistribution rate, as well as by
the additional unknowns and equations. In fact, a total of Nch,ref +Nch,hs + 1 unknowns
were added to the four operating variables defined by the control values. These were
given by the mass flow rate distribution of the refrigerant in the Nch,ref channels, the
mass flow rate distribution of the heat source in the Nch,hs channels and the inlet vapour
quality in the first channel x1

in (the vapour quality at the other channels is then estimated
by Eq. (2.38)). The additional required governing equations were the same explained in
section 2.4, e.g. imposing equal pressure drop in each channel together with global mass
conservation equations for refrigerant, heat source and refrigerant vapour phase.
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2.6. Coupled PHE - heat pump simulation framework
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Figure 2.15: Work flow of the coupled off-design heat pump model and PHE
performance models with maldistribution effects (2D evaporator model)
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3 Heat transfer correlations for
evaporation of zeotropic mixtures

This chapter presents the research work carried out with the aim of comparing different
prediction methods to estimate the heat transfer coefficients of zeotropic mixtures in
plate heat exchanger evaporators. The results were used to develop guidelines on the
most suitable methods to predict the performance of PHE evaporators using zeotropic
mixtures of natural refrigerants as working fluids. The chapter is based on [P3] and [C2].

3.1 Introduction
A comparison of prediction methods to estimate the heat transfer characteristics of
zeotropic mixtures of natural refrigerants in PHE evaporators is presented in this chapter.
A comprehensive literature review is carried out with the aim of defining available models
from literature. The focus was given to evaporation studies in PHEs and to pool and
flow boiling studies of zeotropic mixtures in horizontal and vertical plain tubes. After
defining relevant prediction methods to investigate, a comparison against experimental
data of CO2/propane at different mass compositions is carried out. The comparison
serves as a basis to define recommendations on the selection of appropriate prediction
methods for zeotropic mixtures of natural refrigerants.

The chapter is structured as follows: section 3.2 presents a detailed literature survey.
Section 3.3 describes the results of comparing different methods to the experimental
data. Last, sections 3.4 and 3.5 present two sensitivity analysis for the choice of different
correlations in the Silver [100] and Bell and Ghaly [101] method. The former study
was focused on the impact of using different correction methods for the nucleate boiling
contribution, while the latter investigated the impact of different correlations to compute
convective boiling, nucleate boiling and vapour only contributions for a relevant case
study.
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3.2 Literature survey

This section presents a detailed literature survey on: (i) flow boiling correlations in PHEs
and (ii) zeotropic mixtures and existing prediction methods for in-tube evaporation. The
literature survey aims at presenting the prediction methods available in literature, which
will be further analysed and compared to experimental data.

3.2.1 Evaporation heat transfer in plate heat exchangers

Heat transfer correlations for evaporation in PHEs are available in literature for different
refrigerants and test conditions. Evaporation in PHEs is influenced by geometry, flow
regime, working fluid thermo-physical properties, heat and mass fluxes, vapour quality
range, and others, thus making the phenomenon particularly complex. Despite the large
amount of experimental work carried out so far on plate evaporators, the majority of
prediction methods was limited to the application for specific geometries, fluids and flow
conditions [26].

Flow boiling is governed by three heat transfer mechanisms, namely nucleate boiling,
two-phase convective boiling and single-phase and mist transfer to the vapour in the
so-called drywall region, which potentially occurs at high vapour qualities depending on
the magnitude of the heat flux. The latter mechanism is often neglected in prediction
methods, and most of the available correlations are formulated by [28]:

h= [((hnbSnb)
n+(hloFcb)

n)]1/n (3.1)

where the subscripts nb and lo represents the nucleate boiling and convective boiling
contributions, respectively. Snb indicates the nucleate boiling suppression factor account-
ing for suppression of nucleate boiling in flow boiling, due to force convective fluid flow,
especially occurring at high mass fluxes. Fcb represents the enhancement factor of con-
vective boiling, accounting for the higher two-phase heat transfer compared to liquid-only
(subscript lo). When the exponent n is equal to 1, Eq.(3.1) is termed superposition model
or Chen-type correlation [102]. Correlations in the form of Eq.(3.1) are widely available
for in-tube flow boiling, yet Vakili-Farahani et al. [28] highlighted that in-tube flow boiling
correlations do not well predict PHE heat transfer by substituting the tube diameter
with the PHE hydraulic diameter, and PHE specific correlations must be instead utilized.

Eldeeb et al. [103] and Amalfi et al. [26] carried out comprehensive literature surveys
on existing experimental correlations for flow boiling in PHEs. The most relevant work
related to heat transfer correlations for evaporation in PHEs is reported hereafter.

Danilova et al. [104] developed a flow boiling correlation based on Reynolds number
and Bond number, accounting for the ratio between gravitational and surface tension
forces and defining the transition between macro and micro scale effects. They observed
a high dependence of the heat transfer coefficient on the vapour quality and mass flux
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that is typical of convective dominated boiling regimes. The effect of heat flux was
accordingly lower. Yan and Lin [94] proposed a correlation based on data for R134a, and
the two-phase Nusselt number was estimated as a function of both Reynolds and Boiling
numbers. They however observed that the heat transfer is dominated by convection at
high vapour quality, where the mass flux is the dominant parameter. On the other hand,
high heat flux shows some effects at low vapour quality. Han et al. [105] investigated
flow boiling of R410A and R22, testing three different chevron angles for the PHE. Their
experimental correlation relates the heat transfer coefficient to the equivalent Reynolds
number and Boiling number, by using the equivalent mass flux definition proposed by
Akers et al. [106]. Palm and Claesson [95] concluded that heat transfer in PHEs is well
correlated by pool boiling correlations, proposing to use the Cooper [107] correlation
with a multiplication factor of 1.5. Another well known correlation to describe pool
boiling was proposed by Gorenflo and Kenning [108], with a formulation taking into
account properties of fluids, heating element and saturation pressure. Huang et al. [109]
developed a correlation based on data for PHEs with three different chevron angles. A
high dependence on heat flux was noted, while a weak dependence on vapour quality,
mass flux and chevron angle was found, thus concluding that heat transfer is nucleate
boiling dominated. Amalfi et al. [93] noted however that their correlation was based
on a group that was not dimensionless. The afore-mentioned studies [94, 104, 105, 109]
are regression correlations, i.e. the derivation was based on regression models using the
experimental data sets and different non-dimensional groups. On the other hand, Palm
and Claesson [95] and Gorenflo and Kenning [108] are pool boiling correlations, i.e. only
the nucleate boiling contribution is taken into account, since it is assumed to dominate
the heat transfer mechanism. A Chen-type correlation based on data for R410a was
instead developed by Hsieh and Lin [110], where Dittus and Boelter [111] and Cooper
[107] were proposed to estimate the liquid-only convective and pool boiling heat transfer
coefficients, respectively. Longo et al. [112] developed instead a correlation to estimate
the average boiling heat transfer coefficient, computed as the maximum between the
convective boiling and nucleate boiling contributions. Two regression models were recently
derived by Amalfi et al. [93] and Ayub et al. [113], considering larger dataset collected
from literature, containing several refrigerants, geometries and operating conditions.

None of the correlations presented in this section, which were specifically developed for
PHEs, included data for zeotropic mixtures, with the exception of ammonia/water, which
however presents very large temperature glides and very different properties compared
to natural refrigerants. The only additional mixtures considered in the experimental
campaigns were the near-azeotropic mixture R410a and the azeotropic mixture R507.
The following section further elaborates on the reasons why the prediction methods for
pure fluids are not directly applicable to refrigerant mixtures.

Table 3.1 reports the formulation of four correlations, which are indicated as the most
relevant and recent studies in the context of the flow boiling in PHEs.
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Table 3.1: Some relevant PHE flow boiling correlations
Authors and reference Correlation

Hsieh and Lin [110] h= hnbSnb +hloFcb (3.2)

hlo = 0.023Re0.8
lo Pr

0.4
l (kl/Dh) (3.3)

hnb = 55p0.12
red (− log10 pred)

−0.55M−0.5Q̇
′′0.67 (3.4)

Fcb = 1+ 24000 ·Bo1.16 + 1.37
( 1
Xtt

)0.86
(3.5)

Snb =
(
1+ 1.15 ·10−6F 2

cbRe1.17
lo

)−1
(3.6)

Longo et al. [112] h= max(hnb,hcb) (3.7)

hcb = 0.122ΦRe0.8
eq Pr1/3

l (3.8)

Reeq =
GeqDh

µl
, Geq =G

[
(1−x)+x

(
ρl
ρv

)1/2
]

hnb = h0 ·0.58 ·Φ ·
( Ra

Ra0

)2/15
·Fp(pred) ·

(
Q̇
′′

Q̇
′′
0

)0.467

(3.9)

Fp = 1.2 ·p0.27
red +

(
2.5+ 1

1−pred

)
pred

pred,0 = 0.1, Q̇
′′
0 = 20 kW/m2, Ra0 = 0.4 µm

Amalfi et al. [93] h= 982 ·
(
θ

70◦
)1.101

We0.326
m Bo0.320

(
ρl
ρv

)−0.224
·
(
kl
Dh

)
, Bd< 0.4 (3.10)

h= 18.495 ·
(
θ

70◦
)0.248

Re0.135
v Re0.351

lo Bd0.235
m Bo0.198

(
ρl
ρv

)−0.223
·
(
kl
Dh

)
, Bd > 0.4 (3.11)

Ayub et al. [113] h=

(
kl
Dh

)(
1.8+ 0.7 θ

65◦
)

Re(0.49−0.36σ∗)
eq Bo−0.2

eq (3.12)

Boeq =
Q̇
′′

Geqhlat
, Reeq =

GeqDh

µl
, Geq =G

[
(1−x)+x

(
ρl
ρv

)1/2
]

σ∗ = σref /σNH3

3.2.2 Zeotropic mixtures

Zeotropic mixtures are blends of two or more components with different composition of
liquid and vapour phases at thermodynamic equilibrium, thus undergoing a temperature
glide during phase change. Zeotropic mixtures experience a degradation of heat transfer
compared to concentration weighted pure counterparts, with respect to both nucleate and
two-phase convective boiling. Nucleate boiling is mainly affected by the bubble growing
mechanism and effective wall superheat. The evaporation of the more volatile component
(i.e. the one with the lowest boiling point) creates a region around the bubble (at the
liquid/vapour interface) that is richer in the less volatile component, thus increasing the
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saturation temperature and decreasing the effective wall superheat driving the nucleation
process. The region around the bubble, depleted of the most volatile component, entails
the formation of an additional mass diffusion resistance, further deteriorating the heat
transfer [114]. Degradation of heat transfer for two-phase convective boiling mostly
occurs due to additional sensible heat, which must be provided to both liquid and vapour
phases to increase the saturation temperature along the flow direction [115]. Additionally,
Jung et al. [89, 90] claimed that up to 80 % of the overall heat transfer degradation
compared to the ideal coefficient computed using the mixing rule, is determined by the
large variation of refrigerant physical properties during evaporation, due to the varying
liquid and vapour phases compositions. The degradation was measured experimentally
for R22/R114 and R12/R152a mixtures at different mass fractions. Last, worse transport
properties compared to pure fluids is an additional contribution to the heat transfer
degradation [114]. Both nucleate and two-phase convective boiling contribute to the
degradation of heat transfer coefficient during flow boiling of zeotropic mixtures, and
appropriate corrections must be applied to extend the pure fluid correlations to mixtures.
Previous studies proposed heat transfer correlations for both flow boiling and pool boiling
of zeotropic mixtures in horizontal tubes.

In-tube flow boiling of zeotropic mixtures

In this paragraph, a literature review on the most relevant studies on predicting the heat
transfer coefficients of zeotropic mixtures during in-tube flow boiling is presented.

Thome [115] proposed to modify two well-know correlations for pure fluids, namely
Gungor and Winterton [116, 117], to account for mixture effects. The former correlation
[116] is a superposition model where the Cooper [107] and Dittus and Boelter [111]
correlations are suggested to estimate the nucleate and convective boiling contributions,
respectively. Thome [115] introduced a mixture correction factor for the nucleate boiling
term, in order to model the additional mass diffusion resistance.

In Gungor and Winterton (1986) [116], the correlation for mixture is applied by Eq.(3.13)
[115]:

h= hnbSnbFc+hlE0 (3.13)

Thome [115] reccomended the use of Stephan and Abdelsalam [118] to compute hnb,
differently from the original formulation based on the use of Cooper [107]. E0 and Snb
are estimated by the original correlation using Eq.(3.14) and (3.15), respectively [116].

E0 = 1+ 24000 ·Bo1.16 + 1.37
( 1
Xtt

)0.86
(3.14)
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Snb =
1

1+ 1.15 ·10−6E2
0Re

1.17
l

(3.15)

Here, Xtt is the Martinelli parameter, computed by [116]:

Xtt =

(1−x
x

)0.9(ρv
ρl

)0.5( µl
µv

)0.1
(3.16)

In Eq.(3.13) Fc indicates the mixture correction factor and it is estimated by the corre-
lation introduced by Thome and Shakir [119]. Note that different correlations can be
chosen in literature for the computation of Fc, and this will be further introduced in the
following subsection.

In 1987 Gungor and Winterton [117] proposed an enhancement-type simplified correlation
requiring less calculation steps compared to the original form and based on the replacement
of the nucleate boiling term with a simpler expression that is a function of the convective
term, as:

h= Ehl (3.17)

where E takes both convective and nucleate boiling contributions into account. Thome
[115] suggested the modification of the enhancement factor E as in Eq.(3.18), using the
mixtuere correction factor Fc to reduce the Boiling number Bo.

E = 1+ 3000 · (BoFc)0.86 + 1.12
(

x

1−x

)0.75( ρl
ρv

)0.41
(3.18)

The two correlations by Gungor and Winterton [116, 117] were originally developed for
pure fluids and later modified to model mixture effects. Other prediciton methods were
directly developed for specific working fluid mixtures. In this regard, Jung et al. [89] and
Wettermann and Steiner [120] are two well-known specific correlations for in-tube flow
boiling. Jung et al. [89] was developed based on data for R22/R114 and R12/R152a, and
the heat transfer coefficient is computed as:

h= CmeFhl+
Snb
Cun

hpool (3.19)

Two mixture correction factors are defined as Cme and Cun, for convective and nucleate
boiling, respectively. Cme is based on the molar fraction in the liquid and vapour phases
of the most volatile component of the mixture, accounting for the mass transfer resistance
between the two phases in the convective boiling region. hpool and Cun are computed as
suggested by Ünal [121]. Stephan and Abdelsalam [118] is recommended for the ideal
nucleate boiling coefficient.
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Wettermann and Steiner [120] developed a specific correlation based on data for R116/R134a,
with the aim of characterizing the heat transfer degradation of "wide-boiling" mixtures,
i.e. with temperature glides higher than 5 K [122]. Grauso et al. [122] compared several
methods to predict heat transfer performance of wide boiling mixtures against experi-
mental data for in-tube horizontal boiling of CO2/propane blends. They found that the
correlation developed by Wettermann and Steiner [120] performed better compared with
other methods to predict their database, R116/R134a and CO2/propane data from Cho
et al. [123], with 60.8 % data points included within ± 30 % error. Wettermann and
Steiner [120] used the onset of nucleate boiling, i.e. when the heat flux is lower than
the onset the nucleate boiling contribution is neglected. Furthermore, the asymptotic
model (Eq.(3.1) with n= 3) was used, where the suppression Snb is commonly set equal
to 1. The ideal nucleate boiling heat transfer coefficient was corrected to account for
mixture degradation by a factor Fc, as proposed by [119]. The correlation proposed by
Steiner and Kind [124] was recommended to compute the pure fluid components nucleate
boiling contribution. The two-phase convective contribution was instead estimated by
applying Dittus and Boelter [111] for the liquid-only heat transfer coefficient, and the
enhancement factor Fcb was calculated by:

Fcb =

(1−x)0.01
[
(1−x)+ 1.2x0.4

(
ρl
ρv

)0.37
]−2.2

+ ...

...+x0.01
[
hvo
hlo

(
1+ 8(1−x)0.7 ·

(
ρl
ρv

)0.67
)]−2

−0.5

(3.20)

where x represents the vapour quality, l and v denote liquid and vapour phases, and
lo and vo indicate liquid-only and vapour-only parameters, assuming the mass flowing
entirely as liquid and vapour, respectively.

Two theoretical models can also be found in literature. One was developed by Silver [100]
and Bell and Ghaly [101], with the original derivation carried out for annular condensation.
A later work by Sardesai et al. [125] extended the utilization of this method to mixture
evaporation, and the following formulation of the mixture heat transfer coefficient was
obtained:

h=
1+ Fchnb

hcb
1
hcb

+
Z

hvo

(3.21)

In Eq.(3.21), the nucleate boiling heat transfer contribution must be corrected by an
appropriate correction factor Fc, taking into account mixture degradation, e.g. the
correlation by Thome and Shakir [119]. hcb must be estimated by a convective boiling
correlation and hvo is the vapour phase heat transfer coefficient, estimated by considering
the vapour flowing alone in the entire channel. Z is expressed by Eq.(3.22), as a function
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of vapour quality, slope of evaporation curve and vapour specific heat capacity [100].

Z = q
dT

dh
cp,v (3.22)

Z indicates the rate of sensible heat transfer over the total heat load, thus accounting
for the heat loss due to the increase of saturation temperature during the evaporation
process.

In the work by Shah [126], a different extension of the Silver [100] and Bell and Ghaly
[101] method is proposed to evaporation. The heat transfer coefficient is computed by:

h= Fchnb +

( 1
hcb

+
Z

hvo

)−1
(3.23)

where all the terms are analogous to Eq.(3.21), yet arranged in a different manner.
Despite Shah [126] was developed as a theoretical method, thus any correlations can be
chosen to compute hcb, hnb and hvo, in their original paper some correlations to compute
hcb were compared to experimental data, while Dittus and Boelter [111] and Cooper
[107] were suggested to evaluate the single-phase and ideal nucleate boiling heat transfer
coefficients.

As a last work relevant to mention, Zhang et al. [127] proposed a correlation based on
multiple regression of dimensionless numbers defined by the Buckingham π theorem, with
the formulation:

h= 20.1439 ·Re0.1505
l Re0.4551

vo Bo0.5580Fr0.2538
v T ∗−1.1466Q∗1.1084 kl

Dh
,T ∗ ≤ 0.06 (3.24)

h= 0.1672 ·We−0.1457
l Re0.4771

l Re0.1829
vo Fr0.1007

v T ∗−0.2490Q∗−0.4878 kl
Dh

,T ∗ > 0.06 (3.25)

where Q∗ is defined as the ratio between sensible heat and latent heat and T ∗ represents
a non-dimensional temperature glide, normalized by the saturation temperature. Their
correlation is based on 2091 experimental data points from 22 independent research
groups. Their proposed correlation, expressed by Eq.(3.24) and (3.25), achieved an
agreement of 24.6 % against the entire experimental database. Note that the data
only included evaporation in horizontal tubes. They identified two additional methods
leading to good agreements with the data, e.g. the correlation by Gungor and Winterton
[117] (Eq.(3.17)) with the correction to account for mixture degradation proposed by
Thome [115] (49.0 %) and the method proposed by Shah [126] with the convective boiling
correlation for pure fluids by Gungor and Winterton [117] (47.3 %).
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Correction factor for nucleate boiling

As highlighted in the previous subsection, prediction methods for zeotropic mixtures
require the computation of a correction factor Fc to take mixture degradation of nucleate
boiling into account. Thome and Shakir [119] was mentioned as one widely used correla-
tion, suggested by Thome [115], Wettermann and Steiner [120] and Shah [126]. Kærn
et al. [128] carried out an extensive review of methods, focusing on correlations used for
ammonia/water mixtures. Table 3.2 reports some relevant works. In Stephan and Körner
[129], Jungnickel et al. [130] and Schlunder [131] the difference in molar composition of
the most volatile component is used in order to take the mass diffusion resistance into
account (note that the most volatile component is indicated as 1). In the correlation
by Stephan and Körner [129], the parameter A0 was fitted from experimental data for
different mixtures, and values between 0.42 and 3.56 were obtained. Fujita and Tsutsui
[132] recommends to use the average value of 1.53 for mixtures that are not included
in the experimental database. In the correlation by Jungnickel et al. [130] instead, the
parameter K0 was found fitting the data for five freon mixtures and correlating it to the
difference in normal boiling points of the two components. ∆Tbp indicates the mixture
temperature glide, i.e. the difference between bubble and dew temperature at the given
saturation pressure. It is used in Thome and Shakir [119], Fujita and Tsutsui [132, 133]
and Inoue et al. [134]. Compared to the widely used correlation by Thome and Shakir
[119], Fujita and Tsutsui [132, 133] claimed to correlate the experimental data points
better at higher heat fluxes, for which a higher degradation of heat transfer was estimated.

In order to apply the correction factors reported in Table 3.2, the ideal nucleate boiling
heat transfer coefficient must be evaluated, and two different approaches can be adopted.
The former consists of estimating the ideal coefficient by using a pure fluid correlation, e.g.
Cooper [107], using mixture properties. This approach was used in the Silver [100] and
Bell and Ghaly [101] method, in both correlations by Gungor and Winterton [116, 117],
and by Shah [126]. The latter consists of estimating the ideal nucleate boiling heat
transfer coefficient as a function of the heat transfer coefficients of the two components.
The formulation is based on the ideal nucleate boiling heat transfer coefficient as:

1
hnb,id

=
yl,1
hnb,1

+
yl,2
hnb,2

(3.26)

where hnb is estimated by a pure fluid correlation and y is the molar fraction of the
components in the liquid phase. This latter method was implemented in the correlations by
Jung et al. [89] and Wettermann and Steiner [120]. The same approach is also adopted by
Fujita and Tsutsui [132, 133] and Inoue et al. [134], where an ideal temperature difference
∆Tid, i.e. ideal wall superheat, is derived. The formulation is given by Eq.(3.28), which
is obtained by substituting the definition of ∆T1 and ∆T2 of Eq.(3.27) inside Eq.(3.26).

∆T1 =Q̇
′′

/hnb,1

∆T2 =Q̇
′′

/hnb,2 (3.27)
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The value of ∆Tid is thus given by:

∆Tid = yl,1∆T1 + yl,2∆T2 (3.28)

Note that this latter method fails if boiling occurs between the critical pressures of each
components, thereby making the first approach more generally applicable [128].

Table 3.2: Nucleate boiling correction factors for mixtures Fc = hnb/hnb,id

Authors and reference Correlation

Stephan and Körner [129] hnb
hnb,id

= [1+A0 |yv,1−yl,1| (0.88+ 0.12p)]−1 (3.29)

Jungnickel et al. [130] hnb
hnb,id

=

1+K0 |yv,1−yl,1|
(
ρv
ρl

)
Q̇
′′0.48+0.1yv,1

−1

(3.30)

Schlunder [131]

hnb
hnb,id

=

1+ hnb,id
Q̇′′

|Ts,1−Ts,2| |yv,1−yl,1|

1− exp

−B0Q̇
′′

ρlhlatβl

−1

, (3.31)

B0 = 1,βl = 0.0002m/s

Thome and Shakir [119] hnb
hnb,id

=

1+ hnb,id
Q̇′′

∆Tbp

1− exp

−B0Q̇
′′

ρlhlatβl

−1

,B0 = 1,βl = 0.0003m/s (3.32)

Fujita and Tsutsui [132] hnb
hnb,id

=

1+ ∆Tbp
∆Tid

1−0.8exp
(
Q̇
′′

105

)−1

(3.33)

Fujita and Tsutsui [133] hnb
hnb,id

=

1+ ∆Tbp
∆Tid

1− exp

−60Q̇′′

ρvhlat

 ρ2
v

σg(ρl−ρv)

1/4

−1

(3.34)

Inoue et al. [134] hnb
hnb,id

=

1+ ∆Tbp
∆Tid

1−0.75exp
( ˙−0.75 ˙ ′′Q

105

)−1

(3.35)
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3.3 Comparison of prediction methods against experimen-
tal data

The literature survey in section 3.2 presented a review of the existing methods to predict
the performance of refrigerants evaporating in PHEs, as well as correction methods
and correlations for zeotropic mixtures evaporating in tubular geometries. This section
presents the comparison of some of the presented methods against experimental data
of zeotropic mixutures of CO2/propane at different mass composition and operating
conditions in PHEs. The correlations chosen for further investigation are reported in
Table 3.3. They are divided in four categories. PHE specific correlations refer to flow
boiling studies in PHEs, without accounting for mixture effects on the degradation of
heat transfer. Theoretical models refer to the Silver [100] and Bell and Ghaly [101]
methods, with different correlations chosen to compute nucleate, convective and single-
phase contributions. Despite Amalfi et al. [93] was developed as an enhancement model
taking into account both effects of convective and nucleate boiling contributions, it was
decided to use it as a method to compute hcb, due to the lack of alternative correlations
developed for two-phase convective boiling in PHEs. Moreover, the authors noted a
dominating effect of mass flux and vapour quality compared to heat flux on the heat
transfer coefficient, thereby making two-phase convective boiling as the dominant heat
transfer mechanism in their model. In-tube flow boiling correlations for mixtures were
chosen as general correlations developed for tubular geometries. Both Gungor and
Winterton [116, 117] models were considered with different choices on the correlation to
use to compute the nucleate boiling contribution. Last, the PHE specific correlations
chosen for the analysis were additionally corrected in order to account for the degradation
of heat transfer in nucleate boiling. This was done by multiplying the boiling number Bo
by the correction factor Fc in the correlations by Amalfi et al. [93] and Ayub et al. [113],
which are enhancement models and the dependence on the heat flux was considered by
the non-dimensional group Bo. In Longo et al. [112] and Hsieh and Lin [110], where two
contributions are accounted for separately, Fc was directly multiplied to the nucleate
boiling heat transfer coefficient hnb.

The comparison between prediction methods was carried out by estimating the overall
evaporator performance using the PHE model discretized in 1D. The correlations were
implemented to compute the local values of heat transfer coefficient. The total heat
flow rate calculated by the model was compared to the experimental value, with the
model receiving as input the full PHE geometry and the inlet thermodynamic state of
refrigerant and secondary fluid.

This section is structured as follow: subsection 3.3.1 presents the experimental test-rig
and the data reduction procedure used for the analysis. Subsection 3.3.2 briefly explains
the PHE model used for the analysis with related settings, subsection 3.3.3 introduces
the main results, which are further discussed in subsection 3.3.5.
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Table 3.3: Correlations chosen for further analysis

PHE specific correlations
Hsieh and Lin [110]
Longo et al. [112]
Amalfi et al. [93]
Ayub et al. [113]

Theoretical models
Method hcb hnb Fc hvo

Silver [100]/Bell and Ghaly [101] Amalfi et al. [93] Cooper [107] Thome and Shakir [119] Martin [77]
Shah [126] Gungor and Winterton [117] Cooper [107] Thome and Shakir [119] Dittus and Boelter [111]
Shah [126] Amalfi et al. [93] Cooper [107] Thome and Shakir [119] Martin [77]

In-tube flow boiling correlations for mixtures
Correlation hnb Fc

Gungor and Winterton [116] Cooper [107] Thome and Shakir [119]
Gungor and Winterton [116] Stephan and Abdelsalam [118] Thome and Shakir [119]
Gungor and Winterton [117] Cooper [107] Thome and Shakir [119]
Gungor and Winterton [117] Stephan and Abdelsalam [118] Thome and Shakir [119]

Jung et al. [89]
Wettermann and Steiner [120]

Zhang et al. [127]

PHE specific correlations - corrected
Correlation Fc

Hsieh and Lin [110] Thome and Shakir [119]
Longo et al. [112] Thome and Shakir [119]
Amalfi et al. [93] Thome and Shakir [119]
Ayub et al. [113] Thome and Shakir [119]

3.3.1 Experimental apparatus and data reduction

Fig.3.1 reports a sketch of the test-rig together with a picture of the experimental
bench. It includes a variable speed scroll compressor, brazed PHE gas cooler, brazed
PHE evaporator, internal HEX with liquid receiver and an electronic expansion valve.
The measurements of temperatures were made using calibrated thermocouples, while
pressure transmitters and Coriolis flow meters were used for pressure and mass flow
rate measurements. The mixture composition was detected using gas chromatography
analysis. Table 3.4 reports the values of all the geometrical parameters of the PHE used
in the experimental apparatus as evaporator. The PHE was comprises by a total of 8
plates, with 3 refrigerant channels (upward flow) and 4 heat source channels (downward
flow). The heat source was given by a mixture of ethylene glycol/water at (0.32/0.68)
mass composition.

The experimental data were subsequently elaborated to obtain inlet and outlet conditions
of the refrigerant at the evaporator, as well as the total heat flow rate. Since both
refrigerant inlet and outlet may be in saturated conditions, the thermodynamic state
points were estimated from the other components. The evaporator inlet was calculated by
considering an isenthalpic expansion from the throttling valve. The thermodynamic state
at the inlet of the throttling valve was in fact known by measured values of temperature
and pressure. The outlet state was thus estimated using the pressure value measured at
the evaporator inlet. The evaporator outlet was instead calculated by an energy balance
on the internal HEX (IHEX) (see Fig. 3.1). The total heat flow rate at the evaporator
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Figure 3.1: Schematic of the test facility and experimental bench [96]

was estimated by using the measured values of the ethylene glycol/water mixture, as:

Q̇eva,exp = ṁhsc̄p,hs(Ths,in−Ths,out) (3.36)

The data were collected at different conditions and mass fraction of CO2/propane: 133
steady state measurements were considered in total. By varying the CO2/propane
composition, different temperature glides were obtained. Fig.3.2 shows the number of
experimental data points included in three different ranges of temperature glide of the
mixture. Mixtures experiencing lower glides, e.g. in the range 0 K - 5 K, are expected to
behave more similarly to pure fluids compared to mixture having larger glides. In fact,
for increasing glides, a larger amount of heat must be provided as sensible component
to both liquid and vapour phases to increase the saturation temperature, as the more
volatile component starts evaporating. The data included a larger number of data points
in the lower range of glides.

Table 3.4: Geometrical data of the PHE

Parameter Unit Value
W m 0.120
Lht m 0.329
t mm 5.0
β ◦ 35
b mm 2.0
Λ mm 7.0
Nch,ref - 3
Dh mm 3.4
Aht,tot m2 0.28
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Figure 3.2: Distribution of ∆Tgl of the considered experimental points

The comparison between model and experimental data was carried out by comparing
experimental and simulated heat flow rate, in terms of mean relative error and mean
absolute error, previously introduced by Eq.(2.40) and (2.41).

3.3.2 PHE model

The comparison was carried out by using the PHE model discretized in 1D, presented in
chapter 2.2. The model was run with n= 100 slices along the flow direction and tolerance
set to 10−5. The local values of heat transfer coefficient and pressure drop were estimated
by following the approach presented in chapter 2.2.6. The single-phase heat transfer
coefficient of the heat source was estimated by Martin [77]. The experimental data points
contained also data with superheated refrigerant outlet. Therefore, the mixture heat
transfer coefficient in the single-phase region was also estimated by Martin [77]. Frictional
pressure drops were calculated by estimating the Fanning friction factor using Amalfi
et al. [93] and Martin [77], for the two-phase and single-phase flow, respectively. The
void fraction was estimated by Smith [84]. Note, that the discretized PHE model was
validated first against experimental data of pure CO2, collected at the same test-rig with
the same evaporator geometry. The validation was presented in Chapter 2.5.4.

3.3.3 Results

Fig.3.3 reports the comparison between experimental and calculated total heat flow rate
for all the 133 experimental points collected for CO2/propane. The different sub-figures
(a-e) illustrate the outcome for the different chosen prediction methods (see Table 3.3),
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divided into different sub-categories: PHE specific correlations (a), theoretical methods
(b), general correlations for mixture in-tube flow boiling (c-d) and PHE correlations with
corrected nucleate boiling contribution (e). The values of mean relative and absolute
errors for each method, including all the points, define the goodness of the match between
the data and the models, and they are reported in Table 3.5 with bold values. Table 3.5
additionally reports the mean absolute error considering the data points included in the
three different temperature glide intervals (see Fig.3.2).

Fig.3.3 (a), (b) and (e) prove that PHE specific correlations (corrected or not) and
theoretical methods showed the best agreement with experimental data. Theoretical
methods report slightly lower deviation, with Shah [126] (G&W) and Silver [100] and Bell
and Ghaly [101] both resulting in the lowest mean absolute error of 3.4 %. In particular,
using the Silver [100] and Bell and Ghaly [101] method leads to a a slight overestimation
of the heat transfer coefficient, equal to +2.7 %. On the other hand, Amalfi et al. [93]
resulted in the best match among the PHE specific correlations, with an absolute error
equal to 3.7 % and a relative underestimation of -0.1 %. The slightly better performance
of the former method is related to the mixture degradation of heat transfer, increasing for
higher glides, which is not taken into account in the PHE correlations. In fact, looking
at the relative errors reported in Table 3.5, all the PHE specific correlations showed
increasing errors for increasing temperature glides. Amalfi et al. [93], for instance, starts
with underestimating the heat flow rate at -2.5 % for mixtures with lower glides, e.g.
with behaviour similar to pure fluids. If the glide is increased, the correlation is then
slightly overestimating the performance, with a maximum of 5.5 % for the points with
the highest glides. On the other hand, Silver [100] and Bell and Ghaly [101] always
slightly overestimated the performance, with no particular trend found depending on the
mixture glide. The Shah [126] method resulted in different behaviours depending on the
correlation applied to compute the convective contribution: by applying Gungor and
Winterton [117] the performance is underestimated, due to the fact the PHE geometry is
not properly described by the model. By applying PHE specific correlation instead, the
performance is slightly overestimated with a mean relative error equal to + 3.6 %.

PHE specific correlations were also considered if the nucleate boiling contribution is
corrected by a factor Fc, and the match is reported in the last rows of the table. All
correlations show anyway a good agreement with experimental data, and in this case no
trend of increasing absolute deviation can be detected. Since the deviations remained low
for all correlations, the convective contribution to heat transfer must be the dominating
mechanism for these experimental data points, and correcting the nucleate boiling
contribution does not lead to a better match.

Fig.3.3 (c) and (d) report the comparison for mixture general correlations. The general
correlation by Gungor and Winterton [116] reported low mean absolute errors, respectively
equal to 4.1 % and 9.3 %, depending on the use of Cooper [107] or Stephan and
Abdelsalam [118] correlations for the computation of the nucleate boiling contribution to
heat transfer. The better performance obtained by Cooper [107] well agrees with previous
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Figure 3.3: Comparison of experimental and measure heat flow rate for all
the experimental data points of CO2/propane, using the different prediction
methods, divided in sub-groups

study recommending its use for PHEs [95]. Moreover, the mean relative errors equal
to -2.2 % and -8.8 % shows a general underestimation of the heat transfer rate. This
underestimation was found to be the same for all the correlations, with the exception
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of Wettermann and Steiner [120], which instead overestimated the performance. The
magnitude for the other correlations was found to be much higher, above 30 % for Gungor
and Winterton [117], and equal to 29.7 % and 22.5 % for Jung et al. [89] and Zhang
et al. [97], respectively. The interesting aspect is that such underestimation consistently
decreases for increasing temperature glides. In fact, a considerable drop was calculated
in the absolute error of the mixture points experiencing larger glides. Zhang et al. [97],
as an example, resulted in a mean relative error of -22.4 % in the range 0 K - 5 K, which
dropped down to -6.0 % for 10 K -17 K. Similar drops were found for all other correlations.
This implies that, despite these methods do not characterize the PHE geometry and are
thus experiencing larger deviations compared to PHE specific correlations and theoretical
methods, they could predict with a sufficiently high degree of accuracy the heat transfer
coefficient of those mixtures undergoing very large glides. The reason must be related to
mixture effects, i.e. degradation of heat transfer having a dominant effect over the PHE
geometry.

Table 3.5: Mean relative and absolute errors of the heat flow rate predicted
by the different prediction methods. Bold values denote all data points

PHE specific correlations
Hsieh and Lin [110] Longo et al. [112] Amalfi et al. [93] Ayub et al. [113]

|δ| 4.1 % 4.4 % 3.7 % 4.8 %
δ 1.6 % 3.2 % -0.1 % 3.7 %
δ (0 K - 5 K) -1.2 % 1.4 % -2.5 % 2.3 %
δ (5 K - 10 K) 2.5 % 4.1 % 0.2 % 3.8 %
δ (10 K - 17 K) 6.8 % 6.1 % 5.5 % 7.0 %

Theoretical methods
Silver [100] & Shah [126] (G&W 87 [117]) Shah [126] (PHE)Bell and Ghaly [101]

|δ| 3.4 % 3.4 % 4.2 %
δ 2.7 % -1.7 % 3.6 %
δ (0 K - 5 K) 2.4 % -2.9 % 3.1 %
δ (5 K - 10 K) 2.0 % -2.1 % 3.5 %
δ (10 K - 17 K) 4.5 % 2.4 % 5.5 %

In-tube flow boiling correlations for mixtures
Gungor and Winterton [116] Gungor and Winterton [116] Gungor and Winterton [117] Gungor and Winterton [117]

(Cooper) (S&A) (Cooper) (S& A)
|δ| 4.1 % 9.3 % 33.9 % 31.3 %
δ -2.2 % -8.8 % -33.9 % -31.3 %
δ (0 K - 5 K) -4.0 % -12.7 % -37.6 % -36.4 %
δ (5 K - 10 K) -2.4 % -8.4 % -35.0 % -31.7 %
δ (10 K - 17 K) 3.1 % 0.6 % -22.0 % -17.4 %

Jung et al. [89] Wettermann and Steiner [120] Zhang et al. [97]
|δ| 29.7 % 10.2 % 22.5 %
δ -29.7 % 10.0 % -22.4 %
δ (0 K - 5 K) -33.4 % 10.6 % -28.5 %
δ (5 K - 10 K) -31.4 % 10.3 % -22.8 %
δ (10 K - 17 K) -17.0 % 7.9 % -6.0 %

PHE specific correlations - corrected
Hsieh and Lin [110] Longo et al. [112] Amalfi et al. [93] Ayub et al. [113]

|δ| 4.0 % 3.3 % 3.9 % 5.2 %
δ 0.4 % -1.1 % -0.8 % 4.1 %
δ (0 K - 5 K) -2.1 % -1.4 % -3.0 % 2.6 %
δ (5 K - 10 K) 0.7 % -2.6 % -0.9 % 4.5 %
δ (10 K - 17 K) 6.4 % 2.3 % 4.9 % 7.3 %
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Note that very different results were obtained by applying the two correlations from
the same authors Gungor and Winterton [116, 117] from different studies and years.
While applying Cooper [107] correlation and the correction by Thome and Shakir [119]
to the former led to a good match with experimental data, the latter [117] consistently
underpredicted the data. The same correlation [117] applied to Shah [126] theoretical
methods resulted in a good agreement. Therefore, depending on how the different
contributions to heat transfer are integrated and how the correction is applied, the
correlations might lead to completely different results.

Local variation of the heat transfer coefficient

The local values of heat transfer coefficient are presented for three experimental data
points in Fig. 3.4 (a-c). The captions report the mass fraction of propane in the mixture,
as well as the bubble point, the temperature glide and the outlet experimental vapour
quality. The figure also reports, with a black dotted line, the heat transfer coefficient
from the heat source side. It can be observed that the heat source gives the dominating
thermal resistance depending on the chosen correlation. One reason for which larger
differences between heat transfer coefficients do not lead to high deviations in the total
heat flow rate is due to the contribution of the heat source side to the overall thermal
resistance. The mixture data points subject to a larger temperature glide resulted in
heat transfer coefficient values comparable to the heat source side. Therefore, the use
of different correlations led to a larger impact on the estimation of the PHE evaporator
performance.

Fig. 3.4 (a) corresponds to an experimental point experiencing a very low temperature
glide, corresponding to a low mass fraction of propane and relatively high saturation
temperature. Fig. 3.4 (b) and (c) were instead plotted for mixtures with higher propane
fractions, thus undergoing higher temperature glides during the evaporation process.
Note that the sudden drop in heat transfer coefficient at high values of cumulated heat
flow rate in the two cases (b) and (c) is related to the superheated region.

Using a PHE specific correlation as Amalfi et al. [93] does not capture the degradation
of heat transfer due to the increasing temperature glide of the mixture, and Fig.3.4 (a),
(b) and (c) report similar values of heat transfer coefficients estimated by this correlation.
However, if the mixture correction factor to the nucleate boiling contribution is applied, a
slight degradation of the heat transfer coefficient is observed. This decrease was however
lower compared to the use of theoretical methods or mixture specific correlations.

Applying theoretical methods like Silver [100] and Bell and Ghaly [101] and Shah [126]
was found to be appropriate to catch the variation of the heat transfer coefficient in the
three cases. The higher values depicted in Fig. 3.4 (a) were found to decrease in both
Fig. 3.4 (b) and (c), consistently with the higher temperature glide experienced by the
mixture.
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Figure 3.4: Heat transfer coefficient vs. cumulated heat flow rate for some
prediction methods for three different experimental points in (a), (b) and (c)

On the other hand, by employing a general or specific correlation for mixtures, the
case is different depending on the chosen correlation. Gungor and Winterton [116]
presented a similar trend compared to Amalfi et al. [93] in Fig.3.4 (a) and a similar
behaviour compared to Shah [126] in (b). Given the good agreement with experimental
data previously discussed, this method was found to be a good choice to predict the
heat transfer rate of the mixture. Gungor and Winterton [117], instead, entails an
underestimation of the heat transfer coefficient compared to the other prediction methods
and for Fig. 3.4 (a-c) the ranges were found to be similar. Last, Zhang et al. [97]
correlation resulted in underestimation of the heat transfer coefficient in both Fig.3.4 (a)
and (b), while comparable values to the theoretical methods are shown in Fig.3.4 (c), i.e.
for larger glides. This is in agreement with the results previously presented: mixtures
effects can become dominant over the PHE geometry for large glides, thereby making the
use of specific mixtures correlations a possible alternative to predict the mixture heat
transfer coefficient in PHEs.

3.3.4 Main finding and recommendations

In light of the results presented so far, the recommendations on the use of prediction
methods to estimate the heat transfer coefficient of evaporating zeotropic mixtures in
PHEs are summarized as follow.

69



Chapter 3. Heat transfer correlations for evaporation of zeotropic mixtures

• It is recommended to employ theoretical methods, e.g. Silver [100] and Bell and
Ghaly [101] method or Shah [126], to estimate the heat transfer coefficient. These
methods allow taking the degradation of heat transfer due to mixture effects into
account, together with an appropriate representation of the geometry. The use
of these methods is strongly advised for mixtures experiencing large temperature
glides since they are subject to a higher degradation of heat transfer.

• PHE specific correlations, e.g. Amalfi et al. [93], resulted in an accurate estimation
of the total heat flow rate, especially for mixtures experiencing lower temperature
glides , due to the similar behaviour to pure fluids and the dominating resistance of
the heat source. By correcting the nucleate boiling contribution of these correlations
to account for mixture degradation did not lead to considerable improvements on
the results. However, the latter approach can also be employed, since it showed a
good agreement with the experimental data. For case studies in which the heat
source thermal resistance does not play a significant role - differently from the case
shown in this study - the correction might lead to better improvements.

• It is not recommended to use zeotropic mixtures specific correlations by substituting
the tube diameter with PHE hydraulic diameter. Most prediction methods were
found to underestimate the heat transfer coefficient, due to a poor characteriza-
tion of the geometry. The use of these methods can only be justified with very
large temperature glides, making mixture effects dominant over the geometrical
representation.

3.3.5 Discussion

The experimental validation presented here was limited to the comparison against total
evaporator heat flow rate, since no experimental measure of the heat transfer coefficient
(local or global) was developed during the experimental campaign. Therefore, the
recommendations derived in the present study must be merely seen as a guideline,
particularly relevant for those interested in estimating the impact of PHE evaporators on
integrated systems, or interested in understanding the sensitivity of the heat transfer
coefficient to different correlations. More work must be carried out to understand the
complex flow and heat transfer mechanism in PHEs for mixtures of refrigerants.

An additional aspect to consider is given by the thermal resistance of the heat source
side, which resulted to have a significant impact in the present study. For mixtures
experiencing a low temperature glide, with higher values of heat transfer coefficients,
different methods presented a good agreement against the experimental data due to the
dominating resistance of the ethylene/glycol water mixture compared to the refrigerant
side. On the other hand, by looking at mixtures subject to large temperature glides, the
relative weight of refrigerant and secondary fluid heat transfer coefficients was found to
be similar, thus leading to a stronger impact of the correlation chosen to compute the
mixture heat transfer coefficient.
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Moreover, this study included data for mixtures of CO2/propane only. The impact of
fluid thermo-physical properties on heat transfer should also be included in future work,
and more zeotropic mixtures should be investigated experimentally.

Last, the distribution of the collected experimental data with respect to temperature
glide was shown. More investigation could be done in this respect, by collecting data for
more mixtures undergoing a wide range of glides. In fact, limited data were included for
mixtures experiencing glides larger than 15 K: it could be relevant to include data points
up to 20 K - 25 K in the analysis.

3.4 Significance of the choice of the correlation to correct
the nucleate boiling contribution

As reported in Section 3.2.2, different models can be chosen to compute the mixture
degradation for the nucleate boiling contribution. The analysis presented in Section
3.3 illustrated the comparison of different methods, and the model proposed by Thome
and Shakir [119] was used in all the cases to compute Fc. This section deals with the
comparison of different correlations to compute the correction factor Fc in the Silver [100]
and Bell and Ghaly [101] method. All the models presented in Table 3.2 are investigated
and compared to the baseline choice of Thome and Shakir [119]. The comparison is
carried out against the same experimental data used in the previous analysis, and by
following a similar approach. The correlations by Amalfi et al. [93], Cooper [107] and
Martin [77] were used as baseline combination to compute the other terms for the heat
transfer coefficient formulation of the Silver [100] and Bell and Ghaly [101] method.

3.4.1 Results

The sensitivity analysis carried out on choosing different correlations in the Silver [100]
and Bell and Ghaly [101] method, is first presented at a global level, i.e. by comparing
the total heat flow rate estimated by the PHE model against the experimental values.
Table 3.6 report the mean relative and absolute errors of the total heat flow rate obtained
by changing the correlations for the computation of Fc. The errors were found to be
equal to generally low values, regardless of the correlations chosen. The maximum
deviation corresponded to the use of Schlunder [131] with a mean absolute error equal to
4.1 %, considering all the data points. Therefore, the choice of the correlation for the
computation of the nucleate boiling correction was found not to be relevant when looking
at the overall performance of the component for the considered case study.

The agreement with the experimental data was found to be low also when dividing
the points according to the temperature glide range, despite a larger increase of the
error was found in the interval 10 K - 17 K. This is related to the higher importance of
the refrigerant heat transfer coefficient on the overall thermal resistance for increasing

71



Chapter 3. Heat transfer correlations for evaporation of zeotropic mixtures

Table 3.6: Mean relative and absolute errors of the heat flow rate predicted
by the different correlations to compute Fc

Prediction method δ, % |δ|, %

Thome and Shakir [119]

Overall 2.7 3.4
0 K - 5 K 2.4 3.9
5 K - 10 K 2.0 2.3
10 K - 17 K 4.5 4.5

Stephan and Körner [129]

Overall 2.1 3.1
0 K - 5 K 1.7 3.6
5 K - 10 K 1.4 1.9
10 K - 17 K 4.2 4.2

Jungnickel et al. [130]

Overall 1.6 3.0
0 K - 5 K 1.5 3.6
5 K - 10 K 0.7 1.6
10 K - 17 K 3.9 3.9

Schlunder [131]

Overall 3.4 4.1
0 K - 5 K 2.8 4.2
5 K - 10 K 3.2 3.3
10 K - 17 K 5.2 5.2

Fujita and Tsutsui [132]

Overall 1.5 2.8
0 K - 5 K 1.4 3.4
5 K - 10 K 0.5 1.5
10 K - 17 K 3.7 3.7

Fujita and Tsutsui [133]

Overall 2.9 3.7
0 K - 5 K 2.6 4.0
5 K - 10 K 2.5 2.6
10 K - 17 K 4.7 4.7

Inoue et al. [134]

Overall 1.3 2.7
0 K - 5 K 1.2 3.4
5 K - 10 K 0.2 1.4
10 K - 17 K 3.6 3.6

mixture temperature glides. This aspect is shown in Fig.3.5: the heat transfer coefficient
development in the evaporator is reported for three different experimental points, subject
to very different temperature glides.

The mean relative error on the average heat transfer coefficient - with respect to the
baseline case of Thome and Shakir [119] - is reported in the figure for the correlation
deviating the most from the baseline, e.g. Schlunder [131]. The heat source is also
reported in the plot. The figure shows that in the Silver [100] and Bell and Ghaly [101]
method, the heat transfer coefficient of the refrigerant estimated for temperature glides
up to 8 K is very large compared to the secondary fluid. It follows that deviations in the
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Figure 3.5: Heat transfer coefficient vs. cumulated heat flow rate for the in-
vestigated correlations to compute Fc for three different experimental points
in (a), (b) and (c)

computation of the refrigerant heat transfer coefficient do not lead to large deviations
when looking at the match with the experimental heat flow rate. The deviations become
more relevant in cases of larger glides, as shown in Fig.3.5 (c). Moreover, the differences
between the correlations to compute Fc becomes more evident for mixtures undergoing
larger glides. For instance, for the three chosen experimental point, Schlunder [131]
overestimated the heat transfer coefficient of + 8% compared to Thome and Shakir [119]
in (a), while deviation increased up to 25.6 % in (c). Note that, for experimental points
included in the interval 10 K - 17 K, the agreement between the different correlations
and the experimental data to compute the total heat flow rate, reported in Table 3.6,
was found to be low in any case, with Schlunder [131] deviating the most with 5.2 %.
This means that the use of Silver [100] and Bell and Ghaly [101] method to compute the
mixture heat transfer coefficient is appropriate even for those cases in which the thermal
resistance of the refrigerant is of the same order of magnitude of the water thermal
resistance.

3.4.2 Discussion

This study was not able to identify a preferred correlation to compute the correction
factor to nucleate boiling term, since all the methods resulted in very low deviations
in terms of total heat flow rate. The agreement was particularly good for mixture
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Chapter 3. Heat transfer correlations for evaporation of zeotropic mixtures

experiencing low glides, since the heat source resistance dominates the heat transfer.
However, even for larger temperature glides - included in the interval 10 K - 17 K - the
agreement was found to be low for any correlation, despite the refrigerant resistance
to heat transfer was comparable to the one of water. The suitability of the method by
Silver [100] and Bell and Ghaly [101] was thus confirmed by the good match obtained
for these experimental points. However, the analysis resulted to yield larger deviations
between estimation of local values of heat transfer coefficient, with increasing differences
for increasing temperature glides. This aspect must be taken into account if a detailed
characterization of the component is required, rather than PHE performance estimation
aimed at system-level analysis.

3.5 Case study: impact of correlations on a performance
problem

This section presents a comparison of correlation applied to a case study where a PHE
evaporator is sized for different zeotropic mixtures of CO2 and HCs, subject to different
temperature glides from the heat source side. The study aims at evaluating the sensitivity
of the results of a performance problem to the use of different correlations in the Silver
[100] and Bell and Ghaly [101] method. The performance problem is formulated with
the perspective of integrating the PHE evaporator in a heat pump cycle, and imposing
defined control values for the refrigerant superheat and suction volume flow rate. The
analysis is thus aimed at quantifying the impact on the output of a performance problem
of choosing different correlations in the theoretical method.

3.5.1 Methods

The comparison was based on a case study of a single-stage vapor compression heat
pump, presented in Zühlsdorf et al. [20] designed for delivering 2200 kW at the condenser,
by heating up water from 40 ◦C to 80 ◦C. The inlet temperature of the heat source
(water) was fixed to 40 ◦C, and different heat source temperature glides were assessed,
namely 10 K, 15 K and 20 K, corresponding to Case I, II and III, respectively. Optimal
zeotropic working fluid mixtures were found for the different temperature glides. These
are reported in Table 3.7 with related mass composition, evaporation pressure, heat
pump COP and heat load at the evaporator.

The impact of the chosen prediction methods was assessed in a relevant practical situation,
in which the geometry of the PHE was entirely fixed and the suction volume of the
refrigerant flow at the compressor inlet (corresponding to the evaporator outlet) and the
super-heating were fixed by the control. The required number of channels was estimated
for each working fluid with a preliminary evaporator sizing based on constant heat
transfer coefficients in the different regions of evaporation and superheat. The other HEX
parameters were defined according to an existing evaporator model (V65) manufactured
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3.5. Case study: impact of correlations on a performance problem

Table 3.7: Evaporator boundary conditions for the different working fluids
[20]

Case I, ∆Tgl = 10 K Case II, ∆Tgl = 15 K Case III, ∆Tgl = 20 K

Mixture peva COP Q̇eva,tot Mixture peva COP Q̇eva,tot Mixture peva COP Q̇eva,tot
bar - kW bar - kW bar - kW

CO2/DME 7.5 5.62 1809 Propylene/butane 4.0 5.4 1792 DME/pentane 1.2 5.24 1780(0.1/0.9) (0.3/0.7) (0.3/0.7)
DME/butane 4.8 5.61 1807 Propane/butane 3.9 5.38 1791 DME/iso-Pentane 1.7 5.19 1776(0.5/0.5) (0.7/0.7) (0.3/0.7)
Ethane/propane 12.3 5.6 1807 CO2/DME 7.0 5.32 1787 Propylene/butane 5.0 5.15 1773(0.1/0.9) (0.1/0.9) (0.5/0.5)
Ethane/propylene 14.5 5.57 1805 DME/iso-pentane 4.5 5.31 1786(0.1/0.9) (0.8/0.2)

by SWEP International AB [74], with design parameters reported in Table 3.8. The PHE
was assumed to be constructed in stainless steel, with a thermal conductivity equal to
16.2 W/mK.

The performance of the PHE was assessed by using the evaporator 1D model, presented in
chapter 2.2. The model was run with n= 100 slices along the flow direction and tolerance
set to 10−5. The local values of heat transfer coefficient and pressure drop were estimated
by following the approach presented in chapter 2.2.6, choosing the different correlations
included in the sensitivity study. The model was coupled with an external solver for
the performance problem, i.e. to estimate the operating conditions of the evaporator to
meet the control values. The solver was implemented following the Newton-Raphson
method with a set tolerance of 10−3 on the relative residuals of the refrigerant suction
volume and super-heating. It was assumed to employ a thermostatic expansion valve,
thus calculating the refrigerant superheat in relation to inlet pressure. The refrigerant
mass flow and saturation pressure were thus calculated in order to match the control
values.

Table 3.8: Geometry of the SWEP Evaporator type V65 [74]

Parameter Unit Value
W m 0.363
Lp m 0.731
t mm 5.0
β ◦ 35
b mm 1.9
Λ mm 7.0
Dp m 0.1
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Chapter 3. Heat transfer correlations for evaporation of zeotropic mixtures

Investigated correlations

The correlations chosen for investigation in the Silver [100] and Bell and Ghaly [101]
method are reported in Table 3.9. The sensitivity study was carried out on the three
terms of Eq.(3.21) to compute the two-phase convective contribution, the ideal nucleate
boiling contribution and the vapour only heat transfer coefficient. The ideal nucleate
boiling terms was subsequently corrected by Thome and Shakir [119]. The correlations
by Hsieh and Lin [110] and Longo et al. [112] were used to compute both hcb and
hnb. The former correlation is a superposition model, with distinct contributions for
nucleate and convective boiling (see Eq.(3.2)), while the latter estimates the largest
of both contributions (see Eq.(3.7)).. Therefore, each term of both correlations was
considered in the appropriate category, as reported in Table 3.9. The remaining two-
phase correlations were categorized as convective or nucleate boiling methods, depending
on the related authors observations on the heat transfer, which could be dominated by
heat flux (nucleate boiling) or by vapour quality and mass flow (convective boiling). All
possible combinations of the three terms were analysed, leading to 75 different possibilities
for each fluid.

Table 3.9: Investigated correlations for the case study
Two-phase convective boiling Two-phase ideal nucleate boiling Single-phase

hcb hnb,id hvo
a Danilova et al. [104] A Cooper [107] Chisholm and Wanniarachchi [135]
b Hsieh and Lin [110] B Hsieh and Lin [110] Wanniarachchi et al. [136]
c Han et al. [105] C Palm and Claesson [95] Martin [77]
d Longo et al. [112] D Gorenflo and Kenning [108]
e Amalfi et al. [93] E Longo et al. [112]

3.5.2 Results

Fig.3.6, Fig. 3.7 and Fig. 3.8 show the heat transfer correlation sensitivity analysis
results for Case I, II and III, respectively. Fig.3.6 (a), Fig. 3.7(a), and Fig.3.8 (a) report
the mean UA value for all the combinations: the abscissa indicates different combination
of nucleate and convective boiling correlations, while the three different marker styles
represent the three single-phase correlations. Different colors represent the different
working fluids of the three cases. Fig.3.6 (b), Fig. 3.7(b), and Fig.3.8 (b) represent the
development of the UA value along the evaporator, as a function of the cumulated heat
flow rate. The results are shown for only two correlation combinations for each fluid,
represented by a continuous and a dotted line. The former characterizes the combination
estimating the highest mean heat transfer coefficient for the specific fluid, while the latter
represents the correlations giving the lowest mean heat transfer coefficient. The results
are shown in terms of UA value to account for: (i) the impact of the heat source heat
transfer coefficient, and (ii) the different heat transfer area related to the working fluids.
In fact, the PHE evaporator was preliminarily sized for the different refrigerants using
the same plate geometry, thereby leading to a different number of channels (and required
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Figure 3.6: Case I results: (a) Impact of the different heat transfer correla-
tions on the mean UA value; (b) UA as function of the cumulated heat flow
rate in the evaporator

heat transfer area).

Better heat transfer performance was obtained for smaller temperature glides, with mean
UA values up to 400 kW/K for Case I against values not higher than 300 kW/K for Case
III. By looking at the UA distribution in the evaporator in Fig.3.6 (b), Fig.3.7 (b) and
Fig.3.8 (b), Case I yields a steeper heat transfer growth for increasing vapour quality
compared to Case II and III, for the best performing correlation combinations. This is
due to the higher degradation of heat transfer for increasing temperature glide for both
the case of nucleate and convective boiling due to the larger sensible heat flow rate needed
for increasing the mixture temperature during phase change. The fluid ranking in terms
of heat transfer performance remains the same in all cases, regardless of the correlation
applied. By looking at Case I in Fig. 3.6 (b), the UA value of DME/butane(0.5/0.5)
outperforms the other fluids for both the best and worst correlation combinations.

Similarities were found for the single-phase and nucleate boiling correlations. The
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Figure 3.7: Case II results: (a) Impact of the different heat transfer correla-
tions on the mean UA value; (b) UA as function of the cumulated heat flow
rate in the evaporator

single-phase correlation by Chisholm and Wanniarachchi [135] led to higher heat transfer
compared to Martin [77] and Wanniarachchi et al. [136], which yielded the lowest UA.
This holds for all the mixtures, as shown by the different markers in Fig.3.6 (a), Fig.
3.7(a).

Hsieh and Lin [110] (B) underestimated the nucleate boiling contribution compared to
the other correlations, while Palm and Claesson [95] (C) overestimated the nucleate
boiling. The results, shown in Fig.3.6 (b), Fig.3.7 (b) and Fig.3.8 (b), are hence the same
for all the fluids. By looking at convective boiling contributions, Hsieh and Lin [110] (b)
correlation led to the best heat transfer coefficient for all the working fluids of Case I,
whileLongo et al. [112] (d) yielded the best performances for Case II and III. The lowest
convective boiling contribution to heat transfer was estimated by Amalfi et al. [93] (e)
and Danilova et al. [104] (a), depending on the working fluid.

Fig.3.9 reports the percentage deviation from the mean of all correlation combinations of
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Figure 3.8: Case III results: (a) Impact of the different heat transfer correla-
tions on the mean UA value; (b) UA as function of the cumulated heat flow
rate in the evaporator

the most deviating correlation combinations for heat transfer, which were identified in
Fig.3.6 (b), Fig.3.7 (b) and Fig.3.8 (b). The deviations are reported for the refrigerant
mean heat transfer coefficient, for the mean UA value, and the consequent effect on the
total heat flow rate at the evaporator, output of the performance model.

First of all, large deviations were obtained on the computation of the refrigerant heat
transfer coefficients: a maximum value around 50 % was obtained in the case of DME/pen-
tane (0.3/0.7). These large discrepancies were however compensated on the computation
of the total UA value, taking the heat source thermal resistance and the heat transfer
area into account. For the same refrigerant, this was translated in a + 30 % deviation on
the mean UA value. Finally, a much lower deviation (lower than 10 %) was obtained on
the output of the performance model, namely the total evaporator heat flow rate.

Case I and Case II presented maximum differences in mean refrigerant heat transfer
coefficient around ±40%, mean UA values around ±20 %, while Case III reported slightly
higher deviations, with a maximum around ±50% for the heat transfer coefficient and

79



Chapter 3. Heat transfer correlations for evaporation of zeotropic mixtures

total heat flow rate mean UA value mean htc

CO2/D
M

E(1
0/9

0)
 - 

I

DM
E/B

uta
ne

(5
0/5

0)

Etha
ne

/P
ro

pa
ne

(1
0/9

0)

Etha
ne

Pro
py

len
e(1

0/9
0)

Pro
py

len
e/B

uta
ne

(3
0/7

0)

Pro
pa

ne
/B

uta
ne

(3
0/7

0)

CO2/D
M

E(1
0/9

0)
 - 

II

DM
E/Is

o-
Pen

tan
e(8

0/2
0)

DM
E/P

en
tan

e(3
0/7

0)

DM
E/Is

o-
Pen

tan
e(3

0/7
0)

Pro
py

len
e/B

uta
ne

(5
0/5

0)
-40

-30

-20

-10

0

10

20

30

40

50

60

Figure 3.9: Highest and lowest deviations from the mean of the refrigerant
heat transfer coefficient, UA value and of the total evaporator heat flow rate

±30% on the mean UA values. This means that very large discrepancies can be obtained
between different correlations on the estimation of the refrigerant heat transfer coefficient.
However, regarding the total heat flow rate, maximum deviations around ±2 % for Case
I and II and ±6% for Case III, can be observed in Fig.3.9, much lower values compared
to the heat transfer coefficients.

It can further be concluded that working fluids experiencing larger temperature glides
presented a higher degradation of heat transfer, and a stronger dependence on the chosen
prediction methods.

3.5.3 Discussion

The presented results suggest that the choice of the prediction method had a significant
impact on the estimation of the heat transfer coefficients. The working fluids presented
similarities in terms of correlations overestimating or underestimating the heat transfer
coefficient compared to the mean results and this must be taken into account when
choosing a certain prediction method for other mixtures of natural refrigerants.

Moreover, the results suggested that despite the large discrepancies on the absolute values
of heat transfer coefficient and UA values, a much smaller deviation was obtained on
the output of the performance model, i.e. the heat transfer rate at the evaporator. It
must be therefore taken into account that different degrees of uncertainties are related
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3.6. Summary

with the correlations choice depending on the scope of the analysis. For a user interested
in analyzing the PHE performance impact on a thermodynamic cycle, the choice of the
prediction method would not lead to large differences (max 6 % were obtained in Case
III). On the other hand, it would be very relevant to consider the much larger differences
between correlations for a user focusing on detailed heat transfer and pressure drop
mechanisms in the component.

A typical practical situation was assessed in the present study, i.e. evaluating the
performance of the evaporator (with fixed geometry) as the operating conditions were
adjusted according to control. The design problem represents an additional situation
in which experimental correlations are used. In this case, the operating conditions are
fixed and the PHE heat transfer area must be found to meet the design thermal load. A
sensitivity analysis to assess the prediction methods impact on the design problem will
be therefore part of future work.

3.6 Summary
This chapter presented different studies aimed at evaluating the impact of choosing
different prediction methods to evaluate the heat transfer coefficient of zeotropic mixtures
in PHE evaporators.

First, a comparison between different types of correlations against experimental data of
CO2/propane at different mass compositions was presented. The comparison was carried
out for mixtures subject to different temperature glides, and by using PHE specific
correlations, theoretical models and mixture specific correlations developed for in-tube
flow boiling. The best agreement with experimental data was obtained by using the
theoretical methods by Silver [100] and Bell and Ghaly [101], and Shah [126], which
matched the experimental data with a mean relative error equal to 3.4 %. PHE specific
correlations resulted to predict the total heat flow rate with a good accuracy, especially at
low temperature glides when the secondary fluid resulted to be the dominating thermal
resistance. Larger deviations were instead found by employing mixture correlations
developed for in-tube flow boiling.

Second, a sensitivity study on the correlations to compute the correction factor to the
nucleate boiling contribution in theoretical methods was presented. The sensitivity was
carried out by comparing the different correlations to the experimental data. It was
found that larger deviations between the estimation of the local heat transfer coefficients
are obtained at larger temperature glide. For a mixture undergoing 17 K temperature
glide, the correlation by Schlunder [131] was found to deviate with a mean relative error
of 25.6 % compared to the baseline correlation by Thome and Shakir [119]. However,
similarly to what obtained previously, the goodness of the match to the experimental
heat flow rate was not largely affected by the correlation.
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Last, a sensitivity study on correlations to compute the different contributions of two-
phase convective boiling, ideal nucleate boiling and vapour only heat transfer coefficients,
was carried out for the Silver [100] and Bell and Ghaly [101] method, and a practical
case study. Different mixtures were investigated, subject to heat source temperature
glides of 10 K, 15 K and 20 K. It was found that despite deviations up to 50 % can be
obtained on the estimation of the local heat transfer coefficient, the discrepancies were
found to be lower on the mean UA value - accounting for both secondary fluid thermal
resistance and geometry - and on the output heat flow rate, which was affected by 6 %
in the worst case. It was again obtained that mixtures undergoing larger temperature
glides are subject to a larger degradation of heat transfer.

To conclude, it was demonstrated that in-tube flow boiling correlations developed for
mixtures are not a suitable approach to compute the heat transfer coefficient. Using
theoretical models is instead strongly recommended, in order to model the PHE geometry
and the degradation of heat transfer due to mixture effects. Different correlations were
compared to compute the different terms in the theoretical models, and it was found
that, in cases when the secondary fluid gives the dominating resistance, the choice
of the methods is not relevant when looking at the total heat flow rate. However,
larger discrepancies between methods are obtained on the local values of heat transfer
coefficients. Therefore, depending on the focus of the analysis, e.g. detailed component
characterization vs. system integration, different possible deviations resulting to different
degrees of uncertainty must be taken into account.
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4 Derivation of design guidelines

This chapter presents the research work carried out with the aim of deriving simplified
guidelines to design the plate heat exchangers for heat pump cycles using both pure
fluids and zeotropic mixtures of natural refrigerants. The chapter is based on [P1], [C1]
and [C4].

4.1 Introduction
Optimal design of evaporators and condensers in heat pumps plays a key role for
overall system thermodynamic and economic optimization. A common approach is to
adopt design criteria based on heuristics, which possibly lead to suboptimal solutions
depending on the working fluid. Moreover, the relative ranking of the refrigerants for
both thermodynamic and economic indicators may be affected by the HEX design. This
chapter aims at deriving design recommendations and guidelines for evaporators and
condensers in heat pumps using pure fluids and zeotropic mixtures as refrigerants.

The chapter is structured as follows: section 4.2 presents general recommendations
for PHE evaporator and condenser design in heat pumps using both pure fluids and
mixtures. The derivation is illustrated based on a case study of heat pump integration in
data centres for waste heat recovery purposes. In section 4.3, a methodology to derive
simplified guidelines for optimal evaporator design is presented. The methodology is
demonstrated by applying it to a case study of heat pump integration in a spray drying
facility for waste heat recovery. Last, section 4.4 provides a summary of the main findings.

It is noted that, despite the approach could be theoretically extended to other HEX
configurations, the chapter is based on the assumption that PHEs are used as both
evaporator and condensing units.
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4.2 Design recommendations for evaporator and condenser
design

In this section, general recommendations for optimal evaporator and condenser design
in heat pump systems are presented. The relative impact of each HEX component is
assessed on both the cycle COP and the levelized cost of heat. Different designs, leading
to different trade-offs of heat transfer area investment and pressure drop, are obtained
for both components and different fluids for a case study.

4.2.1 Methods

A coupled PHE - heat pump simulation framework was used for design and off-design
analysis of the cycle with different designs of PHE for both condenser and evaporator.
First, the working fluid and the case study boundary conditions (BCs) were defined and
used in a heat pump design model. The PHE evaporator and condenser designs were
subsequently carried out, for different combinations of geometrical parameters. The aim
of the parametric analysis was to obtain PHE designs with different heat transfer areas
and pressure drop. The resulting configurations were finally used in an operating model.
The model additionally received as inputs the control values chosen for the operation,
namely a fixed superheat, subcooling and suction volume flow rate at the compressor
inlet. The resulting heat pump operating conditions, affecting the compressor power
requirement and the heat supply of the condenser, were used in an economic analysis to
estimate the off-design COP, heat transfer area, and operating costs.

Working fluid and 

case study BCs

HP design model

PHE design models

(evap. and cond.)

 Qeva,  Qcond

Fixed geometrical 

parameters (225 

combinations)

HP operating 

model

Control values 

for operation 

(Δ𝑇𝑠ℎ, Δ𝑇𝑠𝑐,  𝑉𝑠𝑢𝑐)

Ahteva
Ahtcond

Δ𝑝refeva
Δ𝑝refcond

Economic analysis

COP, 

investment and 

operating costs

 𝑊comp
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Figure 4.1: Work-flow of the overall procedure
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4.2. Design recommendations for evaporator and condenser design

The parametric study conducted on the geometry of both evaporator and condenser
evaluated 225 different combinations of designs. It was decided to fix the corrugation
geometry of the PHEs and to carry out a sensitivity study on the plate size and count.
The plate width W and number of channels Nch were varied for both the components,
while the plate length L was estimated as an output of the design model. The values
used in the parametric analysis are reported in Table 4.1.

Table 4.1: Plate width and number of channels values used in the parametric
study

Paramter Working fluid Values Unit
Weva All fluids 0.250 – 0.400 – 0.600 m

Nch,eva

Propane 50 – 100 – 150 – 200 – 250
-Butane 70 – 120 – 170 – 220 – 270

Propylene/butane 80 – 130 – 180 – 230 – 280
Wcond All fluids 0.200 – 0.400 – 0.600 m

Nch,cond

Propane 50 – 100 – 150 – 200 – 250
-Butane 70 – 120 – 170 – 220 – 270

Propylene/butane 50 – 100 – 150 – 200 – 250

Numerical models

The numerical models used to run the different steps of the overall procedure shown in
Fig.4.1, were presented in Chapter 2. The heat pump design model was described in
Chapter 2.6.1. The PHE design models iterated on the plate length necessary to meet
the required heat load, and they were based on a discretization of the component at
constant enthalpy change steps, as described in Chapter 2.3. The PHE performance was
instead estimated by the model presented in 2.2, while the coupled PHE - heat pump
calculations during off-design operation used the framework presented in Chapter 2.6.2
and explained by Fig.2.14.

For the PHE model in both design and performance mode, a total of n = 50 number
of CVs was used for the evaporator and n= 110 for the condenser discretization. The
tolerance was set to 10−5. The local values of heat transfer coefficient and pressure drop
were estimated by following the approach presented in chapter 2.2.6. The evaporation
heat transfer coefficient for pure fluids was estimated by Amalfi et al. [93] correlation. The
Silver [100] and Bell and Ghaly [101] method was instead applied to account for mixture
degradation of heat transfer during evaporation. In this method, Amalfi et al. [93] was
applied for the two-phase convective contribution, Cooper [107] was used for the ideal
nucleate boiling contribution, Thome and Shakir [119] correlation was used for estimating
the mixture correction for the nucleate boiling term, and Martin [77] was applied for the
single-phase vapour contribution. The Lockhart and Martinelli [78] method was applied
to evaluate two-phase evaporation frictional pressure drop. The method was applied as
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proposed by Palm and Claesson [95], i.e Martin [77] was used to estimate the single-phase
frictional pressure drop and the correlation developed by Chisholm [80] estimated the
two-phase multiplier with a Chisholm parameter equal to 4.67. Regarding pressure drop,
no distinction was made between pure and mixed refrigerants, and the same method was
applied. Yan et al. [137] was used for the condensation heat transfer coefficient of pure
fluids, while the Silver [100] and Bell and Ghaly [101] method was applied to account
for mixture degradation of heat transfer during condensation. The ideal heat transfer
coefficient was computed using Zhang et al. [97], while Martin [77] was used for the
vapour phase correction term. Condensation pressure drop was estimated by using the
correlation for the Fanning friction factor proposed by Zhang et al. [97].

Case study

A case study previously published in Zühlsdorf et al. [13] was chosen for the analysis. A
single-stage vapour compression heat pump was integrated in a data centre facility for
waste heat recovery purposes, with the aim of supplying heat to the district heating net-
work. Propane, butane and a mixture of propylene/butane at (0.5/0.5) mass composition
were found among the best performing working fluids. The heat pump was sized by fixing
the heat transfer rate at the evaporator, i.e. 500 kW to use as waste heat. Moreover, the
heat source was considered to be water entering the evaporator at 50 ◦C and leaving at 25
◦C, while the heat sink was considered to be water entering the condenser at 50 ◦C to be
heated up to 75 ◦C, i.e. the temperature level required by the dostrict heating network.
Table 4.2 reports the inputs used for the heat pump sizing, as well as the outputs, which
determine the boundary conditions for evaporator and condenser sizing.

Table 4.2: Heat pump design and operating parameters for the selected
working fluids

Inputs Outputs

Working fluid Q̇eva,
kW

Ths,in,
◦C

Ths,out,
◦C

Tsink,in,
◦C

Tsink,out,
◦C

Q̇cond,
kW

pcond,
bar

peva,
bar

V̇out,eva,
m3 h−1

COP,
-

ch,
e/MWh

Butane 500 50 25 50 75 630 9.5 2.2 1100 4.5 32.7
Propane 500 50 25 50 75 638 28.1 8.8 370 4.4 31.1
Propylene/Butane 500 50 25 50 75 600 16.4 5.6 460 5.6 25.8

4.2.2 Results

Impact of evaporator and condenser design on thermodynamic performance

Fig.4.2 shows how the refrigerant pressure drop of the evaporator affected the heat pump
COP. Each point corresponds to one combination of the design variables reported in
Table 4.1, e.g. different evaporator and condenser geometries. The different marker
styles and colours represent the working fluid. The COP value was reported by scaling
it with respect to the design value. The thermodynamic performance degradation due
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4.2. Design recommendations for evaporator and condenser design

to pressure drops for the different PHE evaporator designs was fitted linearly for each
working fluid, and Fig.4.2 also reports the value of the slopes. For example, choosing
a design with 30 kPa pressure drop entails around 4 % COP drop for butane, 3 % for
propylene/butane, while it stays lower than 2 % for propane.

0 10 20 30 40 50 60 70 80
0.9

0.92

0.94

0.96

0.98

1

-0.00047

-0.00076

-0.00142
propane
butane
propylene/butane

Figure 4.2: Normalized COP as a function of total refrigerant pressure drop
in the evaporator

It must be noted that only few design points are visible in the figure compared to the 225
different combinations evaluated in the sensitivity study. This is due to the condenser
design, which does not affect the COP, hence the points with the same evaporator geometry
and different condenser designs overlap. Fig.4.3 (a) further illustrates this result, reporting
the COP for the three working fluids as a function of the total refrigerant pressure drop
in the condenser. There is no dependency between the COP and the condenser design,
and the colour scale – indicating different normalized evaporator pressure drops – shows
that maximum COP was obtained for minimum evaporator pressure drops in all the cases.
Note that Fig.4.3 (a) shows that the relative ranking of the working fluids in terms of COP
was slightly affected by the PHE designs. Propylene/butane remained the refrigerant
with the highest COP regardless of the evaporator and condenser configuration, while
butane and propane were found to overlap depending on the evaporator design (pressure
drop).

The stronger dependence of the COP to the evaporator pressure drop was related to
a number of reasons. First, a higher value of pressure drop entailed a decrease in the
heat output of the condenser. This was due to the impact of evaporator operation on
the operating parameters of the cycle, i.e. refrigerant mass flow rate and pressures. The
mass flow rate was in fact diminished at fixed superheat and subcooling, and the HP
operated at a lower pressure ratio, i.e. a lower compressor power was required. However,
the decrease in total heat flow rate of the condenser affected the COP negatively to a
larger extent, as shown in Fig.4.3(b): the condenser total heat flow rate – normalized
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Figure 4.3: (a) COP as a function of total refrigerant pressure drop in the
condenser; (b) normalized condenser heat flow rate as function of total re-
frigerant pressure drop in the evaporator

by the design value – is plotted as a function of the evaporator pressure drop, with
different colours representing different magnitudes of normalized condenser pressure
drop. Similarly to the COP degradation reported in Fig.4.2, butane reports the steepest
degradation, followed by propylene/butane and propane. The slopes of degradation
were found to be similar to the COP drop plotted in Fig.4.2. Condenser pressure drop,
represented by the different colour scale, was found not to affect the total heat flow
rate at the condenser, and different condenser designs overlap in Fig.4.3 (b) similarly to
Fig.4.2.

The higher drop of heat pump COP for butane compared to the other two fluids is due
to another main reason: evaporator pressure drops also imply a saturation temperature
drop, which increases the exergy destruction due to finite temperature differences in the
evaporator component, thus contributing to the COP degradation. Depending on some
relevant fluid thermo-physical properties, refrigerants can be more or less subject to this
effect. Brignoli et al. [41] identified the ones characterizing refrigerants sensitivity to
pressure drops, namely vapour density and saturation temperature drop due to pressure
drop. These are reported in Table 4.3 for the three working fluids at design conditions.
Lower vapour density implies higher pressure drops for the same mass flux and PHE
geometry. Therefore, a design that is feasible for propane and propylene/butane, possibly
enhancing the heat transfer coefficient, might entail too large pressure drops for butane,
with vapour density much lower than the other two refrigerants. This was one of the
reasons why the bounds for plate width and number of channels variation in the sensitivity
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4.2. Design recommendations for evaporator and condenser design

Table 4.3: Evaporating pressure and thermo-physical properties at the design
point

Working fluid peva, ρv,
dTbubble
dp

,

bar kg/m3 K/kPa
Propane 8.8 19.1 0.044
Butane 2.2 5.7 0.140
Propylene/butane (0.5/0.5) 5.6 13.6 0.054

study (see Table 4.1) were chosen differently for the working fluids, i.e. to ensure feasible
PHE designs with similar values of pressure drop.

The refrigerant vapour density is thus a property that must be carefully taken into account
when choosing the working fluid and subsequently selecting the HEX design. Higher
saturation temperature drop due to pressure drop, estimated by the Clapeyron relation
[138], entails a larger drop of the saturation temperature due to pressure drop, thereby
increasing the exergy losses due to the temperature difference between the refrigerant
and the heat source side in the evaporator. Table 4.3 shows how the ranking between the
working fluids in terms of vapour density and dTbubble/dp respects the slopes of the COP
degradation reported in Fig.4.2. Therefore, despite both propane and propylene/butane
reported similar slopes for the degradation of condenser heat flow rate, the mixture was
found to be more sensitive to saturation temperature drop due to pressure drop, resulting
in a steeper COP drop.

Impact of evaporator and condenser design on economic performance

The economic performance was evaluated by looking at the specific cost of heat, which is
influenced by both condenser and evaporator design. The TCI is dependent on both HEX
sizes (related to the heat transfer area), while the operating costs are strongly related
to the heat pump COP. The economic performance indicator is reported in Fig.4.4 (a)
for the three refrigerants as function of the pressure drop at the evaporator. The three
working fluids present similar trends, with a trade-off and a minimum for a certain value
of refrigerant pressure drop.

Fig.4.4 (a) reports a close-up for the case of propane, where the colours represent different
values of condenser heat transfer area. The results show that evaporator and condenser
have different types of impact on the specific cost of heat. For a fixed condenser design
– thus a fixed value of heat transfer area shown by the colours of Fig.4.4 (b) – the
economic performance was a trade-off between heat transfer area and pressure drop of
the evaporator. The minimum cost was determined by a certain value of evaporator
pressure drop, which was similar for all the different condenser designs.
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Figure 4.4: Specific cost of heat as function as a function of total refrigerant
pressure drops in the evaporator for: (a) all fluids, (b) propane (close-up)

On the other hand, the condenser design influences the economic performance in a
different manner: it was always desirable to employ condenser designs with minimum
heat transfer area (shown by the darker blue colour in Fig.4.4). In fact, since the COP
was not found to be affected by condenser pressure drop, the operating costs were not
influenced by its design. The TCI was instead related to the heat transfer area, thereby
suggesting a minimization of the condenser size. A relevant finding shown by Fig.4.4 is
thus given by the fact that the evaporator and condenser geometry optimization, despite
aimed at minimizing the cost of the overall system, could be considered as decoupled
problems. The designer can choose to optimize the evaporator geometry and to find the
design leading to the minimum cost, regardless of the condenser design (and the opposite
holds).

One additional relevant aspect highlighted by Fig.4.4(a) is that all the refrigerants
presented a minimum of specific cost of heat for similar values of refrigerant pressure drop.
These values lie in the interval 5 – 10 kPa, which is relatively low, compared to usual
manufacturer guidelines setting the limitation to around 50 kPa [74]. The results might
therefore suggest that in this particular case study – regardless of the refrigerant chosen
– an optimal value of pressure drop could be defined preliminarily to the refrigerant
selection and HEX sizing. In this way, it is possible to define a guideline – based on
optimal pressure drops – to design the PHE evaporators and condensers prior to the
working fluid screening. This would enable the screening to avoid suboptimal solutions
or the computational cost of optimizing the HEX design for all the working fluids, some
of which the screening will in any case subsequently disregard.

This result might seem contradictory if one thinks about the different slopes of COP
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4.2. Design recommendations for evaporator and condenser design

degradation for the different fluids, previously shown in Fig.4.2. However, Fig.4.4 (a)
reports an effective steeper increase of the specific cost of heat for butane rather than
propane and propylene/butane. This increase started however after reaching the minimum
specific cost of heat (after around 30 kPa), thus the different slopes of the working fluids
for the COP degradation were not relevant to define the optimum. Moreover, since the
optimal values of refrigerant pressure drops was found to be as low as 5 kPa to 10 kPa,
the COP degradation (shown in Fig.4.2) admissible for this case was found to be lower
than 2 %.

Economic optimum: PHE designs

Table 4.4 shows the geometrical specification of the PHE evaporator and condenser designs
corresponding to the economic optimum shown in Fig.4.4. Moreover, heat transfer area,
total refrigerant pressure drop and heat pump COP and specific cost of heat are reported.
The designs minimizing the specific cost of heat are in agreements with the results
presented above.

The PHE evaporator design was limited to pressure drops from 4.2 kPa for butane and
7.2 kPa for propylene/butane. The optimal values are thus close for all the working fluids.
A similar plate size was found for propane and propylene/butane, while a plate with a
lower aspect ratio (length-to-width ratio) was obtained for butane. Due to the lower
vapour density, butane is in fact subject to higher pressure drop for the same velocity
and channel geometry.

The condenser design was instead found to be similar for propane and butane, e.g. high
pressure drops over 100 kPa were allowed. With similar channel geometry, the condenser
design for propylene/butane led instead to low pressure drops, e.g. 11.5 kPa. This was
likely due to the lower dependency of the total heat flow rate at the condenser on the
pressure drops, as previously explained. Note that the condenser design corresponding
to the economic optimum is an extreme design case of very high aspect ratio, due to
the large bounds for variation of width and channels imposed in the sensitivity study.
Such designs might be unrealistic compared to commercial plate size. The economic
optimum would in any case correspond to the same evaporator design and a more realistic
plate size for the condenser could be easily obtained by choosing solutions with higher
condenser heat transfer area (e.g. going up in the parallel curves reported in Fig.4.4).

Table 4.4: PHE designs corresponding to the economic optimum

Working fluid
Evaporator design Condenser design

W , L, Nch Aht, ∆pref , W , L, Nch Aht, ∆pref , COP, ch
m m - m2 kPa m m - m2 kPa - e/MWh

Propane 0.250 0.460 150 20.5 6.7 0.200 1.768 50 21.1 113.3 4.4 38.9
Butane 0.400 0.447 170 36.0 4.2 0.200 1.472 80 28.1 140.2 4.5 41.5
Propylene/butane 0.250 0.655 180 35.1 7.1 0.200 1.774 100 42.3 11.5 5.5 31.6
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General recommendations for design

The results presented so far led to the following findings, summarized as design recom-
mendations for evaporator and condenser design in heat pump systems:

• Design criteria such as maximum allowable pressure drops and fixed velocities
possibly lead to suboptimal solutions depending on the case study and the working
fluid.

• Evaporator and condenser designs can be carried out as decoupled geometry
optimization problems, e.g. the design of each component does not affect the other.

• Evaporator design influences the heat pump COP to a large extent, while the
condenser design is not found to be relevant for the thermodynamic performance.

• Both components influence the economic performance: the minimum cost is found
by defining optimal trade-offs between heat transfer area and pressure drop in the
evaporator, while it is always desirable to minimize condenser heat transfer area.

• The economic optimum could be defined by a maximum allowable COP degradation,
which theoretically corresponds to different allowable pressure drops for each
refrigerant.

• The same optimal evaporator pressure drop was found for different refrigerants for
this case study. This is not necessarily a general conclusion, given the very low
allowable COP degradation and the dependence of the results from the economic
boundary conditions.

4.2.3 Discussion

The results presented in this section were based on numerical modelling of PHE and
heat pump, in both design and performance mode. The PHE models were based on
a 1D discretization along the fluid-flow direction, thus neglecting the occurrence of
channel-to-channel maldistribution effects. Chapter 5 will show that refrigerant pressure
drops have a major impact on the heat transfer degradation due to maldistribution
effects, causing an additional COP degradation. This implies that the optimal value of
refrigerant pressure drop found in this study could be even lower for those refrigerants
(like butane) that are particularly sensitive to maldistribution effects.

Moreover, the results of the economic analysis are strongly dependent on the boundary
conditions assumed for the case study. The heat from the source was considered to come
at no cost, and the COP degradation solely implied an increase of the compressor running
cost. A COP decrease could also imply a reduction of the heat source utilization, which
might partially counteract the cost increase in those cases where the heat source is not
free (e.g. district heating applications).
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Last, the importance of tailoring design criteria depending on the working fluid and
application is stressed: designers must be aware that limiting inlet velocities or imposing
allowable pressure drops can lead to suboptimal solutions, since the slope of COP
degradation has a strong dependence on refrigerant properties. For example, for the
economic analysis of propane shown in Fig.4.4 (b), choosing an evaporator design with
pressure drops around 50 kPa would entail an increase of almost 1 e/MWh in the specific
cost of heat.

4.3 A methodology to derive simplified guidelines to de-
sign plate heat exchanger evaporators in heat pumps
using zeotropic mixtures

In this section, focus is given to evaporator design in heat pumps using zeotropic mixtures.
The results of the previous section showed that the evaporator design impacts both
thermodynamic and economic performance of heat pumps, while the condenser mainly
affects the economic feasibility of the system. Moreover, Zühlsdorf et al. [20] showed that
temperature glide matching in the evaporator has a dominating impact compared to the
condenser for the optimization of heat pumps using zeotropic mixtures as working fluids,
further stressing the importance of obtaining optimal evaporator configurations.

More specifically, this study presents a derivation of design guidelines for PHEs used for
evaporation of zeotropic mixtures in heat pumps. A mapping of combined PHE and cycle
calculations for different combinations of geometrical parameters and working fluids allows
estimating the impact of heat transfer area and pressure drop on the thermodynamic and
economic performance indicators of the cycle. By correlating the results with meaningful
non-dimensional parameters describing the working fluid, the operating conditions and
the PHE geometry, a design guideline is derived. The use of the proposed guideline is
further illustrated for one of the optimal working fluids for the chosen case study, namely
the mixture Propane/Iso-Pentane at (0.5/0.5) mass composition. The methodology
presented in this section can be applied in different scenarios to develop similar guidelines,
which are of paramount importance to avoid the cost of combined cycle and component
optimization.

4.3.1 Methods

The methodology adopted in the present study is based on a parametric analysis on the
main design parameters of a PHE to assess the impact of the different design configurations
on the thermodynamic and economic performance indicators of a heat pump. Fig.4.5
shows the schematic of the work flow of the methodology. After the working fluid selection
process, explained in section 4.3.1, the preliminary sizing of the heat pump was done
and the design parameters were calculated, i.e. desired HEX capacity, mass flow rates,
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Figure 4.5: Work flow of the overall methodology

pressures and temperatures. The values were subsequently sent to the PHE design model,
which additionally received as inputs the geometrical parameters from which the required
heat transfer area and resulting pressure drop were estimated. The outputs were returned
to the heat pump model, where the sizing of the cycle was re-evaluated. In this second
iteration, the sizing process took into account the resulting heat exchanger size and
pressure drops for the economic calculation, as it is briefly described in Section 4.3.1.

The process was repeated for all the combinations of geometrical parameters chosen for
the parametric analysis, which is introduced in section 4.3.1. Moreover, the same process
was repeated for all the eight working fluids considered in the case study, by considering
the same combinations of PHE design parameters and calculating the COP and Net
Present Value (NPV).
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Table 4.5: Geometrical parameters of the PHE varied in the parametric
study

Parameter Value Unit
W 0.15 - 0.25 - 0.35 - 0.45 - 0.55 m
Nch 25 - 50 - 75 - 100 - 150 - 200 -
b 2 - 4 - 6 - 8 mm
Λ 2 - 4 - 6 - 8 mm
β 30 - 45 - 60 ◦

t 0.5 mm
Dp 0.03 - 0.06 - 0.1 mm

As shown in Fig.4.5, all the data points were collected and used as basis for deriving a
general design guideline, valid for all the working fluids and the boundary conditions
of the present case study. The aim was to correlate the point with optimal economic
performances to the PHE design parameters. In order to generalize the results, non-
dimensional parameters were employed as explained in section 4.3.1.

Parametric analysis and PHE geometry

The parametric analysis was carried out by varying the main design variables of the
PHE. These were varied between the values reported in Table 4.5, investigating all the
possible combinations between them, for a total of 1440 different PHE configurations.
The plate thickness t was fixed to a value commonly found in literature [9]. The port
diameter Dp was considered as fixed depending on the value of plate width W . The
plate length Lht was calculated as output of the PHE design model in order to match the
evaporator capacity of the case study for all the combinations of PHE design variables.
The plate were considered to be manufactured in stainless steel, with thermal conductivity
equal to 16.2 W/(m K). In order to avoid unrealistic results and to ensure absence of
maldistribution effects along the plate width, solutions with heat transfer length-to-width
ratio lower than 2 were considered infeasible and excluded from further analysis.

Case study and working fluid selection

The framework of the analysis was given by a case study [139] assessing the integration
of high temperature heat pumps in a spray drying facility. Waste heat was recovered by
integrating a heat pump, with the aim of pre-heating air up to 120 ◦C. Different zeotropic
mixtures were compared in terms of COP and NPV for a single-stage configuration of a
vapor compression heat pump, in which the working fluid was varied based on binary
mixtures formed by combinations of a number of natural refrigerants. The refrigerant
screening included hydrocarbons, Dimethyl Ether (DME), Diethyl ether (DEE) and
carbon dioxide CO2, chosen for their low GWP and ODP, and being miscible between
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each other for wide ranges of temperature and pressure without leading to any chemical
reactions [20, 139]. Table 4.6 summarizes the best performing mixtures, with considered
mass composition. It is noted that the evaporation pressures were found to be well
below the maximum operating pressure for PHEs. The table also shows the ideal COP,
calculated without accounting for pressure drop at the evaporator.

Table 4.6: Summary of the considered working fluids

Working fluid peva , bar COP, -
Propane/Iso-Pentane (0.5/0.5) 4.9 3.08
Propane/n-Pentane (0.8/0.2) 8.4 3.04
Propane/n-Pentane (0.4/0.6) 3.0 3.02
Butane/Hexane (0.9/0.1) 2.5 3.07
DME/n-Pentane (0.4/0.6) 2.6 3.26
DME/n-Pentane (0.7/0.3) 5.0 3.24
DME/Iso-Pentane (0.5/0.5) 4.0 3.15
Propylene/Iso-Pentane (0.4/0.6) 3.9 3.14

Heat pump cycle model

The thermodynamic cycle was modelled as presented in Chapter 2.6.1. Table 4.7 shows
the design parameters of the cycle. The heat source side was completely defined by the
boundary conditions, while the outlet temperature of the condenser was set as a free
variable. The minimum superheat was imposed equal to 5 K.

Table 4.7: Boundary conditions for the heat pump

Evaporator Condenser Compressor
Heat source water Heat sink water ηis 0.80 -
Ths,in 65 ◦C Tsink,in 75 ◦C ηmotor 0.95 -
Ths,out 40 ◦C ṁsink,tot 10.6 kg/s ∆Tsh 5 K
ṁhs,tot 14.8 kg/s ∆Tpinch 10 K
Q̇eva 1544 kW
∆Tpinch 10 K

PHE design model

The implemented PHE design model was described in Chapter 2.3, i.e. using the 1D
discretization approach at constant enthalpy steps. A total number of n = 50 control
volumes was chosen, while the tolerance was set to 10−2. The Silver [100] and Bell and
Ghaly [101] method was used to estimate the heat transfer coefficient, and the same
correlations of section 4.2.1 were chosen. Martin [77] was applied for the single-phase
heat transfer coefficient. All the contributions to pressure drop were accounted by the
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model, as presented in Chapter 2.2.6. Frictional pressure drop was estimated by using the
correlation by Amalfi et al. [93]. In the single-phase region, the friction factor correlation
by Martin [77] was used for both the superheated refrigerant and the water flow. For
the refrigerant flow, port pressure drop was considered only at the outlet control volume,
since the inlet drop was included in the refrigerant expansion at the throttling valve.
Both inlet and outlet pressure drops due to ports were evaluated for the heat source,
thereby contributing to the total water pumping power.

Economic model

After the sizing of the PHE, the heat pump model was re-evaluated by taking the updated
temperature and pressure at the evaporator outlet into account, as shown in Fig.4.5.
Therefore, the COP was affected by the change in compressor power resulting from the
mixture pressure drop. Different aspects of the HEX design influenced the value of the
NPV of the heat pump. The NPV was calculated by considering different cost and
revenue streams, by using Eq.(4.1) [139]. The considered costs were the Total Capital
Investment (TCI), accounting for all the components of the system, the Operation and
Maintenance Cost (OMC), the electricity cost(FChp) due to the compressor running
and the required water pumping cost (FCw). The revenue stream was considered as the
natural gas saving(FCng), which otherwise would be necessary to produce the thermal
energy output of the heat pump.

NPV = −TCI−OMC− FChp
CRF −

FCw
CRF +

FCng
CRF (4.1)

The interest and inflation rates were assumed equal to 7 % and 2 %, respectively, and
then used for the estimation of the Capital Recovery Factor (CRF), with a plant economic
lifetime of 20 years [98] [140]. Operation and Maintenance Costs were assumed to be the
20 % of the investment cost as one time cost at the time of the investment [140]. The
saving of natural gas was calculated by estimating the useful thermal energy produced
by the heat pump, equal to the heat sink capacity and by considering a boiler efficiency
ηboiler equal to 0.9 [98]. The price of natural gas was considered as 0.0303 e/kWh [141].

The TCI accounted for the investment of condenser, compressor and evaporator. The
sizing of the condenser was carried out by considering constant heat transfer coefficients
and by using the logarithmic mean temperature difference methods for the three different
sections of de-superheating, condensation and subcooling. The TCI of each individual
component was calculated from the Purchased Equipment Cost (PEC), scaled according
to the component size with scaling factors and reference values of PECs reported by
Ommen et al. [98]. The TCI was increased by a factor 4.16 compared to the PEC, to
account for the investment of the expansion of an existing facility[140].

The running cost of the compressor, given by FChp was adapted to the updated compressor
power by considering an estimation of 7400 hr/yr [139] as annual operating time τh of
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the heat pump and an electricity cost cel of 0.0783 e/kWh [141]. The additional fuel cost
term due to the water pressure drops, was calculated by using Eq.(4.2) as a function of
the water mass flow rate, water density, total water pressure drops, and a pump efficiency
ηpump equal to 0.95.

FCw =
ṁhs
ρhs

∆phs,tot
ηpump

celτh (4.2)

Fig.4.6 shows the log(p)-h diagram of the heat pump with and without pressure drops
in the evaporator. It can be noticed how the outlet of the evaporator is affected by the
pressure losses, thus changing the compressor power required as well as the investment
cost, which is based on the suction line. The pressure drop also influences the evaporator
inlet location in the diagram, but to a lower extent compared to the outlet. In order
to compare the results for different working fluids, performing with different COP and
maximum NPV, it was decided to normalize each NPV for the maximum value calculated
for the specific fluid. The value of NPV of a certain design point of the HEX i for a given
working fluid wf was therefore normalized as NPV?i−wf , defined by Eq.(4.3).

NPV∗i−wf =
NPVi−wf

max(NPVwf)
(4.3)

Figure 4.6: Example of log(p)-h diagram without pressure drops (blue) and
with 50 kPa pressure losses in the evaporator (sky-blue)

Data analysis

The different HEX configurations and working fluids were compared based on dimension-
less numbers, in order to derive a guideline describing the design points corresponding to
maximum NPV. Non-dimensional parameters were chosen in order to describe the impact
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of the fluid properties, of the boundary conditions imposed by the cycle (refrigerant
evaporation pressure, mass flow and inlet quality) and of the PHE geometry. The main
dimensionless numbers governing the heat transfer and pressure drop correlations for the
two-phase flow of the mixture were used, and they are reported in Table 4.8.

The numbers were used to correlate the normalized net present value to the different
heat exchanger designs. The parameters were evaluated at the refrigerant conditions at
the evaporator inlet, since the scope was to derive guidelines applicable before the actual
component design. The inlet conditions are fixed by the boundary conditions of the heat
pump, thereby being known for all the fluids a priori. It was therefore decided to exclude
the Boiling number from the data analysis, since it requires information on the heat flux
distribution along the heat exchanger and a preliminary estimation of the heat transfer
area is needed. Note that the Weber number Wem is defined by evaluating the two-phase
momentum density (Eq.(2.20)).

Table 4.8: Non-dimensional parameters used for the analysis of the results

Symbol Name Formula

θ? Dimensionless inclination angle 90−β
70

Bd Bond number gD2
h(ρL−ρV )

σ

Wem Weber number G2Dh

σρm

ρ∗ Liquid-to-vapour density ratio ρL
ρV

ReLO Liquid only Reynolds number GDh

µL

ReV Vapour alone Reynolds number GxDh

µV

The correlation between the dimensionless parameters and the normalized NPV was
obtained by adopting a power law of the form expressed by Eq.(4.4).

NPV∗ = a ·θ∗b ·Bdc ·Wedm ·ReeV ·ReLO
f ·ρ∗g (4.4)

The normalized NPV was first correlated as function of all the dimensionless parameters
considered in Table 4.8. All the design points with positive NPV were considered in
the fitting, and the results for all the working fluids were considered simultaneously in
one fitting. After deriving the coefficient for Eq. (4.4), the most relevant parameters
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were identified. This was done by evaluating the obtained exponent and by comparing
different combinations of non-dimensional numbers. The correlation that best fitted the
NPV trend for all the fluids, as well as leading to a similar optimal range for the different
mixtures, was chosen and presented as design guideline.

Uncertainty analysis

For each correlation chosen for the PHE design model, for both heat transfer and pressure
drop, a certain accuracy was reported by the authors. This measure represents an
estimation of how well the prediction method fits the experimental database from which
the correlation was derived. Therefore the accuracy does not necessarily indicate the
uncertainty of the prediction methods when they are applied to different working fluids,
geometry and operating conditions. It is however relevant to evaluate the change of the
obtained results when a certain deviation is applied to the calculation of heat transfer
coefficient and pressure drops. For this purpose the accuracy bounds of each correlations
were considered as a source of uncertainty in an uncertainty analysis, with the aim of
evaluating to which extent the results were dependent from likely errors in the inputs.
The bounds are reported in Table 4.9, with the exception of hV . Since Martin [77]
expresses hV as a a function of fV , the uncertainty of hV was directly included in by
considering the accuracy bound for the vapour friction factor fV .

Table 4.9: Input uncertainties for the uncertainty analysis
Parameter Correlation Bounds Reference

hC Amalfi ± 22.1 % Mean absolute error [93]

hNB−id Cooper ± 59 % Mean absolute error, reported in [28]

hNB−mix
hNB−id

Thome and Shackir ± 11.1 % Mean absolute error, reported in [119]

fTP Amalfi ± 21.5 % Mean absolute error [93]

fV Martin - 50 % + 100 % Accuracy bounds, reported in [9]

The Monte Carlo (MC) method [142] was applied in order to carry out the uncertainty
analysis, with the aim of estimating the probability density of the model outputs, namely
Aht, ∆pr,tot, ∆ps,tot and NPV. The inputs were assumed to be uniformly distributed
between the uncertainty bounds reported in Table 4.9. A latin hypercube sampling (LHS)
technique was adopted to create 500 different samples in the input space, proved to be
more reliable compared to random sampling [143]. The Monte Carlo (MC) simulations
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were performed following the approach by Sin and Gernaey [144], and the results were
obtained as mean values, standard deviations and 95 % coverage intervals. The analysis
was applied to Propane/Iso-Pentane (0.5/0.5), by fixing the PHE geometry to one of the
optimal designs found by applying the derived design guideline.

4.3.2 Results

In this section the main results are presented. First, the trade-off between heat transfer
area and pressure drops and the impact on the different revenue and cost streams is
reported. Next, the fitting with the non-dimensional parameters and the derivation of
the final design guideline is illustrated for the case study.

Heat transfer area and pressure drops

Fig.4.7 shows the NPV as function of the heat transfer area (a) and total refrigerant
pressure drops (b) for all the fluids considered in the analysis. It is shown that both
heat transfer area and pressure drops have an impact on the economic performance of
the heat pump. However, the NPV decreases to a lower extent for higher values of Aht
compared to an increase of the refrigerant pressure drops. Fig 4.7(b) shows that for
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Figure 4.7: Effect of heat transfer area of the evaporator (a) and refrigerant
total pressure losses (b) on the non-dimensional NPV for all the working
fluids
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all the eight cases there is a trade-off which coincides with minimizing the refrigerant
pressure drops to a very low value. Moreover, Fig 4.7(b) shows that the pressure drops
impact is different depending on the fluid: the mixtures Butane/Hexane (0.9/0.1) and
DME/n-Pentane (0.4/0.6) are the most sensitive to pressure drops, performing with
negative NPVs at 60 kPa and 120 kPa, respectively. On the contrary,Propane/n-Pentane
(0.4/0.6) shows a weaker dependence, with NPV values always positive in the considered
pressure drop range.

Cost breakdown

Fig.4.8 shows the breakdown of the NPV as calculated by Eq.4.1. The abscissa reports
the refrigerant total pressure drop, and the obtained trends are similar for all the working
fluids. The blue line indicates the revenue stream, positively contributing to the NPV
and determined by the natural gas saving. The black line represents the cost stream,
negatively impacting on the NPV and estimated as the sum of the different cost terms.
The breakdown of the cost is indicated by the different filling colors of the cost line.

The dominant contribution to the cost stream was given by the compressor running cost
(grey area), negatively affected by the refrigerant pressure drops, which caused an increase
of the compressor work. This is explained by Fig.4.9, where the COP of the heat pump
is plotted against the total refrigerant pressure drops. For a fixed design thermal load of
the heat pump, a lower COP entails a higher required compressor work, as shown by
Eq.(2.42). A sharp decrease is observed for all the fluids, with different slopes, similarly
to the trends found in Fig.4.7 (b). The different trends for the different fluids found in
the cost breakdown of Fig.4.8 can be therefore explained by a different sensitivity of
the COP to the pressure drop. The mixture Propane/n-Pentane (0.8/0.2) was found
to be the least affected by pressure drop, while Butane/Hexane (0.9/0.1) presented the
steepest slope.

In the cost breakdown of Fig.4.8, the TCI is the second highest contribution, indicated
by the light-blue area. The TCI undergoes a slight increase for low values of refrigerant
pressure drop, and then increases more sharply for higher pressure drop. Since operation
and maintenance was considered as a fixed share of the capital investment, OMC undergoes
the same trend. An explanation for the TCI behaviour can be found in Fig.4.10(a) and
(b), showing the capital investment of the evaporator, condenser and compressor as
functions of the total refrigerant pressure drop. All the working fluids are reported in
the same plot with different marker colors. The evaporator and condenser investment
costs, directly related to the heat transfer area, are one order of magnitude lower than
the compressor investment if the pressure drops are not minimized. When the evaporator
investment increases at lower pressure drops (entailing a higher investment due to the
larger heat transfer area), the CI of the HEX reaches the same order of magnitude of the
lower investment entailed by the compressor. The change in HEX CI due to varying heat
transfer area is similar for all the fluids, with an overlap of the different curves.
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(a) Propane/Iso-Pentane (0.5/0.5)
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(c) Propane/n-Pentane (0.4/0.6)
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(d) Butane/Hexane (0.9/0.1)
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(f) DME/n-Pentane (0.7/0.3)
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(g) DME/Iso-Pentane (0.5/0.5)
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Figure 4.8: Breakdown of the contributions to the NPV, divided in cost and
revenue. The colours indicate the different shares of the terms contributing
to the cost stream
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Figure 4.9: COP as function of the total refrigerant pressure drops for all
the working fluids

On the other hand, the compressor CI in Fig.4.10 (b) undergoes a steep increase for higher
values of pressure drop and presents different trends depending on the mixture. The
sharp increase is due to the change in the compressor suction line, affected by the true
evaporator outlet. In fact, for higher refrigerant pressure drops, a lower refrigerant outlet
density is obtained, entailing a higher volume flow rate, which is directly proportional
to the compressor size. The different slopes for the different fluids must be instead
related to a different sensitivity of the refrigerant properties, in particular density, to the
change in evaporator outlet pressure. The trends of the fluids follow the results found for
COP in Fig.4.9, with Propane/n-Pentane (0.8/0.2) showing the weakest dependence on
the pressure drops and opposite trends for mixtures Propane/n-Pentane (0.4/0.6) and
Butane/Hexane (0.9-0.1), where the pressure drops have a major influence on both the
compressor running cost and TCI.

One very relevant aspect to highlight is the intersection point between revenue and costs
streams, in Fig.4.8, representing the pressure drop limit above which the design of the
PHE leads to infeasible solutions, i.e. with negative NPV. This limit value is not the
same for all the working fluids, supporting the thesis that it is not necessarily optimal to
design HEXs by imposing a maximum allowable pressure drop regardless of the working
fluid or boundary conditions.

The water pumping cost was found to be negligible compared to the all the other
contributions. No clear relation is therefore expected between heat source pressure drops
and NPV.
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Figure 4.10: Capital investment of the heat exchangers (a) and compressor
(b), as function of the total refrigerant pressure drops for all the working
fluids

Last, it must be noted that such analysis highlights considerations, which might be useful
when choosing a optimal working fluid for a specific case study. In fact, by looking at
Fig.4.7 (a) and Fig.4.9, the mixture DME/-Pentane (0.7/0.3) outperforms the other fluids
both in terms of maximum NPV and COP found in the mapping, thereby suggesting
the choice of such fluid as optimal. However, the mixture Propane/n-Pentane (0.8/0.2)
resulted to have the weakest dependence from refrigerant pressure drops, thus offering an
additional flexibility during the evaporator design process. It would be therefore up to
the designer to evaluate and prioritize the different aspects.

Correlation between NPV and non-dimensional parameters

By exponentially correlating the design points by means of Eq.(4.4) to the chosen non-
dimensional parameters, the NPV∗ is found to be proportional to the combinations of
dimensionless numbers reported by Eq.(4.5), indicated by K.

K = θ∗0.045Bd0.051We−0.011
m ρ∗−0.066Re0.009

LO Re−0.12
V (4.5)

Fig.4.11 reports the normalized net present value as function of K, for Propane/Iso-
Pentane (0.5/0.5). The different colors represent the chevron angle of the PHE, namely
30◦, 45◦ and 60◦ corresponding to a value of non-dimensional inclination angle of 0.86,
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0.64 and 0.43, respectively. The trends for the other working fluids are not shown in
the paper, but they are similar. The obtained design points are well correlated by K,
and it is recommended to employ HEXs with K = [0.4−0.6] at the evaporator inlet, in
order to obtain solutions with NPV in the best 20 %. By increasing the value of K, the
economic performance is negatively affected by the increase in heat transfer area, while
for K < 0.4 an increase of refrigerant pressure losses entails a steep decrease of NPV.

The use of a design guideline based on K, which depends on six different parameters,
might however lead to have redundant information on the boundary conditions and the
fluids in the parameters. The problem was therefore simplified by relating the NPV∗ to a
selected number of non-dimensional parameters only. In order to do so, the results were
assessed based on the coefficients and on additional considerations.

First, the dependence of the NPV on the liquid only Reynolds number ReLO is weak,
since its exponent in Eq.(4.5) is two orders of magnitude lower than the vapour alone
Reynolds number and one order of magnitude lower compared to the other parameters,
thereby suggesting that a good fitting could be obtained by neglecting the influence of
this non-dimensional number. Furthermore, it was decided to exclude the liquid to vapour
density ratio ρ∗, since it contains information solely depending on the inlet densities and
other dimensionless number, as the Reynolds numbers, the Weber number and the Bond
number already contain the density characteristics of both vapour and liquid phases.

Lastly, by looking at the impact of the dimensionless inclination angle θ∗ in Fig.4.11, the
plot suggests that it is always optimal to minimize the chevron angle (hence enhancing
the degree of turbulence of the fluid flow in the channels) if the PHE design is carried
out in the optimal region or else for high value of K, i.e. designs with higher heat
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Figure 4.11: Normalized NPV as function of all the dimensionless parame-
ters correlated exponentially for Propane/Iso-Pentane (0.5/0.5). The differ-
ent colors represent the different chevron angles adopted
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transfer area. On the contrary, with refrigerant dominant pressure losses (K < 0.4), it is
slightly better to employ higher chevron angles for reaching less turbulent flow, thereby
decreasing the pressure losses. It is therefore unnecessary to include the chevron angle
into the design guideline, since it is possible to tune the other PHE design parameters in
order to be in the optimal design region, where it is recommended to employ low values
of β.

Correlation between NPV and selected dimensionless numbers

The results are presented as function of the three remaining dimensionless numbers,
namely the Bond number Bd, the Weber number Wem and the Reynolds number of
the vapour flowing alone ReV . Table 4.10 shows the coefficients obtained by fitting the
normalized net present values with different combinations of the three dimensionless
parameters. Four different cases were assessed by combining the three parameters all
at once and by considering combinations of only two of them. The aim was to find
which correlation attained the best representation of NPV∗, thereby being appropriate
for deriving the design guideline. The values reported in the first row of the table (Case
I), obtained by considering all the three non-dimensional numbers, suggest that there
is not a predominant contribution of one of them, since the coefficients lie in a similar
range.

Table 4.10: Coefficients obtained by fitting the NPV∗ to different combina-
tions of dimensionless parameters

Case Parameters combination a b c

Case I ReaV ·Bdb ·Wecm 1.21 -0.19 -0.87

Case II Bdb ·Wecm 0.14 -0.25
Case III ReaV ·Wecm 0.74 - -0.62

Case IV ReaV ·Bdb -0.42 0.26 -

Fig.4.12 shows the NPV∗ as a function of the different exponential combinations of
dimensionless numbers, with the ordinate axis reporting the design points of all the
working fluids. It can be observed that the normalized net present value presents a
clear trend for all of the combinations. This is possibly related to the redundancy of
information on geometry, fluid properties and boundary conditions contained in the three
parameters.

By looking at the formulas reported in Table 4.8, Wem and ReV are dependent on the
hydraulic diameter Dh and on the free flow area A0, while the Bond number Bd solely

107



Chapter 4. Derivation of design guidelines

0 1 2

105

-1

-0.5

0

0.5

1

Pro-iPe(0.5/0.5)
Pro-nPe(0.8/0.2)

Pro-nPe(0.4/0.6)
But-Hex(0.9/0.1)

DME-nPe(0.4/0.6)
DME-nPe(0.7/0.3)

DME-iPe(0.5/0.5)
Propy-iPe(0.4/0.6)

0 200 400 600 800 1000
0

0.2

0.4

0.6

0.8

1

(a) Case I

0.2 0.4 0.6 0.8 1 1.2
0

0.2

0.4

0.6

0.8

1

(b) Case II

0 50 100 150 200 250
0

0.2

0.4

0.6

0.8

1

(c) Case III

0 0.02 0.04 0.06 0.08
0

0.2

0.4

0.6

0.8

1

(d) Case IV

Figure 4.12: Normalized NPV as function of different combinations of
non-dimensional numbers for all the working fluids reported in Table 4.10;
(a)Case I; (b)Case II; (c)Case III; (d)Case IV

depends on Dh. Any combinations of the parameters therefore contain all the information
regarding the PHE geometry, i.e. the corrugation geometry, plate width and number of
channel, with the exception of plate length (estimated by the PHE sizing for matching
the thermal load and thus not needed to be included in the guideline) and chevron angle,
excluded from the guideline.
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Moreover, by looking at the fluid properties of the three non-dimensional numbers, it
can be seen that surface tension σ and the liquid and vapour phase densities ρL and ρV
are contained in any of considered combinations, together with the inlet vapour quality
x and mass flow ṁr.

In order to choose which combination of parameters to consider for the final design
guideline, the position of the optimal values of the different coefficients was compared for
the different working fluids. The aim was to understand which design guideline resulted in
a recommendation which was narrower to describe the optimal NPV∗ for all the working
fluids.

Table 4.11 reports the minimum, maximum and mean values of the different cases for
the best solutions, which were selected as NPV∗ deviating at most 5 % from each best
solution. The results are reported for all the working fluids, as well as the overall maximum,
minimum and mean value. The deviation (last row) was estimated by considering how
far the minimum and maximum value were from the overall mean.

The results suggest that the best agreement between the different mixtures is obtained by
the combination of ReV and Bd, whose deviations are -34 % and 48 % for the minimum
and maximum value, respectively. The interval covered by Butane/Hexane(0.9/0.1) is
shifted towards the left compared to the other working fluids.

Fig.4.13 shows the positive solutions of NPV for all the working fluids as function of the
obtained parameter ReV

−0.42Bd0.26. The red line represents the mean value, equal to
0.040, while the dotted black lines represent the minimum (0.026) and maximum value
(0.059). The plots show that all the fluids, except Butane/Hexane (0.91/0.1), present a

Table 4.11: Minimum, maximum and average values of different combinations
of dimensionless numbers for the best results (5 % NPV∗), for each working
fluid and overall

Case I Case II Case III Case IV
Re1.21

V ·Bd−0.19· We−0.87
m Bd0.14·We−0.25

m Re0.74
V ·We−0.62

m Re−0.42
V ·Bd0.26

Working fluid min max mean min max mean min max mean min max mean

Propane/Iso-Pentane (0.5/0.5) 2110 3310 2620 0.48 0.75 0.59 91.4 152 118 0.030 0.047 0.038
Propane/n-Pentane (0.8/0.2) 2240 3800 2900 0.48 0.77 0.60 104 166 128 0.031 0.046 0.037
Propane/n-Pentane (0.4/0.6) 1420 2780 2130 0.37 0.70 0.54 68 129 99 0.026 0.045 0.036

Butane/Hexane (0.9/0.1) 1560 1570 1560 0.47 0.47 0.47 78.9 80.9 79.8 0.034 0.034 0.034
DME/n-Pentane (0.4/0.6) 2150 2800 2380 0.65 0.86 0.72 103 144 118 0.044 0.058 0.049
DME/n-Pentane (0.7/0.3) 1640 2430 1930 0.46 0.67 0.53 81.3 121 96 0.032 0.045 0.037
DME/Iso-Pentane (0.5/0.5) 1810 2920 2190 0.55 0.88 0.66 88 151 111 0.038 0.059 0.046
Propylene/Iso-Pentane (0.4/0.6) 2100 3330 2670 0.52 0.84 0.67 93 160 124 0.034 0.054 0.043

Overall 1420 3800 2300 0.37 0.88 0.60 68 166 109 0.026 0.059 0.040
Deviation in % -38% 65% -38% 46% -38% -52% -34% -48%
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Figure 4.13: Normalized NPV as function of ReV
−0.42Bd0.26 for all the working

fluids. The red line represents the mean value Re−0.42
V Bd0.26 = 0.04, while the

dotted lines represent max and min, 0.059 and 0.026 respectively.

good agreement with the obtained guideline: the optimal NPV points are all included
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in the interval [0.040-0.059], with the peak lying around 0.040 for almost all the fluids.
DME/n-Pentane (0.4/0.6) and DME/Iso-Pentane (0.5/0.5) have the maximum slightly
shifted towards 0.050. They perform however with NPV∗ very close to the optimum for
0.040 (equal or above 80 % of the optimal value). Propane/n-Pentane(0.4/0.6) shows
solutions with NPV∗ going down to -30 % for the optimal value for 0.040.

The worst performing points are probably related to higher values of chevron angle (see
Fig.4.11), thus optimal designs can be achieved as well with the proposed guideline. In
agreement with the numbers reported in Table 4.11, Butane/Hexane (0.91/0.1) is slightly
shifted towards the left compared to the other fluids, i.e. with optimal points in the
interval [0.026-0.040]. Nonetheless it has been decided not to shift the design interval
towards values optimal for this fluid, since it was shown that this mixture performed
with mostly negative NPV in the mapping compared to all the other fluids (see Fig.4.8).

After the assessment of the results from Table 4.11 and Fig.4.13, it was decided to propose
the guideline presented by Eq.4.6 as design recommendation.

Re−0.42
V Bd0.26 ≈ 0.040 (4.6)

If a higher value is obtained, the PHE design is expected to lead to higher equipment
investment (related to the heat transfer area), while a lower value will lead to high
refrigerant pressure losses, resulting in a steep decrease of the NPV.

4.3.3 Discussion

Section 4.3.3 presents the discussion of an application of the derived guideline, Section
4.3.3 reports the results of the uncertainty analysis while Section 4.3.3 briefly comments
on the deviation of the obtained guideline if an alternative prediction method is used for
the refrigerant pressure drop estimation, which resulted to have the largest impact on
the heat pump economic performance. Section 4.3.3 highlights on the limitation of the
study and potential future work.

Application of the derived design recommendation

The case of the first working fluid mixture was considered, namely Propane/Iso-Pentane
(0.5/0.5). The design, based on the derived guideline consists of the following steps:

1. Fix the boundary conditions of the thermodynamic cycle and estimate the inlet
condition at the evaporator (quality, mass flow, evaporation pressure).

2. Calculate the following fluid properties at the inlet condition: ρL, ρV , σ, µV .

3. Choose a value for the chevron angle β. It is recommended to employ low values
(e.g. 30−35◦), if the design parameter is not constrained.
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4. Decide which design parameters are fixed by external boundaries (fixed plate size
and/or numbers and/or corrugation geometry).

5. Tune the remaining free design parameters in order to obtain Re−0.42
V Bd0.26 ≈ 0.040.

Calculate the required plate length by using the evaporator heat flow rate, fixed by
the cycle.

Table 4.12 shows different combinations of geometrical parameters, each line corresponding
to a different PHE design. Some geometrical parameters were fixed a priori, while other
were calculated by means of the design guideline using the methodology presented above.
The goal of fixing and releasing different geometrical parameters was to show the different
possible scenarios of a designer, which might be constrained in some of the design variables.
The plate length was estimated by the sizing model, matching the case study thermal
load.
In the first three rows of the table, the corrugation geometry, namely pitch Λ and height
b, were fixed together with the corrugation angle. The number of channels Nch and plate
width W were found in order to obtain values of Re−0.42

V Bd0.26 equal to 0.040. It can be
noticed that by respecting the proposed design guideline, the NPV deviates maximum
-4.4 % from the best value of the parametric analysis. The COP in the third design point
is slightly lower due the the higher pressure drops of the refrigerant.

The forth and fifth rows of Table 4.12 report two PHE design which were obtained by
fixing the plate width and the number of plates, as well as the chevron angle. The
corrugation geometry was found in order to match the design guideline and it was found
that also in this case the two solutions deviate of only -1.9 % and -1.5 % from the best
NPV, thereby lying in an optimal region for the PHE design. It can be noticed that
all the five solutions proposed have the same magnitude of refrigerant pressure drops,
ranging from 30 kPa to 35 kPa. This is the same range shown in Fig.4.8(a) for the same
working fluid.

Table 4.12: Some examples of PHE design points for the mixture
Propane/Iso-Pentane (0.5/0.5)

Design W , Nch, β, b, Λ, Lht, Aht, ∆pref,tot, NPV, ∆NPV, COP, Re−0.42
V Bd0.26,

m - ◦ m m m m2 kPa e % - -

Free variables Fixed geometry

I 0.20 188 45 0.005 0.007 0.66 92.0 31.0 696960 -3.6 3.02 0.040
II 0.19 196 35 0.005 0.007 0.57 80.1 31.3 711620 -1.5 3.02 0.040
III 0.44 59 35 0.007 0.007 0.65 80.7 36.0 690990 -4.4 3.01 0.040

Fixed geometry Free variables

IV 0.20 100 35 0.009 0.008 0.77 82.1 32.6 708580 -1.9 3.02 0.040
V 0.18 150 35 0.007 0.006 0.54 79.8 31.0 712180 -1.5 3.02 0.040
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Uncertainty analysis

The uncertainty analysis on the values of heat transfer coefficients and pressure drops
was carried out for the design I reported in Table 4.12 for Propane/Iso-Pentane (0.5/0.5),
performing with a NPV -3.6 % lower than the best solution found in the mapping. The
mean values, standard deviation and 95 % coverage interval are reported in Table 4.13.
The input uncertainties assigned to the heat transfer and pressure drops correlations
resulted in a standard deviation of 10.6 % and 5.0 % for heat transfer area and refrigerant
pressure drops, respectively. However, the overall impact on the heat pump NPV resulted
to be only equal to a 1.8 % standard deviation. This was also translated in 95 % of all
the solutions deviating maximum 3.5 % from the mean. Moreover, it can be observed
that the PHE design I obtained in Table 4.12 deviated of only +0.3 % compared to the
mean value estimated performing 500 simulations from the uncertainty input space. The
heat source pressure drop are not reported, since the results showed a negligible impact
on the NPV.

Table 4.13: MC uncertainty analysis results for PHE design I for
Propane/Iso-Pentane (0.5/0.5) performed with a sample population of 500
elements

Aht, ∆pref,tot, NPV,
m2 kPa e

Mean value 93.2 33.2 694780
Absolute standard deviation 9.9 1.7 12370
Percentage standard deviation 10.6 % 5.0 % 1.8 %
95 % coverage interval 20.7 % 9.8 % 3.5%
Design I 92.0 31.0 696960
Deviation from the mean -1.3 % -6.8 % +0.3%

It must be stressed again that the input uncertainties were taken from the reference
papers for the experimental correlations, and they were estimated by the authors as
accuracy referred to experimental database not containing the present working fluids and
operating conditions. This analysis ensures however that, despite very large deviations
assigned to the heat transfer and pressure drop calculations, such as the wide interval
of [-50%, +100%] given as input for the estimation of fV in Table 4.9,a much smaller
impact was obtained on the NPV estimation, equal to only 1.8 % standard deviation.

It is nevertheless very relevant to focus future work on validating the use of the chosen
prediction methods for similar case studies, by conducting experiments for flow boiling
of zeotropic mixtures in PHEs. Moreover, despite small uncertainties were obtained on
the NPV for PHE design I, the input uncertainties might lead to exclude some of the
optimal solutions for a possible underestimation of the NPV.
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Significance of the choice of the pressure drop correlation

From the analysis of the results, the refrigerant pressure drops were found to have the
largest impact on the NPV. Therefore, it was decided to carry out a sensitivity analysis
on the prediction method chosen to evaluate the two-phase frictional contribution,
constituting the major contribution to the refrigerant total pressure loss. The same
parametric study was carried out, i.e. considering the same design points, yet by
employing an alternative prediction method.

The Lockhart-Martinelli [78] method was applied, for which the Martinelli parameter
was estimated from the ratio of the singe-phase vapour and liquid pressure drops. Martin
correlation [77] was used in order to estimate the single-phase contributions, and the
two-phase multiplier was calculated by using the fitting to the Martinelli’s parameter
developed by Chisholm [80] with a multiplication coefficient C = 4.67, as proposed by
Palm and Claesson [95].

By using the same fitting coefficients obtained using the previous data set, i.e. -0.42 and
0.26 for ReV and Bd respectively, the mean value was calculated for the best results,
namely PHE designs based on the best 5 % NPV. A good agreement was obtained
between the two different data sets, since the mean value of the guideline Re−0.42

V Bd0.26

was found equal to 0.044, thereby being +9.5 % higher than the base case.

Limitations of the study

The methodology presented in this work is based on a number of boundary conditions
and assumptions. First and foremost, the methodology is based on numerical calculations
and has not been documented experimentally. The study has only been applied to a
limited number of cases. The work should be seen as a suggestion and exemplification of
a method, not as a complete guideline.

The methodology was indeed derived for eight different working fluids integrated in
the same heat pump, with fixed heat source temperature glide of 25◦C. Therefore, the
influence of having different glides along the evaporator might be investigated as part of
future work. Moreover, the economic analysis showed that the refrigerant total pressure
drops have a major impact on the NPV of the heat pump. In order to estimate the
NPV, a number of economic boundaries were assumed, and the price of electricity and
natural gas were based on the data available for the Danish energy sector. Therefore, the
results must be generalized by taking into consideration the sensitivity of the proposed
correlation to such assumptions. The cost analysis showed that a major influence was
given by the running cost of the compressor, which was mainly affected by COP and
cost of electricity. Understanding the relative impact of the electricity cost is therefore a
relevant suggestion for further work.

Last, two limitations were entailed by the utilization of the PHE sizing model. Flow
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maldistribution is not taken into consideration, neither along the plate width nor among
the different HEX channels. This aspect might lead to different results concerning some
design variables, e.g. plate length-to-width ratio, since it does not take into account that
the flow might not be perfectly counter-current if low values of such ratio are employed.
In order to avoid unrealistic results, a minimum ratio was assumed in the present analysis.

4.4 Summary
This chapter presented different approaches to derive recommendations for PHE design
in heat pumps using pure and mixed refrigerants. In the first part, a sensitivity study
was carried out by simultaneously varying plate size and count for both evaporator and
condenser, and PHE geometrical configurations with different trade-offs between heat
transfer area and pressure drops were obtained. This study constituted an attempt to
derive design guidelines during a preliminary cycle design phase, where a full component
optimization is computationally expensive, and adopting heuristics criteria might lead to
suboptimal solutions. The results showed that only evaporator pressure drop affected the
COP, and the different refrigerants were subject to different degradation slopes. Butane,
with lowest vapour density and higher saturation temperature drop due to pressure drop,
resulted in the steepest drop, with 30 kPa generating a 4 % COP drop. Condenser design
solely influenced the economic performance, thus a minimization of the size was always
preferable. The trade-off between evaporator size and pressure drops was found to be
independent from the condenser design, and the analysed case study resulted in optimal
COP degradation of maximum 2 % for all the working fluids, thereby defining optimal
pressure drop values in a narrow range, around 5 kPa.

In the second part of the chapter, a methodology to derive simplified design guidelines
for PHE evaporators was derived. The methodology was demonstrated by applying it to
a case study of heat pumps using zeotropic mixtures. The analysis showed that there is
an economic trade-off between heat transfer area and refrigerant pressure drop, with the
latter having a larger impact on the results. Higher refrigerant pressure drops resulted
in a COP degradation, subsequent increase of the compressor running costs, as well
as higher investment required for the compressor. Different working fluids presented
different sensitivity to pressure drops, thus the trade-off could not be uniquely defined in
terms of a maximum allowable pressure drop. The results were therefore assessed with
the aim of deriving a general design guideline, applicable for all the fluids. Different
non-dimensional parameters were correlated to the normalized NPV, and it was shown
that ReV , Bd and Wem are the parameters mostly influencing the results. Moreover,
an optimal value was identified for the dimensionless factor Re−0.42

V Bd0.26 for the best
solutions in terms of NPV, deviating no more than 5 % from the highest NPV. It was
shown that for most of the mixtures values above 80 % of the best NPV were found for
Re−0.42

V Bd0.26 ≈ 0.040.

Regarding the analysed working fluids, Butane/Hexane(0.9/0.1) presented non-favourable

115



Chapter 4. Derivation of design guidelines

design points, with an optimal region shifted towards the left of the obtained guideline.
Moreover, Propane/n-Pentane at (0.4/0.6) reported values of NPV above 70% of the best
solution for the suggested guideline, performing slightly worse than the other working
fluids for some of the designs. This was related to the effect of the chevron angle, and it
was therefore recommended to employ low values of β in the optimal region.

The design steps, based on applying the aforementioned guideline, were summarized and
applied to the case of for the Propane/Iso-Pentane (0.5/0.5). It was illustrated that
different configurations respecting Re−0.42

V Bd0.26 ≈ 0.040 yielded close to optimal NPVs.
These were obtaining by tuning differently plate corrugation geometry, size and number
of plates.
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5 Flow maldistribution

This chapter presents the main results of research work carried out with the aim of
estimating the impact of flow maldistribution in plate heat exchanger evaporators, and
the subsequent effect on the heat pump thermodynamic and economic performance
indicators. Part of this chapter was published in [P2] and [C3].

5.1 Introduction
As highlighted in the literature review in Chapter 1, flow maldistribution can negatively
impact the performance of multiple channels HEXs. A study on the impact of mald-
istribution effects in PHE evaporators is here presented. By using the 2D evaporator
model coupled with the heat pump off-design model presented in Chapter 2, the effect of
end-plates and liquid/vapour maldistribution can be estimated at both component and
cycle level.

First, a study on evaporator performance is carried out for four different refrigerants,
namely the pure fluids butane and propane, and the zeotropic mixtures propylene/butane
at (0.5,0.5) mass composition and CO2/dimethyl ether (DME) (0.2,0.8). The impact at
component level was assessed for a prescribed geometry for all the working fluids, while
the operating conditions were assumed from a case study. Moreover, the significance of
choosing a different correlation to compute the frictional contribution to pressure drop is
assessed. Last, the sensitivity of the impact of maldistribution with respect to the plate
size and count is investigated for one of the refrigerants.

In the second part of the chapter, the impact of maldistribution effects is assessed on
the thermodynamic performance of heat pumps. A case study is presented with the aim
of demonstrating the utilization of the integrated simulation framework presented in
Chapter 2.6.3. An economic analysis was additionally carried out with the aim of showing
the potential impact of evaporator performance degradation due to maldistribution effects
on the economic feasibility of heat pumps.
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The chapter is structured as follows: section 5.2 presents the case study and results of
the study on the impact of flow maldistribution on the evaporator performance. Section
5.3 illustrates the results of the study on impact of maldistribution on cycle performance,
while sections 5.4 presents a discussion of the main findings of both studies. Finally,
section 5.5 presents a short summary of the chapter.

5.2 Impact on evaporator performance
This section presents a study aimed at estimating the performance degradation of evapo-
rators due to maldistribution effects. The aim was to understand the impact of end plates
and liquid/vapour maldistribution on the performance of PHE evaporators using different
refrigerants. Four different working fluids were chosen, namely the two pure fluids butane
and propane, and the two zeotropic mixtures of natural refrigerant propylene/butane
at (0.5/0.5) mass composition and CO2/dimethyl ether (DME) (0.2/0.8). The working
fluids were chosen as among the best performing refrigerants in terms of COP for two
different heat pumps applications in the work by Zühlsdorf et al. [13, 21]. Moreover, the
refrigerants were chosen with the additional purpose of assessing the impact of maldistri-
bution for a diverse range of refrigerants, with different thermo-physical properties and
at different operating pressures. The geometry was prescribed for all the fluids, in order
to make the comparison independent from the specific PHE design, and with the aim of
focusing on the refrigerants sensitivity to maldistribution.

5.2.1 Methods

The refrigerant operating conditions at the evaporator were fixed to the design values of
a booster heat pump case study, published in [21]. A single-stage vapor compression heat
pump was suggested for increasing the temperature of one part of the district heating
forward water stream from 40 ◦C up to 60 ◦C, with a total thermal load of 13.9 kW at the
condenser. The design of the heat pump with the four different working fluids resulted
in the operating conditions reported in Table 5.1 for the evaporator. The secondary fluid
at the evaporator was defined as water.

Table 5.1: Working fluids and evaporator inlet conditions

Working fluid pref,in, Tref,in, xref,in, ṁref,tot, phs,in, Ths,in, ṁhs,tot,
bar ◦C - kg/s bar ◦C kg/s

Butane 2.25 22.5 0.14 0.0360 3.00 40.0 0.186
Propane 8.93 22.5 0.16 0.0394 3.00 40.0 0.185
Propylene/butane (0.5/0.5) 5.54 17.9 0.17 0.0361 3.00 40.0 0.193
CO2/DME (0.2/0.8) 9.07 17.6 0.18 0.0345 3.00 40.0 0.191

As a first step to evaluate the impact of maldistribution effects on the evaporator
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performance only, and to evaluate the differences between the refrigerants, the PHE
geometry was fixed to a typical dimensions from a commercial manufacturer, reported in
Table 5.2 [74].

Table 5.2: PHE evaporator geometry [74]

W , Lht, Lp, Lp/W , Nch,tot, b, Λ, β, t,
m m m - - mm mm ◦ mm

0.117 0.524 0.524 4.5 21 1.8 7.0 35 0.5

The comparison was carried out by using the PHE model with both 1D and 2D discretiza-
tion approaches presented in Chapter 2.2. The 2D model was coupled with the flow
distribution solver presented in Chapter 2.4, with imposed liquid/vapour maldistribution.
The model was run with n= 50 CVs along the flow direction and tolerance set to 10−5.
Given the monotonic trend observed experimentally by Vist and Pettersen [62], a linear
variation of the inlet vapour quality was imposed between the first and last channel. The
slope of the variation was defined by the parameter ∆x, indicating the difference between
the vapour quality of the first and last channel of the PHE, presented explained in
Chapter 2.4. The parameter ∆x (Eq.(2.38)) was varied between 0 (for even distribution)
and 0.25 by steps of 0.05. The effect of end plates corresponded to the case of ∆x= 0. In
this last case, an even distribution of the vapour quality was imposed at the inlet of the
PHE channels. The difference between the 1D evaporator model and the 2D evaporator
model with ∆x= 0 allowed quantifying this effect.

The local values of heat transfer coefficient and pressure drop were estimated by following
the approach presented in Chapter 2.2.6. The evaporation heat transfer coefficient
for pure fluids was estimated by the Amalfi et al. [93] correlation. The Silver [100]
and Bell-Ghaly[101] method was instead applied to account for mixture degradation of
heat transfer during evaporation. In this method, Amalfi et al.[93] was applied for the
two-phase convective contribution, Cooper [107] was used for the ideal nucleate boiling
contribution, the Thome and Shakir [119] correlation was used for estimating the mixture
correction for the nucleate boiling term, and Martin [77] was applied for the single-phase
vapour contribution.

The Lockhart and Martinelli [78] method was used to evaluate two-phase evaporation
frictional pressure drop. The method was applied as proposed by Palm and Claesson
[95], i.e. Martin [77] was used to estimate the single-phase frictional pressure drop and
the correlation developed by Chisholm [80] estimated the two-phase multiplier with a
multiplication parameter equal to 4.67. Regarding pressure drop, no distinction was
made between pure and mixed refrigerants, and the same method was applied. The
variation of the local saturation properties for mixtures was however taken into account
by evaluating the value in each cell.
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Figure 5.1: Mass flow distribution of the refrigerants in the different evapo-
rator channels, shown as percentage deviation from the average value

5.2.2 Results

Fig.5.1 shows the mass flow rate distribution of the refrigerant into the different channels
of the evaporator. The different colors represent the degree of maldistribution imposed by
the model. ∆x= 0 corresponds to a uniform vapour quality distribution, thus indicating
the effect of end plates on the channel-to-channel mass flow distribution. ∆x = 0.25
corresponds instead to the most severe maldistribution imposed by the model, namely
an absolute difference of vapour quality at the inlet of the outermost channels of 0.25.
The results are reported in terms of percentage deviation from the average mass flow
rate, e.g. the mass flow rate in each channel if an equal distribution was attained.
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The obtained trends were similar for all fluids: a larger mass flow rate resulted to flow
in those channels with lower inlet vapour quality (see Fig.2.6, e.g channels with lower
numbering). In fact, the higher pressure drop entailed by the vapour phase leads to a
reduction of the mass flow rate in those channels where complete evaporation is reached
earlier, in order to equalize the pressure drops. Butane showed the largest sensitivity to
maldistribution, with mass flow rate deviation of up to 50 % for ∆x= 0.25, followed by
propane with maximum deviation around 15 %. The two zeotropic mixtures reported
instead a much lower impact on the mass flow rate distribution. Propylene/butane
resulted in deviations smaller than 10 %, while CO2/DME reported trends with very
small differences between the different cases, all below 5 %.

The higher sensitivity to maldistribution of the pure fluids can further be observed in
the temperature distribution of the refrigerant, heat source and wall temperature in the
different channels, shown in Fig.5.2 for the case of severe maldistribution (∆x= 0.25).
The refrigerant flows upward in the even channels, while the water flows downward in the
odd ones. Fig.5.2 (a) and (b) shows the results for butane and propane, respectively. The
channels with a low refrigerant mass flow rate experienced a large region of superheat,
where the temperature level of the refrigerant outlet reached the inlet heat source
temperature. Note, that the effect on the overall outlet superheat can in any case be
compensated by the channels with lower outlet temperature.

Fig.5.2 (c) and (d) shows the same temperature distribution for the case of propylene/bu-
tane and CO2/DME . Compared to the pure fluids, a refrigerant temperature rise can be
observed during the evaporation process, due to the characteristic temperature glides
experienced by zeotropic mixtures during phase-change. The effect of maldistribution,
which resulted in large non-uniformities in temperature between channels the two pure
fluids, is only slightly detectable for propylene/butane. CO2/DME resulted instead to be
unaffected by the liquid/vapour maldistribution. Only the effect of end plates can be
noticed in the outermost refrigerant channels, resulting in a slightly higher temperature
compared to the inner channels - due to the lower mass flow rates (see Fig. 5.1 (d)).

Maldistribution effects implied a degradation of the heat transfer performance of the PHE
evaporator, which was quantified in terms of total heat flow rate. Fig.5.3 (a) reports the
total heat flow rate as a function of the maldistribution parameter ∆x for all the working
fluids. The value of the heat flow rate was normalized with respect to the ideal value
obtained by using the PHE model discretized in 1D, i.e. assuming an equal distribution
of the refrigerant in all the channels. Table 5.3 reports the reference value obtained
in the 1D case, and the degradation in percentage point due to effect of end plates,
liquid/vapour maldistribution and overall. Accordingly to the results of mass flow rate
distribution, butane resulted to be the refrigerant affected to the largest extent, with -8.8
% and -5.8 % degradation due to effect of end plates and liquid/vapour non-uniformities,
respectively. Propane presented similar trends, with lower magnitude of deviation. The
two zeotropic mixtures resulted to be slightly affected by both effects. CO2/DME did
not experience a performance drop for liquid/vapour maldistribution, yet - 1.4 % drop in
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(a) Butane (b) Propane

(c) Propylene/butane (0.5/0.5) (d) CO2/DME (0.2/0.8)

Figure 5.2: Temperature distribution in the PHE evaporator for the case of
severe maldistribution rate ∆x= 0.25

heat flow rate was due to the effect of end plates. Propylene/butane resulted to be the
fluid with the lowest overall degradation (-0.9 %), due to the lowest end plates effect.

The results of this study must however be assessed in relation to relevant fluid thermo-
physical properties and design of the HEX. Fig.5.3 (b) reports the total pressure drop
experienced by the refrigerant in the different maldistribution cases. The right-hand
side of Table 5.3 reports instead the refrigerant mass flux and superheat for the different
fluids, as well as the value of vapour density at the bubble point and dTbubble/dp, i.e.
the saturation temperature decrease due to pressure drop - estimated by the Clapeyron
relation [138].

Fig.5.3 (b) shows that butane experienced the higher pressure drop, followed by propy-
lene/butane. This is mainly related to the lower vapour density of these fluids, which -
as pinpointed by Brignoli et al. [41] - entail higher refrigerant pressure drops. Moreover,
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Figure 5.3: Impact of maldistribution effects on (a) total heat flow rate of
the evaporator and (b) total refrigerant pressure drop

Table 5.3: Heat flow rate degradation due to maldistribution effects and
working fluid thermo-physical properties at saturation pressure

effect of liquid/vapour overall effectend plates maldistribution

Working fluid Q̇eva,1D,
Q̇∆x=0− Q̇1D

Q̇1D
, Q̇∆x=0.25− Q̇∆x=0

Q̇∆x=0
, Q̇∆x=0.25− Q̇1D

Q̇1D
, Gref , ∆Tsh, ρV,

dTbubble
dp

,

kW % % % kg m−2 s−1 K kg m−3 K kPa−1

Butane 11.9 -8.8 -5.8 -14.2 17.1 0.0 5.7 0.140
Propane 12.4 -5.1 -2.5 -7.5 18.7 7.2 19.3 0.043
Propylene/butane 12.4 -0.6 -0.3 -0.9 17.2 5.4 12.0 0.060
CO2/DME 11.7 -1.4 0.1 -1.3 16.4 0.0 18.8 0.035

dTbubble/dp affects the drop in the refrigerant temperature due to pressure drop during
the evaporation process, negatively impacting the performance of the PHE evaporator.
Butane reported the highest value among all fluids. Therefore, despite the degree of
superheat equal to zero, and a mass flux in the same range compared to the other
working fluids, butane was found to be the most sensitive to both pressure drops and
maldistribution effects. Propylene/butane resulted in the second highest pressure drop,
yet only slightly affected by the maldistribution effects. Propane, despite comparable
values of vapour density, dTbubble/dp, and mass flux, resulted in a higher degradation
compared to both mixtures. The use of the two zeotropic mixtures investigated in this
study resulted to experience a consistently lower impact of maldistribution effects in
terms of mass flow rate distribution, temperature profiles and heat flow rate degradation.
Note, that the overall pressure drop was found to be low for all the refrigerants, well
below 3 kPa, which is a reasonable result for the low mass fluxes in the present case
study.
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5.2.3 Significance of the prediction method to compute pressure drop

The results of the study for the pure fluid butane and for the mixture propylene/butane
were compared to the results obtained by using an alternative method to compute the
frictional pressure drop. The comparison aimed at demonstrating the independence of
the obtained results with respect to the choice of the correlation, since different prediction
methods can be chosen from literature. The comparison was carried out for the pressure
drop correlation, since it affects the results to the largest extent due to the identical
pressure drop governing equations imposed to the model. Moreover, frictional pressure
drop are the largest contribution to the total losses compared to gravity and acceleration.

The qualitative comparison is reported in Fig.5.4. As stated in subsection 5.2.1, the
Lockhart and Martinelli [78] method was applied in the case study. The computation of
frictional pressure drop using the Fanning friction factor proposed by Amalfi et al. [93]
was used as an alternative method. The figure shows that the degradation trend is kept
with similar slopes to the base case for both fluids. The magnitude of the degradation
was found to be slightly modified, yet with differences lower than 5 % for butane, showing
the highest deviation. Therefore, the outputs of the maldistribution studies were found
to be independent from the choice of the correlation, and the relative ranking of the
refrigerants in terms of sensitivity to maldistribution effects is not expected to change if
a different prediction method is applied to compute the frictional pressure drop.
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Figure 5.4: Impact of maldistribution effects on total heat flow rate of using
two different methods for frictional pressure drop for butane and propy-
lene/butane
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5.2. Impact on evaporator performance

5.2.4 Significance of plate size and count

In this section, a sensitivity study is performed for butane, with the aim of evaluating
the dependence of the results on some relevant geometrical parameters. The corrugation
geometry of the PHE was fixed to the values of the previous analysis, reported in Table
5.2. On the other hand, the plate size and count were modified to investigate the effect
of the length-to-width ratio and of the total number of channels on the sensitivity to
maldistribution effects. In particular, Jin and Hrnjak [56] found an increasing effect
of end plates for decreasing number of channels. Therefore, it is expected that the
degradation of the total heat flow rate due to this effect increases for configurations with
lower number of channels.

Table 5.4: PHE size and count for the three considered case (plate dimensions
from [74])

W , Lht, Lp, Lp/W , Nch,tot, Gref ,
m m m - - kg/(m2s)

Case I 0.117 0.524 0.524 4.5 21 17.1
Case II 0.243 0.393 0.393 1.6 21 8.2
Case III 0.117 0.524 0.524 4.5 11 34.2

Table 5.4 reports the three PHE geometries considered in this study. Case I corresponds
to the same geometry previously used for the comparison between the four working
fluids. Case II corresponds to a case in which the same number of channels is used, but
the plate size is modified to another commercial model from [74], resulting to a lower
lenght-to-width ratio. Case III corresponds instead to the same plate size of Case I,
but with half number of channels. In the table, the mass flux is also reported, giving a
preliminary estimation of the relative magnitude of the pressure drop entailed by each
design.

The results of the study are reported in Fig.5.5 and Table 5.5, where the degradation is
divided between effect of end plate and liquid/vapour maldistribution. Case II reports
an overall degradation equal to around half of Case I, namely -7.6 % against -14.2 %.
Despite the number of channels was kept as constant compared to Case I, the effect of
end plates was found to be lower (3.8 % points below). This is likely to be related to the
lower pressure drop entailed by this design, reported in the third column of Table 5.5.
Moreover, the liquid/vapour maldistribution effect resulted to account for only -2.7 % of
the total degradation, thus being equal to around half of the original effect. Therefore,
a higher length-to-width ratio, related to higher pressure drop for the same number of
channels, entails a higher effect of end plates as well as liquid/vapour maldistribution.

On the other hand, Case III resulted to perform with an overall degradation higher than
Case I, equal to -21.2 %. The overall drop was largely due to the effect of end plates,
contribution with -16.9 % to the overall degradation. It was found that by employing
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Table 5.5: Heat flow rate degradation due to effect of end plates and liquid/-
vapour maldistribution for butane and different geometries

effect of liquid/vapour overall effectend plates maldistribution

PHE geometry Q̇eva,1D, ∆pref,tot−1D,
Q̇∆x=0− Q̇1D

Q̇1D
, Q̇∆x=0.25− Q̇∆x=0

Q̇∆x=0
, Q̇∆x=0.25− Q̇1D

Q̇1D
,

kW kPa % % %
Case I 11.9 2.5 -8.8 -5.8 -14.2
Case II 12.0 0.7 -5.0 -2.7 -7.6
Case III 11.0 7.8 -16.9 -5.2 -21.2

half number of channels, the effect of end plates was two times larger. The liquid/vapour
maldistribution effect was instead found to be almost equal to the original value of Case I.
The results shown in this section highlights the importance of taking the PHE design into
account when comparing different working fluids using different PHE geometries. In fact,
as previously shown, both effect of end plates and liquid/vapour maldistribution impact
are related to refrigerant thermo-phyisical properties. However, a strong dependence on
the chosen PHE design was also found in this study, with pressure drop being a relevant
aspect to take into consideration.
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Figure 5.5: Impact of maldistribution effects on total heat flow rate for bu-
tane and three evaporator geometries

5.3 Impact on cycle performance
The impact of maldistribution on the thermodynamic performance of heat pumps was
assessed for a case study. The objective of the work was to estimate the effect of end plates
and liquid/vapour non-uniformities on the COP of a heat pump for a case study of waste
heat recovery from data centres. The coupled heat pump-PHE simulation framework,
presented in Chapter 2.6, was used for the integrated analysis, including design and
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off-design calculations of both cycle and components, considering the evaporator with
and without maldistribution effects. This study aimed at demonstrating the utilization
of the integrated framework for the design and off-design analysis of heat pumps using
PHE as evaporator and condenser unit, with and without maldistribution effects.

5.3.1 Methods

The case study was previously published in Zühlsdorf et al. [13], without considering
detailed HEX design and maldistribution effects in evaporators. The present section
presents the choice of the working fluids and the heat pump boundary condition, together
with the inputs adopted for the cycle and PHEs design. Moreover, the economic boundary
conditions considered for the analysis are introduced.

Working fluids and boundary conditions

The case study aimed at integrating heat pumps in data centre facilities for excess heat
recovery purposes, for supplying heat to a district heating (DH) network. Zühlsdorf
et al. [13] carried out a screening of working fluids, including both pure and mixed
refrigerants, aiming at maximizing the cycle COP. Table 5.6 reports four working fluids
that were found among the most promising from both thermodynamic and economic
standpoints, namely the two pure fluids butane and propane, and the two zeotropic
mixtures propylene/butane and CO2/DME at (0.5/0.5) and (0.2/0.8) mass compositions,
respectively. The heat pump design parameters and resulting operating pressures, suction
volume flow rate, COP and specific cost of heat are also reported in the table. Note,
that the two zeotropic mixtures outperform both pure fluids with higher COP at a lower
specific cost of heat. The sizing was carried out by fixing the heat source side, since a
nominal cooling load must be provided to the data centre and the heat released to the
sink (DH network) was considered as a subsequent revenue. A minimum superheat was
ensured at the evaporator outlet, e.g. the temperature of the refrigerant was increased of
∆TSH in order to avoid refrigerant liquid droplets at the compressor inlet. The subcooling
was defined to reach the highest possible COP by maximizing it and reaching the imposed
pinch point temperature difference at the liquid outlet of the condenser. For a more
detailed description of the heat pump cycle design, the reader is referred to [13].

Table 5.6: Heat pump design and operating parameters for the selected
working fluids

Inputs Outputs

Working fluid Q̇eva,
kW

Ths,in,
◦C

Ths,out,
◦C

Tsink,in,
◦C

Tsink,out,
◦C

Q̇cond,
kW

pcond,
bar

peva,
bar

ṁ,
kg s−1

V̇out,eva,
m3 h−1

COP,
-

ch,
e/MWh

Butane 500 50 25 50 75 630 9.5 2.2 1.69 1100 4.5 32.7
Propane 500 50 25 50 75 638 28.1 8.8 1.90 370 4.4 31.1
Propylene/Butane 500 50 25 50 75 600 16.4 5.6 1.62 460 5.6 25.8
CO2/DME 500 50 25 50 75 600 25.3 9.7 1.56 290 5.6 25.4
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Heat exchangers design

The PHE design for both evaporator and condenser was carried out by using the design
solver presented in Chapter 2.2.8, considering typical plate dimensions from commercial
manufacturers [74, 145]. The plate size and models are reported in Table 5.7. Note
that different plate geometries were assumed for the different working fluids, due to
the large differences in required heat transfer area. Mixtures usually require a larger
area and hence investment, due to the lower temperature differences in the HEXs and
the degradation of heat transfer coefficients compared to pure fluids. Therefore, plates
with the larger area were selected for both propylene/butane and CO2/DME for the
evaporator and condenser side. For the evaporator, a plate size with a lower aspect ratio
(Lp/W ) was chosen for the pure fluids, due to the larger sensitivity of butane to pressure
drop - already shown in the results of this section. On the other hand, the two condenser
sizes were chosen with similar length-to-width ratios.

Table 5.7: Evaporator and condenser plate geometry, input for the design
models [74, 145]

Working fluid
Evaporator Condenser

HEX model W , Lp, Lp/W , HEX model W , Lp, Lp/W ,
m m - m m -

Butane SWEP B633 0.537 0.593 1.1 SWEP V65 0.363 0.731 2.0
Propane SWEP B633 0.537 0.593 1.1 SWEP V65 0.363 0.731 2.0
Propylene/Butane SWEP B649 0.537 0.995 1.9 AQ6-FG 0.650 1.390 2.1
CO2/DME SWEP B649 0.537 0.995 1.9 AQ6-FG 0.650 1.390 2.1

PHE model settings and correlations

In order to use the integrated simulation framework, some model specifications were
fixed. Table 5.8 reports the discretization details for both the evaporator and condenser
models. A higher number of CVs was applied in the condenser case as a result of the
grid independence study.

Table 5.8: Discretization and tolerances adopted for the PHE models

Design models Performance models
Evaporator Condenser Evaporator Condenser

Type of discretization 1D 1D 1D/2D 1D
Number of CVs 50 110 50 / 50 x (Nch,ref +Nch,hs) 110
Tolerance 10−5 10−5 10−5 10−5

Moreover, experimental correlations were selected to compute local heat transfer coeffi-
cients and frictional pressure drop of both evaporator and condenser, for both design
and off-design analysis. The same evaporator correlations chosen for the case study on
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evaporator performance - presented in section 5.2.1 of the present chapter - were selected
for the analysis.

Yan and Lin [137] was used for the condensation heat transfer coefficient of pure fluids,
while the Silver [100] and Bell-Ghaly [101] method was applied to account for mixture
degradation of heat transfer during condensation. The ideal heat transfer coefficient was
computed using Yan and Lin [137], while Martin [77] was used for the vapour phase
correction term. Condensation pressure drop was estimated by using the correlation for
the Fanning friction factor proposed by Yan and Lin [94]. Similarly to the evaporation
case, no distinction was made between pure and mixed refrigerants with respect to
pressure drop calculations.

Economic boundary conditions

As the design of the HEXs and compressor was fixed by the nominal heat pump conditions,
the total capital investment of the heat pump was not affected by the off-design operation.
The assumptions and cost correlations used in order to estimate the TCI are described
in [13].

The operating cost and revenue streams were on the other hand influenced by maldistri-
bution. The different boundary conditions adopted for the calculations are reported in
Table 5.9. A fixed number of yearly OH was assumed, since the heat pump was designed
for waste heat recovery and the income from the supplied heat to the DH was considered
as an additional benefit of the heat pump integration. The specific revenue from the heat
source was assumed equal to zero.

Table 5.9: Economic boundary conditions for the case study [21]

Description Parameter Value Unit
Lifetime nhp 20 y
Operating hours OH 8000 h y−1

Effective interest rate ieff 5 %
Specific cost of electricity cel 120 e MWh−1

Specific revenue of heat source chs 0 e MWh−1

Specific income per supplied heat csink 40 e MWh−1

5.3.2 Results

This section presents the results obtained by applying the simulation framework to the
case study. First, the results of the PHE sizing for both evaporator and condenser are
introduced, as a basis for the subsequent off-design analysis. The impact of the imposed
maldistribution on the working fluid mass flow distribution and evaporator performance is
subsequently presented, followed by the impact on the thermodynamic cycle performance.
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Last, the results of the economic analysis for one of the working fluids are given.

Evaporator and condenser designs

Table 5.10 shows the output of the design models. The total number of channels and
heat transfer area was estimated, which gives an indication of the size of the components
for each case and refrigerant. The effective heat flow rate, the mass flux, and the total
refrigerant pressure drop were additional outputs of the design process. These results are
dependent on the plate base design that was chosen for the working fluids. Commercial
plates from manufacturers were considered, hence the PHE design was not based on a
full optimization of the geometry but it was in fact based on heuristics in accordance
with typically accepted values of refrigerant pressure drop. This approach resulted in
designs with a different number of channels for the four refrigerants. A full optimization
of the PHE geometry was considered as outside the scope of the present work.

The evaporator design for the two pure fluids butane and propane led to refrigerant
pressure drop within the usual 50 kPa limit adopted by commercial manufacturers [74].
Despite the evaporator for butane was designed with a mass flux (Gref) equal to around
half of the case of propane, similar pressure drops were obtained for the two fluids. This
constitutes a first indication of the higher sensitivity to pressure drop of butane, i.e. a
higher degradation of the PHE performance due to pressure drop is expected even if no
maldistribution effect is accounted for. This will be further explained in section 5.3.2.

The two zeotropic mixtures led to opposite PHE designs, despite the same plate geometry
was assumed in both cases. The design for propylene/butane entailed higher pressure
drop (equal to 63.5 kPa) and a lower heat transfer area, whereas low pressure drop and
bigger heat transfer area was obtained for the case of CO2/DME. This is likely to lead
to different impact of maldistribution for the two working fluids.

It is noted, that the condenser pressure drop predicted using the correlation by Yan and
Lin [94] is very low for all the working fluids, and in the case of propane equal to -0.86
kPa. The design of the condenser presented in this case study corresponds however to a
case with a large refrigerant sub-cooling, equal to 24.3 K and 21.3 K at the design point
for butane and propane, respectively, and 8.7 K and 2.0 K for propylene/butane and
CO2/DME. The large sub-cooling results in a dominant contribution of gravity pressure
drop, which in turn, for downward-flow condensers, negatively contributes to the total
value (i.e. results in a pressure recovery). Note that the dominant contribution of gravity
pressure drop was obtained as a consequence of using the correlation by Yan and Lin
[94](due to the low values of friction factor), and the choice of other prediction methods
might change the result.

Though not the focus of the present study, it is important to point out one aspect of
condenser design and pressure drop prediction. The results of Table 5.10 showed that
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the frictional pressure drop evaluated using the Yan et al. [137] correlation resulted in
very low values of the frictional contribution. This led, for the case of propane, to have
a dominant effect of gravity pressure recovery. However, it is again stressed that the
conclusion on the dominating effect of gravity pressure recovery is strictly related to the
chosen prediction method for frictional pressure drop, and using correlations recently
published by Tao and Ferreira [146] or Zhang et al. [97] could lead to opposite results.
However, the results of Chapter 4 showed that the influence of condenser pressure drop is
not relevant for the heat pump COP of the same case study and fluids considered in the
present paper. The results on evaporator maldistribution effects presented in this paper
are thus not sensitive to the chosen prediction method and to the resulting condenser
design.

Table 5.10: Results of design model for evaporator and condenser

Working fluid
Evaporator Condenser

Nch,tot, Aht, Q̇, Gref , ∆pref,tot, Nch,tot, Aht, Q̇, Gref , ∆pref,tot,
- m2 kW kg m−2 s−1 kPa - m2 kW kg m−2 s−1 kPa

Butane 61 22.3 501 57.4 28.8 161 49.2 633 29.0 0.01
Propane 39 14.3 502 100.8 34.0 210 65.8 638 23.2 -0.86
Propylene/Butane 33 20.8 501 91.2 63.5 51 55.3 603 47.6 2.32
CO2/DME 65 41.0 500 44.6 10.9 51 55.3 602 45.8 0.55

Impact on evaporator performance

Fig.5.6 shows the mass flow rate distribution of the refrigerant into the different channels
of the evaporator. The results are presented and plotted similarly to the previous case
study shown in Fig.5.1. The trends were found to be similar compared to the ones
obtained with the previous study. However, the magnitude of maldistribution effects
increased for propane, propylene/butane and CO2/DME, reaching maximum deviation
values around 20 % to 30 %. Butane resulted to be the fluid most affected by non-
uniformities, similarly to the previous case, with mass flow rate deviation of up to 50 %
for ∆x= 0.25.

Since the PHE model was coupled with off-design calculation of the heat pump, the total
mass flow rate of the working fluid was modified for each value of maldistribution rate,
in order to ensure the defined control values of superheat and suction volume flow rate.
Therefore, Fig. 5.7(a) reports the total refrigerant mass flow rate as a function of the
maldistribution parameter ∆x. The total evaporator heat flow rate (b) and the total
refrigerant pressure drop are plotted in Fig. 5.7 (b) and (c), respectively. The values
of mass flow rate and heat flow rate were normalized with respect to the design point,
presented in Table 5.6, while the refrigerant pressure drop in Fig.5.7 (c) was plotted
using absolute values in order to show the ranking of the working fluids.

The dashed lines in Fig. 5.7 represent the results of an evaporator 1D performance
model, where the flow was assumed to distribute perfectly uniformly between the different
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Figure 5.6: Mass flow distribution of the refrigerant in the different evapo-
rator channels, shown as percentage deviation from the average value

channels. Therefore, the difference between the design value and the 1D performance
model accounts for the real operation of the heat pump, in which pressure drops of both
evaporator and condenser affect the operating conditions, i.e. pressure levels and mass
flow rate, due to the imposed control parameters, which were set as a fixed superheat,
subcooling and compressor suction volume flow rate. On the other hand, the difference
between the dashed line and the point marker at ∆x = 0 quantifies the effect of end
plates. The third and fourth columns of Table 5.11 report these differences in terms of
percentage deviation for the evaporator heat flow rate. The trend outlined by the point
markers in Fig. 5.7 represent instead the effect of liquid/vapour maldistribution. The
last two columns of Table 5.11 report the degradation of heat flow rate in the most severe
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Figure 5.7: Impact of maldistribution effects on (a) total refrigerant mass
flow rate, (b) evaporator heat flow rate and (c) total refrigerant pressure
drop

case of maldistribution (∆x = 0.25), compared to the case of uniform vapour quality
distribution (∆x= 0) and to the results of the 1D model, respectively. The former solely
quantifies the effect of liquid/vapour maldistribution, i.e. the slope of the degradation,
while the latter reports the overall degradation due to end plates and liquid/vapour
non-uniformity effects altogether.

Fig. 5.7(a) shows that both pure fluids – butane and propane – and the mixture
propylene/butane report an evident decrease of the total mass flow rate with increasing
∆x, whereas the zeotropic mixture CO2/DME does not follow a clear trend. Moreover,
the reduction of mass flow rate in the case of operation with no maldistribution (dotted
line) was found to be very small (around 1 %) for CO2/DME, slightly higher for propane
(around 2.5 %) and similar for butane and propylene/butane, around 8 % to 9 %. The
impact of real system operation on the evaporator heat flow rate was analogous, as shown
in Fig.5.7(b). Real operation is strongly dependent on the effect of refrigerant pressure
drop (in both evaporator and condenser) on the cycle operating conditions, and Fig.
5.7(c) shows that higher pressure drop resulted in higher degradation of the mass flow
and evaporator heat flow rate. Butane was found to be the only exception, with pressure
drop being the second lowest after CO2/DME, yet entailing a higher degradation of
performance.

Regarding the effect of end plates, propylene/butane resulted to be the fluid most
influenced, with a deviation of 4.8 %. CO2/DME follows with a deviation of 3.5 %,
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Table 5.11: Evaporator heat flow rate degradation due to effect of end plates
and liquid/vapour maldistribution

real operation end plates liquid/vapour overall effecteffect maldistribution

Working fluid Q̇eva,design, Q̇eva,1D,
Q̇1D− Q̇design

Q̇design
, Q̇∆x=0− Q̇1D

Q̇1D
, Q̇∆x=0.25− Q̇∆x=0

Q̇∆x=0
, Q̇∆x=0.25− Q̇1D

Q̇1D
,

kW kW % % % %
Butane 500 468 -6.7 -2.2 -8.5 -10.5
Propane 500 488 -2.5 -1.4 -2.7 -4.1
Propylene/Butane 500 469 -6.7 -4.8 -2.4 -7.0
CO2/DME 500 496 -0.8 -3.5 -1.6 -5.1

Table 5.12: Refrigerant saturation pressure and thermo-physical properties
at evaporator design conditions

Working fluid peva,design, Tbubble, Tdew, ρV , dTbubble
dp

,

bar ◦C ◦C kg m−3 K kPa−1

Butane 2.2 22.5 22.5 5.7 0.140
Propane 8.8 22.0 22.0 19.1 0.044
Propylene/Butane 5.6 19.8 37.0 13.6 0.054
CO2/DME 9.7 11.2 34.9 20.1 0.033

while the two pure fluids report smaller degradations. This was already shown in Fig.
5.6, where the mass flow distribution into the different channels was reported for the
working fluids. It may be seen that the line corresponding to ∆x = 0 reports a lower
deviation from the average mass flow rate for both butane and propane compared to the
mixtures. The deviation increases then more sharply for both pure fluids with increasing
∆x0, compared to the mixtures. Fig. 5.6 shows indeed that the end plates affect the
mixtures to a higher extent than both pure fluids, which instead resulted to be more
sensitive to vapour quality maldistribution. Part of the higher effect of end plates for
propylene/butane was due to the lowest number of channels used in the PHE evaporator
design, namely 16 refrigerant channels.

Liquid/vapour maldistribution impacted butane to the largest extent, leading to an overall
degradation of the heat flow rate of 10.5 % compared to the performance estimated by
the 1D model. Non-uniform quality distribution contributed with 8.5 % degradation.
Propane resulted to be the second most affected fluid with a degradation of 2.7 %. This
is also shown by the slope of the point markers in Fig.5.7 (b), which is steeper for the
two pure fluids. Despite the lower degradation due to vapour quality non-uniformity
experienced by propylene/butane, equal to 2.4 %, a high impact was found for end plates
effects, leading to an overall higher evaporator performance degradation of 7.0 %. The
mixture CO2/DME resulted to be only slightly affected by liquid/vapour maldistribution,
with an overall degradation of 5.1 % mostly due to end plates effect.
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5.3. Impact on cycle performance

The differences between working fluids shown for this case study were found to be related
to system operation (refrigerant pressure drop), PHE design and fluid thermo-physical
properties, contrarily to the previous case study where the same PHE evaporator geometry
was used for all fluids. Here, the PHE design led to different trade-offs in terms of heat
transfer area and pressure drop, and the pressure drop range resulted to be very different
(see Fig. 5.7 (c)). The refrigerant pressure drop trends are highlighted in Fig.5.7 (c),
with butane clearly showing an increase in pressure drop with increasing ∆x. Table
5.12 reports some relevant fluid thermo-physical properties, evaluated at the evaporator
design conditions. Accordingly to the previous case study, butane reports vapour density
nearly one third lower than propylene/butane and one forth lower than both propane and
CO2/DME. Moreover, dTbubble/dp for butane is one order of magnitude higher than for
the other working fluids, which instead present similar values. This means that, despite
the lower pressure drop related to the PHE design for butane, the evaporator is more
affected compared to the other working fluids. This explains why butane reports the
higher degradation of evaporator performance due to real system operation, as well as a
higher sensitivity to vapour quality non-uniformities. On the other hand, the change in
ranking between propane and propylene/butane was found to be related to the design
of the PHE: in this case study, propylene/butane resulted in an evaporator design with
large pressure drops compared to the other fluids, i.e. six times higher than CO2/DME.
Therefore, a large share of the maldistribution effects must be related to the PHE design:
this can be clearly shown by looking at the relative share of overall degradation due to
the real operation and effect of end plates, rather than liquid/vapour maldistribution.
CO2/DME was found to be the least affected fluid for a combined effect of PHE design
(low pressure drops and higher heat transfer area) and fluid properties.

Impact on cycle thermodynamic performance

A degradation of evaporator performance due to maldistribution effects influences the
performance of the overall thermodynamic cycle. Fig. 5.8 shows the effect of the different
rates of imposed vapour quality non-uniformity on total condenser heat flow rate (a),
on the power required by the compressor (b) and the COP (c), defining the heat pump
thermodynamic performance.

The condenser load estimated by the 1D performance model, thereby accounting for
pressure drops of both evaporator and condenser, was found to be lower than the design
value for all working fluids. Similarly to the evaporator case, the decrease for butane and
propylene/butane was found to be higher, around 5 % vs. a decrease of around 1 % to 2
% for propane and nearly negligible for CO2/DME. This was due to the higher sensitivity
of butane to pressure drop and the highest value of pressure drop for propylene/butane
as already presented in the previous section. The end plate effects in the evaporator
for both butane and propylene/butane translate into similar values of condenser load
reduction, yet the slope of butane was the steepest among all the working fluids. This
is consistent with the results presented in Table 5.11, which showed butane being the
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Figure 5.8: Impact of maldistribution effects on (a) condenser heat flow rate,
(b) compressor power and (c) heat pump COP

Table 5.13: COP degradation due to effect of end plates and liquid/vapour
maldistribution

real operation end plates liquid/vapour overall effecteffect maldistribution

Working fluid COPdesign, COP1D,
COP1D−COPdesign

COPdesign
, COP∆x=0−COP1D

COP1D
, COP∆x=0.25−COP∆x=0

COP∆x=0
, COP∆x=0.25−COP1D

COP1D
,

- - % % % %
Butane 4.52 4.37 -3.4 -1.3 -4.7 -5.9
Propane 4.40 4.32 -1.8 -0.7 -1.8 -2.5
Propylene/Butane 5.58 5.31 -4.8 -1.9 -1.8 -3.7
CO2/DME 5.63 5.59 -0.7 -2.5 -0.1 -2.6

most affected fluid regarding liquid/vapour maldistribution. CO2/DME does not follow
a clearly decreasing trend, similarly to what was found for the total refrigerant mass flow
rate in Fig. 5.7 (a).

The effect of maldistribution on the power required by the compressor in Fig. 5.8
(b) shows that propane, propylene/butane and CO2/DME were negligibly affected by
maldistribution, while butane underwent a visible decrease (2 % to 3 %). This is due to
the opposite effects of the mass flow reduction (shown in Fig. 5.7 (a)) and an increase of
pressure ratio and reduction of isentropic efficiency during off-design operation. The mass
flow rate reduction is the dominating effect for butane, thus entailing a lower compressor
power, whereas the other working fluids resulted to have a counteracting effect from mass
flow rate and pressure ratio/efficiency, thereby having nearly constant compressor power.

The condensation heat flow rate reduction together with the different trends from the
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Figure 5.9: Impact of maldistribution effects on the heat pump cycle for
butane

compressor power affected the resulting heat pump COP, shown in Fig. 5.8 (c). The
percentage deviations are reported in Table 5.13, similarly to the evaporator case, i.e.
by estimating the effect of real operation, end plates and vapour quality non-uniformity
separately and altogether.

The effect of maldistribution on COP follows the same trend as the condenser heat flow
rate for propane, propylene/butane and CO2/DME, since the compressor power was not
affected. The decrease of condenser heat flow rate was found to be dominating over the
reduction of power consumption for butane, thereby entailing a COP reduction. The
effect of end plates was however reduced compared to the evaporator, and the slope of
the maldistribution rates (increasing ∆x) is less steep.

By comparing the last columns of Tables 5.11 and 5.13, it may be observed that the
PHE evaporator degradation was translated into a lower effect on the COP for all the
working fluids, comparable to half of the evaporator degradation. The difference between
the design and 1D model was reduced, as well as the effect of end plates, compared to
the evaporator performance degradation. The relative ranking of the fluids with respect
to each other was maintained, hence butane experienced the largest reduction of COP
equal to 5.9 %, followed by propylene/butane, CO2/DME and propane.

The effect of maldistribution on the cycle thermodynamic performance is additionally
presented in Fig. 5.9 by the log(p)-h diagram of the heat pump cycle at the design point
compared to the different cases of maldistribution. Fig. 5.9 shows the case of butane,
since it resulted as the most sensitive fluid to maldistribution. The trends for the other
refrigerants were found to be similar. In agreement with the results shown in Fig. 5.7
(c), increasing ∆x entails an increase of refrigerant pressure drop at the evaporator, as
clearly shown by the evaporator outlet state point reported in the log(p)-h diagram.
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Fig. 5.9 shows that the cycle operation is significantly affected by the occurrence of
maldistribution effects.

Economic analysis

The results of the economic analysis are presented solely for butane. The other working
fluids showed similar trends yet with different magnitude of the impact. Moreover,
the results of the economic analysis serve as a mere indication of the utilization of
the simulation framework presented in this thesis, since they are dependent on the
assumptions made for the specific case study.

The economic performance indicator introduced by Eq.(2.44), namely the specific cost of
heat, is shown in Fig. 5.10(a), while the two different revenue and cost streams associated
with the chosen case study are reported in Fig. 5.10(b), for design case, the heat pump
real operation and the different maldistribution rates. Since the heat pump was assumed
to be operated for a fixed number of hours, the specific cost of heat was found to increase
due to maldistribution effects. The heat load of the condenser (presented in Fig. 5.8
(a)) resulted to be decreasing with increasing ∆x, and had a dominating effect compared
to the decrease in operating costs associated to the compressor. The heat source was
considered to be free excess heat from a data centre, while the TCI was fixed in all the
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Figure 5.10: (a) Specific cost of heat and (b) yearly cost and revenue streams
as function of ∆x for butane
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cases, hence constituting the heat sink and compressor costs to be the only influencing
factors. Fig.5.10(b) shows the yearly electricity cost of the compressor compared to the
revenue stream (which is not considered for the computation of ch). The revenue stream
was determined by the heat of the condenser, which was supplied to the DH network. In
agreement with the increasing trend of the specific cost of heat, the revenue stream was
found to decrease with a steeper slope compared to the compressor running costs, thereby
leading to an increase in the operation cost of the heat pump when maldistribution affects
the operation of the evaporator.

5.4 Discussion
The results presented in this chapter showed a general degradation of the evaporator and
cycle performance both due to the effects of end plates and liquid/vapour maldistribu-
tion. The differences between working fluids were presented in light of several aspects
contributing to such discrepancies, namely PHE design, obtained pressure drop and fluid
properties.

In the first part of the chapter, the PHE design was prescribed, and two alternative
geometries were investigated for butane, by changing the length-to-width ratio and number
of channels. A more thorough understanding of the influence of PHE geometry would
however required a more systematic sensitivity analysis on different PHE geometrical
parameters, for example using statistical methods [147] to explore the entire design space
and to capture the variance of the outputs with respect to the inputs - also including
potential interrelations.

In the second part of the paper, the PHE design was carried out by fixing the plate
geometry to typical dimensions available from suppliers, and no numerical optimization
was carried out for any working fluids and the designs were chosen to respect typical
allowable limits for pressure drop. Since the pressure drop, which is strongly influenced
by the geometry, was found to affect the refrigerant sensitivity to maldistribution effects,
the results should not be taken as a final ranking of the different refrigerants. The results
were instead presented as a way to use the simulation framework and to understand
the different aspects to take into consideration during design and analysis of both
evaporator and cycle. For instance, by looking at the results for PHE design for the
two mixtures propylene/butane and CO2/DME in Table 5.10, it can be observed that
opposite evaporator designs were obtained: propylene/butane resulted in a configuration
with a low number of channels, thereby higher pressure drop and low heat transfer area,
whereas for CO2/DME a higher plates number was employed, entailing higher heat
transfer area and low pressure drop. It was therefore found that a lower evaporator
investment could be required for propylene/butane. The maldistribution study showed
however that propylene/butane, with this particular PHE design, experienced evaporator
heat flow rate reduction of up 7 %, leading to a 3.7 % decrease of the system COP. The
design for CO2/DME was instead found to entail lower effects of maldistribution, leading
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to maximum 2.6 % reduction of COP, almost entirely due to end plates. This means that,
case by case, the trade-off between pressure drop and area investment must be decided
also taking maldistribution effects into account, since they may impact the evaporator
and cycle performance considerably, depending on the PHE geometry and pressure drop
limit chosen during the design phase.

Moreover, the results of the study showed that the thermo-physical properties of the
refrigerant are a relevant aspect to consider. Brignoli et al. [41] already stressed the
importance of taking fluid characteristics into account to discriminate when combined
optimization of cycle and HEX design leads to an effective increase of the cycle ther-
modynamic performance. They showed how a higher margin of COP improvement was
obtained for those fluids for which increasing mass fluxes entailed a higher increase of
heat transfer coefficient compared to pressure drop. They additionally discussed how
some fluid properties, such as vapour density and refrigerant temperature drop due to
pressure drop, were influencing the trends. Maldistribution is another aspect to consider,
since non-favourable thermo-physical properties (like the ones showed for butane in Table
5.12) implied higher performance degradation due to such effects. Choosing a PHE
design leading to a lower impact of both end plates and liquid/vapour maldistribution
is therefore particularly relevant for fluids with higher pressure drop sensitivity. For
example optimizing the PHE design for butane for given applications, would likely lead
to higher benefits in terms of performance improvement compared to the other working
fluids. This must also be considered when choosing empirical design criteria to size PHE,
e.g. limiting velocities or pressure drop. In Chapter 4, it was shown how the typical
design approaches do not necessarily lead to an optimal design for different working
fluids, since different refrigerants are differently sensitive to pressure drop. This is in
agreement with the findings of this chapter, which further stresses the importance of
understanding maldistribution effects and of discriminating if it is relevant to consider
them or to optimize the PHE design.

It is relevant to mention that the application of the simulation framework consisted of an
economic analysis to study the effect of maldistribution on the operating costs of the
heat pump. The results are strongly dependent on the assumption of this particular
case study, especially regarding the values chosen for electricity cost and revenue from
selling heat. Moreover, it was considered that the heat source comes at no cost from
internal excess heat recovery from the data centre. These assumptions might completely
change for different applications of heat pump integration, thereby stressing again that
the economic analysis must be solely taken as an explanatory example of the procedure
presented in the paper.

This study was focused on maldistribution effects in PHE evaporators only, thus ne-
glecting potential maldistribution issues related to condenser design. Specifically, no
liquid/vapour non-uniform distribution can occur at the condenser inlet, since the re-
frigerant is superheated vapour, hence only the effect of end plates may potentially be
considered. Previous study by Zühlsdorf et al. [20] showed however that evaporator

140



5.5. Summary

design affects the performance of heat pumps using mixed refrigerant to a larger extent
compared to the condenser. Moreover, the results of Chapter 4 confirmed the relevant
impact of evaporator design on the cycle COP, while the condenser design was found to
solely impact the levelized cost of heat.

Note that liquid/vapour maldistribution was evaluated by carrying out a sensitivity
study on different slopes of vapour quality variation at the channel inlets. This was
based on the assumption of linear vapour quality profiles, as experimentally shown for
tubular manifolds for compact HEXs in Vist and Pettersen [62], and confirmed by Mahvi
and Garimella [63]. Moreover, a maximum variation of 0.25 was imposed as input to
the model. Further experiments should therefore be carried out in order to validate
the linear assumptions, as well as the slope of the distribution. Both evaporator and
heat pump COP resulted to be largely affected, by limiting the maximum difference
of the inlet vapour quality to 0.25, with maximum deviations due to liquid/vapour
maldistribution obtained for butane of -8.5 % and 4.7 %, respectively. For a higher degree
of maldistribution, it is thus expected to obtain even larger degradation of both PHE
and heat pump performance.

5.5 Summary
In this chapter different maldistribution studies were carried out with the aim of quanti-
fying the effect of end plates and liquid/vapour maldistribution on evaporator and heat
pump thermodynamic performance, for pure fluids and zeotropic mixtures of natural
refrigerants, and different PHE designs. First, a comparison between butane, propane,
propylene/butane (0.5/0.5), and CO2/DME (0.2,0.8) and a fixed PHE geometry was
carried out.

• Butane was the most sensitive fluid to both effect of end plates and liquid/vapour
non-uniformities. A total heat flow rate degradation of -14.2 % was found, with
-8.8 % due to the former effect and -5.8 % due to the latter.

• Propane was the fluid with the second highest degradation, while the two zeotropic
mixtures were found to be only slightly affected by both effects.

• Refrigerant vapour density, impacting the total pressure drop, and saturation
temperature drop due to pressure drop were identified as fluid properties influencing
the results to a large extent.

• Despite propylene/butane resulted in higher pressure drop compared to propane,
the degradation of performance was lower.

• The choice of the correlation to compute frictional pressure drop was found not to
influence the results and relative ranking of the fluids.
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• By decreasing the number of channels to half of the value for butane, the evaporator
heat flow rate was subject to a degradation two times larger due to effect of end
plates.

• By decreasing the length-to-width ratio for butane, a lower pressure drop was
obtained, thus reducing the degradation of the total heat flow rate due to both
effects.

Second, an integrated PHE - heat pump design and off-design analysis, accounting for
maldistribution effects, was carried out. Four different PHE geometries were obtained for
all the fluids, thereby leading to a combined effect of fluid properties, real operation and
maldistribution effects influencing the performance of the heat pump.

• All working fluids resulted in a reduction of the evaporator heat flow rate due to
end plate effects. Propylene/butane (with the lowest number of channels equal to
33) was found as the working fluid that was most sensitive to end plates, with a
4.8 % reduction of evaporator heat flow rate, followed by CO2/DME and the two
pure fluids. The results did not follow the trend of number of channels: the effect
of end plates is thus simultaneously related to both number of channels and fluid
properties.

• Butane was the most sensitive fluid to liquid/vapour maldistribution, with an
impact equal to -8.5 %, leading to an overall evaporator performance reduction
of -10.5 %. The high sensitivity was found to be related to the PHE design, and
especially to the low working fluid vapour density, the higher temperature drop
due to pressure drop and low evaporation pressure.

• The impact of maldistribution effects was also translated into an estimation of COP
degradation. The relative ranking of the working fluids was shown to be similar
to the ones for the evaporator, i.e. with butane as the most sensitive fluid, with
-5.9 % due to end plates and vapour quality non-uniformity effects altogether and
propane the least affected (-2.5 %). The reduction of COP was lower compared to
the evaporator performance degradation, around half of the value of all the working
fluids.

• The economic analysis showed the impact of COP reduction on the specific cost of
heat, compressor running costs and revenue from the heat sink. It was shown that,
despite a decrease in the electricity needed to run the compressor during off-design
operation due to maldistribution, a lower yearly production of energy was achieved
for a fixed number of operating hours. Therefore, an increase of the cost of heat
was obtained, together with a steep drop in the revenue from selling the heat to
the DH network. The economic analysis was highly dependent on the case study
and related assumptions.
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6.1 Summary of findings
Heat pumps are envisioned to contribute to the decarbonisation of the Danish energy
sector, and the use of zeotropic mixtures as working fluids is a possibility to optimize
the thermodynamic performance of these systems. Heat exchangers are core-components
in heat pumps, thus ensuring their optimal design is of paramount importance for the
thermodynamic and economic performance of the cycle. Plate heat exchangers constitute
a promising solution due to the high effectiveness within a compact design, and were
thus investigated in this thesis.

The objectives of this PhD project were defined in relation to three main research
questions. First, the thesis attempted at identifying suitable prediction methods to
evaluate the heat transfer coefficient of zeotropic mixtures during evaporation in PHEs.
The accurate prediction of the heat transfer performance is, in fact, essential to correctly
design the component and to estimate its impact on the cycle performance. Second,
the thesis aimed at deriving simplified guidelines for evaporator and condenser design
in heat pumps using zeotropic mixtures. The guidelines were obtained with the aim of
avoiding the computational cost of combined cycle-component optimization, during the
preliminary design phase, when many different working fluids at different compositions
are screened and ranked. Last, the impact of liquid/vapour maldistribution and effect of
end plates on the evaporator performance was evaluated, and the subsequent degradation
of the heat pump thermodynamic performance was quantified.

In order to answer the defined research questions, detailed numerical models of PHEs
were implemented, validated, and integrated with a heat pump simulation framework,
for design and off-design analysis at both component and system level.
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6.1.1 Recommendations on heat transfer correlations for evaporation
of zeotropic mixtures in PHEs

Different prediction methods to evaluate the local heat transfer coefficient of zeotropic
mixtures were compared against experimental data of CO2/propane at different mass
compositions. Theoretical models for mixtures, as the Silver [100] and Bell and Ghaly [101]
method, and the Shah [126] method, reported the lowest deviation with the experimental
heat flow rate, matching the data with a mean relative error of 3.4 %. Moreover, due to
the dominant thermal resistance of the secondary fluid at low temperature glides, the
experimental heat flow rate was matched with generally low deviations when using both
PHE specific correlations (e.g. Amalfi et al. [93]) and theoretical models for mixtures.
Larger deviations were obtained by using mixture correlations developed for in-tube flow
boiling, since the methods were not able to accurately characterize the PHE geometry.
However, the deviation with experimental data was smaller for mixture subject to large
temperature glides, due to a dominating effect of the mixture degradation of heat transfer
compared to a correct representation of the geometry. It is thus recommended to use
theoretical methods for mixtures to evaluate the heat transfer coefficient of zeotropic
mixtures in PHEs, since both geometry and mixture degradation of heat transfer are
taken into account, regardless of the magnitude of the temperature glide.

Furthermore, different sensitivity studies on applying different correlations in the Silver
[100] and Bell and Ghaly [101] method were carried out with the aim of evaluating the
impact on the PHE performance. Correlations to compute the following contributions
were included in the analysis: (i) two-phase convective, (ii) ideal nucleate boiling, (iii)
vapour-only heat transfer coefficients, and (iv) correction factors for the nucleate boiling
contribution. It was found that the choice of the correlations has a large impact on
the value of local heat transfer coefficient, leading to deviations up to 50 %. However,
depending on the magnitude of the secondary fluid thermal resistance, these deviations
are reduced in the computation of the UA-value, and further reduced in the computation
of the total heat flow rate. Therefore, the user must account for different deviations and
uncertainties depending on the scope of the analysis. To conclude, if the work focuses
on analyzing the PHE performance impact on a thermodynamic cycle, the choice of the
prediction method does not lead to large differences. On the other hand, if the work
focuses on a detailed characterization of the heat transfer mechanism in the component,
the larger discrepancies between correlations become a relevant aspect to consider.

6.1.2 Simplified design guidelines of evaporator and condenser design
in heat pumps

A parametric study on the main geometrical parameters of both evaporator and condenser
was carried out with the aim of defining design guidelines for both components. A first
case study served as a basis to evaluate the relative impact of evaporator and condenser
design, and two pure fluids and a zeotropic mixture were included in the analysis. It
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was found that the condenser design solely impacted the economy, while the evaporator
design affected both the cycle COP and levelized cost of heat. An optimal trade-off
between evaporator heat transfer area and pressure drop can be thus defined, yet the
optimal value of pressure drop highly depends on the considered refrigerant. In fact,
depending on the working fluid sensitivity to pressure drop, different degradation of the
heat pump COP were obtained. Therefore, it is suggested to define a guideline based on
a maximum COP degradation, rather than a maximum allowable pressure drop, in order
to ensure a consistent comparison between fluids.

Moreover, focus was given to evaporator design, due to the higher impact on the
thermodynamic performance of the heat pump system. A methodology to derive simplified
guidelines for evaporator design was presented and applied to a case study. Eight different
mixtures of natural refrigerants were compared as suitable candidates for a heat pump
integration in a spray drying facility for waste heat recovery purposes. A parametric
study on the PHE geometrical parameters was carried out with the aim of mapping the
COP and the NPV with respect to the evaporator design. By considering all the working
fluids and PHE evaporator design, the economic performance indicator, namely NPV,
was correlated to non-dimensional numbers, describing both refrigerant properties and
the evaporator geometry. For the considered case study, it was found that evaporator
optimal design could be obtained for Re−0.42

V Bd0.26 ≈ 0.040, evaluated at the evaporator
inlet. The presented methodology offers the possibility of deriving guidelines for different
applications, where different configurations of HEXs are integrated in a thermodynamic
cycle and different working fluids are compared, avoiding computationally expensive
combined cycle and component optimization to obtain feasible designs.

6.1.3 Impact of flow maldistribution on evaporator and cycle perfor-
mance

Effect of end plates and liquid/vapour maldistribution in PHE evaporators integrated in
vapour compression heat pumps were investigated. First, maldistribution effects were
quantified for four different refrigerants (butane, propane, propylene/butane (0.5/0.5)
and CO2/DME(0.2/0.8)), and a prescribed PHE geometry. The refrigerant sensitivity to
maldistribution effects was found to be related to the refrigerant sensitivity to pressure
drop, and fluid thermo-physical properties. Butane resulted to be the most sensitive
among the investigated working fluids, with a total heat flow rate degradation of -8.8 %
due to effect of end plates and -5.5 % due to liquid/vapour maldistribution. Moreover,
by varying the PHE geometry, it was found that a higher effect of end plates occurs
for lower number of channels, while a lower plate length-to-width ratio reduces both
maldistribution effects.

An integrated cycle - PHE simulation framework to assess the impact of maldistribution
on the heat pump thermodynamic and economic performance indicators was implemented
and applied to a case study. The impact of maldistribution was thus translated into a
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COP degradation. An overall evaporator heat flow rate degradation of -10.5 % led to
a COP drop equal to -5.9 % for butane. Moreover, the COP drop entailed an increase
of the levelized cost of heat, due to increasing operating costs due to maldistribution
effects. The results were mainly affected by working fluid thermo-physical properties and
sensitivity to pressure drop, and PHE geometry, more specifically number of channels
and length-to-width ratio. This highlights the importance of choosing a PHE design
leading to a lower impact of both end plates and liquid/vapour maldistribution for fluids
with higher pressure drop sensitivity.

6.2 Recommendations for future work
The work presented in this thesis was based on detailed numerical models of PHE
evaporators and condensers. The study attempted to carry out validation against available
experimental data, and Chapter 3 was devoted to compare experimental heat flow rate
vs. model results for zeotropic mixtures of CO2/propane. However, the comparison with
experimental data was carried out solely at global level, i.e. by comparing the overall
PHE heat transfer performance. This limitation was assumed to be acceptable, since
the work mostly focused on integration of PHEs in thermodynamic cycles, rather than
a detailed characterization of the component performance. The different correlations
were in fact compared with respect to the total heat flow rate, and the local values of
heat transfer coefficient could not be directly compared to experimental data. Therefore,
further efforts should be directed towards a complete understanding of the heat transfer
mechanism in PHEs, and a characterization of the heat transfer performance of zeotropic
mixtures of natural refrigerant. This aspect can be addressed by conducting experimental
campaigns on evaporation and condensation of different mixtures in PHEs, with the aim
of measuring local values of heat transfer coefficient.

Chapter 4 presented a methodology to derive simplified guidelines. The work was
mostly related to the need of simple criteria during the preliminary design phase of
thermodynamic cycles, when a complete component optimization for several refrigerant
choices is too computationally demanding. The presented methodology was applied to
a case study, and it could be theoretically applied to different cases. Future work can
focus on demonstrating the methodology for other studies, and validating the results
with practical implementation of the solutions.

The study on flow maldistribution presented in Chapter 5 was limited to investigate four
refrigerants and a limited number of PHE geometries. A more extensive sensitivity study
should be carried out in order to fully describe the influence of all PHE geometrical
parameters on the relevance of both effect of end plates and liquid/vapour maldistribution.
For example, statistical methods as suggested by Saltelli et al. [147] can be used to ensure
the coverage of all possible geometries, as well as to capture the mutual influence of
parameters. Moreover, the imposed linear profile assumed to model liquid/vapour
maldistribution should be validated experimentally.
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Last, it is relevant to mention that the findings of Chapters 4 and 5 put the focus on
the importance of HEX design when screening and comparing different refrigerants for a
given application. In fact, the thermodynamic performance of the cycle was found to be
strongly affected by the HEX design, and maldistribution effects were found to entail a
different degradation of COP depending on the working fluid. Therefore, an optimized
design of the HEX for all the screened refrigerants is imperative to ensure a consistent
and meaningful comparison with respect to the cycle COP. In fact, a PHE design that is
optimal for one fluid was found to lead to suboptimal solutions for others, especially in
relation to pressure drop and maldistribution. Moreover, a higher COP improvement
margin is expected to be obtained with optimized HEX designs, for those fluids that are
more sensitive to pressure drop and maldistribution effects. Future work should thus
be focused on deriving simplified methods to account for the different behaviours of
refrigerants in relation to HEX design, in order to take both refrigerant sensitivity to
pressure drop and maldistribution effects into consideration during the screening process
of promising working fluid candidates.
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a b s t r a c t

This paper presents a derivation of design guidelines for plate heat exchangers used for evaporation of
zeotropic mixtures in heat pumps. A mapping of combined heat exchanger and cycle calculations for
different combinations of geometrical parameters and working fluids allowed estimating the trade-off
between heat transfer area and pressure drops on the thermodynamic and economic performance in-
dicators of the cycle. Compressor running costs constituted the largest cost share, and increased due to a
steep decrease of the heat pump coefficient of performance at high refrigerant pressure drops. It was
found that the pressure drop limit leading to infeasible designs was dependent on the working fluid,
thereby making it impossible to define a guideline based on maximum allowable pressure drops. It was
found that economically feasible designs could be obtained by correlating the vapour Reynolds number
and the Bond number at the evaporator inlet as Re�0:42

V Bd0:26z0:040. The use of the proposed guideline
was illustrated for the mixture Propane/Iso-Pentane (0.5/0.5), leading to evaporator designs with net
present values deviating maximum �4.4% from the best value found in the mapping. The presented
methodology can be applied in different scenarios to develop similar guidelines, thereby decreasing the
cost of combined cycle and component optimizations.

© 2018 Elsevier Ltd. All rights reserved.

1. Introduction

Zeotropic mixtures are blends of two or more components, with
different mass fractions of the liquid and vapour phases at ther-
modynamic phase equilibrium. Therefore, the temperature at
bubble and dew points differ at any saturation pressure and the
mixture undergoes a temperature glide during phase change. The
use of zeotropic mixtures as working fluids for thermodynamic
cycles offers a possibility of optimizing the cycle efficiency by
reducing the thermodynamic irreversibility in the heat exchangers
(HEXs). Due to non-isothermal evaporation and condensation, the
exergy destruction in the HEXs can be reduced by matching the
working fluid temperature glide with the heat source and heat sink
temperature profiles.

Zühlsdorf et al. [1e3] demonstrated the advantage of using
zeotropic mixtures in heat pumps for different applications. A good

glide match between the evaporating fluid and the heat source
resulted in a beneficial influence on the cycle thermodynamic
performance and better improvements were obtained for larger
heat source temperature glides [2]. The improvement of using
mixtures in a booster heat pump for a district heating system was
estimated equal to up 30% compared to pure working fluids. A
larger overall improvement up to 40% was achieved for a reduced
degree of required superheat imposed in the case of mixtures [3].

One drawback of using zeotropic mixtures is the degradation of
the heat transfer coefficient compared to pure fluids, which was
observed during both evaporation and condensation in different
experimental campaigns, as reported in Refs. [4,5]. In the case of
evaporation, several reasons contribute to the heat transfer
degradation: (i) an earlier suppression of the nucleate boiling
contribution due to an additional mass diffusion resistance created
by the more readily evaporation of the more volatile component
[6,7]; (ii) large variation of the refrigerant physical properties
during evaporation, due to variable compositions of liquid and
vapour phases, which, according to Jung et al. [8,9], accounts for the
80% of the total heat transfer degradation; (iii) worse transport
properties of mixtures compared to pure fluids [5]. A number of
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studies quantified the heat transfer degradation differently: Ross
et al. [6] observed a reduction of up to 50% compared to pure fluids,
Jung et al. [8,9] reported varying reduction rates between 19% and
36% depending on the mixture composition, while Torikoshi and
Ebisu [10] calculated a degradation of 20% and 30% compared to the
heat transfer coefficient estimated by the ideal mixing rule. It is
therefore of paramount importance to optimize the design of the
heat transfer equipment when zeotropic mixtures are employed, in
order to avoid investing in higher heat transfer areas for the heat
exchangers.

Plate Heat Exchangers (PHEs) offer a modular and flexible so-
lution for such applications, since it is possible to achieve high heat
transfer coefficients within a compact design due to the flow tur-
bulence generated by the characteristic plate corrugation patterns.
PHEs are comprised of thin parallel plates stacked together in order
to form channels for fluid flow, which can also be arranged in a
counter-current manner for achieving a temperature glide match
between the mixture and the secondary fluid. Gasketed-type PHEs
consist of plates sealed by gaskets and held together by a frame. For
higher operating temperature and pressure, the plates can be
sealed together by brazing. At the current state-of-the-art, the
operating conditions of gasketed-type PHEs are limited to 20.4 bar
and 150 �C, whilst brazed heat exchangers can be operated up to
40 bar [11,12], thereby offering a reasonable range of operation at
typical heat pump working conditions.

When designing heat exchangers for a given application,
different criteria can be adopted to select the geometrical config-
uration. The pressure drop of one or both fluids can be limited to a
maximum allowable value [11,12], and the heat transfer area can be
minimized for a full utilization of the available pressure loss, as
applied in Ref. [13]. For single phase HEXs, such pressure drop
limitations could also be translated into maximum gas and liquid
phase velocities at the inlet, and typical design values can be found
in literature for a number of heat exchanger configurations [12].
These values are often based on heuristics frommanufacturers and
the extension to other types of applications (e.g. zeotropic mixtures
and/or phase change) is not trivial.

Following other design approaches, the heat exchanger can be
optimized by carrying out a cost minimization problem without a
maximum pressure drop limitation, and evaluating the trade-off
between heat transfer area and pressure drops. Different previous
studies have approached the problem by considering solely the cost
related to the heat exchanger, namely the investment cost and the
pumping and compression costs related to the two streams, for a
general heat exchanger configuration [14,15], for shell and tube
heat exchangers [16] and for plate heat exchangers [17,18]. How-
ever, the economic analysis lacked assessment of the impact of the
heat exchanger pressure drops on the other components, as well as
on the overall cycle thermodynamic performance.

In literature a number of studies can be found on simultaneous
optimization of plate heat exchangers used as evaporators and/or
condensers and thermodynamic cycle design, mostly focusing on
low temperature applications and pure fluids. Some of the works
are related to the assessment of the impact of some specific cycle
parameters on the PHE design [19,20], whilst other studies per-
formed combined cycle-PHE optimization procedures with the aim
of maximizing the cycle efficiency [21], and by including also an
economic analysis [22,23]. The pressure drops were mostly
considered as pumping cost on the heat source/sink side, and none
of the studies assessed the impact of the working fluid pressure
drops on the outlet condition of the evaporator. Moreover, a com-
plete and combined component-cycle optimization comes at a
demanding computational cost, especially during the preliminary
design phase, when many different working fluids are usually
compared and ranked.

The study presented in this paper addresses the following as-
pects: (i) It presents a methodology for deriving design guidelines
for plate heat exchangers integrated in a thermodynamic cycle,
namely a heat pump. (ii) Themethodology is based on assessing the
impact of both plate heat exchanger size and pressure drops on the
thermodynamic and economic performance of the heat pump; the
pressure losses are not only included as pumping cost of the heat
source side, but also imply a modification of the thermodynamic
state points of the cycle at the evaporator outlet, which accordingly
affects the heat pump design, investment and operating cost. (iii) It
utilizes the aforementioned methodology to derive design guide-
lines for PHE evaporator design in heat pumps using zeotropic
mixtures as working fluids. The obtained results are intended for
employment in practical engineering during the process of
component selection for similar applications, hence avoiding the
cost of combined cycle and component analysis.

The methodology is based on complementing a vapour
compression heat pump sizing model together with a detailed
numerical model of the evaporator, accounting for the variation of
the heat transfer coefficient and fluid properties during the evap-
oration process and estimating the impact of heat transfer area and
pressure drops on the cycle thermodynamic and economic per-
formance indicators. The methodology was applied to the case of
evaporator design for a heat pump, and eight different working
fluids were selected based on a previous study [1], which demon-
strated the thermodynamic and economic feasibility of using zeo-
tropic mixtures in heat pumps for waste heat recovery in a spray
drying facility.

2. Methods

The methodology adopted in the present study is based on a
parametric analysis on the main design parameters of a plate heat
exchanger to assess the impact of the different design configura-
tions on the thermodynamic and economic performance indicators
of a thermodynamic cycle, namely a heat pump. Fig. 1 shows the
schematic of the work flow of the methodology. Two different
models were built and integrated in the Matlab environment [24],
i.e. a cycle simulationmodel for a heat pump, explained in details in
Section 2.3, and a detailed PHE model, presented in Section 2.4.
After the working fluid selection process, explained in Section 2.2,
the preliminary sizing of the heat pump was done and the design
parameters were calculated, i.e. desired heat exchanger capacity,
mass flow rates, pressures and temperatures. The values were
subsequently sent to the plate heat exchanger model, which addi-
tionally received as inputs the geometrical parameters from which
the required heat transfer area and resulting pressure losses were
estimated. The outputs were returned to the heat pump model,
where the sizing of the cycle was re-evaluated. In this second
iteration, the sizing process took into account the resulting heat
exchanger size and pressure drops for the economic calculation, as
it is briefly described in Section 2.6. The process was repeated for all
the combinations of geometrical parameters chosen for the para-
metric analysis, which is introduced in Section 2.1. Moreover, the
same process was repeated for all the eight working fluids
considered in the case study, by considering the same combinations
of PHE design parameters and calculating the Coefficient of Per-
formance (COP) and Net Present Value (NPV). As shown in Fig. 1, all
the data points were collected and used as basis for deriving a
general design guideline, valid for all the working fluids and the
boundary conditions of the present case study. The aim was to
correlate the point with optimal economic performances to the PHE
design parameters. In order to generalize the results, non-
dimensional parameters were employed as explained in Section
2.8.
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2.1. Parametric analysis and PHE geometry

The parametric analysis was carried out by varying the main
design variables of a PHE. Fig. 2 shows the main geometrical pa-
rameters, namely plate size, number and corrugation geometry.
The plate size is given by the widthW and the length L; LHT defines
the effective length for heat transfer and the total heat transfer area
depends on the number of channels Nch employed. The corrugation
characteristics are determined by the corrugation pitch L, the
corrugation height b and the chevron angle b. The corrugation
thickness t is a trade-off between mechanical resistance to stresses

and conductive thermal resistance. The corrugation parameters
determine the hydraulic diameter of the channels, thereby defining
the flow conditions of the working fluid. The hydraulic diameter
was estimated by using Eq. (1) [11], where F is the enlargement
factor.

Dh ¼ 2b
F

(1)

The enlargement factor represents the ratio between the actual
heat transfer area and the projected area of the plate (without
corrugation), and it is expressed by Eq. (2) [11] as function of
corrugation height and pitch.

F ¼ 1
6
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The port diameter Dp determines the inlet/outlet velocities of
the refrigerant and the heat source, mainly affecting the port
pressure losses; the PHE can be manufactured with different values
of the diameter for the two working fluids, depending on the
desired velocity and the phase.

In the parametric study, the design variables were varied among
the values reported in Table 1, investigating all the possible com-
binations between them, for a total of 1440 different PHE config-
urations. The thickness was fixed to a value commonly found in
literature [11]. The port diameter was considered as fixed
depending on the magnitude of the plate width. The plate length
was calculated as output of the plate heat exchanger design model
in order to match the evaporator capacity of the case study for all
the combinations of PHE design variables. The plates were
considered to be manufactured in stainless steel, with thermal

Working fluid
selection (8 fluids)

HP model

First Iteration?

Q̇tot , ṁr , ṁs,Trin
Tsin , prin psin ,
xrin , Tsout , Trout

PHE design model

L , Aht,
Δpr , Δps

Update thermodyamics
state points and run

economicmodel

Fixed geometry
b, Λ , β , Nch, W

(1440 combinations)

COP, NPV

Data analysis:
1440*8 data points

Derive a PHE
design guideline

(based on
significant non-

dimensional
parameters)

yes

no

Fig. 1. Work flow of the overall methodology.

Fig. 2. Schematic view of a chevron type PHE [25].
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conductivity equal to 16.2W/(m K). The free flow area and the heat
transfer area were calculated as function of the design parameters,
as reported in Eqs. (3) and (4) [11], respectively.

A0 ¼ bNchW (3)

Aht ¼ 2ðW,LHT þ b,LHTÞ,NchF (4)

The effective length Lht was employed for heat transfer calcu-
lations, while the port-to-port length was used in order to calculate
the frictional pressure losses. The relation between port-to-port
length and effective length is given by Eq. (5) [11].

Lp ¼ LHT þ
Dp�in

2
þ Dp�out

2
(5)

In order to avoid unrealistic results and to minimize maldistri-
bution effects along the plate width, solutions with length to width
ratio lower than 2 were considered infeasible and excluded from
further analysis.

2.2. Case study and working fluid selection

The framework of the analysis was given by a case study [1]
assessing the integration of high temperature heat pumps in a
spray drying facility. Waste heat was recovered by integrating a
heat pump, with the aim of pre-heating air up to 120 �C. Different
zeotropic mixtures were compared in terms of COP and NPV for a
single-stage configuration of a vapour compression heat pump, in
which the working fluid was varied based on binary mixtures
formed by combinations of a number of natural refrigerants. The
refrigerant screening included hydrocarbons, Dimethyl Ether
(DME), Diethyl ether (DEE) and carbon dioxide CO2, chosen for their
low Global Warming Potential (GWP) and Ozone Depletion Po-
tential (ODP), and being miscible between each other for wide
ranges of temperature and pressure without leading to any chem-
ical reactions [1,2]. Table 2 summarizes the best performing mix-
tures, with considered mass composition and all the evaporation
pressures were found to be well below the maximum operating
pressure for PHEs. The table also shows the preliminary COP,
calculated without accounting for pressure losses of the evaporator.

2.3. Heat pump cycle model

The thermodynamic cycle was modelled in steady state and it
consists of a single-stage configuration of a vapour compression
heat pump. Fig. 3 shows the sketch of the unit, with the different
components integrated in the cycle, namely compressor,
condenser, throttling valve and evaporator.

Table 3 shows the design parameters of the cycle. The heat
source side was completely defined by the boundary conditions,
while the outlet temperature of the condenser was set as a free
variable. The evaporation and condensation pressures of the
working fluid were defined by the minimum required pinch point
temperature difference between the working fluid and the fluid at
the secondary side. The amount of subcooling was defined by the
pinch point temperature difference and the sink inlet temperature
in order to obtain the maximum efficiency. A minimum super-
heating of 5 K was included in the evaporator, in order to ensure a
dry compression for all the fluids. The compressor was modelled by
assuming a constant isentropic efficiency, while the motor effi-
ciency accounted for the power generation losses [26]. The ther-
modynamic performance was evaluated by estimating the COP,
defined in Eq. (6), as the ratio between the thermal energy provided
to the heat sink and the compressor power.

Table 1
Geometrical parameters of the PHE varied in the parametric study.

Parameter Value Unit

W 0.15, 0.25, 0.35, 0.45, 0.55 m
Nch 25, 50, 75, 100, 150, 200 e

b 2, 4, 6, 8 mm
L 2, 4, 6, 8 mm
b 30, 45, 60 �

t 0.5 mm
Dp 0.03, 0.06, 0.1 mm

Table 2
Summary of the considered working fluids.

Working fluid pev, bar COP, e

Propane/Iso-Pentane (0.5/0.5) 4.9 3.08
Propane/n-Pentane (0.8/0.2) 8.4 3.04
Propane/n-Pentane (0.4/0.6) 3.0 3.02
Butane/Hexane (0.9/0.1) 2.5 3.07
DME/n-Pentane (0.4/0.6) 2.6 3.26
DME/n-Pentane (0.7/0.3) 5.0 3.24
DME/Iso-Pentane (0.5/0.5) 4.0 3.15
Propylene/Iso-Pentane (0.4/0.6) 3.9 3.14

Fig. 3. Schematic of the heat pump model.

Table 3
Boundary conditions for the heat pump.

Parameter Value Unit

Heat source
Medium Water
Tin 65 �C
Tout 40 �C
_m 14.8 kg/s
_Q 1544 W

Heat sink
Medium Water
Tin 75 �C
_m 10.6 kg/s
Compressor
his 0.8 e

hmotor 0.95 e

DTsh 5 K
Heat exchangers
DTpinch 10 �C
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COP ¼
_Qsink
_Wcomp

(6)

The working fluid properties were calculated by Refprop [27],
using recommended standard equation of states and mixing pa-
rameters, while heat sink and source properties were computed
using CoolProp [28].

2.4. PHE design model

The PHE design model was based on a one-dimensional dis-
cretization of the heat exchanger along the flow direction, at con-
stant enthalpy steps, hence with constant heat flow rate for each
control volume (CV). The heat exchanger solver was based on a
successive substitution approach, with heat transfer area and
pressure drops set as unknown. A total number of n¼50 control
volumes was chosen, as trade-off between accuracy and compu-
tational cost of the designmodel. The internal solver iterated on the
length of each CV, as well as on the pressure drops of both refrig-
erant and heat source, with a tolerance set on the relative residuals
equal to 10�2.

The PHE model was solved by imposing steady-state mass,
momentum and energy conservation equations, which were solved
for each CV and both fluids. The logarithmic mean temperature
difference method was applied locally, for the computation of the
UA value in each CV. Counter-current flow of the refrigerant and
heat source was imposed, longitudinal conduction through the
walls and heat loss to the external environment were neglected.
Thermodynamic state variables and fluid properties were
computed for each CV based on a first order linear interpolation of
the values at the nodes. The local heat transfer coefficients and
pressure drops were estimated using experimental correlations.
The choice of appropriate prediction methods for the considered
case study is discussed in Section 2.5.

2.5. Choice of prediction methods

The local heat transfer coefficient and frictional pressure drops
were computed for both fluids using experimental correlations,
thereby conveying focus on the choice of suitable prediction
methods for the working fluids and the boundary conditions of the
case study. Literature presents several correlations developed for
the estimation of the heat transfer coefficient for refrigerant flow
boiling in PHEs. There is however a lack of a suitable prediction
method for the evaporation heat transfer coefficient in PHEs for
zeotropic mixtures of natural refrigerants. Amalfi et al. [29] devel-
oped a flow boiling correlation based on an extensive database
collected from several studies in literature, claiming to have a better
agreement than other existing correlations. The only zeotropic
mixture included in the database was the near-azeotropic mixture
R410a, which presents a small temperature glide during evapora-
tion. Such correlation is therefore not directly applicable to the
estimation of the heat transfer coefficient of mixtures. Moreover, it
does not take themixture degradation of heat transfer into account.

Mixture degradation of heat transfer was estimated by a number
of experimental studies focusing on in-tube flowboiling of different
zeotropic mixtures, including ammonia-water. An extensive liter-
ature review can be found in [30]. The developed correlations were
however derived for tubular geometry, with a different flow
mechanism compared to PHEs. In order for a correlation to be fully
applicable, the effect of the geometry must be included as well. It
was therefore decided to apply a theoretical method, which was
first developed for mixture condensation by Silver [31] and Bell-
Ghaly [32]. Sardesai et al. [33] extended the theoretical derivation

to convective boiling heat transfer, deriving the formulation
expressed by Eq. (7) [33].

hTP ¼ 1þ hNB�mix=hC
1=hC þ z=hV

(7)

Here, hNB�mix is the nucleate boiling contribution of themixture,
hC is the convective two-phase contribution and hV is the single-
phase vapour heat transfer coefficient estimated for the vapour
flowing alone in the channel. z is a correction term taking into
account the ratio of sensible over latent heat transfer, and it is
evaluated by Eq. (8) [32].

z ¼ x,
dT
dh

,cp;V (8)

In the estimation of hNB�mix, the mixture effects on degradation
of nucleate boiling and loss of effective wall superheat is accounted
for by applying a suitable correction factor. Thome and Shakir [34]
approach was used for this purpose, expressing the relation be-
tween ideal and mixture heat transfer coefficient as [34]:

hNB�mix
hNB�id

¼
(
1þ hNB�id

_Q
00 ðTdew � TbubbleÞ

"
1� exp

 
_Q
00

rLhlatbL

!#)�1

(9)

By using the theoretical method proposed by Sardesai [33], it
was possible to choose prediction methods specifically developed
for chevron-type PHEs for the estimation of the different terms
hNB�id, hC and hV. The method by Amalfi et al. [29] was used to
estimate the contribution of convective boiling, while Cooper [35]
was employed for the nucleate boiling term.Martin [36] correlation
was employed for the single-phase heat transfer coefficient of the
vapour flowing alone. The same correlation was used for the
refrigerant heat transfer coefficient in the superheated region, as
well as for the water single-phase heat transfer coefficient along
the whole heat exchanger.

Pressure drops were computed by considering all the contri-
butions to the steady state momentum equation, i.e. friction,
gravity (static), acceleration and inlet/outlet ports terms:

Dptot ¼ Dpfr þ Dpgr þ Dpacc þ Dpports (10)

The pressure drop over the total length of the HEX was calcu-
lated by considering each control volume separately. In the two-
phase region, the acceleration and static contributions were
calculated by the homogeneous model, thereby using Eq. (11) and
Eq. (12) for each CV, respectively [37].

Dpacc ¼ G2
��

x
rV

þ 1� x
rL

�
OUT

�
�

x
rV

þ 1� x
rL

�
IN

�
(11)

Dpgr ¼ rmgDL (12)

The two-phase mean density was determined by:

rm ¼
�
x
rV

þ 1� x
rL

��1
(13)

Eq. (13) was also used for the computation of the frictional
pressure drop in the two-phase region. The frictional contribution
was calculated by means of the two-phase Fanning friction factor,
as expressed by Eq. (14) [37].

Dpfr ¼ 2fTP
DLG2

Dhrm
(14)
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The friction factor was computed by using the correlation by
Amalfi et al. [29]. In the single-phase region, the friction factor
correlation by Martin [36] was used for both the refrigerant
superheating and thewater flow. Last, the port pressure drops were
computed using the Shah and Focke [38] correlation, as expressed
by Eq. (15), where Gp indicates the mass flux at the ports,
depending on the port diameter.

Dpports ¼ 0:75

" 
G2
p

2r

!
IN

þ
 
G2
p

2r

!
OUT

#
(15)

For the refrigerant flow, port pressure losses were considered
only at the outlet control volume, since the inlet loss was included
in the refrigerant expansion at the throttling valve. Both inlet and
outlet pressure drops due to ports were evaluated for the heat
source, thereby contributing to the pumping power.

2.6. Economic model

After the sizing of the PHE, the heat pump model was re-
evaluated by taking the updated temperature and pressure at the
evaporator outlet into account, as shown in Fig. 1. Therefore, the
COP was slightly affected by the change in compressor power
resulting from the mixture pressure drop. Different aspects of the
HEX design influenced the value of the NPV of the heat pump. The
NPV was calculated by considering different cost and revenue
streams, by using Eq. (16) [1]. The considered costs were the Total
Capital Investment (TCI), accounting for the Capital Investment (CI)
of each system component, the Operation and Maintenance Cost
(OMC), the electricity cost (FChp) due to the compressor running
and the required water pumping cost (FCw). The revenue stream
was considered as the natural gas saving (FCng), which otherwise
would be necessary to produce the thermal energy output of the
heat pump.

NPV ¼ �TCI� OMC�
FChp

CRF
� FCw

CRF
þ FCng

CRF
(16)

The interest and inflation rates were assumed equal to 7% and
2%, respectively, and then used for the estimation of the Capital
Recovery Factor (CRF), with a plant economic lifetime of 20 years
[26,39]. Operation and Maintenance Costs were assumed to be the
20% of the investment cost as one time cost at the time of the in-
vestment [39]. The saving of natural gas was calculated by esti-
mating the useful thermal energy produced by the heat pump,
equal to the heat sink capacity and by considering a boiler efficiency
hboiler equal to 0.9 [26]. The price of natural gas was considered as
0.0303 V/kWh [40].

The TCI accounted for the investment of condenser, compressor
and evaporator. The sizing of the condenser was carried out by
considering constant heat transfer coefficients and by using the
logarithmic mean temperature difference methods for the three
different sections of desuperheating, condensation and subcooling.
The TCI of each individual component was calculated from the
Purchased Equipment Cost (PEC), scaled according to the compo-
nent size with scaling factors and reference values of PECs reported
by Ommen et al. [26]. The TCI was increased by a factor 4.16
compared to the PEC, to account for the investment of the expan-
sion of an existing facility [39].

The running cost of the compressor, given by FChp was adapted
to the updated compressor power by considering an estimation of
7400 h/yr [1] as annual operating time th of the heat pump and an
electricity cost cel of 0.0783 V/kWh [40]. The additional fuel cost
term due to the water pressure drops, was calculated by using Eq.
(17) as a function of the water mass flow rate, water density, total

water pressure drops, and a pump efficiency hpump equal to 0.95.

FCw ¼
_ms

rs

Dps�tot

hpump
celth (17)

Fig. 4 shows the log(p)-h diagram of the heat pump with and
without pressure drops in the evaporator. It can be noticed how the
outlet of the evaporator is affected by the pressure losses, thus
changing the compressor power required as well as the investment
cost, which is based on the suction line. The pressure drop also
influences the evaporator inlet location in the diagram, but to a
lower extent compared to the outlet. In order to compare the re-
sults for different working fluids, performing with different COP
and maximum NPV, it was decided to normalize each NPV for the
maximumvalue calculated for the specific fluid. The value of NPV of
a certain design point of the HEX i for a given working fluid wf was
therefore normalized as NPV+

i�wf , defined by Eq. (18).

NPV�
i�wf ¼

NPVi�wf

max
�
NPVwf

� (18)

2.7. Data analysis

The different HEX configurations and working fluids were
compared based on dimensionless numbers, in order to derive a
guideline describing the design points corresponding to maximum
NPV. Non-dimensional parameters were chosen in order to
describe the impact of the fluid properties, of the boundary con-
ditions imposed by the cycle (refrigerant evaporation pressure,
mass flow and inlet quality) and of the PHE geometry. The main
dimensionless numbers governing the heat transfer and pressure
drop correlations for the two-phase flow of the mixture were used
(see Section 2.4), and they are reported in Table 4.

The numbers were used to correlate the normalized net present
value to the different heat exchanger designs. The parameters were
evaluated at the refrigerant conditions at the evaporator inlet, since
the scope was to derive guidelines applicable before the actual

Fig. 4. Example of log(p)-h diagram without pressure drops (blue) and with 50 kPa
pressure losses in the evaporator (sky-blue). (For interpretation of the references to
color in this figure legend, the reader is referred to the Web version of this article.)
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component design. The inlet conditions are fixed by the boundary
conditions of the heat pump, thereby being known for all the fluids
a priori. It was therefore decided to exclude the Boiling number
from the data analysis, since it requires information on the heat flux
distribution along the heat exchanger and a preliminary estimation
of the heat transfer area is needed. The Weber number Wem is
defined by evaluating the equivalent two-phase density, expressed
by Eq. (13).

The correlation between the dimensionless parameters and the
normalized NPV was obtained by adopting a power law of the form
expressed by Eq. (19).

NPV� ¼ a,q�b,Bdc,Wedm,Re
e
V,Re

f
LO,r

�g (19)

The normalized NPV was first correlated as function of all the
dimensionless parameters considered in Table 4. All the design
points with positive NPV were considered in the fitting, and the
results for all the working fluids were considered simultaneously in
one fitting. After deriving the coefficient for Eq. (19), the most
relevant parameters were identified. This was done by evaluating
the obtained exponent and by comparing different combinations of
non-dimensional numbers. The correlation that best fitted the NPV
trend for all the fluids, as well as leading to a similar optimal range
for the different mixtures, was chosen and presented as design
guideline.

2.8. Uncertainty analysis

For each correlation chosen for the PHE design model, for both
heat transfer and pressure drop, a certain accuracy was reported by
the authors. This measure represents an estimation of howwell the
prediction method fits the experimental database from which the
correlation was derived. Therefore the accuracy does not neces-
sarily indicate the uncertainty of the prediction methods when
they are applied to different working fluids, geometry and oper-
ating conditions. It is however relevant to evaluate the change of
the obtained results when a certain deviation is applied to the
calculation of heat transfer coefficient and pressure drops. For this
purpose the accuracy bounds of each correlations were considered
as a source of uncertainty in an uncertainty analysis, with the aim of
evaluating to which extent the results would change for similar
variations in the inputs. The bounds are reported in Table 5, with
the exception of hV. Since Martin [36] expresses hV as a function of
fV, the uncertainty of hV was directly included by considering the
accuracy bound for the vapour friction factor fV.

The Monte Carlo (MC) method [42] was applied in order to carry
out the uncertainty analysis, with the aim of estimating the prob-
ability density of the model outputs, namely Aht, Dpr;tot, Dps;tot and
NPV. The inputs were assumed to be uniformly distributed between

the uncertainty bounds reported in Table 5. A latin hypercube
sampling (LHS) technique was adopted to create 500 different
samples in the input space, proved to be more reliable compared to
random sampling [43]. The MC simulations were performed
following the approach by Sin and Gernaey [44], and the results
were obtained as mean values, standard deviations and 95%
coverage intervals. The analysis was applied to Propane/Iso-
Pentane (0.5/0.5), by fixing the PHE geometry to one of the
optimal designs found by applying the derived design guideline.

3. Results

In this section, the main results are presented. Sections 3.1 and
3.2 present the trade-off between heat transfer area and pressure
drops and the impact on the different revenue and cost streams.
Sections 3.3 and 3.4 report the fitting with the non-dimensional
parameters and the derivation of the final design guideline.

3.1. Heat transfer area and pressure drops

Fig. 5 shows the NPV as function of the heat transfer area (a) and
total refrigerant pressure drops (b) for all the fluids considered in
the analysis. It is shown that both heat transfer area and pressure
drops have an impact on the economic performance of the heat
pump. However, the NPV decreases to a lower extent for higher
values of Aht compared to an increase of the refrigerant pressure
drops. Fig. 5(b) shows that for all the eight cases there is a trade-off
which coincides with minimizing the refrigerant pressure drops to
a very low value. Moreover, Fig. 5(b) shows that the pressure drops
impact is different depending on the fluid: the mixtures Butane/
Hexane (0.9/0.1) and DME/n-Pentane (0.4/0.6) are the most sensi-
tive to pressure drops, performing with negative NPVs at 60 kPa
and 120 kPa, respectively. On the contrary, Propane/n-Pentane (0.8/
0.2) shows a weaker dependence, with NPV values always positive
in the considered pressure drop range.

3.2. Cost breakdown

Fig. 6 shows the breakdown of the NPV as calculated by Eq. (16).
The abscissa reports the refrigerant total pressure drop, with trends
similar for all the working fluids. The blue line indicates the reve-
nue stream, which contributed positively to the NPV and was
determined by the natural gas saving. The black line represents the
sum of all the expenses, which impacted negatively the NPV. The
breakdown of the different terms of the total cost is indicated by
the filling colors of the cost line.

The dominant contribution was given by the compressor
running cost (grey area), which was negatively affected by the
refrigerant pressure drop, causing an increase of the required
compressor work. This is explained by Fig. 7, where the COP of the
heat pump is plotted against the total refrigerant pressure drop. For
a fixed design thermal load of the heat pump, a lower COP entails a

Table 4
Non-dimensional parameters used for the analysis of the results.

Symbol Name Formula

q+ Dimensionless inclination angle 90� b

70
Bd Bond number gD2

hðrL � rV Þ
s

Wem Weber number G2Dh

srm
r* Liquid-to-vapour density ratio rL

rV
ReLO Liquid only Reynolds number GDh

mL
ReV Vapour alone Reynolds number GxDh

mV

Table 5
Input uncertainties for the uncertainty analysis.

Parameter Correlation Bounds Reference

hC Amalfi ±22.1% Mean absolute error [29]
hNB�id Cooper ±59.0% Mean absolute error,

reported in Ref. [37]
hNB�mix
hNB�id

Thome and Shakir ±11.1% Mean absolute error,
reported in Ref. [41]

fTP Amalfi ±21.5% Mean absolute error [29]
fV Martin �50.0% þ 100% Accuracy bounds,

reported in Ref. [11]
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higher required compressor work, as shown by Eq. (6). A sharp
decrease is observed for all the fluids, with different slopes, simi-
larly to the trends found in Fig. 5(b). The different trends for the
different fluids found in the cost breakdown of Fig. 6 can therefore
be explained by a different sensitivity of the COP to the pressure
drop. The mixture Propane/n-Pentane (0.8/0.2) was found to be
least affected by pressure drop, while Butane/Hexane (0.9/0.1)
presented the steepest slope.

In the cost breakdown of Fig. 6, the TCI is the second highest
contribution, indicated by the light-blue area. The TCI undergoes a
slight increase for low values of refrigerant pressure drop, and then
increases more sharply for higher pressure drop. Since operation
and maintenance was considered as a fixed share of the capital
investment, OMC undergoes the same trend. An explanation for the
TCI behaviour can be found in Fig. 8(a) and (b), showing the capital
investment of the evaporator, condenser and compressor as func-
tions of the total refrigerant pressure drop. All the working fluids
are reported in the same plot with different marker colors. The
evaporator and condenser investment costs, directly related to the
heat transfer area, are one order of magnitude lower than the
compressor investment if the pressure drops are not minimized.
When the evaporator investment increases at lower pressure drops
(entailing a higher investment due to the larger heat transfer area),
the CI of the HEX reaches the same order of magnitude of the lower
investment entailed by the compressor. The change in HEX CI due
to varying heat transfer area is similar for all the fluids, with an
overlap of the different curves.

On the other hand, the compressor CI in Fig. 8(b) undergoes a
steep increase for higher values of pressure drop and presents
different trends depending on the mixture. The sharp increase is
due to the change in the compressor suction line, which is affected
by the evaporator outlet. In fact, for higher refrigerant pressure
drops, a lower refrigerant outlet density is obtained, entailing a
higher volume flow rate, which is directly proportional to the
compressor size and cost. The different slopes for the different
fluids are related to a different sensitivity of the refrigerant prop-
erties to the change in evaporator outlet pressure. The trends of the
fluids follow the results found for COP in Fig. 7, with Propane/n-
Pentane (0.8/0.2) showing the weakest dependence on the pres-
sure drops and opposite trends for mixtures Propane/n-Pentane
(0.4/0.6) and Butane/Hexane (0.9/0.1), where the pressure drops

have a major influence on both the compressor running cost and
TCI.

One very relevant aspect to highlight is the intersection point
between revenue and costs streams, in Fig. 6, representing the
pressure drop limit above which the design of the PHE leads to
infeasible solutions, i.e. with negative NPV. This limit value is not
the same for all the working fluids, supporting the thesis that it is
not necessarily optimal to design HEXs by imposing a maximum
allowable pressure drop regardless of the working fluid or bound-
ary conditions.

Thewater pumping cost was found to be negligible compared to
the all the other contributions. No clear relation is therefore ex-
pected between heat source pressure drops and NPV.

Last, it must be noted that such analysis highlights consider-
ations, which might be useful when choosing an optimal working
fluid for a specific case study. In fact, by looking at Figs. 5 (a) and
Fig.7, the mixture DME/-Pentane (0.7/0.3) outperforms the other
fluids both in terms of maximum NPV and COP found in the
mapping, thereby suggesting the choice of such fluid as preferred
option. However, the mixture Propane/n-Pentane (0.8/0.2) showed
the weakest dependence on refrigerant pressure drops, thus of-
fering an additional flexibility during the evaporator design pro-
cess. It would therefore be up to the designer to evaluate and
prioritize the different aspects.

3.3. Correlation between NPV and non-dimensional parameters

By exponentially correlating the design points by means of Eq.
(19) to the chosen non-dimensional parameters, the NPV* is found
to be proportional to the combinations of dimensionless numbers
reported by Eq. (20), indicated by K.

K ¼ q�0:045Bd0:051We�0:011
m r��0:066Re0:009LO Re�0:12

V (20)

Fig. 9 reports the normalized net present value as function of K,
for Propane/Iso-Pentane (0.5/0.5). The different colors represent
the chevron angle of the PHE, namely 30�, 45� and 60� corre-
sponding to a value of non-dimensional inclination angle of 0.86,
0.64 and 0.43, respectively. The trends for the other working fluids
are not shown in the paper, but they are similar. The obtained
design points are well correlated by K, and it is recommended to

Fig. 5. Effect of heat transfer area of the evaporator (a) and refrigerant total pressure losses (b) on the non-dimensional NPV for all the working fluids.
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employ HEXs with K¼[0.4�0.6] at the evaporator inlet, in order to
obtain solutions with NPV in the best 20%. By increasing the value
of K, the economic performance is negatively affected by the in-
crease in heat transfer area, while for K<0.4 an increase of refrig-
erant pressure losses entails a steep decrease of NPV.

The use of a design guideline based on K, which depends on six
different parameters, might however lead to have redundant in-
formation on the boundary conditions and the fluids in the pa-
rameters. The problem was therefore simplified by relating the
NPV* to a selected number of non-dimensional parameters only. In
order to do so, the results were assessed based on the coefficients
and on additional considerations.

First, the dependence of the NPV on the liquid only Reynolds
number ReLO is weak, since its exponent in Eq. (20) is two orders of
magnitude lower than the vapour alone Reynolds number and one

order of magnitude lower compared to the other parameters,
thereby suggesting that a good fitting could be obtained by
neglecting the influence of this non-dimensional number.
Furthermore, it was decided to exclude the liquid to vapour density
ratio r*, since it contains information solely depending on the inlet
densities and other dimensionless number, as the Reynolds
numbers, theWeber number and the Bond number already contain
the density characteristics of both vapour and liquid phases.

Lastly, by looking at the impact of the dimensionless inclination
angle q* in Fig. 9, the plot suggests that it is always optimal to
minimize the chevron angle (hence enhancing the degree of tur-
bulence of the fluid flow in the channels) if the PHE design is car-
ried out in the optimal region or else for high value of K, i.e. designs
with higher heat transfer area. On the contrary, with refrigerant
dominant pressure losses (K<0.4), it is slightly better to employ

Fig. 6. Breakdown of the contributions to the NPV, divided in cost and revenue. The colours indicate the different shares of the terms contributing to the cost stream. (For
interpretation of the references to color in this figure legend, the reader is referred to the Web version of this article.)
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higher chevron angles for reaching less turbulent flow, thereby
decreasing the pressure losses. It is therefore unnecessary to
include the chevron angle into the design guideline, since it is
possible to tune the other PHE design parameters in order to be in
the optimal design region, where it is recommended to employ low
values of b.

3.4. Correlation between NPV and selected dimensionless numbers

The results are presented as function of the three remaining
dimensionless numbers, namely the Bond number Bd, the Weber
numberWem and the Reynolds number of the vapour flowing alone
ReV. Table 6 shows the coefficients obtained by fitting the
normalized net present values with different combinations of the
three dimensionless parameters. Four different cases were assessed
by combining the three parameters all at once and by considering
combinations of only two of them. The aim was to find which
correlation attained the best representation of NPV*, thereby being

appropriate for deriving the design guideline. The values reported
in the first row of the table (Case I), obtained by considering all the
three non-dimensional numbers, suggest that there is not a pre-
dominant contribution of one of them, since the coefficients lie in a
similar range.

Fig. 10 shows the NPV* as a function of the different exponential
combinations of dimensionless numbers, with the ordinate axis
reporting the design points of all the working fluids. It can be
observed that the normalized net present value presents a clear
trend for all of the combinations. This is possibly related to the
redundancy of information on geometry, fluid properties and
boundary conditions contained in the three parameters.

By looking at the formulas reported in Table 4, Wem and ReV are
dependent on the hydraulic diameter Dh and on the free flow area
A0, while the Bond number Bd solely depends on Dh. Any combi-
nations of the parameters therefore contain all the information
regarding the PHE geometry, i.e. the corrugation geometry, plate
width and number of channel, with the exception of plate length

Fig. 7. COP as function of the total refrigerant pressure drops for all the working fluids.

Fig. 8. Capital investment of the heat exchangers (a) and compressor (b), as function of the total refrigerant pressure drops for all the working fluids.
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(estimated by the PHE sizing for matching the thermal load and
thus not needed to be included in the guideline) and chevron angle,
excluded from the guideline.

Moreover, by looking at the fluid properties of the three non-
dimensional numbers, it can be seen that surface tension s and
the liquid and vapour phase densities rL and rV are contained in any
of considered combinations, together with the inlet vapour quality
x and mass flow mr

_.
In order to choose which combination of parameters to consider

for the final design guideline, the position of the optimal values of
the different coefficients was compared for the different working
fluids. The aim was to understand which design guideline resulted
in a recommendation which was narrower to describe the optimal
NPV* for all the working fluids.

Table 7 reports the minimum, maximum andmean values of the
different cases for the best solutions, which were selected as NPV*

deviating at most 5% from each best solution. The results are re-
ported for all the working fluids, as well as the overall maximum,
minimum and mean value. The deviation (last row) was estimated
by considering how far the minimum and maximum value were
from the overall mean.

The results suggest that the best agreement between the
different mixtures is obtained by the combination of ReV and Bd,
whose deviations are �34% and 48% for the minimum and
maximum value, respectively. The interval covered by Butane/
Hexane (0.9/0.1) is shifted towards the left compared to the other
working fluids.

Fig. 11 shows the positive solutions of NPV for all the working
fluids as function of the obtained parameter Re�0:42

V Bd0:26. The red
line represents the mean value, equal to 0.040, while the dotted
black lines represent the minimum (0.026) and maximum value
(0.059). The plots show that all the fluids, except Butane/Hexane
(0.91/0.1), present a good agreement with the obtained guideline:
the optimal NPV points are all included in the interval
[0.040e0.059], with the peak lying around 0.040 for almost all the
fluids. DME/n-Pentane (0.4/0.6) and DME/Iso-Pentane (0.5/0.5)
have the maximum slightly shifted towards 0.050. They perform
however with NPV* very close to the optimum for 0.040 (equal or
above 80% of the optimal value). Propane/n-Pentane (0.4/0.6)
shows solutions with NPV* going down to �30% for the optimal
value for 0.040. The worst performing points are probably related
to higher values of chevron angle (see Fig. 9), thus optimal designs
can be achieved as well with the proposed guideline. In agreement
with the numbers reported in Table 7, Butane/Hexane (0.91/0.1) is
slightly shifted towards the left compared to the other fluids, i.e.
with optimal points in the interval [0.026e0.040]. Nonetheless it
has been decided not to shift the design interval towards values
optimal for this fluid, since it was shown that this mixture per-
formed with generally lower NPV in the mapping compared to all
the other fluids (see Fig. 6).

After the assessment of the results from Table 7 and Fig. 11, it
was decided to propose the guideline presented by Eq. (21) as
design recommendation.

Re�0:42
V Bd0:26z0:040 (21)

If a higher value is obtained, the PHE design is expected to lead
to higher equipment investment (related to the heat transfer area),
while a lower value will lead to high refrigerant pressure drop,
resulting in a steep decrease of both COP and NPV.

4. Discussion

Section 4.1 presents the discussion of an application of the
derived guideline, Section 4.2 reports the results of the uncertainty
analysis while Section 4.3 briefly comments on the deviation of the
obtained guideline if an alternative prediction method is used for
the refrigerant pressure drop estimation, which resulted to have
the largest impact on the heat pump economic performance. Sec-
tion 4.4 highlights the limitation of the study and potential future
work.

4.1. Application of the derived design recommendation

The case of the first working fluid mixture was considered,
namely Propane/Iso-Pentane (0.5/0.5). The design, based on the
derived guideline consists of the following steps:

1. Fix the boundary conditions of the thermodynamic cycle and
estimate the inlet condition at the evaporator (quality, mass
flow, evaporation pressure).

2. Calculate the following fluid properties at the inlet condition: rL,
rV , s, mV.

3. Choose a value for the chevron angle b. It is recommended to
employ low values (e.g. 30�35�), if the design parameter is not
constrained.

4. Decide which design parameters are fixed by external bound-
aries (fixed plate size and/or numbers and/or corrugation
geometry).

5. Tune the remaining free design parameters in order to obtain
Re�0:42

V Bd0:26z0:040. Calculate the required plate length by
using the evaporator heat flow rate, fixed by the cycle.

Fig. 9. Normalized NPV as function of all the dimensionless parameters correlated
exponentially for Propane/Iso-Pentane (0.5/0.5). The different colors represent the
different chevron angles adopted. (For interpretation of the references to color in this
figure legend, the reader is referred to the Web version of this article.)

Table 6
Coefficients obtained by fitting the NPV* to different combinations of dimensionless
parameters.

Case Parameters combination a b c

Case I ReaV $Bd
b$Wecm 1.21 �0.19 �0.87

Case II Bdb$Wecm 0.14 �0.25

Case III ReaV $Wecm 0.74 e �0.62
Case IV ReaV $Bd

b �0.42 0.26 e
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Table 8 shows different combinations of geometrical parame-
ters, each line corresponding to a different PHE design. Some
geometrical parameters were fixed a priori, while other were
calculated bymeans of the design guideline using themethodology

presented above. The goal of fixing and releasing different
geometrical parameters was to show the different possible sce-
narios of a designer, which might be constrained in some of the
design variables. The plate length was estimated by the sizing

Fig. 10. Normalized NPV as function of different combinations of non-dimensional numbers for all the working fluids reported in Table 6; (a) Case I; (b) Case II; (c) Case III; (d) Case
IV.

Table 7
Minimum, maximum and average values of different combinations of dimensionless numbers for the best results (5 % NPV*), for each working fluid and overall. Bold values
represent the results for the dimensionless number combination chosen as guideline.

Working fluid Case I Case II Case III Case IV

Re1:21V ,Bd�0:19,We�0:87
m Bd0:14,We�0:25

m Re0:74V ,We�0:62
m Re�0:42

V ,Bd0:26

min max mean min max mean min max mean min max mean

Propane/Iso-Pentane (0.5/0.5) 2110 3310 2620 0.48 0.75 0.59 91.4 152 118 0.030 0.047 0.038
Propane/n-Pentane (0.8/0.2) 2240 3800 2900 0.48 0.77 0.60 104 166 128 0.031 0.046 0.037
Propane/n-Pentane (0.4/0.6) 1420 2780 2130 0.37 0.70 0.54 68 129 99 0.026 0.045 0.036

Butane/Hexane (0.9/0.1) 1560 1570 1560 0.47 0.47 0.47 78.9 80.9 79.8 0.034 0.034 0.034
DME/n-Pentane (0.4/0.6) 2150 2800 2380 0.65 0.86 0.72 103 144 118 0.044 0.058 0.049
DME/n-Pentane (0.7/0.3) 1640 2430 1930 0.46 0.67 0.53 81.3 121 96 0.032 0.045 0.037
DME/Iso-Pentane (0.5/0.5) 1810 2920 2190 0.55 0.88 0.66 88 151 111 0.038 0.059 0.046
Propylene/Iso-Pentane (0.4/0.6) 2100 3330 2670 0.52 0.84 0.67 93 160 124 0.034 0.054 0.043

Overall 1420 3800 2300 0.37 0.88 0.60 68 166 109 0.026 0.059 0.040
Deviation in % �38% 65% �38% 46% �38% �52% �34% �48%
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model, matching the case study thermal load.
In the first three rows of the table, the corrugation geometry,

namely pitch L and height b, were fixed together with the corru-
gation angle. The number of channels Nch and plate width W were
found in order to obtain values of Re�0:42

V Bd0:26 equal to 0.040. It
can be noticed that by respecting the proposed design guideline,
the NPV deviates maximum �4.4% from the best value of the

parametric analysis. The COP in the third design point is slightly
lower due the higher pressure drops of the refrigerant.

The forth and fifth rows of Table 8 report two PHE design which
were obtained by fixing the plate width and the number of plates,
as well as the chevron angle. The corrugation geometry was found
in order to match the design guideline and it was found that also in
this case the two solutions deviate of only �1.9% and �1.5% from

Fig. 11. Normalized NPV as function of Re�0:42
V Bd0:26 for all the working fluids. The red line represents the mean value Re�0:42

V Bd0:26 ¼ 0:04, while the dotted lines represent max
and min, 0.059 and 0.026 respectively. (For interpretation of the references to color in this figure legend, the reader is referred to the Web version of this article.)
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the best NPV, thereby lying in an optimal region for the PHE design.
It can be noticed that all the five solutions proposed have the same
magnitude of refrigerant pressure drops, ranging from 30 kPa to
35 kPa. This is the same range shown in Fig. 6(a) for the same
working fluid.

4.2. Uncertainty analysis

The uncertainty analysis of the values of heat transfer co-
efficients and pressure drops was carried out for the design I re-
ported in Table 8 for Propane/Iso-Pentane (0.5/0.5), performing
with a NPV �3.6% lower than the best solution found in the map-
ping. The mean values, standard deviation and 95% coverage in-
terval are reported in Table 9. The input uncertainties assigned to
the heat transfer and pressure drop correlations resulted in a
standard deviation of 10.6% and 5.0% for heat transfer area and
refrigerant pressure drops, respectively. However, the overall
impact on the heat pump NPV resulted to be only equal to a 1.8%
standard deviation. This was also translated to 95% of all the solu-
tions deviating maximum 3.5% from the mean. Moreover, it can be
observed that the PHE design I obtained in Table 8 deviated only
0.3% compared to the mean value estimated performing 500 sim-
ulations from the uncertainty input space. The heat source pressure
drop is not reported, since the results showed a negligible impact
on the NPV.

It must be stressed again that the input uncertainties were taken
from the reference papers for the experimental correlations, and
they were estimated by the authors as accuracy referred to exper-
imental database not containing the present working fluids and
operating conditions. This analysis ensures however that, despite
large deviations assigned to the heat transfer and pressure drop
calculations, such as the wide interval of [�50%, þ100%] given as
input for the estimation of fV in Table 5, a much smaller impact was
obtained on the NPV estimation, equal to only 1.8% standard
deviation.

It is nevertheless relevant to focus future work on validating the
use of the chosen prediction methods for similar case studies by
conducting experiments for flow boiling of zeotropic mixtures in
PHEs. Moreover, despite the small uncertainties obtained on the
NPV for PHE design I, the input uncertainties might lead to exclude

some of the optimal solutions due to possible underestimations of
the NPV.

4.3. Sensitivity to pressure drop correlation

From the analysis of the results, the refrigerant pressure drop
was found to have the largest impact on the NPV. Therefore, it was
decided to carry out a sensitivity analysis on the prediction method
chosen to evaluate the two-phase frictional contribution, consti-
tuting the major contribution to the refrigerant total pressure loss.
The same parametric study was carried out, i.e. considering the
same design points, yet by employing an alternative prediction
method.

The Lockhart-Martinelli [45] method was applied, for which the
Martinelli parameter was estimated from the ratio of the singe-
phase vapour and liquid pressure drops. The Martin correlation
[36] was used in order to estimate the single-phase contributions,
and the two-phase multiplier was calculated by using the fitting to
the Martinelli's parameter developed by Chisholm [46] with a
multiplication coefficient C¼4.67, as proposed by Palm and Claes-
son [47].

By using the same fitting coefficients obtained using the previ-
ous data set, i.e. �0.42 and 0.26 for ReV and Bd respectively, the
mean value was calculated for the best results, namely PHE designs
based on the best 5% NPV. A good agreement was obtained between
the two different data sets, since the mean value of the guideline
Re�0:42

V Bd0:26 was found equal to 0.044, thereby beingþ9.5% higher
than the base case.

4.4. Limitations and future work

The methodology presented in this work is based on a number
of boundary conditions and assumptions. First and foremost, the
methodology is based on numerical calculations and has not been
documented experimentally. The study has only been applied to a
limited number of cases. The work should be seen as a suggestion
and exemplification of a method, rather than a complete guideline.
The methodology was indeed derived for eight different working
fluids integrated in the same heat pump, with fixed heat source
temperature glide of 25 �C. The influence of having different glides
along the evaporator might be investigated as part of future work.

The economic analysis showed that the refrigerant total pres-
sure drops have a major impact on the NPV of the heat pump. In
order to estimate the NPV, a number of economic boundaries were
assumed, and the price of electricity and natural gas were based on
the data available for the Danish energy sector. Furthermore, the
case study was based on a waste heat recovery application, where
the heat source comes at zero cost. The COP decrease, entailing a
higher compressor running cost, could be partially balanced by a
reduced utilization of the heat source. The economic boundaries
are therefore dependent on the specific case study, and the appli-
cation of the presented methodology should be adapted to the

Table 8
Some examples of PHE design points for the mixture Propane/Iso-Pentane (0.5/0.5).

Design W [m] Nch [�] b [�] b [m] L [m] LHT [m] Aht [m]2 Dpr�tot [kPa] NPV [V] DNPV [%] COP [�] Re�0:42
V Bd0:26 [�]

Free variables Fixed geometry

I 0.20 188 45 0.005 0.007 0.66 92.0 31.0 696,960 �3.6 3.02 0.040
II 0.19 196 35 0.005 0.007 0.57 80.1 31.3 711,620 �1.5 3.02 0.040
III 0.44 59 35 0.007 0.007 0.65 80.7 36.0 690,990 �4.4 3.01 0.040

Fixed geometry Free variables

IV 0.20 100 35 0.009 0.008 0.77 82.1 32.6 708,580 �1.9 3.02 0.040
V 0.18 150 35 0.007 0.006 0.54 79.8 31.0 712,180 �1.5 3.02 0.040

Table 9
MC uncertainty analysis results for PHE design I for Propane/Iso-Pentane (0.5/0.5)
performed with a sample population of 500 elements.

Aht Dpr,tot NPV

Mean value 93.2m2 33.2 kPa 694,780 V

Absolute standard deviation 9.9m2 1.7 kPa 12,370 V

Percentage standard deviation 10.6% 5.0% 1.8%
95% coverage interval 20.7% 9.8% 3.5%

Design I 92.0m2 31.0 kPa 696,960 V

Deviation from the mean �1.3% �6.8% þ0.3%
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specific boundary conditions.
Last, it is worth it mentioning two limitations imposed by the

PHE sizing model. Flow maldistributions are not taken into
consideration, neither along the plate width nor among the
different HEX channels. This aspect might lead to different results
concerning some design variables, e.g. plate length-to-width ratio,
since it does not take into account that the flow might not be
perfectly counter-current if low values of such ratio are employed.
In order to avoid unrealistic results, a minimum ratio was assumed
in the present analysis.

5. Conclusions

This paper presented a methodology to derive design guidelines
for plate heat exchangers. The methodology was demonstrated by
applying it to a case study of plate heat exchanger evaporators in
heat pumps using zeotropic mixtures. The basis for the derivation
was a numerical model used for simultaneous sizing of the ther-
modynamic cycle and of the heat exchanger, with heat transfer area
and pressure drops being considered for both the calculation of the
cycle COP and NPV.

The analysis showed that there is an economic trade-off be-
tween heat transfer area and refrigerant pressure drop, with the
latter having a larger impact on the results. Higher refrigerant
pressure drops resulted in a COP degradation, subsequent increase
of the compressor running costs, as well as higher investment
required for the compressor. Different working fluids presented
different sensitivity to pressure drops, thus the trade-off could not
be uniquely defined in terms of a maximum allowable pressure
drop.

The results were therefore assessed with the aim of deriving a
general design guideline, applicable for all the fluids. Different non-
dimensional parameters were correlated to the normalized net
present value, and it was shown that ReV, Bd and Wem are the
parameters mostly influencing the results. Moreover, an optimal
value was identified for the dimensionless factor Re�0:42

V Bd0:26 for
the best solutions in terms of NPV, deviating no more than 5% from
the highest NPV. It was shown that for most of the mixtures values
above 80% of the best NPV were found for Re�0:42

V Bd0:26z0:040.
Butane/Hexane (0.9/0.1) presented non-favourable design

points, with an optimal region shifted towards the left of the ob-
tained guideline. Moreover, Propane/n-Pentane at (0.4/0.6) re-
ported values of NPV above 70% of the best solution for the
suggested guideline, performing slightly worse than the other
working fluids for some of the designs. This was related to the effect
of the chevron angle, and it was therefore recommended to employ
low values of b in the optimal region.

The design steps, based on applying the aforementioned
guideline, were summarized and applied to the case of for the
Propane/Iso-Pentane (0.5/0.5). It was illustrated that different
configurations respecting Re�0:42

V Bd0:26z0:040 yielded close to
optimal NPVs. These were obtaining by tuning differently plate
corrugation geometry, size and number of plates.

Moreover, an uncertainty analysis of the heat transfer co-
efficients and pressure drops estimated by experimental correla-
tions was carried out for one of the optimal designs of Propane/Iso-
Pentane (0.5/0.5), using the MC method on a population sample of
500 elements obtained using LHS. The NPV mean value was found
to be 0.3% higher than the design point, with a standard deviation
of 1.8%.

The presented methodology offers the possibility of deriving
guidelines for different applications, where HEXs are integrated in a
thermodynamic cycle and different working fluids are compared,
avoiding computationally expensive combined cycle and compo-
nent optimization to obtain feasible designs.
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Nomenclature

A0 free flow area [m2]
Dh hydraulic diameter [m]
Dp port diameter [m]
G mass flux [kg/(sm2)]
L plate length [m]
Nch number of channels [e]
T temperature [�C]
U overall heat transfer coefficient [W/(m2 K)]
W plate width [m]
z Silver and Bell-Ghaly correction [e]
_Q heat load [W]
_W work [W]
_m mass flow [kg/s]
b corrugation height [m]
cel specific cost of electricity [V/kWh]
f Fanning friction factor [e]
g gravitational acceleration [m/s2]
h heat transfer coefficient [W/(m2 K)]
n number of control volumes [e]
p pressure [Pa]
t plate thickness [m]
x vapour quality [e]
Bd Bond number [e]
COP coefficient of performance [e]
CRF capital recovery factor [1/a]
FC fuel cost [V/a]
NPV net present value [V]
OMC operation and maintenance cost [V]
PEC purchased equipment cost [V]
Re Reynolds number [e]
TCI total capital investment [V]
We Weber number [e]

Abbreviations and acronyms
CI capital investment
CV control volume
HEX heat exchanger
LHS latin hypercube sampling
MC Monte Carlo
PHE plate heat exchanger

Greek letters
b chevron angle [�]
D difference [e]
h efficiency [e]
L corrugation thickness [m]
m viscosity [Pa s]
F enlargement factor [e]
r density [kg/m3]
s surface tension [N/m]
t time [h]
q inclination angle (90�b) [�]
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Superscripts
" per unit area
* normalized
i control volume i
j solver iteration j

Subscripts
acc acceleration
C convective
comp compressor
ev evaporation
fr friction
gr gravity
hp heat pump
ht, HT heat transfer
id ideal
id mixture
in inlet
is isentropic
L liquid
lat latent
LO liquid only
m mean
NB nucleate boiling
ng natural gas
out outlet
p port-to-port
r refrigerant
s heat source
sh super-heating
tot total
TP two-phase
V vapour
w water
wf working fluid
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a b s t r a c t 

This paper presents a combined plate heat exchanger (PHE) - heat pump simulation framework for the 

evaluation of flow maldistribution in PHE evaporators and its effect on the cycle thermodynamic and 

economic performance. A case study of heat pump integration for waste heat recovery purposes in data 

centres was chosen to demonstrate the utilization of the simulation tool. The analyses were made for 

the pure fluids butane and propane, and for the zeotropic mixtures propylene/butane at (0.5,0.5) mass 

composition and CO 2 /dimethyl ether (DME) (0.2,0.8) as refrigerants. Both liquid/vapour maldistribution 

and the effect of end plates were considered in the heat exchanger models. Results show that butane is 

most sensitive to maldistribution, with a maximum Coefficient of Performance (COP) reduction of 5.9%, 

while propane experiences the lowest reduction of 2.5%. The different sensitivity of the working fluids 

to maldistribution was found to be related to the evaporator design, refrigerant pressure drop, and fluid 

properties. Last, the results of the economic analysis show that a higher specific cost of heat is obtained 

when considering maldistribution effects. 

© 2019 Elsevier Ltd and IIR. All rights reserved. 

Performances des pompes à chaleur utilisant des frigorigènes purs et mélangés 

avec des effets de mauvaise distribution dans les évaporateurs des échangeurs de 

chaleur à plaques 

Mots-clés: Échangeurs de chaleur à plaques; Mauvaise distribution de liquide-vapeur; Plaques d’extrémité; Chute de pression; Mélanges zéotropiques; Analyse économique 

1. Introduction 

Flow maldistribution implies a degradation in heat transfer per- 

formance for heat exchangers (HEXs) with multiple parallel chan- 

nels. Mueller and Chiou (1988) published a work defining maldis- 

tribution within the context of HEX design, namely as non-uniform 

mass flow distribution entailing a degradation of heat transfer be- 

tween the working fluids. Three main causes were identified, i.e. 

entry problems due to improper nozzle design, self-induced mald- 
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istribution by fluid flow characteristics, e.g. viscous or two-phase 

flow, and fouling and corrosion effects. 

Plate heat exchangers (PHEs) are one kind of multi-channel 

HEX, which is used extensively in a number of sectors. By stacking 

thin corrugated plates together, co- or counter-current flow chan- 

nels are formed, and high heat transfer coefficients are achieved in 

a compact design. 

Maldistribution in PHEs can be related to three main effects: 

(i)uneven channel-to-channel mass flow rate distribution, (ii) un- 

even in-channel mass flow rate distribution, and (iii) effect of end 

plates, i.e. the different heat transfer area of the outer-most PHE 

channels causes a modification of the mass flow distribution. 

Single-phase channel-to-channel maldistribution in PHEs has 

been described analytically ( Bassiouny and Martin, 1984a; 1984b; 
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Nomenclature 

1D one dimensional 

2D two-dimensional 

CV control volume 

DH district heating 

DME dimethyl ether 

HEX heat exchanger 

PHE plate heat exchanger 

Roman letters 

A ht heat transfer area [m 

2 ] 

b corrugation height [m] 

CF annual cash flow [ € y −1 ] 

COP coefficient of performance [-] 

CRF capital recovery factor [y −1 ] 

C yearly cost [ € y −1 ] 

c specific cost/income [ € MWh 

−1 
] 

G mass flux [kg s −1 m 

−2 )] 

i interest rate [%] 

k wall wall conductivity [W m 

−1 K 

−1 ] 

L p plate port-to-port length [m] 

˙ m mass flow rate [kg s −1 ] 

n number of control volumes [-] 

N ch number of channels [-] 

n hp lifetime [y] 

OH operating hours [h y −1 ] 

p pressure [bar] 
˙ Q heat flow rate [W] 

TCI total capital investment [ € ] 

T temperature [ ◦C] 

t plate thickness[m] 
˙ W power [W] 

W plate width [m] 

x vapour quality [-] 
˙ V volumetric flow rate [m 

3 h 

−1 ] 

Greek letters 

α void fraction [-] 

β chevron angle [ ◦] 

� difference [-] 

η efficiency [-] 

� corrugation pitch [m] 

ρ density [kg m 

−3 ] 

Superscripts 

i index discretization along flow direction 

j index discretization number of channel 

Subscripts 

bubble bubble 

cond condenser 

design design 

dew dew 

eff effective 

el electricity 

eva evaporator 

gen generation 

h heat 

hg heat generation 

hs heat source 

HT heat transfer 

in inlet 

is isentropic 

min minimum 

out outlet 

�p pressure drop 

pinch pinch 

ref refrigerant 

SH superheat 

sink sink 

tot total 

V vapour 

Srihari and Das, 2006; Srihari et al., 2005 ), numerically ( Li and 

Hrnjak, 2016 ) and experimentally ( Bobbili et al., 2006; Li and Hrn- 

jak, 2018; Rao and Das, 2004; Rao et al., 2005; Tereda et al., 

2007 ). A higher PHE performance degradation was found to occur 

for smaller manifold port diameters, higher mass flow rates and 

a higher number of channels. The effect of end plates in single- 

phase flow was studied by Jin and Hrnjak (2017b) . They found that 

an overestimation of the overall heat transfer coefficient occurs by 

neglecting the effect of end plates, due to an underestimation of 

the effective heat transfer area. Li and Hrnjak (2018) developed a 

validated model for single-phase flow distribution in PHEs, show- 

ing that plates with higher length-to-width ratios are less affected 

by maldistribution. 

Two-phase flow maldistribution in PHEs was addressed by a 

few studies. Jin and Hrnjak (2017a) investigated the in-channel dis- 

tribution of R245fa experimentally. Large non-uniformities of the 

refrigerant mass flow rate were observed, with the occurrence of 

dry-out zones. Channel-to-channel flow maldistribution is particu- 

larly relevant for PHE evaporators in vapour compression systems. 

Since the refrigerant inlet is in two-phase, a non-uniform mass 

flow rate distribution entails uneven liquid/vapour distribution. 

Vist and Pettersen (2004) observed this phenomenon experimen- 

tally in a HEX manifold distributing saturated refrigerant mass flow 

into ten channels. They observed a monotonic decrease/increase 

of the inlet vapour phase with increasing distance from the inlet, 

for upward/downward flow, respectively. Madanan et al. (2018) in- 

vestigated the two-phase flow distribution of an air/water mixture 

from a U-type manifold into six and eight parallel horizontal mini- 

channels. The vapour phase distribution resulted to be dependent 

on the flow regime. A monotonic decrease was observed in case 

of slug flow and six channels, while oscillations occurred for the 

experiments with eight channels and plug flow. 

By taking the experimental results observed by Vist and Pet- 

tersen (2004) into account, Jensen et al. (2015) imposed different 

linear profiles of vapour quality at the PHE evaporator inlet by 

means of a numerical model with R134a used as a refrigerant and 

two different plate geometries. Mancini et al. (2018a) extended the 

work by comparing the degradation of heat transfer performance 

due to this kind of uneven liquid/vapour maldistribution for pure 

fluids and zeotropic mixtures. The use of a zeotropic mixture was 

demonstrated to increase the thermodynamic performance of heat 

pumps with respect to pure fluids by reducing the irreversibility 

in the HEXs ( Zühlsdorf et al., 2019; 2018a; 2018b ). Zühlsdorf et al. 

(2018a) further showed that the temperature glide match in the 

evaporator has a dominating effect compared to the condenser, 

which suggests that major attention should be given to the opti- 

mal design and operation of the evaporator. 

Mancini et al. (2018a) showed that a mixture of propy- 

lene/butane at 0.5/0.5 mass composition is only slightly affected by 

maldistribution effects. The refrigerant temperature distribution in 

the different channels was shown to remain unchanged for differ- 

ent rates of liquid/vapour non-uniformity at the inlet, resulting in 

no changes for the temperature glide match. The pure fluid butane 

is on the other hand subject to a degradation in total heat trans- 

fer of up to 11.2%. The results were however limited to a particular 
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Fig. 1. Work-flow of the overall procedure. 

case study ( Zühlsdorf et al., 2018b ), and the impact on the overall 

cycle performance was not estimated. 

It is in fact of paramount importance to evaluate how the heat 

transfer degradation in evaporators affects the thermodynamic 

performance of the cycle. Previous works address the analysis 

of flow maldistribution effects in air conditioning systems ( Kærn 

et al., 2011 ) and heat pumps ( Gong et al., 2008; Mader et al., 2015 ) 

for fin-and-tube evaporators. 

This paper presents a combined cycle and PHE simulation 

framework, which can be used in order to assess the impact on 

the Coefficient of Performance (COP) of heat pumps caused by end 

plates and liquid/vapour maldistribution at the inlet of PHE evapo- 

rators. The procedure is demonstrated by applying it to a relevant 

case study ( Zühlsdorf et al., 2019 ), evaluating four different work- 

ing fluids among pure and mixed refrigerants. The case study is 

also used as an explanatory example to estimate the impact on 

the system operating costs, thereby highlighting the importance 

of taking the heat transfer degradation in evaporators due to flow 

maldistribution into account when assessing the techno-economic 

feasibility of heat pump systems, as well as it allows comparing 

different refrigerants. 

2. Methods 

This section presents the procedure that was developed for 

evaluating the impact of maldistribution on the heat pump COP. 

The models were published in Mancini (2018) , where the scripts 

utilized for the case study analysis can be accessed together 

with a detailed documentation. The numerical models were built 

and integrated in the Matlab simulation environment ( Mathworks, 

2017b ). 

2.1. Integrated framework for coupled cycle-PHE analysis 

Fig. 1 shows the schematic of the procedure developed in this 

study. The work addressed the estimation of the off-design perfor- 

mance of both evaporator and cycle due to flow maldistribution. It 

was however coupled with preliminary cycle and HEX design. 

First, the boundary conditions for the heat pump sizing and the 

working fluid were defined. The heat pump design model allowed 

estimating the COP and the operating cost at design conditions. 

The refrigerant design mass flow rate, together with the thermody- 

namic state of the refrigerant, heat source and heat sink at evap- 

orator and condenser inlet and outlet were obtained as additional 

outputs and used in order to size the HEXs. The PHE evaporator 

and condenser models in design mode estimated the number of 

channels for a given plate geometry, thereby allowing the calcula- 

tion of the total investment required for the heat pump. In order 

to evaluate the effect of maldistribution, a two-dimensional (2D) 

evaporator model was developed and integrated with a heat pump 

model, containing off-design calculations for the remaining compo- 

nents and the condenser model in performance mode, based on a 

one-dimensional (1D) discretization. The overall off-design analysis 

was carried out for different imposed liquid/vapour maldistribution 

rates, which allowed estimating the impact on the heat pump COP 

and operating cost. The off-design model was additionally imple- 

mented by using an evaporator model in 1D. The aim was to assess 

the difference between an ideal distribution of the mass flow rate 

(equal to using the 1D model) and the 2D model with a uniform 
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Fig. 2. Schematic of the heat pump model. 

quality distribution at the inlet, thereby quantifying the effect 

of end plates. This will be futher explained in Section 2.4 . The 

following subsections present in details the different submodels, 

base of the overall procedure. More focus is given to the PHE mod- 

elling, since the heat pump cycle modelling approach was based on 

the work by Zühlsdorf et al. (2019) with a more detailed character- 

ization of the HEX components for both design and performance 

calculations. 

2.2. Heat pump design model 

The thermodynamic cycle was modelled in steady-state oper- 

ation as a single-stage vapour compression heat pump with four 

components, as shown in Fig. 2 . The design procedure was based 

on a fixed load at the evaporator or the condenser depending 

on the constraints of the specific case study. The design parame- 

ters were given by minimum pinch temperature differences in the 

HEXs, minimum superheat and fixed subcooling. The compressor 

was modelled by defining isentropic and motor efficiencies, while 

an isenthalpic operation of the expansion valve was assumed. The 

design model was developed for both pure and mixed refrigerants. 

The thermodynamic performance of the heat pump was evaluated 

by means of the COP, as expressed by Eq. (1) . 

COP = 

˙ Q sink 

˙ W comp 

(1) 

2.3. Heat exchangers models 

The simulation framework comprises HEX models, which can 

be run in either design or performance mode, to respectively solve 

the design and performance problems. The design mode aims at 

calculating the physical size of the HEX for a given heat load, mass 

flow rates and inlet and outlet temperatures and pressures. The 

performance mode aims at estimating the heat transfer and pres- 

sure drop of an already sized HEX, thereby using the full HEX ge- 

ometry, inlet thermodynamics, and mass flow rates as input and 

calculating heat flow rate, pressure drop and outlet temperatures 

and pressures ( Shah and Sekulic, 2002 ). 

The models were based on an internal solver for the solution 

of heat transfer and fluid flow, presented in Section 2.3.1 . Differ- 

ent external solvers were employed for the solution of the design 

problem and of the performance problem, as described respec- 

tively in Sections 2.3.3 and 2.4 . Note that the two performance 

solvers for evaporator and condenser were directly coupled with 

the equations for off-design operation of the heat pump. 

The following assumptions were employed in all the models: 

(i) steady-state operating conditions, (ii) adiabatic end plates, i.e. 

Table 1 

Discretization and tolerances adopted for the PHE models. 

Design models Performance models 

Evaporator Condenser Evaporator Condenser 

Type of discretization 1D 1D 1D/2D 1D 

Number of CVs 50 110 50 / 50 x 

(N ch , ref + N ch , hs ) 

110 

Tolerance 10 −5 10 −5 10 −5 10 −5 

no heat loss to the environment (iii) no longitudinal conduction 

through the plates, (iv) separated flow model for liquid and vapour 

phases, and (v) no pressure drop in the PHE manifolds. The man- 

ifold pressure drop can in some cases constitute a relevant con- 

tribution to the total pressure drop. It was however decided to 

neglect it since it is a term highly impacted by the real design 

of the HEX from specific manufacturers. Moreover, Li and Hrn- 

jak (2018) showed that manifold pressure drop decreases with de- 

creasing number of channels and increasing length-to-width ratios 

of the plates, thereby becoming negligible compared to channel 

pressure drop for PHE channels number lower than 100 and typi- 

cally manufactured length-to-width ratios. 

2.3.1. Solver for heat transfer and fluid flow 

The solver for heat transfer and fluid flow was implemented to 

solve the PHE model in performance mode, i.e. with the full geom- 

etry and inlet thermodynamics and mass flow rates specified as in- 

puts. The solver iterated on wall temperatures and pressure drops 

of both fluids, i.e. refrigerant and secondary fluid, following a suc- 

cessive substitution approach, in order to estimate the total heat 

flow rate and pressure drops of both fluids. Based on a start guess 

of linear wall temperature profile and pressure drop distributed 

evenly in the control volumes (CVs) along the flow direction for 

both fluids, the mass, momentum, and energy conservation equa- 

tions were solved iteratively for each CV. An alternate iteration ap- 

proach, as suggested by Eldeeb et al. (2016) , was implemented in 

order to accelerate the model convergence. 

The evaporator model in performance mode was based on both 

1D and 2D discretization approaches. The latter was used in order 

to describe maldistribution effects. The discretization schemes and 

iteration variables are shown in Fig. 3 (a) for the 1D case and (b) 

for the 2D case. A 1D discretization approach - similar to the one 

shown for the evaporator in Fig. 3 (a) - was applied for the con- 

denser model. In this last case, the mass flow of both fluids was 

assumed to distribute uniformly, thereby applying the discretiza- 

tion solely along the fluid flow direction with uniform steps of heat 

transfer area. 

Table 1 reports the discretization details for the solvers. The 

convergence criterion was defined based on the l 2 -norm of the 

relative residuals of the wall temperature and refrigerant and sec- 

ondary fluid pressure drop. A higher number of CVs was applied 

in the condenser case as a result of the grid independence study. 

Fluid thermo-physical properties were estimated by means of REF- 

PROP 10 ( Lemmon et al., 2018 ) for the refrigerants and CoolProp 

( Bell et al., 2014 ) for water. 

2.3.2. Correlations for heat transfer coefficients and pressure drop 

Correlations were used for the computation of heat transfer co- 

efficients, frictional pressure drop and void fraction for each con- 

trol volume in both two-phase and single-phase flow. 

The evaporation and condensation heat transfer coefficients 

for pure fluids were estimated by Amalfi et al. (2016) and Yan 

et al. (1999) , respectively. The Silver (1947) and Bell and Ghaly 

(1973) method was instead applied to account for mixture degra- 

dation of heat transfer during both evaporation and condensation. 

The method was initially developed for mixture condensation and 
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a b

Fig. 3. Discretization approaches for evaporator: 1D (a); 2D (b). 

was later extended to evaporation by Sardesai et al. (1982) . For 

mixture condensation, the ideal heat transfer coefficient was com- 

puted using ( Yan et al., 1999 ), while ( Martin, 1996 ) was used for 

the vapour phase correction term. For the evaporation heat transfer 

coefficient of mixtures, Mancini et al. (2018b) showed that small 

deviations on the total heat flow rate are obtained regardless of the 

combination of heat transfer correlations chosen for the method. 

Therefore, Amalfi et al. (2016) was applied for the two-phase con- 

vective contribution, Cooper (1984) was used for the ideal nucleate 

boiling contribution, Thome and Shakir (1987) was used for esti- 

mating the mixture correction for the nucleate boiling term and 

Martin (1996) was applied for the single-phase vapour contribu- 

tion. 

The Lockhart and Martinelli (1949) method was applied to eval- 

uate two-phase evaporation frictional pressure drop. The method 

was applied as proposed by Palm and Claesson (2006) , i.e. Martin 

(1996) was used to estimate the single-phase frictional pressure 

drop and the correlation developed by Chisholm (1967) estimated 

the two-phase multiplier with a Chisholm parameter equal to 

4.67. The Fanning friction factor correlation proposed by Yan et al. 

(1999) was instead used for condensation frictional pressure drop. 

Regarding pressure drop, no distinction was made between pure 

and mixed refrigerants and the same methods were applied for 

both evaporation and condensation. 

Since no void fraction correlation is available in literature for 

PHEs, the widely used correlation presented by Smith (1969) was 

used to estimate the cross-sectional average density and the mo- 

mentum density, which respectively are needed to compute the 

gravitational and acceleration contributions to pressure drop. The 

correlation was chosen since it was proven to well correlate data 

for two-phase upward annular flow ( Godbole et al., 2011 ), which is 

a reasonable assumption in PHE evaporators ( Vakili-Farahani et al., 

2015 ). 

A smooth transition was ensured between two-phase and 

single-phase in both superheated and subcooled regions for both 

evaporator and condenser, to avoid discontinuities. This was car- 

ried out by calculating the refrigerant heat transfer coefficient and 

frictional pressure drop by interpolating the two-phase and single- 

Fig. 4. Work-flow of the solver for the design problem. 

phase contributions at the interface. The smoothing was applied to 

the CVs with local vapour quality included in the intervals [0, 0.1] 

and [0.9, 1.0]. 

2.3.3. Solver for the design problem 

The evaporator and condenser models in design mode were 

solved based on an external solver iterating on the total number of 

channels in order to meet a dimensioning thermal load for a given 

plate geometry, following the Newton-Raphson method. The work- 

flow of the implemented solver is shown in Fig. 4 . The plate size 

(given by width W , length L and thickness t ) were defined together 

with the characteristic chevron-PHE corrugation height b , corruga- 

tion pitch � and chevron angle β . The inlet states and the mass 

flow rates of both working fluids were also fixed. An initial guess 

of the total number of channels N ch was provided to the solver 

for heat transfer and fluid flow. The solver estimated the total heat 

flow rate, and the first derivative with respect to N ch , subsequently 

used to update the guess value. The tolerance on the relative 
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Table 2 

Operating conditions equations for off-design operation. 

Evaporator Condenser 

T̄ ref , out − T dew = �T SH T̄ ref , out = T sink , in + �T pinch , min 

˙ m ref , tot · ρ̄ref , out = 

˙ V ref , out T sink , out = T sink , out −design 

Table 3 

Evaporator flow distribution equations. 

Mass conservation in manifold 

Refrigerant Heat source Refrigerant vapour 

N ch , ref ∑ 

j=1 

˙ m 

( j) 
ref 

= ˙ m ref , tot 

N ch , hs ∑ 

j=1 

˙ m 

( j) 
hs 

= ˙ m hs , tot 

N ch , ref ∑ 

j=1 

˙ m 

( j) 
ref 

· x ( j) 
ref , in 

= ˙ m ref , tot · x ref , in 

Outlet pressure equalization 

Refrigerant Heat source 
n ∑ 

i =1 

�p ( j,i ) 
ref 

= 

n ∑ 

i =1 

�p ( j+1 ,i ) 
ref 

, 

n ∑ 

i =1 

�p ( j,i ) 
hs 

= 

n ∑ 

i =1 

�p ( j+1 ,i ) 
hs 

, 

j = 1 , . . . , N ch , ref − 1 j = 1 , . . . , N ch , hs − 1 

residual of the total heat flow rate was fixed to 10 −3 . The required 

heat transfer area was calculated as the output of the solver. 

2.4. Off-design conditions: coupled cycle and PHE models in 

performance mode 

The off-design conditions were solved by creating an overall 

solver for the cycle, the PHE condenser and the PHE evaporator 

with and without liquid/vapour maldistribution. The solver was 

based on the fsolve algorithm ( Mathworks, 2017a ) coupled with 

the solver for heat transfer and fluid flow of condenser and evapo- 

rator and calculations for off-design compressor performance. The 

solver for heat transfer and pressure drop of both evaporator and 

condenser was presented in Section 2.3.1 . The compressor perfor- 

mance during off-design operation was evaluated by using the cor- 

relation presented in Granryd et al. (2009) , relating the isentropic 

efficiency to the deviating pressure ratio. This correlation is valid 

for volumetric compressors with built-in volume ratios, which are 

typically used in many heat pump applications. A full description 

of all the governing equations for all the components can be found 

in the model documentation available in Mancini (2018) . 

In the off-design model without maldistribution effects, the 

unknowns were defined as the heat pump operating conditions, 

while for the off-design model with maldistribution effect the un- 

knowns were given by the operating conditions and the mass flow 

rate distribution inside the evaporator. More specifically, the to- 

tal mass flow rate of the refrigerant ˙ m ref , tot and of the heat sink 

˙ m sink , tot , the evaporation pressure p eva and condensation pressure 

p cond were chosen as the four variables describing the cycle opera- 

tion. For the off-design model with maldistribution effects, where 

the evaporator was discretized based on a 2D approach, the vec- 

tors containing the mass flow rate distribution of the refrigerant 

and heat source in the different channels, namely ˙ m ref and ˙ m hs , 

constituted by N ch,ref and N ch,hs elements each, were set as addi- 

tional unknowns, together with the inlet vapour quality x ref,in . 

The equations implemented are reported in Table 2 for the off- 

design model without maldistribution effects. The four equations 

describe the operating strategy of the heat pump, thus dependent 

on the boundary conditions for the specific case study. In this case, 

the refrigerant superheat at the evaporator outlet, the suction vol- 

ume flow rate at the compressor inlet, the refrigerant subcooling, 

and the sink outlet temperature were chosen as control values, 

thus fixed to the values at the design point. 

Table 3 reports instead the additional equations needed for the 

off-design model with maldistribution effects, describing the mass 

1 2 3 4 5 6 7 8 9 10 11 12
Channel, -
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x = 0.15
x = 0.2
x = 0.25

Fig. 5. Imposed vapour quality maldistribution for a PHE with 11 refrigerant chan- 

nels. 

flow rate distribution of refrigerant and heat source in the different 

PHE evaporator channels. Table 3 shows a total of N ch , ref + N ch , hs + 

1 governing equations, since the outlet pressure equalization equa- 

tions for both refrigerant and heat source (reported in the second 

row) consisted of N ch , ref − 1 and N ch , hs − 1 equations, respectively. 

As indicated in Fig. 1 , the maldistribution rate was an input to 

the off-design model with maldistribution effects. A linear vapour 

quality variation was therefore imposed to the channels at the PHE 

inlet, similarly to Mancini et al. (2018a) . The variation was calcu- 

lated as function of a parameter �x , representing the difference in 

vapour quality between the outer-most PHE refrigerant channels. 

The inlet quality at the j th channel was thus estimated as function 

of the quality at the first channel, as expressed by Eq. (2) . 

x ( j) 
in 

= x (1) 
in 

+ 

j − 1 

N ch , ref − 1 

�x (2) 

The parameter �x was varied between zero (for even distribution) 

and 0.25 by steps of 0.05. An example of the imposed variation 

of vapour quality for a case of 11 refrigerant channels is shown 

in Fig. 5 , where each colour represents a different maldistribution 

rate and therefore a different off-design operation point of both 

evaporator and heat pump. 

The effect of end plates corresponded to the case of �x = 0 . 

In this last case, an even distribution of the vapour quality was 

imposed at the inlet of the PHE channels. The mass flow distribu- 

tion of both refrigerant and heat source is however non-uniform, 

since it is affected by the outer-most channels that are assumed 

perfectly adiabatic towards the outer environment. The difference 

between the 1D evaporator model and the 2D evaporator model 

with �x = 0 allowed quantifying this effect on both evaporator and 

heat pump performance. 

2.5. Economic analysis 

The impact of maldistribution on the economic performance of 

the heat pump was evaluated using the integrated framework pre- 

sented above. The degradation of COP in off-design conditions en- 

tails a drop of economic performance. By considering the economic 

boundary conditions case by case, the change in operating costs 

and revenue streams can be evaluated. The reader is referred to 

Zühlsdorf et al. (2019) for a comprehensive discussion about eval- 

uating costs and revenues for heat pumps in different applications. 

A common indicator is given by the (levelized) specific cost of heat, 

calculated in € /MWh by Eq. (3) . It is function of the different cash 

flow (CF) terms: the cost of electricity CF el and the income of sup- 

plying cold by cooling the heat source CF hs . Moreover, it depends 
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Table 4 

Heat pump design and operating parameters for the selected working fluids. 

Working fluid Inputs Outputs 

˙ Q eva , kW T hs,in , 
◦C T hs,out , 

◦C T sink,in , 
◦C T sink,out , 

◦C ˙ Q cond , kW p cond , bar p eva , bar ˙ m , kg s −1 ˙ V out , eva , m 

3 h −1 COP, - c h , € /MWh 

Butane 500 50 25 50 75 630 9.5 2.2 1.69 1100 4.5 32.7 

Propane 500 50 25 50 75 638 28.1 8.8 1.90 370 4.4 31.1 

Propylene/Butane(0.5/0.5) 500 50 25 50 75 600 16.4 5.6 1.62 460 5.6 25.8 

CO 2 /DME(0.2/0.8) 500 50 25 50 75 600 25.3 9.7 1.56 290 5.6 25.4 

on the Total Capital Investment (TCI), Capital Recovery Factor (CRF) 

and the yearly production of heat, evaluated by multiplying the 

condenser load ( ˙ Q sink ) by the yearly operating hours (OH). 

c h = 

CF el − CF hs + TCI · CRF 

˙ Q sink · OH 

(3) 

2.6. Case study 

The present section aims at introducing the case study cho- 

sen to demonstrate the utilization of the coupled cycle-PHE anal- 

ysis procedure. The case was previously published in Zühlsdorf 

et al. (2019) , without considering detailed HEX design and mald- 

istribution effects in evaporators. Section 2.6.1 presents the choice 

of the working fluids and the heat pump boundary conditions. 

Sections 2.6.2 and 2.6.3 highlight the assumptions and crite- 

ria adopted for the cycle and PHEs design, respectively. Last, 

Section 2.6.4 describes the economic boundary conditions. 

2.6.1. Working fluids and boundary conditions 

The case study aims at integrating heat pumps in data centre 

facilities for excess heat recovery purposes, for supplying heat to a 

district heating (DH) network. Zühlsdorf et al. (2019) carried out a 

screening of working fluids, including both pure and mixed refrig- 

erants, aiming at maximizing the cycle COP. Table 4 reports four 

working fluids that were found among the most promising from 

both thermodynamic and economic standpoints, namely the two 

pure fluids butane and propane, and the two zeotropic mixtures 

propylene/butane and CO 2 /dimethyl ether (DME) at (0.5/0.5) and 

(0.2/0.8) mass compositions, respectively. The heat pump design 

parameters and resulting operating pressures, suction volume flow 

rate, COP and specific cost of heat are also reported in the table. 

Note, that the two zeotropic mixtures outperform both pure fluids 

with higher COP at a lower specific cost of heat. The working fluids 

to include in the present study were selected with the purpose of 

assessing the impact of maldistribution for a diverse range of re- 

frigerants, with different thermo-physical properties and operating 

pressures. 

2.6.2. Heat pump design 

The design parameters and assumptions are reported in Table 5 . 

The sizing was carried out by fixing the heat source side, since a 

nominal cooling load must be provided to the data centre and the 

heat released to the sink (DH network) was considered as a sub- 

sequent revenue. A minimum superheat was ensured at the evap- 

orator outlet, e.g. the temperature of the refrigerant was increased 

Table 5 

Assumptions and design parameters for the case study. 

Description Parameter Value Unit 

Evaporator 

Medium source water −
Pinch point temperature difference �T pinch 3 K 

Minimum superheat �T SH 5 K 

Design load ˙ Q 500 kW 

Condenser 

Medium sink water −
Pinch point temperature difference �T pinch 3 K 

Subcooling T ref,out T sink , in + �T pinch K 

Compressor 

Isentropic efficiency ηis 0.75 −
Motor efficiency ηmotor 0.95 −

of �T SH in order to avoid refrigerant liquid droplets at the com- 

pressor inlet. The subcooling was defined to reach the highest pos- 

sible COP by maximizing it and reaching the imposed pinch point 

temperature difference at the liquid outlet of the condenser. The 

compressor was assumed to have no heat losses to the environ- 

ment, and typical values of isentropic and motor efficiencies were 

considered. 

2.6.3. Heat exchangers design 

The PHE design for both evaporator and condenser was carried 

out by considering typical plate dimensions from commercial man- 

ufacturers ( ALFA LAVAL, 2018; SWEP International AB, 2015 ). The 

plate size and models are reported in Table 6 . Note that different 

plate geometries were assumed for the different working fluids, 

due to the large differences in required heat transfer area. Mixtures 

usually require a larger area and hence investment, due to the 

lower temperature differences in the HEXs and the degradation of 

heat transfer coefficients compared to pure fluids. Therefore, plates 

with the larger area were selected for both propylene/butane and 

CO 2 /DME for the evaporator and condenser side. For the evapora- 

tor, a plate size with a lower aspect ratio ( L p / W ) was chosen for the 

pure fluids, due to the larger sensitivity of butane to pressure drop. 

On the other hand, the two condenser sizes were chosen with sim- 

ilar length-to-width ratios. 

2.6.4. Economic boundary conditions 

As the design of the HEXs and compressor was fixed by the 

nominal heat pump conditions, the total capital investment of 

the heat pump was not affected by the off-design operation. The 

Table 6 

Evaporator and condenser plate geometry, input for the design models ( ALFA LAVAL, 2018; SWEP International AB, 2015 ). 

Working fluid Evaporator Condenser 

HEX model W , m L p , m L p / W , − HEX model W , m L p , m L p / W , −
Butane SWEP B633 0.537 0.593 1.1 SWEP V65 0.363 0.731 2.0 

Propane SWEP B633 0.537 0.593 1.1 SWEP V65 0.363 0.731 2.0 

Propylene/Butane (0.5/0.5) SWEP B649 0.537 0.995 1.9 AQ6-FG 0.650 1.390 2.1 

CO 2 /DME(0.2/0.8) SWEP B649 0.537 0.995 1.9 AQ6-FG 0.650 1.390 2.1 
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Table 7 

Economic boundary conditions for the case study ( Zühlsdorf et al., 2019 ). 

Description Parameter Value Unit 

Lifetime n hp 20 y 

Operating hours OH 80 0 0 h y −1 

Effective interest rate i eff 5 % 

Specific cost of electricity c el 120 € MWh −1 

Specific revenue of heat source c hs 0 € MWh −1 

Specific income per supplied heat c sink 40 € MWh −1 

assumptions and cost correlations used in order to estimate the 

TCI are described in Zühlsdorf et al. (2019) . 

The operating cost and revenue streams were on the other hand 

influenced by maldistribution. The different boundary conditions 

adopted for the calculations are reported in Table 7 . A fixed num- 

ber of yearly OH was assumed, since the heat pump was designed 

for waste heat recovery and the income from the supplied heat 

to the DH was considered as an additional benefit of the heat 

pump integration. The specific revenue from the heat source was 

assumed equal to zero. 

3. Results 

This section presents the results obtained by applying the simu- 

lation framework to the case study. Section 3.1 presents the results 

of the PHE sizing for both evaporator and condenser, as a basis for 

the subsequent off-design analysis. Section 3.2 presents the impact 

of the imposed maldistribution on the working fluid mass flow 

distribution and evaporator performance, while Section 3.3 ex- 

plains the impact on the thermodynamic cycle performance. Last, 

Section 3.4 reports the results of the economic analysis for one of 

the working fluids. 

3.1. Evaporator and condenser designs 

Table 8 shows the output of the design models. The total num- 

ber of channels and heat transfer area was estimated, which gives 

an indication of the size of the components for each case and re- 

frigerant. The effective heat flow rate, the mass flux, and the to- 

tal refrigerant pressure drop were additional outputs of the design 

process. These results are dependent on the plate base design that 

was chosen for the working fluids. Commercial plates from man- 

ufacturers were considered, hence the PHE design was not based 

on a full optimization of the geometry but it was in fact based 

on heuristics in accordance with typically accepted values of re- 

frigerant pressure drop. This approach resulted in designs with a 

different number of channels for the four refrigerants. A full opti- 

mization of the PHE geometry was considered as outside the scope 

of the present work. 

The evaporator design for the two pure fluids butane and 

propane led to refrigerant pressure drop within the usual 50 kPa 

limit adopted by commercial manufacturers ( SWEP International 

AB, 2015 ). Despite the evaporator for butane was designed with a 

mass flux ( G ref ) equal to around half of the case of propane, similar 

pressure drops were obtained for the two fluids. This constitutes a 

first indication of the higher sensitivity to pressure drop of butane, 

i.e. a higher degradation of the PHE performance due to pressure 

drop is expected even if no maldistribution effect is accounted for. 

This will be further explained in Section 3.2 . 

The two zeotropic mixtures led to opposite PHE designs, de- 

spite the same plate geometry was assumed in both cases. The 

design for propylene/butane entailed higher pressure drop (equal 

to 63.5 kPa) and a lower heat transfer area, whereas low pressure 

drop and bigger heat transfer area was obtained for the case of 

CO 2 /DME. This is likely to lead to different impact of maldistribu- 

tion for the two working fluids. 

It is noted, that the condenser pressure drop predicted using 

the correlation by Yan et al. (1999) is very low for all the work- 

ing fluids, and in the case of propane equal to -0.86 kPa. The de- 

sign of the condenser presented in this case study corresponds 

however to a case with a large refrigerant sub-cooling, equal to 

24.3 and 21.3 K at the design point for butane and propane, re- 

spectively, and 8.7 and 2.0 K for propylene/butane and CO 2 /DME. 

The large sub-cooling results in dominant contribution of gravity 

pressure drop, which in turn, for downward-flow condensers, neg- 

atively contributes to the total value (i.e. results in a pressure re- 

covery). Note that the dominant contribution of gravity pressure 

drop was obtained as a consequence of using the correlation by 

Yan et al. (1999) (due to the low values of friction factor), and the 

choice of other prediction methods might change the result. This 

point is further discussed in Section 4 . 

3.2. Impact on evaporator performance 

Fig. 6 shows the mass flow rate distribution of the refrigerant 

into the different channels of the evaporator. The different col- 

ors represent the degree of maldistribution imposed by the model. 

�x = 0 corresponds to a uniform vapour quality distribution, thus 

indicating the effect of end plates on the channel-to-channel mass 

flow distribution. �x = 0 . 25 corresponds instead to the most se- 

vere maldistribution imposed by the model, namely an absolute 

difference of vapour quality at the inlet of the outer-most channels 

of 0.25. The results are reported in terms of percentage deviation 

from the average mass flow rate, e.g. the mass flow rate in each 

channel if an equal distribution was attained. 

The trends were similar for both pure fluids and mixtures, with 

larger mass flow rates flowing in those channels with lower in- 

let vapour quality (see Fig. 5 ). The higher pressure drop entailed 

by the vapour phase leads to a reduction of the mass flow rate in 

those channels where complete evaporation is reached earlier, in 

order to equalize the pressure drops. Butane showed the largest 

sensitivity to maldistribution, with mass flow rate deviation of up 

to 50% for �x = 0 . 25 . The maximum deviation of the other work- 

ing fluids resulted to be similar, with maximum values around 20% 

to 30%. 

Fig. 7 reports the total refrigerant mass flow rate (a), the to- 

tal evaporator heat flow rate (b) and the total refrigerant pres- 

sure drop (c), as a function of the maldistribution parameter �x . 

In Fig. 7 (a) and (b), the values were normalized with respect to 

the design point, which were presented in Table 4 . The refrigerant 

Table 8 

Results of design model for evaporator and condenser. 

Working fluid Evaporator Condenser 

N ch,tot , − A ht , m 

2 ˙ Q , kW G ref , kg m 

−2 s −1 �p ref,tot , kPa N ch,tot , − A ht , m 

2 ˙ Q , kW G ref , kg m 

−2 s −1 �p ref,tot , kPa 

Butane 61 22.3 501 57.4 28.8 161 49.2 633 29.0 0.01 

Propane 39 14.3 502 100.8 34.0 210 65.8 638 23.2 -0.86 

Propylene/Butane (0.5/0.5) 33 20.8 501 91.2 63.5 51 55.3 603 47.6 2.32 

CO 2 /DME (0.2/0.8) 65 41.0 500 44.6 10.9 51 55.3 602 45.8 0.55 
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Fig. 6. Mass flow distribution of the refrigerant in the different evaporator channels, shown as percentage deviation from the average value. 

Fig. 7. Impact of maldistribution effects on (a) total refrigerant mass flow rate, (b) evaporator heat flow rate and (c) total refrigerant pressure drop. 

pressure drop in Fig. 7 (c) was instead plotted as absolute values 

in order to show the ranking of the working fluids. 

The dashed lines in Fig. 7 represent the results of an evapora- 

tor 1D performance model, where the flow was assumed to dis- 

tribute perfectly uniformly between the different channels. There- 

fore, the difference between the design value and the 1D perfor- 

mance model accounts for the real operation of the heat pump, in 

which pressure drops of both evaporator and condenser affect the 

operating conditions, i.e. pressure levels and mass flow rate, due to 

the imposed control parameters, which were set as a fixed super- 

heat, subcooling and compressor suction volume flow rate. On the 

other hand, the difference between the dashed line and the point 

marker at �x = 0 quantifies the effect of end plates. The third and 

fourth columns of Table 9 report these differences in terms of per- 

centage deviation for the evaporator heat flow rate. The trend out- 

lined by the point markers in Fig. 7 represent instead the effect of 
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Table 9 

Evaporator heat flow rate degradation due to effect of end plates and liquid/vapour maldistribution. 

Real operation End plates effect Liquid/vapour 

maldistribution 

Overall effect 

Working fluid ˙ Q eva , design , 

kW 

˙ Q eva , 1D , 

kW 

˙ Q 1D − ˙ Q design 

˙ Q design 

, 

% 

˙ Q �x=0 − ˙ Q 1D 

˙ Q 1D 

, 

% 

˙ Q �x=0 . 25 − ˙ Q �x=0 

˙ Q �x=0 

, 

% 

˙ Q �x=0 . 25 − ˙ Q 1D 

˙ Q 1D 

, 

% 

Butane 500 468 −6.7 −2.2 −8.5 −10.5 

Propane 500 488 −2.5 −1.4 −2.7 −4.1 

Propylene/Butane (0.5/0.5) 500 469 −6.7 −4.8 −2.4 −7.0 

CO 2 /DME (0.2/0.8) 500 496 −0.8 −3.5 −1.6 −5.1 

liquid/vapour maldistribution. The last two columns of Table 9 re- 

port the degradation of heat flow rate in the most severe case 

of maldistribution ( �x = 0 . 25 ), compared to the case of uniform 

vapour quality distribution ( �x = 0 ) and to the results of the 1D 

model, respectively. The former solely quantifies the effect of liq- 

uid/vapour maldistribution, i.e. the slope of the degradation, while 

the latter reports the overall degradation due to end plates and 

liquid/vapour non-uniformity effects altogether. 

Fig. 7 (a) shows that both pure fluids – butane and propane –

and the mixture propylene/butane report an evident decrease of 

the total mass flow rate with increasing �x , whereas the zeotropic 

mixture CO 2 /DME does not follow a clear trend. Moreover, the re- 

duction of mass flow rate in the case of operation with no mald- 

istribution (dotted line) was found to be very small (around 1%) 

for CO 2 /DME, slightly higher for propane (around 2.5%) and sim- 

ilar for butane and propylene/butane, around 8% to 9%. The im- 

pact of real system operation on the evaporator heat flow rate 

was analogous, as shown in Fig. 7 (b). Real operation is strongly 

dependent on the effect of refrigerant pressure drop (in both 

evaporator and condenser) on the cycle operating conditions, and 

Fig. 7 (c) shows that higher pressure drop resulted in higher degra- 

dation of the mass flow and evaporator heat flow rate. Butane was 

found to be the only exception, with pressure drop being the sec- 

ond lowest after CO 2 /DME, yet entailing a higher degradation of 

performance. 

Regarding the effect of end plates, propylene/butane resulted to 

be the fluid most influenced, with a deviation of 4.8%. CO 2 /DME 

follows with a deviation of 3.5%, while the two pure fluids report 

smaller degradations. This was already shown in Fig. 6 , where the 

mass flow distribution into the different channels was reported for 

the working fluids. It may be seen that the line corresponding to 

�x = 0 reports a lower deviation from the average mass flow rate 

for both butane and propane compared to the mixtures. The devia- 

tion increases then more sharply for both pure fluids with increas- 

ing �x = 0 , compared to the mixtures. Fig. 6 shows indeed that 

the end plates affect the mixtures to a higher extent than both 

pure fluids, which instead resulted to be more sensitive to vapour 

quality maldistribution. 

Liquid/vapour maldistribution in fact impacted butane to the 

largest extent, leading to an overall degradation of the heat flow 

rate of 10.5% compared to the performance estimated by the 1D 

model. Non-uniform quality distribution contributed with 8.5% 

degradation. Propane resulted to be the second most affected fluid 

with a degradation of 2.7%. This is also shown by the slope of 

the point markers in Fig. 7 (b), which is steeper for the two 

pure fluids. Despite the lower degradation due to vapour quality 

non-uniformity experienced by propylene/butane, equal to 2.4%, a 

high impact was found for end plates effects, leading to an over- 

all higher evaporator performance degradation of 7.0%. The mix- 

ture CO 2 /DME resulted to be only slightly affected by liquid/vapour 

maldistribution, with an overall degradation of 5.1% mostly due to 

end plates effect. 

The different sensitivity of the working fluids to real system 

operation, the effect of end plates and liquid/vapour maldistribu- 

tion can be related to the PHE design, as well as to the differ- 

ent working fluid properties. The refrigerant pressure drop trends 

are highlighted in Fig. 7 (c), with butane clearly showing an in- 

crease in pressure drop with increasing �x . Table 10 reports some 

relevant fluid thermo-physical properties, evaluated at the evap- 

orator design conditions. These were used to analyze any pos- 

sible correlations between maldistribution and fluid characteris- 

tics. Brignoli et al. (2017) discussed about the effect of refrigerant 

thermo-physical properties on two-phase heat transfer and pres- 

sure drop. The authors highlighted how high refrigerant vapour 

density impacts the total refrigerant pressure drop by lowering 

the saturation temperature decrease due to pressure drop. This is 

Fig. 8. Impact of maldistribution effects on (a) condenser heat flow rate, (b) compressor power and (c) heat pump COP. 
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Table 10 

Refrigerant saturation pressure and thermo-physical properties at evaporator design 

conditions. 

Working fluid p eva,design , T bubble , T dew , ρV , 
dT bubble 

dp 
, 

bar ◦C ◦C kg m 

−3 K kPa −1 

Butane 2.2 22.5 22.5 5.7 0.140 

Propane 8.8 22.0 22.0 19.1 0.044 

Propylene/Butane (0.5/0.5) 5.6 19.8 37.0 13.6 0.054 

CO 2 /DME (0.2/0.8) 9.7 11.2 34.9 20.1 0.033 

quantified by dT bubble / dp , which can be estimated using the Clapey- 

ron relation ( Moran et al., 2018 ). Table 10 shows that butane re- 

ports vapour density nearly one third lower than propylene/butane 

and one forth lower than both propane and CO 2 /DME. Moreover, 

dT bubble / dp for butane is one order of magnitude higher than for 

the other working fluids, which instead present similar values. This 

means that, despite the lower pressure drop related to the PHE de- 

sign for butane, the evaporator is more affected compared to the 

other fluids. This explains why butane reports the higher degra- 

dation of evaporator performance due to real system operation, as 

well as a higher sensitivity to vapour quality non-uniformities. 

3.3. Impact on cycle thermodynamic performance 

A degradation of evaporator performance due to maldistribu- 

tion effects influences the performance of the overall thermody- 

namic cycle. Fig. 8 shows the effect of the different rates of im- 

posed vapour quality non-uniformity on total condenser heat flow 

rate (a), on the power required by the compressor (b) and the COP 

(c), defining the heat pump thermodynamic performance. 

The condenser load estimated by the 1D performance model, 

thereby accounting for pressure drops of both evaporator and con- 

denser, was found to be lower than the design value for all work- 

ing fluids. Similarly to the evaporator case, the decrease for bu- 

tane and propylene/butane was found to be higher, around 5% vs. 

a decrease of around 1% to 2% for propane and nearly negligi- 

ble for CO 2 /DME. This was due to the higher sensitivity of bu- 

tane to pressure drop and the highest value of pressure drop for 

propylene/butane as already presented in the previous section. The 

end plate effects in the evaporator for both butane and propy- 

lene/butane translate into similar values of condenser load reduc- 

tion, yet the slope of butane was the steepest among all the work- 

ing fluids. This is consistent with the results presented in Table 9 , 

which showed butane being the most affected fluid regarding liq- 

uid/vapour maldistribution. CO 2 /DME does not follow a clearly de- 

creasing trend, similarly to what was found for the total refrigerant 

mass flow rate in Fig. 7 (a). 

The effect of maldistribution on the power required by the 

compressor in Fig. 8 (b) shows that propane, propylene/butane and 

CO 2 /DME were negligibly affected by maldistribution, while butane 

underwent a visible decrease (2% to 3%). This is due to the oppo- 

site effects of the mass flow reduction (shown in Fig. 7 (a)) and 

an increase of pressure ratio and reduction of isentropic efficiency 

during off-design operation. The mass flow rate reduction is the 

dominating effect for butane, thus entailing a lower compressor 

power, whereas the other working fluids resulted to have a coun- 

teracting effect from mass flow rate and pressure ratio/efficiency, 

thereby having nearly constant compressor power. 

The condensation heat flow rate reduction together with the 

different trends from the compressor power affected the resulting 

heat pump COP, shown in Fig. 8 (c). The percentage deviations are 

reported in Table 11 , similarly to the evaporator case, i.e. by esti- 

mating the effect of real operation, end plates and vapour quality 

non-uniformity separately and altogether. 

Fig. 9. Impact of maldistribution effects on the heat pump cycle for butane. 

The effect of maldistribution on COP follows the same trend as 

the condenser heat flow rate for propane, propylene/butane and 

CO 2 /DME, since the compressor power was not affected. The de- 

crease of condenser heat flow rate was found to be dominating 

over the reduction of power consumption for butane, thereby en- 

tailing a COP reduction. The effect of end plates was however re- 

duced compared to the evaporator, and the slope of the maldistri- 

bution rates (increasing �x ) is less steep. 

By comparing the last columns of Tables 9 and 11 , it may be 

observed that the PHE evaporator degradation was translated into 

a lower effect on the COP for all the working fluids, comparable to 

half of the evaporator degradation. The difference between the de- 

sign and 1D model was reduced, as well as the effect of end plates, 

compared to the evaporator performance degradation. The relative 

ranking of the fluids with respect to each other was maintained, 

hence butane experienced the largest reduction of COP equal to 

5.9%, followed by propylene/butane, CO 2 /DME and propane. 

The effect of maldistribution on the cycle thermodynamic 

performance is additionally presented in Fig. 9 by the log( p )- h 

diagram of the heat pump cycle at the design point compared 

to the different cases of maldistribution. Fig. 9 shows the case 

of butane, since it resulted as the most sensitive fluid to mald- 

istribution. The trends for the other refrigerants were found to 

be similar. In agreement with the results shown in Fig. 7 (c), in- 

creasing �x entails an increase of refrigerant pressure drop at 

the evaporator, as clearly shown by the evaporator outlet state 

point reported in the log(p)-h diagram. Fig. 9 shows that the cycle 

operation is significantly affected by the occurrence of maldistri- 

bution effects. 

3.4. Economic analysis 

The results of the economic analysis are presented solely for 

butane. The other working fluids showed similar trends yet with 

different magnitude of the impact. Moreover, the results of the 

economic analysis serve as a mere indication of the utilization of 

the simulation framework presented in this paper, since they are 

dependent on the assumptions made for the specific case study. 

The economic performance indicator introduced by Eq. (3) , 

namely the specific cost of heat, is shown in Fig. 10 (a), while the 

two different revenue and cost streams associated with the cho- 

sen case study are reported in Fig. 10 (b), for design case, the heat 

pump real operation and the different maldistribution rates. Since 

the heat pump was assumed to be operated for a fixed number 

of hours, the specific cost of heat was found to increase due to 

maldistribution effects. The heat load of the condenser (presented 

in Fig. 8 (a)) resulted to be decreasing with increasing �x , and had 
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Table 11 

COP degradation due to effect of end plates and liquid/vapour maldistribution. 

Real operation End plates effect 

Liquid/vapour 

maldistribution Overall effect 

Working fluid COP design , COP 1D , 
COP 1D − COP design 

COP design 

, 
COP �x=0 − COP 1D 

COP 1D 

, 
COP �x=0 . 25 − COP �x=0 

COP �x=0 

, 
COP �x=0 . 25 − COP 1D 

COP 1D 

, 

− − % % % % 

Butane 4.52 4.37 −3.4 −1.3 −4.7 −5.9 

Propane 4.40 4.32 −1.8 −0.7 −1.8 −2.5 

Propylene/Butane (0.5/0.5) 5.58 5.31 −4.8 −1.9 −1.8 −3.7 

CO 2 /DME (0.2/0.8) 5.63 5.59 −0.7 −2.5 −0.1 −2.6 

Fig. 10. (a) Specific cost of heat and (b) yearly cost and revenue streams as function of �x for butane. 

a dominating effect compared to the decrease in operating costs 

associated to the compressor. The heat source was considered to 

be free excess heat from a data centre, while the TCI was fixed 

in all the cases, hence constituting the heat sink and compressor 

costs to be the only influencing factors. Fig. 10 (b) shows the yearly 

electricity cost of the compressor compared to the revenue stream 

(which is not considered for the computation of c h ). The revenue 

stream was determined by the heat of the condenser, which was 

supplied to the DH network. In agreement with the increasing 

trend of the specific cost of heat, the revenue stream was found 

to decrease with a steeper slope compared to the compressor run- 

ning costs, thereby leading to an increase in the operation cost of 

the heat pump when maldistribution affects the operation of the 

evaporator. 

4. Discussion 

The results presented in this paper showed the application of 

a coupled PHE-cycle simulation framework, which can be used for 

system design and operation analysis when maldistribution occurs 

in PHE evaporators. The application of the procedure was demon- 

strated step-by-step for a case study and four different working 

fluids. 

The results showed a general degradation of the evaporator and 

cycle performance both due to the effects of end plates and liq- 

uid/vapour maldistribution. The differences between working fluids 

were presented in light of several aspects contributing to such dis- 

crepancies, namely PHE design, obtained pressure drop and fluid 

properties. 

The PHE design was carried out by fixing the plate geometry 

to typical dimensions available from suppliers, no numerical opti- 

mization was carried out for any working fluids and the designs 

were chosen to respect typical allowable limits for pressure drop. 

Since the pressure drop, which is strongly influenced by the geom- 

etry, was found to affect the refrigerant sensitivity to maldistribu- 

tion effects, the results should not be taken as a final ranking of 

the different refrigerants. The results were instead presented as a 

way to use the simulation framework and to understand the dif- 

ferent aspects to take into consideration during design and anal- 

ysis of both evaporator and cycle. For instance, by looking at the 

results for PHE design for the two mixtures propylene/butane and 

CO 2 /DME in Table 8 , it can be observed that opposite evaporator 

designs were obtained: propylene/butane resulted in a configura- 

tion with a low number of channels, thereby higher pressure drop 

and low heat transfer area, whereas for CO 2 /DME a higher plates 

number was employed, entailing higher heat transfer area and 

low pressure drop. It was therefore found that a lower evaporator 

investment could be required for propylene/butane. The maldis- 

tribution study showed however that propylene/butane, with this 

particular PHE design, experienced evaporator heat flow rate re- 

duction of up 7%, leading to a 3.7% decrease of the system COP. 

The design for CO 2 /DME was instead found to entail lower effects 

of maldistribution, leading to maximum 2.6% reduction of COP, al- 

most entirely due to end plates. This means that, case by case, the 

trade-off between pressure drop and area investment must be de- 

cided also taking maldistribution effects into account, since they 

may impact the evaporator and cycle performance considerably, 

depending on the PHE geometry and pressure drop limit chosen 

during the design phase. 

Moreover, the results of the study showed that the thermo- 

physical properties of the refrigerant are a relevant aspect to 

consider. Brignoli et al. (2017) already stressed the importance of 

taking fluid characteristics into account to discriminate when com- 

bined optimization of cycle and HEX design leads to an effective 

increase of the cycle thermodynamic performance. They showed 

how a higher margin of COP improvement was obtained for those 

fluids for which increasing mass fluxes entailed a higher increase 

of heat transfer coefficient compared to pressure drop. They ad- 
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ditionally discussed how some fluid properties, such as vapour 

density and refrigerant temperature drop due to pressure drop, 

were influencing the trends. Maldistribution is another aspect to 

consider, since non-favourable thermo-physical properties (like the 

ones showed for butane in Table 10 ) implied higher performance 

degradation due to such effects. Choosing a PHE design leading to 

a lower impact of both end plates and liquid/vapour maldistribu- 

tion is therefore particularly relevant for fluids with higher pres- 

sure drop sensitivity. For example optimizing the PHE design for 

butane in the chosen case study, would likely lead to higher ben- 

efits in terms of performance improvement compared to the other 

working fluids. This must also be considered when choosing empir- 

ical design criteria to size PHE, e.g. limiting velocities or pressure 

drop. Mancini et al. (2018c) showed how the usually employed de- 

sign approaches do not necessarily lead to an optimal design for 

different working fluids, since different refrigerants are differently 

sensitive to pressure drop. This is in agreement with the findings 

of this work, which further stresses the importance of understand- 

ing maldistribution effects and of discriminating if it is relevant to 

consider them or to optimize the PHE design. 

It is relevant to mention that the application of the simulation 

framework consisted of an economic analysis to study the effect 

of maldistribution on the operating costs of the heat pump. The 

results are strongly dependent on the assumption of this particu- 

lar case study, especially regarding the values chosen for electric- 

ity cost and revenue from selling heat. Moreover, it was consid- 

ered that the heat source comes at no cost from internal excess 

heat recovery from the data centre. These assumptions might com- 

pletely change for different applications of heat pump integration, 

thereby stressing again that the economic analysis must be solely 

taken as an explanatory example of the procedure presented in the 

paper. 

This study was focused on maldistribution effects in PHE evapo- 

rators only, thus neglecting potential maldistribution issues related 

to condenser design. Specifically, no liquid/vapour non-uniform 

distribution can occur at the condenser inlet, since the refriger- 

ant is superheated vapour, hence only the effect of end plates 

may potentially be considered. Previous study by Zühlsdorf et al. 

(2018a) showed however that evaporator design affects the perfor- 

mance of heat pumps using mixed refrigerant to a larger extent 

compared to the condenser, and it was thus decided to limit the 

focus of this study on evaporator performance only. 

Note that liquid/vapour maldistribution was evaluated by car- 

rying out a sensitivity study on different slopes of vapour qual- 

ity variation at the channel inlets. This was based on the assump- 

tion of linear vapour quality profiles, as experimentally shown for 

tubular manifolds for compact HEXs in Vist and Pettersen (2004) . 

Moreover, a maximum variation of 0.25 was imposed as input to 

the model. Further experiments should therefore be carried out in 

order to validate the linear assumptions, as well as the slope of 

the distribution. Both evaporator and heat pump COP resulted to 

be largely affected, by limiting the maximum difference of the in- 

let vapour quality to 0.25, with maximum deviations due to liq- 

uid/vapour maldistribution obtained for butane of -8.5% and 4.7%, 

respectively. For a higher degree of maldistribution, it is thus ex- 

pected to obtain even larger degradation of both PHE and heat 

pump performance. 

Though not the focus of the present study, it is important to 

point out one aspect of condenser design and pressure drop pre- 

diction. The results of Table 8 showed that the frictional pressure 

drop evaluated using the Yan et al. (1999) correlation resulted in 

very low values of the frictional contribution. This led, for the case 

of propane, to have a dominant effect of gravity pressure recovery. 

However, it is again stressed that the conclusion on the dominat- 

ing effect of gravity pressure recovery is strictly related to the cho- 

sen prediction method for frictional pressure drop, and using cor- 

relations recently published by Tao and Ferreira (2019) or Zhang 

et al. (2019) could lead to opposite results. However, Mancini et al. 

(2019) showed that the influence of condenser pressure drop is not 

relevant for the heat pump COP of the same case study and fluids 

considered in the present paper. The results on evaporator mald- 

istribution effects presented in this paper are thus not sensitive 

to the chosen prediction method and to the resulting condenser 

design. 

5. Conclusions 

A coupled PHE-heat pump modelling framework was developed 

to evaluate the impact of end plates and liquid/vapour maldis- 

tribution at the inlet of PHE evaporators on heat transfer perfor- 

mance, heat pump COP and costs. A maldistribution parameter �x 

was defined to describe the vapour quality difference between the 

outer-most evaporator channels. The procedure was applied to a 

case study, for which the pure fluids butane and propane and the 

two zeotropic mixtures propylene/butane and CO 2 /DME were pre- 

viously found as optimal working fluids. 

A general reduction of the evaporator heat flow rate was ob- 

tained as a result of end plate effects. Propylene/butane was found 

as the working fluid that was most sensitive to end plates, with a 

4.8% reduction of evaporator heat flow rate, followed by CO 2 /DME 

and the two pure fluids. Butane was instead most sensitive to liq- 

uid/vapour maldistribution, with an impact equal to -8.5%, leading 

to an overall evaporator performance reduction of -10.5%. The high 

sensitivity was found to be related to the PHE design, and espe- 

cially to the low working fluid vapour density, the higher temper- 

ature drop due to pressure drop and low evaporation pressure. 

The impact of maldistribution effects was also translated into 

an estimation of COP degradation. The relative ranking of the 

working fluids was shown to be similar to the ones for the evap- 

orator, i.e. with butane as the most sensitive fluid, with -5.9% 

due to end plates and vapour quality non-uniformity effects alto- 

gether and propane the least affected (-2.5%). The reduction of COP 

was lower compared to the evaporator performance degradation, 

around half of the value of all the working fluids. 

The economic analysis showed the impact of COP reduction on 

the specific cost of heat, compressor running costs and revenue 

from the heat sink. It was shown that, despite a decrease in the 

electricity needed to run the compressor during off-design oper- 

ation due to maldistribution, a lower yearly production of energy 

was achieved for a fixed number of operating hours. Therefore, an 

increase of the cost of heat was obtained, together with a steep 

drop in the revenue from selling the heat to the DH network. The 

economic analysis was highly dependent on the case study and re- 

lated assumptions. 

The results showed that both end plates and liquid/vapour 

maldistribution can have a considerable effect on evaporator and 

cycle performance, depending on the working fluid, PHE design, 

and case study. The presented simulation framework can be used 

as a comprehensive analysis tool to evaluate the impact on differ- 

ent PHE designs, with different rates of imposed maldistribution, 

on the thermodynamic and economic feasibility of heat pumps and 

to compare different refrigerants. 
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Abstract: 

The present work derives design recommendations for plate heat exchangers used for 
evaporation of zeotropic mixtures in heat pumps. A parametric study is conducted on the 
geometry of the heat exchanger, and the analysis is carried out for four working fluids, based on 
a case study of heat pump integration in a spray drying facility. A numerical model of the 
evaporator is combined with cycle calculations, for estimating the impact of heat transfer area and 
pressure drop on the coefficient of performance and costs. Common trends are obtained as 
optimal configurations for the four considered fluids. It is recommended to minimize the hydraulic 
diameter by employing high corrugation height over low corrugation pitch. Moreover, an optimal 
range is found for the liquid Reynolds number at the evaporator inlet. The suggested values vary 
between 500 and 2000, depending on the fluid. Lastly, the trade-off between minimization of area 
and pressure drop is found by assessing the relative impact on costs of the heat exchanger area 
and pressure losses of both working fluid and heat source. The result shows that it is not always 
convenient to minimize the heat transfer area, since the mixture pressure drop negatively 
influences compressor investment and operating costs. 

Keywords: 

Plate heat exchangers, Waste heat recovery, Zeotropic mixtures, Heat pumps, Cost optimization. 

1. Introduction 
Implementation of energy efficiency measures in the industry sector is becoming imperative due to 

the increasing awareness of the environmental effects of fossil fuel consumption. The total energy 

consumption of the Danish industry sector accounted for 112 PJ in 2012. Drying processes alone 

constituted 19% of the consumption. Moreover, drying processes are a relevant source of waste heat, 

specifically around 7% of the total industrial waste heat [1]. Waste heat recovery is accordingly one 

suitable opportunity for increasing energy efficiency of drying processes. One possibility of 

recovering low grade thermal energy is the integration of heat pumps, which are able to lift the 

temperature level of the waste heat, in order to meet the energy needs of many industrial sectors [2].  

Zeotropic mixtures constitute one possibility of optimizing the heat pump coefficient of performance 

(COP) by reducing the irreversibility in the heat exchangers. In fact, the exergy destruction in the 

evaporator and condenser due to finite temperature difference between the working fluid and the heat 

source or sink can be reduced by matching the mixture temperature glide with the heat source or heat 

sink temperature profiles [3]. 

However, the use of zeotropic mixtures implies a degradation of the heat transfer coefficient during 

both evaporation and condensation. During flow boiling in the heat exchanger channels, an additional 

mass diffusion resistance is created because of the more readily evaporation of the more volatile 

component. This phenomenon correspondingly entails an increase of the saturation temperature of 

the mixture, which becomes richer in the less volatile component. Moreover, a decrease of the 

nucleate boiling contribution is estimated, together with a degradation of the mixture transport 

properties with respect to pure components. Altogether, the aforementioned mechanisms lead to 



2 

 

worse heat transfer for zeotropic mixtures compared to pure fluids [4]. For this reason, when 

optimizing cycle performances by means of zeotropic working fluid mixtures, it is of high relevance 

to optimize the design of the heat transfer equipment, in order to avoid investing in higher heat transfer 

areas for the heat exchangers.  

Plate Heat Exchangers (PHEs) offer a suitable solution for applications with zeotropic working fluid 

mixtures, since it is possible to achieve high heat transfer coefficients due to the flow turbulence 

generated by the characteristic plate corrugation patterns. Chevron-type plates are commonly 

employed to create such corrugations. Moreover, PHEs offer a modular and flexible solution, i.e. 

variation of thermal capacity can be simply obtained by changing the number of plates in the frame. 

Plate heat exchangers consist of thin parallel plates stacked together in order to form channels for 

fluid flow. Gasketed-type PHE consist of plates sealed by gaskets and held together by a frame. For 

higher operating temperature and pressure, the plates can be sealed together by brazing. The flow can 

be arranged in counter-current, thus making them a viable option to achieve the glide matching 

between zeotropic mixture and heat source or sink. At current state-of-the-art, the operability limits 

of gasketed-type PHEs is limited to 20.4 bar and 150°C as maximum pressure and temperature, 

respectively, hence offering a reasonable range for operation as evaporators in heat pumps [5]. 

Scientific literature provides a number of studies focusing on PHE design optimization for low 

temperature applications, most of them for  organic Rankine cycles (ORCs). Gut and Pinto (2004) [6] 

developed an optimization program to determine the optimal configuration of PHEs for a given 

imposed maximum pressure drop and inlet fluid flow velocity; the optimization was based on the 

minimization of the heat transfer area. The work did not take an optimal choice of the pressure and 

velocity limitations for different applications into account, and did not consider the impact of the PHE 

on the thermodynamic cycle. Karellas et al. (2012) [7] investigated the influence of supercritical ORC 

parameters on PHE design. The study fixed the corrugation geometry and hydraulic diameter of the 

evaporator for the analysis, and assessed the difference of required heat transfer area for different 

fluids and cycle parameters, yet without considering pressure drops. Wang et al. (2013) [8] performed 

a multi-objective optimization procedure with the aim of minimizing heat transfer area and pressure 

losses of a PHE condenser in an ORC. The results showed the sensitivity of three design parameters 

of the PHE, namely plate length, width and corrugation height, on the heat exchanger area and 

pressure drop.  Rohmah et al. (2014) [9] investigated the influence of plate spacing on condenser 

design for a ORC. It was shown that increasing the plate spacing led to an increase of the required 

area but a decrease of related pressure drop. Walraven et al. (2014) [10] developed a combined 

optimization procedure of a low temperature heat source ORC and heat exchangers, considering both 

PHE and shell and tube configurations. The optimization was aimed at maximizing the cycle exergy 

efficiency by changing both cycle and heat exchanger design parameters. The results showed that 

optimal PHE configurations performed better than shell and tube for most working fluids.  

The main objective of the present work is to derive design recommendations for PHEs used as 

evaporator in heat pumps using zeotropic mixtures. The methodology is based on assessing the impact 

of the PHE design parameters on the cycle COP and Net Present Value (NPV). The analysis is based 

on four different working fluid mixtures, found as the best solutions for heat pump integration in a 

spray drying facility in [3]. The study focuses on the evaporator section of the PHE because the 

evaporator outlet condition is directly affecting the compressor work in the cycle. In order to carry 

out the analysis, a design model is developed to assess the required heat transfer area and resulting 

pressure losses for the working fluid and the heat source. The heat exchanger design model is coupled 

with heat pump calculations and the pressure drops are taken into account for the estimation of the 

COP and NPV of the cycle. The results are analysed in order to derive more general design guidelines 

for the evaporator section, which can be used in similar applications. 

The framework of the analysis is given by a previously conducted study [3], assessing the integration 

of high temperature heat pumps in a spray drying facility, exploiting excess heat at 65°C for pre-

heating of air up to 120°C. The advantage of using zeotropic mixtures was demonstrated by 

comparing the COP and NPV of a simple configuration of a vapor compression heat pump, in which 
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the working fluid was varied based on binary mixtures formed by combinations of six different 

hydrocarbons. It was shown that the best fluids corresponded to the ones better matching the heat 

sink and source temperature profiles, and a group of optimal mixtures was found. The sizing of the 

PHEs for economic calculations was based on a minimum pinch point temperature difference and 

maximum allowable velocities for liquid and gas phases, based on limiting values found in literature 

[11], and posing a constraint on the free flow area of the fluids in both evaporator and condenser. 

This criterion is based on empirical experience from manufacturers and the extension to other type of 

applications (e.g. phase change and/or zeotropic mixtures) is not trivial. Therefore, the derivation of 

specific design criteria for PHE design in such applications is the research question behind this work.  

2. Methods 
In order to derive design guidelines, a parametric study was conducted on the geometry of the PHE, 

used in the evaporator. For the assessment of the impact of the heat exchanger design on the cycle 

COP and NPV, a detailed numerical model of the heat exchanger was built  and integrated with the 

previously presented heat pump model [3] in the Matlab [12] simulation environment. The working 

fluid properties were calculated by means of the database Refprop [13], using standard equation of 

states and mixing parameters.  

Four different analyses were done to highlight common design trends of geometrical and fluid flow 

parameters, based on the four best working fluids found from the previous study [3]. Table 1 presents 

the evaporation pressure of the four cases, well below the maximum operability limit, showing that 

PHEs constitute a feasible design for all the cases. The working fluids are given by the four 

hydrocarbon mixtures reported in Table 1 with relative compositions. The heat pump was designed 

for waste heat recovery of air, with an available mass flow rate of 14.8 kg/s and inlet and outlet 

temperatures of 65°C and 40°C, resulting in a heat source capacity of 1544 kW. A minimum pinch 

temperature difference of 10°C was imposed over the heat exchanger. For all the cases, a minimum 

super-heating of 5°C before the compressor is included in the evaporator.  

Table 1. Summary of the four cases considered in the analysis, with required evaporation pressure 

and results obtained from the study [3] 

Case Working fluid pev,  bar V̇compin
,m3/h COP, - NPV, € 103 

I Propane – Iso-Pentane (0.5/0.5) 4.9 2220 3.08 921 

II Propane – n-Pentane (0.8/0.2) 8.4 1487 3.04 998 

III Propane – n-Pentane (0.4/0.6) 3.0 3288 3.02 419 

IV Butane – Hexane (0.9/0.1) 2.5 3668 3.07 509 

2.1. Plate Heat Exchanger parametric analysis 

The geometrical parameters of PHEs were given by the plate size, namely width 𝑊 and length 𝐿th, 

the number of channels 𝑁ch and the corrugation characteristics, i.e. the corrugation height 𝑏, the 

corrugation pitch 𝛬, the chevron angle 𝛽 and the plate thickness 𝑡. The plate thickness 𝑡 was fixed to 

a constant value usually found in common PHE design, minimizing the conductive heat transfer 

resistance and providing acceptable mechanical strength. The port diameter size 𝐷𝑝was chosen 

between two values, depending on the plate size 𝑊.  Fig. 1 shows the plate geometry and 

corrugations. The corrugation parameters determine the hydraulic diameter of the PHE channels, 

hence defining the fluid conditions during the flow inside the channels. The hydraulic diameter was 

estimated by (1), describing the relation between corrugation height 𝑏 and enlargement factor Φ. The 

latter represents the ratio between the actual area of the corrugated plate and the projected flat plate 

area, and it is expressed by (2) as function of the corrugation pitch and height [14]. 

𝐷ℎ =
2𝑏

𝛷
 (1)  
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𝛷 =
1

6
(1 + √1 + (

𝜋𝑏

𝛬
)
2

+√1 +
1

2
(
𝜋𝑏

𝛬
)
2

 )   (2)  

The design parameters were varied among the values reported in Table 2, investigating all possible 

combinations. The plate length, shown as 𝐿th in Fig. 1, was calculated from the input geometry by 

means of the design model in order to match the heat transfer demand.  

Table 2. Geometrical parameters of the PHE, 

with values considered in the parametric 

analysis 

Parameter Unit  Values 

𝑊 m 0.1 – 0.3 – 0.5 – 0.7 – 0.9  

𝑁ch - 10 – 20 – 40 – 70 – 100   

𝛽 ° 20 – 45 – 60 – 80  

𝑏 mm 2 – 5 – 8  

𝛬 mm 2 – 5 – 8  

𝑡 mm 0.5 

𝐷𝑝 m 0.05 – 0.15  
 

 

Fig. 1. Schematic view of a chevron-type PHE [15] 

2.2. Mathematical model 

In this section, the different parts of the numerical design model are presented and discussed, i.e. the 

heat transfer and fluid flow model describing the heat exchanger and the integration with the heat 

pump model, including economic calculations of the cycle. 

2.2.1. Plate heat exchanger numerical model 

The numerical model of the PHE was based on a one-dimensional discretization along the flow 

direction. The discretization took into consideration equidistant steps of enthalpy rate change for both 

the fluids. The heat transfer and fluid flow conditions were solved for each control volume (CV), 

hence heat transfer area and pressure drops were calculated for each element. The temperatures for 

heat transfer calculations were estimated at the CV centre points, interpolating the values between 

the nodes. Pressures and enthalpies were calculated at the nodes. The input to the PHE model were 

given by the cycle calculations, i.e. known inlet mass flow and thermodynamics for the two fluids, as 

well as outlet enthalpies. The model calculated the outlet temperature and pressure levels.  

The heat transfer was solved by calculating the overall heat transfer coefficient in each CV [14], 

expressed by (3), with 𝑅𝑤𝑎𝑙𝑙
𝑖  representing the specific conductive resistance of the plate wall, and  

ℎ𝑚𝑖𝑥
𝑖  and ℎ𝑤

𝑖  representing the heat transfer coefficients of the mixture and water for the i-th CV. 

𝑈𝑖 = (
1

ℎ𝑚𝑖𝑥
𝑖

+ 𝑅𝑤𝑎𝑙𝑙
𝑖 +

1

ℎ𝑤
𝑖
)

−1

 (3)  

The heat transfer coefficients were calculated for each control volume, since they were dependent on 

the fluid properties, temperature and specific heat flux. The water side heat transfer coefficient was 

modelled by using the correlation of Martin (1996) [16], which is valid for PHEs with chevron-type  

corrugations and allows the estimation of the friction factor and Nusselt number for single-phase 

flow. The mixture heat transfer coefficient was estimated according to the CV location in the PHE; 

more specifically, if the fluid was in the evaporator section, a specific correlation developed for 

zeotropic mixtures was employed in order to consider the mixture effects on heat transfer. The 

correlation of Jung (1989) [17] was chosen for the analysis, based on a superposition model with two 

contributions from convective and nucleate boiling, and correction parameters taking into 
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consideration the deviation from ideal mixing. The super-heating section was modelled by 

considering the same correlation used for water, being the working fluid in the single-phase region.  

The fluid flow was modelled by calculating the pressure level at each node of the CVs. The pressure 

drop along the channel derives from both friction and acceleration contributions. The pressure drop 

of the water flow and of the mixture flow in the super-heating section were calculated by considering 

the contributions of friction and acceleration, by using (4) [14], where the friction factor 𝑓 derives 

from Martin (1996) [16]. The losses are expressed as function of the length of the CV, the fluid 

properties, mass velocity 𝐺 and equivalent diameter 𝐷𝑒, equal to 2𝑏.  

Δ𝑝core = Δ𝑝fr + Δ𝑝acc = 4𝑓Δ𝐿
𝐺2

2𝐷𝑒
(
1

𝜌
)
𝑚

+ (
1

𝜌𝑜
−
1

𝜌𝑖
)𝐺2  (4)  

The frictional and acceleration pressure losses for the two-phase region of the zeotropic mixture were 

calculated by means of the Jung and Radermacher (1989) [18] correlation for the frictional 

contribution, while the Martinelli and Nelson (1984) [4] two-phase slip flow model was adopted to 

account for the acceleration term. In addition to the core pressure drop, another term was added to 

the heat source pressure drop: the port pressure drop of the PHE inlet was considered, since it has an 

impact on the overall pumping costs for the water side. On the other hand, it was decided to neglect 

the port pressure drop of the evaporator inlet for the mixture, since the throttling valve will implicitly 

balance the effect. The port pressure drop was calculated as reported in Shah (2002) [14]. 

The sizing procedure can be outlined as follow. First, the thermodynamics at each node of the heat 

exchanger was determined by assuming constant pressure over the length. The energy balance in each 

CV allowed the calculation of the UA value. The discretized area required for the heat transfer in 

each control volume was estimated by calculating the overall heat transfer coefficient U, as shown in 

(3). Once that the required length was determined from the area, the pressure drop of both fluids was 

determined and to the values of temperature and pressure at each node of the heat exchanger were 

found. The procedure of the PHE model is summarized in Fig. 2 (a). The convergence criterion was 

defined by a tolerance fixed to 10−4. For the parametric analysis, a number of 20 control volumes 

and 21 nodes was used, chosen as a trade-off between computational cost and accuracy.  

2.2.1.1. Analysis of flow parameters 

When considering flow boiling of zeotropic mixtures, several parameters can be taken into account 

for a full description of the flow mechanism. Both vapour and liquid phases flow inside a channel, 

and the vapour and liquid mass flows and velocities strongly depend on the stage of the evaporation 

process. Moreover, the liquid and vapour phase compositions are not constant during evaporation of 

mixtures, because of the more volatile component evaporating first, hence a strong variation of the 

mixture properties was experienced during the process [4]. Despite the complexity of the physics, 

there is the need to choose a meaningful design parameter, which encapsulates information on the 

fluid, and on the conditions of the flow at some relevant positon along the PHE. Therefore, it was 

decided to analyse the influence of the Reynolds number of the liquid phase at the inlet of the 

evaporator. The parameter is defined by (5) [4], as function of the mass velocity 𝐺, vapor quality 𝑄, 

channel hydraylic diameter 𝐷ℎ and viscosity of the liquid phase 𝜇𝐿.  

The mass velocity G was given by (6) [14], as function of the mass flow of the mixture and of the 

PHE geometrical parameters determining the free flow area , namely corrugation height 𝑏, plate width 

𝑊 and number of channels 𝑁𝑐ℎ.  

Re𝐿 =
𝐺 (1 − 𝑄) 𝐷ℎ

𝜇𝐿
  (5)  

𝐺 =  
�̇�mix
𝑏𝑊𝑁ch

  (6)  
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The mass flux contains information on the fluid, as well as on the geometry of the PHE, i.e. hydraulic 

diameter, corrugation height, width and number of channels are considered for the calculation. 

Moreover Re𝐿 was used for the estimation of the heat transfer coefficient in the correlations for flow 

boiling of zeotropic mixtures, hence its value was directly affecting the sizing of the PHE. 

Additionally, it was decided to analyse the behaviour of the Reynolds number at the location of 

evaporator inlet, because the inlet temperature and pressure are less affected by the pressure losses 

compared to the evaporator outlet. In fact, the inlet quality and viscosity were dependent only on the 

cycle configuration (state point at the evaporator inlet), and the design of the heat exchanger directly 

influenced the flow conditions at this position. 

2.2.2. Heat pump model and economic calculations 

Fig. 2 (b) reports the procedure of the integration of the heat pump model with the PHE model. The 

procedure was carried for all the combinations of PHE design parameters and the four different 

working fluid mixtures. The heat pump was first solved for the calculation of the inlet and outlet 

states at the evaporator. Next, the PHE model solved the heat transfer and fluid flow equation, while 

determining the heat transfer area. This procedure was repeated for all the combinations of design 

parameters, each giving different required heat transfer areas and different outlet pressure and 

temperature (corrected by the pressure drop).  The heat pump model received the output of the PHE 

model, and calculated the COP and the NPV again, by taking into account the updated temperature 

and pressure at the evaporator outlet. The COP was affected by the change in compressor power as 

function of the mixture pressure drop. On the other hand, different aspects of the PHE design 

 

(a) (b) 

Fig. 2. a) Procedure for PHE sizing and b) integration with the heat pump and overall methodology 
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influenced the value of the NPV of the heat pump. The NPV was calculated by (7) [3], as function of 

the Total Capital Cost (TCI), Operation and Maintenance Cost (OMC), the Fuel Cost (𝐹𝐶ℎ𝑝) due to 

the compressor, the required water pumping cost (𝐹𝐶𝑤), as well as the natural gas saving 𝐹𝐶𝑛𝑔.   

𝑁𝑃𝑉 = −𝑇𝐶𝐼 − 𝑂𝑀𝐶 −
𝐹𝐶ℎ𝑝

𝐶𝑅𝐹
−
𝐹𝐶𝑤
𝐶𝑅𝐹

+
𝐹𝐶𝑛𝑔

𝐶𝑅𝐹
  (7)  

OMC and 𝐹𝑛𝑔 are calculated as explained in [3], while the other contributions are adjusted according 

to the PHE model outputs. TCI accounts for the investment of condenser, compressor and evaporator. 

The latter was estimated using the sizing of the heat transfer area from the PHE model, while the 

condenser heat transfer area was fixed according to the design criterion applied in [3]. The TCI of 

each component was calculated from the Purchased Equipment Cost (PEC), scaled according to the 

component size with scaling factors reported by [19]. The TCI was increased by a factor 4.16 

compared to the PEC, to account for the investment of the expansion of an existing facility, as 

reported in [19]. Since the compressor power was adjusted according to the PHE design, the 

investment cost varies accordingly. The running cost of the compressor, given by 𝐹𝐶ℎ𝑝, was adapted 

to the updated compressor power. The addition of the fuel cost term for the pressure losses of the heat 

source (water) side, is calculated by using (8), as function of the water mass flow rate �̇�𝑤, water 

density 𝜌𝑤, total water pressure drops Δ𝑝𝑤𝑡𝑜𝑡 ,a pump efficiency 𝜂𝑝𝑢𝑚𝑝 equal to 95%, the electricity 

cost 𝑐𝑒𝑙 assumed equal to 0.0783 €/kWh and annual operation hours 𝜏ℎ equal to 7400 h/y.  

𝐹𝐶𝑤 =
�̇�𝑤
𝜌𝑤

𝛥𝑝𝑤𝑡𝑜𝑡
𝜂𝑝𝑢𝑚𝑝

𝑐𝑒𝑙𝜏ℎ  (8)  

The interest and inflation rates were assumed equal to 7% and 2%, respectively, and then used for the 

estimation of the Capital Recovery Factor (CRF), with a plant economic lifetime of 20 years [19] 

[20]. The annual Operation and Maintenance Cost (OMC) were analogously to [3] calculated as a 

one-time fixed share of the initial investment cost of 20 % at the investment time, and the saving of 

natural gas consumption (𝐹ng) was calculated by considering a boiler efficiency of 90 % [19] [20] . 

The reader is referred to [3] for more details on how the heat pump model is built. Fig. 3 (a) shows 

the flow sheet of the heat pump model, with evaporator and condenser, and the processes occurring 

in the components. Fig. 3 (b) shows the log(p)-h diagram of the heat pump with and without pressure 

drops in the evaporator. It can be noticed how the outlet of the evaporator is affected by the pressure 

losses, thus changing the compressor power required. The pressure drop influences also the 

evaporator inlet location in the diagram, but to a lower extent compared to the outlet. 

 

(a) (b) 

Fig. 3. (a) Flow sheet of the heat pump model and (b) log(p)-h diagram of the thermodynamic 

cycle without pressure drop (blue) and with 50 kPa pressure drop in the evaporator (light blue) 
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3. Results 

3.1. Heat transfer area and pressure drop trade-off 

Fig. 4 shows the NPV of the heat pump as function of the heat transfer area of the evaporator, for all 

the combinations of design parameters and for all the four zeotropic mixtures. Each point in the figure 

corresponds to one possible combination of the different design parameters. The colour scale 

represents the total pressure drop of the working fluid mixture. First, all the four cases considered 

reported similar trends on how the area and the pressure losses affect the performance of the system. 

By having high heat transfer area, the NPV decreased consistently because of the higher investment 

costs of the PHE. On the other hand, high pressure losses negatively affected the NPV even for those 

configurations with minimal PHE area.  

This result highlights the importance of including the impact of pressure losses when assessing the 

profitability of the heat pump, since the impact on the NPV was relevant for all the cases.  The optimal 

   

  
(a) Case I: Propane – Isopentane 0.5/0.5 (b) Case II:  Propane – n-Pentane 0.8/0.2 

  

(c) Case III:  Propane – n-Pentane 0.4/0.6 (d)  Case IV:   n-Butane – n-Hexane  0.9/0.1 

Fig. 4. NPV vs. PHE area, for Case I (a), Case II(b), Case III(c) and Case IV(d), with colour 

indicating the mixture pressure drop and red point showing the design criterion adopted in [3].  
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regions corresponded to combinations of design criteria giving small heat transfer area (hence low 

investment cost) together with reasonable pressure losses of the working fluid mixture. Values of 

pressure losses between 5 kPa and 30 kPa were optimal for all the four cases, as shown by the colour 

of the design points where NPV is maximal. Moreover, the red points in Fig. 4 indicate the design 

criterion adopted in the previous analysis of the case study [3]. As aforementioned, the design was 

based on posing a limitation on the inlet velocities of cold and hot fluids, not specifically derived for 

evaporation of zeotropic mixtures. It is shown that the economic optima did not coincide with the old 

design criterion, since a better NPV can be obtained by changing the design parameters in all the 

cases. The red point does not lie in the same design curve of the present analysis, since the reduction 

of required heat transfer area due to the pressure drop was not considered in the previous study [3]. 

The relative ranking of the four working fluid mixtures with respect to NPV was unchanged compared 

to the previous results [3], with Case I and Case II showing results with a more advantageous 

economy, i.e. NPV around the double for the optimal regions in both cases. Therefore, the PHE design 

does not affect the choice of the optimal mixture for this specific case study of heat pump integration. 

The following step of the results analysis consists in the identification of design and flow parameters 

describing the PHE in the optimal region. In order to do this, the relation between heat transfer area 

and NPV is presented as function of the main design parameters, so that the identified optimal region 

can be related to optimal values of the geometry and flow parameters of the heat exchanger.  

3.2. Influence of the corrugation geometry 

The corrugation height 𝑏, the corrugation pitch 𝛬 and the chevron angle 𝛽 are the geometrical 

parameters of the chevron-type PHE defining the type of corrugation used, influencing the flow 

condition inside the channels. The corrugation pitch and height define both the hydraulic diameter, 

used for heat transfer and pressure drop correlations, and a characteristic corrugation parameter 𝑋, 

defined as 𝑏𝜋/𝛬. The corrugation parameter 𝑋 is directly related to the estimation of 𝛷, i.e. the ratio 

of the actual area over the projected flat area, introduced by (2). Fig. 5 represents the NPV and the 

heat transfer area 𝐴ℎ𝑡 for Case I. In Fig. 5(a) the colours indicate the hydraulic diameter of the 

channels, while in Fig. 5(b) the corrugation characteristic 𝑋 is shown. It can be seen that it was optimal 

to employ corrugations leading to low hydraulic diameters, since a higher degree of turbulence was 

reached and heat transfer was enhanced. However, the best configurations were the ones for which 

the corrugation parameter 𝑋 was very high. This means that it was preferred to achieve such small 

hydraulic diameter by manufacturing corrugation with high values of the corrugation height 𝑏 and 

low values of the corrugation pitch 𝛬. From the analysis, it was shown that such configurations were 

the ones enhancing heat transfer without impacting negatively on the pressure losses. Therefore, it 

was concluded that all the optimal points in the figure were the ones corresponding to 𝑋 above 10, 

  

(a) (b) 

Fig. 5. NPV as function of the heat transfer area, with colour indicating the magnitude of the 

hydraulic diameter (a) and the corrugation characteristic X (b). The results refer to Case I. 
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hence with 𝑏 close to the value of 8 mm and 𝛬 to the minimum value set as 2 mm. Analogous trends 

were observed for Cases II, III and IV, validating the conclusion, so they are not reported as figures.  

Another parameter directly affecting the corrugation of the PHE, was the chevron angle 𝛽, with results 

shown in Fig. 6 (a) for Case I and Fig. 6 (b) for Case II. An analogous behaviour was observed for 

the two cases. There was not a clear trend as the one observed for the previous parameters, however 

it was shown that it was preferable to adopt angles in the higher range (above 60°), and that solutions 

around this median value seemed to be more optimal compared to the ones with very high angle (80°). 

Therefore, for this application, chevron angles within the range of 40° to 60° should lead to 

economically advantageous PHE design. 

  

(a) (b) 

Fig. 6.  NPV as function of the heat transfer area, with colour indicating the chevron angle for 

Case I (a) and Case II (b). 

3.3. Influence of the plate size and numbers 

Other geometrical parameters affecting the design of PHEs were the plate size and number of plates 

forming the flow channels. The results are reported in Fig. 7 (a), for Case I and Fig. 7 (b) for Case II. 

The abscissa axis reports the values of the length-to-width ratio while the colour indicates the number 

of channels employed. It must be mentioned that configurations with length-to-width ratios below 

unity are not commonly found in the current market of PHEs, but usually ratio above 1 are adopted 

by manufacturers [21] [22]. However, it was decided not to limit the analysis to fixed values of the 

length-to-width ratio, in order to show the complete range of optimal solutions calculated by the PHE 

numerical model.  

  

(a) (b) 

Fig. 7. NPV vs 𝐿/𝑊 , with colour indicating number of channels for Case I (a) and Case II (b) 
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From the results, it is shown that the highest values of NPV were reached by configurations with very 

different values of the ratio, and adjusting the number of channels used. Specifically, by employing 

plates with lower values of length-to-width ratio, a lower number of channels was required and 

preferred for optimal solutions, while the opposite trend is observed for higher values of ratio. 

Therefore, when designing a PHE, the plate size and number can be decided by considering other 

constraints, e.g. commercial availability or ease of manufacture, and the geometry of the corrugation 

might constitute the main parameters left as design variables. The plate size did not affect the results 

consistently, i.e. optimal configurations can be built by using different combinations of plate size and 

number of channels. 

3.4. Flow parameters 

Another analysis aimed at showing the relation between the flow conditions of the working fluid 

mixture inside the channels of the PHEs and the NPV of the cycle. The results are shown in Fig. 8, 

for the four cases considered, and it was observed that analogous trends were obtained with the 

optimal NPV lying in the same region of Reynolds numbers.  

  

(a) (b) 

  

(c) (d) 

Fig. 8. Reynolds number of the liquid phase vs. NPV at the evaporator inlet for Case I (a), Case 

II (b), Case III (c) and Case IV (d), with colour indicating the value of hydraulic diameter. 

The NPV is reported as function of Re𝐿. The point colour indicates the hydraulic diameter employed 

to achieve the flow condition. It can be seen that the highest curves for NPV are all obtained by 

choosing configurations with the minimum hydraulic diameters. Furthermore, it can be seen that the 

optimal range for Re𝐿 lies within a range of 500-2,000, depending on the case considered. Case I and 
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III presented the peak of the NPV with a Reynolds number close to 1,000-1,500, while Case II showed 

a flatter trend of the NPV, with the highest points achieved around the value of 2,000. Case IV 

presented the maximum with lower Reynolds numbers between 500 and 1,000. The difference was 

related to the different properties of the working fluid mixtures. However, it was observed that the 

trends were analogous in all the cases, and the optimal range was within the specific region of 500-

2,000, which could be therefore considered as a recommended range for the flow of the liquid phase 

at the evaporator inlet. Lastly, it is worth it to mention that a value of 1,000 for the Reynolds number 

for Case I corresponded to a liquid velocity of 5 m/s. The design criterion used in the previous analysis 

[3] was a limit velocity of 2 m/s. The results confirmed how the best NPV deviates from this value. 

3.5. Cost analysis 

As aforementioned in 2.2.2, the NPV was affected by the design parameters according to different 

contributions. The impact of the design on the various terms contributing to the NPV is shown for 

Case I. The PHE design was expressed by the heat transfer area 𝐴ht, while the NPV value was divided 

into a term indicating the revenue (natural gas saving), and a term indicating the total cost, as shown 

in Fig. 9 (a) and (b). The former shows the variation of the cost for the total solution space, constituted 

by PHE with 𝐴ℎ𝑡 ranging from around 10  m2 up to around 500 m2; the latter shows a close-up of 

(a), where only solutions with area up to 50 m2 are reported, so that the trends are better highlighted. 

In the figure, the cost contribution is divided into the different terms, adjusted by the CRF as indicated 

by equation (5).   

  

(a)  (b) 

Fig. 9. Breakdown of the NPV terms as function of 𝐴ℎ𝑡, with separation between annualised cost 

and revenue. The different coloured areas indicate the different contributions to the cost term. 

Results are reported for the whole solution space (a) and close-up with area up to 50 𝑚2 (b) 

First of all, it was shown that the running costs for the water pressure drop are several orders of 

magnitudes lower than the other contributions, so that they are not visible in the cost breakdown. 

Moreover, it was observed that the most relevant contribution to the cost was given by the running 

cost of the compressor, indicated by the grey area. As expected, the running cost was not constant 

over the different PHE heat transfer areas. In fact, when the heat transfer area was minimized, the 

mixture experienced higher pressure losses, hence requiring a higher compressor work, and strongly 

impacting the economy of the heat pump. The cost line (in black) overcame the revenue line (in blue) 

for some configurations with small area, which is clearly visible in the close-up in Fig. 9 (b). 

Lastly, it was shown that TCI and OMC constitute the other relevant sources of cost, and that the TCI 

tended to increase with increasing areas. However, the TCI oscillated in the lower range of PHE area, 

and despite the minimization of PHE investment costs, the compressor sizing influenced the results, 
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as shown in Fig. 10 (a), where the different investment costs are reported as function of the PHE heat 

transfer area. In fact, this region corresponded to the lowest contribution of the PHE to the TCI, yet 

the compressor sizing considering pressure drops could be consistently higher for those 

configurations with unfavourable pressure losses. Therefore, the figure shows the trade-off between 

compressor and evaporator contributions to the investment cost. The condenser curve was constant 

as the design was fixed based on the previous study design criterion [3].  

Fig. 10 (b) summarizes the impact of the heat transfer area, i.e. the different design of the PHE, on 

the NPV, and colours indicating the liquid phase Reynolds number, chosen as flow design parameter. 

It was confirmed that the optimal region of Case I corresponded to values of Reynolds around 1,000 

to 1,500. 

  

(a) (b) 

Fig. 10. (a) Investment costs of evaporator, compressor and condenser as function of the 

evaporator heat transfer area (b) NPV as function of the heat transfer area, with colours 

indicating the liquid Reynolds number at evaporator inlet 

3.6. Design point  

To conclude the results section, the trade-off between the PHE heat transfer area and the pressure 

losses is presented for the best solution of the four cases, corresponding to the heat exchanger 

configurations maximizing the NPV of the heat pump. The results are reported in Table 3, where heat 

transfer area, total capital investment cost, pressure drops of mixture and water and liquid Reynolds 

number at the evaporator inlet are indicated. It is shown that Case I and Case IV corresponded to the 

mixtures in which the optimal design required a lower pressure drop of the working fluids, thus a 

higher heat transfer area of the heat exchanger. Similarly to what was obtained in the preliminary 

analysis [3], Case I and II correspond to higher NPVs, due to the higher investment costs for Case III 

and Case IV, even for the best design solutions.  

Table 3. Best solutions in terms of NPV for the four considered cases 

 Unit Case I Case II Case III Case IV 

COP − 3.06 3.05 3.01 3.05 

NPV 103 eur 1,060 1,135 617 641 

𝐴ℎ𝑡    m2 37.40 21.70 23.10 40.30 

TCI 103 eur 548 461 852 885 

𝛥𝑝𝑚𝑖𝑥 P  5,257 16,168 26,937 2,064 

𝛥𝑝𝑤 P  2,234 14,613 7,347 796 

𝑅𝑒𝐿𝑖𝑛𝑙𝑒𝑡 − 1,128 2,260 1,434 523 
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It has to be mentioned that the parametric analysis considered 900 combinations of design parameters. 

Several optimal solutions, with very small differences of NPV, were found with different 

combinations of design parameters. Therefore, the comparison between the two most optimal 

solutions of Case I are presented in order to highlight the differences, and to show the obtained PHE 

design specifications; results are reported in Table 4. It is shown that the NPV of the second best 

solution differs of 0.025% compared to the best case, i.e. both points can be considered as optimal 

for the evaporator design.   

The full specification set (plate size and plate corrugation) of the two solutions shows that in the first 

case, a design with wider plates and smaller number of channels is preferred, whilst in the second 

case higher length-to-width ratio is achieved, with a lower width and higher number of channels. This 

confirms the results shown in the previous section, which highlighted how optimal configurations 

could be achieved by different combinations of plate size and numbers. On the other hand, it is shown 

that similar corrugation characteristics are employed in both cases, lying in the optimal range before 

identified. Therefore, the results seem to be strongly influenced mostly by the plate corrugation.  

Table 4. PHE specifications for Case I best solutions 

 Unit Case I – Best solution Case I – Second best solution 

COP − 3.06 3.06 

NPV 103 eur 1,060 1,059  

General PHE design characteristics:   

𝐴ℎ𝑡 m2 37.4 32.1 

𝛥𝑝𝑚𝑖𝑥 P  5,256 8,139 

𝛥𝑝𝑤 P  2,234 46,132 

𝑅𝑒𝐿𝑖𝑛𝑙𝑒𝑡 − 1,128 1,409 

Plate size:    

𝑊 m 0.5 0.1 

𝑁𝑐ℎ − 10 40 

𝐿𝑡ℎ m 0.44 0.45 

𝐿𝑡ℎ/𝑊 − 0.88 4.5 

Plate corrugation:    

𝑏 m 0.008 0.008 

𝛬 m 0.002 0.002 

𝛽 ° 45 45 

𝐷ℎ m 0.002 0.002 

𝑋 − 12.6 12.6 

4. Discussion 
The analysis presented in this work shows the influence of the design of a PHE evaporator on the 

NPV of a heat pump, using four different zeotropic mixtures as working fluid. The shown trends are 

similar for the four considered cases, yet the extension to more general applications with the use of 

zeotropic mixtures would require a more comprehensive study. In fact, it is very relevant to clarify 

the range of validity of the obtained results, tested considering only four possible working fluids used 

in a case study. The PHE optimal configurations, reported in Table 3, show the impact of using 

different working fluid mixtures on defining an optimal Reynolds number, thus the extension of the 

obtained recommendations to other type of mixtures requires validation.  

Furthermore, the definition of an optimal Reynolds number might be dependent on cycle constraints, 

which make these design recommendations useful only when considering evaporators with similar 

conditions of the working fluid at the inlet. A similar consideration can be done on the water pressure 
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drop influence on the NPV, which is shown as negligible compared to the other contributions. 

Changing the temperature and pressure levels, and heat source medium, can influence the results.  

Additionally, it was shown that the results were not dependent on the choice of the plate size, thus 

length-to-width ratio and number of channels could be adjusted according to the designer decision 

without affecting the possibility of reaching an economically optimal solution. However, the PHE 

numerical model does not take into account the mass flow distribution inside the channels, as well as 

the vapour and liquid distribution, which might lead to completely different results for some of the 

configurations. Therefore, an extension is required to describe the impact of the number of channels 

and distribution effect on the design.  

A further point is given by the methodology followed in the work, which is based on a parametric 

study of the PHE, hence limiting the search space of the optimal solution. Implementing a full 

optimization procedure could be considered as a future extension.  

Lastly, the results are dependent on the economic assumptions of interest rate, cost of electricity, as 

well as operational time of the plant. By changing these inputs, the impact on the NPV might be 

affected, hence requiring a further sensitivity study.  

5. Conclusions 
The parametric analysis conducted on the main parameters of the PHE shows that it is possible to 

derive design guidelines that can be potentially used in applications where PHEs are used as 

evaporators in heat pumps using zeotropic mixtures. The method applied is based on a combined 

evaluation of cycle performances and calculation of PHE required heat transfer area and pressure 

losses. The result shows that there are combinations of design parameters, which are optimal for the 

NPV of the heat pump, for all the considered cases. It is shown that the optimal design regions does 

not coincide with the design point adopted in a previous study, based on a practical limitations of the 

maximum inlet velocity, without accounting for the pressure losses of the PHE in the thermodynamics 

and economic calculations.  

The results highlight design guidelines for the optimal PHE corrugation geometry, i.e. values of 

corrugation height around 8mm combined with low corrugation pitches around 2mm creates low 

hydraulic diameter, which are able to create a high degree of turbulence without increasing 

excessively the total pressure losses. From the results, it is obtained that the plate size, namely plate-

to-width ration and number of channels, do not have a clear correlation with the NPV of the cycle, 

i.e. optimal solutions can be found by adopting different plate sizes, and adjusting number of channels 

and corrugation geometry accordingly. An optimal range is found for the liquid Reynolds number at 

the evaporator inlet, and it is recommended to keep the value within the range 500-2,000. The interval 

found is broad since the results are dependent on the working fluid considered.  

Moreover, an in-depth cost analysis has shown the trade-off between heat transfer area and pressure 

losses, by considering all the contributions to the NPV calculations. It is obtained that it is not 

convenient to minimize the heat exchanger area without considering the mixture pressure drops, since 

the investment and running cost of the compressor are negatively impacted. On the other hand, the 

pressure losses of the heat source side, i.e. water, do not influence the results of the economic 

calculations.   
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Nomenclature 
A Area, m2 NPV Net Present Value, € 

𝑏 Corrugation height, mm p Pressure, Pa 

𝑐e  Price of electricity, €/kWh PEC Purchased equipment cost, € 

COP Coefficient of Performance Q Vapour quality 

CRF Capital recovery factor R Thermal resistance, (m2K)/  

𝐷 Diameter, mm Re Reynolds number 

f Friction factor t Plate thickness, mm 

FC Fuel cost, €/yr TCI Total Capital Investment, € 

𝐺 Mass velocity, kg/(m2s) U Overall heat transfer coefficient,  /(m2K) 

h Heat transfer coefficient,  /(m2K) �̇� Volumetric flow rate, m3/h  

𝐿th Plate length, m W Plate width, m 

�̇� Mass flow, kg/s X Corrugation characteristic 

𝑁ch Number of channels   

Greek symbols 
  

𝛽 Chevron angle, ° 𝜌 Density, kg/m3 

𝛷 Enlargement factor 𝜇 Viscosity, Pa s 

𝛬 Corrugation pitch, mm 𝜏 Time, h 

𝜂 Efficiency   

Abbreviations 
  

CV  Control Volume  PHE Plate Heat Exchanger 

ORC Organic Rankine Cycle   

Subscripts 
  

acc acceleration L liquid 

core core m median 

e equivalent mix mixture 

fr friction ng natural gas 

h hydraulic o outlet 

hp heat pump p port 

ht heat transfer w water  

i inlet   
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ABSTRACT  

Zeotropic mixtures offer a possibility of optimizing heat pump cycle design by matching the working fluid 
temperature glide to the heat source and sink temperature profiles. Suitable heat transfer and pressure drop 
prediction methods are of paramount importance to evaluate the performance of plate heat exchangers (PHE) 
using such fluids. It is therefore relevant to evaluate the uncertainty in PHE performance estimation when 
zeotropic mixtures are used as working fluids. In this work, different correlations for the (Silver, 1947) and 
(Bell and Ghaly, 1973) method were compared to evaluate the evaporation heat transfer coefficient of mixtures 
of  CO2 and hydrocarbons at different mass compositions and subject to heat source temperature glides of 10 
K, 15 K and 20 K.  Moreover, the impact of using different pressure drop models and correlations was included 
in the sensitivity study on the evaporator performance. Maximum deviations of 6 % and 10 % were obtained 
on the total heat transfer rate, depending on the prediction method chosen for the heat transfer coefficient and 
pressure drop, respectively. Larger discrepancies were found in the estimation of the mean UA value and total 
frictional pressure drops. Working fluids subject to the largest glide of 20 K resulted to be more sensitive to 
the choice of the prediction method. No recommended set of correlation was found, but similarities and 
differences between the different mixtures were identified and discussed.  

Keywords: Plate heat exchangers, Zeotropic mixtures, Evaporators, Prediction methods 

1. INTRODUCTION  

In the past two decades, increasing attention was posed on the utilization of natural refrigerants like 
hydrocarbons (HCs), proposed for their zero Ozone Depletion Potential and negligible Global Warming 
Potential. Hydrocarbons can be directly employed as pure fluids, but another possibility is to combine them in 
order to create refrigerant mixtures. For instance, the benefit of using mixtures of carbon dioxide (CO2) and 
HCs leads to the advantage of reducing the typically high operating pressure of CO2 systems and decreasing 
the flammability entailed by hydrocarbon utilization (Kim et al., 2008). Moreover, the so-called zeotropic 
mixtures offer the additional advantage of decreasing the irreversibility caused by temperature differences in 
the evaporator and the condenser by matching the heat source and sink temperature glides with the working 
fluid, due to its varying temperature during phase change. (Zühlsdorf et al., 2017a, 2017b) showed the 
possibility of increasing the heat pump coefficient of performance (COP) up to 27 % in two different case 
studies where different combinations of HCs and CO2 were considered at different mass compositions. 

The benefit obtained by using mixtures on the thermodynamic performance of the cycle entails however an 
increase in the necessary heat exchangers heat transfer area, due to mixture degradation of the heat transfer 
coefficient compared to pure fluids, observed in a number of experimental campaigns (Radermacher and 
Hwang, 2005). A number of reasons contribute to heat transfer degradation: (i) an earlier suppression of the 
nucleate boiling contribution. (ii) Formation of a mass diffusion resistance due to the more readily evaporation 
of the more volatile component. (iii) Reduction of effective super-heating and of the effective heat flow rate 
available for evaporation. (iv) Worse mixture transport properties (Collier and Thome, 1994).  

This poses a major attention to the design and performance of heat transfer equipment when zeotropic mixtures 
are employed. Plate heat exchangers (PHEs) offer a suitable solution for the high heat transfer coefficient 
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achieved within their compact design and the possibility to arrange the flow in a counter-current mode, which 
is essential to achieve glide matching. Scientific literature collects different studies focused on experimental 
campaigns for deriving heat transfer coefficient and pressure drop correlations for two-phase flow in PHEs. 
(Vakili-Farahani et al., 2015) and (Eldeeb et al., 2015) carried out extensive literature reviews on the published 
experimental campaigns and prediction methods for evaporation and condensation in PHEs. In particular, 
(Vakili-Farahani et al., 2015) underlined the discrepancy of the different data and the difficulties of creating 
prediction models that are generally valid for PHEs, similarly to the ones existing for in-tube flow boiling.  
(Amalfi et al., 2016a) developed a correlation for heat transfer coefficient and friction factor during flow 
boiling in PHEs, based on the many experimental data sets available in literature. The developed prediction 
model showed better agreement with the experimental data than existing correlations. The databank was 
however limited to pure working fluids, with the exception of the near-azeotropic mixture R410a, the 
azeotropic mixture R507a and ammonia/water. The prediction method developed by (Amalfi et al., 2016a) is 
therefore not directly applicable to mixtures of natural refrigerants.  

The difference between heat transfer in pure and multi-component working fluids was investigated in literature. 
(Silver, 1947) and (Bell and Ghaly, 1973) developed a method to account for the heat transfer degradation 
entailed by the mixture. The method uses weighted contributions of nucleate boiling, convective boiling and 
vapor phase heat transfer coefficients. In order to apply such method, different prediction methods can be 
chosen for the two-phase convective and nucleate boiling coefficients, as well as for the single-phase heat 
transfer coefficient. The objective of this paper was to estimate the impact of using different combinations of 
the heat transfer correlations developed for PHEs in the Silver and Bell-Ghaly method.  

Moreover, the impact of employing different methods and correlations to calculate the frictional contribution 
to pressure drop was evaluated. The pressure drop literature review was based on the studies collected by 
(Amalfi et al., 2016b), and applied to the considered working fluids. Both sensitivity studies were carried out 
for a case study in which the heat exchanger (HEX) performance was estimated and the geometry of the PHE 
was fixed, thereby assessing the impact on the total heat flow rate at the evaporator.  

2. METHODS 

2.1 Case study and cycle boundary conditions 
The comparison was based on a case study of a single-stage vapor compression heat pump, presented in 
(Zühlsdorf et al., 2017b), designed for delivering 2200 kW at the condenser, by heating up water from 40 °C 
to 80 °C. The inlet temperature of the heat source (water) was fixed to 40 °C, and different heat source 
temperature glides were assessed, namely 10 K, 15 K and 20 K, corresponding to Case I, II and III, 
respectively. Optimal zeotropic working fluid mixtures were found for the different temperature glides. These 
are reported  in Table 1 with related mass composition, evaporation pressure, heat pump Coefficient of 
Performance (COP) and heat load at the evaporator. 

Table 1: Evaporator boundary conditions for the different working fluids (Zühlsdorf et al., 2017b) 

Case I, ΔT 10 K Case II, ΔT 15 K Case III, ΔT 20 K 

Mixture 
p  
bar 

COP 
- 

Q  
kW 

Mixture 
p  
bar 

COP 
- 

Q  
kW 

Mixture 
p  
bar 

COP 
- 

Q  
kW 

CO2/ 
DME 
(0.1/0.9) 

7.5 5.62 1809 
Propylene/ 
Butane 
(0.3/0.7) 

4.0 5.40 1792 
DME/ 
Pentane 
(0.3/0.7) 

1.2 5.24 1780 

DME/ 
Butane 
(0.5/0.5) 

4.8 5.61 1807 
Propane/ 
Butane 
(0.3/0.7) 

3.9 5.38 1791 
DME/Iso-
Pentane 
(0.3/0.7) 

1.7 5.19 1776 

Ethane/ 
Propane 
(0.1/0.9) 

12.3 5.60 1807 
CO2/DME 
(0.1/0.9) 

7.0 5.32 1787 
Propylene
/ Butane 
(0.5/0.5) 

5.0 5.15 1773 

Ethane/ 
Propylene 
(0.1/0.9) 

14.5 5.57 1805 
DME/Iso-
Pentane 
(0.8/0.2) 

4.5 5.31 1786     
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The impact of the chosen prediction methods was assessed in a relevant practical situation, in which the 
geometry of the PHEs was entirely fixed and the suction volume of the refrigerant flow at the compressor inlet 
(corresponding to the evaporator outlet) and the super-heating were fixed by the control. The required number 
of channels was estimated for each working fluid with a preliminary evaporator sizing based on constant heat 
transfer coefficients in the different regions of evaporation and super-hating. The other HEX parameters were 
defined according to an existing evaporator model (V65) manufactured by SWEP (SWEP International AB, 
2015). Its design parameters are reported in Table 2. The plate size was given by plate width  and port-to-
port length , while the corrugation characteristics were the chevron angle , the corrugation height  and 
pitch Λ. The plate thickness  gives the trade-off between conductive resistance and mechanical strength. The 
PHE was assumed to be constructed in stainless steel, with a thermal conductivity equal to 16.2 W mK .   

Table 2: Geometry of the PHE – SWEP Evaporator type V65 (SWEP International AB, 2015) 

, m  , m  , °	 , mm  , mm  , m  , mm 
0.363  0.731  35  1.9  7  0.1   0.5 

 
It was assumed to employ a thermostatic expansion valve, thus calculating the refrigerant super-heating in 
relation to inlet pressure. The refrigerant mass flow and saturation pressure were calculated in order to match 
the control values, and a numerical model was employed to estimate the PHE performance. 

2.2 Plate heat exchanger numerical model 
The numerical model of the PHE was based on an internal solver for the solution of heat transfer and fluid 
flow in the PHE, coupled with a Newton-Raphson solver iterating on the refrigerant operating conditions. Fluid 
thermo-physical properties were calculated using Refprop (Lemmon et al., 2013) and Coolprop (Bell et al., 
2014), for mixtures and water, respectively. The tolerance of the Newton-Raphson solver was set to 10  on 
the relative residuals of the refrigerant suction volume and super-heating. 

The internal solver was based on a successive substitution approach iterating on wall temperature and pressure 
drops. A one-dimensional (1D) discretization of the HEX was employed along the flow direction with 
equidistant heat transfer area steps. The solution strategy was built based on a combination of the SEWTLE 
solver presented in (Corberán et al., 2000) and an improved solution strategy based on alternate refrigerant and 
heat source iterations as suggested in (Eldeeb et al., 2016). A total number of 100 control volumes (CVs) was 
employed as a trade-off between accuracy and computational cost, with solver tolerance set to 10  for the 
norm of relative residuals of wall temperature and refrigerant and source pressure drops.  

2.3 Prediction methods – heat transfer coefficient 
The heat transfer coefficient in the two-phase region was estimated by using the (Silver, 1947) and (Bell and 
Ghaly, 1973) method, with the formulation expressed by Eq. (1).   

1

1 z  (1) 

 indicates the two-phase heat transfer coefficient and it is a function of the nucleate boiling (NB) 
contribution , the convective boiling (CB) heat transfer coefficient , and the vapor phase heat transfer 
coefficient .The nucleate boiling contribution  was calculated based on a dedicated experimental 
correlation, and corrected by a factor taking the degradation entailed by the mixtures into account. For this 
purpose the (Thome and Shakir, 1987) correlation was employed, as reported in Eq.(2). The mixture 
degradation is as a function of the difference between dew and bubble point temperatures	 T T , 
the specific heat flux per unit area	Q , latent heat of evaporation  and liquid density	 .  represents the 
liquid mass transfer coefficient, equal to 0.0002 m/s.  
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1
Q

T T 	 1  (2) 

Last, the correction factor ̅ of Eq.(1) was introduced by (Silver, 1947) and (Bell and Ghaly, 1973), as function 
of vapor quality , vapor specific heat capacity  and the slope of evaporation curve T/ , indicating the 
rate of sensible heat transfer over the total heat load.  

̅ 	
T
	  (3) 

The sensitivity analysis was based on the correlations reported in Table 3. (Hsieh and Lin, 2003) was developed 
as a superposition model, with distinct contributions for nucleate and convective boiling. (Longo et al., 2015) 
was developed by considering a transition point between nucleate and convective dominated regions, based on 
the Boiling number. Therefore, each term of both correlations was considered in the appropriate category, as 
reported in Table 3. The remaining two-phase correlations were categorized as convective or nucleate boiling 
methods, depending on the related authors observations on the heat transfer, which could be dominated by heat 
flux (nucleate boiling) or by vapor quality and mass flow (convective boiling). All possible combinations of 
the three terms were analyzed, leading to 75 different possibilities for each fluid.  

Table 3: Summary of the considered experimental correlations for the different terms of Eq. (1) 

 

Two-phase convective 

 

Two-phase nucleate boiling 

 

Single-phase 

a (Danilova et al., 1981) A (Cooper, 1984) (Chisholm and Wanniarachchi, 1992) 

b (Hsieh and Lin, 2003) B (Hsieh and Lin, 2003) (Wanniarachchi et al., 1995) 

c (Han et al., 2003) C (Palm and Claesson, 2006) (Martin, 1996) 

d (Longo et al., 2015) D (Gorenflo and Kenning, 2010)  

e (Amalfi et al., 2016a) E (Longo et al., 2015)  

 
The heat transfer coefficient of the heat source (water) was estimated using the single-phase correlations 
reported in the last column of Table 3. The single-phase heat transfer coefficient of the refrigerant in the super-
heated region was estimated by the same correlation.  A weighted interpolation was used in the transition 
between evaporation and super-heating from vapor quality of 0.9. 

2.4 Prediction methods – frictional pressure drops 
The pressure drops of the heat source and of the refrigerant were estimated as the sum of the contributions of 
acceleration, friction, gravity and manifolds. The acceleration and gravity contributions were estimated by 
assuming homogeneous flow (Vakili-Farahani et al., 2015), while manifold pressure drops were calculated 
using the correlation by (Shah and Focke, 1988). An upward refrigerant flow and downward water flow were 
considered, as typical in the considered PHE configuration (SWEP International AB, 2015).  

The frictional pressure drop was estimated by using three different models found in literature. First, 
correlations calculating the two-phase Fanning friction factor were considered as indicated in the first column 
of Table 4. The second adopted model was the (Lockhart and Martinelli, 1949) method, consisting in the 
estimation of two-phase multipliers correlating the single-phase liquid and vapor pressure drops to the two-
phase pressure drop. The (Palm and Claesson, 2006) coefficients were used, thereby assuming a Chisholm 
parameter of 4.67, found using experimental data for PHEs. Last, the kinetic energy model was used, assuming 
proportionality between the kinetic energy per unit volume and the frictional pressure losses, as proposed by ( 
Longo and Gasparella, 2007). All the models were employed for the estimation of the frictional pressure drop 
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locally, thereby summing all the contributions of the CVs to obtain the total refrigerant and heat source 
frictional pressure drop in the PHE. In the super-heating region, the single-phase Fanning friction factor 
proposed by the single-phase correlations reported in the last columns of Table 3 was used.  

Table 4: Prediction methods for the two-phase frictional refrigerant pressure drops 

Two-phase Fanning friction factor Lockhart-Martinelli multipliers 

F 1 (Yan and Lin, 1999) 
LM 1 (Palm and Claesson, 2006) 

F 2 (Hsieh et al., 2002) 

F 3 (Hsieh and Lin, 2003) Kinetic energy proportionality 

F 4 (Han et al., 2003) 
KE 1 (Longo and Gasparella, 2007) 

F 5 (Amalfi et al., 2016a) 

3. RESULTS 

Subsection 3.1 presents the results of the sensitivity analysis on the heat transfer coefficient, thereby illustrating 
the impact of the different correlations combinations on the mean UA value and on the UA development in 
the PHE. Subsection 3.2 presents the results of the sensitivity analysis of the different calculation methods for 
frictional pressure drops. Subsection 3.3 illustrates how the UA value and the frictional pressure drops impact 
the output of the performance model, i.e. the heat transfer rate at the evaporator.  

3.1 Impact on the UA values 
Fig. 1, Fig. 2 and Fig. 3 show the heat transfer correlation sensitivity analysis results for Case I, II and III, 
respectively. Fig. 1 (a), Fig. 2(a) and Fig. 3 (a) report the mean UA value for all the combinations: the abscissa 
indicates different combination of nucleate and convective boiling correlations, while the three different 
marker styles represent the three single-phase correlations. Different colors represent the different working 
fluids of the three cases. Fig. 1 (b), Fig. 2 (b) and Fig. 3 (b) represent the development of the UA value along 
the evaporator, as function of the cumulated heat flow rate. The results are shown for only two correlation 
combinations for each fluid, represented by a continuous and a dotted line. The former characterizes the 
combination estimating the highest mean heat transfer coefficient for the specific fluid, while the latter 
represents the correlations giving the lowest mean heat transfer coefficient.  

Better heat transfer performance was obtained for smaller temperature glides, with mean UA values up to 400 
kW/K for Case I against values not higher than 300 W/K for Case III. By looking at the UA distribution in the 
evaporator in Fig. 1 (b), Fig. 2 (b) and Fig. 3 (b), Case I yields a steeper heat transfer growth for increasing 
vapor quality compared to Case II and III for the best performing correlation combinations. This is due to the 
higher degradation of heat transfer for increasing temperature glide for both the case of nucleate and convective 
boiling, as it is expressed by Eq. (2) and (3), due to the larger sensible heat flow rate needed for increasing the 
mixture temperature during phase change. The fluid ranking in terms of heat transfer performance remains the 
same in all cases, regardless of the correlation applied. By looking at Case I in Fig. 1 (b), the UA value of 
DME/Butane (50/50) outperforms the other fluids for both the best and worst correlation combinations.  

Similarities were found for the single-phase and nucleate boiling correlations. The single-phase correlation by 
(Chisholm and Wanniarachchi, 1992) led to higher heat transfer compared to (Martin, 1996) and 
(Wanniarachchi et al., 1995), which yielded the lowest UA. This holds for all the mixtures, as shown by the 
different markers in Fig. 1 (a), Fig. 2 (a) and Fig. 3 (a). (Hsieh and Lin, 2003) (B) underestimated the NB 
contribution compared to the other correlations, while (Palm and Claesson, 2006) (C) overestimated the 
nucleate boiling. The results, shown in Fig. 1 (b), Fig. 2 (b) and Fig. 3 (b), are the same for all the fluids.  

By looking at convective boiling contributions, (Hsieh and Lin, 2003) (b) correlation led to the best heat 
transfer coefficient for all the working fluids of Case I, while (Longo et al., 2015) (d) yielded the best 
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performances for Case II and III. The lowest CB contribution to heat transfer was estimated by (Amalfi et al., 
2016a) (e) and (Danilova et al., 1981) (a), depending on the working fluid. 

Single-phase 
correlation legend 

(marker style)  

 

 

Fluid legend 
(color) 

 

(a) Mean UA value (b) UA value development in the evaporator  

Fig. 1: Case I results (a) Impact of the different heat transfer correlations on the mean UA value; (b) UA as 
function of the cumulated heat flow rate in the evaporator. 

Single-phase 
correlation legend 

(marker style)  

 

 

Fluid legend 
(color) 

 

(a) Mean UA value (b) UA value development in the evaporator  

Fig. 2 Case II results (a) Impact of the different heat transfer correlations on the mean UA value; (b) UA as 
function of the cumulated heat flow rate in the evaporator. 
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Single-phase 
correlation legend 

(marker style)  

 

 

Fluid legend 
(color) 

 

(a) Mean UA value (b) UA value development in the evaporator 

Fig. 3 Case III results (a) Impact of the different heat transfer correlations on the mean UA value; (b) UA as 
function of the cumulated heat flow rate in the evaporator. 

3.2 Impact on the frictional pressure drops 
Fig. 4 (a), (b) and (c) report the results of the pressure drop sensitivity analysis for Case I, II and III, 
respectively. The mixture temperature glide does not affect the results, opposite to the heat transfer coefficient 
behavior. The model by (Lockhart and Martinelli, 1949) with (Palm and Claesson, 2006) coefficients, the 
model by (Longo and Gasparella, 2007) and the friction factor correlations F 4 (Han et al., 2003) and F 5 
(Amalfi et al., 2016a) led to similar pressure drop values. On the other hand, the Fanning friction factor 
correlations F 1, F 2 and F 3, namely (Yan and Lin, 1999), (Hsieh et al., 2002) and (Hsieh and Lin, 2003) over-
estimated the pressure drop compared to the other correlations. DME/Iso-pentane(30/70) was the working fluid 
most sensitive to the choice of the correlation, with a large difference between (Lockhart and Martinelli, 1949) 
model and (Yan and Lin, 1999) correlation results. It must be noted that some results are not presented for 
DME/Pentane (30/70) in Case III, due to model convergence issues for very high pressure drops. It can be 
therefore be concluded that this fluid was very sensitive as well to the choice of the prediction method. 

3.3 Impact on the performance model output 
Fig. 5 reports the percentage deviation from the mean of all correlation combinations of the most deviating 
correlation combinations for heat transfer, which were identified in Fig. 1 (b), Fig. 2 (b) and Fig. 3 (b). The 
deviations are reported for the mean UA value, indicating the impact of the chosen correlations on the heat 
transfer coefficient calculation, and the consequent effect on the total heat flow rate at the evaporator, output 
of the performance model. Case I and Case II presented maximum differences in mean UA values around 30 
%, while Case III reported slightly higher deviations, with a maximum around  35%. A smaller effect was 
however found on the total heat flow rate. Despite larger discrepancies were obtained on the mean UA value, 
maximum deviations around 2 % for Case I and II and 6 % for Case III, can be observed in Fig. 5. 

Fig. 6 reports the results of the frictional pressure drops. The maximum deviations were reported from the 
mean value obtained for each working fluids. As expected from the frictional pressure drop values presented 
in Fig. 4, a deviation of up 130 % was obtained for some of the fluids if correlations F 1, F2 and F 3 were 
employed. A much lower impact was however found on the total heat flow rate at the evaporator, similarly to 
the heat transfer correlation case. Case III was the most sensitive to the choice of the correlations, reporting 
maximum deviation on the total heat transfer rate around 10 % for DME/Iso-Pentane(30/70). 
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(a) Case I (b) Case II (c) Case III 

Fig. 4 Frictional pressure drop estimated with the different correlations, for Case I (a), II (b) and III(c) 

  

 
 

 

Fig. 5 Deviation from the mean of the UA value and 
of the total evaporator heat flow rate  

Fig. 6 Deviation from the mean of frictional 
pressure drops and of the total evaporator heat flow 
rate 

4. DISCUSSION 

The presented results suggest that the choice of the prediction method had a significant impact on the 
estimation of both the heat transfer coefficients and pressure drops. It is however not possible to conclude with 
a clear recommendation on a set of correlations. The working fluids presented similarities in terms of 
correlations overestimating or underestimating both UA and frictional pressure drop compared to the mean 
results and this must be taken into account when choosing a certain prediction method for other mixtures of 
natural refrigerants. It would however be necessary to compare the results with experimental data specifically 
obtained for zeotropic mixtures evaporation in PHEs, in order to identify a specific recommended set of 
correlations for both heat transfer and pressure drops.  
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Moreover, the results suggested that despite the large discrepancies on the absolute values of UA and pressure 
drops, a much smaller deviation was obtained on the output of the performance model, i.e. the heat transfer 
rate at the evaporator. It must be therefore taken into account that different degrees of uncertainties are related 
with the correlations choice depending on the scope of the analysis. For a user interested in analyzing the PHE 
performance impact on a thermodynamic cycle, the choice of the prediction method would not lead to large 
differences (max 6 % and 10% were found for heat transfer and pressure drop correlations, respectively). On 
the other hand, it would be very relevant to consider the much larger differences between correlations for a 
user focusing on detailed heat transfer and pressure drop mechanisms in the component.  

A typical practical situation was assessed in the present study, i.e. evaluating the performance of the evaporator 
(with fixed geometry) as the operating conditions were adjusted according to control. The design problem 
represents an additional situation in which experimental correlations are used. In this case, the operating 
conditions are fixed and the PHE heat transfer area must be found to meet the design thermal load. A sensitivity 
analysis to assess the prediction methods impact on the design problem will be therefore part of future work.  
Last, it must be noted that the sensitivity analysis was limited to assess the impact of different correlations for 
the (Silver, 1947) and (Bell and Ghaly, 1973), and no correlation which was specifically derived for zeotropic 
mixtures was included in the analysis. This highlights one more time the importance of focusing further work 
on deriving experimental correlations for evaporation of different zeotropic mixtures in PHEs. 

5. CONCLUSION 

The impact of heat transfer and pressure drop correlations was estimated for evaporation of zeotropic mixtures 
in PHEs. The analysis was based on a performance problem, fixing the suction volume at the evaporator outlet 
and the mixture super-heating for a given case study. Different mixtures of HCs and CO2 subject to three 
different temperature glides were evaluated. The main findings can be summarized as follow: 

 Differences of up 30 % were obtained for the mean UA value for Case I and II, while Case III resulted 
in slightly larger deviation of up 35 %.  

 Working fluids experiencing larger temperature glides presented a higher degradation of heat transfer, 
as well as a stronger dependence on the chosen prediction method.  

 Differences of up 130 % were obtained for the frictional pressure drop estimation, with DME/Iso-
pentane(30/70) being most sensitive to the correlation applied 

 Smaller deviations were obtained on the performance model output, namely 6 % and 10 % for the heat 
transfer and pressure drop correlation choice, respectively.  

 It was not trivial to identify a recommended combination of correlations, despite the similarities 
between the working fluids. Experiment validation is needed to clarify the results. 
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ABSTRACT 
 

This paper presents an estimation of the degradation in heat transfer performance in plate heat exchanger (PHE) 

evaporators due to flow maldistribution. A booster heat pump system integrated in a district heating network is used 

as a case study. Butane and two zeotropic mixtures, namely Propylene/Butane (0.5/0.5) and R1234yf/R1233zdE 

(0.5/0.5) were evaluated as working fluids. A two-dimensional (2D) numerical model was developed for the evaluation 

of the total heat flow rate degradation due to the imposed uneven liquid/vapor distribution at the inlet of the PHE 

channels. Butane showed the largest sensitivity to both the effect of end plates and maldistribution, with an overall 

reduction of the heat flow rate equal to - 11.2 %. Both the zeotropic mixtures were only insignificantly affected by the 

uneven quality distribution at the inlet, and suffered a slight reduction of the overall heat flow rate of - 0.9 % and - 0.8 

% respectively, due to effect of end plates. Last, the sensitivity to the boundary conditions of the case study was 

assessed for the mixture Propylene/Butane (0.5/0.5), evaluating the dependence of the obtained results from superheat 

and number of channels, since both parameters impact the degradation of heat transfer performance.   

 

1. INTRODUCTION 
 

Plate heat exchangers (PHEs) have been increasingly employed in a range of different applications, such as food, 

chemical and process industries, as well as in the energy sector. They are widely used as evaporators and/or condensers 

for refrigerating cycles and heat pumps, thus constituting a key component for cycle design and optimization. PHEs 

are comprised of thin parallel plates stacked together to form parallel channels for fluid flow, which can be arranged 

in co- or counter-current configurations. The typical chevron corrugation of the plates allows achieving high heat 

transfer coefficients within a compact design, constituting the key-advantage compared to other heat exchanger (HEX) 

configurations (Shah and Sekulic, 2002). The occurrence of flow maldistribution can however degrade the 

performance of multiple channels HEXs. Mueller and Chiou (1988) conducted an extensive review on the main causes 

of maldistribution, which can be induced by fluid flow characteristics (two-phase flow), fouling, corrosion and nozzle 

design. It is therefore of paramount importance to estimate the impact of maldistribution on the performance of PHEs.  

 

Bassiouny and Martin (1984a, 1984b) studied the uneven distribution of liquid-to-liquid PHEs for both U-type and Z-

type flow arrangements by an analytical model, proposing to compensate the effect by tuning the area ratio between 

inlet and outlet fluid ports. Rao and Das (2004) studied the maldistribution effect on fluid pressure drop for a PHE for 

single-phase applications experimentally. Rao et al. (2005) further studied the effect on PHE thermal performances 

and they found that the deterioration of heat transfer and increase of pressure losses were affected by port size, number 

of channels, and mass flow rate. Srihari et al. (2005)  and Srihari & Das (2006) developed analytical models based on 

the work of Bassiouny and Martin (1984a, 1984b), in order to study the transient response of PHEs in single pass and 

multi-pass configurations, showing how flow maldistribution affected the performance of the component in both 
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steady state and transient operations. Further works by Bobbili et al. (2006) and Tereda et al.(2007) demonstrated the 

occurrence of flow maldistribution in U-type configuration PHEs experimentally, with more severe maldistribution 

occurring for higher mass flow rates, smaller port diameters and higher number of channels. Their experimental results 

showed a good agreement with the analytical treatment first developed by Bassiouny and Martin (1984a, 1984b). Li 

and Hrnjak (2016) assessed the impact of flow maldistribution of upward nitrogen flow experimentally, using the 

results to validate a Computational Fluid Dynamics (CFD) model of the PHE header, while Jin and Hrnjak (2017a) 

evaluated the overestimation of the PHE heat transfer coefficient when the end plate effect is not considered.  

 

Literature reports a limited number of studies focusing on two-phase flow maldistribution in PHEs. Vist and Pettersen 

(2004) investigated two-phase flow distribution in HEX manifold experimentally, dividing the mass flow into ten 

channels, in both upward and downward flow configurations. The occurrence of uneven quality distribution was 

detected for different mass flow rates, resulting in large differences between the thermal load of the various channels. 

They observed that the vapor phase distributed more easily in the first channels for upward flow, while higher quality 

was detected in the last channels for downward flow arrangement. Jensen et al. (2015) assessed the impact of such 

maldistribution by a numerical model, imposing different rates of linear quality variation at the PHE channels inlet. 

The study was conducted for an evaporator using R134a as working fluid, resulting in a 25 % reduction of the overall 

heat transfer coefficient when a severe rate of maldistribution was imposed. Jin and Hrnjak (2017b) investigated the 

distribution of R245fa in a plate channel experimentally, showing large non-uniformities of the flow, heat transfer 

affected by local heat flux, and occurrence of dry-out zones. 

 

The present work aims at investigating the impact of uneven quality distribution at the inlet channels of PHEs using 

further numerical modeling. An evaporator of a booster heat pump system for ultra-low temperature district heating 

(DH) systems is used in the analysis. Zühlsdorf et al. (2018) optimized the coefficient of performance (COP) of the 

heat pump for different pure fluids and zeotropic mixtures. Due to the non-isothermal nature of mixture phase-change, 

it is possible to reduce the heat transfer irreversibility in the heat exchangers, by matching the refrigerant temperature 

profile with the heat source and sink temperature glides. The use of zeotropic mixtures entails however a degradation 

of the heat transfer coefficient compared to pure fluids (Radermacher and Hwang, 2005), as well as requiring larger 

heat transfer area for the HEX. The objective of this work is to assess the impact of  uneven liquid/vapor distribution 

imposed at the PHE inlet during evaporation for both pure fluids and zeotropic mixtures.  

 

2. METHODS: CASE STUDY AND MODELLING 
 

2.1 Case study  
The assessment of flow maldistribution was carried out for a PHE evaporator for a booster heat pump, for preparation 

of domestic hot water in ultra-low temperature district heating systems, presented in (Zühlsdorf et al., 2018). A single-

stage vapor compression heat pump was suggested for increasing the temperature of one part of the DH forward water 

stream from 40 °C up to 60 °C, with a total thermal load of 13.9 kW at the condenser. The evaporator heat source 

(secondary fluid), was taken from the forward DH stream, entering the HEX at 40 °C and then discharged to the return 

DH line at 25 °C. Different pure and mixed refrigerants were analyzed and ranked with respect to the system COP. 

The screening was based on a number of natural refrigerants and hydrofluoroolefins (HFOs). Butane, a mixture of 

Propylene/Butane at 0.5/0.5 mass composition and a mixture of R1234yf/R1233zdE at 0.5/0.5 mass composition were 

found to be among the best performing fluids, and hence were chosen for the present study. The boundary conditions 

of the PHE evaporator are reported in Table 1. 

 

Table 1: Evaporator design conditions and COP for the considered working fluids (Zühlsdorf et al., 2018) 

Working fluid 
�̇�eva, 

kW 

𝑝eva, 

bar 

𝑇bubble ,
° C 

𝑇dew, 

° C 

�̇�ref, 

kg/s 

�̇�w, 

kg/s 

Δ𝑇sh, 

K 
�̇�out, 

m3/h 

COP, 

- 

Butane 11.6 2.25 22.5 22.5 0.0360 0.1857 5 23.1 6.15 

Propylene/Butane (0.5/0.5) 12.3 6.29 19.8 37.0 0.0373 0.1967 0 9.9 8.85 

R1234yf/R1233zdE (0.5/0.5) 12.3 3.67 18.9 37.3 0.0796 0.1967 0 15.0 8.87 

 

2.2 Plate heat exchanger geometry 
The thermodynamic variables at the design point shown in Table 1 were used in order to conduct preliminary sizing 

of the PHEs for the different working fluids. Each fluid requires a different heat transfer area and thus leads to a 
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different design. The plate geometry was obtained from a commercial manufacturer and was fixed for all heat 

exchangers. The total number of channels was determined to meet the design thermal load for all the fluids. The design 

specifications are reported in Table 2 with the chosen PHE plate size, defined by plate width 𝑊 and length 𝐿. The 

PHE was assumed to be constructed in stainless steel, with a thermal conductivity equal to 16.2 W(mK)−1. Moreover, 

the PHEs were designed to operate with counter-current flow arrangement, which is essential to achieve the 

temperature glide match between the mixtures and the secondary fluid.  

 

Table 2: Evaporator SWEP V80 (SWEP International AB, 2015) plate dimensions and count  

𝑊, m 𝐿, m 𝑁chtot
,- 

  Butane Propylene/Butane (0.5/0.5) R1234yf/R1233zdE (0.5/0.5) 

0.117 0.524 23 49 57 

 

As shown in Table 2, the sizing led to a very different number of required channels for the pure fluid case compared 

to the two zeotropic mixtures. A higher heat transfer area is required for the lower mean temperature difference during 

evaporation due to mixture glide and to account for the heat transfer degradation compared to pure fluids.  

 

2.3 Imposed vapor quality maldistribution 
The uneven vapor quality maldistribution was imposed and used as input to the PHE numerical model. Vist and 

Pettersen (2004) showed that the vapor phase distribution changed monotonically with increasing distance from the 

inlet manifold, depending on the flow direction (upward or downward). A linear variation of the vapor quality at the 

inlet of the channels was therefore assumed, similar to (Jensen et al., 2015). The variation was imposed by a vapor 

quality difference parameter Δ𝑥, indicating the absolute difference between the vapor quality in the first and last 

refrigerant channel. The vapor quality at the inlet of the j𝑡ℎ channel is hence estimated by Eq. (1):   

 

𝑥INj
=  𝑥IN1

+
𝑗 − 1

𝑁chref
− 1

 Δ𝑥 (1)  

 

𝑥INj
 was expressed as function of the total number of refrigerant channels 𝑁chref

 and of the inlet vapor quality at the 

first channel 𝑥IN1
. The study was carried out for different quality difference values ranging from 0.00 up to 0.25 with 

steps of 0.05. When Δ𝑥 is equal to zero, a uniform quality distribution is assumed and the mass flow of both refrigerant 

and secondary fluid is solely affected by the end plates.  

 

2.4 Heat pump boundary conditions 
With the occurrence of flow maldistribution, the PHE operation shifts from design conditions. In practical 

applications, the operating conditions of the refrigerant are adjusted in order to respect the control values. According 

to the case study boundary conditions (Zühlsdorf et al., 2018), the suction volume flow rate at the evaporator outlet 

and the refrigerant superheat were fixed to the design values, reported in Table 1. The refrigerant saturation pressure 

and mass flow rate were estimated accordingly for each case. Note that a different superheat was imposed for Butane 

and Propylene/Butane (0.5/0.5). Due to the temperature glide during evaporation, zeotropic mixtures offer the 

possibility of determining the outlet quality by measuring pressure and temperature as independent variables also in 

the two-phase region. This implies that superheat may not be necessary for control.   

 

2.5 PHE modeling 
The heat transfer and fluid flow were solved by an internal solution procedure based on a two-dimensional (2D) 

discretization of the PHE. An external solver called the internal 2D PHE model for the solution of the mass flow 

distribution and operating conditions. They are presented in subsections 2.5.1 and 2.5.2, respectively.  

 

2.5.1 Heat transfer and fluid flow 

The internal solver iterated on wall temperatures and refrigerant and secondary fluid pressure drops based on a 

successive substitution approach. The discretization was applied in 2D: lengthwise along the flow direction and with 

respect to the different PHE channels. The lengthwise discretization divided the PHE in 50 elements of equal heat 

transfer area. Each element was further divided into a number of control volumes (CVs) equal to the total number of 
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channels for the refrigerant and secondary fluid, i.e.  𝑁chtot
= 𝑁chref

+ 𝑁chhs
. Each CV was therefore representing 

either the refrigerant or the heat source flow. The PHE was solved with the following assumptions: 

1. steady state; 

2. adiabatic end plates 

3. no longitudinal conduction through the walls; 

4. homogeneous two-phase flow. 

 

Based on a linear distribution of wall temperature guess and uniform pressure drops for both fluids, the momentum 

and energy balance equations were solved iteratively for each CV. Figure 1 shows the structure of the 2D 

discretization, together with wall temperature and pressure drops used as iteration variables. The tolerance of the 

solver was given by a 2-norm of the relative residuals of wall temperature and refrigerant and secondary side pressure 

drops of 10−5. Fluid thermo-physical properties were evaluated using Coolprop (Bell et al., 2014) for pure fluids and 

water, and REFPROP (Lemmon et al., 2013) for mixtures.  

 

Empirical correlations were used for the evaluation of local heat transfer coefficients and pressure drops. The two-

phase refrigerant heat transfer coefficient was estimated by Amalfi et al. (2016) in case of pure fluids. Collier and 

Thome (1994) recommended the use of the Silver (1947) and Bell and Ghaly (1973) method for the estimation of the 

two-phase mixture heat transfer coefficient, in order to take the degradation of heat transfer into account. The method 

estimates the mixture flow boiling heat transfer coefficient as function of the nucleate boiling, convective boiling and 

vapor only heat transfer coefficients, evaluated by Cooper (1984), Amalfi et al. (2016) and  Martin (1996) correlations, 

respectively. The Thome and Shakir (1987) correction factor was applied to account for the mixture degradation to 

the nucleate boiling contribution. The single-phase heat transfer coefficient in the superheated region was estimated 

by using Martin (1996) correlation for both pure and mixed refrigerants, and it was also applied to estimate the heat 

source heat transfer coefficient. A smooth transition was ensured at the transition between two-phase and superheated 

region, by calculating the refrigerant heat transfer coefficient as a weighted interpolation of the two-phase and single-

phase contributions. The smoothing was applied to the CVs with local vapor quality included in the interval [0.9, 1). 

Pressure drops were computed for both fluids by applying the steady-state momentum equation, considering the 

contributions of friction, acceleration and gravity. The two-phase frictional pressure drops were assessed by applying 

the Lockhart and Martinelli (1949) method, with coefficients proposed by Palm and Claesson (2006). The single-

phase pressure drop of the superheated refrigerant and of the heat source were estimated by Martin (1996). The 

acceleration and gravity pressure drops in the two-phase region were calculated by using the void fraction model by 

Smith (1969) for the estimation of the momentum density and cross section average density.   

 
Figure 1: Structure of the discretized 2D PHE model with iteration variables 
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2.5.2 Solution procedure for flow distribution and operating conditions 

The internal solver for heat transfer and fluid flow was coupled with a solver to determine the mass flow distribution 

of both refrigerant and heat source at the inlet of each channel. The solver determined the refrigerant operating 

conditions according to the boundary conditions imposed by the cycle, as explained in subsection 2.4. The external 

solver was based on fsolve (Mathworks, 2017), coupled with the user-supplied internal solver for heat transfer and 

fluid flow. A system of  𝑁chref
+ 𝑁chhs

+ 3 equations was therefore solved for the same number of unknowns. The 

unknowns were the total mass flow rate of the refrigerant, the mass flow rate distribution of both heat source and 

refrigerant, the refrigerant inlet saturation pressure and the inlet vapor quality of the first channel. The equations are 

reported in Table 3. The average values of refrigerant temperature and density at outlet conditions were estimated by 

considering the mixing enthalpy of the refrigerant mass flow from all the channels at the refrigerant outlet pressure. 

 

Table 3: Governing equations of the flow distribution solver 

Flow distribution solver governing equations 

Mass conservation of manifold 

∑ �̇�refj

𝑁chref

j=1

=  �̇�reftot
 ∑ �̇�hsj

𝑁chhs

j=1

=  �̇�hstot
 ∑ �̇�refj

𝑁chref

j=1

𝑥refinj
 =  �̇�reftot

𝑥refin
 

Pressure drop equalization 

∑ Δ𝑝refi,j

𝑛

i=1

=  ∑ Δ𝑝refi,j+1

𝑛

i=1

 

 

j = 1, … , 𝑁chref
− 1 

∑ Δ𝑝hsi,j

𝑛

i=1

=  ∑ Δ𝑝hsi,j+1

𝑛

i=1

 

 

j = 1, … , 𝑁chhs
− 1 

 

Superheat  Compressor suction volume flow 

�̅�refout
− 𝑇dew = Δ𝑇SH �̇�reftot

⋅ �̅�refout
= �̇�out 

 

2.5.3 Comparison with one-dimensional (1D) model 

In order to separate the effect of uneven vapor quality distribution at the PHE inlet channels from the effect of end 

plates, the results of the flow distribution solver were compared with a 1D model of the component, discretized along 

the flow direction. The heat transfer and fluid flow equations were solved iteratively by considering 50 PHE elements, 

without further discretizing across the PHE channels. The solution procedure was implemented analogously to the 2D 

model, and the same boundary conditions for superheat and suction volume flow rate were imposed.  

 

2.5.4 Model validation 

The 2D heat transfer and fluid flow numerical model coupled with the flow distribution and operating conditions 

solver was validated against 316 experimental data points for evaporation of R134a, R1234yf and R1234ze (Zhang et 

al., 2017). The model reported a normalized root mean square error on the total heat flow rate equal to 2.9 % and on 

the refrigerant pressure drop equal to 23.8 %.  

 

 3. RESULTS 

 
3.1 Mass flow distribution and temperature profiles 
Figure 2 shows the refrigerant mass flow distribution for the three working fluids at different maldistribution rates, 

under the design considered in Table 2. The case Δ𝑥 = 0 corresponds to the uniform distribution of vapor quality at 

the inlet channels, wherein the non-uniform mass flow distribution is solely due to the effect of the end plates. The 

ordinate reports the percentage deviation of the mass flow rate in each channel with respect to the average mass flow 

rate per channel. The average value is estimated by dividing the total mass flow rate, reported in Table 4 for the 

different maldistribution cases, by the total number of refrigerant channels. Figure 2 (a) shows that the pure fluid 

Butane was the most affected by maldistribution, compared to both Propylene/Butane (0.5/0.5) (b) and 
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R1234yf/R1233zdE (0.5/0.5) (c). The latter was the working fluid being least affected by uneven quality distribution, 

with maximum differences equal to - 3.3 % for the case of Δ𝑥 = 0.25, followed by Propylene/Butane (0.5/0.5) with  a 

maximum deviation of - 6.1 %. Butane showed consistently higher deviations, reaching up to + 46.7 %. Furthermore, 

Figure 2 reports opposite mass flow trends for the pure fluid compared to the two zeotropic mixtures. In the case of 

Butane, a higher mass flow rate was obtained in the channels where the inlet vapor quality was lower. This is due to 

the higher pressure drop entailed by the vapor phase, thereby causing a mass flow reduction in those channels where 

the complete evaporation and superheat were reached earlier. On the other hand, both Figure (b) and (c) show that the 

mass flow of the two zeotropic mixtures is only slightly affected by maldistribution. Moreover, Table 4 shows that 

the total refrigerant mass flow rate of the two mixed refrigerants is only slightly affected by the maldistribution 

parameter  Δ𝑥 , while the total mass flow of Butane decreases with increasing  Δ𝑥 , thereby implying an expected 

reduction of the total evaporator heat flow rate.  

 

Figure 2: Deviation from average value of refrigerant mass flow rate in each channel at different rates of 

maldistribution, for (a) Butane, (b) Propylene/Butane (0.5/0.5) and (c) R1234yf/R1233zdE (0.5/0.5) 

 

Table 4: Total refrigerant mass flow rate at different maldistribution rates for the three considered working fluids 

Working fluid �̇�reftot
, kg/s 

 Δ𝑥 = 0 Δ𝑥 = 0.05 Δ𝑥 = 0.10 Δ𝑥 = 0.15 Δ𝑥 = 0.20 Δ𝑥 = 0.25 

Butane 0.0347 0.0346 0.0344 0.0340 0.0337 0.0334 

Propylene/Butane (0.5/0.5) 0.0355 0.0354 0.0354 0.0355 0.0354 0.0354 

R1234yf/R1233zdE (0.5/0.5) 0.0745 0.0750 0.0751 0.0750 0.0751 0.0750 

 

The higher sensitivity to maldistribution of the pure fluid can also be observed in the temperature distribution of the 

refrigerant, heat source and wall temperature in the different channels, which is shown in Figure 3 for the case of 

severe maldistribution (Δ𝑥  = 0.25). The refrigerant flows upward in the even channels, while the water flows 

downward in the odd ones. Figure 3 (a) shows the results for Butane. The channels with a low refrigerant mass flow 

rate experienced a large region of superheat, where the temperature level of the refrigerant outlet reached the inlet heat 

source temperature. The effect on the overall outlet superheat was however compensated by the channels with lower 

outlet temperature. For instance, incomplete evaporation occurs in channels 4 and 6 of Figure 3 (a), presenting outlet 

refrigerant temperature equal to the saturation level.  

 

Figure 3 (b) shows the same temperature distribution for the case of Propylene/Butane (0.5/0.5) at Δ𝑥 = 0.25. The 

temperature profiles for  R1234yf/R1233zdE (0.5/0.5) were similar to those of Propylene/Butane (0.5/0.5), and hence 

are not reported here. Compared to the pure fluid, a refrigerant temperature rise can be observed during the evaporation 

process, due to the characteristic temperature glide of zeotropic mixtures. The effect of end plates can be noticed in 

the outmost refrigerant channels (channels 2 and 48 of Figure 3 (b)) presenting a slightly higher outlet temperature 

compared to the inner ones. The effect of maldistribution, namely the slightly uneven mass flow distribution presented 

in Figure 2 (b), can however not be detected. 

 
         (a)              (b)          (c) 
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 (a) (b) 

 

  
Figure 3: Temperature distribution in the different channel and across the plate length, for (a) Butane and (b) 

Propylene/Butane (0.5/0.5), for the case of severe maldistribution rate Δ𝑥 = 0.25 

 

3.2 Degradation of heat transfer performance 
Figure 4 reports the total heat flow rate for the three working fluids as function of the maldistribution  parameter Δ𝑥. 

The results are compared with the value obtained by considering a 1D discretization of the PHE along the flow 

direction, thereby neglecting the effect of end plates. Note that the same boundary conditions on superheat and suction 

volume were applied to the 1D case. The heat transfer performance for Butane (shown in Figure 4 (a)) was 

considerably affected by both the effect of end plates and liquid/vapor maldistribution. A reduction of -5.2 % on the 

total heat flow rate was obtained between the 1D model and the 2D model with Δ𝑥 = 0, accounting for the effect of 

end plates. A further reduction of -6.3 % was obtained between the uniform distribution case and the severe 

maldistribution imposed by setting Δ𝑥 = 0.25.  

 

On the other hand, both zeotropic mixtures Propylene/Butane (0.5/0.5) and R1234yf/R1233zdE (0.5/0.5) (shown in 

Figure 4 (b) and (c)) report a negligible effect of the liquid/vapor maldistribution on the total heat flow rate, performing 

with a constant heat flow rate as function of the maldistribution rate Δ𝑥. The trend is consistent with the slight impact 

on the total refrigerant mass flow presented in Table 4. A small effect of the end plates was estimated, equal to a 

reduction of the heat flow rate of -0.9 % and -0.8 %, for Propylene/Butane (0.5/0.5) and R1234yf/R1233zdE (0.5/0.5), 

respectively. It must be noted that the lower impact of end plates in the case of the zeotropic mixtures was also affected 

by a larger number of plates employed by both the designs, namely 49 and 57 against the 23 channels used for Butane.  

 

 
         (a)        (b)      (c) 

   
Figure 4: Total heat flow rate as function of the maldistribution rate for (a) Butane, (b) Propylene/Butane (0.5/0.5) 

and (c) R1234yf/R1233zdE (0.5/0.5)   
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4. DISCUSSION 
 

5.1 Impact of number of channels and superheat 
The results suggest that the zeotropic mixtures may show operating advantages compared to Butane for the heat pump 

system, due to a considerably reduced impact of flow maldistribution on the PHE performance. Despite the higher 

initial investment for the larger heat transfer area required by the use of mixtures, both Propylene/Butane (0.5/0.5) and 

R1234yf/R1233zdE (0.5/0.5) were only slightly affected by the occurrence of maldistribution, while Butane suffered 

from a performance reduction equal to -11.2 % due to flow maldistribution and end plate effects altogether.  

 

These considerations are however dependent on the boundary conditions used in the study. Among these, the different 

superheat and the number of channels could largely affect the outcome of the analysis. The larger number of channels 

employed for both the mixtures reduced the effect of end plates from -5.2 % for Butane down to less than -1 % for 

both the mixtures. Moreover, a larger imposed superheat is likely to increase the vapor phase pressure drop, thereby 

leading to a further reduction of the mass flow in the channels reaching a higher degree of superheat. In order to 

compare performance under same boundary conditions for the pure and mixed refrigerants, a comparison was carried 

out between Butane and Propylene/Butane (0.5/0.5) for the same number of channels, e.g. 23, and the same controlled 

value for superheat e.g. 5 K. The plate geometry was kept constant as presented in Table 2.  

 

Figure 5 (a) shows the obtained refrigerant mass flow distribution of Propylene/Butane (0.5/0.5). Compared to the 

results of Butane (Figure 2 (a)), the same trend was obtained. As expected, the larger superheat implied a reduction of 

the refrigerant mass flow rate for the channels with higher inlet vapor quality, reaching the superheated region earlier. 

It is however shown that the magnitude of this effect is much lower in the case of the mixture compared to the pure 

fluid, with maximum percentage deviations of the mass flow rate of – 5.8 % from the average, in the case of Δ𝑥 = 

0.25, against the +46.7 % of Butane, as reported in the first two columns of Table 5. 

 

The mass distribution effect was translated into heat transfer performance degradation, as shown in Figure 5 (b) for 

the case of Propylene/Butane (0.5/0.5). The trend is similar to the one of Butane (shown in Figure 4 (a)), with a first 

decrease in the total heat flow rate due to the effect of end plates, and a further decrease in performance when a larger 

non-uniform vapor quality distribution was imposed at the inlet. The percentage deviations are reported in the last 

four columns of Table 5 using the 1D-model results as reference case. Propylene/Butane (0.5/0.5) experienced a 

degradation of heat transfer due to end plates equal to around 1/3 of the same effect for the pure fluid. The degradation 

due to non-uniform quality distribution was smaller, causing an additional -0.4% loss in total heat flow rate. Butane, 

on the other hand was largely influenced by both end plates and the maldistribution, leading to an equal degradation 

of heat transfer, around -6 % for each. 

 

(a) (b) 

 
 

  
Figure 5: (a) Deviation from average refrigerant mass flow rate in each channel and (b) total heat flow rate as 

function of the maldistribution rate for Propylene/Butane (0.5/0.5) with 23 total channels and 5 K superheat 
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Table 5: Mass flow maximum deviations and maximum estimated degradation of total heat flow rate due to end 

plates and to liquid/vapor maldistributions for Butane and Propylene/Butane (0.5/0.5) 

Working fluid 

�̇�reftot
, 

(Δx = 0.25), 

kg/s 

max(Δ�̇�ch) 

(Δx = 0.25), 

% 

Q̇tot 
(1D – ref.), 

kW 

Q̇tot 

(Δx = 0), 

kW 

ΔQ̇tot, 

% 

Q̇tot 

(Δx = 0.25), 

kW 

ΔQ̇tot, 

% 

Butane 0.0334 + 46.7 11.8 11.2 - 6.3 10.4 - 11.2 

Propylene/Butane 

(0.5/0.5) 
0.0349 - 5.8 12.0 11.7 - 2.5 11.6 - 2.9 

 

5.2 Limitations and future work 
The flow distribution was solved by imposing equal pressure drops of both fluids across the channels, thereby entailing 

a strong dependence of the results on the chosen empirical correlation for the frictional contribution to pressure drop. 

The study was however carried out by applying the same model to pure fluid and mixtures, and hence led to a 

reasonable comparison between the fluids, regardless of the uncertainties in the calculation. Investigating the effect of 

using alternative correlations would be a further step to validate the present results. Moreover, the study was carried 

out for a specific application of a booster heat pump for a DH network, thus further validation would be obtained by 

evaluating additional refrigerants and different operating conditions for various applications. Last, the economic 

benefit of PHE performance entailed by mixture utilization, avoiding a likely degradation of the heat pump COP, 

could be compared with the increasing investment due to larger required heat transfer area. 

 

5. CONCLUSIONS 

 
The impact of uneven liquid/vapor distribution at the inlet of a PHE evaporator was evaluated for the case study of a 

booster heat pump for a DH network. Three different refrigerants were compared, namely Butane, Propylene/Butane 

(0.5/0.5) and R1234yf/R1233zdE (0.5/0.5). The degradation of PHE performance was evaluated for different cases of 

maldistribution, imposed by assuming a linear variation of the inlet vapor quality across the PHE channels. Butane 

was the most affected by maldistribution, with a consistent reduction of the mass flow rates in the channels with higher 

inlet quality, reaching the superheated region earlier. A degradation of the heat flow rate equal to - 6.3 % was estimated 

as the sole effect of end plates, while an overall reduction of - 11.2% was estimated in case of severe maldistribution. 

Both zeotropic mixtures were only slightly affected by end plates, with heat transfer rate decrease of - 0.9%  and - 0.8 

%, while the uneven vapor/quality distribution resulted in a negligible effect on the total heat flow rate.  

 

NOMENCLATURE 
COP coefficient of performance (-) �̇� heat flow rate (kW) 

L plate length (m) 𝑇 temperature (K or  °C) 

�̇�  mass flow rate (kg/s) �̇� volume flow rate (m3/hr) 

𝑁ch  number of channels (-) W plate width (m) 

𝑝 pressure (bar) 𝑥 vapor quality (-) 

Greek letters       

Δ   difference (-) 𝜌 density (kg/m3) 

Subscripts     

ch channel  out outlet  

eva evaporator  ref refrigerant  

hs heat source  sh superheating  

in inlet  tot total  
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ABSTRACT  

This paper aims at deriving design recommendations for plate heat exchanger (PHE) evaporators 
and condensers in heat pump (HP) systems using different refrigerants. A coupled HP - PHE 
simulation framework was used to carry out cycle and component design for a case study, with 
different combinations of PHE geometrical parameters, and propane, butane and propylene/butane 
(0.5/0.5) as refrigerants. An operating model subsequently evaluated the heat pump thermodynamic 
and economic performance with the different designed PHEs: the trade-off between heat transfer 
area and refrigerant pressure drops was therefore taken into account for both components. Only 
evaporator pressure drops affected the Coefficient of Performance (COP), and different refrigerants 
presented dissimilar slopes of degradation. Condenser design did not influence the COP, and the 
economic optimum corresponded to the lowest size. The evaporator design at minimum cost was 
instead found as a trade-off between heat transfer area and pressure drops for all the working fluids. 
Despite the different rates of COP drop, the three refrigerants resulted in the same optimal pressure 
drop at the evaporator, equal to around 5 kPa.  

Keywords: Pressure drops, Zeotropic mixtures, Evaporators, Condensers, Economic analysis 

1. INTRODUCTION  

Optimal design of evaporators and condensers in heat pumps plays a key-role for overall system 
thermodynamic and economic optimization. Plate heat exchangers (PHEs) offer a compact design 
that is feasible for both pure fluids and zeotropic mixtures. Contrary to the most common 
configurations of micro-channel heat exchangers (HEXs), PHE allows counter-current flow 
arrangement, which is essential for temperature glide matching between mixed refrigerants and heat 
source/sink. Nonetheless, HEX design often relies on criteria based on heuristics, such as maximum 
allowable inlet velocities or maximum pressure drop, possibly leading to suboptimal solutions, 
depending on the working fluid (Mancini et al., 2018). Previous studies (Muralikrishna and Shenoy, 
2000; Wang and Sundén, 2003) attempted at establishing trade-off criteria between pressure drops 
and investment in heat transfer area, yet mostly focusing on single-phase application or without 
considering the impact on the thermodynamic cycle performance. On the other hand, HEX design 
optimization (with or without system integration) was addressed by several works in literature, also 
focusing on PHEs (Walraven et al., 2014; Xu et al., 2015). However, a simultaneous 
component/system optimization may entail a high computational cost, especially during the 
preliminary system design phase and working fluid selection. For example, screening of multiple 
combinations of pure fluids at different compositions to evaluate the performance of mixed 
refrigerants (Zühlsdorf et al., 2019), may require too many evaluations of system performance.  

In this context, the present work aims at: (i) comparing the relative impact of condenser and 
evaporator design on the heat pump thermodynamic and economic performance, by looking at both 
area investment and pressure drops. (ii) Estimating the differences between three working fluids 
(pure and mixed refrigerants), for a case study. (iii) Discussing similarities and differences 
considering fluids thermo-physical properties. (iv) Attempting at the definition of general design 
recommendations for PHE evaporator and condenser in HP systems to be used during the 
preliminary system design phase.  



 

 

2. METHODS 

This section describes the chosen case study, the overall procedure and the numerical modelling.  

2.1. Case Study 

A case study previously published in (Zühlsdorf et al., 2019) was chosen for the analysis. A heat 
pump (HP) was integrated in a data centre facility for waste heat recovery purposes, with the aim of 
supplying heat to the district heating (DH) network. Propane, butane and a mixture of 
propylene/butane at (0.5/0.5) mass composition were found among the best performing working 
fluids. The heat pump was sized by fixing the heat transfer rate at the evaporator, i.e. 500 kW to use 
as waste heat. Moreover, the heat source was considered to be water entering the evaporator at 50 
°C and leaving at 25 °C, while the heat sink was considered to be water entering the condenser at 
50 °C to be heated up to 75 °C, i.e. the temperature level required by the DH network. 

Table 1. Heat pump design and operating parameters for the three considered refrigerants 

Working fluid 
�̇�cond, �̇�eva, 𝑝cond, 𝑝eva, COP, �̇�out,eva, 

kW kW bar bar - m3/h 

Propane 638 500 28.1 8.8 4.4 370 

Butane 630 500 9.5 2.2 4.5 1100 

Propylene/Butane 600 500 16.4 5.6 5.6 460 

2.2. Coupled heat  pump-plate heat exchanger simulation framework 

The simulation framework structure is shown in Figure 1. The models were built in MATLAB 
(Mathworks, 2017), and fluid properties were estimated by REFPROP 10 (Lemmon et al., 2018). 
The reader is referred to (Mancini et al., 2018) for a detailed description of the PHE design models, 
and to (Mancini et al., 2019) for a comprehensive description of the heat pump design and operating 
models, with detailed PHE characterization. 

First, the working fluid and the case study boundary conditions (BCs) were defined and used in the 
HP design model. The PHE evaporator and condenser designs were subsequently carried out, for 
different combinations of geometrical parameters. The aim of the parametric analysis was to obtain 
PHE designs with different heat transfer areas and pressure drops. The resulting configurations were 
finally used in a HP operating model, which additionally received as input the control values chosen 
for the operation, namely a fixed superheat, subcooling and suction volume flow rate at the 
compressor inlet. The resulting HP operating conditions, affecting the compressor power 
requirement and the heat supply of the condenser, were used in an economic analysis to estimate 
the COP and operating costs.  

2.2.1. Parametric Analysis on PHE geometry 

A parametric study was conducted on the geometry of both evaporator and condenser. It was 
decided to fix the corrugation geometry of the PHEs and to carry out a sensitivity study on the plate 
size and count. The plate width 𝑊 and number of channels 𝑁ch were varied for both the components, 
while the plate length was estimated as an output of the design model. The values used in the 
parametric analysis are reported in Table 2.  

Figure 1: Workflow of the overall method 



 

 

Table 2: Plate width and number of channels values used in the parametric study 

Parameter Working fluid Values Unit 

𝑊eva  All fluids 0.250 – 0.400 – 0.600 m 

𝑁ch,eva  
Propane 50 – 100 – 150 – 200 – 250 

- Butane 70 – 120 – 170 – 220 – 270 
Propylene/butane  80 – 130 – 180 – 230 – 280 

𝑊cond  All fluids 0.200 – 0.400 – 0.600 m 

𝑁ch,cond  
Propane 50 – 100 – 150 – 200 – 250 

- Butane 70 – 120 – 170 – 220 – 270 
Propylene/butane  50 – 100 – 150 – 200 – 250 

2.2.2. Evaluation of thermodynamic and economic performances 

The thermodynamic and economic performance of the heat pump for different PHE geometries of 
both evaporator and condenser were assessed by means of performance indicators. The COP, 
estimated by Eq. (1), indicated the thermodynamic performance. 

COP =
�̇�sink

�̇�comp

 Eq.(1) 

The specific cost of heat, calculated by means of Eq. (2) and expressed in €/MWh, was instead 
chosen to quantify the economic performance (Zühlsdorf et al., 2019). In Eq. (2), CF represents the 
fuel cost to run the compressor, TCI the total capital investment and CRF the capital recovery factor, 
estimated as function of an effective interest rate. OH represents the HP yearly operating hours. 

ch =
CFel + TCI ⋅ CRF

�̇�sink ⋅ OH
  Eq.(2) 

The use of the specific cost of heat allows estimating the price at which the heat must be sold to the 
DH network in order to compensate for the investment and running cost of the HP. In this specific 
case study, the heat source was assumed as free waste heat from the data centre facility.  

3. RESULTS  

Section 3.1 deals with the impact of PHE designs on the heat pump COP, while Section 3.2 
introduces the results of the economic analysis. Section 3.3 presents optimal designs obtained for 
the different refrigerants. Design recommendations are finally summarized in Section 3.4. 

3.1. Impact of Evaporator and Condenser Design on Thermodynamic Performance 

Figure 2 shows how the refrigerant pressure drops of the evaporator affected the heat pump COP. 
Each point corresponds to one combination of the design variables reported in Table 2, e.g. different 
evaporator and condenser geometries. The different marker styles and colours represent the working 
fluid. The COP value was reported by scaling it with respect to the design value. The thermodynamic 
performance degradation due to pressure drops for the different PHE evaporator designs was fitted 
linearly for each working fluid, and Figure 2 also reports the value of the slopes.  For example, 
choosing a design with 30 kPa pressure drops entails around 4 % COP drop for butane, 3 % for 
propylene/butane, while it stays lower than 2 % for propane.  

It must be noted that only few design points are visible in the figure compared to the 225 different 
combinations evaluated in the sensitivity study. This is due to the condenser design, which does not 
affect the COP, hence the points with the same evaporator geometry and different condenser 
designs overlap. Figure 3 (a) further illustrates this result, reporting the COP for the three working 
fluids vs. the total refrigerant pressure drops at the condenser. There is no dependency between the 
COP and the condenser design, and the colour scale – indicating different normalized evaporator 
pressure drops – shows that maximum COP was obtained for minimum evaporator pressure drops 
in all the cases. Note that Figure 3 (a) shows that the relative ranking of the working fluids in terms 
of COP was slightly affected by the PHE designs. Propylene/butane remained the refrigerant with 
the highest COP regardless of the evaporator and condenser configuration, while butane and 
propane were found to overlap depending on the evaporator design (pressure drops).  



 

 

 

The stronger dependence of the COP to the evaporator pressure drops was related to a number of 
reasons. First, a higher value of pressure drops entailed a decrease in the heat output of the 
condenser. This was due to the impact of evaporator operation on the operating parameters of the 
cycle, i.e. refrigerant mass flow rate and pressures. The mass flow rate was in fact diminished at 
fixed superheat and subcooling, and the HP operated at a lower pressure ratio, i.e. a lower 
compressor power was required. However, the decrease in total heat flow rate of the condenser 
affected the COP negatively to a larger extent, as shown in Figure 3 (b): the condenser total heat 
flow rate – normalized by the design value – is plotted as a function of the evaporator pressure drops, 
with different colours representing different magnitudes of normalized condenser pressure drops. 
Similarly to the COP degradation reported in Figure 2, butane reports the steepest degradation, 
followed by propylene/butane and propane. The slopes of degradation were found to be similar to 
the COP drop plotted in Figure 2. Condenser pressure drops, represented by the different colour 
scale, were found not to affect the total heat flow rate at the condenser, and different condenser 
designs overlap in Figure 3 (b) similarly to Figure 2. 

The higher drop of heat pump COP for butane compared to the other two fluids is due to another 
main reason: evaporator pressure drops also imply a saturation temperature drop, which increases 
the exergy destruction due to finite temperature differences in the evaporator component, thus 
contributing to the COP degradation. Depending on some relevant fluid thermo-physical properties, 
refrigerants can be more or less subject to this effect.  

(Brignoli et al., 2017) identified the ones characterizing refrigerants sensitivity to pressure drops, 
namely vapour density and saturation temperature drop due to pressure drop. These are reported 
in Table 3 for the three working fluids at design conditions. Lower vapour density implies higher 
pressure drops for the same mass flux and PHE geometry. Therefore, a design that is feasible for 
propane and propylene/butane, possibly enhancing the heat transfer coefficient, might entail too 
large pressure drops for butane, with vapour density much lower than the other two refrigerants. This 
was one of the reasons why the bounds for plate width and number of channels variation in the 
sensitivity study (see Table 2) were chosen differently for the working fluids, i.e. to ensure feasible 
PHE designs with similar values of pressure drops.  

The refrigerant vapour density is thus a property that must be carefully taken into account when 
choosing the working fluid and subsequently selecting the HEX design. Higher saturation 
temperature drop due to pressure drop, estimated by the Clapeyron relation (Moran, 2017), entails 
a larger drop of the saturation temperature due to pressure drop, thereby increasing the exergy 
losses due to the temperature difference between the refrigerant and the heat source side in the 
evaporator. Table 3 shows how the ranking between the working fluids in terms of vapour density 
and 𝑑𝑇bubble/𝑑𝑝 respects the slopes of the COP degradation reported in Figure 2. Therefore, despite 
both propane and propylene/butane reported similar slopes for the degradation of condenser heat 
flow rate, the mixture was found to be more sensitive to saturation temperature drop due to pressure 
drop, resulting in a steeper COP drop.  

 Table 3: Bubble and dew temperatures and thermo-

physical properties at design pressure 

 

Working fluid 
𝑝eva, 𝜌V, 𝑑𝑇bubble/𝑑𝑝 

bar kg/m3 K/kPa 

Propane 8.8 19.1 0.044 

Butane 2.2 5.7 0.140 

Propylene/Butane 5.6 13.6 0.054 
 

 

Figure 2: Normalized COP as a 

function of total refrigerant pressure 

drop in the evaporator 

 



 

 

 

(a) (b) 

Figure 3: (a) COP as a function of total refrigerant pressure drop in the condenser; (b) Normalized 

condenser heat flow rate as function of total refrigerant pressure drop in the evaporator 

3.2. Impact of Evaporator and Condenser Design on Economic Performance 

The economic performance was evaluated by looking at the specific cost of heat, which is influenced 
by both condenser and evaporator design. The TCI is dependent on both HEX sizes (related to the 
heat transfer area), while the operating costs are strongly related to the heat pump COP. The 
economic performance indicator is reported in Figure 4 (a) for the three refrigerants as function of 
the pressure drop at the evaporator. The three working fluids present similar trends, with a trade-off 
and a minimum for a certain value of refrigerant pressure drops. Figure 4 (a) reports a close-up for 
the case of propane, where the colours represent different values of condenser heat transfer area. 
The results show that evaporator and condenser have different types of impact on the specific cost 
of heat. For a fixed condenser design – thus a fixed value of heat transfer area shown by the colours 
of Figure 4 (b) – the economic performance was a trade-off between heat transfer area and pressure 
drops of the evaporator. The minimum cost was determined by a certain value of evaporator pressure 
drops, which was similar for all the different condenser designs.  

On the other hand, the condenser design influences the economic performance in a different 
manner: it was always desirable to employ condenser designs with minimum heat transfer area 
(shown by the darker blue colour in Figure 4 (b)). In fact, since the COP was not found to be affected 
by condenser pressure drops, the operating costs were not influenced by its design. The TCI was 
instead related to the heat transfer area, thereby suggesting a minimization of the condenser size. 
A relevant finding shown by Figure 4 is thus given by the fact that the evaporator and condenser 
geometry optimization, despite aimed at minimizing the cost of the overall system, could be 
considered as decoupled problems. The designer can choose to optimize the evaporator geometry 
and to find the design leading to the minimum cost, regardless of the condenser design (and the 
opposite holds). One additional relevant aspect highlighted by Figure 4 (a) is that all the refrigerants 
presented a minimum of specific cost of heat for similar values of refrigerant pressure drops. These 
values lie in the interval 5 – 10 kPa, which is relatively low, compared to usual manufacturer 
guidelines setting the limitation to around 50 kPa (SWEP International AB, 2015).  

The results might therefore suggest that in this particular case study – regardless of the refrigerant 
chosen – an optimal value of pressure drops could be defined preliminarily to the refrigerant selection 
and HEX sizing. In this way, it is possible to define a guideline – based on optimal pressure drops – 
to design the PHE evaporators and condensers prior to the working fluid screening. This would 
enable the screening to avoid suboptimal solutions or the computational cost of optimizing the HEX 
design for all the working fluids, some of which the screening will in any case subsequently disregard. 
This result might seem contradictory if one thinks about the different slopes of COP degradation for 
the different fluids, previously shown in Figure 2. However, Figure 4 (a) reports an effective steeper 
increase of the specific cost of heat for butane rather than propane and propylene/butane. This 
increase started however after reaching the minimum specific cost of heat (after around 30 kPa), 
thus the different slopes of the working fluids for the COP degradation were not relevant to define 
the optimum. Moreover, since the optimal values of refrigerant pressure drops was found to be as 



 

 

low as 5 kPa to 10 kPa, the COP degradation (shown in Figure 2) admissible for this case was found 
to be lower than 2 %.  

Figure 4: Specific cost of heat as function as a function of total refrigerant pressure drops in the 

evaporator for: (a) all fluids, (b) propane (close-up) 

3.3. Economic Optimum: PHE Designs 

Table 4 shows the geometrical specification of the PHE evaporator and condenser designs 
corresponding to the economic optimum shown in Figure 4. Moreover, heat transfer area, total 
refrigerant pressure drops and heat pump COP and specific cost of heat are reported. The designs 
minimizing the specific cost of heat are in agreements with the results presented above. The PHE 
evaporator design was limited to pressure drops from 4.2 kPa for butane and 7.2 kPa for 
propylene/butane. The optimal values are thus close for all the working fluids. Similar plate size was 
found for propane (P) and propylene/butane (P/B), while a plate with a lower aspect ratio (length-to-
width ratio) was obtained for butane (B). Due to the lower vapour density, butane is in fact subject to 
higher pressure drops for the same velocity and channel geometry. The condenser design was 
instead found to be similar for propane and butane, e.g. high pressure drops over 100 kPa were 
allowed. With similar channel geometry, the condenser design for propylene/butane led instead to 
low pressure drops, e.g. 11.5 kPa. This was likely due to the lower dependency of the total heat flow 
rate at the condenser on the pressure drops, as previously explained in Section 3.1. Note that the 
condenser design corresponding to the economic optimum is an extreme design case of very high 
aspect ratio, due to the large bounds for variation of width and channels imposed in the sensitivity 
study. Such designs might be unrealistic compared to commercial plate size. The economic optimum 
would in any case correspond to the same evaporator design and more realistic plate size for the 
condenser could be easily obtained by choosing solutions with higher condenser heat transfer area 
(e.g. going up in the parallel curves reported in Figure 4). 

Table 4: PHE designs corresponding to the economic optimum 

 Evaporator design Condenser design  

 𝑊 

m 

𝐿 

m 

𝑁ch 

- 

𝐴ht 

m2 

Δ𝑝ref 

kPa 

𝑊 

m 

𝐿 

m 

𝑁ch 

- 

𝐴ht 

m2 

Δ𝑝ref 

kPa 

COP 

- 

𝑐ℎ 

€/MWh 

P 0.250 0.460 150 20.5 6.7 0.200 1.768 50 21.1 113.3 4.4 38.9 

B 0.400 0.447 170 36.0 4.2 0.200 1.472 80 28.1 140.2 4.5 41.5 

P/B 0.250 0.655 180 35.1 7.1 0.200 1.774 100 42.3 11.5 5.5 31.6 

3.4. Design Recommendations 

The results presented so far led to the following findings, summarized as design recommendations 
for evaporator and condenser design in heat pump systems: 

(a) (b) 



 

 

 Design criteria such as maximum allowable pressure drops and fixed velocities possibly lead 
to suboptimal solutions depending on the case study and the working fluid. 

 Evaporator and condenser designs can be carried out as decoupled geometry optimization 
problems, e.g. the design of each component does not affect the other. 

 Evaporator design influences the heat pump COP to a large extent, while the condenser 
design is not found to be relevant for the thermodynamic performance. 

 Both components influence the economic performance: the minimum cost is found by 
defining optimal trade-offs between heat transfer area and pressure drop in the evaporator, 
while it is always desirable to minimize condenser heat transfer area. 

 The economic optimum could be defined by a maximum allowable COP degradation, which 
theoretically corresponds to different allowable pressure drops for each refrigerant.  

 The same optimal evaporator pressure drop was found for different refrigerants for this case 
study. This is not necessarily a general conclusion, given the very low allowable COP 
degradation and the dependence of the results from the economic boundary conditions. 

4. DISCUSSION 

The results presented in this paper were based on numerical modelling of PHE and HP, in both 
design and performance mode. The PHE models were based on a 1D discretization along the fluid-
flow direction, thus neglecting the occurrence of channel-to-channel maldistribution effects. (Mancini 
et al., 2019) showed that refrigerant pressure drops have a major impact on the heat transfer 
degradation due to maldistribution effects, causing an additional COP degradation. This implies that 
the optimal value of refrigerant pressure drops found in this study could be even lower for those 
refrigerants (like butane) that are particularly sensitive to maldistribution effects.  The results of 
economic analysis are strongly dependent on the boundary conditions assumed for the case study. 
The heat from the source was considered to come at no cost, and the COP degradation solely 
implied an increase of the compressor running cost. A COP decrease could also imply a reduction 
of the heat source utilization, which might partially counteract the cost increase in those cases where 
the heat source is not free (e.g. district heating applications). Last, the importance of tailoring design 
criteria depending on the working fluid and application is stressed: designers must be aware that 
limiting inlet velocities or imposing allowable pressure drops can lead to suboptimal solutions, since 
the slope of COP degradation has a strong dependence on refrigerant properties. For example, for 
the economic analysis of propane shown in Figure 4(b), choosing an evaporator design with pressure 
drops around 50 kPa would entail an increase of almost 1 €/MWh in the specific cost of heat.  

5. CONCLUSIONS  

This paper presented an approach to derive recommendations for PHE design in HP using pure and 
mixed refrigerants. A sensitivity study was carried out by simultaneously varying plate size and count 
for both evaporator and condenser, and PHE geometrical configurations with different trade-offs 
between heat transfer area and pressure drops were obtained. This study constitutes an attempt to 
derive design guidelines during a preliminary cycle design phase, where a full component 
optimization is computationally expensive, and adopting heuristics criteria might lead to suboptimal 
solutions. The results showed that only evaporator pressure drops affected the COP, and the 
different refrigerants were subject to different degradation slopes. Butane, with lowest vapour density 
and higher saturation temperature drop due to pressure drop, resulted in the steepest drop, with 30 
kPa generating a 4 % COP drop. Condenser design solely influenced the economic performance, 
thus a minimization of the size was always preferable. The trade-off between evaporator size and 
pressure drops was found to be independent from the condenser design, and the analysed case 
study resulted in optimal COP degradation of maximum 2 % for all the working fluids, thereby defining 
optimal pressure drop values in a narrow range, around 5 kPa.  
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NOMENCLATURE 

 

𝐴ht  heat transfer area (m2) Abbreviations 

𝑐ℎ   specific cost of heat (€×MWh-1) BC boundary conditions 

CFel   annual cost of electricity (€) HEX heat exchanger 

COP   coefficient of performance (-) HP heat pump 

CRF   capital recovery factor (-) PHE plate heat exchanger 

𝐿  plate length (m) Greek symbols 

𝑁ch  number of channels (-) 𝜌  density (kg×m-3) 

OH  operating hours (h) Δ  Difference (-) 

𝑝  pressure (bar) Subscripts 

�̇�  heat flow rate (W) comp compressor 

𝑇  temperature (K) cond condenser 

TCI  total capital investment (€) eva evaporator 

𝑊  plate width (m) V vapour 
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If we knew what it was we were doing,
it would not be called research, would it?

— Albert Einstein





This thesis presents detailed numerical models to design and evaluate the per-

formance of plate heat exchangers (PHEs) integrated in heat pump systems using 

pure fluids and zeotropic mixtures as working fluids. The models are verified and 

validated with experimental data. They are subsequently applied to address open 

research questions in the field of PHE technology. First, a comparison of different 

prediction methods to compute the heat transfer coefficient of zeotropic mixtures 

in PHEs is presented, with the aim of identifying the most suitable correlations 

to apply. Second, design guidelines for PHE evaporators and condensers in heat 

pumps are derived, and a methodology to derive simplified guidelines for optimal 

evaporator design is illustrated. Last, a study on flow maldistribution in PHE evapo-

rators is carried out, with the aim of quantifying the performance degradation due 

to liquid/vapour maldistribution and effect of end plates.  The impact of maldis-

tribution is evaluated in terms of heat transfer performance degradation of the 

component, as well as thermodynamic performance decrease of the cycle.
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