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Abstract 

The United Nations aim for the goal of limiting the global warming to well below 2 K 

by 2050 compared to pre-industrial levels, which requires considerable reductions in 

greenhouse gas emissions. Shifting to renewable energy sources and increasing the energy 

efficiency is inevitable for the industry and utility sectors. Recovery of excess heat is 

considered as a promising approach for increasing the energy efficiency, although it is often 

available at too low temperatures. Heat pumps are an efficient technology for upgrading 

the heat to higher temperatures, suitable for covering various heat demands. This makes 

heat pumps an attractive technology for substituting fossil fuel based combustion processes.  

State of the art heat pumps operate however at a fraction of their potential maximum 

efficiencies and are limited to maximum supply temperatures of between 100 °C and 

150 °C. This thesis analyzed approaches for enhancing the performance of heat pumps for 

industry and district heating and for increasing the possible maximum supply temperatures. 

In the first part, it was studied how the performance could be improved by selecting a 

favorable working fluid. Zeotropic mixtures have the potential to increase the performance 

of heat pumps considerably, especially in applications in which the heat source and heat 

sink experience temperature glides. The performance improvement potentials are case 

specific and exploiting these potentials requires a sophisticated procedure for selecting the 

working fluid and designing the heat pump cycle. This thesis analyzed the criteria and 

boundary conditions for comparing working fluids and consequently derived a procedure 

for selecting the best fluids. The interdependencies between the working fluid, the 

components and the system were studied for enabling a system design for fully exploiting 

the peculiarities of zeotropic mixtures. Exergy analysis revealed that the majority of the 

performance improvement resulted from matching the temperature profiles of the working 

fluid and the secondary fluids. Without major adjustments of the cycle, increases in the 

coefficient of performance (COP) of more than 30 % were obtained for a beneficial fluid 

choice. Reducing the required superheating inside the evaporator was found to yield further 

improvements. Economic analyses revealed that the additional investment for the increased 

heat exchanger area could be compensated by the increases in COP in most cases. 

In the second part, different technologies were studied with respect to their techno-

economic feasibility for the supply of process heat at temperatures above 150 °C. A 

reversed Brayton cycle using R-744 and a cascade system with a multi-stage cycle using 

R-718 showed high potentials in applications with large temperature glides. The reversed 

Brayton cycle was cost-effective and less complex, while the cascade system had a higher 

flexibility with respect to the process integration. Both systems were found to be promising 

for extending the possible supply temperatures to 300 °C or higher, while the economic 

potentials were highest when combined with own renewable electricity generation.  

The thesis developed solutions for enhancing the performance of heat pumps and 

outlined options for enlarging their range of applications. Further actions were derived for 

exploiting the potential of heat pumps as key components in sustainable energy systems. 





 

Resumé 

FN’s målsætning om at holde den globale opvarmning under 2 K i 2050 sammenlignet 

med det præindustrielle niveau, kræver en betydelig reduktion i udledning af drivhusgasser. 

Omstilling til vedvarende energikilder og øget energieffektivitet er uundgåeligt for industri- 

og forsyningssektorerne. Genvinding af overskudsvarme er anset som et lovende tiltag for 

at øge energieffektiviteten, også selvom varmen ofte findes ved for lave temperaturer. 

Varmepumper er en effektiv teknologi til at opgradere varme til højere temperaturer. Dette 

gør varmepumper til et attraktivt alternativ til fossile brændsler.  

Eksisterende varmepumper yder kun en brøkdel af deres potentielt maksimale 

effektivitet og er ydermere begrænset til maksimale fremløbstemperaturer mellem 100 °C 

og 150 °C. Denne afhandling analyserer forskellige tiltag for at øge effektiviteten og den 

maksimale fremløbstemperatur af varmepumpesystemer til både industri og fjernvarme. 

I afhandlingens første del er det undersøgt, hvordan varmepumpers effektivitet kan 

forbedres ved at vælge et fordelagtigt arbejdsmedie. Zeotropiske blandinger kan potentielt 

forbedre effektiviteten af varmepumper betragteligt, især for installationer med store 

temperaturglid for varmekilde og -aftager. Forbedringspotentialet afhænger af de 

specifikke randbetingelser og muligheden for at udnytte dette potentiale kræver en 

sofistikeret procedure for både udvælgelse af arbejdsmedie og design af varmepumpens 

kredsproces. I denne afhandling er kriterier og randbetingelser for sammenligning af 

arbejdsmedier blevet analyseret, og der er udledt en procedure til udvælgelse af 

arbejdsmedier. De indbyrdes afhængigheder mellem arbejdsmedie, komponenter og system 

er blevet undersøgt for at finde et systemdesign, der bedst udnytter de zeotropiske 

blandingers særlige egenskaber. En exergianalyse har vist at størstedelen af 

effektivitetsforbedringerne kan tilskrives en bedre tilpasning mellem arbejdsmediets og det 

sekundære medies temperaturprofiler. Uden større ændringer i kredsprocessen kunne 

effektfaktoren forbedres med mere end 30 % ved et fordelagtigt valg af arbejdsmedie. 

Yderlige forbedringspotentiale blev fundet ved at mindske overhedningen i fordamperen. 

En økonomisk analyse har vist at for langt de fleste tilfælde blev merinvesteringen for det 

større varmevekslerareal kompenseret af den højere effektfaktor.  

I afhandlingens anden del er forskellige teknologier til produktion af procesvarme med 

temperaturer højere end 150 °C blevet undersøgt i forhold til deres teknoøkonomiske 

gennemførlighed. En omvendt Brayton kredsproces med R-744 og et kaskadesystem med 

en flertrins R-718 kredsproces viste store potentialer i anvendelser med store temperatur-

glid. Den omvendte Brayton kredsproces var omkostningseffektiv og mindre kompleks, 

mens kaskadesystemet gav højere fleksibilitet med hensyn til procesintegrationen. Begge 

systemer kunne realisere fremløbstemperaturer over 300 °C, mens det økonomiske 

potentiale var højest i kombinationen med egen vedvarende elproduktion.  

Afhandlingen har udviklet løsninger til forbedringer af varmepumper og beskrevet 

mulighederne for at udvide deres anvendelsesområde. Konkrete anbefalinger blev givet for 

at udnytte varmepumpernes potentiale som nøgleteknologi i bæredygtige energisystemer. 
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1 Introduction 

The transformation towards a sustainable energy system is inevitably 

linked to a large share of the heating requirements being supplied by 

electricity based technologies. Heat pumps have proven to be a viable 

solution with regards to various aspects and the demand for high-

performance heat pumps is accordingly increasing. The utilization of 

commercially available heat pump equipment does however often 

imply a performance improvement potential, when the heat pump is 

not designed for the specific application. The commercially available 

equipment is furthermore limited to supply temperatures of around 

100 °C, while a certain share of the industrial heat demand is above 

these temperatures. This chapter introduces the project background, 

highlights the research potential and outlines how this thesis 

contributes to the developments.  

1.1 Background 

Global warming is a major challenge and the emission of greenhouse gases (GHG) 

was identified as a main contributor. The United Nations agreed by the Kyoto Protocol [1] 

to reducing the GHG emissions and introduced different measures enhancing the energy 

efficiency in relevant sectors and the use of renewable energy sources. The Paris Agreement 

[2] defined the aim to limit the global warming to an increase of well below 2 K compared 

to pre-industrial levels. Long term strategies to conform to these targets were established 

on national and international bases. The European Union (EU) intends to reduce its GHG 

emissions by 80 % to 95 % by 2050 compared to 1990 [3] while Denmark aims to increase 

the share of renewable energy sources to 55 % by 2030 [4] and to be completely 

independent of fossil fuels by 2050 [5]. 

Key approaches of EUs Roadmap [3] comprise among others the shift to renewable 

energy sources and an increase of energy efficiency in all sectors. The industry sector is 

expected to decrease its GHG emissions by 83 % to 87 % by 2050 compared to 1990 [3], 

which inevitably means a reduction of combustion processes using fossil fuels [6]. The 

Energy Efficiency Plan of the EU [7] highlights the effective recovery of heat losses as one 

of the key possibilities for reaching the defined targets. 

The industrial sector of the EU accounts for approximately 20 % of its primary energy 

consumption [7], while Miro et al. [8] showed for Germany, France and Spain that 

approximately 19 % to 26 % of the energy is emitted as unused heat. The total potential for 

heat recovery in Denmark was found to be 212 PJ per year, of which 23 % are available in 

the industry sector [9]. The majority of excess heat in the industry sector was below 100 °C. 

Barrett et al. [10] studied the challenges and opportunities for a decarbonization of the 
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industrial sector of the UK and outlined the need of increased efficiency and an efficient 

recovery of excess heat. Hammond and Norman [11] analyzed various heat recovery 

technologies for the UK and found that 95 % of the excess heat can be recovered. The heat 

could be used on-site or for supplying district heating networks or alternatively used for 

electricity generation. Depending on, whether the heat is available at temperatures that are 

sufficiently high for directly covering other heat demands, it can be used directly or might 

have to be upgraded to higher temperatures. 

Heat pumps are a suitable technology for recovering excess heat from low 

temperatures and upgrading it to higher temperatures, which are suitable for process heat 

supply. Figure 1.1 depicts the energy flows and the cycle layout of a simple one-stage vapor 

compression heat pump cycle. A working fluid is circulated and receives heat from the heat 

source, before it is compressed to a higher pressure and higher temperatures, at which it 

rejects the heat to a heat sink before being throttled again. In vapor compression heat 

pumps, the refrigerant is evaporated and possibly superheated while receiving heat and 

desuperheated, condensed and subcooled while rejecting heat [12]. The heat source is the 

excess heat being recovered or heat from the ambient while the heat sink can be defined by 

various heat demands, e.g., for process heating or district heating. 

 

Figure 1.1: Illustration of the energy flows and the cycle layout of a simple vapor 

compression heat pump 

In this way, the heat pump upgrades a certain amount of heat from the heat source 

�̇�Source from a lower temperature TSource to a higher temperature TSink. For bringing the heat 

to a higher temperature, a certain share of power is required �̇� for operating the 

compressor. The amount of heat supplied to the sink �̇�Sink is defined by the sum of the 

before mentioned energy streams, assuming that no heat losses to the environment occur. 

Heat pumps enable excess heat recovery and are often used to replace combustion based 

heat supply, thereby contributing to an improved overall efficiency. 
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Bühler [13] analyzed the potential for excess heat recovery in the Danish industry and 

outlined the importance of heat pumps for an improved exploitation of excess heat for on-

site recovery and for supply to district heating networks. The total amount of excess heat 

from the entire Danish industry was estimated at 50 PJ per year and a detailed analysis was 

conducted for selected industry sectors that accounted for 12.6 PJ. The share of heat that 

could be used for direct supply to district heating was found to be 3.2 PJ, while it could be 

increased to 5.1 PJ by using heat pumps under consideration of economic constraints. The 

5.1 PJ per year corresponded to approximately 5 % of the heating demand of the Danish 

district heating demand [14]. 

Ommen [15] studied the integration of heat pumps in energy systems under different 

boundary conditions. Working domains for different available heat pump technologies 

were identified dependent on the temperature profiles of the heat source and sink. Jensen 

[16] focused on the analysis of ammonia-water hybrid absorption compression heat pumps 

and the technology was found to be promising in applications with larger temperature glides 

and it was able to increase the supply temperatures of up to 160 °C depending on the utilized 

equipment.  

The IEA [17] emphasizes the promising aspects of heat pumps for supply of industrial 

process heat. The utilization of heat pumps becomes especially promising when excess heat 

streams are used or both the cooling and heating effect are integrated in the process. The 

ongoing decarbonization of the power sector increases the potential reductions of GHG 

emissions resulting from the replacement of boilers with heat pumps additionally. 

Improvements in efficiencies and extension to higher temperatures could enlarge the 

beneficial contribution of heat pumps even further. 

Wolf and Blesl [18] have studied the contribution of industrial heat pumps to the 

mitigation of climate change and estimated that the utilization of commercially available 

equipment could reduce the energy consumption of the EU-28 industry sectors by 15 % 

and the energy related CO2 emissions by 17 %. Under consideration of the economic 

boundary conditions and the electricity generation mix of 2013, the reductions in energy 

consumption decrease to 2.3 % and the reductions in CO2 emissions to 4.2 %. It can 

however be expected that CO2 emission from power generation decrease due to an expected 

higher share of renewable power generation in the future. 

Any advancements in improving the performance of heat pumps or in enhancing the 

range of applications have accordingly the potential to directly contribute to the strategies 

for mitigating climate change.  

The Annex 35 of the IEA Heat Pump Centre focused on the ‘Application of Industrial 

Heat Pumps’ and summarized the research and development activities of the contributing 

countries [19]. The work comprised furthermore an overview of state-of-the-art equipment 

and realized projects. A large potential for industrial heat pumps was found and barriers for 

further applications were identified. It was concluded that both potential improvements in 

COP and an extension of heat pump technologies to supply temperatures above 100 °C 

would contribute to an increased number of applications. It was indicated that such required 

developments comprise the use of novel or uncommon working fluids, the development of 

novel cycle layouts and developments on component level, comprising compressors and 

heat exchangers.  
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Zhang et al. [20] reviewed the advances of industrial heat pumps in China and outlined 

the demand for research on working fluids and procedures to design high-performance 

cycles that suit the various boundary conditions of industrial applications. 

Both the performance as well as the range of application of a heat pump is strongly 

dependent on the working fluid. The working fluid has thereby an indirect influence on the 

reduction of GHG emissions, as it has the potential to improve the overall energy efficiency 

and reduce the emissions related to the energy supply [21]. On the other hand, state-of-the-

art working fluids often have a global warming potential (GWP) and leakages in the heat 

pumps result in direct GHG emissions [22,23]. The phase-out of refrigerants with an 

unacceptable environmental impact was accordingly adopted by the Kigali Amendment to 

the Montreal Protocol [24] and the list of acceptable working fluids was shortened.  

The search for suitable replacement working fluids was analyzed in different studies. 

McLinden et al. [25,26] conducted different working fluids screenings, which were based 

on comprehensive databases and considered working fluids that were generated as 

combinations of all theoretically suitable elements. They found that the list of potentially 

suitable pure fluids is rather limited and concluded that no further generations than the 

currently known working fluids are expected to be explored. 

Blending of pure fluids implies an alteration of the thermodynamic properties and is 

therefore considered as an alternative approach for creating replacement fluids [27,28]. 

Blending fluids increases the range of possible applications for a limited number of fluids 

and enables to benefit from a fundamentally different thermodynamic behavior compared 

to pure fluids. A combination of one or more components can result in an azeotropic 

mixture at a certain composition, which means that the behavior is similar as for pure fluids. 

Most of the mixtures are however zeotropic, which are characterized by a temperature glide 

during phase change.  

It was found that a good match of the temperature profiles of the working fluid during 

phase change with the temperature profile of heat source and sink can result in an improved 

thermodynamic performance [29,30]. This behavior indicates that pure fluids or azeotropic 

mixtures are best suited for boundary conditions with rather constant temperatures, while 

zeotropic mixtures are beneficial for boundary conditions with a temperature glide. 

Exploiting the benefits of using mixtures requires a heat pump cycle design, which is 

adjusted to the application [31,32]. The utilization of heat pumps for the recovery of excess 

heat or other low-temperature heat sources is however linked to integrating the heat pump 

into various boundary conditions, which implies the requirement of systematic procedures 

for the design of heat pump cycles and the fluid selection among pure and mixed working 

fluids. 

Another promising approach for extending the number of heat pump applications was 

found to be the extension to supply temperatures above 100 °C [19]. Different studies 

focused on the analysis of suitable working fluids, cycle layouts and the development of 

appropriate compression equipment [33–35]. High temperature heat pumps are, 

additionally to the already mentioned barriers for industrial heat pumps, especially affected 

by the requirement of suitable heat sources, as this limits the obtainable thermodynamic 

performance. 
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The range of realized heat pump applications is however constrained by economics. 

The economic feasibility depends on many aspects, such as the thermodynamic 

performance, the investment cost and the economic boundary conditions. The various 

possible applications offer a range of economic boundary conditions, which can be more 

or less promising for investment-intensive solutions, such as heat pumps. 

1.2 The THERMCYC project 

Motivated by the large amount of unused low-temperature heat sources and the 

potential to improve state-of-the-art technologies the project ‘THERMCYC – Advanced 

thermodynamic cycles utilising low-temperature heat sources’ [36] was initiated. The 

project was coordinated by the Technical University of Denmark and consisted of an 

international consortium involving academic institutions, such as the Technical University 

of Munich, Delft University of Technology and Aalborg University, as well as industrial 

collaborators, such as Viegand & Maagøe, A.P. Møller Mærsk, Danfoss, Arla, Alfa Laval 

Sweden and MAN Diesel & Turbo.  

The project aimed to improve the utilization of low-temperature heat sources by further 

development of thermodynamic cycles, including its components and working fluids. The 

considered thermodynamic cycles were power cycles and heat pump cycles. It was 

estimated that the project develops technologies that are able to reduce the energy 

consumption of the Danish industry by 15 % corresponding to a reduction of 8.8 tons 

annual CO2 emissions. 

The main work packages of THERMCYC were: 

- Thermodynamic cycles for pure and mixed working fluids 

o Power cycles, e.g., Organic Rankine Cycles (ORC) 

o Heat pump cycles 

- Component design 

o Heat exchangers 

o Compression and expansion machines 

- Novel working fluids 

o Computer aided molecular design (CAMD) 

o Property uncertainty analysis 

- Experimental validation 

o Experimental validation of suggested concepts 

- Implementation in industry 

o Analysis of the business potential of the developed solutions 

o Conduction of four case studies to numerically analyze and demonstrate 

the practicability of the suggested solutions 

The presented PhD project was completely associated to THERMCYC and part of the 

work package on the analysis of thermodynamic cycles, more specifically heat pump 

cycles, for pure and mixed working fluids. Two of the case studies were coordinated by the 

PhD student and were documented in [CP01] and [CP05]. The PhD project comprised 

furthermore collaborations with other PhD students from the THERMCYC project with a 

focus on the design of novel working fluids using computer aided molecular design 
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(CAMD) [JP04] and with respect to detailed analyses of heat exchangers [JP03], [JP07] 

and the compression equipment [JP06]. 

1.3 Thesis Statement 

The aforementioned studies outlined that the mismatch of the temperature profiles of 

heat sources and sinks with a certain glide and the temperature profiles of the commonly 

used pure fluids results in a significant amount of irreversibilities. The irreversibilities 

correspond to the improvement potentials obtainable by using zeotropic mixtures as 

working fluids, which have the potential to have a better glide matching.  

This thesis is based on the expectation that an improved understanding of the effects 

implied in the utilization of zeotropic mixtures in heat pumps results in an enhanced 

exploitation of the potential performance improvements. The selection of the working fluid 

receives an accordingly large attention and it is therefore expected, that the development of 

a systematic procedure to design the heat pump cycles and select the working fluids results 

in an increased number of high performance heat pumps. 

From the limited number of realized heat pump systems in industrial applications it 

was concluded that other implementation barriers are playing an important role. The 

development of heat pump equipment with high performances implies an increased 

investment, which may only be economically feasible in certain applications and under 

beneficial boundary conditions. This requires an analysis of the trade-off of an increased 

investment and an increased performance with respect to the economic performance for 

given economic boundary conditions. 

Similar barriers were observed in the context of high-temperature heat pumps for the 

supply of process heat. The supply temperatures of state-of-the-art heat pump equipment 

are limited to supply temperatures around 100 °C, while equipment suitable of higher 

operating conditions can be found in e.g., petrochemical industries. It was consequently 

expected that heat pump equipment could be constructed for the supply of industrial process 

heat supply at higher temperatures. The ongoing transition towards carbon neutrality and 

the decreasing levelized cost of electricity from renewables was expected to benefit heat 

pump based process heat supply and to contribute to an extended range of economically 

feasible applications.  

1.3.1 Research questions 

Considering the aforementioned aspects, this thesis aims to contribute to the 

development of high-performance heat pumps by addressing the following research 

questions: 

• What are the potential thermodynamic performances of heat pumps and how can 

they be exploited? How is the potential influenced by the characteristics of the heat 

source and sink? 

• How do the cycle layout and the working fluid impact the thermodynamic 

performance? 

• How are the investment cost and the thermodynamic performance for different 

solutions related? 
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• What is the economically optimal investment and how can the heat pump be 

designed accordingly? Can the increased investment for heat pumps with a high 

thermodynamic performance be compensated economically? 

• What applications are promising for high-performance equipment? 

• How can the utilization of industrial heat pumps be extended to higher 

temperatures? 

1.3.2 Objectives 

In order to address the outlined research questions, the following objectives are defined 

as objectives of the PhD thesis: 

• Methods for identification of the potential for improving the thermodynamic 

performance of heat pumps 

• Analysis of different approaches for an enhanced exploitation of the identified 

potentials 

o Utilization of zeotropic mixtures 

o Optimized cycle design 

• Methods for cycle and working fluid design for improved exploitation of 

improvement potential 

o Evaluation of heat pump cycles and working fluids 

o Methods for case specific design of heat pumps 

• Analysis of trade-off among investment cost and thermodynamic performance 

• Analysis of heat pump equipment suitable of high-temperature applications 

o Extension of available heat pump equipment to higher temperatures 

o Utilization of heat pump equipment from other application areas 

o Analysis of the economic feasibility based on case studies 

The thesis aims to improve the understanding of performance improvement potentials 

of heat pumps and to develop approaches to exploit these potentials. The focus lies 

accordingly on the design of the heat pump cycles, including a detailed consideration of the 

interdependencies among the working fluid, the cycle layout, the components and their 

impact on the system performance. Exploiting the improvement potentials is however to 

some extent also an economic problem, which requires an analysis of the trade-off among 

improved performance and increased investment, and the appropriateness of high 

performance heat pumps for different applications. These findings are expected to be 

applicable for the enhancement of the heat pump performance in existing working domains 

as well as for the extension to higher supply temperatures. 

1.3.3 Approach 

The work analyses the thermodynamic performance of heat pumps by means of 

numerical models that consist of mass and energy balances as well as of acknowledged 

correlations for the description of different components. The work consisted mainly of 

design models, which designed the heat pump cycle as a basis for subsequent component 

dimensioning, and was, if applicable, complemented by off-design models for the analysis. 

Methods from exergy analysis were adopted and extended for the analysis of the 

thermodynamic dependencies between the working fluid, the cycle layout, the components 
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and the system performance. The numerical models were compared to other state-of-the-

art modelling approaches and validated with different implementations. 

The models were extended with correlations for the estimation of the investment cost. 

The economic potential was evaluated using methods for the evaluation of investments, 

such as the net present value or levelized cost of heat. The correlations for the investment 

costs were taken from literature, fitted and validated with suppliers’ prices for similar 

equipment. 

The work consisted of practical aspects, such as analyses of specific case studies, and 

more theoretical aspects. The theoretical aspects focused on the development and extension 

of methods and the abstraction and generalization of the findings from case studies. 

The main focus of this thesis is the analysis of heat pump applications in industry and 

district heating. The methods and the findings may however be used as a basis for deriving 

conclusions for other vapor compression heat pump or refrigeration system. 

1.4 Thesis outline 

The thesis is structured in two main parts. The first main part focusses on the analysis 

of high performance heat pump cycles by utilizing zeotropic working fluid mixtures. The 

second main part focusses on the analysis of high temperature heat pumps and according 

applications. 

The thesis is structured according to the following chapters: 

Chapter 1 – Introduction: This chapter introduces and motivates the topic and outlines the 

objectives and the approach of the thesis. 

Chapter 2 – Methods: This chapter introduces the general methods, which are applied in 

both parts of the thesis. 

Chapter 3 – Zeotropic mixtures and advanced cycle layouts: This chapter presents the 

analysis of heat pumps using zeotropic mixtures. It analyses the dependencies 

between the working fluid, the cycle layout and the components in detail with respect 

to thermodynamics and economics.  

Chapter 4 – High-temperature heat pumps: This chapter presents an analysis of high 

temperature heat pump applications with respect to the thermodynamic and economic 

performance. 

Chapter 5 – Conclusions: This chapter summarizes the main findings, concludes the work 

and gives recommendations for further work. 

Appendix A – Publications: All publications to which the author contributed and that are 

mentioned in the thesis are attached in the appendix. 
 

Within the framework of the above-mentioned chapters, the main results, the core 

findings and the conclusions from the publications are summarized, merged and brought 

into the context of the thesis structure, rather than presenting each publication separately. 

For enabling the understanding of the results, the main aspects of the methods are briefly 

summarized. For a more detailed description of the methods, results and conclusions, the 

reader is referred to the specific publications.  



 

2 Methods  

This chapter describes the basic methods that were used to approach 

the outlined research questions. It comprises the methods for 

thermodynamic analysis, exergy analysis as well as economic 

analysis. The methods presented in this chapter are complemented by 

more specific methods if required in the specific chapters. As the 

thesis is based on the listed publications, the corresponding parts of 

the methods can be found as well in a range of the author’s 

publications. 

2.1 Thermodynamic analysis 

The thesis focused on the analysis of vapor compression heat pumps, which can be 

evaluated based on different aspects. One common performance indicator is the COP, 

which relates supplied heat �̇�Sink to the used power �̇�. For systems with multiple heat 

supplies and compression stages, the sum of each contribution is considered for 

determining the COP. 

 
COP =

∑ �̇�Sink 

∑ �̇�
 (1) 

The maximum achievable COP of a heat pump is defined by the temperatures of the 

heat source and sink in between which the heat pump is working. The COP is therefore 

only suitable for comparing heat pump systems when evaluated for the same heat source 

and sink temperatures. 

The Second Law of Thermodynamics defines the minimum required amount of work 

for bringing the heat to a higher temperature and thereby defines the maximum achievable 

COP [37]. Second law efficiencies relate the COP to the maximum achievable COP and 

might give a better impression of the efficiency of a system than the COP does [38,39].  

There are different cycles which constitute the optimal choice for different working 

conditions. The Carnot cycle consists of an isentropic compression and expansion and 

operates between two temperature reservoirs of constant temperatures Tlow and Thigh [37]. 

In order to operate between a heat source being cooled from TSource,in to TSource,out and a heat 

sink being heated from TSink,in to TSink,out, the Carnot cycle has to operate between the lowest 

and the highest temperature of the boundary conditions TSource,out and TSink,out . 

 
COPCar =

𝑇high

𝑇high − 𝑇low
=

𝑇Sink,out
𝑇Sink,out − 𝑇Source,out

 (2) 
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The Carnot cycle rejects and receives heat at a constant temperature and is therefore 

the optimal cycle, if the heat source and sink are infinite and hence of constant temperature. 

If the heat source and sink experience a temperature glide, a certain irreversibility that is 

associated to transferring heat over a temperature difference occurs, resulting in the Carnot 

cycle being non-optimal. 

Lorenz [40] suggested a cycle operating analogously as the Carnot cycle with an 

isentropic compression and expansion between two temperature reservoirs Tlow and Thigh. 

The heat transfer of the Lorenz cycle does however occur at the thermodynamic average 

temperatures of the heat source �̅�Source and sink �̅�Sink. The Lorenz cycle is accordingly also 

optimal for heat sources and sinks with a temperature glide. 

 
COPLor =

𝑇high

𝑇high − 𝑇low
=

�̅�Sink

�̅�Sink − �̅�Source
 (3) 

The thermodynamic average temperature of a stream between state point 1 and 2 is 

defined by the entropic mean temperature �̅� = Δh/Δs and may be approximated by the 

logarithmic mean temperature for streams of constant heat capacity �̅�lm = (T1-T2)/ln(T1/T2) 

[41]. It may be noted that the Lorenz cycle corresponds to the Carnot cycle for constant 

temperatures of heat source and sink. 

The Lorenz efficiency ηLor relates the COP to the COPLor, which is obtained for using 

a Lorenz cycle. The Lorenz efficiency is a Second Law efficiency and gives an indication 

about how close the performance of the heat pump is compared to the maximum achievable 

performance. 

 
𝜂Lor =

COP

COPLor
 (4) 

2.2 Exergy analysis  

Exergy analysis is a tool for the analysis of energy systems involving energy streams 

of different kind and for quantifying the irreversibilities that occur in the subsystems and 

components. Exergy accounts for the quality of different kinds of energy, which makes 

exergy analysis suitable for comparing heat flow rates at different temperatures, power and 

streams of different chemical composition. Bejan et al. [41] provide a comprehensive 

introduction into exergy analysis and its applications. 

The exergy of a system or matter at a specified state corresponds to the maximum 

amount of theoretical useful work that can be obtained while it is brought into equilibrium 

with the environment, which is described by the dead state [41]. Exergy consists of different 

contributions: the physical exergy, the kinetic exergy, the potential exergy and the chemical 

exergy. The systems studied in this thesis had negligible contributions in terms of kinetic 

and potential exergy and did not involve any chemical reactions, which justified the 

limitation of the analysis to the physical exergy. The dead state was defined as p0 = 1 bar 

and T0 = 20 °C if not specified differently in specific analyses. 

The physical exergy Ėi of a stream i with the mass flow rate �̇�𝑖 describes the 

theoretical maximum amount of useful work that can be obtained, while the stream is 

brought from a state at which it has the specific enthalpy hi and the specific entropy si to 
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the conditions of the dead state at which it has the specific enthalpy h0 = h(T0, p0) and the 

specific entropy s0 = s(T0, p0). The physical exergy of a stream of matter Ėi is defined by 

Eq. 5 [41]. 

 𝐸𝑖̇ = �̇�𝑖(ℎ𝑖 − ℎ0 − 𝑇0(𝑠𝑖 − 𝑠0)) (5) 

The exergy Ėi of a heat flow rate �̇�𝑖 is defined by the Carnot factor using its 

thermodynamic average temperature �̅�i and the temperature of the dead state T0 [41] as 

shown in Eq. 6. 

 
𝐸𝑖̇ = �̇�𝑖 (1 −

𝑇0

�̅�𝑖
) (6) 

Creating a balance equation for a control volume, which could be either a system, a 

subsystem or a component, allows to describe its performance in terms of the 

irreversibilities that occur in the component. The exergy destruction �̇�𝐷 describes the 

overall decrease of exergy within the control volume and is defined by the sum of all exergy 

streams that cross the boundary of the control volume [41]. Exergy destruction can be 

caused by different internal irreversibilities, such as transferring heat, pressure drops or 

mixing processes. Depending on the definition of the control volume and its purpose, it 

might be possible to define an exergy fuel ĖF, an exergy product ĖP and exergy losses ĖL. 

The exergy fuel ĖF describes the exergy that is invested to obtain the desired effect of the 

component, which is described by the exergy product ĖP. Losses that are emitted to the 

environment in the form of heat losses or excess streams are defined as exergy losses ĖL.  

 �̇�D = ∑ �̇�𝑖
𝑖=1…𝑘

= �̇�F − �̇�P − �̇�L (7) 

For the components or systems that allow a meaningful definition of the exergy fuel 

and product, the exergetic efficiency ε can be described as the ratio of the exergy product 

and the exergy fuel [41]. 

 
𝜀 =

�̇�P

�̇�F
 (8) 

The share 𝑦D,k
∗  of the exergy destruction �̇�D,k of a component k on the total exergy 

destruction �̇�D,total is an additional indication of the component’s contribution to the overall 

irreversibilities. 

 
𝑦D,k
∗ =

�̇�D,k

�̇�D,total
 (9) 

 

2.3 Economic Analysis 

In order to evaluate and compare the economic feasibility of different solutions, the 

investment cost of the heat pump has to be estimated and compared to the operating cost. 

Bejan et al. [41] present methods for the estimation of the investment costs and approaches 

to compare the one-time cost with running cash flows that are distributed along the lifetime 

of the plant. 
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The total capital investment cost TCI can be estimated as a fixed multiple fTCI of the 

total purchased equipment cost PEC [41]. The total purchased equipment cost PEC 

constitutes the lumped cost that are associated to the acquisition of the main components 

of the unit, which are in the case of a heat pump the cost for the compressor and the heat 

exchangers. The acquisition cost of the components can be estimated by according cost 

functions, as presented e.g., in [41–44]. The factor fTCI accounts for the additional cost 

associated to e.g., the assembly of the components, auxiliary equipment, installation, and 

manufacturers’ margin. This factor depends on the utilized cost functions and other 

boundary conditions regarding e.g., the integration. Some cost functions are already 

including part of the surplus cost associated with the component. The approach therefore 

has to be adjusted and validated for each case. 

 TCI = 𝑓TCI PEC (10) 

The investment can furthermore be expressed as specific cost TCIspec, by relating the 

total capital investment cost TCI to the supplied heat rate TCI/�̇�Sink. 

In order to compare continuous cash flows and one-time costs at the time of the 

investment, Bejan et al. [41] suggests the utilization of the capital recovery factor CRF. The 

capital recovery factor CRF, as defined in Eq. 11, converts constant annual cash flows that 

are continuously expected at the end of each economic year for the duration of the plant’s 

lifetime n to their corresponding time value at the point of the investment under 

consideration of an effective interest rate ieff. 

 
CRF =

 (1 + 𝑖eff)
𝑛 − 1

𝑖eff (1 + 𝑖eff)𝑛 
 (11) 

Using the CRF, the total capital investment cost TCI and the annual cash flows can be 

compared on the basis of their value at the time of the investment and summarized as the 

net present value NPV. The cash flows that are associated to the operation of a heat pump 

correspond to its purpose. Typically, an income is associated with the supplied heat flow 

rate. The cash flow associated to the heat supply CFSupply can be specified directly, by heat 

supply costs when integrated in a district heating network, or by the savings when 

substituting an alternative heat supply unit, e.g., a natural gas boiler. The typical expenses 

associated to a heat pump are represented by the cash flow, which is caused by the 

electricity consumption of the compression equipment CFel. The cash flow associated with 

the source CFSource can either be negative when representing an expense, if the heat has to 

be paid, or positive when being another income, for supplying cooling. Cost for 

maintenance can be estimated as either a one-time cost or a continuous cash flow and have 

to be considered accordingly in either the first or the second term of Eq. 12. 

 
NPV = −TCI +

CFSupply − CFel + CFSource

CRF 
 (12) 

Heat pump solutions can furthermore be compared on the basis of specific levelized 

cost of heat ch, which is defined as the specific cost that are on average associated with each 

unit of supplied heat including both operation and investment.  
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𝑐h =

CFel − CFSource +  TCI ∙ CRF

�̇�Sink ∙ OH
 (13) 

In order to estimate the amount of expected operating hours for heat pumps that are 

for instance integrated in a district heating network with different supply units of different 

technologies, the specific operational cost of heat ch,op may be used, while operating refers 

to conditions at which only the operating expenses are covered. Neglecting possible heat 

losses of the heat pump, ch,op is defined as described in Eq. 14. 

 
𝑐h,op =

𝑐el
COP

+ 𝑐Source
COP − 1

COP
 (14) 

The simple payback time PBT defines the amount of required years to compensate the 

initial investment and is defined as described in Eq. 15.  

 
PBT =

TCI

CFSupply − CFel + CFSource
 (15) 

The payback time does however only consider the first years of the plants’ lifetime 

and disregards the benefits of investment intensive technologies, such as heat pumps, that 

result from higher incomes during the entire life time [41]. Instead, economic indicators are 

recommended, which are accounting for the entire lifetime of a plant, such as the levelized 

cost of heat ch or the net present value NPV [41,45,46]. The simple payback time might 

nonetheless be used as an indicator to account for the uncertainties related to an investment. 

Long-time investments are often corresponding to capital being partly inaccessible during 

the payback period, which might be unfavorable for potential investors with a limited 

access to capital [6]. Wolf et al. [47] analyzed the potential of industrial heat pumps in 

Germany and recommended, in line with the above-mentioned textbooks, to utilize 

methods accounting for the entire lifetime of the plant for the evaluation of the economic 

performance of an investment, rather than the simple payback time PBT. 

 

 





 

3 Zeotropic mixtures and advanced cycle layouts 

Matching the temperature profile of heat source and sink with the 

working fluid of the cycle during evaporation and condensation 

reduces the irreversibilities due to heat transfer and thereby increases 

the performance. Zeotropic working fluid mixtures experience a 

temperature glide during phase change and therefore constitute a 

promising alternative for boundary conditions with a similar glide. 

This chapter gives an overview of the state of the art and analyses the 

dependencies between the working fluid, the cycle layout, the 

components and the system performance under consideration of 

thermodynamic and economic aspects. Design procedures 

considering the peculiarities of mixtures are analyzed and a screening 

method for the identification of high performance fluids is suggested.   

3.1 State of the art of zeotropic mixtures in heat pumps 

The working fluids of refrigeration, air-conditioning and heat pumps are playing a 

major role in the scenarios for mitigating climate change. The equipment has a significant 

direct impact by leakage of environmental harmful refrigerants into the atmosphere [22,23], 

as well as by their thermodynamic performance, due to the large amount of primary energy 

that is utilized for heating and cooling purposes. The phase-down of established working 

fluids with an unacceptable environmental impact was extended and adopted by the Kigali 

amendment to the Montreal Protocol [24] and the search for alternative refrigerants as well 

as the development of equipment suitable for utilizing alternative refrigerants is ongoing.  

McLinden [25] summarizes the effort that was undertaken in screening novel working 

fluids and concludes that the list of technically feasible working fluids with an acceptable 

environmental impact is rather limited. The authors do not expect that any novel working 

fluids, which are not already known by today, are discovered in the near future.  

As the list of pure working fluids was found to be limited, approaches considering not 

only pure working fluids but also mixtures are accordingly becoming more relevant. 

Mixing working fluids allows to alter the medium properties of a limited number of fluids 

and is therefore seen as another possibility of finding suitable alternatives. Mixed working 

fluids could generally serve as replacements for pure fluids, while there are different 

approaches for replacing fluids depending on the purpose of the study. Harby [28] 

summarized the developments with respect to mixtures of hydrocarbons as alternative 

refrigerants and categorized the different approaches for replacing currently used 

refrigerants as the following: 



16   3.1 State of the art of zeotropic mixtures in heat pumps 

 

  

- Drop-in replacement: 

The pure working fluid in an existing unit is replaced with a mixed working 

fluid with no or minor modifications to the equipment. 

- Retrofit: 

The pure working fluid in an existing unit is replaced with a mixed working 

fluid while equipment might be adjusted and the lubrication system replaced.  

- New system design: 

The system is specifically designed for the new mixed working fluid. 

Mixing two or more working fluids results in either an azeotropic mixture or a 

zeotropic mixture [27]. While the azeotropic mixture is characterized by a behavior that is 

similar to pure fluids, zeotropic mixtures are characterized by showing a temperature glide 

during phase change.  

Both azeotropic and zeotropic mixtures can generally be considered as working fluids. 

As the azeotropic mixtures behave similar to pure fluids, they are suitable for being 

employed as drop-in or retrofit replacements. The zeotropic mixtures do however show a 

fundamentally different behavior in the two-phase zone and therefore typically require 

equipment that is designed for utilizing the temperature glide effect to exploit the full 

potential.  

 Radermacher and Hwang [27] provided a comprehensive overview for utilizing mixed 

refrigerants in vapor compression heat pumps and elaborated on the peculiarities associated 

with the alteration of the medium properties. They introduced the theoretical background 

of the technology and summarized current studies. Further overviews of the current state 

of the art of mixed working fluids were given by Mohanraj et al. [48] with a focus on drop-

in and retrofit replacements and by Rajapaksha [31] with a focus on the design of such 

systems. The following subsections summarize briefly current and relevant research areas, 

while the reader is referred to literature, e.g., [27,31,48], for a more comprehensive 

overview. 

3.1.1 Drop-in and retrofit replacements 

Mohanraj et al. [48] reviewed the developments regarding refrigerant mixtures for 

vapor-compression systems and focused on studies that experimentally studied drop-in or 

retrofit replacements. The comprehensive review involved more than 50 mixtures and 

identified mixtures that have the potential to serve as long-term replacements of 

halogenated refrigerants. These working fluids appeared promising with respect to both 

thermodynamic performance and environmental impact.  

Especially mixtures of hydrocarbons were identified as generally suitable for drop-in 

replacements, as they can operate with both synthetic and mineral oils and therefore do not 

require any modification of the lubrication system [48]. Various studies, e.g., [49,50], 

analyzed a mixture of R-290/R-600a as a drop-in replacement for R134a in refrigeration 

applications and found significant improvements in both COP and refrigerating capacity. 

Hydrocarbons do furthermore not have an environmental impact and are widely available. 

The flammability of hydrocarbons might however constitute a hurdle and limits the range 

of drop-in applications to systems in which the flammability can be accepted, e.g., due to 

limited refrigerant charge or appropriate safety measures. 
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Further studies focused on mixtures of hydrocarbons and CO2, as this combination 

yields lower pressures than CO2 and a lower flammability than pure hydrocarbons. 

Mixtures of CO2/R-290 were experimentally studied for air conditioning applications [51] 

and heat pump applications [52–54] and it was found that an increasing concentration of 

R-290 decreased the discharge pressure, increased the performance and reduced the 

capacity. These trends were however nonlinear and a result of various superimposing 

effects. It may therefore not be concluded that mixing two components is resulting in a 

cycle performance that corresponds to a linear interpolation of the two cycles using the pure 

components. Further performance improvements were expected for the mixtures for larger 

heat exchanger areas [51]. 

Hakkaki-Fard et al. [55] conducted a screening of heat pump working fluids including 

zeotropic mixtures for a residential air-source heat pump applications in cold climates. 

Later, the study was complemented with a seasonal analysis [56], where it was found that 

a mixture of 80 % R-32 and 20 % CO2 could reduce the seasonal electricity use by 12 % 

without any modification to the equipment. 

Zhang et al. [57] have conducted an experimental comparison of a binary mixture of 

R-152a and R-245a at different concentrations for moderate high temperature applications. 

They emphasized that the performance results were biased by the fixed heat exchanger 

areas and different volumetric heating capacities. This resulted in different approach 

temperatures and therefore might be more or less optimal for each refrigerant. They 

outlined the need to correct the results accordingly. They found the mixture to show the 

best performance in terms of COP and capacity and concluded that it could serve as a direct 

drop-in replacement for R-134a.  

The findings from [57] addressed issues associated with the first two approaches, drop-

in and retrofit replacements, in general. Experimental studies were utilizing equipment that 

was originally chosen to operate with a specific refrigerant, which might imply that it is 

operated apart its design point and thereby at reduced efficiencies when charged with the 

new refrigerant. The volumetric heating capacities of the refrigerants might differ and 

accordingly do the heat flow rates. The heat exchanger area is however typically designed 

based on the heat flow rates, which causes that a specific heat exchanger area might favor 

one or the other refrigerant. Fluids with a higher volumetric heating capacity are providing 

more heat, which results for a constant heat exchanger area in larger average temperature 

differences and thereby in decreased performances. This effect has to be considered when 

comparing mixtures for assessing their potential in newly designed systems or in retrofitting 

applications. McLinden and Radermacher [29] have therefore recommended to adjust the 

compressor speed for obtaining a constant ratio of the overall heat exchanger area and the 

supplied heat. This approach was expected to correct the results but might imply difficulties 

as the heat flow rates in the condenser and evaporator show different trends. 

3.1.2 System design for use of mixtures 

As every fluid, mixtures are expected to show the best performance when being 

employed in systems that were specifically designed for the refrigerant. The design studies 

offer the possibility to design the equipment specifically for each refrigerant. This raises 

however the question how this should be done to provide fair results.  
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Zeotropic mixtures imply the characteristic of showing a temperature glide during 

phase change, which distinguishes them from pure or azeotropic fluids and offers the 

possibility to obtain increased performances, if the system is designed to take advantage of 

this peculiarity [31]. This subsection summarizes the most relevant studies on the design 

and analysis of heat pumps using zeotropic mixtures.  

Rajapaksha [31] summarized the challenges associated to the system design and 

outlined the design requirements to handle the peculiarities and exploit the potentials of 

temperature glide matching. The study indicated a performance improvement potential for 

temperature glides above 5 K. Requirements for exploiting the potentials of the temperature 

glide were emphasized. An adequate system design was described to comprise properly 

sized heat exchanger equipment suitable of counter-current flow arrangements as well as a 

sophisticated procedure for matching the temperature glides. The procedure of the 

temperature glide matching has to consider nonlinearities in the temperature profile during 

phase change [58,59].  

The studies focusing on comparisons of systems that are specifically designed for each 

fluid are typically numerical studies. Any experimental setup uses specific equipment, 

which could be more or less favorable for one or the other refrigerant. Some experimental 

studies have however adjusted the equipment during the different test runs. 

The comparison of the different working fluids requires defining appropriate 

assumptions and interpreting the results accordingly. These assumptions, especially with 

regards to the design of the heat exchangers, have a strong influence on the results, as they 

are defining to what extent the potential from temperature glide matching can be exploited.  

Various studies conducted numerical comparisons of working fluids for different 

applications. Selected relevant studies are summarized in the following.  

Dai et al. [60] conducted a numerical comparison of zeotropic mixtures for a heat pump 

water heater and found that mixtures involving CO2 indicated the highest performances, if 

the system was dimensioned by defining minimum pinch point temperature differences in 

the heat exchangers. Sarkar and Bhattacharyya [61] studied binary mixtures of CO2 with 

R-600 and R-600a for various high-temperature applications and found, that the mixtures 

improve both the performance and the heating capacity compared to the pure hydrocarbons 

and R-114, while the heating capacity was reduced when compared to CO2. Fukuda et al. 

[62] compared a mixture of 20 % R-1234ze(E) and 80 % R-32 experimentally with R-410a 

and R1234ze(E) for residential and commercial heat pumps. They found that an increase in 

heat exchanger area enabled a good temperature glide matching for the mixture, which 

resulted in decreased losses in the heat exchangers, as well as in the compressor and the 

expansion valve, and thereby in an improved overall performance. Bensafi and Haselden 

[63] compared a mixture of R-22 and R-142b experimentally for air conditioning and heat 

pumping applications to pure fluids and achieved power savings of up to 25 %, while they 

expected comparable investment costs. They outlined the necessity of properly designed 

systems and a sophisticated refrigerant choice to obtain such performance increases. 

The beneficial impact on the performance obtained from temperature glide matching 

of the working fluid and the heat source and/or sink could furthermore be successfully 

demonstrated in various other applications. Besbes et al. [64] and Zoughaib [65] conducted 
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a comprehensive exergy based assessment of several working fluids and cycle architectures 

for the design and integration of industrial heat pumps. It was found that the cycle and 

working fluid choice with a good glide match contributed to a beneficial thermodynamic 

performance. For the industrial application from [64] with a large sink glide and a moderate 

source glide, a transcritical R-32 heat pump was identified as the most promising solution. 

Heat pumps using CO2 and operating at a supercritical pressure on the heat rejection side 

are an additional technology in which temperature glide matching was demonstrated to 

show a beneficial effect on the thermodynamic performance [66,67]. Promising 

applications for such equipment were water heating or other applications with a similarly 

large glide on the sink side. Hybrid ammonia/water heat pumps constitute another example 

for which the beneficial impact of temperature glide matching could be demonstrated in a 

range of applications [16,42,68,69]. 

Rajapaksha [31] discussed furthermore the impact of a varying circulating 

composition. The circulating composition might vary due to refrigerant holdups, leakage 

or different solubility in the lubrication oil and result in a higher concentration of the more 

volatile component in the gas phase [70,71]. If this effect is not considered, it might result 

in operating characteristics different from the expected behavior. The possibility to 

intentionally change the circulating composition does however also imply the possibility to 

control the capacity of the unit [72]. The effect of a changing circulating composition could 

be kept at a minimum by a proper design, e.g., reducing the refrigerant holdups, [32] or 

controlled by different measures [73–75]. A method for estimating the circulating 

composition was presented in [76]. 

It may be concluded from the literature review, that the utilization of mixtures allows 

heat pumps obtaining increases in the thermodynamic performance as well as other 

benefits, such as decreased pressures and increased heating capacities. It must however be 

noted, that the possible benefits are strongly dependent on the boundary conditions and the 

design and dimensioning of the heat pump. The systematic exploitation of the possible 

benefits requires accordingly an increased understanding of the different mechanisms 

induced by altering the refrigerant properties as well as a sophisticated procedure 

addressing the aforementioned aspects. This thesis focusses therefore on enhancing the 

understanding of the impact of the refrigerant choice on the cycle performance and aims to 

develop a method that enables a sophisticated choice of the refrigerant and the cycle layout 

during the basic design of a heat pump.  

3.2 Modelling of heat pump cycles with zeotropic mixtures 

The thesis aimed at developing high-performance heat pump cycles with pure and 

mixed working fluids for different applications. In order to evaluate and compare the 

different cycle layouts and working fluids, numerical models for the design of such heat 

pump cycles were implemented and are documented in [M01]. Based on the hypothesis 

that the majority of the irreversibilities in the heat exchangers is avoidable by selecting a 

suitable fluid, the study focused primarily on simple cycle layouts. In a first approach, a 

standard cycle, as shown in Figure 3.1, and a cycle with an internal heat exchanger (IHX), 

as shown in Figure 3.2, were considered, before the potential for more advanced cycles was 

discussed. The implementation of the numerical models as documented in [M01, JP05] 
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were demonstrated in [JP01, JP02, JP05, CP02, CP05], while previous, adjusted or 

extended versions of the model were used in [JP03, JP04, JP07, CP01, CP03]. 

Figure 3.1 shows the layout and a temperature-heat-diagram of a standard heat pump 

cycle using a zeotropic mixture. The working fluid undergoes four main processes in the 

standard cycle. It receives heat from the heat source (6 → 1) while being evaporated and 

superheated at low pressure, before it is compressed (1 → 2) to reject heat at high pressure 

to the heat sink (2 → 5) and finally throttled to the low pressure (5 → 6). The heat transfer 

processes in the heat source heat exchanger were assumed to occur in subcritical conditions 

and were separated according to the state of the fluid into evaporation (6 → 7) and 

superheating (7 → 1) in the numerical model. The heat rejection could potentially be 

realized in both the sub- and supercritical region. A subcritical pressure causes a distinct 

phase change and allows to separate the processes into desuperheating (2 → 3), 

condensation (3 → 4) and subcooling (4 → 5), while the transition from a gaseous to a 

subcooled state occurs indistinct at a supercritical pressure. 

 

Figure 3.1: Flow sheet (left) and Temperature-Heat-Diagram (right) of the standard 

cycle 

 

Figure 3.2: Flow sheet (left) and Temperature-Heat-Diagram (right) of the IHX-cycle 
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Figure 3.2 shows a cycle, which was extended with an internal heat exchanger. The 

internal heat exchanger utilizes the heat from further subcooling the liquid (5 → 6) while 

preheating the suction line of the compressor (8 → 1). In this case, the cycle can potentially 

be designed with varying evaporator outlet conditions (7) ranging from a two-phase state 

to superheated conditions. Part of the evaporation process could accordingly be realized in 

the internal heat exchanger. 

The compressor was modelled with an isentropic efficiency and the possibility to 

consider heat losses to the environment. The throttling process was assumed to be 

isenthalpic. All heat exchangers were discretized into volumes of equal heat transfer and 

with a number of volumes that was chosen according to the application. 

The models were designed for the main purpose designing the heat pump cycle as a 

basis for the dimensioning the components but were as well suitable for off-design analyses 

as demonstrated in [JP02]. The models were furthermore extendable by more detailed heat 

exchanger models, as demonstrated in [JP03, JP07]. Coupling the cycle models with the 

detailed component models allowed analyzing the interdependencies of component and 

cycle performance in both design and off-design analyses. 

The models were implemented and tested in Matlab 2018a [77] and were using 

medium properties from REFPROP 9.1 [78] for the working fluid and from CoolProp [79] 

for the secondary streams.  

3.3 The potential to improve the thermodynamic performance 

In order to study the potential performance improvements in heat pumps, this chapter 

discusses the state-of-the-art technology on the background of the maximum achievable 

thermodynamic performances. The differences between pure and mixed working fluids are 

discussed based on the analogies with comparable theoretical ideal cycles. The deviations 

of real cycles from the theoretical cycles are analyzed using exergy analysis. 

3.3.1 From an ideal to a real cycle 

The Lorenz cycle [40] consists of an isentropic compression and expansion process 

and receives and rejects heat from the heat source and sink with no difference between the 

thermodynamic average temperatures during the entire heat transfer process. The Lorenz 

cycle operates completely reversible and the Lorenz COPLor, as defined in Chapter 2.1, can 

therefore be seen as the maximum obtainable thermodynamic performance. The Carnot 

cycle receives and rejects heat at a constant temperature, which corresponds to the Lorenz 

cycle for boundary conditions with an infinite heat reservoir at constant temperatures. If the 

boundary conditions show a certain glide, an inevitable mismatch of the heat source and 

sink and the Carnot cycle occurs, corresponding to irreversibilities [80]. 

The Lorenz cycle is however a theoretical cycle assuming ideal component 

efficiencies, such as an isentropic compression and expansion, as well as infinite heat 

exchanger areas. The Lorenz cycle assumes furthermore that the heat transfer is realized 

without a temperature difference, meaning that the temperature profile of the working fluid 

matches the profiles of the source and sink. 

Figure 3.3 depicts a temperature-heat-diagram of two cycles for boundary conditions 

in which both the source and the sink experience a temperature glide and under the 
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assumption of minimum pinch point temperature differences ΔTpinch. The two cycles 

represent working fluids, in which an ideal pure fluid corresponds to the definition of the 

Carnot cycle, while an ideal mixed fluid corresponds to the definition of the Lorenz cycle. 

It is assumed that an ideal zeotropic mixture could be found, that fulfils the criteria of a 

perfect temperature glide match. The pure fluid is typically transferring a large share of the 

heat during phase change at constant temperature and was therefore associated with the 

Carnot cycle. Figure 3.3 visualizes the increased average temperature difference over which 

the heat is transferred comparing an ideal mixed fluid with an ideal pure fluid. The 

mismatch in the temperature profiles indicates the performance improvement potentials by 

an improved glide match. 

 

Figure 3.3: Temperature-heat-diagram of a simplified heat pump cycle operating with an 

ideal pure fluid and an ideal mixed fluid  

In order to discuss to what extent these idealized fluids can be approached by real 

fluids, a specific case is analyzed. The case corresponds to case I from [JP05] in which the 

heat source is cooled from 50 °C to 25 °C while the heat sink is heated from 50 °C to 75 °C. 

The cycle was calculated as described in Chapter 3.2 using the models from [M01]. An 

isentropic efficiency of the compressor of 75 % and minimum pinch point temperature 

differences of 5 K were assumed. No further losses were considered. The exergy product 

was defined by the heat supply, while the exergy fuel consisted of the contribution from the 

heat source and the compression power. Both cycles were considered to supply the same 

amount of heat.  

Figure 3.4 shows the temperature-heat diagrams for butane (left) and a mixture of 30 % 

propylene / 70 % R-1234ze(Z) (right). The diagram shows the temperature profiles of the 

heat source and sink, of the working fluid and of an ideal working fluid corresponding to 

the definition of a Lorenz cycle. It may be seen that butane has a constant temperature 

during a large share of the heat transfer process, substantiating the analogy to the Carnot 
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cycle. The temperature profile of the mixture instead osculates with the profile of an ideal 

fluid, corresponding to a Lorenz cycle. 

Figure 3.4 indicates furthermore the exergy destruction due to heat transfer over a 

certain temperature difference and distinguishes it into two contributions. One part is 

caused by the heat exchanger being of finite size �̇�D,pinch and corresponds to the exergy 

destruction that would remain even with an ideal fluid. The other part results from the fluid 

being non-ideal and is quantified by �̇�D,fluid. The exergy destruction associated to the fluids 

non-idealities is accordingly smaller for the mixture than for the pure fluid. This distinction 

was initially introduced and defined in [JP01] enabling a more detailed quantification of 

the temperature glide matching in the heat exchangers. The area in the temperature-heat 

diagram indicates the underlying mechanisms causing the exergy destruction. The 

correlation between the area and the exergy destruction is positive but non-linear. 

 

Figure 3.4: Temperature-heat-diagram of the pure fluid butane (left) and a mixture of 

30 % propylene / 70 % R-1234ze(Z) (right), including an ideal fluid as defined by the 

Lorenz cycle and an indication of the temperature differences associated with the fluid 

properties and the heat exchangers as well as the resulting exergy destruction 

Figure 3.5 shows a bar chart of the different contributions to the exergy balance. It 

indicates the exergy product and all shares of the total exergy destruction. The exergy 

destruction is separated by the components and for the heat exchangers additionally into 

the contributions caused by the pinch point temperature difference �̇�D,pinch and the 

contribution cause by the fluid being non-ideal �̇�D,fluid. Since the product was maintained 

constant for both cycles, all contributions were related to the exergy product, meaning 

ĖP = 100 %. The sum of both the product and the exergy destruction corresponds to the 

exergy fuel, as no losses were considered in this example. 
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Figure 3.5: Bar chart visualizing the contributions of exergy destruction from the 

different sources in relation to the overall exergy product (�̇�𝑃 = 100 %) 

The exergy destruction associated with the fluid being non-ideal reaches values as high 

as 44 % of the exergy product for butane. This means that the exergetic efficiency of butane 

is limited to approximately ĖP/(ĖP + ĖD) = 70 %, even though all the remaining exergy 

destruction could be omitted by ideal component efficiencies and infinite heat exchanger 

areas and assuming that the interdependencies among the components are low. The exergy 

destruction of the mixture’s non-ideal temperature profiles reaches values below 10 %. 

The heat exchangers are however not the only components, which experience an 

influence of their performance induced by the medium properties. The exergy destruction 

in the compressor is approximately 10 %-points lower for the mixture, while the exergy 

destruction in the throttling valve is slightly higher. The exergetic efficiency was 47 % for 

butane and 58 % for 30 % propylene / 70 % R-1234ze(Z) and the Lorenz efficiencies were 

33 % and 43 %. The COP increased from 4.4 to 5.8, corresponding to an increase of 32 %.  

It may be noted that the example was chosen to demonstrate the performance 

improvement potentials that are obtainable by using mixtures. The alteration of the medium 

properties by using mixture might as well have a negative impact on part of the components 

or the entire systems. The example was furthermore a thermodynamic calculation 

neglecting the component design and implying that the reduced temperature differences in 

the heat exchangers correspond to larger areas and higher investment cost. 

3.3.2 Exergy destruction and COP 

The previous chapter described the deviation of real cycles from ideal cycles and 

quantified the deviations in terms of exergy destruction. In this chapter, the exergy 

destruction is related to the COP and the interdependencies between possible reductions of 

exergy destruction and according improvements in COP are outlined. This is demonstrated 

by the example introduced in the previous section, in which fixed sink and source 

temperatures, a fixed amount of supplied heat and no losses were assumed. 

The exergy balance as presented in Eq. 7 defines, that any exergy destruction within 

the system is to be compensated by additional exergy fuel, under the assumption of a 

constant exergy product and no exergy losses. In case of the heat pump, the exergy fuel is 

defined by compressor power ĖF,comp and the exergy content that is obtained from the source 

ĖF,source.   

100.0

100.0

24.6

4.7

19.0

4.6

9.5

10.1

10.2

10.2

37.2

27.5

13.4

16.0

0 20 40 60 80 100 120 140 160 180 200 220

Butane

30 % Propylene /

70 % R-1234ze(Z)

ĖD / ĖP, %

Exergy Product Fluid (Source) Fluid (Sink)
Pinch (Source) Pinch (Sink) Compressor



3 Zeotropic mixtures and advanced cycle layouts 25 

 

 

 

For the ideal case of a heat pump in which neither exergy destruction nor exergy losses 

occur, the exergy balance can be defined as in Eq. 16. The ideal heat pump cycle 

corresponds to the Lorenz cycle. 

 
�̇�P = �̇�F,comp,Lor + �̇�F, ource,Lor = �̇�Lor + �̇� ource,Lor (1 −

𝑇0

�̅� ource
) (16) 

For the real case, some exergy destruction ĖD occurs and the amount of heat obtained 

from the source changes. 

 
�̇�P + �̇�D = �̇�F,comp,real + �̇�F, ource,real = �̇�real + �̇� ource,real (1 −

𝑇0

�̅� ource
) (17) 

The product was assumed to be the same in both cases, which allows to derive the 

following equation from the two previous equations: 

 
�̇�real − �̇�Lor = (�̇� ource,Lor − �̇� ource,real) (1 −

𝑇0

�̅� ource
) + �̇�D (18) 

The combination of the energy balance for an ideal system without exergy destruction 

and a real system with exergy destruction yields: 

 �̇� ource,Lor − �̇� ource,real = �̇�real − �̇�Lor (19) 

Using this relation in Eq. 18 yields the following relation between the additional work 

(�̇�real - �̇�Lor) and the exergy destruction ĖD.  

 
�̇�real − �̇�Lor =

�̅� ource
𝑇0

�̇�D (20) 

This enables to define an expression for the COP based on the thermodynamic average 

temperatures of sink �̅�Sink and source �̅�Source, the ambient temperature T0 and the ratio of 

the exergy destruction to the exergy product ĖD/ĖP as introduced in the previous chapter. 
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(21) 

This relation allows to estimate the changes in COP that can be obtained from 

reductions of exergy destruction and is valid irrespective of the actual COP. The relation is 

non-linear and simplifies to the Lorenz COPLor for zero exergy destruction. The case of the 

maximum exergy destruction is defined by the situation in which the heat load is completely 

covered by the power added in the compressor (�̇�real = �̇�sink), corresponding to an electrical 

heater. In this case, the exergy destruction simplifies to ĖD = �̇�sink T0/�̅�Sink and the COP 

becomes one. 

Figure 3.6 shows the course of the COP for the ratio of the exergy destruction to the 

exergy product ĖD/ĖP for the example from Figure 3.6.  
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Figure 3.6: Visualization of the relation between exergy destruction and the COP 

The incremental COP improvement that can be obtained from the reduction of a 

specific amount of exergy is dependent on the current COP. Relating the improvement in 

COP to the actual COP yields a linear dependency, meaning that the same amount of exergy 

destruction yields the same relative improvement of the COP. As these improvements are 

relative, they may not be used for comparisons of systems with different COPs. Eq. 22 

shows the relation between the reduction of an arbitrary amount or exergy destruction per 

exergy product ĖD,red/ĖP and the relative improvement as (COPimp – COP)/COP.  

 COPimp − COP

COP
=
COPimp

COP
− 1 = COPLor

�̅� ource
𝑇0

 (1 −
𝑇0

�̅� ink
) 
�̇�D,red

�̇�P
 (22) 

The equations were derived for a system without losses, while they can be extended 

accordingly. 

3.4 Working fluid screening 

The review of the state-of-the-art technologies indicated that mixtures of known and 

accepted working fluids have the potential to represent promising replacements for 

refrigerants that are affected by advances in legislation eliminating fluids with an 

unacceptable environmental impact. Zeotropic mixtures were furthermore found to 

significantly increase the thermodynamic performance, when the heat pump was designed 

to exploit the potential benefits of matching the temperature profiles of the working fluid 

during evaporation and condensation with the temperature profiles of source and sink. The 

obtainable performance increases were found to be dependent on the specific boundary 

conditions which creates the necessity of a screening procedure to identify promising 

working fluids for defined applications. 

In order to exploit the potential performance, this chapter presents a screening 

procedure to identify working fluids for a given application under consideration of 
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thermodynamic and economic performance indicators. The screening procedure aims to 

compare the performance of different working fluids in a heat pump, which was specifically 

designed for the working fluid. This required to analyze and establish procedures for the 

design of the heat pump cycle and thereby the dimensioning of the components, which are 

fair with respect to the considered performance indicators. This chapter focusses on the 

introduction and demonstration of the procedure, while a detailed analysis of the approach 

for dimensioning the heat exchangers and its underlying assumptions is presented in the 

subsequent chapter. 

This procedure was applied, developed and refined in the publications [JP01, JP02, 

CP01, CP06] and finally summarized in [JP05]. Further screening studies were conducted 

but not published in scientific articles.  

3.4.1 Screening procedure 

The screening procedure consists of multiple steps which are summarized in Table 3.1 

and explained in the following. 

The procedure was developed for identifying promising working fluids during the 

basic design process of a heat pump for a given application. The definition of the boundary 

conditions represents the first step of the screening procedure. The application has to be 

completely defined, which could be done by fixing inlet and outlet temperature of both 

source (TSource,in → TSource,out) and sink (TSink,in → TSink,out) and one parameter that defines 

the size of the system, e.g., the mass flow rate �̇� or the heat load �̇� of the source or the 

sink.  

In order to generate a set of mixtures for which the cycle models will be evaluated, the 

list of potential mixture components has to be defined, following the criteria defined in step 

2. Out of these fluids, all possible binary mixtures will be generated and evaluated in cycle 

simulations. Based on the case studies and the literature review, no strong correlations 

between specific medium properties of the pure fluids and their influence on the 

performance when used as a mixture component could be observed. This means that there 

are no rules that recommend specific pure fluids to be considered for specific boundary 

conditions. We recommended therefore to consider fluids that cover a wide range of typical 

influential medium parameters, such as the critical pressure and the critical temperature. 

The fluids should furthermore conform to current and future legislation and show a good 

miscibility over a wide range of pressures and temperatures. Potentially unwanted 

characteristics, such as flammability, may be accepted at this stage, as it might be 

compensated by the other mixture component. 
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Table 3.1: Summary of the screening procedure for the identification of promising 

working fluids for a given application. Adopted literally from [JP05] and modified  

1. Definition of the boundary conditions 

o Temperature profiles of source and sink:  

(TSource,in → TSource,out) and (TSink,in → TSink,out) 

o Load: �̇�Source, �̇�Sink, �̇�Source, �̇�Sink or equivalent 

o Replacement by equivalent information possible 

2. Definition of a list of potentially feasible pure fluids 

The pure fluids considered in the screening of mixtures should conform to the 

following aspects: 

o Cover a wide range of typical influential parameters, such as the critical 

properties Tc and pc 

o Have a wide range of miscibility with the other fluids from the list  

o Current and future legislation on environmental impact  

o Potentially unwanted fluid characteristics, such as flammability, may be 

accepted at this stage 

3. Screening of working fluids 

o Selection of a cycle depending on the application 

o Definition of the assumptions for the cycle evaluation: Minimum pinch point 

temperature differences, isentropic efficiencies, required superheating 

o If applicable, definition of approaches for sizing the equipment: Estimations 

or correlations for estimation of the heat transfer coefficients, volumetric 

efficiency of compressor 

o If applicable, implementation of functions for the estimation of the equipment 

cost and definition of economic boundary conditions 

o Simulation of all considered fluid combinations at different compositions and 

documentation of the most important results  

4. Screening evaluation (Post-screening) 

The screening provides a list of fluids, which can be ranked by the introduced 

thermodynamic and economic performance indicators. Additional secondary aspects 

may be considered in the selection of the most promising fluids. Examples of more 

detailed screening evaluations are presented in [JP01-JP03, JP05, CP01, CP05]. The 

evaluation of the working fluids should consider: 

o Thermodynamic performance criteria, such as the COP or suitable second law 

efficiencies, such as exergetic efficiency ε or Lorenz efficiency ηlor. 

o Economic performance indicators, such as the NPV or specific cost of heat 

ch, under consideration of the uncertainties in the assumptions 

o The miscibility of the chosen mixture over a suitable range of pressure and 

temperature 

o Flammability 

o Sensitivity with respect to change in composition 

o Uncertainties in the medium property calculations, especially for mixtures 

with estimated interaction parameters 

o Detailed design and optimization of the heat exchanger equipment, incl. 

calculation of the pressure drop and the heat transfer coefficients 
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Table 3.2: Possible list of fluids to be considered in the screening with characteristic 

properties [6,79,81–83] 

No. Name of Fluid Ref. No.: Type ODP 

- 

GWP 

- 

Normal 

Boiling 

Point, °C 

Crit. 

Temp. 

°C 

Crit. 

Pressure, 

bar 

Safety 

Class 

1 Methane R-50 HC 0 25 -161.5 -82.6 46.0 A3 

2 Ethylene R-1250 HO 0 4 -103.8 9.2 50.4 A3 

3 Ethane R-170 HC 0 6 -88.6 32.2 48.7 A3 

4 CO2 R-744  0 1 - 31.0 73.8 A1 

5 Propylene R-1270 HO 0 2 -47.6 91.1 46.7 A3 

6 Propane R-290 HC 0 3 -42.0 96.7 42.5 A3 

7 
Dimethyl ether 

(DME) 
R-E170 Ether 0 1 -24.0 127.3 53.4 A3 

8 Iso-Butane R-600a HC 0 3 -11.7 134.7 36.3 A3 

9 n-Butane R-600 HC 0 4 -0.5 152.0 38.0 A3 

10 Iso-Pentane R-601a HC 0 4 27.8 187.3 33.8 A3 

11 
Ethyl ether 

(DEE) 
R-610 Ether 0 5 34.6 193.7 36.4 A3 

12 Pentane R-601 HC 0 5 36.1 196.6 33.7 A3 

13 n-Hexane  HC   68.7 234.5 30.3  

14 Heptane  HC   98.4 267.0 27.4  

15  R-1234yf HFO 0 <1 -26.0 94.7 33.8 A2L 

16  R-1234ze(E) HFO 0 <1 -19.0 109.4 36.4 A2L 

17  R-1234ze(Z) HFO 0 <1 9.8 150.1 35.3 A2L# 

18  R-1233zd(E) HCFO ~0 4.5 17.9 166.5 36.2 A1 
# Expected values according to [83]  

 

Table 3.2 constituted the basis for the screening for most of the conducted case studies. 

It was assembled following the above-mentioned criteria and was found to provide 

satisfying results. The results included mixtures with a very good glide match and a 

satisfying overall performance, which indicated that only little additional improvement 

might be expected by adding more refrigerants. It was however noticed, that methane, 

ethylene and ethane have seldom occurred among the candidates with the highest COPs. 

hexane and heptane occurred relatively often among the fluids with the highest COPs but 

were typically associated with a strong sensitivity to changes in the composition, sub-

atmospheric evaporation pressures and low volumetric heating capacities, meaning high 

specific investment cost. Ammonia was often included as a reference pure fluid, as it often 

constituted the benchmark of pure fluids with respect to COP and volumetric heating 

capacity, but omitted from the generation of mixtures, since the miscibility with most of 

the other fluids was limited. 

 In the third step, all possible binary mixtures are evaluated at 9 compositions in a cycle 

evaluation. The cycle can be chosen e.g., among the standard cycle and the IHX-cycle as 

presented in Chapter 3.2, while the IHX-cycle is typically showing a higher performance 

in applications with an increased temperature difference between the sink and source inlet. 

In order to be able to evaluate the cycle performance, parameters that are indirectly 
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determining the heat exchanger area have to be defined. It was found in [JP05] that the 

definition of the minimum pinch point differences yielded the results that were closest to 

the economic optimum and therefore considered most reasonable. A more detailed 

discussion of these assumptions is conducted in Chapter 3.5.  

If an economic analysis is required, additional correlations or parameters for the sizing 

of the equipment have to be added. Such parameters can be determined with a certain range 

of accuracy. The heat transfer coefficients can for example be estimated by simple guess 

values that are based on experiences or calculated by detailed correlations that are, on the 

one hand, still implying a relatively large uncertainty and, on the other hand, often requiring 

an optimization for actually identifying an optimal configuration. It was found that the 

definition of simple guess values constituted a possibility to obtain cost estimates with a 

relatively small effort. A detailed procedure for the dimensioning of the heat exchangers is 

discussed in Chapter 3.8. Furthermore, cost functions for the estimation of the equipment 

cost of the main components have to be defined, before the simulations are conducted. 

After the selected cycle model was evaluated for all possible binary mixtures and the 

pure working fluids, the results are analyzed as described in step 4. The results can be 

ranked according to their thermodynamic performance, while further indicators about the 

technical feasibility can be considered. Additional information about the expected 

investment and the technical feasibility are given by the volumetric heating capacity, by the 

evaporation and condensation pressure, as well as by the pressure ratio. The flammability 

of the mixture might have an impact on the choice as well. Most of the fluids from Table 

3.2 showed a good miscibility with each other, while the miscibility of hydrocarbons and 

the ethers was limited dependent on the temperature. Since no general statement about the 

miscibility could be made for these combinations, they need to be analyzed in case they are 

among the promising fluids. If an economic analysis was carried out, the net present value 

or the specific cost of heat can be considered. Further conclusions about the operation might 

be obtained from studying the sensitivity of the indicators with respect to a shift in 

composition. 

In order to demonstrate the screening procedure and discuss the assumptions for 

specific examples, various case studies were analyzed and are presented in the following 

chapters. The first case study, focusing on excess heat recovery from data centers, is 

discussed in detail, while the further cases are discussed rather briefly with a focus on 

remarkable aspects. The reader is referred to the corresponding publications for further 

details of the less discussed cases. 

3.4.2 Application of screening procedure: Data center excess heat to district 

heating 

The case study corresponds to the example from [JP05] and focusses on the recovery 

of excess heat from a data center for supplying heat to a district heating network. As the 

cooling of the equipment in data centers is often accounting for a large share of the 

operating costs, it appears to be promising to recover the excess heat from data centers. 

Different studies  [84,85] focused on the utilization of the data center excess heat for supply 

to district heating networks. It was found that this combination is generally promising, since 
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a large overlap of availability and demand of heat was identified, resulting in promising 

thermodynamic and economic performances.  

Data centers are using different technologies for the cooling of the equipment [86], 

which comprises air or liquid cooling and allows different temperature increases along the 

server rooms. The temperature increase along the server room is directly related to the mass 

flow rate of the cooling medium. A larger mass flow rate of the cooling medium 

corresponds to higher operating costs due to the fan and pump power, while a minimum 

mass flow rate is defined by the maximum acceptable temperature increase along the server 

room. The allowable temperature increases depend on the equipment an can vary between 

10 K to 28 K depending on the generation of the equipment and the inlet temperature [86].  

Two representative case studies were defined and summarized in Table 3.3. The 

cooling medium is assumed to be cooled from 50 °C to 25 °C in Case I and from 40 °C to 

25 °C in Case II, while the heat sink is in both cases a district heating stream that is heated 

from 50 °C to 75 °C. The heat pump was designed to provide a cooling capacity of 500 kW 

corresponding to smaller units. The economic boundary conditions were chosen as a 

potential scenario, corresponding to Danish conditions [87]. 

Table 3.3: Thermodynamic and economic boundary conditions for case studies and 

modelling assumptions for the heat pump design [JP05] 

 Case I Case II 

Boundary conditions:   

Heat source TSource,in → TSource,out: 50 °C → 25 °C 40 °C → 25 °C 

Heat sink TSink,in → TSink,out: 50 °C → 75 °C 

Supplied cooling �̇�Source: 500 kW 

Specific electricity cost cel: 120 €/MWh 

Specific income per supplied heat cSink: 40 €/MWh 

Specific cash flow per supplied cooling cSource: 0 €/MWh 

Operating hours per year: 8000 h/year 

Lifetime n: 20 years 

Effective interest rate ieff: 5 % 

Heat pump modelling assumptions:   

Analyzed cycle: Standard cycle IHX cycle 

Isentropic compressor efficiency:  75 % 

Motor efficiency: 95 % 

ΔTPinch: 3 K 

Subcooling: T5 = TSink,in + ΔTPinch 

Evaporator outlet: Superheated by 5 K Saturated 
 

For Case I, the standard cycle was chosen, while Case II had a higher temperature 

difference between sink and source inlet and thereby an increased potential for the IHX-

cycle. The isentropic efficiency was assumed as 75 % and the minimum pinch point 

temperature differences were set to 3 K.  

The heat transfer coefficients were assumed as fixed values, accounting for the fluid 

being in liquid, gas or two-phase zone, while the heat transfer coefficient for the mixtures 
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in the two-phase zone was assumed to be lower than for pure fluids, due to the additional 

resistance induced by the mass transfer [JP05]. The cost functions for the purchased 

equipment cost were adopted from [CP01]. 

Case I: TSource 50 °C → 25 °C; Tsink 50 °C → 75 °C 

 

Figure 3.7: COP (left) and the specific cost of heat (right) over the composition of 

component 2 with most promising fluids indicated by colors for Case I [JP05] 

Table 3.4: Performance indicators for selected fluids with promising economic 

performance from screening of Case I [JP05] 

Medium 
COP pevap pcond TCIspec NPV PBT ch 

- bar bar €/kW 1000 € years €/MWh 

Ammonia 4.6 9.1 35.1 385 618 3.5 30.2 

Butane 4.5 2.2 9.5 663 430 6.2 33.2 

R-1234ze(E)  4.4 4.6 18.5 530 485 5.2 32.8 

20 % CO2 / 80 % DME 5.6 9.7 25.3 603 756 4.0 27.4 

30 % Propylene / 70 % R-1234ze(Z) 6.2 5.7 14.6 756 771 4.6 26.9 

50 % Propylene / 50 % Butane 5.6 6.0 16.4 640 726 4.3 27.9 

80 % Propane / 20 % Iso-Pentane 5.6 7.4 18.9 662 719 4.4 28.0 

50 % DME / 50 % Iso-Pentane 6.4 3.5 9.4 861 732 5.1 27.5 

 

Figure 3.7 summarizes the results of the screening for Case I and Table 3.4 shows the 

key performance indicators for the pure and mixed fluids with the highest economic 

potential. The diagrams are showing the COP (left) and the specific levelized cost of heat 

ch (right) for all fluids over the composition of component 2. The COP of the pure fluids 

varies between 4.5 and 4.6, obtained e.g., by ammonia. The COP of the mixtures covers a 

broader range, starting from far lower values to COPs as high as 6.7 for 40 % hexane / 60 % 

R-1234ze(Z). Ammonia was among the pure fluids with the best economic performance 

with a specific levelized cost of heat of 30.2 €/MWh, while the economic performance of 

40 % hexane / 60 % R-1234ze(Z) was limited, due to increased investment cost resulting 
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from the low volumetric heating capacity. 30 % propylene / 70 % R-1234ze(Z) yielded an 

improved specific cost of heat as low as 26.9 €/MWh at a COP of 6.2, corresponding to a 

reduction of 11 % in cost and an increase of 35 % in COP compared to ammonia.  

Case II: TSource 40 °C → 25 °C; Tsink 50 °C → 75 °C 

 

Figure 3.8: COP (left) and the specific cost of heat (right) over the composition of 

component 2 with most promising fluids indicated by colors for Case II [JP05] 

Table 3.5: Performance indicators for selected fluids with promising economic 

performance from screening of Case II [JP05] 

Medium 
COP pevap pcond TCIspec NPV PBT ch 

- bar bar €/kW 1000 € years €/MWh 

Ammonia 4.5 9.1 34.2 423 567 4.0 31.0 

Butane 4.8 2.2 8.9 710 493 5.9 32.1 

R-1234ze(E)  4.7 4.6 17.2 585 547 5.0 31.2 

20 % CO2 / 80 % DME 5.6 9.4 24.7 700 690 4.7 28.5 

40 % Propylene / 60 % R-1234ze(Z) 5.6 6.2 16.7 759 658 5.1 29.0 

60 % Propylene / 40 % Butane 5.8 7.2 18.2 779 687 5.0 28.5 

60 % Propane / 40 % R-1234ze(Z) 5.4 7.1 19.6 662 672 4.7 28.9 

50 % Propane / 50 % Butane 5.6 5.5 15.3 732 676 4.9 28.7 

 

Figure 3.8 and Table 3.5 show the corresponding information for Case II. The trend of 

the COP and the specific levelized cost of heat was similar as for Case I, while the obtained 

COPs for mixtures were below the values from Case I. The COP of butane was higher than 

for the standard cycle in Case I, while it slightly decreased for ammonia. The maximum 

COPs were around 6.1 for the mixtures, while the best economic performance was obtained 

for 60 % propylene / 40 % butane at a COP of 5.8. This corresponds to an increase in COP 

of 29 % and a decrease in cost of heat of 8 %. The absolute pressure levels and pressure 

ratios were in both cases within technically feasible regions. The lowest specific investment 
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cost of around 400 €/kW of supplied heat were in both cases obtained for ammonia, while 

the best mixtures reached values below 700 €/kW, which was comparable to butane. 

It may be noted that the performance of pure fluids was mainly determined by the  heat 

source outlet temperature TSource,out, while the maximum performance of mixtures benefitted 

from the higher source inlet temperature TSource,in for Case I. The increase in the 

performance of the pure fluids, except for ammonia, could be associated with the 

implementation of the internal heat exchanger. For ammonia, the internal heat exchanger 

resulted in a decrease of the COP as well as in the economic performance. 

 

Figure 3.9: Scatter plot for all fluids showing the COP and the specific investment cost 

TCIspec for both cases indicating the pure fluids and the mixtures with the lowest ch 

Figure 3.9 shows the COP and the specific total investment cost TCIspec for all possible 

working fluids for Case I (left) and Case II (right). The specific levelized cost of heat ch are 

indicated as isolines in the background. The pure fluids are indicated as black circles and 

the Pareto front of the mixed working fluids is indicated with a blue cross. The specific cost 

of heat for pure fluids is dominated by changes in the specific investment cost rather than 

by the slight variations in COP. For some mixtures, the increase in thermodynamic 

performance and the corresponding decrease in operating cost were large enough to cover 

the increased investment cost, which resulted in a decrease in specific levelized cost of heat. 

Figure 3.10, Figure 3.11 and Figure 3.12 show temperature-heat-diagrams (left) and 

log(p)-h-diagrams (right) for ammonia for Case I (top), for 30 % propylene / 70 % R-

1234ze(Z) for Case I and for 40 % propylene / 60 % R-1234ze(Z) for Case II. The 

temperature-heat diagrams correspond to the style as introduced in Chapter 3.2, while the 

y-axes is limited causing that the desuperheating of ammonia is only partly depicted. The 

saturation curve is almost vertical for ammonia, while the slope is lower for the two 

mixtures. The compression processes is executed in parallel to the saturation line in case of 

the two mixtures, which results in a limited amount of desuperheating and thereby in a good 

temperature glide match. The compression of ammonia results instead in a high 

desuperheating and accordingly in a temperature mismatch.  
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Figure 3.10: Temperature-heat-diagram (left) and log(p)-h-diagram for ammonia in a 

standard cycle for Case I 

 

Figure 3.11: Temperature-heat-diagram (left) and log(p)-h-diagram for 30 % propylene / 

70 % R-1234ze(Z) in a standard cycle for Case I 

 

Figure 3.12: Temperature-heat-diagram (left) and log(p)-h-diagram for 40 % propylene / 

60 % R-1234ze(Z) in an IHX-cycle for Case II 
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The standard cycle using a mixture showed a good temperature glide match, while a 

certain unavoidable mismatch resulted from the required superheating in the evaporator. 

The introduction of an internal heat exchanger allowed to theoretically reduce the 

superheating in the evaporator and thereby to improve the glide match. On the other hand, 

the superheating obtained from the internal heat exchanger resulted in a higher superheating 

after the compressor and thereby in an increase mismatch on the sink side. A more detailed 

analysis of the impact of an internal heat exchanger is presented in Chapter 3.7. 

The condensing pressure of ammonia was more than twice as large as for both mixtures 

of propylene / R-1234ze(Z). The mixture including propylene was furthermore expected to 

be flammable and would require appropriate safety measures. Both aspects were omitted 

from the economic evaluation, but might have an impact on design and operation. 

3.4.3 Application of screening procedure: Spray dryer for milk powder production 

Especially applications, in which single-phase fluids are being heated or cooled, were 

found to show an increased performance improvement potential by utilizing zeotropic 

mixtures. Drying applications in which air is used as a drying agent, are representing such 

an application, as both the air that has to be preheated as well as the exhaust air from which 

heat could be recovered are changing their temperature significantly. 

Drying processes are energy intensive processes and associated to carbon emissions, 

when supplied by fossil fuel driven boilers. Drying processes accounted for 19 % of the 

primary energy consumption while representing 7 % of the total industrial waste heat in 

Denmark in 2015 [88]. Approximately 33 % of the energy consumption for drying 

processes was associated to the food industry, in which spray dryers were a common 

technology for e.g., the drying of milk, coffee and starch [89–91]. The temperatures of the 

inlet air vary between 200 °C to 270 °C, while the outlet temperatures very between 60 °C 

and 110 °C. 

One approach to improve the overall performance of the drying processes with respect 

to thermodynamics, emissions and economics is the implementation of heat pumps that 

recover heat from the excess air and preheat the drying air [92]. The implementation of heat 

pumps for drying processes faces several barriers, such as limitations in supply 

temperatures or high investment costs. 

Case study description 

In order to analyze the possibilities that may result in that context from the utilization 

of zeotropic working fluid mixtures in spray drying facilities for milk powder production, 

a heat pump was designed, including a working fluid screening as described in Chapter 

3.4.1. A first working fluid screening was presented in [CP01] considering a limited number 

of fluids. Later, the same case was used as a basis for computer aided molecular design 

studies [JP04] and [93], which are presented in Chapter 3.8. The case study was based on 

an existing reference plant located in Denmark and the assumptions for the economic 

boundary conditions were defined accordingly.  

The drying air in the existing process plant was preheated by other process streams, 

before the remaining heat to increase the temperature from 70 °C to 210 °C was supplied 

by steam from a natural gas fired utility. The available excess heat from the outlet stream 

of the dryer had a temperature of 70 °C after being cleaned in a cyclone and a filter. The 
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heat pump was designed to preheat the inlet air stream while utilizing the outlet stream as 

heat source.  Secondary loops using compressed water were considered to transfer the heat 

from the working fluid to the process.  

The supplied heat from the heat pump corresponded to a decrease in heat supply by 

the heating utility and thereby the natural gas consumption and the according emissions. 

The definition of the boundary conditions required to fix one more condition that defines 

the amount of supplied or recovered heat and could be equally defined by the outlet 

temperature or the heat flow rate.  

The mass flow rate of the secondary loop was 10.6 kg/s on the sink side and 14.6 kg/s 

on the source side. The secondary loops were designed to yield a balanced heat exchange 

with the air streams. Considering the additional temperature differences that are required 

due to the secondary loops yielded a heat source inlet temperature of 65 °C and a heat sink 

inlet temperature of 75 °C for the heat pump.  

Screening as presented in [CP01] 

The amount of recovered heat was in a first study [CP01] fixed by defining the heat 

source outlet temperature of the secondary loop to 40 °C, which resulted in a temperature 

glide of the heat source of 25 K. The working fluid screening comprised all possible binary 

mixtures from the following pure working fluids: Propane, isobutane, butane, isopentane, 

pentane and hexane. An isentropic efficiency of the compressor of 80 % and a motor 

efficiency of 95 % were assumed. The heat exchanger areas were estimated by assuming a 

minimum pinch point temperature difference of 10 K. 

The heat exchangers were specifically designed for each fluid by applying a maximum 

velocity of the working fluid of 4 m/s in gaseous phase and 0.4 m/s in liquid phase. The 

heat transfer coefficients were estimated by correlations obtained from literature. The 

investment costs were presented based on the heat exchanger area and the compressor based 

on the volume flow rate at the inlet using cost functions as presented in [42,43]. 

The screening results suggested the thermodynamically most promising pure fluid to 

be butane with a COP = 2.89 and a NPV = 328,000 € and propane to be the economically 

most promising fluid with a COP = 2.66 and a NPV = 369,000 €. The thermodynamically 

most promising fluid was 50 % propane / 50 % isopentane with a COP of 3.08 and a 

NPV = 921,000 €, while 80 % propane / 20 % pentane had a slightly higher 

NPV = 998,000 € at a COP = 3.04. The COP increased by 14 % and the NPV by 170 % 

considering the economically most promising pure and mixed fluids. All heat pumps were 

economically feasible solutions for providing 2.25 MW of process heat, corresponding to 

a reduction of natural gas consumption of 36 %.  

An analysis of the economic reasonability of the assumptions regarding the heat 

exchanger design was conducted in [JP03] and presented in Chapter 3.9.1. [JP03] focused 

on the optimal design of the heat exchangers and derived guidelines on how the trade-off 

among heat transfer coefficients and pressure drops could be optimized.    
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Updated screening 

 

Figure 3.13: COP over the composition of component 2 with most promising fluid 

indicated by colors for a minimum superheating of 5 K (left) and 0 K (right) for the case 

study of the spray dryer  

Table 3.6: Summary of thermodynamic key performance parameters for best performing 

fluids for the case of the heat pump for the spray dryer 

Working Fluid COP pevap pcond 
𝑝cond
𝑝evap

 VHC ε ηLor 

 - bar bar - kJ/m3 % % 

Pure fluids (5 K min. superheating) 

Propane 2.68 10.9 62.2 5.7 6,227 53.0 34.4 

DME 2.93 6.7 48.3 7.2 5,177 56.7 38.2 

Isobutane  2.81 4.0 34.5 8.6 2,928 55.0 36.4 

Butane 2.87 2.8 28.4 10.2 2,338 55.7 37.2 

Isopentane 2.79 0.9 14.6 16.7 905 54.6 36.0 

R-1234ze(Z) 2.91 2.1 25.5 12.4 1,943 56.3 37.8 

R-1233zd(E) 2.89 1.5 21.1 13.9 1,504 56.1 37.6 

Mixtures (5 K min. superheating) 

40 % Propylene – 60 % Isopentane 3.05 3.8 28.8 7.6 3,028 58.3 39.9 

50 % DME – 50 % DEE 3.16 3.6 28.8 8.1 3,096 59.8 41.5 

50 % DME – 50 % Pentane 3.21 3.3 25.3 7.7 2,855 60.5 42.3 

70 % DME – 30 % Pentane 3.20 5.0 34.6 6.9 4,097 60.3 42.0 

20 % Hexane – 80 % R-1234ze(Z) 3.19 1.3 15.0 11.4 1,348 60.2 41.9 

Mixtures (0 K min. superheating) 

60 % Propylene – 40 % Isopentane 3.07 6.5 39.8 6.1 4,634 58.6 40.2 

80 % Propylene – 20 % Pentane 3.04 9.5 50.1 5.3 6,179 58.1 39.7 

50 % DME – 50 % DEE 3.12 3.6 29.6 8.2 3,088 59.3 41.0 

60 % DME – 40 % Pentane 3.25 4.3 30.3 7.0 3,591 60.9 42.8 

10 % Heptane – 90 % R-1234ze(Z) 3.26 1.6 15.8 10.2 1,557 61.0 42.9 
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The case study was furthermore the basis for working fluid screening studies using 

computer aided molecular design [JP04] and [93]. These studies assumed contrary to the 

above-presented screening study from [CP01], in which the amount of recovered heat was 

fixed, that the amount of supplied heat is fixed. This corresponded to a heat sink outlet 

temperature of 125 °C in [JP04] and 127.5 °C in [93]. In order to enable the comparability 

of the thermodynamic performance of the study [93], the screening was updated for a heat 

sink outlet temperature of 127.5 °C considering the list of pure fluids from Table 3.2.  

Figure 3.13 and Table 3.6 summarize the results from the updated screening for a fixed 

heat sink outlet temperature of 127.5 °C. COPs of up to 2.9 were obtained for the pure 

fluids butane, DME, R-1234ze(Z) and R-1233zd(E). DME and butane indicated the highest 

volumetric heating capacities, while operating at higher absolute pressures but lower 

pressure ratios compared to the two HFOs. The zeotropic mixtures reached COPs as high 

as 3.2 to 3.3 for e.g., 60 % DME / 40 % pentane for 0 K superheating or for 50 % DME 

/ 50 % Pentane for a minimum of 5 K superheating. An increase in COP by operating at 

reduced superheating can be observed as a general trend, while the best absolute 

performances were in a similar range. 

3.4.4 Application of screening procedure: Booster heat pump in an ultra-low 

temperature district heating network 

Another promising application for utilizing zeotropic mixtures is a booster heat pump 

for ultra-low-temperature district heating (ULTDH). ULTDH networks are operating at 

supply temperatures as low as 40 °C, which is sufficient for direct supply of space heating. 

Only the share of heat that is required as domestic hot water is heated at the customer to 

60 °C, e.g., by a booster heat pump. The ULTDH networks are benefitting from decreased 

heat losses in the network and improved COPs of the central utility units, especially when 

central heat pumps are installed or a large share of industrial excess heat is integrated, and 

therefore show highest thermodynamic performances [94–97].  

In the publication [JP02] a booster heat pump was analyzed, which was installed to 

heat a part of the forward stream from 40 °C to 60 °C, while using the remaining part as 

the heat source by cooling it down from 40 °C to 25 °C. The studied booster heat pump 

corresponded to the framework studied in the Energylab Nordhavn project [98] for which 

first experiences from the demonstration plant of the consumer substation were documented 

in [99]. In the following, the methods are briefly described, before the results and the 

conclusions are presented. The reader is referred to the publication [JP02] for further 

details. 

Methods and assumptions 

The analyses comprised a screening of the booster heat pump and was supplemented 

by an economic evaluation and an analysis of the off-design behavior for the fluids with 

the best thermodynamic performance. The screening was conducted for a standard cycle as 

described in Chapter 3.4.1 and considered both the natural fluids and the HFOs as possible 

mixture components. The minimum pinch point temperature difference was 2.5 K and the 

isentropic efficiency was assumed as 70 %. The assumed supplied heat load was 13.9 kW. 

According to the demonstration plant, R-134a is considered as the benchmark with respect 
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to the thermodynamic performance, while it is not considered as a future-proven alternative 

due to its environmental impact. 

The investment costs were estimated by cost functions based on supplier costs and 

fitted to experiences from the construction of the demonstration unit. The heat transfer 

coefficients were estimated by using constant values, based on the phase of the fluid. The 

heat transfer coefficients of the mixtures during phase change were estimated to be 25 % 

lower than for pure fluids in order to account for the additional resistance due to mass 

transfer. The compressor was based on catalogue prices assumed to be 20 % more 

expensive to be suitable for flammable refrigerants.  

Results - thermodynamic performance of booster heat pump 

The results are summarized in Figure 3.14 and Table 3.7. The diagram shows selected 

pure and mixed fluids with a promising thermodynamic performance. Fluids with sub-

atmospheric evaporation pressures were neglected. For the mixed refrigerants, fluids were 

shown for both the case of a minimum required superheating of 5 K and 0 K, in order to 

underline the potential performance increases by reducing the required superheating. The 

table summarizes thermodynamic key performance indicators for selected pure and mixed 

fluids. Besides the COP, the pressure levels in the evaporator pevap and in the condenser 

pcond as well as the mass flow rate �̇� and the volume flow rate 𝑉1̇ at compressor inlet are 

shown. Lastly the table includes the exergetic efficiency ε and the Lorenz efficiency ηLor. 

The dead state was defined as T0 = 25 °C and p0 = 1 bar. 

 

Figure 3.14: COP over the composition of component 2 with most promising fluid 

indicated by colors for a minimum superheating of 5 K (left) and 0 K (right) for the 

booster heat pump [JP02] 

The COPs of the pure fluids lied between 6.0 for propane, 6.1 for R-134a and 6.2 for 

butane and DME. The COPs for the mixed working fluids reached values as high as 7.9 for 

30 % propane / 70 % butane, 8.0 for 20 % isobutane / 80 % pentane and 20 % R-1234yf – 

80 % R-1233zd(E) for a required superheating of 5 K. While the mixture with a high share 

of pentane caused volume flow rates that were more than 4 times as large as for R-134a 

and propane, the mixtures of 30 % propane / 70 % butane and 20 % R-1234yf – 80 % R-
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1233zd(E) appeared to be promising with respect to the volume flow rates and thereby 

compressor sizes.  

Reducing the required superheating before the compressor yielded COPs as high as 

8.9 for 50 % propylene – 50 % butane and 9.0 for 50 % isobutane – 50 % pentane at 

reasonable volume flow rates. The performance increases from using mixtures compared 

to R-134a corresponded to an increase of 30 % and up to 45 % in case of a reduced 

superheating, at minor decreases of the volumetric heating capacity.  

The pure fluids operated at pressure ratios of 2.4 for propane and 2.7 for R-134a and 

DME, while the most promising zeotropic were operating at a reduced pressure ratio of 

around 2.  

  

Figure 3.15: Temperature-heat-diagram for 30 % propylene / 70 % butane for 5 K 

superheating (left) and for 50 % propylene / 50 % butane for 0 K superheating (right) for 

the case of the booster heat pump [JP02] 

Figure 3.15 shows the temperature heat diagrams for 30 % propylene / 70 % butane 

for a minimum superheating of 5 K (left) and for 50 % propylene / 50 % butane without 

superheating. It can be seen that the temperature profiles are matching generally well, while 

there is a minor mismatch induced by the required superheating. The COP increased from 

7.9 for 5 K superheating and a (0.3/0.7) composition to 8.9 for 0 K superheating at a 

(0.5/0.5) composition. 

Results - economic performance of booster heat pump 

Table 3.8 shows the breakdown of the investment cost of the heat pumps using the 

selection of fluids from Table 3.7. The total cost for the acquisition of the heat exchangers 

PECHX lies between approximately 600 € - 650 € for the pure fluids, 910 € - 980 € for 

zeotropic mixtures operating with minimum 5 K superheating and 1,200 € - 1,250 € for a 

mixtures operating with reduced superheating. The acquisition cost of the compressor 

shows larger variations and lies between 1,500 € and 4,000 € for most of the fluids and 

reaches up to 7,100 € in the most expensive case. The cheapest heat pumps using zeotropic 

mixtures have a total capital investment cost TCI, which is around 50 % larger than for pure 

fluids. 
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Table 3.7: Summary of thermodynamic key performance parameters for best performing 

fluids for the case of the booster heat pump. Solutions with sub-atmospheric evaporation 

pressure were neglected [JP02] 

Working Fluid COP pevap pcond 
𝑝cond
𝑝evap

 �̇� 𝑉1̇ ε ηLor 

 - bar bar - kg/s m3/h % % 

Pure fluids (5 K min. superheating)      

R-134a 6.11 6.2 17.0 2.7 0.074 9.2 41.9 33.0 

Propane 6.01 8.9 21.3 2.4 0.039 7.6 41.3 32.5 

DME 6.19 5.5 14.6 2.7 0.032 10.2 42.4 33.5 

Butane 6.15 2.2 6.6 3.0 0.036 23.1 42.1 33.2 

R-1234yf 5.98 6.4 16.8 2.6 0.093 9.8 41.1 32.3 

R-1234ze(E) 6.08 4.6 13.1 2.8 0.080 12.1 41.7 32.9 

Mixtures (5 K min. superheating)      

30 % Propylene – 70 % Butane 7.86 4.3 9.2 2.1 0.036 13.6 51.9 42.5 

30 % Propane – 70 % Butane 7.92 4.2 9.0 2.1 0.036 13.8 52.2 42.8 

20 % Isobutane – 80 % Pentane 8.03 1.1 2.8 2.5 0.036 41.9 52.9 43.4 

20 % R-1234yf – 80 % R-1233zd(E) 8.00 2.1 5.1 2.4 0.072 23.5 52.7 43.2 

40 % R-1234ze(E) – 60 % R-1233zd(E) 7.96 2.5 6.0 2.4 0.072 19.8 52.5 43.0 

Mixtures (0 K min. superheating)      

50 % Propylene – 50 % Butane 8.85 6.3 11.8 1.9 0.037 9.9 57.3 47.8 

30 % Propane – 70 % R-1234ze(Z) 8.76 4.8 9.6 2.0 0.054 12.0 56.8 47.4 

50 % Isobutane – 50 % DEE 8.86 2.3 4.8 2.1 0.039 23.1 57.3 47.9 

50 % Isobutane – 50 % Pentane 9.01 1.9 4.1 2.1 0.038 26.7 58.1 48.7 

50 % R-1234yf – 50 % R-1233zd(E) 8.86 3.7 7.5 2.1 0.080 15.0 57.3 47.9 
 

The economic analysis included furthermore an assessment of the investments 

profitability over the entire lifetime. This was analyzed in terms of levelized annual cash 

flows required to compensate both the operating cost and the investment. It was found that 

the increased investment in the heat pumps using zeotropic mixtures could be almost 

completely compensated by the improved performance. The thermodynamic performance 

improvement was however not directly translated into economic benefits. This behavior 

could be related to the peculiarity of the booster heat pump application, in which the heat 

source represented a major part of the cost and decreased the benefit that was obtained by 

reducing the electricity cost. The comparison to direct heat supply by low-temperature 

district heating (LTDH) at above 60 °C indicated, that the ULTDH solution with the booster 

heat pump becomes only profitable, if there is a large decrease of more than approximately 

20 €/MWh for heat from district heating at above 60 °C and 40 °C. This large decrease in 

cost is expected in only exceptional circumstances, in which the district heating network is 

using e.g., a large share of cheap excess heat from industrial processes.   
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Table 3.8: Summary of economic key performance parameters for best performing fluids 

for the case of the booster heat pump. Solutions with sub-atmospheric evaporation 

pressure were neglected [JP02] 

Working Fluid COP AHX 𝑉1̇ PECHX PECComp PECtotal TCI 

 - m2 m3/h € € € € 

Pure fluids (5 K min. superheating)     

R-134a 6.11 3.67 9.2 644 1,526 2,169 8,678 

Propane 6.01 3.69 7.6 646 1,564 2,210 8,841 

DME 6.19 3.52 10.2 628 1,992 2,620 10,480 

Butane 6.15 3.53 23.1 630 3,826 4,455 17,821 

R-1234yf 5.98 3.77 9.8 654 1,605 2,259 9,036 

R-1234ze(E) 6.08 3.65 12.1 642 1,897 2,539 10,157 

Mixtures (5 K min. superheating)     

30 % Propylene – 70 % Butane 7.86 6.19 13.6 912 2,497 3,410 13,639 

30 % Propane – 70 % Butane 7.92 6.61 13.8 957 2,526 3,483 13,931 

20 % Isobutane – 80 % Pentane 8.03 6.81 41.9 978 6,148 7,127 28,506 

20 % R-1234yf – 80 % R-1233zd(E) 8.00 6.61 23.5 957 3,227 4,184 16,736 

40 % R-1234ze(E) – 60 % R-1233zd(E) 7.96 6.34 19.8 928 2,817 3,745 14,980 

Mixtures (0 K min. superheating)     

50 % Propylene – 50 % Butane 8.85 9.37 9.9 1250 1,943 3,194 12,774 

30 % Propane – 70 % R-1234ze(Z) 8.76 9.03 12.0 1214 2,264 3,478 13,911 

50 % Isobutane – 50 % DEE 8.86 8.82 23.1 1192 3,815 5,007 20,029 

50 % Isobutane – 50 % Pentane 9.01 9.22 26.7 1234 4,290 5,524 22,097 

50 % R-1234yf – 50 % R-1233zd(E) 8.86 9.39 15.0 1252 2,251 3,503 14,013 
 

Results - thermodynamic performance of the DH network and off-design behavior 

The forward temperature of the district heating network might vary due to different 

reasons, such as seasonal variations or the utilization of the network as a thermal capacity 

buffer. The return temperature is however dependent on the operation of the booster heat 

pump and can accordingly be controlled. The control of the return temperature has an 

impact on the performance of the central heat pumps that are supplying the district heating 

network. The return temperature, corresponding to the heat source outlet temperature of the 

booster heat pump, can be maintained at a constant temperature of 25 °C or it could be 

controlled to maintain the temperature glide in the heat source of the booster heat pump at 

15 K. The latter approach was expected to be beneficial for zeotropic mixtures, as their 

performance is stronger dependent on the temperature glide. 

In order to study the behavior of the booster heat pumps using pure and mixed working 

fluids, the off-design was analyzed for a variation of the forward temperature and the two 

approaches of either maintaining the source outlet temperature at 25 °C or the source 

temperature glide at 15 K. The off-design analysis revealed that the zeotropic mixtures were 

slightly more impacted by the variations in the boundary conditions, while it may be noted 

that the absolute performance remained above the performance of pure fluids for all cases. 
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It could however be noted, that the absolute trends of the performance in off-design 

conditions of zeotropic mixtures and pure fluids were similar. 

It was furthermore studied, how the performance increase from utilizing mixtures in 

both the booster heat pump and the central heat pump affect the performance of the 

complete district heating system under the presented design and off-design conditions. 

It was found that the coefficient of system performance COSP of the low-temperature 

district heating network increased from 3.68 to 4.16 if the central heat pump utilized a 

zeotropic mixture, while it increased from 4.18 to 5.09 for the ultra-low-temperature district 

heating network when the booster heat pump and the central heat pump utilized a zeotropic 

mixture, while the main benefit in terms of COP improvement was obtained by the central 

heat pump. The off-design analysis of the ULTDH network indicated that the most optimal 

performance was obtained when the heat source temperature glide was constantly 

maintained at 15 K. 

3.4.5 Application of screening procedure: Excess heat from CO2 supermarket 

refrigeration systems to district heating 

The advancements in district heating networks are characterized by decreasing 

network temperatures, which is related to more and more low-temperature heat sources 

becoming favorable, especially when they are located in close vicinity to the network. In 

this context, the publication [CP05] studied the possibilities for recovering excess heat from 

supermarket CO2 refrigeration systems by direct heat recovery or by means of a cascade 

heat pump. It was found that the direct heat recovery from the CO2 refrigeration system 

alone to the district heating network had higher COPs during summer while the recovery 

using a cascade heat pump and direct heat transfer shows a superior performance during 

spring/autumn and winter. The overall solution was found to be economically promising 

for prices per unit of supplied heat above 30 €/MWh, while the cascade heat pump solution 

became the preferred choice for prices above 35 €/MWh. 

The study assumed ammonia as working fluid for the cascade heat pump, while an 

additional working fluid screening considering mixtures was conducted, to study the 

possible performance improvements potentials for this application. The working fluid 

screening was conducted as described in Chapter 3.4.1. 

The preceding examples focused on the integration of heat pumps in applications in 

which both the heat source and the sink had temperature glides, which were linear in 

relation to changes in specific enthalpy. The temperature glide of the CO2 was however 

nonlinear, as it comprised gascooling and condensation close to the critical point, and 

therefore constituted an additional challenge for the working fluid screening. 

Figure 3.17 shows the temperature-heat-diagrams for the combination of the cascade 

heat pump and the direct heat exchange for ammonia (left) and 90 % DME / 10 % hexane 

(right). The diagrams show the CO2 system operating with a gascooler pressure of 70 bar, 

which was found to be optimal with respect to the overall performance. At this pressure, 

the CO2 stream exits the compressor and enters the direct heat exchanger with 

approximately 86 °C and heats part of the district heating stream, while cooling down to 

50 °C. At this temperature, the CO2 stream enters the evaporator of the cascade heat pump 



3 Zeotropic mixtures and advanced cycle layouts 45 

 

 

 

and evaporates the cascade heat pump working fluid, while rejecting heat during further 

desuperheating and condensing.  

  

Figure 3.16: Temperature-heat-diagram for ammonia and for 90 % DME / 10 % hexane 

for the case of the cascade heat pump for recovery of excess heat from CO2 supermarket 

refrigeration systems [CP05] 

It may be noted, that the temperature mismatch between the CO2 and the working fluid, 

as well as between the condensing working fluid and the heat sink, is reduced for the 

mixture. This contributed to an increase in COP from 4.9 to 5.7, corresponding to 15 %. 

This example demonstrated the potential to match the temperature profiles also for cases in 

which the temperature increase is nonlinear with respect to the specific enthalpy. 

3.5 Analysis of approaches for comparing working fluids 

The preceding chapters indicated a substantial potential for improving the 

thermodynamic performance by exploiting the potential offered by temperature glide 

matching. The temperature glide matching corresponds however to increased requirements 

in heat exchanger area, meaning an increased investment. The trade-off among 

improvements in thermodynamic performance and increasing investment cost are 

addressed by different design approaches for the estimation of the heat exchanger size. Two 

general approaches for the estimation of the heat exchanger areas are followed in literature 

and therefore discussed in the following. The two approaches are theoretically discussed 

and subsequently applied to the presented case study in order to evaluate their suitability 

more specifically. This analysis was initially presented in [JP05]. 

Firstly, the different working fluids can be compared for a fixed heat exchanger area. 

McLinden and Radermacher [29] suggested to instead fix the heat exchanger area per unit 

of supplied heat or cold to compensate for the different transferred heat flow rates that 

results from different volumetric heating capacities and a compressor with a fixed volume 

flow rate. For the studies in which the supplied heat flow rate is fixed, this approach 

corresponds to a fixed heat conductance UA. This approach was utilized in experimental 

studies [100] and in further numerical studies [25,101–103]. In the experimental studies, 
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the compressor speed was varied to obtain a heat flow rate that yielded the corresponding 

ratio of area per heat flow rate. However, difficulties arise from changes in COP, which 

result in a shift of the ratio of the source and sink heat flow rate, which would require to 

move heat transfer area between source and sink heat exchangers.  

And secondly, the heat exchanger area can be dimensioned for each fluid by applying 

a minimum pinch point temperature difference in the heat exchangers [64,65]. Various 

studies, e.g., [33,60,104,105], applied this approach for the design of heat pump cycles as 

a basis for the comparison of working fluids. 

McLinden and Radermacher [29] have analyzed further approaches for the evaluating 

the working fluid performance for comparison studies and found, that comparisons based 

on the same evaporator and condenser inlet temperatures disregard the integration into the 

boundary conditions and are therefore not suitable for the comparison of zeotropic 

mixtures. These approaches were accordingly disregarded in this study. 

In the following, the two introduced approaches are firstly discussed on a theoretical 

basis before they are compared for the introduced case study. 

3.5.1 Theoretical analysis of approaches for dimensioning heat exchangers 

In order to study the interdependencies between the heat exchanger area and the 

thermodynamic cycle performance in more detail, the main relations are outlined and 

brought into context. 

The general heat transfer relation for flows of constant capacities [41] describes the 

heat flow rate as the product of the heat conductance UA, defined by the product of the heat 

transmission U and the area A, and the logarithmic mean temperature difference ΔTlm.  

 
�̇� = 𝑈𝐴  𝑇lm = 𝑈𝐴 

 𝑇in −  𝑇out
ln( 𝑇in/ 𝑇out )

 (23) 

This relation relates the temperatures of the involved streams to the heat exchanger 

area. While one of the streams is defined as either the heat source or sink, the respectively 

other stream is defined by the working fluid. 

Alefeld [80] describes the maximum obtainable performance COPInt,max of an internal 

cycle by the Carnot COPCar of the thermodynamic average temperatures of the working 

fluid during evaporation  𝑇 Evap and condensation 𝑇 Cond. 

 
COPInt,max =

�̅�Cond

�̅�Cond − �̅�Evap
 (24) 

In order to outline the fundamentally different behaviors of pure and mixed zeotropic 

working fluids, the analogy introduced in Chapter 3.3 between the pure fluid and the Carnot 

cycle and between an ideal zeotropic mixture and the Lorenz cycle is taken up. A pure fluid 

corresponding to the Carnot cycle receives and rejects heat at constant temperatures that 

are limited by the lowest temperature of the heat source TSource,out and the highest 

temperature of the sink TSink,out. For an infinite heat exchanger area, meaning a pinch point 

temperature difference of 0 K, the thermodynamic average temperatures approach these 

temperatures (𝑇 Cond−𝑇 Evap) ≥ (𝑇Sink,out – 𝑇Source,out). An ideal zeotropic mixture as 

defined by the Lorenz cycle operates instead between a reduced temperature difference that 
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is limited by the thermodynamic average temperatures of source and sink 

(𝑇 Cond−  𝑇 Evap) ≥  (𝑇 Sink−𝑇 Source). The difference between the outlet temperatures and 

the thermodynamic average temperatures of source and sink represent the performance 

improvement potential between the Carnot and the Lorenz cycle. This relation shows that 

zeotropic mixtures are theoretically expected to operate with higher performances for an 

improved temperature glide match. 

The heat transfer area is however dominated by the logarithmic mean temperature 

difference within the heat exchangers, while the thermodynamic performance is determined 

by the differences between the thermodynamic average temperatures. 

Figure 3.17 shows the COP and the UA-value for an ideal pure fluid and an ideal 

mixture for a variation of the minimum pinch point temperature differences for an 

exemplifying case. The ideal pure fluid was defined as described by the Carnot cycle, while 

the ideal mixture conformed to the definition of the Lorenz cycle. The UA-value was 

determined as the sum of the UA-value of both the source and the sink. The COP of the 

mixture converges for an increasing area against the COPLor, while the COP of the pure 

fluid is limited by COPCar. 

  

Figure 3.17: Performance and the sum of the UA-values of source and sink of an ideal 

pure fluid and an ideal mixture for a variation of Δ Tpinch for an exemplifying case: Source 

40 °C → 30 °C, Sink 60 °C → 70 °C and 1 MW supplied heat, [JP05] 

A comparison of the two cycles based on a fixed heat exchanger area requires to 

assume a UA-value that appears to be a reasonable choice for one of the fluids. Comparing 

the performance exemplarily for a UA-value of 5 kW/K, which might be a justifiable choice 

for the pure fluid, will yield a reasonable COP for the pure fluid, while a further increase 

of the UA-value would result in a limited performance increase. However, the mixture 

indicates that an increase in thermodynamic performance is expected for an increased 

investment in heat exchanger area. The increased performance might furthermore be able 

to economically compensate the additional investment. Based on this example, it might be 

concluded that any assumption of a fixed heat exchanger area might be economically 
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reasonable for one fluid while being unreasonable for another fluid and might therefore be 

considered as biased. 

Choosing instead a fixed pinch point temperature difference of 2 K yields for both 

cases a performance that is around 90 % of the maximum achievable performance. The 

trend of the performance over the minimum pinch point temperature difference is similar 

and it might be expected that an additional investment has a similar relative impact on the 

performance.  

In the previous chapters, a significant improvement potential in thermodynamic 

performance was demonstrated, if additional heat exchanger area is used and the glide 

match improves. This chapter indicated additionally that the relative impact of the heat 

exchanger area on the thermodynamic performance is represented in a similar trend by the 

minimum pinch point temperature difference, rather than by the heat exchanger area itself.  

3.5.2 Case specific analysis of approaches for the heat exchanger dimensioning 

In order to analyze the two approaches more specifically with respect to economics, 

they were applied to Case I and II for recovery of excess heat from data centers for supply 

of district heating. The two approaches were evaluated for the presented cases from Table 

3.4 and Table 3.5 and compared to a solution in which the heat exchanger area was 

optimized with respect to the NPV. Summarized, simulations with the following three 

approaches were conducted: 

a) Fixed minimum pinch point temperature differences 

b) Fixed overall investment associated with the heat exchangers to the value obtained 

for ammonia by approach a) 

c) Optimization of the heat exchanger area of the heat sink and heat source heat 

exchanger with respect to the net present value. 

A minimum temperature of 1 K was respected in all heat exchangers during the 

optimization conducted in c). 

Figure 3.18 shows the COP (top) and the NPV (bottom) for the three approaches for 

the fluids that were economically most promising for Case I and II. Both the COP and the 

NPV of the mixtures lied significantly above the pure fluids under optimized conditions. 

Approach a) yielded results that were comparable in both parameters for pure and mixed 

fluids. The results from approach b) showed that both the NPVs and the COPs for the 

mixtures reached values that were comparable to the pure fluids. For the pure fluids, the 

results from all approaches were comparable.  

Based on this, it may be concluded that fixing the heat exchanger area during the 

screening process is limiting both the thermodynamic and economic performance of 

zeotropic mixtures with a good temperature glide match. 

The study was repeated for a shorter plant lifetime of n = 10 years in order to analyze 

the influence of this parameter. The shorter lifetime yielded a generally lower NPVs and a 

lower optimal invest. The obtained COPs were therefore lower and the differences in COP 

for the mixtures between the different dimensioning approaches decreased in its absolute 

values but maintained showing significant differences between the results from approach 

b) to a) and c) for the mixtures. 
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Figure 3.18: COP (top) and NPV (bottom) for selected fluids of Case I for 3 options: a) 

fixed pinch point temperature differences, b) fixed overall heat transfer investment to 

value for ammonia, c) heat transfer area optimized with respect to the NPV assuming a 

plant lifetime of n=20 years [JP05] 

The results indicated that the approach of dimensioning the heat exchanger by defining 

the minimum pinch point temperature differences yielded the fairest results in terms of 

economic performance. It can be accordingly recommended to fix the pinch point 

temperature differences for working fluid comparisons focusing on the design of new 

systems. The approach of comparing fluids based on a fixed heat exchanger area or fixed 

heat exchanger area per heat load appeared inappropriate for system design studies, while 

it might be suitable for drop-in or retrofit studies.  

3.6 Analysis of temperature glide matching for different glides 

It was demonstrated in the preceding chapters and the cited literature that significant 

performance increases are obtainable by using zeotropic mixtures. This was mostly related 

to the good glide match and the resulting decrease in irreversibilities. However, a general 

relation that describes the impact of the medium properties of the mixture components and 

the mixture itself on the cycle performance could not be observed.  

Consequently, the interdependencies between the working fluid choice, the component 

performances and the cycle performance were analyzed in [JP01], which was scientifically 
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based on [CP02]. The irreversibilities in the components were related to their origin and 

allocated to either the component or the working fluid. The temperature glide matching in 

the heat exchangers was quantified and included in the analyses of the interdependencies 

between the working fluid, the component performance and the cycle performance. The 

quantification of the temperature glide matching allowed furthermore to analyze the impact 

of the glide matching in source and sink on the cycle performance.  

Methods 

The study conducted a working fluid screening as presented in Chapter 3.4 for four 

cases as summarized in Table 3.9. The screening comprised all natural fluids as suggested 

in Table 3.2. All four cases were designed to heat a stream from 40 °C to 80 °C, while the 

heat source inlet temperature was set to 40 °C, with a variation of the temperature glides 

according to the case. Case I considered a temperature glide of 5 K in the source, which 

was stepwise increased to 20 K for Case IV. 

The screening was conducted for a standard heat pump cycle as presented in Chapter 

3.2. The minimum pinch point temperature differences were assumed to be 5 K and the 

isentropic efficiency of the compressor was set to 80 %. The screening was firstly 

conducted with a minimum superheating temperature difference of 5 K and secondly 

repeated with a minimum superheating temperature difference of 0 K, which allowed a 

more thorough analysis of the impact of the temperature glide matching in the evaporator 

on the cycle performance. 

Table 3.9: Definition of boundary conditions for considered cases, [JP01] 

Case 

Number 

Heat Source 

TSource,in → TSource,out 

Heat Sink 

TSink,in → TSink,out 

I 40 °C → 35 °C 

40 °C → 80 °C 
II 40 °C → 30 °C 

III 40 °C → 25 °C 

IV 40 °C → 20 °C 
 

The exergy destruction in the heat exchangers was distinguished according to their 

origin. ĖD,pinch described the contribution that was associated with the heat exchanger by 

the requirement of a minimum temperature difference for transferring the heat and 

represented the amount of irreversibilities that would remain for a perfectly matched 

working fluid. The other contribution ĖD,fluid accounted for the fluid being non-ideal by 

deviating from an ideally matched temperature profile. The contributions were visualized 

in Figure 3.4 (page 23). 

 �̇�D,component = �̇�D,pinch + �̇�D,fluid (25) 

The exergy destruction associated with the fluid being non-ideal could accordingly be 

determined as the difference of the total exergy destruction in the component ĖD,component 

and the exergy destruction associated with the heat exchanger ĖD,pinch. The exergy 

destruction ĖD,pinch resulting from the heat transfer from a hot stream at the thermodynamic 

average temperature �̅�hot to a cold stream at the thermodynamic average temperature �̅�cold 

in a balanced heat exchanger with ideally matched temperature profiles is described by: 
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�̇�D,pinch = (1 −

𝑇0

�̅�hot
) �̇� − (1 −

𝑇0

�̅�cold
) �̇� = 𝑇0 �̇�  

�̅�hot − �̅�cold 

�̅�hot �̅�cold
 (26) 

The thermodynamic average temperature of a stream with a constant heat capacity 

being heated or cooled from state 1 to 2 can be estimated by �̅�1−2 = (𝑇1 − 𝑇2)/ln (𝑇1/𝑇2), 
according to [41]. 

In order to quantify the temperature glide match between the working fluid and the 

secondary fluid, the temperature glide matching indicator πglide was introduced. It was 

defined as the ratio of the total exergy destruction in the heat exchanger ĖD,component over the 

exergy destruction associated to the heat exchanger ĖD,pinch. 

 
𝜋glide =

�̇�D,component

�̇�D,pinch
=
�̇�D,fluid + �̇�D,pinch

�̇�D,pinch
 (27) 

The temperature glide match indicator approaches 1 for an ideally matched fluid and 

increases with an increasing mismatch. 

Results 

Figure 3.19 shows the COP over the composition of component two for all mixtures 

and all four cases for both a minimum required superheating of 5 K (top) and 0 K (bottom).  

It may firstly be noted, that the COPs are generally decreasing from Case I to IV, which 

can be related to the decreasing source outlet temperature. It may furthermore be seen, that 

the performance increase that can be obtained from using mixtures increases compared to 

pure fluids with an increasing glide on the source side. No performance increase was 

obtainable for Case I, meaning a temperature glide of 5 K in the source, and a minimum 

required superheating of 5 K, while a performance increase of 6 %, 12 % and 20 % could 

be observed for Case II, III and IV, respectively. Under the assumption, that the minimum 

required superheating could be reduced to 0 K, the obtainable performance increases were 

higher and corresponded approximately to the cases with 5 K larger temperature glide 

under the assumption of 5 K minimum required superheating. 

The results of the best performing pure and mixed fluids for a minimum superheating 

of 5 K are summarized in Table 3.10. For Case I, the best performing fluids were pure 

fluids. Propylene, propane and DME were reaching COPs above 5.8 while they had a good 

glide match indicator of around 1.5 in the evaporator and a moderate glide match between 

2.8 for propylene to 3.4 for DME for the sink side. 

For Case II, III and IV, meaning an increasing temperature glide in the source of 10 K 

to 20 K, the glide match indicator of the pure fluids increased, indicating an increasing 

mismatch in the source. The glide match in the source of the mixtures was not impacted by 

an increasing temperature glide in the source and remained at values mainly between 1.5 

and 1.6. The mixtures showed furthermore improved glide matches on the source side, by 

reaching values as low as 2 to 3, while the pure fluids showed mostly higher values. 

The table includes furthermore the pressure levels and the volumetric heating capacity 

VHC. It may be noted that the pressure levels were in the range of generally feasible 

solutions. Higher values for the VHC indicate a more compact compression equipment and 

accordingly lower investment cost. 
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Minimum required superheating: 5 K: 

 

Minimum required superheating: 0 K 

 

Figure 3.19: COP for all cases with minimum superheating of 5 K (top) and 0 K 

(bottom) for all mixtures over the composition of the less volatile component 2. Selected 

mixtures are labelled while other mixtures are included as grey shaded, representing 

the general solution space, [JP01] 
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Table 3.10: Simulation results for best performing mixtures and pure fluids for each case 

and a minimum of 5 K superheating, [JP01] 

Medium COP 

- 

πSource 

- 

πSink 

- 

pevap 

bar 

pcond 

bar 

VHC 

kJ/m3 

Case I       

Propylene 5.85 1.53 2.80 13.1 35.7 9,508 

DME 5.84 1.54 3.43 6.8 22.6 6,106 

Propane 5.82 1.53 2.92 10.8 31.1 8,093 

Butane 5.38 2.24 3.61 2.5 11.0 2,512 

Isobutane 5.34 2.28 3.48 3.6 14.4 3,308 

Pentane 4.91 3.34 3.74 0.6 4.1 721 

Case II       

10 % CO2 –  90 % DME 5.62 1.56 2.96 7.5 25.1 6,564 

50 % DME – 50 % Butane  5.61 1.59 3.14 4.8 17.3 4,329 

10 % Ethane – 90 % Propane 5.60 1.42 2.58 12.3 35.9 8,761 

10 % Ethane – 90 % Propylene 5.57 1.48 2.50 14.5 39.5 10,060 

DME 5.28 2.05 3.42 5.9 22.5 5,368 

Propylene 5.26 2.05 2.80 11.5 35.5 8,467 

Case III       

30 % Propylene – 70 % Butane 5.40 1.47 2.84 4.0 15.0 3,573 

30 % Propane – 70 % Butane 5.38 1.42 2.98 3.9 14.8 3,475 

10 % CO2 – 90 % DME  5.32 1.56 2.97 7.0 25.0 6,138 

80 % DME – 20 % Isopentane 5.31 1.89 2.87 4.5 17.2 4,112 

Pentane 4.81 2.48 3.74 0.6 4.1 693 

DME 4.80 2.58 3.42 5.1 22.3 4,701 

Case IV       

20 % DME – 80 % DEE 5.29 1.33 2.47 1.2 6.1 1,312 

30 % DME – 70 % Pentane 5.24 1.62 2.00 1.2 6.1 1,330 

30 % DME – 70 % Isopentane 5.19 1.74 2.20 1.7 8.0 1,757 

50 % Propylene – 50 % Butane 5.15 1.52 2.56 5.0 18.6 4,270 

Isopentane 4.41 2.98 3.69 0.6 5.0 747 

DME 4.41 3.10 3.42 4.4 22.2 4,101 

 

Figure 3.20 and Figure 3.21 visualize the trends of the glide matching indicators in 

source and sink and the thermodynamic performance for all four cases. The thermodynamic 

performance was expressed by the exergetic efficiency ε in order to eliminate the impact of 

the decreasing source temperature, which allowed comparing the cases in one diagram. 

Figure 3.20 shows the exergetic efficiency over the glide match indicators for source 

and sink. The exergetic efficiency is indicated by color and plots for all four cases for a 

minimum of 5 K superheating are shown. It may be seen that the majority of the fluids had 

glide match indicators below 4. The trend of the exergetic efficiency correlated with the 

glide match indicator of the source rather than with the sink.  

Transcritical fluids obtained a relatively good glide match in both the source and the 

sink. 



54   3.6 Analysis of temperature glide matching for different glides 

 

  

 
Figure 3.20: Combinations of glide match indicators 𝜋 of sink and source for all 

simulations for Case I-IV with 5 K superheat with the exergetic efficiency indicated by 

color, transcritical cycles are marked with a black +, [JP01] 

 

Figure 3.21: Glide match indicators for source (left) and sink (right) over the exergetic 

efficiency with indication of the respective other heat transfer process by colour for all 

cases indicated by marker (Case I: o, Case II: +, Case III: *, Case IV: x), [JP01] 



3 Zeotropic mixtures and advanced cycle layouts 55 

 

 

 

Figure 3.21 shows the same data in a different arrangement. The glide match indicator 

of the source (left) and the sink (right) are plotted over the exergetic efficiency, while the 

respectively other glide match indicator is indicated by color. No high thermodynamic 

performance could be observed with a poor glide match on the source side. However, a 

good glide match on the source side did not directly result in an improved performance. For 

the sink side, an improved glide match indicator seemed to be related to a performance 

increase in the range of lower exergetic efficiencies. In the range of high exergetic 

efficiencies, a certain mismatch could be accepted while reaching the highest 

thermodynamic performances. 

  

Figure 3.22: Temperature-Heat-Diagram 

for subcritical cycle with a good glide 

match on the source side, a moderate 

glide match on the sink side and a good 

COP, [JP01] 

Figure 3.23: Temperature-Heat-Diagram 

for a transcritical cycle with a good glide 

match on both the source and sink side 

and a moderate COP, [JP01] 

  

Figure 3.24: Temperature-Heat-Diagram 

for a subcritical cycle with a good glide 

match on the source side, a moderate 

glide match on the sink side and a good 

COP, [JP01] 

Figure 3.25: Temperature-Heat-Diagram 

for a subcritical cycle with a poor glide 

match on the source side, good glide 

match on the sink side and a moderate 

COP, [JP01] 
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The relation between the glide match indicators and the exergetic efficiency indicated 

that the highest thermodynamic performances were only obtainable for a good glide match 

on the source side, while a slight mismatch with a glide match indicator of around 3 

appeared to be acceptable on the sink side.  

In order to substantiate the general trends, specific examples were chosen and are 

shown in Figure 3.22 to Figure 3.25. The shown cases were selected as representative 

examples of the discussed observations. Figure 3.22 shows the temperature-heat-diagram 

for the mixture 10 % ethane / 90 % propane for Case II. This example had a good glide 

match on the source side, a moderate glide match on the sink side and was among the best 

performing fluids. Figure 3.22 shows the diagram for 80 % ethane / 20 % propylene, 

operating at a transcritical pressure during heat rejection, and indicated a good glide match 

on both sides. The COP was however 12 % lower than the best performing fluids and points 

out that the other components, namely the compressor and the throttling valve, can be 

impacted by the working fluid choice to show a significant contribution to the overall 

irreversibilities. Figure 3.24 and Figure 3.25 are documenting cases in which either one or 

the other side had a significant mismatch with a limited impact on the COP. 

Discussion and conclusion 

The analysis demonstrated the potential performance increases obtainable by utilizing 

zeotropic mixtures for four cases with an increasing temperature glide on the source side. 

It was found that pure fluids had the best thermodynamic performance for Case I, meaning 

a temperature glide in the source of 5 K, and a minimum superheating of 5 K. For an 

increasing glide, zeotropic mixtures were found to show the best performances. The 

obtainable performance increase reached 20 % for Case IV with a source glide of 20 K and 

a minimum superheating of 5 K and up to 27 % under the assumption that the required 

superheating could be reduced to 0 K for zeotropic mixtures. The feasibility of different 

approaches for operating a heat pump with a zeotropic mixture at reduced superheating is 

included in the discussion. 

In order to analyze the influence of the temperature glide matching in the heat 

exchangers on the COP, a glide match indicator was defined. It could be observed that an 

improving temperature glide match could result in an increase in thermodynamic 

performance. It was furthermore observed, that the glide match in the source had a 

dominating influence on the cycle performance. The maximum observed performances 

were only obtained for the case of an optimal glide match on the source side, while a 

moderate mismatch on the sink side appeared to be acceptable. A reduction of the required 

minimum superheating in the evaporator enabled an improved glide match for some 

zeotropic mixtures and accordingly increased the potential performance improvement even 

more.  

3.7 Impact of cycle layout on component and system performance 

The presented working fluid screenings indicated that zeotropic mixtures with a good 

temperature glide match between the working fluid and the secondary sides could 

considerably improve the thermodynamic performance for most applications. It was found 

that the irreversibilities in the heat exchangers could be reduced to a minimum if a heat 
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pump with a zeotropic mixture with a certain temperature glide during evaporation could 

be operated without superheating in the evaporator.  

An approach to further improve the performance is adjusting the cycle layout by 

introducing an internal heat exchanger. An internal heat exchanger utilizes the heat from 

subcooling the liquid before the throttling valve to preheat the gas before the compressor 

inlet. Further improvements can be obtained from decreasing the superheating within the 

evaporator, allowing an improved glide match and thereby higher evaporation pressures. 

In the following, an exergy analysis was conducted to relate the overall improvements 

to the choice of the working fluid, the cycle layout, specific design parameters and the 

component performance. The exergy analysis was conducted for an example in which the 

heat sink was heated from 40 °C to 70 °C while the heat source was cooled from 20 °C to 

10 °C. The dead state was defined as 1 bar and 1 °C. The study used a mixture of propane 

and butane at different compositions and evaluated the standard cycle and the internal heat 

exchanger cycle for different assumptions of the superheating. The compositions were 

chosen as they are optimal for the specific configuration of the cycle and the superheating 

in the evaporator. An overview of the considered cases is shown in Table 3.11. All 

simulations were conducted with an isentropic efficiency of 80 % and a minimum pinch 

point temperature difference in all heat exchangers of 2.5 K. No further losses were 

considered for this study. 

Table 3.11: Overview of the cycles considered for the analysis of the improvements 

associated with the internal heat exchanger and the reduction of superheating in the 

evaporator 

Cycle Working fluid condition 

at evaporator outlet 

Medium (Example) Case 

Std-cycle Superheated by 5 K 
Butane a) 

20 % Propane / 80 % Butane b) 

Std-cycle Superheated by 0 K 50 % Propane / 50 % Butane c) 

IHX-cycle Superheated by 5 K 10 % Propane / 90 % Butane d) 

IHX-cycle Superheated by 0 K 30 % Propane / 70 % Butane e) 

IHX-cycle Optimized outlet quality 30 % Propane / 70 % Butane f) 
 

The standard cycle with 5 K superheating at the outlet of the evaporator can be seen 

as the benchmark and was evaluated for a) the pure fluid butane and b) the mixture 20 % 

propane and 80 % butane. The temperature glide within the two-phase zone of zeotropic 

mixtures might enable obtaining a stabilized control and thereby to reduce the required 

superheating within the evaporator. In order to outline the potential that might be obtained 

by such a reduction, a standard cycle with 0 K superheating at the outlet of the evaporator 

was considered and evaluated for 50 % propane / 50 % butane in case c). 

Introducing an internal heat exchanger cycle gives the possibility to use the 

temperature at the outlet of either the evaporator or the internal heat exchanger for 

controlling the throttling valve. This might result in a more complex control but enables to 

operate the system with the evaporator outlet being d) superheated by 5 K, e) at saturated 

conditions or f) within the two-phase zone at an optimized outlet quality, while the 

evaporation takes partly place in the internal heat exchanger. 
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Figure 3.26: COP for the standard (Std) cycle and the internal heat exchanger (IHX) 

cycle with different fluid conditions at the outlet of the evaporator for mixtures of 

propane and butane 

Figure 3.26 shows the COP for the standard cycle and the internal heat exchanger cycle 

for the different evaporator outlet conditions for a variation of the composition for mixtures 

of propane and butane. It may be seen that the course of the COP along the composition is 

relatively similar for both the standard cycle and the internal heat exchanger cycle with a 

minimum superheating of 5 K in the evaporator. The performance increase that is obtained 

by the internal heat exchanger is relatively constant for all compositions.  

It may furthermore be seen that the different mixtures are differently strong benefitting 

from a further decrease of the superheating inside the evaporator. The largest performance 

increases from the reduction of the superheating can be observed for compositions between 

20 % and 80 %. The performance increase that can be obtained from the introduction of the 

internal heat exchanger is as well relatively constant for the cycles with 0 K superheating 

in the evaporator. 

Figure 3.27 shows the temperature-heat-diagrams for all 6 considered cases. It can be 

seen that the temperature profiles are matching well in the evaporator for the solutions c), 

e) and f), while there occurs a slight mismatch for the other solutions. All solutions are 

having a moderate mismatch in the condensers. The temperature profiles in the internal 

heat exchanger of solution d), e) and f) are also matching generally well, while the amount 

of heat that is transferred is largest for solution f). The cases that are using an internal heat 

exchanger operate with an increased superheating at the inlet of the compressor, which 

results in a larger desuperheating at the outlet and thereby in the condenser. 

Figure 3.28 visualizes the interdependencies between the exergy destruction and the 

COP as introduced in Chapter 3.3.2 for all cases. The exergy destruction is expressed in 

relation to the exergy product ĖD/ĖP and is distinguished according to the components. The 

diagram allows quantification of the observations from the temperature-heat-diagrams and 

considering the performance of the compressor and the throttling valve.  

a)

b)

c)
d)
e)
f)
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Figure 3.27: Temperature-heat-diagrams for cases a) to f) from Table 3.11 

a) b)

c) d)

e) f)
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The temperature glide matching by using a mixture and reducing the required 

superheat in the evaporator resulted mainly in a reduction of the exergy destruction within 

the heat exchangers. The internal heat exchanger introduced an additional small amount of 

exergy destruction in itself, while reducing the exergy destruction significantly in the 

throttling valve and slightly in the compressor. Operating the system with an optimized 

evaporator outlet quality could slightly reduce the exergy destruction in the throttling valve 

but increased the exergy destruction in the internal heat exchanger, while the performance 

of the evaporator itself remained constant. Overall, it resulted in a slight increase in COP. 

 
Figure 3.28: Overview of the exergy destruction per exergy product in relation to the 

COP for all considered cases 

This chapter demonstrated the possibility to improve the overall performance by 

optimizing the working fluid and the cycle layout simultaneously. It was found that using 

an internal heat exchanger was a suitable measure for reducing the irreversibilities in the 

throttling valve and the compressor, while the choice of the fluid itself could yield a good 

glide match inside the heat exchangers. The example was however subject to fluid specific 

peculiarities and no generally applicable conclusions with respect to the performance and 

impact of specific components could be drawn.  

Relating the exergy destruction to the COP was found to be a suitable measure for 

visualizing the potential performance increases that are obtainable by optimization of the 

cycle, the working fluid and specific components. 
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3.8 Consideration of novel working fluids 

The list of pure fluids that was considered in the presented working fluid screenings 

consisted of natural refrigerants, while it was supplemented for some screenings by selected 

hydrofluoroolefins (HFOs). The list of fluids was however limited to fluids that were 

previously known as refrigerants, which raises the question if an additional potential 

performance increase could be obtained by involving working fluids that are novel in a kind 

of not being known as refrigerants. 

Reverse engineering approaches were employed in different studies to identify fluids 

with promising characteristics for different thermodynamic cycles [26,106–108]. The 

reverse engineering methods consist of process modelling to identify target properties for 

potential fluids, before fluids suitable fluids that fulfill these target properties are screened. 

Suitable fluids can be identified from existing databases that are based on experimental data 

or fluids that are generated by group contribution methods using computer aided molecular 

design (CAMD) [109,110]. 

McLinden et al. [25,26] conducted an extensive working fluid screening for 

refrigeration and air-condition applications and found a rather limited list of possible 

alternatives. Their studies were however limited to the analysis of pure working fluids. 

Cignitti [93] presented a CAMD based method for working fluid screenings for heat 

pumps involving pure and mixed working fluids. The suggested method was a simultaneous 

design procedure, which conducts the design of the working fluid and the thermodynamic 

cycle simultaneously, rather than generating fluids and subsequently evaluating the cycle 

model for a set of defined fluids. Below follows a comparison of the results from the 

screening procedure introduced in this thesis to the results from the CAMD-based screening 

to derive an indication of the potential performance increases that could be expected from 

novel working fluids as components of binary working fluid mixtures. 

In Frutiger et al. [JP04] we studied the impact of the uncertainties that stem from the 

consideration of working fluids, for which amount of experimental data is limited. 

Both [JP04] and [93] were based on the case study of the spray dryer for milk powder 

production as presented in Chapter 3.4.4. 

3.8.1 Working fluid screening using computer aided molecular design 

A procedure for screening pure and mixed working fluids considering their molecular 

structure was suggested and applied to a case study in [93]. The focus of the study was the 

presentation of the method while considering a limited amount of molecular groups 

including C, H and F. This procedure yielded fluids, which could be novel fluids or fluids 

that are already known as refrigerants. The results from the CAMD screening were 

subsequently compared to the best performing fluids identified by the screening introduced 

in Chapter 3.4. In the following, the method is briefly summarized before the results of the 

case study are presented as a basis for a comparison with the results obtained from the 

screening procedure presented in this thesis. The reader is referred to the PhD thesis of 

Cignitti [93] for a more detailed description of the method. 
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Methods: 

The fluids that were generated by CAMD [111,112] were composed by different 

groups using group contribution methods. The methods from Hukkerikar et al. [113] were 

used for the estimation of the critical properties and the acentric factor, while the methods 

from Joback and Reid [114] were used to estimate the ideal gas heat capacity. The 

maximum number of groups per molecule was limited to 8 and lower bounds for the critical 

pressure of 20 bar and the critical temperature of 200 K were defined to constraint the 

optimization problem to a reasonable range. For the estimation of the fluid properties, the 

Soave-Redlich-Kwong equation of state [115] and classical van der Waals mixing rules 

were used.  

A standard cycle was chosen and the heat pump model corresponded to the one 

presented in Chapter 3.2. The CAMD screening was conducted for the spray dryer case 

study. The assumptions from [93] corresponded to the updated screening presented in 

Chapter 3.4.3, which correspondingly constituted the baseline for comparisons. 

Results: 

The results of the CAMD screening [93] are summarized in Table 3.12. The 

simultaneous approach found 1,2-difluoroethane with a COP of 3.03, an evaporation 

pressure of 1.1 bar and a condensation pressure of 17.5 bar as the optimal pure fluid. The 

optimal mixture consisted of isobutene and 1,1,3,3-tetrafluoropropane with a molecular 

composition of (74.9/25.1) and had a COP of 3.22, an evaporation pressure of 2.9 bar and 

a condensation pressure of 23.9 bar. The increase in COP from the mixture compared to 

the pure fluid was 6 % and the mixture had a considerably lower pressure ratio. 

Table 3.12: Results of CAMD screening for the case study of the spray dryer [93] 

Property Mixture Pure fluid 

Fluid properties   

Name isobutene 1,1,3,3,-

tetrafluoropropane 

1,2-difluoroethane 

Molar composition 0.749 0.251 - 

Critical temperature 131.5 °C 229.0 °C 201.7 °C 

Critical pressure 39.7 bar 40.9 bar 57.8 bar 

Cycle performance   

COP 3.22 3.03 

pevap 2.9 bar 1.1 bar 

pcond 23.9 bar 17.5 bar 
 

The screening as presented in Chapter 3.4.3 considered the list of 18 known fluids and 

identified a mixture of 60 % DME / 40 % pentane with a COP of 3.25 and DME with a 

COP of 2.93 as the optimal mixed and pure working fluid. The optimal mixtures identified 

by the two approaches had a comparable performance, while the pure fluid identified by 

the simultaneous CAMD screening had a slightly higher performance. 

It may however be noticed, that the CAMD screening used an SRK equation of state 

with classical van der Waals mixing rules, while the screening presented in Chapter 3.4.3 
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was based on state-of-the-art medium properties obtained from REFPROP [78]. The 

commercial availability of the fluids found by the CAMD screening might be limited.  

Conclusions: 

A simultaneous approach for the design of binary working fluid mixtures in a heat 

pump cycle was presented and applied to a case study [93]. Mixtures were found that could 

compete with screenings considering a limited list of known working fluids and a pure fluid 

was found, which outperformed the best common pure refrigerants. It may however be 

noted that the focus was on the development and demonstration of the methodology. In 

order to reach a conclusion, if the consideration of novel working fluids in mixtures could 

improve the performance significantly compared to known working fluids, the CAMD 

screening has to be extended to include additional atoms and accordingly more groups. 

Furthermore, the presented method has to be extended to consider the environmental 

impact, e.g., the GWP, to ensure that the identified fluids could be accepted as long-term 

solutions. If all relevant groups are considered, it might be claimed, that these screenings 

are exhaustive [25]. 

3.8.2 Uncertainty analysis in reverse engineering of working fluid selection 

The reverse engineering approaches aim to identify promising refrigerants while 

considering substances that might have not been used as refrigerants or not even in other 

applications before. Experimental data for such fluids is however not always available with 

the same quality and quantity as for established refrigerants, which results in an increased 

uncertainty in the fluid properties of novel fluids. In order provide a fair comparison that 

accounts for these uncertainties, the uncertainties associated to the fluid parameters have to 

be considered in the estimation of the COP. The consideration of the uncertainty in the 

calculation of the thermodynamic performance of a heat pump is however numerically 

demanding. 

The publication of Frutiger et al. [JP04] demonstrated the uncertainty propagation of 

the fluid parameters to the estimation of the cycle performance and suggested a method for 

including the aspect of uncertainty during the working fluid screening at a reasonable 

numerical effort. The paper was based on the case study of the spray dryer for the milk 

powder production. The heat pump cycle was a standard cycle and the model was 

implemented as described in Chapter 3.2. The heat sink outlet temperature was in this case 

fixed to 127.5 °C. 

Methods: 

In order to propagate the fluid property uncertainty to the thermodynamic performance 

of the heat pump a Monte-Carlo based uncertainty analysis can be conducted [116]. The 

input parameters, e.g., the critical pressure and temperature, the acentric factor and the ideal 

gas heat capacity, were sampled within the range of their uncertainty, according to the Latin 

Hypercube sampling method [117], and different sets of the input samples are evaluated in 

the combined fluid property and heat pump cycle model.  

The number of cycle evaluations associated with this uncertainty analysis of one fluid 

is numerical demanding, especially when considering the large amount of potential fluids 

that are to be evaluated in the CAMD screenings. These screenings were therefore typically 
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conducted without considering the fluid property uncertainties, while a detailed uncertainty 

analysis might be conducted for the previously identified most promising fluids. 

Frutiger et al. [JP04] suggested a method to include the uncertainty during the 

screening while keeping the numerical effort low. It was based on the idea that the 

thermodynamic performance is once determined for a set of virtual fluids, to which the real 

fluids are subsequently compared instead of having to evaluate each of the real fluids with 

a complete cycle evaluation. The set of virtual fluids was generated by a Monte-Carlo 

sampling to represent the entire search space for the real fluids. While the real fluids were 

compared to the virtual fluids, the uncertainty in their fluid properties was considered and 

weighted according to their sensitivity. The set of virtual fluids was considerably shorter 

than the number of real fluids. The uncertainty was considered during the comparison to 

the virtual fluids, and the ranking of the real fluids could be done according to either the 

upper or lower bound or the mean value. For a more detailed description of the method the 

reader is referred to [JP04] and the PhD thesis of J. Frutiger [118]. 

Results: 

The working fluid screening was applied to the group of hydrocarbon-based working 

fluids, including cyclic groups. Hydrocarbon-based refrigerants are flammable but natural 

refrigerants and therefore suitable replacements for refrigerants with an unacceptable 

environmental impact. This group of fluids comprises a high number of combinatorial 

possibilities, while this results in relatively large uncertainties in the estimation of the fluid 

properties for some fluids. The method could in general be applied to larger groups but in 

this case, the group of hydrocarbons was found to be a suitable example for demonstrating 

the method.  

 
Figure 3.29: COP and the 95 %-confidence interval for the best performing fluids 

identified by the screening procedure and for three common refrigerants [JP04], [118] 
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Figure 3.29 shows the performance of the best performing fluids identified by the 

screening and for three selected common refrigerants. The bar chart includes furthermore 

the uncertainties in the estimation of the COP, which results from the uncertainties in the 

fluid properties.  

It may be noted that the uncertainties in the performance estimation varied 

considerably. While the COP of cyclopentane was estimated to be within a 95 %-

confidence interval of 3.00-3.11, the 95 %-confidence interval is 2.63-3.08 for the COP of 

1,1-dimethyl-cyclopropane. 

Conclusions: 

The publication [JP04] highlighted the impact of uncertainties in the fluid property 

estimation on the estimation of the cycle performance. It was shown that the fluid property 

uncertainties can cause the 95 %-confidence interval of the COP to be smaller than 1 % of 

the mean for well-known refrigerants, while it can become of larger significance for fluids 

with less accurate fluid property estimations. 

3.9 Heat exchangers for temperature glide matching with zeotropic 

mixtures 

The preceding chapters demonstrated significant performance improvement potentials 

from utilizing zeotropic mixtures instead of pure fluids. The main difference in the 

thermodynamic heat pump cycles using either pure fluids or zeotropic mixtures is the 

temperature glide during phase change for a zeotropic mixture. It was found that the main 

improvement potentials were associated to an improved temperature glide match in the heat 

exchangers, while the compression and expansion process were found to be similar as for 

pure fluids. The heat exchangers are accordingly important components in the context of 

exploiting the performance improvement potentials of zeotropic mixtures. 

The present chapter summarizes the work from [JP03] and [JP07], in which the 

interdependencies between the heat exchanger and the cycle were studied. In Mancini et al. 

[JP03] we analyzed the design of the heat exchangers and derived recommendations for a 

simplified deterministic design of the heat exchangers, while Mancini et al. [JP07] focused 

on the analyses of the impact of maldistribution in the evaporator on the cycle performance. 

Both publications considered plate heat exchangers, as these imply different 

characteristics that are very favorable for the utilization in heat pumps with zeotropic 

mixtures. Plate heat exchangers are available in a large range of capacities and enable a 

counter-current configuration and thereby temperature glide matching, while being 

relatively compact. Plate heat exchangers allow for efficient heat transfer processes, due to 

high heat transfer coefficients enabling low minimum temperature differences [119,120]. 

The compact dimensions result furthermore in low refrigerant charges. 

3.9.1 Design of heat exchangers 

The estimation of a heat pump performance for comparing working fluids requires 

defining the thermodynamic cycle and determining the pressure levels within the cycle. It 

was demonstrated that economically fair results could be obtained by imposing a minimum 

pinch point temperature difference in the heat exchangers, which determines the UA-value 

of the heat exchangers for each specific fluid. 
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In order to calculate the heat exchanger area, the heat transmission coefficient U, 

which is dominated by the heat transfer coefficients of the fluids, has to be determined. The 

heat transfer coefficients are impacted by the heat exchanger design and are related to the 

flow condition of the stream. The pressure drop is however similarly related to the flow 

conditions. A configuration that yields an increased heat transfer coefficient results 

typically in an increased pressure drop as well.  

The choice of a heat exchanger design with a high heat transfer coefficient allows 

reducing the area and thereby the investment cost while it also results in an increased 

pressure drop. Larger pressure drops decrease the operating performance and impact the 

component design. The pressure drop in the evaporator has for example a direct impact on 

the volume flow rate at the compressor inlet, which decreases the volumetric heating 

capacity and requires a larger compressor investment. The choice of a heat exchanger 

geometry constitutes accordingly a multi-dimensional design problem and is often 

approached by either numerical optimization or heuristics.  

Typical heuristics can be to define a maximum allowable pressure drop or maximum 

flow velocities and subsequently minimize the heat exchanger area while exploiting 

allowable pressure drops or velocities [119–121]. However, considering that the pressure 

drop impacts not only the heat exchanger performance, but also the design and performance 

of the other components and the entire cycle, reveals that a general heuristic definition of 

the design criteria, which disregarded the fluid and case specific aspects, might yield 

suboptimal solutions. The advantage of heuristic approaches is nonetheless, that they are 

deterministic and allow to find a heat exchanger design without the necessity of numerically 

demanding optimization processes.  

Such numerical optimizations are suitable approaches for the detailed design of the 

heat exchangers while accounting for case and fluid specific aspects, but are typically 

numerically too demanding for being suitable for screening procedures as presented in 

Chapter 3.4. The optimizations do furthermore require meaningful objective functions. 

Various studies, e.g., [122–125], presented numerical optimizations while the objective 

function often accounted for compression and pumping cost for compensating the pressure 

losses as well as for the heat exchanger investment cost. The studies did however neglect 

the impact of the pressure drop on the design of the remaining components, which 

corresponds among other aspects in the requirement of a larger compressor, meaning 

increased investment cost.  

In Mancini et al. [JP03] we analyzed the applicability of different heat exchanger 

dimensioning approaches as they could be suitable for the screening procedure. The 

analysis was based on the case of the spray dryer for milk powder production as presented 

in Chapter 3.4.3 and initially in [CP01]. The paper aimed to develop a deterministic 

guideline for the heat exchanger dimensioning for a given case study, while considering the 

impact of the heat exchanger design on both the investment cost of the heat exchanger and 

the other components as well as on the operating costs of the entire cycle.  

A preliminary study supported by a literature review revealed that it was not possible 

to analytically derive a generally applicable approach, which allows a deterministic heat 

exchanger design that is optimal with respect to economic criteria. It was accordingly 
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decided to focus on a specific case study with a focus on the design of the evaporator. This 

approach was intended to serve as a basis for further studies, in which the extension of the 

approach to other case studies and its general applicability is studied.  

As the heat exchanger area receives major attention in the case of zeotropic mixtures 

with a good temperature glide match, the study focused on the analysis of a set of zeotropic 

mixtures as suggested in Chapter 3.4.3. 

Methods: 

The heat pump cycle model as presented in Chapter 3.2 for a standard cycle was 

merged with a model for plate heat exchangers. The cycle model was firstly evaluated 

without any pressure drop in order to determine the operating conditions of the heat 

exchanger, before the heat exchanger was evaluated and the pressure drop determined. 

Subsequently, the cycle was re-evaluated under consideration of the calculated pressure 

drop. The plate heat exchanger model was discretized in one dimension and did not consider 

any maldistribution. The heat transfer coefficients and the pressure drops were calculated 

locally by employing experimental correlations from literature, which are explained in 

detail in the original article. The heat pump model, the component input parameters and the 

economic boundary conditions were chosen based on the description of the case study as 

presented in [CP01]. 

The heat pump was evaluated for a set of combinations of the design parameters for 

the evaporator. The following parameters were considered as design criteria: Plate width, 

number of channels, corrugation height and pitch, chevron angle and port diameter. These 

parameters were varied in a certain range, resulting in 1440 possible design configurations, 

while only technically feasible combinations were considered in the data analysis. 

The combined heat pump model was evaluated for eight different zeotropic mixtures 

for all possible evaporator design configurations. Subsequently, the data sets were analyzed 

with respect to a potential correlation of the normalized net present value NPV* and a 

certain set of non-dimensional parameters describing the flow characteristics. The 

normalized net present value NPV* described the NPV of one design in relation to the 

maximum NPV for the specific fluid. The following non-dimensional parameters were 

considered: Dimensionless inclination angle θ*, Bond number Bd, Weber number Wem, 

Liquid-to-vapor density ratio ρ*, Reynolds number accounting for liquid only Relo and the 

Reynolds number accounting for the vapor alone Rev. The potential correlation was 

analyzed under the assumption of a power law as expressed by Eq. 28.  

 NPV∗ = a ∙  𝜃∗𝑏 ∙ Bd𝑐 ∙ We𝑚
𝑑 ∙ Re𝑣

𝑒 ∙ Relo
𝑓
∙  𝜌∗𝑔 (28) 

The parameters were fitted in one approach involving all simulations for all fluids and 

evaporator configurations. 

Results: 

Figure 3.30 visualizes the net present value NPV in relation to the varying heat 

exchanger area (left) and the varying total pressure drop in the evaporator (right) for all 

fluids and evaporator configurations. It can be seen that all fluids are showing a maximum 

NPV for a certain heat exchanger area. For a lower heat exchanger area, the NPV drops 

relatively sharp, while an increasing heat exchanger area decreases the NPV more slightly. 
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The optimal pressure drop is fluid dependent, which indicates, that the definition of a 

maximum allowable pressure drop would even for the same case study yield suboptimal 

solutions for some fluids. 

 
Figure 3.30: Net present value in relation to the heat transfer area (left) and the total 

pressure drop (right) in the evaporator for all considered fluids and evaporator 

configurations [JP03] 

Figure 3.31 shows the breakdown of the net present value NPV to the revenues and 

the different contributions to the costs for two selected fluids. The pressure drop for 80 % 

propane and 20 % pentane reached values of 180 kPa while it reached up to 220 kPa for 

40 % propane and 60 % pentane. The blue line represents the revenues which were obtained 

for replacing the natural gas utility. The case study assumed a fixed heat load from the heat 

source and the compression power increased for an increasing pressure drop and thereby a 

decreasing COP. The amount of supplied heat increased accordingly for an increasing 

pressure drop and so did the revenues. The increase of the revenues with an increasing 

pressure drop corresponded to the sensitivity of the pressure drop on the COP for the 

respective fluid. 

The cost streams were separated for the contribution to the total capital investment 

TCI, the operating cost OM that were calculated as a fixed multiple of the TCI and the 

accumulated discounted fuel cost for the pumping power of the secondary loop FCΔps and 

the compressor FCcomp. The fuel cost of the compressor FCcomp constituted the main 

contribution to the total cost and was most impacted by the pressure drop in the evaporator. 

The fuel cost of the compressor increased stronger than the revenues with an increasing 

pressure drop, which yields a decreasing profit with an increasing pressure drop. The cost 

for the pumping power FCΔps to compensate the pressure drop in the secondary loop was 

of negligible order and justifies the focus on the working fluid side during the heat 

exchanger design. 
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The intersection of the revenues and the total cost marks the pressure drop at which 

the profit becomes negative, meaning that the investment is unfeasible. The revenues were 

larger than the cost for all solutions for 80 % propane / 20 % pentane, while only the 

solutions with a pressure drop lower than 100 kPa yielded economically feasible solutions 

for 40 % propane / 60 % pentane. 

 
Figure 3.31: Revenues and breakdown of the different contributions to the costs for 

operation and investment [JP03] 

 
Figure 3.32: Capital investment cost for the heat exchangers (left) and the compressor 

(right) [JP03] 

The total investment cost TCI constituted a rather smaller share of the NPV while an 

increase could be observed for an increasing pressure drop in the evaporator. The mixture 

that experiences larger pressure drops experiences a larger increase in the investment cost. 

80 % Propane / 20 % Pentane 40 % Propane / 60 % Pentane
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Figure 3.32 shows the capital investment cost for the heat exchangers and the 

compressor. It can be observed that the capital investment cost for the evaporator increased 

for an increasing pressure drop. While it accounted for up to 300,000 € for the smallest 

pressure drops, it dropped below 50,000 € for increasing pressure drops. The capital 

investment cost for the compressor was however larger and dominated the overall total 

capital investment cost. It lied above 400,000 € for the smallest pressure drops and reached 

up to 1,000,000 € or higher for the fluids, which were strongly affected by the pressure 

drop. The condenser was only slightly affected by the pressure drop of the evaporator. 

The correlation of the normalized net present value NPV* yielded a relation possible 

formulation involving all 6 non-dimensional numbers, which indicated a relatively clear 

optimum. In order to enhance the practicability of the correlation for design purposes and 

to avoid redundancies within the non-dimensional numbers, combinations involving only 

two parameters were analyzed as well. 

It was found that the evaporator configurations that fulfilled the below mentioned 

criteria resulted in NPVs that were close to the maximum NPV for that specific fluid: 

 Bd0.26 ∙ Re𝑣
−0.42 ≈ 0.04 (29) 

Selecting an evaporator configuration with inlet conditions corresponding to a higher 

value of Bd0.26Rev
-0.42 yields a solution with a too large heat exchanger area. The over-

dimensioned heat exchanger area corresponds to an increased investment and consequently 

a decreased NPV. A too low value does however result in a too high pressure drop and a 

stronger decrease of both the COP and NPV. 

Conclusions: 

The paper [JP03] analyzed the impact of the heat exchanger area and the pressure drop 

on the design and operation of a heat pump and aimed to develop a deterministic heat 

exchanger design guideline which enables estimating the trade-off among the pressure drop 

and the heat exchanger area with a limited numerical effort. 

Available design approaches, which e.g., fix the maximum allowable pressure drop 

along the heat exchanger and subsequently optimize the heat exchanger area within this 

boundary, were found to potentially yield suboptimal solutions with respect to economics. 

It was furthermore shown, that a simultaneous optimization of both the heat exchanger and 

the cycle design were required for considering all relevant cost contributions. 

A design guideline was developed using non-dimensional numbers. It was suggested 

to find an evaporator configuration with a value of Bd0.26Rev
-0.42 ≈ 0.04 to obtain a 

maximum NPV. This design guideline could now be used to refine the screening and obtain 

a fairer ranking of the working fluids. The design guideline was however developed for a 

specific case with both case specific thermodynamic and economic boundary conditions 

and furthermore limited to the evaporator. It therefore has to be studied to what extent this 

design guideline is applicable to other cases, while the methodology could be used to 

determine a similar guideline for other applications. 
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3.9.2 Impact of heat exchanger performance on the cycle performance 

The previous chapters outlined the importance of the heat exchanger design with 

respect to the system performance. While plate heat exchangers imply many benefits, such 

as high heat transfer coefficients and a compact design, they can be affected by 

maldistribution. Maldistribution in multi-channel heat exchangers arises from different 

factors, such as improper design of the distributors, fouling or flow characteristics. 

Maldistribution effects in plate heat exchangers can be narrowed down to three main 

effects, which are an uneven distribution among different channels, an uneven distribution 

within one channel and the effect of end plates. 

Mancini et al. [JP07] analyzed the impact of liquid/vapor maldistribution within the 

evaporator on the cycle performance for pure and mixed fluids for Case I of data center 

case study presented in Chapter 3.4.2. Both the maldistribution between the channels and 

the effect of the end plates were considered and evaluated for four working fluids, including 

two pure fluids and two zeotropic mixtures. 

Methods: 

In order to evaluate the impact of the maldistribution, a framework was defined that 

comprised both the cycle model as presented in Chapter 3.2 and detailed heat exchanger 

models. In a first step, the heat pump design model was evaluated without any pressure 

drop as a basis for the design of the heat exchangers for each fluid. Subsequently, the 

evaporator and the condenser were designed and the investment cost were estimated. 

Lastly, the cycle performance was evaluated considering performance models of the heat 

exchangers, while different maldistributions were imposed to the evaporator.  

The condenser model was a 1-D-model that assumed the same performance of each 

channel, while the evaporator model was a 2-D-model that accounted for the different flows 

through the channels. The reader is referred to the paper [JP07] for a detailed description 

of the prediction models for the heat transfer coefficients and the pressure drops. The 

imposed maldistributions were assumed to be linear with a maximum absolute difference 

in the vapor quality at the inlet of each channel of 0.25. 

The main focus was the analysis of the impact on the COP, while the impact on the 

levelized cost of heat ch was shown as an example of how the component performance 

could impact the economic system performance. 

Results: 

The analysis of the maldistribution considered butane and propane as pure fluids and 

the mixtures of 50 % propylene / 50 % butane and 20 % CO2 / 80 % DME. 

The flow was found to be distributed in the plate heat exchanger channels following 

similar trends. Without any imposed vapor/liquid maldistribution, the mass flow rates were 

lower in the outermost channels. These channels were in contact with the outermost heat 

source channels, resulting in a higher amount of transferred heat and more superheating, 

which increased the pressure drop. As the pressure drop had to be the same in all channels, 

the mass flow rates were decreased. With an increasing imposed vapor/liquid 

maldistribution at the channel inlets, the resulting flow pattern changed to larger mass flow 
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rates in the channels with a lower inlet vapor quality. While the flow pattern of butane was 

affected the most, the other three fluids showed a similar behavior. 

During the maldistribution analysis, the volume flow rate at the inlet of the compressor 

was kept constant. The amount of transferred heat decreased differently for the fluids, while 

the largest decrease of 10.5 % could be observed for butane. It was furthermore found that 

this resulted mainly from the liquid/vapor maldistribution in the case of butane.  

Butane was the fluid that experienced the largest decrease in COP of 6 % due to the 

vapor/liquid maldistribution and the effect of endplates. The second largest was the mixture 

of 50 % propylene / 50 % butane with 2.9 %, while the decrease was 2.5 % for propane and 

became negligible for the mixture of 20 % CO2 / 80 % DME. The impact on the levelized 

cost of heat was analogous. Butane experienced the largest increase, while it was smaller 

for 50 % propylene / 50 % butane and propane and negligible for 20 % CO2 / 80 % DME. 

Conclusions: 

The study presented a simulation framework which can be used for investigating the 

impact of flow maldistributions in PHE evaporators on the thermodynamic performance of 

heat pumps. The application of the procedure was shown for a particular case study and 

four different working fluids. The results were obtained by fixing the PHE design for each 

fluid and evaluating the cycle performance under consideration of different imposed 

vapor/liquid flow distributions at the channel inlet of the evaporator. 

The working fluids were differently affected by the maldistribution and the fluids with 

a high sensitivity to pressure drops, e.g., butane, were found to be most impacted. This 

aspect outlines the relevance of optimizing the heat exchanger design, especially for fluids 

with a higher sensitivity to pressure drops and highlighted furthermore the requirement of 

heat exchanger designs suppressing the occurrence of maldistribution.  

A general degradation of the operating performance of relevant order resulting from 

maldistribution along the channels could be observed in [JP07]. The trends of the different 

contributions of the underlying effects were however different and might have been 

influenced by the design choice of the heat exchangers. In order to derive more general 

conclusions, further work must be undertaken, considering the impact of the case study, the 

heat exchanger design choices and fluid properties. 

3.10 Discussion  

This chapter discusses the relation of the different aspects presented in this thesis, 

including soundness of the main findings in relation to the underlying assumptions. For a 

discussion of minor aspects, the reader is referred to the corresponding publications. 

Interpretation and validation of screening results 

The numerical studies indicated significant performance increases that could be 

obtained from using zeotropic mixtures in well-designed systems for applications with a 

relatively large temperature glide. It was emphasized that a simultaneous optimization of 

working fluid and cycle design is inevitable for exploiting the full potential and that no 

general optimal fluid or cycle could be identified. A screening procedure was suggested to 

generate a preliminary ranking of the working fluids with respect to their performance. It 

was also highlighted, that the predicted performances are an indication, mainly to rank the 
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working fluids, and subject to decreases, when components are modelled in more detail and 

e.g., pressure drops are considered. 

The publications [JP03] and [JP07] have indicated that the performance decrease 

resulting from considering real components was differently strong for each fluid. This 

means, that the ranking of the working fluids might change, considering a higher level of 

detail in the performance estimation. In order to anticipate this effect and to ensure, that no 

potentially well-performing fluid is excluded, it was recommended to conduct the more 

detailed analysis for a sufficiently large number of the most promising candidates. 

The detailed heat exchanger models as presented in [JP03] and [JP07] used empirical 

correlations for the heat transfer coefficients and the pressure drops accounting for the fluid 

properties and the differences between pure fluids and zeotropic mixtures. Such models are 

based on empirical data and are therefore subject to uncertainties. Further minor deviations 

between those detailed models and experiments may result from e.g., pressure drops in 

piping, while it is expected that those further deviations do not differ due to the fluid being 

pure or mixed.  

The numerical studies considered equipment that was specifically selected for each 

fluid. While this is realizable in numerical studies, it would be related to significant effort 

in the context of experimental studies. 

Economic analysis 

The thermodynamic evaluation was complemented by an economic analysis in which 

the investment cost were estimated and compared to the operating cost. The economic 

performance indicators are a crucial aspect for assessing a technology’s potential but are 

associated with uncertainties resulting from both the cost estimation methods and the 

volatile assumptions, e.g., for fuel cost estimations. In this context, it is emphasized, that 

the economic evaluation constituted the basis for a general evaluation of the potential and 

for comparing the solutions among each other rather than identifying the exact investment 

cost for specific cases. 

Changes in circulating composition during operation 

The numerical simulations were based on simplified models in steady-state conditions 

and neglected any effects that might occur during operation. One issue reported in literature 

was a shift of the circulating composition due to leakage or refrigerant holdups [70].  

The effect of refrigerant holdups might however be anticipated by a constructive 

reduction of the holdups or by devices balancing the phase separation occurring in holdups. 

A circulation pump as it is used in hybrid ammonia/water heat pumps is an example of such 

a device. If the separator between the evaporator and the compressor accumulates 

refrigerant that is in two-phase conditions, it occurs that the compressor compresses gas 

with a higher composition of the more volatile component. The circulation pump can be 

used for pumping lean liquid solution in parallel to the gas and thereby to control the 

circulating composition [43,69].  

Shifts in the circulating composition resulting from refrigerant leakage might be 

compensated by a device controlling the composition by re-filling the corresponding 

refrigerant and thereby controlling the composition. A small distillation column was 
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presented in [73] to continuously control the overall charge and thereby the circulating 

composition by adding or removing a lean or rich solution to the system. 

The sensitivity of the working fluid with respect to composition shift during operation 

may however also be considered during the refrigerant selection. Figure 3.33 shows the 

results from a sensitivity analysis for the most promising mixtures from Case I of the data 

center waste heat recovery as shown in Table 3.4. The sensitivity analysis assumed that the 

heat pump was designed for the design composition, before the system was re-evaluated 

considering a variation of the composition of ± 10 %. The UA-values of the heat exchangers 

were kept constant and no variation in the isentropic efficiency was considered.  

 
Figure 3.33: Sensitivity analysis of a composition shift of the refrigerant charge during 

operation  

Figure 3.33 shows the relative deviation from the value in design conditions for both 

the COP and the volumetric heating capacity VHC.  The VHC is linearly increasing with 

an increasing composition of component 1 for most of the fluids. Component 1 was the 

component with the lower critical temperature. The COP decreases with an increasing share 

of component 1 and thereby with an increasing VHC. The trend of the fluids varies however 

more than for the VHC. The impact on the COP is the lowest for 50 % propylene / 50 % 

butane while it is the highest for 80 % propane / 20 % isopentane. These two mixtures had 

a comparable performance in both COP and specific cost of heat. The sensitivity analysis 

might however favor 50 % propylene / 50 % butane, as it was less sensitive to composition 

shift. 

This sensitivity analysis was introduced as an example of how the impact of a changing 

composition could impact the system performance and may be seen as a simplified attempt 

of estimating the impact. A more detailed analysis would however require considering the 

location of a potential leakage as well as the reduction of the overall charge in the system.  
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Approaches for realizing reduced superheating in the evaporator using zeotropic mixtures  

It was shown that the glide match on the source side had a dominating influence on 

the cycle performance and that a reduction of the minimum required superheating enabled 

a better glide match resulting in additional performances improvements. The reduction of 

the superheating is however not trivial and deserves further analyses. The outlet of the 

evaporator is typically related to process related oscillations which are balanced by 

operating with a certain superheating in order to ensure that no liquid phase enters the 

compressor. 

Various technologies are however available that might be promising to constitute a 

technically feasible solution. Technologies from hybrid water/ammonia heat pumps could 

be adopted. A receiver could be installed in front of the compressor from which liquid and 

gas at different compositions are pumped and compressed in parallel, before being mixed 

[16]. Alternatively, compressors are studied that are capable of operating with 

water/ammonia-mixtures, meaning that the evaporator outlet condition may be controlled 

even within the two-phase zone [68,126]. 

In applications with a sufficient temperature difference between the source and sink 

inlet streams, the internal heat exchanger might be considered. The internal heat exchanger 

enables to measure the temperature behind the internal heat exchanger instead of behind 

the evaporator for controlling the throttling valve.  This layout would make the control path 

more complicated but might be a promising solution. Other heat source might be as well 

suitable for realizing the superheating. 

Further constructive measures, such as a modification of the evaporator outlet or a 

demister in front of the compressor might enable a reduced superheating as well. The 

technical feasibility and practicability of the different approaches is however to be analyzed 

in experiments and recommended for future work. 

Advanced cycle layouts using recirculation pumps 

The presented screening was based on the main idea to find a working fluid that 

optimally integrates a relatively simple heat pump cycle layout, either a standard or IHX-

cycle, into given boundary conditions. This does however require a systematic design 

procedure for the heat pump to keep the engineering effort for a given application to a 

reasonable extent. The variety of the fluids might however result in challenges with respect 

to the selection and design of the components, lubrication system and sealing materials.   

An alternative approach to match the temperature profiles and obtain a similar effect 

was followed for the development of hybrid water/ammonia heat pumps, which became 

commercially available [16,43,69,127]. Hybrid heat pumps are utilizing a mixture of 

ammonia and water, which typically results in very large and non-linear temperature glides 

during phase change. The outlet quality of the evaporator can be controlled and 

compressors capable of liquid [68,126] or a pump in parallel to the compressor are required 

[16]. The technology developed for hybrid water/ammonia heat pumps constitutes a 

technology suitable of adjusting the cycle operation to match the temperature profiles in 

the heat exchangers, although the mixture of water and ammonia is challenging in that 

respect.  
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This thesis presented an approach of selecting a working fluid capable of omitting the 

majority of the avoidable fluid related irreversibilities within the heat exchangers for a 

simple cycle layout. Adopting a more complex cycle layout as known for hybrid 

water/ammonia heat pumps might however enable an additional performance benefit. 

Although the technology is more complex, it might be advantageous with respect to the 

practicability, as the amount of fluids that have to be considered could be decreased 

considerably.  

These analyses of these hypotheses is subject of further studies. Preliminary studies 

have however indicated that the performance increase is rather limited, which reduces the 

problem to the trade-off between the number of fluids to consider for the mixture design in 

a simple cycle, compared to a higher complexity of the cycle while considering less fluids. 

Necessity of including novel working fluids or multi-component mixtures 

The presented work aimed for selecting a working fluid that yields an optimal 

performance. It was found that this was mainly achieved by reducing the fluid-related 

irreversibilities in the heat exchangers and that these irreversibilities could be reduced to a 

minimum in most cases. Most presented screenings considered a list of 14 to 18 known 

pure working fluids as a basis for generating binary mixtures. This raises the questions, if 

the number of pure fluids could be reduced and the practicability increased and if a larger 

number of fluids yields additional performance increases. 

The list of fluids as presented in Table 3.2 was composed of fluids covering a broad 

range of typically influential medium properties, such as the critical pressure, to not exclude 

any fluids that might have a beneficial impact as a mixture component. Summarizing 

several working fluid screenings, it may be concluded that the fluids with a low critical 

temperature, namely methane, ethylene and ethane, seldom occurred among the most 

promising candidates. The fluids heptane and hexane, which had the highest critical 

temperatures among the considered fluids, appeared in many screenings as components in 

some mixtures having promising thermodynamic performances. These fluids were however 

associated with low evaporation pressures and low volumetric heating capacities, causing 

that the economic performance was typically limited. These findings indicate that the list 

of fluids could actually be limited even further, without compromising on the performance, 

by disregarding fluids with too low or too high critical temperatures. 

The mixtures could however be generated by considering additional fluids that have 

critical properties, which are similar to the well-performing fluids. Such fluids could be 

synthetic fluids with an acceptable environmental impact. It must however be studied if the 

effort of considering additional, potentially unknown fluids is justified by additional 

performance benefits. McLinden et al. [25] concluded that no further generation of 

refrigerants is expected, which outperforms known refrigerants and yields additional 

performance benefits. Their studies were however limited to pure fluids. Cignitti [93] 

suggested a CAMD based procedure for screening mixed working fluids, considering all 

possible pure fluids that could be generated using a certain set of molecular groups. This 

procedure was demonstrated for the case of the spray dryer considering the group of HFCs 

and it was found that the performance was in the range of the screening that considered 

only known refrigerants. The application of the procedure was a case study limited to the 
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group of HFCs, which forbids to draw general conclusions. The group of HFCs is however 

large and typically comprises refrigerants with good thermodynamic performances.  

This indicates that the performance benefit from considering an increased number of 

fluids is rather limited. Deriving a general conclusion requires however extending the 

procedure from [93] to further molecular groups and applying it to further case studies. 

It might furthermore be discussed to what extent considering multi-component 

mixtures could yield further performance improvements. Considering more components in 

a mixture would enable a further alteration of the medium properties, which might be 

favorable in certain aspects. The study has however indicated that the major performance 

improvements were obtained from matching the temperature profiles in the heat exchangers 

and that this could be sufficiently realized considering binary mixtures. Further 

performance increases may accordingly not be excluded, but it may be expected, that these 

are rather limited. A reliable evaluation of multi-component mixtures will furthermore 

require the availability of sufficiently accurate medium properties. 

Exergy Destruction and COP 

Exergy destruction was found to be a meaningful measure for quantifying the 

irreversibilities and distinguishing them according to different criteria. It was for example 

used to quantify the irreversibilities associated with the fluid properties as a basis for 

evaluating the fluid. 

The relation between the exergy destruction and the COP was found to be non-linear. 

Avoiding exergy destruction for systems with higher efficiencies yields accordingly a 

higher increase in COP than avoiding the same amount of exergy destruction for a system 

with lower efficiency. This underlines that the approach of selecting the working fluids for 

temperature glide matching aims at optimizing systems with an already good performance. 

Considering a system in which there is a high absolute temperature lift between source and 

sink and a high share of the irreversibilities is caused by the compression and expansion 

process, first optimizations would aim to reduce these losses, e.g., by multi-stage systems, 

before selecting the working fluid to improve the temperature glide match. 

 





 

4 High-temperature heat pumps 

The maximum supply temperatures achievable with current state-of-

the-art heat pump equipment lie between 100 °C and 150 °C.  Many 

industrial processes require heat at higher temperatures. Barriers for 

higher supply temperatures result from technical limitations, related 

to the compression equipment and the working fluids, as well as 

performance related aspects, such as decreasing thermodynamic 

performances, high investment costs and challenging economic 

boundary conditions. This chapter summarizes different approaches 

for enhancing the technical limitations and derives boundary 

conditions under which these technologies appear to be economically 

feasible. 

4.1 State of the art of high-temperature heat pumps 

The transition of the industrial sector towards carbon neutrality requires inevitably a 

reduction of the GHG emissions from combustion processes. Electricity based heat 

generation is receiving a growing attention [128–131] and heat pumps were found to be a 

suitable replacement for the supply of process heat [18,129,132]. 

Arpagaus et al. [35] reviewed the research and development activities for high-

temperature heat pumps including both research projects and commercial developments. 

The authors found that the maximum supply temperatures were between 100 °C and 

150 °C. Main barriers for industrial applications that were identified among other aspects 

were the lack of environmentally friendly refrigerants and the ratio of cost for electricity 

and fossil fuels [35].  

The performances as well as the requirements for the components are strongly 

dependent on the choice of the refrigerant and the cycle layout. Several studies [33–

35,133,134] have focused on the analysis of working fluids in different cycle layouts and 

for different applications. Among others, the natural working fluids R-717 (ammonia), 

R-718 (water), R-744 (CO2), R-600 (butane) and the hydrofluoroolefins (HFOs) 

R-1233zd(E), R-1336mzz(Z) were found to be generally suitable refrigerants. In [CP01] it 

was furthermore shown, that considering mixed working fluids can yield increased 

performances and more moderate operating conditions for the components, especially the 

compressor. The optimal choice of refrigerant and working fluid is however dependent on 

the characteristics of heat source and sink. 

Besides the challenging economic boundary conditions, Arpagaus et al. [35] 

mentioned the comparably high investment cost as a barrier for further heat pump 

applications. The process of integrating the heat pumps into the industrial processes is 
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furthermore increasing the engineering effort and thereby cost. A sophisticated integration 

of the technologies can however also lead to significant improvements with respect to 

thermodynamic and economic performance. 

The compression technologies presented by Arpagaus et al. [35] were mainly screw or 

piston compressors and temperature limitations for the lubrication oil of 150 °C were 

mentioned. Different works analyzed the utilization of oil-free turbomachinery for use in 

heat pumps. Equipment for the compression of steam (R-718) was developed and studied 

for applications in closed and open systems [135–138] and reversed Brayton cycles using 

turbomachinery were suggested for the construction of high-temperature heat pumps 

[139,140]. 

In order to study, which technologies are promising for which applications, different 

cycles were analyzed and evaluated with respect to both thermodynamics and economics. 

These studies were published in form of [CP04], [JP08] and [JP09] and are summarized in 

the following. 

In Zühlsdorf et al. [CP04], the thermodynamic performance of a closed loop two-stage 

R-718 heat pump was studied. It was analyzed under which operating conditions the heat 

pump appeared to be economically competitive. 

In Zühlsdorf et al. [JP08], large scale high-temperature heat pumps were studied for 

different applications. A reversed Brayton cycle and a cascade multi-stage cycle with R-718 

in the top cycle were analyzed with respect to their thermodynamic and economic 

performance. Due to the generally challenging conditions for high-temperature heat pumps, 

a special focus was placed on applications with promising economic boundary conditions, 

such as large scale applications in the manufacturing industry. These applications typically 

imply access to electricity at low cost and a high number annual operating hours, while the 

specific investment cost of the heat pump decreases for increasing capacities. 

In Bühler et al. [JP09], the level of process integration was analyzed and different 

scenarios for electrifying industrial processes were considered. Scenarios in which 

decentrally placed heat pumps were integrated between different process streams were 

compared to a fully integrated central heat pump utility. 

In Meroni et al. [JP06], a two-stage cycle using R-718 as the top cycle of the cascade 

system as described in [JP08] was compared to a single stage cycle using other working 

fluids. [JP06] focused on the design of the turbocompressors and analyzed the impact of 

possible designs on the compressor and cycle performance. 

In the following, the cycles from [CP04] and [JP09] are presented, before the 

comparison of the large scale heat pumps is shown for the different case studies from 

[JP09]. Lastly, the results from [JP08] of the comparison of the concept of central heat 

pump based process heat utilities are summarized. 

4.2 Cycles and working fluids 

In the following chapter, three technologies are presented that were analyzed in the 

aforementioned articles. The technologies were selected as they were expected to have the 

potential of being technically and economically feasible for high-temperature heat supply. 

First, a closed-loop vapor compression heat pump using R-718 is presented and the results 

of a techno-economic analysis are summarized [CP04]. Subsequently, two additional 
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systems are introduced that are suitable for applications with large temperature glides, 

before they are applied to case studies in Chapter 4.3.  

4.2.1 Closed two-stage vapor compression heat pump using R-718 

The performance of a closed loop two-stage vapor compression heat pump using 

R-718 was studied in [CP04]. The technology used turbocompressors, as presented by 

Bantle [137,138,141], that were based on mass-producible components from automotive 

turbochargers and therefore available at low cost. The works from Bantle included two 

different impellers to be used in a two-stage arrangement, where the first impeller was 

designed for a pressure ratio of 3.2 and the second for a pressure ratio of 2. Both impellers 

had an isentropic efficiency of 74 % in the design point. The technology was originally 

developed to achieve an overall pressure ratio that corresponded to a temperature lift 

between the saturation temperatures of approximately 50 K to 60 K. 

  

(TC=Turbo-compressor, IC = Intercooler, TV = Throttling valve) 

Figure 4.1: Layout of a two-stage heat 

pump for R-718 with parallel expansion 

and liquid injection, [CP04] 

Figure 4.2: Layout of a two-stage heat 

pump for R-718 with serial expansion and 

open intercooler, [CP04] 

Two-stage cycles can be designed in different layouts, while different working fluid 

characteristics might require or benefit from specific adjustments. The compression of 

R-718 results in a high temperature increase during the compression, which requires the 

installation of an intercooler between the compression stages. The intercooling can be 

realized by a heat exchanger, by injection of liquid or by an open intercooler, in which the 

gas is bubbled through a liquid hold-up and thereby cooled. Figure 4.1 shows the layout of 

a cycle in which a specific amount of liquid is injected into the intercooler to cool down the 

gas to a specific temperature. Figure 4.2 shows an arrangement, in which the complete 

liquid mass flow rate from the condenser is injected into the intercooler. The gas is cooled 

to saturation conditions before being compressed by the second compressor while the liquid 
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is throttled to the evaporation pressure. The first layout corresponds to a parallel expansion 

while the latter corresponds to a serial expansion. 

The serial expansion has the advantage that the complete amount of flash gas that is 

formed between the high and the intermediate pressure is recovered. The parallel expansion 

enables an accurate control of the injected mass flow rate and thereby the inlet temperature 

of the second compressor. This does however mean, that only the amount of the flash gas 

resulting from the injected mass flow rate is recovered, while the majority of the mass flow 

rate is directly throttled to the evaporation pressure.  

Analysis of thermodynamic performance and economic performance indicators: 

In [CP04] the thermodynamic and economic performance were evaluated for the 

parallel expansion and serial expansion system that were designed based on the technology 

presented in [138,141]. The performance of the compression technology was based on 

experimental data and the investment cost was estimated based on experiences from the 

design of the test rig. 

Table 4.1: Simulation results of the parallel expansion cycle for a variation of the 

evaporation temperature [CP04] 

Evaporation temperature Tevap: 80 °C 90 °C 100 °C 110 °C 

Evaporation pressure pevap: 0.47 bar 0.70 bar 1.01 bar 1.43 bar 

System Performance     

Condensation temperature Tcond: 133.9 °C 147.8 °C 161.9 °C 176.2 °C 

Condensation pressure pcond: 3.03 bar 4.49 bar 6.49 bar 9.17 bar 

Temperature lift Tevap - Tcond: 53.9 K 57.8 K 61.9 K 66.2 K 

Supplied heat load �̇�sink: 258.2 kW 368.4 kW 513.2 kW 699.7 kW 

Specific total investment TCIspec: 484 €/kW 339 €/kW 244 €/kW 179 €/kW 

Coefficient of performance COP: 4.61 4.44 4.27 4.12 

Compressor 1: PR=3.2, ηis = 0.74     

Volume flow rate at inlet �̇�comp1,in: 1231 m3/h 1231 m3/h 1231 m3/h 1231 m3/h 

Mass flow rate �̇�comp1: 0.100 kg/s 0.145 kg/s 0.204 kg/s 0.283 kg/s 

Power consumption of inverter �̇�inv1: 33.3 kW 41.2 kW 71.0 kW  100.3 kW 

Outlet temperature Tcomp1,out: 232 °C 245 °C 258 °C 271 °C 

Compressor 2: PR=2, ηis = 0.74     

Volume flow rate at inlet �̇�comp2,in: 470 m3/h 472 m3/h 474 m3/h 476 m3/h 

Mass flow rate �̇�comp2: 0.111 kg/s 0.160 kg/s 0.227 kg/s 0.316 kg/s 

Power consumption of inverter �̇�inv2: 22.8 kW 33.9 kW 49.1 kW 69.7 kW 

Outlet temperature Tcomp2,out: 216 °C 230 °C 244 °C 258 °C 
 

Table 4.1 presents the results for the parallel expansion cycle for the variation of the 

evaporation temperature from 80 °C to 110 °C. The evaporation pressure decreased for 

lower evaporation temperatures to 0.5 bar at 80 °C and accordingly increased the specific 

volume. As the volume flow rate of the compressors was assumed to be constant, the mass 

flow rate through the low stage decreased. It was 0.28 kg/s for an evaporation temperature 

of 110 °C, while it dropped to 0.10 kg/s at 80 °C. The supplied heat flow rate decreased 

correspondingly from 700 kW at 110 °C evaporation temperature to 260 kW at 80 °C, 
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which resulted in higher total specific investment cost TCIspec. The pressure ratios were 

kept constant, which resulted in increasing temperature lifts for higher evaporation 

temperatures. The COP decreased for increasing evaporation temperatures from 4.6 at 

80 °C to 4.1 at 110 °C. The COP of the serial expansion cycle was on average 3 % higher 

than for the parallel expansion cycle. 

Based on the increasing specific investment cost and the sub-atmospheric pressure in 

the evaporator, it was concluded that applications with an evaporation temperature above 

90 °C to 100 °C were most promising. 

R-718 was found requiring efficient intercooling devices, as the required 

desuperheating was high while any pressure drop had a relatively strong impact on the 

overall performance. [CP04] comprised furthermore an analysis of suitable intercooling 

devices and suggested a novel concept. 

Intercooling devices: 

Common intercooling devices are liquid injection nozzles and open intercoolers. The 

injection nozzles are often used in conventional steam distribution networks, in which 

steam is distributed on the production sites and desuperheated before the consumer. These 

liquid injection nozzles allow an accurate control of the temperature, but require long pipes 

and induce a high pressure drop [142]. The utilization in heat pumps cycles as presented 

above is accordingly limited to the parallel expansion cycle.  

The open intercoolers are commonly used in two-stage refrigeration equipment using 

e.g., R-717 and have a compact design [143]. The liquid hold-up is however required to be 

between 0.6 m and 1.2 m [143], corresponding to a hydrostatic pressure of up to 0.12 bar. 

Open intercoolers can be used in the serial expansion cycle allowing higher cycle 

efficiencies but have limited options with respect to the control of the outlet temperature. 

Another concept was designed in [144] with a special focus on space requirements. 

Liquid is injected into the stream before it is led through a so-called absorption surface 

desuperheater using wetted packings to enhance the heat exchange area. These packings 

can be usually found in distillation columns. These units are effective in terms of space but 

induce a pressure drop, which is approximately 50 % higher than for venturi injection 

nozzles [144]. The use of such absorption surface desuperheaters is as well limited to the 

parallel expansion cycle while enabling the control of the outlet temperature. 

A fourth solution was developed in [CP04], which aimed to have small space 

requirements, induce a low pressure drop, being able to control the outlet temperature and 

being suitable to be used in the serial expansion cycle. Figure 4.3 depicts the suggested 

concept as it can be used in the serial expansion cycle. The stream of saturated liquid from 

the condenser is fed at the bottom. The liquid share is accumulating in the sump while the 

gaseous part is mixed with the superheated stream from the low-stage compressor. The gas 

stream flows upwards through packings as originally used in distillation towers, while a 

pump is used to feed a defined stream of liquid from the hold-up to the top of the packings. 

The liquid distributes over the packings that are used to enhance the heat exchange surface 

and is in direct contact with the gas stream. While the liquid evaporates, the gas stream 

cools down to the intended temperature. Finally a demister was considered to remove liquid 

droplets from the gas stream. The remaining liquid from the hold-up is throttled and led to 
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the evaporator. The concept could control the outlet temperature through the pump and was 

found to be realizable in a compact unit with a minimum pressure drop, while being suitable 

for the serial expansion process. 

 

Figure 4.3: Sketch of the suggested open intercooler system with packings for an 

increased heat exchange area and a circulation pump for the control of the outlet 

temperature to be used in the serial expansion cycle [CP04] 

 

4.2.2 Cascade multi-stage steam compression system 

The closed-loop cycle was expected to be promising in applications with heat sources 

above 100 °C and with both, the heat source and the heat sink, having a limited temperature 

glide. In Zühlsdorf et al. [JP09], two concepts were studied that are able to work between 

heat source and sink, which are having a larger temperature glide and might require larger 

absolute temperature lifts. 

The first concept is a cascade system with a multi-stage top cycle using R-718 and 

shown in Figure 4.4. The high temperature cycle is a multi-stage cycle with a liquid 

injection between the stages and the possibility to supply steam at each stage. The unit can 

be constructed as an open system, in which the steam is supplied to the process and not 

returned, or as a closed system, in which the steam is condensed, subcooled and returned 

to the central evaporator. 

The heat for the central evaporator can be supplied directly by heat sources that are 

available at sufficient temperatures or indirectly by using bottom heat pumps. The 

evaporation temperature can be chosen as a design parameter, while it was recommended 

to be not lower than 90 °C to keep the pressure and the volume flow rates at a reasonable 

level, while the upper limitation was defined by the maximum supply temperature of the 

bottom heat pumps. Further design parameter are the number of stages and the pressure 

ratio per stage. The maximum pressure ratio per stage is defined by material limitations and 

is typically below 3.5 [145–147]. Lower values for the compression ratio might be more 

readily available and advantageous with respect to the compressor outlet temperatures. The 

bottom heat pump cycles could be chosen from state-of-the-art equipment [35] and 

designed according to the characteristics of the heat source. 
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In Meroni et al. [JP06], a two-stage high-temperature cycle for direct steam generation 

was compared to other possible closed loop single-stage cycles with other working fluids 

for the production of steam at 150 °C. The study focused on the detailed design and 

optimization of the turbocompressor and studied the impact of the compressor design on 

the component and the cycle performance. It was found that the open two-stage steam 

generation outperformed the other refrigerants in the closed-loop cycle in terms of COP, 

while supplying a larger heat flow rate. On the other hand, the design of a centrifugal 

compressor for steam compression was found to be more challenging due to high rotational 

speeds and the high pressure ratios. 

 

HP = Heat pump, IC = Intercooler, P = Pump, TC = Turbocompressor 

Figure 4.4: Flowsheet of a cascade heat pump with a multi-stage R-718 high-

temperature cycle for steam generation or as closed loop heat supply at different 

temperature levels [JP09] 

 

4.2.3 Reversed Brayton cycle using R-744 

Angelino and Invernizzi [140] outlined the suitability of reversed Brayton cycle heat 

pumps for high-temperature applications with a large temperature glide. This concept was 

used by Aga et al. [139] to design a heat pump using R-744 (CO2) as the charging cycle for 
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a pumped heat energy storage concept, in which molten salt is heated from 290 °C to 480 °C 

by the heat pump, before it is further heated by an electrical heater and stored at 565 °C. 

Figure 4.5 shows the layout of a reversed Brayton cycle with an internal heat 

exchanger. The gas receives heat from the source and is then further heated in the internal 

heat exchanger before being compressed. At the high pressure, the gas is cooled while it 

rejects heat to the heat sink and in the internal heat exchanger before being expanded to the 

low pressure. The expander is mounted on the same shaft as the compressor.  

 

Figure 4.5: Flowsheet of a reversed Brayton cycle [JP09] 

The working fluid is in the gas phase throughout the cycle and for the studied 

applications, R-744 was chosen. 

4.3 Large scale process heat supply 

The cascade system with a multi-stage R-718 top cycle and the reversed Brayton cycle 

are technologies that are suitable to be constructed in large scales and for the supply of heat 

at temperatures above 150 °C. The compression equipment is expected being technically 

capable of enabling supply temperatures of up to 480 °C [139]. They are furthermore 

suitable for applications with heat sources and sinks with large temperature glides. This 

enables them to be used for process heat supply in a range of applications in the 

manufacturing industries with heat demands above the limitations of current state-of-the-

art equipment. Such industries are typically in the order of magnitude of several megawatts, 

have a large number of annual operating hours and typically access to cheap electricity. 

[JP08] analyzed the techno-economic potential for large scale process heat supply 

above 150 °C of these two technologies. The study included two representative case studies 

and an analysis of the applicability to further industries and processes. 

4.3.1 Case study description 

Two case studies were defined for evaluating the two concepts technically and 

economically as a basis for analyzing the potential in other applications. The examples were 

chosen to represent common industrial processes and with relatively large temperature 
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glides, as this is typically posing challenges to heat pump equipment such as the close loop 

R-718 cycles. 

Alumina production case study: 

The first case study was the production of alumina from bauxite. Alumina is a basic 

material for the production of aluminum [148] and accounts for a high share of the overall 

energy consumption in the aluminum production, which represents a significant 

contribution to the overall product cost [149]. Most alumina production facilities are based 

on the Bayer process, which requires heat at maximum temperatures between 140 °C to 

280 °C, depending on the quality of the bauxite [149]. This heat can be supplied by steam 

or by single phase fluids, such as molten salt or thermal oils [150–152]. The alumina 

production is generally energy intensive, implying the availability of different potential heat 

sources, such as excess heat from the calcination stage [153]. 

Based on the before mentioned literature, a case study was defined in which a heat 

pump should deliver 50 MW of heat while heating thermal oil from 140 °C to 280 °C. It 

was assumed that a heat source is available, which can be cooled from 110 °C to 60 °C at 

a constant heat capacity. 

Spray dryer case study: 

A second case study was defined which focused on the supply of heat for preheating 

the air of a spray dryer for a milk powder production site. Spray dryers are common 

technologies for the production of dried goods and require high temperatures. The case 

considered in [JP08] was based on the same plant as the case study as introduced in Chapter 

3.4.3, while the conditions were chosen corresponding to the system in optimized 

conditions as presented in [JP09]. 

The heat sink was the inlet air which had to be preheated from 64 °C to 210 °C while 

8.2 MW of heat are being supplied. The available heat source was the moist exhaust air 

stream, which entered at a temperature of 50 °C and had a dew point temperature of 31 °C. 

4.3.2 Energy analysis of the cascade multi-stage compression cycle 

This chapter summarizes the technical evaluation of the cascade multi-stage system 

for both case studies. 

Alumina production case study: 

The cascade multi-stage system was designed in both cases with three compression 

stages in the high temperature cycle. Figure 4.6 shows the temperature heat diagram of both 

the bottom and the top cycle and Figure 4.7 shows the log(p)-h-diagram for the R-718 top 

cycle. In the alumina case study, the evaporation occurs at 125 °C, as this can be reached 

by heat pumps using e.g., butane [33]. The two lower compression stages had each a 

pressure ratio of 3.2, while the highest stage had a pressure ratio of 2.8. The steam was 

supplied and condensed at 7.4 bar, 23.8 bar and 67 bar. After each condensation it was 

subcooled to the temperature of the lower stage, before it was mixed with the condensate 

from this stage and further subcooled. The compressors had a shaft power of 5.8 MW, 

5.6 MW and 3.4 MW. The temperatures at the outlet of the compressor were up to 397 °C 

for the highest stage and the steam was desuperheated before the inlet to the condenser. The 

COP of the high temperature cycle was 3.0. 
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The bottom cycles were single-stage cycles with an internal heat exchanger and used 

R-600 (butane). Two cycles were chosen to recover an equal amount of heat of 12.8 MW, 

meaning that the first one cooled the air to 85 °C, while the second cooled the air to 60 °C. 

The evaporation pressure was 26.3 bar in both cycles. The cycles had a COP of 4.2 and 4.9 

and supplied in total 34.9 MW to the evaporator. 

In total, the system supplied 50 MW of heat with a system COP of 1.9. 

        

 

  

Figure 4.6: Temperature-heat-diagram for 

the cascade multi-stage compression cycle  

for the alumina production case, the IHX 

of the bottom cycles is not shown [JP09] 

Figure 4.7: Logarithmic pressure enthalpy 

state diagram for the cascade multi-stage 

compression cycle  for the alumina 

production case study [JP09] 

 

Spray dryer case study: 

        

 

Figure 4.8: Temperature-heat-diagram for the cascade multi-stage compression cycle  

for the spray dryer case study, the IHX of the bottom cycles is not shown [JP09] 
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Figure 4.8 shows the temperature heat diagram for the cascade multi-stage system for 

the case study of the spray dryer. In this case, the evaporation temperature was chosen as 

90 °C, corresponding to a sub-atmospheric pressure of 0.7 bar. Part of the heat for 

preheating the air was directly supplied with liquid from the evaporator, while the 

remaining heat was supplied by steam at 2.2 bar, 7.2 bar and 21.8 bar. The compressors 

had a capacity of 0.8 MW, 0.6 MW and 0.4 MW, while the outlet temperature of the last 

compressor was 344 °C.  

The first bottom cycle recovered the heat between 50 °C and dew point temperature of 

the stream of 31 °C, while the second recovered heat from below 31 °C and thereby from 

the condensing moist air. The bottom heat pumps recovered 1.3 MW and 3.0 MW and had 

a COP of 3.1 and 2.7 while supplying in total 6.4 MW to the evaporator.  

The COP of the entire system was 1.9 and supplied 8.22 MW. 

4.3.3 Energy analysis of the reversed Brayton cycle 

This section presents the simulation results of the reversed Brayton cycle for both case 

studies. 

Alumina production case study: 

Figure 4.9 shows the temperature-heat-diagram and Figure 4.10 shows the T-s-

diagram for the reversed Brayton cycle for the alumina production case study. The COP 

was 1.73 and the pressures were 40.7 bar and 140 bar, corresponding to a pressure ratio of 

3.4. The temperature profiles of the fluids within the heat exchangers were generally 

matching well, indicating minor losses during heat transfer. The heat source heat exchanger 

showed however a moderate mismatch of the temperature profiles. The pinch point 

occurred at the evaporator outlet of the working fluid, which indicates that either the heat 

source could be cooled further or that the pressure could be increased if the heat sink would 

enter at higher temperatures. 

         
 

  

Figure 4.9: Temperature-heat-diagram for 

the reversed Brayton cycle  for the 

alumina production case study [JP09] 

Figure 4.10: Temperature-entropy dia-

gram for the reversed Brayton cycle  for 

the alumina production case study [JP09] 

Sink Source CO2 cycle
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Spray dryer case study: 

Figure 4.11 shows the temperature-heat-diagram for the spray dryer case. The 

temperature profiles are matching worse compared to the alumina production case. In the 

heat sink, the pinch point occurs at the sink outlet indicating that a reduction of the supply 

temperature would correspond to an increase in COP. The heat source was the moist air 

with a dew point at 31 °C and it can be noted that the reversed Brayton cycle is not 

exploiting this potential due to the relatively linear temperature profile of the working fluid 

in the heat source heat exchanger. 

         

 

Figure 4.11: Temperature-heat-diagram for the reversed Brayton cycle  for the spray 

dryer case study [JP09] 

The performance of the reversed Brayton cycle for the spray dryer case was 

accordingly lower with a COP = 1.6.  

The outlet temperature of the compressors were 218 °C in the case of the spray dryer 

and 290 °C in the case of the alumina production, which lies within the technically feasible 

region as indicated in [139]. 

4.3.4 Economic analysis of the case studies 

In order to evaluate the economic potential of the technologies, the investment cost 

were estimated and evaluated for different economic scenarios.  

The economic scenarios are summarized in Table 4.2 and were chosen to represent 

different existing national energy systems, complemented by scenarios in which the 

customer was assumed to acquire and operate own renewable electricity utilities. As the 

national scenarios, Germany was chosen as it has a large and diverse industry, while 

Denmark and Norway were chosen due to its large share of renewables. 

Philibert [130] outlined the possibility to acquire and operate own renewable 

electricity generation units, such as wind turbines or large-scale photovoltaic systems. The 

scenario in which own renewable electricity generation is considered, was compared to the 

combustion of natural gas (NG), biogas (BG) and biomass (BM) at prices corresponding to 

Danish conditions. 

Sink Source CO2 cycle
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The investment cost were estimated using cost functions of Turton et al. [154] and 

Ulrich et al. [155] and the economic performance was evaluated in terms of the net present 

value NPV as described in Chapter 2.3. 

Table 4.2: Considered energy prices for the economic analysis (BG = biogas, BM = 

biomass, NG = natural gas) 

 

Figure 4.12 shows the specific levelized cost ch of heat for both technologies for the 

case of the alumina production and the spray dryer. The levelized cost of heat was divided 

into the contributions for the operating cost and the investment cost. Additionally, the 

potential contribution of an exemplifying cost of 50 €/t of CO2 emissions was indicated. 

Table 4.3 summarizes the total capital investment TCI, the net present value NPV and the 

simple payback time PBT for all solutions. 

The total capital investment cost were 47 Mio. € and 48 Mio. € for the cascade multi-

stage system and the reversed Brayton system, respectively, for the alumina production 

case and 16 Mio. € and 17 Mio. € for the spray dryer case. In terms of specific levelized 

cost, the investment cost contributed by approximately 10 €/MWh for both technologies in 

the alumina case and between 20 €/MWh to 22 €/MWh for the spray dryer case.  

The steam compression system had a COP of 1.9 in both cases, while the reversed 

Brayton cycle had a COP of 1.7 for the alumina production case and of 1.6 for the spray 

dryer case. The specific total capital investment TCIspec decreased significantly for the 

alumina production case, due to economy of scale and better heat transfer coefficients in 

the heat sink heat exchanger, resulting from the secondary medium being thermal oil 

instead of air. 

The specific levelized cost of heat accumulated to 31 €/MWh and 33 €/MWh for the 

alumina production case and to 44 €/MWh to 46 €/MWh for the heat pump systems, when 

the electricity was obtained from own renewable utilities. For the alumina case, the heat 

Fuel 

Fuel price incl. taxes, 

€/MWh 
Specific 

CO2 

emissions, 

kg/MWh 

Potential technologies 
Chosen 

value 

Lower 

range 

Upper 

range 

Elec-

tricity 

Denmark 

[157–159] 
63.1 - - 461 

- Reversed Brayton cycle 

- Steam Compression cycle 

- Electric boiler, η = 0.95, 

TCIspec = 210 €/kW 

Germany 

[156] 
52.1 - - 624 

Norway 

[160,161] 
36.1 - - 570 

Renewable 

[130,162] 
40.0 30.0 50.0 0 

Natural Gas [157–159] 31.0 28.0 34.0 204 
- Gas boiler, η = 0.9, 

TCIspec = 103 €/kW 
Biogas [154,157,159] 69.5 64.0 75.0 0 

Biomass [154,156,159] 30.5 28.0 33.0 0 
- Biomass boiler, η = 0.9, 

TCIspec = 800 €/kW 
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pump systems were accordingly competitive to natural gas and outperformed biomass, 

while they were competitive to biomass and natural gas under consideration of a potential 

cost of 50 €/t of emitted CO2 for the spray dryer case.  

The specific levelized cost of heat of the heat pump systems were in both cases lower 

than for electrical boilers, indicating that the increased performance is able to compensate 

the additional investment. 

 

Figure 4.12: Specific levelized cost of heat ch for both case studies including the 

reversed Brayton cycle, the multi-stage steam compression cycle, an electrical boiler 

and combustion-based boiler using natural gas, biogas and biomass. The cost 

scenarios are as defined in Table 4.2, while the ranges for the cost for electricity from 

renewables, natural gas, biogas and biomass are indicated by the black bars [JP09] 

For the alumina production case, all scenarios except Denmark 2020 and Germany 

2020 for the reversed Brayton cycle yielded positive NPVs, which indicated economic 

feasibility. Due to the higher thermodynamic performance, the NPV for the cascade multi-

stage compression system was slightly higher than for the reversed Brayton cycle. The 

payback times were for both systems below 10 years for the alumina production case when 

electricity was obtained from own renewable utilities and reached below 6 years when 

compared to biomass. For the spray dryer case, the payback times were 12 years and 13 
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years when compared to biomass and 19 years and 20 years when compared to natural gas, 

when no cost for CO2 emissions was considered. 

Table 4.3: Total capital investment TCI, net present value NPV and simple payback time 

PBT for both cases and cycles for selected scenarios as defined in Table 4.2 and 

assuming specific cost for natural gas of 28.7 €/MWh in Denmark, 33.1 €/MWh in 

Germany and 27.7 €/MWh in Norway and no taxes for CO2 emissions. For the 

comparisons to renewable electricity, the specific cost for natural gas, biogas and 

biomass were assumed according to the average value as given in Table 4.2 [JP09] 

 Alumina production Spray dryer 

 Cascade 

multi-stage 

system 

Reversed 

Brayton 

cycle 

Cascade 

multi-stage 

system 

Reversed 

Brayton 

cycle 

Coefficient of performance COP, - 1.92 1.72 1.92 1.61 

Total capital investment TCI, Mio. € 47.3 48.3 16.4 15.4 

Net present value NPV, Mio. €     

 Denmark 2020 - NG -44.8 -64.7 -16.1 -19.5 

 Germany 2020 - NG 8.05 -8.5 -8.5 -11.1 

 Norway 2020 - NG 19.6 7.8 -6.8 -8.3 

 Renewable el 2020 - NG 27.8 14.8 -5.6 -7.4 

 Renewable el 2020 - BG 241.0 228.1 25.0 23.2 

 Renewable el 2020 - BM 72.8 59.9 0.8 -1.0 

Payback time PBT, years     

 Denmark 2020 - NG - - - - 

 Germany 2020 - NG 10.7 15.1 25.8 45.4 

 Norway 2020 - NG 8.8 10.7 21.3 27.2 

 Renewable el 2020 - NG 7.9 9.5 19.0 24.2 

 Renewable el 2020 - BG 2.1 2.2 4.9 5.0 

 Renewable el 2020 - BM 4.9 5.6 11.9 13.3 
 

The NPVs for the spray dryer case were negative for most scenarios, while they 

became competitive when evaluating it for electricity from own renewable sources and heat 

from biomass and biogas combustion. In the spray dryer case, the NPV of the steam 

compression technology was higher in all scenarios compared to the reversed Brayton 

cycle. 

The comparison of the different scenarios for the specific cost of energy indicated a 

strong impact on the economic feasibility. The NPVs for the alumina case study were 

calculated for a variation of the specific cost for electricity cel and for heat from alternative 

combustion fuels calt, in order to analyze this dependency in more detail.  

The results of this analysis are shown in Figure 4.13 for the cascade multi-stage system 

and in Figure 4.14 for the reversed Brayton cycle while the general trends are relatively 

similar for both technologies. The figures include an indication of the expected levelized 

cost for electricity from renewable sources as well as for heat from natural gas, biomass 

and biogas. It can be seen that heat pump based solutions, outperform heat supply from 

biogas and biomass, when using electricity from own renewable sources. For the alumina 
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case, the reversed Brayton system was competitive to natural gas based systems without 

considering cost for emissions for specific fuel cost lower than 42 €/MWh and the cascade 

multi-stage system for specific cost below 47 €/MWh. 

 

Figure 4.13: Net present value NPV for a variation of the specific cost for electricity 

cel and the alternative heat generation calt for the cascade multi-stage compression 

cycle in the alumina production case study with an indication of the specific cost of 

different energy utilities [JP09] 
 

 

Figure 4.14: Net present value NPV for a variation of the specific cost for electricity 

cel and the alternative heat generation calt for the reversed Brayton cycle in the 

alumina production case study with an indication of the specific cost of different 

energy utilities [JP09] 
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The results demonstrated the economic feasibility of heat pump based process heat 

supply for supply temperatures as high as 280 °C and indicated that the economic 

performance is strongly dependent on the specific cost for electricity. It was found that the 

combination of own renewable electricity utilities and heat pump based process heat supply 

yield outstanding economic performances. The investment in the large scale heat pumps is 

however associated to large investments, which requires the uncertainties in the project to 

be low, meaning e.g., low and stable electricity prices. It may however be highlighted, that 

the large uncertainties that are typically associated to the cost of energy may be decreased 

by the investment in own electricity facilities.  

4.3.5 Prospects in other manufacturing industries 

The two cases were introduced to analyze and demonstrate the general technical 

feasibility and the case specific economic potential of the two technologies. The results 

indicated a technical potential for increased supply temperatures and identified scenarios 

for which these solutions are economically viable. In [JP09], the potential of using the heat 

pump technologies in other processes and industries was estimated by analyzing promising 

industrial sectors. A brief summary of promising processes from different processes is 

presented in the following. 

The studies have generally suggested that the technologies are most promising in 

applications with i) access to electricity at low cost, ii) a high number of annual operating 

hours, iii) a high heat demand (>5 MW) and iv) access to suitable heat sources for a heat 

pump and a lack of heat sources suitable for direct heat supply. The following industrial 

sectors were found promising with respect to these conditions: 

• Chemical and petrochemical industry 

• Ferrous and non-ferrous metal industry 

• Non-metallic minerals industry 

• Food and beverage industry 

The chemical and petrochemical industry is highly energy intensive and accounts for 

25 % of the energy use of the total German industry [163]. Evaporation, distillation, drying 

and other heating processes were found to have heat demands at temperatures between 

100 °C to 500 °C. Different concepts involving high-temperature heat pumps were 

suggested for the production of hydrogen [164,165]. Oil and gas refineries constitute an 

additional possible application, as they have relevant heat demands between 250 °C to 

400 °C while offering different heat sources that could be suitable for heat pumps [166].  

The ferrous and non-ferrous metal industry accounts for 21 % of the energy 

consumption of the European industry [163]. The metal industry involves often melting 

processes taking place at temperatures above 1000 °C, which is above the limitations of 

heat pumps and furthermore offers the potential to cover adjacent processes by excess heat. 

The case study of the alumina production outlined however a potential for significant 

energy efficiency improvements in processes that are not directly related to furnaces. 

Further possible applications can be found in the post-processing, e.g., for extruding or 

rolling of aluminum and copper [167]. 

The non-metallic minerals industry implies a large share of the energy consumption in 

furnaces, e.g., for the production of cement, glass and ceramics. There are however many 
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processes, such as heating or drying, that require heat below 500 °C. Promising process 

include for example the production of bricks and tiles or the heating of aggregate for 

asphalt. 

The food and beverage industry accounts for 11 % of the energy consumption of the 

European industry. While a large share of the heat is required below 120 °C, there are many 

drying processes, requiring temperatures between 150 °C and 250 °C. Further applications 

can be found in the production of fat and oil, in which steam is required for the 

deodorization at temperatures of 200 °C and higher. 

It may be concluded that there are processes constituting a general potential for heat 

pump based process heat supply at temperatures above 150 °C. The examples and the 

analysis of promising processes indicated however, that a reliable estimation of the 

thermodynamic and economic performance requires a comprehensive process analysis. A 

transition of industrial processes to heat pump based process heat supply becomes most 

profitable when considering an optimization of the processes simultaneously with the 

design of the heat pump system. The optimization of the processes has to include a re-

evaluation of process parameters that were decided on combustion based utilities to enable 

optimal overall performances. 

4.4 Level of process integration of heat pumps 

The optimization of processes can involve heat pumps in different arrangements and 

at different process levels. In Bühler et al. [JP08], different scenarios for the electrification 

of industrial manufacturing processes were studied at the example of the milk powder 

production facility including the aforementioned spray dryer. The study aimed to analyze 

the level to which the heat pump is integrated with the processes under consideration of 

different aspects.  

A general procedure for the identification of most promising electrification scenarios 

was suggested and demonstrated for the milk powder production. The first steps of the 

suggested procedure comprised the modelling and optimization of the original process, 

including direct heat recovery and an evaluation of the technologies. Subsequently different 

electrification scenarios were defined, evaluated and compared under different aspects, 

such as energy and exergy efficiency, economic performance and further aspects with 

regards to the practicability. 

The electrification scenarios offer a certain degree of freedom with respect to the 

integration of the utility system into the processes. The utility can be a central system 

supplying heat and cold to the processes with or without recovering excess heat or it can 

consist of several decentral units that are directly integrated in the production processes. 

The decentral systems can furthermore be limited to specific units or integrate different 

processes with each other. The range of possible utilities covers a range of complexity, 

ranging from simple electric boilers with relatively low investment cost to complex 

integrated heat pump systems.  

[JP08] compared different scenarios and two were found to be the most promising. 

The general idea of the two most promising scenarios is visualized in Figure 4.15. The first 

scenario was similar as the cascade multi-stage system with R-718 in the top cycle as 

presented before for the spray dryer case. Apart from the unit that was covering the heat 
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demand for the spray dryer, additional other heat sinks were covered with liquid from the 

central evaporator. Different heat sources, such as the excess heat from the spray dryer, 

were integrated by bottom heat pumps. The second scenario consisted of decentral utilities 

with a minimum of interaction among the different process sections, which enabled an 

independent operation the processes and the possibility of a gradual implementation of the 

energy efficiency measures. 

The central utility had the highest thermodynamic performance with a heating COP of 

1.95 but had a higher total capital investment cost. The overall electricity consumption of 

the decentral solution was 20 % higher with an overall COP of 1.57, while the total capital 

investment was almost 50 % lower. The higher investment of the central utility was 

however compensated by the better performance under consideration of a lifetime of 20 

years. 

 

(a) Central integrated utility with heat pump system 

 

(b) Decentralised integrated utility with heat pumps and electric heaters 

Figure 4.15: General electrification scenarios with a) a central integrated utility and b) 

a decentralized integrated utility [JP08] 

It may be noted that a large share of the heat for preheating the drying air was supplied 

by an electrical heater in the decentralized scenario, in order to keep the scenario easily 

implementable in the current site. This did however compromise the thermodynamic 

performance of the overall system. A more detailed analysis of the different energy 

efficiency measures of the decentralized system revealed that the electrical heater was the 

least profitable investment.  
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For the cases in which a fully electrified system is a requirement, the central utility 

was found to be the preferred choice for the presented case study. In cases in which a partial 

electrification may be accepted, the scenario of the decentralized utilities becomes 

competitive, as it allows to only focus on the most profitable measures. 

4.5 Discussion 

Simultaneous design and optimization of process and heat pump 

The case studies demonstrated the integration of two heat pump systems into given 

industrial applications, which were initially designed for combustion based heat supply. 

The heat pump integration process assumes typically that the process temperatures are fixed 

and may not be adjusted. It was however found, that even minor modifications of the 

process temperatures may enable considerable performance improvements. 

The alumina production process as considered in the case study assumed, that the heat 

transfer from the thermal oil to the bauxite slurry is realized with temperature differences 

of 50 K to 70 K. These temperature differences resulted from the trade-off among heat 

exchanger area and the impact on the performance of the combustion based steam 

generation system. It may however be noted, that the impact on heat pump based steam 

generation system is considerably stronger and that such high temperature differences could 

not be justified.   

Some cases might however restrict modifications of the process and require the heat 

pump to be designed according to the boundary conditions. In these cases, it was found that 

the cascade system with the multi-stage R-718 top cycle was more flexible in 

accommodating the peculiarities of the application.  

Acceptance of high payback times  

The considered technologies represented major investments associated with the utility 

system of the manufacturing industries. Large investments require typically a low 

uncertainty which is more likely for investments with low payback times. Although some 

of the scenarios indicated low payback times, there are various aspects that may contribute 

to an increased acceptance of longer payback periods.  

The presented technologies constituted an investment into the central utility system of 

the plant, which constitutes an elementary aspect of the entire production site and decreases 

the possibility for being affected by process modifications, as it is the case for investments 

in auxiliary equipment. 

The implementation of heat pumps results additionally to the decreased operating cost 

in considerable reductions in primary energy consumption and GHG emissions. Reducing 

the climate impact enables the production sites to conform to future legislative requirements 

and improves accordingly the long-term perspectives. The reduced operating cost result in 

a higher productivity and an improved competitiveness, strengthening the market position 

of the corresponding production sites, as emphasized by Hendrickson [168] for the example 

of the alumina production. 

Acquisition and operation of own utility production 

Philibert [130] emphasized the possibility for manufacturing industries to acquire and 

operate their own renewable electricity sources. The case studies demonstrated an 



4 High-temperature heat pumps 99 

 

 

 

outstanding economic performance of the heat pump technologies using electricity from 

own renewable electricity sources, which was competitive to using natural gas. The 

acquisition of own renewable sources will furthermore decrease the uncertainties associated 

with the cost for energy, which might increase the willingness to accept higher payback 

times.  

The acquisition and operation of renewable electricity facilities constitutes an 

additional effort in itself and it might be questioned, if potential customers are willed to 

accept this. In this context it may be noted, that 15 % of the German industry’s energy 

consumption was supplied by own combined heat and power plants [169]. While the 

operation of e.g., photovoltaic systems is associated with a lower complexity than a 

combined heat and power plant, additional complexity results from the operation of the 

heat pump system. Further studies are therefore recommended for evaluating the 

practicability of operating a heat pump based system for process heat supply, potentially 

including wind turbines, photovoltaics and electric or thermal storages. 

 





 

5 Conclusions 

The work aimed to develop high-performance heat pump systems for 

applications in industry and district heating. First, the utilization of 

zeotropic mixtures was studied with respect to the refrigerant 

selection and the system design. A special focus was placed on 

understanding the interdependencies between the refrigerant choice, 

the component performance and the cycle performance. Second, 

possibilities for increasing the maximum supply temperatures of heat 

pumps were studied. Different technologies were analyzed with 

respect to their thermodynamic and economic performance and 

recommendations for economically feasible applications were 

derived. This chapter summarizes the main conclusions and gives 

recommendations for further studies. 

The work consists of two main chapters, of which the first focused on zeotropic 

mixtures in heat pumps and the second on the analysis of high-temperature heat pumps. 

This chapter is structured accordingly and begins with the presentation of the conclusions 

and recommendations for future work for the chapter on zeotropic mixtures followed by a 

chapter for high-temperature heat pumps. 

5.1 Heat pumps with zeotropic mixtures 

In the first part, it was studied how the performance could be improved by the selection 

of working fluids among pure and mixed refrigerants, while considering thermodynamic 

and economic aspects. It was analyzed how the choice of the refrigerant and the cycle layout 

relate to the component and system performance in order to enhance the understanding of 

the underlying mechanisms as a basis for a more systematic optimization approach.  

5.1.1 Summary of findings 

The use of mixtures is a common approach for finding replacements for working fluids 

being affected by legislative restrictions due to their environmental impact. Zeotropic 

mixtures, meaning mixtures that experience a temperature glide during evaporation and 

condensation, imply furthermore the potential of enhancing the performance, if the 

temperature glides during phase change are matching well with the temperature profiles of 

the heat source and sink. In order to exploit this case-specific potential more thoroughly, a 

procedure was developed for identifying the most promising working fluids under 

consideration of the thermodynamic and economic performance. 

The screening procedure itself consisted basically of evaluating a defined heat pump 

cycle for a set of mixed working fluids which were generated from a list of pure fluids. The 

crucial aspect of the procedure was however the definition of the underlying assumptions 
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defining the cycle and the components with respect to the comparability of the results. The 

screening procedure was demonstrated in [CP01, CP02, CP05, JP01, JP02], while the 

analysis of the underlying approach for comparing working fluids was presented in [JP05]. 

The design of a heat pump cycle requires the definition of the temperature differences 

in the heat exchangers. These temperature differences define the temperature profiles and 

pressure levels of the working fluid and have thereby a direct impact on the COP. On the 

other hand, the temperature differences define the required heat exchanger area and thereby 

the investment cost. The choice of a reasonable assumption is accordingly an economic 

problem. Different approaches for defining the heat exchanger were compared and it was 

found, that fixing the minimum pinch point temperature differences yielded results that 

were closest to the economic optimum. Fixing the heat exchanger area or the specific heat 

exchanger area was found to limit the performance of potentially well performing 

candidates and therefore found unsuitable for identifying high-performance working fluids.  

The screening procedure was demonstrated for various case studies and considerable 

performance increases were found. Increases in COP of 30 % or higher could be obtained 

by using a zeotropic mixture instead of a pure fluid. The possible performance increase, the 

choice of the optimal cycle and the optimal fluid were however dependent on the boundary 

conditions. The largest performance increases were obtainable in applications with large 

temperature glides and small absolute temperature lifts between heat source and sink.  

The increase in COP resulting from an improved temperature glide matching was 

associated with an increased investment for the heat exchanger areas. The case studies 

indicated, that the additional investment could typically be compensated by the increased 

operating performance, resulting in an increased overall profitability. It must however be 

noted, that the utilization of high-performance heat pump cycles is only reasonable in 

applications, in which the economic boundary conditions allow to compensate the 

additional investment, e.g., by long lifetimes and high annual operating hours. 

Furthermore, the interdependencies between the choice of the working fluid, the cycle 

layout and the components were studied in more detail, to identify potentials for further 

exploiting the peculiarities of zeotropic mixtures. It was analyzed how the temperature 

glide match in the source and sink heat exchanger impacted the cycle performance and it 

was found that the temperature glide match in the evaporator had a dominating impact. 

Reducing the required superheating in the evaporator enabled an improved temperature 

glide matching in the evaporator and thereby further improvements in COP [JP01].  

Using an internal heat exchanger to subcool the liquid before the throttling valve, while 

preheating the gas before the compressor, was found to be a suitable approach for further 

enhancing the performance of well-matched zeotropic mixtures. The internal heat 

exchanger reduced the irreversibilities associated with the expansion process and was found 

to be a promising approach for realizing a reduced superheating in the evaporator. 

Exergy analysis was used throughout the thesis for analyzing the system and 

associating the irreversibilities with different mechanisms. The irreversibilities could be 

quantified and translated into improvement potentials in terms of COP. The conventional 

exergy analysis and advanced exergy analysis describe how high the performance of a pre-

defined system may become and accept the optimal conditions of the pre-defined system 
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as the limit. This thesis has however focused on exceeding these limits by optimizing the 

system through selection of the working fluid and the cycle layout. The selection of 

zeotropic working fluid mixtures focused on the reduction of what would be described as 

unavoidable exergy destruction by an advanced exergy analysis. A proposal was presented 

to describe the deviations from the theoretical ideal Lorenz cycle by exergy destruction. 

The presented approach focused more on analyzing what system should be chosen and how 

close this comes to the theoretical optimum. 

5.1.2 Future work 

During the work, different aspects were found representing meaningful future research 

areas concerning the use of zeotropic mixtures in heat pumps: 

• The thesis focused on the optimization of the heat pump performance, while 

following the approach to select a working fluid that matches well into the 

boundary conditions and keeping the cycle layout simple. It was found, that the 

avoidable irreversibilities in the heat exchangers could be reduced to a minimum 

while considering a certain number of pure working fluids. Alternatively, the 

number of fluids might be reduced and compensated by a higher complexity of the 

cycle layout. Further analyses are recommended to study possible performance 

increases in more detail and to assess the aspect of technical practicability of 

considering either a larger number of fluids or a more complex cycle. 

• The screening results for the spray dryer case study were compared to results from 

a CAMD-based screening, which considered additional and potentially novel 

working fluids [93]. This method was demonstrated for finding the optimal mixture 

for a case study considering a specific group of refrigerants. The limitation of the 

demonstration to a case study and a specific group of refrigerants constrained the 

possible conclusions. In order to analyze if an additional performance increase 

could be obtained from considering novel working fluids, it is recommended to 

extend this method to further molecular groups considering more atoms and to 

apply the method to further case studies. 

• It was demonstrated that the heat exchanger performance could have a 

considerable impact on the cycle performance and an approach for formulating a 

deterministic criteria for designing the evaporator was presented. This criteria was 

however limited to the case study and the evaporator. It is therefore recommended 

to extend the suggested approach or to develop an additional deterministic design 

guideline for the optimal design of heat exchangers for being more generally 

applicable and valid for evaporator, condenser and single-phase heat exchangers. 

• The presented studies were mainly numerical. Numerical studies are based on 

assumptions and simplifications, associated with uncertainties and limited to the 

scope of the models. Experiments are the consistent next step and a suitable 

measure for increasing the acceptance of the technology for potential 

manufacturers and customers. Experiments are therefore recommended to study 

further aspects that cannot be explored by numerical studies. The most important 

aspects are summarized in the following: 

o The estimated performance increases are to be validated experimentally. 
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o Different technological approaches were discussed for realizing a reduced 

superheating in the evaporator. These concepts are to be analyzed in more 

detail, including an experimental analysis of the technical feasibility and 

the controllability of the system.  

o A possible shift in the circulation composition of the refrigerant was 

identified as a possible impact on the performance. This impact is however 

subject to further analysis, including a quantification of the composition 

shift, an analysis of possible causes, and the actual impact on the 

performance as well as suitable measures for limiting this issue.  

• Using exergy analysis enabled to relate the irreversibilities associated with the 

components or the fluid properties to possible performance improvement 

potentials in terms of COP. This gave a clear indication, what performance benefits 

might be obtained from reducing the irreversibilities associated with the 

components or the working fluid. It is accordingly recommended to further 

enhance this approach of using exergy analysis for evaluating the choice of the 

working fluid and the cycle layout by quantifying the deviations from the 

maximum theoretical performance, instead of quantifying the deviations from the 

pre-defined system in its optimal conditions. Further, the method may be extended 

to other thermodynamic cycles, such as organic Rankine cycles. 

5.2 High temperature heat pumps 

  In the second part, different cycles and technologies that were promising for process 

heat supply at temperatures above current state-of-the-art technologies were analyzed with 

respect to their techno-economic feasibility. In the following, the main findings are 

summarized before recommendations for future work are given. 

5.2.1 Summary of findings 

A closed two-stage cycle using R-718 was evaluated with respect to the 

thermodynamic and economic performance [CP04]. The concept considered cost-effective 

turbomachinery and was found to be a viable alternative in applications with heat source 

temperatures above 90 °C to 100 °C. The obtainable temperature lifts were between 50 K 

to 60 K. Systems using R-718 are however facing different challenges, such as a high 

sensitivity to pressure drops and high compressor outlet temperatures. [CP04] comprised 

furthermore an analysis of the intercooling technologies and a novel system was suggested. 

The suggested technology was a compact solution, enabling an exact control of the outlet 

temperature which could be used in the more efficient serial expansion cycle. The closed-

loop system was however found to be most promising for applications in which both the 

heat source and the heat sink had a limited temperature glide. 

In [JP08], technologies were studied for supply of heat in applications in which both 

the heat source and the heat sink had large temperature glides. A cascade system was 

considered, which consisted of a multi-stage cycle using R-718 and different bottom cycles. 

The high-temperature cycle was designed to supply heat at each compression stage, while 

it could be designed as an open system for steam generation or as a closed loop system in 

which the subcooled liquid was returned. The bottom cycles could be designed flexible for 

an efficient integration of various heat sources. Additionally, a reversed Brayton cycle 
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using R-744 (CO2) as working fluid was considered, as it was found to be especially 

promising in applications with large temperature glides.  

The systems were based on oil-free turbomachinery, which technically allowed supply 

temperatures above 400 °C. As the maximum obtainable thermodynamic performances 

were limited with increasing temperature lifts, a special emphasis was placed on 

applications having large capacities and a high annual utilization, which allowed the limited 

thermodynamic performance being compensated in economic terms.  

The two technologies were analyzed for two different case studies. The first case study 

aimed to preheat the inlet air of a spray dryer for milk powder production to 210 °C and the 

second case study aimed to provide process heat to a thermal oil loop with a forward 

temperature of 280 °C in an alumina production facility. The reversed Brayton cycle had a 

COP of 1.7 for the alumina production case and 1.6 for the spray dryer case, while the 

cascade system had a COP of 1.9 in both cases. The cascade system had in both cases a 

higher COP, as it was able to better accommodate to the boundary conditions. The cascade 

system had however a higher complexity, while having similar investment cost. The higher 

thermodynamic performance of the cascade multi-stage system resulted in an improved 

economic performance. 

The technologies were evaluated for different economic scenarios. In the spray dryer 

case, the technologies had a negative NPV for most scenarios, while they were positive for 

most of the scenarios for the alumina case. In the alumina production case, the specific 

investment cost decreased significantly for both technologies due to economy of scale 

resulting from a heat supply capacity of 50 MW, compared to 8.2 MW for the spray dryer. 

The best economic performances were obtained considering that the customer acquires 

and operates own renewable energy utilities, such as wind power or photovoltaic.  

Furthermore, different levels of process integration for heat pumps in industrial 

processes were compared with respect to different aspects that are having a relevance on 

possible investment decisions. The central heat pump based utilities as presented before 

were found to be the most promising solution with respect to thermodynamic and economic 

performance. Considering smaller decentral heat pumps integrated between different 

process streams might however be advantageous as it enables a gradual implementation of 

the most promising technologies. 

5.2.2 Future work 

Based on the presented work, different aspects were identified as promising focus 

areas for further research. These aspects are summarized in the following as 

recommendations for further work:  

• The presented case studies and the analysis of further possible applications 

outlined a general potential for the presented applications. It was however also 

emphasized that an optimal exploitation of this potential is only achieved, if the 

heat pump integration comprises a re-design of the production process and a case-

specific design of the heat pump system. Consequently, it is suggested to conduct 

more case studies, including a detailed re-evaluation of the processes and a case-

specific heat pump design, to demonstrate the potential for both potential 

customers and manufacturers. 
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• The acquisition and operation of own renewable energy utilities was identified to 

be the most promising scenario with respect to both economic and environmental 

performance. The combination of heat pump based process heat supply and 

renewable electricity facilities, such as wind turbines or photovoltaic systems, 

imply however challenges and possibilities that were not considered in the 

presented studies. The variations from renewable electricity supply might pose a 

challenge, while the implementation of thermal storages might be a suitable 

approach for balancing the variations. According analyses with respect to the 

techno-economic feasibility under consideration of the dynamic behavior of such 

integrated systems are suggested for future work.  

• The presented studies were furthermore limited to numerical modelling. Although 

the presented studies remained within the boundaries that were expected to be 

achievable by state-of-the-art equipment from e.g., petrochemical process 

industries, there might arise technological challenges with respect to the 

compression equipment. Such issues are to be analyzed in demonstration plants in 

laboratory or full scale. Demonstration projects are furthermore expected to 

enhance the acceptance from customer side. 
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a b s t r a c t

The present study demonstrates the optimization of a heat pump for an application with a large tem-
perature glide on the sink side and a smaller temperature glide on the source side. The study includes a
numerical simulation of a heat pump cycle for binary mixtures based on a list of 14 natural refrigerants.
This approach enables a match of the temperature glide of sink and source with the temperature of the
working fluid during phase change and thus, a reduction of the exergy destruction due to heat transfer.
The model was evaluated for four different boundary conditions. The exergy destruction due to heat
transfer, which is solely caused by the fluid having a non-ideal temperature profile was quantified and an
indicator describing the glide match was defined to analyze its influence on the performance. The results
indicated, that a good glide match can contribute to an increased performance. The increase in perfor-
mance was dependent on the boundary conditions and reached up to 20% for a simple cycle and up to
27% if the superheating can be avoided. The temperature glide match in the source was identified to have
a higher influence on the performance than in the sink.

© 2018 Elsevier Ltd. All rights reserved.

1. Introduction

Heat pumps constitute an energy efficient and sustainable
possibility for heat supply in domestic and industrial applications.
Different approaches are followed to improve the performance and
thus increase the competitiveness in a broad range of applications.
Challenging conditions can result from the characteristics of heat
sink and source, which are in many cases single-phase flows and
thus finite capacity flow reservoirs.When heat is removed or added
from or to a fluid with a finite heat capacity, the temperature of the
fluid changes. The temperature glides in heat sink and source pose
additional challenges for efficient heat pump integration.

Radermacher and Hwang [1] show, that a heat pump cycle with
a pure fluid and thus, a constant temperature during phase change,
conforms with the Carnot cycle which is beneficial for heat sources

and sinks with minor or no temperature glide. For larger temper-
ature glides in heat sink and source, the Lorenz cycle shows an
enhanced performance. Retaining the layout of a conventional va-
por compression heat pump, the Lorenz cycle can be approached by
using a zeotropic mixture, experiencing a temperature glide during
evaporation and condensation. A sophisticated choice of the
refrigerant mixture can improve the heat pump performance by
matching the temperature profiles during heat addition and
removal to and from the cycle and thus, reducing exergy destruc-
tion due to heat transfer.

Besides the possible improvements resulting from beneficial
exploitation of the temperature glides, mixtures offer the possi-
bility to obtain favorable thermodynamic and physical properties
by combining a limited set of fluids. After the phase out of popular
refrigerants with high global warming potentials (GWP) and ozone
depletion potentials (ODP) by the Montreal protocol [2], the Kyoto
protocol [3] and especially after extension to hydrofluorocarbons
(HFC) by the amendment fromKigali [4,5], it is important to enlarge
the range of potential applications for accepted alternatives. The
mixing of natural refrigerants widens their range of applications
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and thus, their competitiveness [6].
It is additionally possible to design the mixtures in such a way,

that unfavorable medium properties of a single component are
compensated by another component. Several studies, e.g.
Refs. [7e9] have analyzed the combination of CO2 with hydrocar-
bons (HC) in numerical and experimental studies, showing an
increased coefficient of performance (COP) as well as secondary
effects such as a reduced high pressure compared to pure CO2
systems and a reduced flammability compared to pure HC systems.

Nevertheless, the possible benefits resulting from zeotropic
mixtures imply increased requirements during design and opera-
tion, to ensure that themixture characteristics are used beneficially.
Especially the temperature glide matching requires an increased
knowledge and effort during cycle design in order to increase the
cycle performance [10]. A mismatch of the temperature glide
resulting from an insufficient design or from composition shift due
to leakage during operation [11] can decrease the performance.

Many numerical and experimental studies were conducted in
order to optimize the heat pump performance for a specific appli-
cation by choosing from a limited set of mixtures and analyze
operational issues in experimental setups, e.g. Ref. [12]. A
comprehensive review about this topic was conducted byMohanraj
et al. in Ref. [6]. McLinden and Radermacher [13] presented
methods to compare the performance of pure and mixed re-
frigerants. Itard [14] studied wet compression-resorption heat
pump cycles and analyzed the influence of the temperature glide
match on the overall performance for 7 binary and 2 ternary mix-
tures. She concluded an optimal thermodynamic performance for a
minimum sum of the mean temperature differences in the heat
exchangers and derived recommendations to identify promising
mixtures for thewet compression-resorption cycle. She highlighted
a higher potential for using mixtures for applications with a high
temperature increase in the sink combined with low absolute
temperature lifts between source inlet and sink outlet temperature,
without accounting for the temperature glide in the heat source.

Summarizing these studies, it can be summarized that there
remains a lack of knowledge about the potential performance in-
crease which could be obtained by using mixed working fluids
dependent on the boundary conditions, including both sink and
source, and furthermore, how this is related to the choice of the
working fluid mixture.

Opposing the increase in efficiency, the use of zeotropic mix-
tures and a resulting match of the temperature glides require an
increased heat transfer area, because the temperature difference is
reduced and due to the diffusion resistances during phase change
which decrease the convective heat transfer [1,15]. The tradeoff
between additional investment in heat exchanger area and an
increased performance is dependent on the physical and economic
boundary conditions and needs to be analyzed for each application,
regardless of whether pure or mixed refrigerants are considered.
Others [16e18] have shown that the increased performance can
cover the additional investment and thus, result in an increased net
present value using a mixture.

From the state of the art, it can be summarized that zeotropic
mixtures can constitute a promising alternative to pure working
fluids, as long as they are chosen according to the application. The
possible performance increase of using mixtures depends on the
boundary conditions, such as the temperature glides in source and
sink as well as on the mean temperature lift. The diversity of the
different heat pump applications creates a demand for an analysis
of the potential performance increase resulting from use of zeo-
tropic mixtures dependent on different temperature profiles of
heat source and sink.

The present work consequently aims to analyze under which
boundary conditions the use of zeotropic mixtures is reasonable.

The study has furthermore analyzed towhat extent thematching of
the temperature profiles in the sink and source heat exchangers
relate to the overall performance and derived recommendations to
be used during cycle and working fluid design.

2. Methods

2.1. Simulation procedure

The benefits of using zeotropic mixtures as working fluid were
analyzed by a number of cases with different boundary conditions,
representing a range of possible applications. In general, several
combinations of temperature glides in heat source and sink are
possible, but typically the consumption glide on the sink side is
given while the cooling of the heat sources may offer a potential
range of glides.

For this study, it was assumed, that the heat source consists of a
stream with a temperature of 40 �C, which would represent a high
share of industrial excess heat [19]. The source is used to heat
another stream from 40 �C to 80 �C, which is within a common
temperature range for industrial low temperature processes [20].
The outlet temperature of the heat source is not fixed and will be
varied in the cases as shown in Table 1.

This setup can represent a booster heat pump for a low tem-
perature district heating network on the consumer side [21] for
which the return temperature is not defined by other parameters or
an industrial application in which an excess heat stream of a pro-
cess can be exploited by cooling it down to any temperature, while
heating another process stream to a useable temperature, e.g. for
feeding it to a conventional district heating network or reusing it on
site [22]. Especially when latent heat from condensation of moist
air is recovered, the temperature glide on the source side can be
small.

As a basis for the analysis a model for the heat pump is imple-
mented and simulated for each case and all possible refrigerants
and binary refrigerant mixtures.

2.2. Heat pump model

2.2.1. Thermodynamic model
The heat pump model was implemented for a simple vapor

compression cycle as shown in Fig. 1. It consists of the minimum
amount of required components and represents the simplest
possible heat pump solution. Therefore, the analysis focused solely
on the influence gained from using mixtures and included the
possibility to derive recommendations for possible adjustments of
the cycle layout.

The heat pump process described aworking fluidwhich receives
heat from the heat source at low pressure (6/1), before it is
compressed to a higher pressure (1/2) in order to reject heat to
the heat sink at high temperatures (2/ 5), before it is expanded to
the low pressure again (5/ 6). The heat rejection can occur sub-
critically or supercritically, while the low pressure side is always
below the critical point.

The model was based on the First and Second Law of

Table 1
Definition of boundary conditions for considered cases.

Case Number Heat Source
Tsource;in/Tsource;out

Heat Sink
Tsink;in/Tsink;out

I 40 �C/ 35 �C

40 �C/ 80 �C
II 40 �C/ 30 �C
III 40 �C/ 25 �C
IV 40 �C/ 20 �C
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Thermodynamics and includes energy and mass balances for all
components. The heat exchangers were modelled as separate
control volumes according to single-phase and two-phase flow,
disregarding if they are manufactured as one component. This
distinction diminishes for transcritical processes, which was for
numerical reasons assumed at pressures above 95% of the critical
pressure. The heat exchangers implying phase change are dis-
cretized in steps of equal amounts of transferred heat along the
flow direction to enable the calculation of temperature profiles
during the phase change. A discretization in 15 state points for the
condenser and 10 for the evaporator was found to provide sufficient
accuracy with an acceptable tolerance.

In order to calculate condensation and evaporation pressure a
minimum pinch point temperature difference of DTpinch;min ¼ 5 K
was introduced. The possible performance gain from subcooling is
always completely exploited by defining the temperature T5 by the
pinch point temperature difference above the sink inlet tempera-
ture [23]. While fixing the condensation pressure by setting the
minimum temperature difference to the minimum required pinch
temperature difference yields the maximum COP for subcritical
processes, this may not always be applicable for transcritical pro-
cesses. The pressure has therefore been optimized for transcritical
pressures with respect to COP considering a boundary on the
minimum temperature difference, which corresponds to defining
the pressure by the pinch point temperature difference as sug-
gested by Ref. [23]. It may be noted, that the optimal gas cooler
pressure resulted only in very exceptional cases in a minimum
temperature difference larger than the minimum required pinch
point temperature difference.

The compression process was modelled with an isentropic ef-
ficiency of hcomp;is ¼ 0:8 while losses from the electrical motor to
the environment were disregarded. The volumetric heating ca-
pacity VHC relates the supplied heat load to the volume flow rate at
the inlet of the compressor and indicates the size of the component.
In order to protect the compressor from wet compression a mini-
mum superheating temperature difference of DTSH ¼ 5 K is
considered at both inlet and outlet of the compressor. For addi-
tional analyses of the influence of the superheating on the COP the
simulations were repeated without superheating.

The throttling process was assumed to be isenthalpic.
The model was implemented in Matlab [24] and used medium

properties from Refprop [25] with the recommended state of the
art models for the equations of state and mixing parameters for all
modelled fluid mixtures.

2.2.2. Exergy analysis
In order to identify the inefficiencies in the systems an exergy

analysis was conducted as described in Ref. [26]. The exergy flow
rates _Ewere calculated for themass flows at each state point as well
as for the consumed power. The dead state was defined as T0 ¼ 25 �

C and p0 ¼ 1 bar. The exergy destruction _ED was defined as the
difference between all exergy flows entering and leaving a control
volume, which is equivalent to the difference between the exergy
fuel _EF and exergy product _EP . The exergy fuel and product were
defined as the desired and invested exergetic effect and therefore
dependent on the function of the component. For dissipative
components, such as the throttling valve, no meaningful definition
of the product can be found according to [26].

_ED ¼ _EF � _EP ¼
X

i¼1…k

_Ei (1)

The exergy destruction describes the irreversibilities within the
components as an absolute value. Since the absolute energy flows
in the different components can vary, the exergy destruction varies
as well and is therefore not an optimal measure for comparisons of
performance. A supplementing indicator is the exergy efficiency,
defined as the ratio of the exergetic product over the exergetic fuel.

Nevertheless, it can hardly be used to analyze the improvement
potentials, since it determines the overall exergy destruction by an
outer balance equation, rather than locating the origin of the irre-
versibilities within the component. It does furthermore not contain
information about whether or not the exergy destruction could be
avoided by e.g. an optimal mixture having a constant temperature
difference along the transferred heat.

Therefore, we suggested to distinguish between two contribu-
tions as shown in Fig. 2, i.e., exergy destruction _ED;pinch which is
caused by the nature of the component having a finite heat transfer
area and cannot be avoided even with an ideal fluid and an addi-
tional exergy destruction _ED;fluid which accounts for real working
fluid being non-ideal. The sum of the exergy destruction from both
contributions yield the total exergy destruction occurring within
the component _ED;component.

_ED;component ¼ _ED;pinch þ _ED;fluid (2)

If the heat exchanger is assumed to be an ideal component with
an infinite heat exchanger area, the exergy destruction related to

the pinch _ED;pinch would diminish, but the exergy destruction
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Fig. 1. Flow sheet of modelled heat pump (left) and diagram with temperature profiles over transferred heat for case II with 10% CO2e90% DME as working fluid (right).
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accounting for the difference between a real and an ideal fluid
_ED;fluid would still contribute to the total components exergy
destruction.

The exergy destruction accounting for the minimum tempera-
ture difference can be determined by an exergy balance between
the ideal fluid and the sink or source stream accordingly. In order to

calculate the exergy flow _EQ of a heat flow rate _Q which is rejected
or received with a constant capacity rate between the temperatures
T1 and T2, the thermodynamic average temperature
T1�2 ¼ ðT1 � T2Þ=lnðT1=T2Þ is introduced, [26]. Using this relation,
the exergy balance defines the exergy destruction as:

_ED;pinch ¼
 
1� T0

Thot

!
_Q �

 
1� T0

Tcold

!
_Q ¼ T0 _Q

Thot � Tcold
Thot Tcold

(3)

The indices “hot” and “cold” refer to the ideal fluid during
condensation and the heat sink stream in the sink heat exchanger
and in the heat source heat exchanger to the heat source stream
and the ideal fluid during evaporation, respectively.

Using Equation (3) and the definition of the thermodynamic
average temperature for streams with a constant heat capacity, the
exergy destruction in sink and source due to the pinch point tem-
perature difference DTpinch can be directly expressed as a function
of this temperature difference:

As an indicator to describe thematch of the temperature profiles
we introduce the temperature matching indicator pglide as the ratio

of the total exergy destruction _ED;component over _ED;pinch:

pglide ¼
_ED;component
_ED;pinch

¼
_ED;fluid þ _ED;pinch

_ED;pinch
(6)

For an optimal match of the temperature profiles the matching
indicator will approach pglide ¼ 1 whereas it increases with an
increasing mismatch.

This definition enables additionally to determine the share of
exergy destruction caused by the fluid being non-ideal on the
entire exergy destruction of the system y*D;fluid and thereby repre-

sents the potential decrease in exergy destruction by finding an
optimal fluid:

y*D;fluid ¼
_ED;fluid
_ED;total

(7)

The factor can be used to analyze the potential performance in-
crease that can be obtained by better matching the temperature
profiles in either sink or source, e.g. y*D;fluid;source ¼
_ED;fluid;source= _ED;total, or to highlight the total potential reduction of

exergy destruction y*D;fluid;total ¼ ð _ED;fluid;source þ _ED;fluid;sinkÞ= _ED;total.
The introduced distinction between exergy destruction which

could potentially be avoided by finding an optimal fluid and
exergy destruction resulting from component inefficiencies
cannot be applied to the compression and expansion process,
since these processes convert mechanical work into internal en-
ergy, which can theoretically be reversible for any fluid. In these
cases properties of the real fluids do not cause any additional
exergy destruction.

2.3. Refrigerant screening

The list of fluids which were considered in the design of the
binary mixtures can be defined according to different aspects. No
strong correlation could be observed in a previous study [16],
which relates specific medium properties to the performance of a
heat pump, when using the fluid as a component in a working fluid
mixture. It therefore seemed promising to assemble the group of
pure fluids for designing the mixtures with fluids covering a broad
range of typically relevant medium characteristics, such as the
normal boiling point and the critical point. Considering the possi-
bility to use mixed working fluids enlarges variety of working fluids
substantially compared to a limited set of pure fluids. This obviates
the need to consider fluids with unfavorable characteristics such as

high ODP or GWP.
Based on this, the group of commonly used natural refrigerants

and the two higher boiling HCs, n-Hexane and Heptane, are chosen
for this study as shown in Table 2. The natural refrigerants entail a
good and low-cost availability, limited toxicity, low environmental
impact and good miscibility among each other, while being estab-
lished working fluids.

Fig. 2. Diagram with temperature profiles over transferred heat with exergy
destruction highlighted.

_ED;pinch;source ¼ T0 _Q source
1

Tsource;in � Tsource;out
ln

 
Tsource;out
Tsource;in

 
Tsource;in � DTpinch
Tsource;out � DTpinch

!!
(4)

_ED;pinch;sink ¼ T0 _Qsink
1

Tsink;out � Tsink;in
ln

 
Tsink;out
Tsink;in

 
Tsink;in þ DTpinch
Tsink;out þ DTpinch

!!
(5)
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The miscibility has been analyzed using a group contribution
method as proposed in Ref. [27]. Immiscibility of the fluids would
result in two liquid phases with different compositions, so called
miscibility gaps, which could have unfavorable influences on the
operation. The fluids above the dashed line in Table 2 are widely
miscible with each other with minor miscibility gaps in the mix-
tures including ethers. Especially mixtures with DME have misci-
bility gaps, whereas DEE shows good miscibility with the other
fluids. The ethers are fully miscible. The miscibility of the fluids
above the dashed line with water and ammonia is limited over the
complete required range of pressure and temperature. Based on
this, all possible binary mixtures among the fluids 1 to 14 and
among water and ammonia are considered in the study. In case a
mixture including the ethers appears to be a promising solution,
further analysis with respect to the miscibility is required.

The increased flammability of the natural refrigerants is
accepted, since it is assumed that technically and economically
feasible solutions exist [31]. Furthermore, R290 and R600a are
commonly used in commercial products [32] and considered suit-
able for industrial applications [33].

The model was evaluated for all pure components and all
possible binarymixtures at 9 compositions resulting from the fluids
in Table 2. This procedure produced a comprehensive set of 833
thermodynamic cycle simulations per case which is used as a basis
for analyzing the relation between the temperature glide matches
and the performance.

3. Results

Fig. 3 gives an overview of the calculated COP of the heat pump
for all possible mixture combinations for cases I to IV and Table 3
presents an overview of the best performing pure and mixed
working fluids for each case. All four cases assumed the same
supply temperature by heating water from 40 �C to 80 �C and the
same heat source inlet temperature of 40 �C, while case I was
defined by cooling down the heat source by a temperature differ-
ence of 5 K, which increased stepwise to 20 K for case IV. Each line
represents the COP of one binary mixture with a composition
varying from zero to one for the less volatile component x2. For
some cases, no technically feasible results were obtained, e.g.
because the evaporation process is transcritical due to a too low
critical temperature. These points are not included and cause dis-
continuities in some curves.

The maximum achievable COP decreased from case I to IV with
an increasing source temperature glide and thereby a lower mean

temperature in the heat source. The obtained COPs decreased
accordingly, whereas additional analysis showed that the best
exergetic efficiencies for all four cases were in the range of 50%e
52%.

It can be seen in Figs. 3 and 4 that the performance increased
from utilizing mixtures is improved with a larger temperature glide
in the heat source. For case I, the best performance was obtained by
pure working fluids while case IV showed a significant increase in
COP between the best pure and mixed working fluid.

Propylene, DME and Propane showed the best performance in
case I with a COP between 5.85 and 5.82. The glide matching in-
dicator for the source pso was between 1.53 and 1.54 whereas the
sink shows a higher mismatch.

Case II assumes a temperature glide of 10 K in the source stream,
which caused an increased mismatch in the source for the pure
fluids. DME and Propylene have values of pso ¼ 2:05, while the
temperature glide can be approached better by mixtures. The two
best mixtures 10% CO2e90% DME and 50% DMEe50% Butane have a
source temperature glide match of 1.56 and 1.59, respectively. The
maximum COP obtained from the mixtures is 5.62, which is equal
to an increase of 6.4% when compared to the COP of the best pure
fluid of 5.28.

The performance gain from using mixtures reached 12% for case
III and 20% for case IV. The simulations without superheating have
shown an increase in COP from 4.38 to 5.56 which corresponds to
27% for Case IV. The values for the temperature glide match indi-
cator in the source are around 1.5 for the best mixtures in Case III
and IV while for the pure fluid they are approximately 2.5 for case
III and 3.0 for case IV. The temperature glide match indicators in the
sink were for the best solutions in case III below 3.0 and in case IV
below 2.5, whereas the mismatch for the best pure fluids was in
both cases larger than 3.5.

The pressure ratios of the presented best cases were mostly
below 4 for moderate absolute pressures which can be assumed as
technologically feasible. The volumetric heating capacities VHC
vary between 700 kJ/m3 for fluids with low evaporation pressures
and reaches up to more than 10,000 kJ/m3 for higher evaporation
pressures, indicating a relatively high heat supply rate with
compact compression equipment.

The good temperature glide in the evaporator for the pure fluids
stemmed from the source temperature glide of 5 K and the mini-
mum required superheating of 5 K. This caused the pinch point
temperature difference to be located at both the inlet and outlet of
the heat source and thus, a good temperature match. In some cases
the superheating by the heat source can be avoided by using e.g. an

Table 2
List of fluids considered in the design of binary mixtures (No. 1-14) and additionally considered fluids (No. 15-16), [28e30].

No. Name of Fluid Ref. No.: Type ODP, - GWP100yr, - Normal Boiling Point, �C Crit. Temp., �C Crit. Pressure, bar Safety Class

1 Methane R-50 HC 0 25 �161.5 �82.6 46.0 A3
2 Ethylene R-1250 HO 0 6.8 �103.8 9.2 50.4 A3
3 Ethane R-170 HC 0 2.9 �88.6 32.2 48.7 A3
4 CO2 R-744 0 1.0 e 31.0 73.8 A1
5 Propylene R-1270 HO 0 3.1 �47.6 91.1 46.7 A3
6 Propane R-290 HC 0 3.0 �42.0 96.7 42.5 A3
7 Dimethyl ether (DME) R-E170 HC 0 1.0 �24.0 127.3 53.4 A3
8 Iso-Butane R-600a HC 0 3.0 �11.7 134.7 36.3 A3
9 n-Butane R-600 HC 0 3.0 �0.5 152.0 38.0 A3
10 Iso-Pentane R-601a HC 0 4.0 27.8 187.3 33.8 A3
11 Ethyl ether (DEE) R-610 HC 0 4.0 34.6 193.7 36.4 A3
12 Pentane R-601 HC 0 4.0 36.1 196.6 33.7 A3
13 n-Hexane HC 68.7 234.5 30.3
14 Heptane HC 98.4 267.0 27.4

15 Ammonia R-717 0 0.0 �33.3 132.4 112.8 B2
16 Water R-718 0 0.2 100.0 373.9 220.6 A1

B. Zühlsdorf et al. / Energy 153 (2018) 650e660654

[JP01] Zühlsdorf et al. 2018, Energy 127



internal heat exchanger. The same set of simulations was therefore
repeated for zero superheating as shown in Fig. 4. It may be noted
that the results for the cases without superheating of 5 K corre-
spond well to the cases with 5 K higher temperature glide in the
source.

The water ammonia mixtures did not show competitive COPs.
The mixtures have a high and nonlinear temperature glide which
resulted in a high mismatch on at least one side. All solutions
showed unfavorable operation conditions such as very high
compressor discharge temperatures for a high share of water and
high compressor discharge temperatures and high pressures for an
increasing share of ammonia.

Fig. 5 shows the performance of all solutions for case I to IV over
the glide matching indicators for sink and source. In order to allow
comparisons between the cases with a different maximum
achievable COP the exergetic efficiency was chosen to indicate the
performance.

Fig. 5 indicates a similar trend of fluids with a good performance
for all four cases. The solutions with a good performance accu-
mulated for low glide match indicators in the source and a mod-
erate mismatch in the sink between 3 (case I) and 2 (case IV). There
were also solutions with an almost optimal glide match in the sink
and an increased mismatch in the source between 4 (case I) and 3
(case IV) which have a moderate performance. Nevertheless, only
few solutions could be found in the range of an optimal glide match
with indicators for both sink and source of less than 2.2 for case I to
1.5 for case IV. Especially for the cases with low source glides, these

solutions were mostly transcritical solutions with a good match on
the sink side and a moderate glide match on the source side.

The diagrams in Fig. 5 show that a large range of possible
temperature profiles is covered, while the dependency between the
source glide match and exergetic efficiency shows a clearer pattern
than for the sink. This dependency can be seen more clearly in
Fig. 6, in which the glide match indicator of the source (left) and of
the sink (right) are plotted over the exergetic efficiency for all cases
superimposed on each other. The source glide match indicator
varies between 1 and 15, while the exergetic efficiency can be low
irrespective of a good glide match. Nevertheless, an increasing
exergetic efficiency requires an enhanced temperature glide match.
Thus, to obtain a good performance a good glide match in the
source can be seen as a requirement.

The diagram on the right hand side of Fig. 6 shows a different
pattern for temperature glide match in the sink over the exergetic
efficiency. An increasing mismatch results in a decreased perfor-
mance as well, whereas here a matching indicator below 4 enables
exergetic efficiencies from 0.25 to 0.55. In this region the efficiency
is dominated by the source side, which is indicated by the color.
While optimal glide matches in the sink result in an exergetic ef-
ficiency between 0.4 and 0.5, the highest exergetic efficiencies are
obtained with a glide match indicator of approximately 3.

The diagrams in Figs. 7e10 show temperatureeheat load dia-
grams for relevant and characteristic cases. Fig. 7 shows the
mixture 10% Ethanee90% Propane for case II which represents one
of the best solutions in terms of COP and represents a good
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compromise between glide matches on both sides. The 80%
Ethanee20% Propylene mixture shows an almost perfect glide
match in sink and source but a decreased COP compared to the best
pure fluids for case II.

Figs. 9 and 10 show cases in which either the source or sink had
a good glide match while the other glide match was moderate
without significantly reducing the COP. The exergy destruction
caused by the mismatch of the fluid in source and sink for the case
shown Fig. 9 are y*D;fluid;source ¼ 5.5% and y*D;fluid;sink ¼ 25%, whereas

for the case of Fig. 10 they contribute with y*D;fluid;source ¼ 26% and

y*D;fluid;sink ¼ 2.5%.

4. Discussion

The presented work has analyzed the potential performance
increase which can be achieved from a sufficient choice of a
working fluid mixture. The choice of the working fluid and thus,
also the possible performance increase is strongly dependent on
the cycle layout. The shown case assumed a required minimum
superheating of 5 K, which required a smaller temperature glide in
the evaporator and thereby decreased the improvement potential
of zeotropic mixtures. The simulations of the cases without
superheating showed an increased potential for zeotropic mixtures,
whereas case I without the minimum 5K superheating and 5 K
temperature glide shows similar results as case II with no super-
heating and 10 K temperature glide. The feasibility of reducing the

Table 3
Simulation results for best performing mixtures and pure fluids for each case and a
minimum of 5 K superheating.

Medium COP pso, - psi, - pev, bar pco, bar VHC, kJ/m3

Case I
Propylene 5.85 1.53 2.80 13.1 35.7 9508
DME 5.84 1.54 3.43 6.8 22.6 6106
Propane 5.82 1.53 2.92 10.8 31.1 8093
Butane 5.38 2.24 3.61 2.5 11.0 2512
Isobutane 5.34 2.28 3.48 3.6 14.4 3308
Pentane 4.91 3.34 3.74 0.6 4.1 721
Case II
10% CO2e90% DME 5.62 1.56 2.96 7.5 25.1 6564
50% DMEe50% Butane 5.61 1.59 3.14 4.8 17.3 4329
10% Ethanee90% Propane 5.60 1.42 2.58 12.3 35.9 8761
10% Ethanee90% Propylene 5.57 1.48 2.50 14.5 39.5 10,060
DME 5.28 2.05 3.42 5.9 22.5 5368
Propylene 5.26 2.05 2.80 11.5 35.5 8467
Case III
30% Propylenee70% Butane 5.40 1.47 2.84 4.0 15.0 3573
30% Propanee70% Butane 5.38 1.42 2.98 3.9 14.8 3475
10% CO2e90% DME 5.32 1.56 2.97 7.0 25.0 6138
80% DMEe20% Isopentane 5.31 1.89 2.87 4.5 17.2 4112
Pentane 4.81 2.48 3.74 0.6 4.1 693
DME 4.80 2.58 3.42 5.1 22.3 4701
Case IV
20% DMEe80% DEE 5.29 1.33 2.47 1.2 6.1 1312
30% DMEe70% Pentane 5.24 1.62 2.00 1.2 6.1 1330
30% DMEe70% Isopentane 5.19 1.74 2.20 1.7 8.0 1757
50% Propylenee50% Butane 5.15 1.52 2.56 5.0 18.6 4270
Isopentane 4.41 2.98 3.69 0.6 5.0 747
DME 4.41 3.10 3.42 4.4 22.2 4101
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required minimum superheating depends on the equipment and
can be enabled by different approaches. Comprehensive studies of
compression equipment, which is capable of handling liquid during
compression, was conducted by Ferreira [34]. Another measure to
enable operationwithout superheatingwithin the evaporator is the
utilization of an internal heat exchanger.

The miscibility of the considered mixtures was analyzed and
binary mixtures with DME were identified to be potentially
immiscible, which would result in a system with two liquid phases
of different compositions. Since the results have shown that DME
performs well in many mixtures, the miscibility of the specific
composition at the required pressures and temperatures was

analyzed. The miscibility gaps occurred in all cases below operation
temperatures, which yields a full miscibility of the components in
the required range of pressure and temperature.

Different variables were analyzed with respect to their usability
and meaningfulness for evaluations of different working fluid
mixtures and comparisons with other solutions. The introduced
temperature glide matching indicator accounts for the exergy
destruction due to the fluid being non-ideal as a dimensionless,
linear indicator. The exergy destruction of the fluid is put into
relation to the heat transfer process and therefore can be used to
compare processes with different loads in heat sink and source and
among different simulations with varying overall efficiencies. If the
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Fig. 7. Temperature-Heat-Diagram for subcritical cycle with a good glide match on the
source side, a moderate glide match on the sink side and a good COP.
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Fig. 9. Temperature-Heat-Diagram for a subcritical cycle with a good glide match on
the source side, a moderate glide match on the sink side and a good COP.
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the source side, good glide match on the sink side and a moderate COP.
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exergy destruction is e.g. put into relation to a value which depends
on the cycle performance, such as the exergetic fuel or overall
exergy destruction, the results from different simulations cannot be
compared to each other. The temperature glide match indicator
represents a quantitative measure of the glide match and has
proven to give meaningful results.

The results suggest a stronger dependency of the cycle perfor-
mance on the glide match in the source than in the sink. This de-
pendency is supported by the structure of equation (3) inwhich the
absolute temperatures of the heat transfer process contribute
squared in the denominator to the exergy destruction from heat
transfer over a certain temperature difference. Assuming the heat
to be transferred at the thermodynamic average temperature of
sink stream (332.7 K) and source stream (310.6 K) the exergy
destruction per unit transferred heat in the source is approximately
15% higher than in the sink. An increasing mismatch will further-
more intensify this effect, since the temperature differences and
thus the absolute temperatures diverge. Nevertheless, the higher
heat load in the sink compensates this effect to some extent.

Different cases have been shown representing the different
available combinations of temperature glides and accordingly
different qualities in glide matching. Often a good compromise
between both has shown to give good COPs. The tendency of an
increased COP for an improved glide match corresponds to the
findings of Itard [14], who reported an optimal COP for a minimum
sum of mean temperature differences in the heat exchangers.
Nevertheless, Fig. 8 has shown a case with an optimal glide match
and a COPwhich is not as optimal as the glidematch suggests. Since
the compressor and the throttling valve were modelled with the
same efficiency it can be concluded that there are fluid properties
influencing the exergy destruction in the remaining components to
a relevant extent.

The cases presented in Figs. 9 and 10 show some inefficiencies
due to heat transfer but based on the high COPs it can be assumed
that the working fluids do not have an unfavorable effect on
compressor and throttling valve. If in these cases the temperature
glide match could be improved by any cycle adjustment while
retaining the fluid and the remaining components constant, the
exergy destruction in the component and thus, in the entire system
would decrease and improve the performance. Possible cycle ad-
justments are extensively discussed for water ammonia systems
[35]. The theoretical potential of decrease in exergy destruction is
around 25% for the presented cases.

The variety of the results demonstrated the various possibilities,
in which the medium properties influence the performance of the
different components and accordingly the overall performance of
the system. These manifold interdependencies imply the difficulty
to define recommendations for selecting mixture components
dependent on the boundary conditions. The presented results do
furthermore include cases, which demonstrate that such recom-
mendations as presented by Itard [14] are not generally applicable.

5. Conclusion

The analyses have demonstrated a performance increase which
can potentially be exploited by using zeotropic working fluid
mixtures. The possible improvement in performance is dependent
on the boundary conditions of sink and source and can be increased
by cycle adjustments, such as no superheating. Whereas for case I
with 5 K superheating and 5 K temperature glide in the source the
best working fluid were pure fluids, a performance increase of 20%
in case IV with 5 K superheating and 27% without superheating
could be observed.

It has been shown that a good temperature match in sink and
source can improve the performance significantly, while an optimal

match does not necessarily result in an optimal COP. Furthermore
there are other influences stemming from the fluid on the cycle
which have not been further quantified and need to be analyzed in
further studies. The lack of relations betweenmedium properties of
the pure components or of the mixture creates a demand for a
screening as demonstrated here in order to determine an optimal
working fluid.
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Nomenclature

Latin symbols
_E Exergy flow rate, W
_Q Heat flow rate, W
T Temperature, �C or K
T Thermodynamic average temperature, K
VHC Volumetric heating capacity, kj/m3

y Exergy destruction ratio, -

Greek symbols
DT Temperature Difference, K
h Efficiency,
p Temperature glide matching efficiency

Subscripts and superscripts
0 Dead state for exergy analysis
1e7 State point numbers
co Condensation
cold Cold stream
comp Compressor
component Related to component
D Destruction
Ev Evaporation
F Fuelfluid Related to fluid
Glide Temperature glide
Hot Hot stream
In Inlet
Is Isentropic
min Minimum
out Outlet
P Product
Pinch Temperature difference
Si Sink
So Source
SH Super heating
Total Related to complete system
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a b s t r a c t

This study demonstrated an increase in the thermodynamic performance of a booster heat pump, which
was achieved by choosing the working fluid among pure and mixed fluids. The booster heat pump was
integrated in an ultra-low-temperature district heating network with a forward temperature of 40 �C to
produce domestic hot water, by heating part of the forward stream to 60 �C, while cooling the remaining
part to the return temperature of 25 �C. The screening of working fluids considered 18 pure working
fluids and all possible binary mixtures of these fluids. The most promising solutions were analysed with
respect to their performance under off-design conditions and their economic potential. The best-
performing mixture showed a coefficient of performance (COP) of 9.0 and thereby outperformed
R134a by 47%. Although the mixed working fluids resulted in higher investment cost, the economic
performance was comparable to the pure fluids. The mixtures showed similar performance as the pure
fluids at off-design conditions. It was concluded that the mixtures 50% Propylene/50% Butane and 50%
R1234yf/50% R1233zd(E) could considerably improve the thermodynamic performance of the overall
heat supply system while being economically competitive to pure fluids.

© 2018 Elsevier Ltd. All rights reserved.

1. Introduction

District heating is expected to play a major role in sustainable
energy systems of the future. Conventional district heating systems
(DH) supply both space heating (SH) and domestic hot water
(DHW) to the customer. The supply temperature of conventional
district heating systems is constrained to exceed 60 �C by the
minimum DHW temperature, while the heat required for floor
heating could be supplied at lower temperatures. In order to be able
to integrate renewable heat sources efficiently and minimize heat
losses from the grid, a reduction of district heating temperatures
has been proposed, e.g. Ref. [1]. It is proposed that district heating
supply temperatures can be decreased to supply only the space
heating requirements of the building directly from the grid, while
the DHW is supplied by boosting the temperature of the district
heating supply line with a booster heat pump.

The so-called ultra-low-temperature district heating (ULTDH)
and the corresponding booster heat pumps have recently been the
focus of many researchers. Ommen et al. [2] define a DH network as
ULTDH when the supply temperature is below the temperature
required to directly supply DHW (35 �Ce50 �C).

Different studies focused on the optimization of existing district
heating grids by reducing the temperature levels and considering
the possibility of booster heat pumps [2e4]. Studies have shown
that the optimal supply and return temperatures of the grid and the
economic feasibility of the integration of booster heat pumps are
strongly dependent on the boundary conditions assumed. While
the integration of booster heat pumps seems not economically
viable for district heating systems with a high share of combined
heat and power [3], it becomes more interesting with an increasing
share of low temperature heat sources in the district heating
network, such as industrial waste heat or centralised heat pumps
[4]. Further issues when reducing temperatures in existing district
heating networks can result from shifted requirements for heat
exchangers and higher mass flow rates [3].

Several studies have conducted similar analyses that neglected
the constraints imposed by existing networks and assumed the
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expected future composition of heat sources [2,3,5], factoring in the
trend for an increasing share of renewables, and thus decreasing
the share of combined heat and power in electricity production.
These studies show that the use of booster heat pumps allows
significantly lower operation temperatures in the network and
thereby provide a decrease in transmission losses and a more
efficient use of heat sources, such as waste heat with and without
using centralised heat pumps. Assuming the supply to originate
from centralised heat pumps, the use of booster heat pumps results
in an increase of 12% in the overall performance compared to direct
supply at above 60 �C [2]. This scenario becomes especially inter-
esting for newly constructed districts, where temperature re-
quirements of existing district heating networks do not constrain
operation.

The overall performance and the economic feasibility from the
consumer's perspective strongly depend on the performance of the
booster heat pump. Østergaard and Andersen [5] assumed a fixed
Lorenz efficiency for the heat pumps and reported a result which
outperforms individual heat pump or boiler solutions. Zvingilaite
et al. [6] analysed different opportunities for integrating booster
heat pumps with different working fluids in different arrangements
and compared it to conventional heat supply systems. They found
the set-up in which the booster heat pump uses the supply stream
as sink and source to be economically and thermodynamically su-
perior to the ULTDH alternatives they investigated. Braber et al. [7]
and Kleefkens et al. [8] analysed different booster heat pump sys-
tem configurations with respect to thermodynamic and economic
performance, defined recommendations for design and operation
and highlighted the requirement for standardized testing proced-
ures. Elmegaard et al. [9] evaluated different booster heat pump
substations according to their exergetic and economic perfor-
mance, based on consumer costs for heat supply. They reported
that the exergetic efficiency of the system using a booster heat
pump with R134a and conservative assumptions is close to the
system performance of conventional district heating system at the
lowest possible temperatures. The results indicated that a moder-
ate performance increase of the booster heat pump could improve
the ultra-low-temperature system to become competitive with
conventional low temperature district heating systems.

The screening of state of the art technologies for the booster
heat pump included simple heat pump cycles for the refrigerants
R134a, R600a (iso-butane), R290 (propane) and R744 (CO2).
Dependent on the boundary conditions, a large share of the irre-
versibilities can result from heat transfer, since the sink and source
are typically single-phase fluids with a linear temperature profile
during heat transfer, which does not match the constant temper-
ature of the working fluid during phase change well and thus,
inevitably results in exergy destruction.

Radermacher and Hwang [10] noted that zeotropic mixtures
show a temperature glide during phase change, which can poten-
tially bematchedwith the temperature glide of sink and source and
thus can contribute to improved performance. Mohanraj et al. [11]
conducted a comprehensive review of the different studies carried
out in this field. They concluded that the use of mixtures does not
only result in an improved performance, but also enlarges the range
of a given set of fluids. This becomes especially interesting as
established refrigerants are phased out due to legislation by the
Montreal protocol [12], the Kyoto protocol [13] and especially the
amendment to hydrofluorocarbons (HFCs) from Kigali [14].

Zühlsdorf et al. have shown in previous studies [15,16], that heat
pumps with mixed working fluids constitute a competitive alter-
native that outperformed conventional heat pumps in terms of
their thermodynamic and economic performance. It has been
shown that the use of mixtures is especially beneficial in applica-
tions with a low temperature lift between thermodynamic average

temperature of sink and source in combination with a relatively
large temperature glide in sink and source and that they can result
in performance increases of more than 25% [15,17].

The present study analysed the performance of mixed working
fluids in a booster heat pump application in an ultra-low-
temperature district heating network. A comprehensive screening
was conducted to determine the most promising mixtures. These
selected solutions were analysed inmore detail, which included the
sizing of components, an economic analysis from the consumer
point of view and a performance analysis under different operating
conditions than the design criteria (off-design analysis). Finally the
performance indicators obtained were reused in the models from
Ommen et al. [2] to re-evaluate district heating network system
performance.

2. Methods

2.1. Case Description

The present study focused on the development of a booster heat
pump for an application, which is aligned to the EnergyLab Nord-
havn project [18]. The booster heat pump is part of a DH substation,
which is shown in Fig. 1. The substation consists of a heat exchanger
to supply the space heating demand, a booster heat pump with
storage tank to supply domestic hot water and a second smaller
heat pump to reheat the recirculated hot water in the building. The
recirculation system is not the focus of the present work and is thus
excluded from the drawing.

The district heating supply enters the substation at a tempera-
ture of 40 �C.While one part of the stream is used as the heat source
in the evaporator and cooled down to approximately 25 �C, the
other part is heated up to the design temperature of 60 �C and fed
into the stratified hot water tank or directly used for heating up the
DHW in the linked heat exchanger.

The outlet from the booster heat pump evaporator is mixedwith
either the return from the DHW heat exchanger or the cold outlet
from the tank while charging (both approximately at 15 �Ce18 �C),
before it is discharged into the district heating return line at
approximately 21 �C. If the DHW storage tank is discharged, cold
water is drawn from the DHW heat exchanger to fill up the tank
from the bottom.

The booster heat pump analysed in this study is based on the
dimensioning of a prototype, which was designed within the
framework of the EnergyLab Nordhavn project [18] to provide DHW
for a multifamily building including 15 flats. Following the Danish
Standard DS439 for water supply installations [19] and the
assumption of 3 persons per flat with an average daily consumption
of 46.2 l per person, the demand amounts to 2079 l/day. To account
for heat losses and a possible additional use, a daily consumption of
in total 2450 l/day was considered. The storage temperature was
chosen to be above 55 �C to avoid the growth of legionella bacteria
in the DHW distribution system inside the building [20]. The daily
charging time of the prototype was assumed as 4 h to increase the
suitability for integration as a flexible unit in a smart grid. This
defines the heat supply load of the booster heat pump at design
conditions to be 13.9 kW while heating 600 kg/h from 40 �C to
60 �C. Disregarding the possibility to benefit from flexible elec-
tricity consumption, the described booster heat pump can as well
be integrated in substations with larger storage tanks, covering
larger demands at an increased daily operation.

2.2. Thermodynamic model

The first step consisted of a screening to identify the most
promising fluids for the booster heat pump in terms of
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thermodynamic performance, represented by the coefficient of
performance (COP). A thermodynamic model of the heat pump
cycle was implemented, as shown in Fig. 2.

The model consists of energy and mass balances and charac-
terises the thermodynamic cycle by determining the state points of
the working fluid. The working fluid is evaporated (6/ 7) and
superheated (7/1) by receiving heat from the heat source at low
pressure, before it is compressed (1/2) to reject the heat at higher
pressure and temperature to the heat sink (2/ 5). The heat
rejection can be separated into desuperheating (2/ 3),
condensing (3/ 4) and subcooling (4/ 5). From (5/ 6) the fluid
undergoes an isenthalpic throttling process, before it is heated
again. All heat transfer processes were assumed to be isobaric.

The pressure levels were defined by a minimum pinch point
temperature difference of 2.5 K in the entire heat exchanger. The
subcooling was chosen to end at the pinch point temperature dif-
ference for obtaining the maximum efficiency [21]. For some fluids
with a high temperature glide during condensation, this may result
in no subcooling. The superheating temperature difference was
chosen to respect a minimum temperature difference between the
dew line and the inlet and outlet of the compressor of 5 K. Since a
higher potential for the use of mixtures can be expected, if this
temperature difference is minimized [15], the screening was
repeated with 0 K minimum superheating.

The compressor was modelled with an isentropic efficiency as
described by Granryd et al. [22], defining the ratio of the power of
an isentropic compression over the actual consumption. The
promising solutions expected for these applications typically cover
a limited range of pressure ratios, which justifies the choice of a
specific non-pressure dependent isentropic efficiency during the
screening process [22]. The isentropic efficiency used in the
screening was assumed as 70%. No additional heat losses from the
compressor were considered. In the following more detailed anal-
ysis of the most promising solutions, those parameters were
further analysed. A sensitivity analysis of the isentropic efficiency of
the compressor between 50% and 80% revealed only minor influ-
ence with respect to the ranking of the different mixtures. Table 1
summarizes the assumptions for the thermodynamic model as
used in the screening process.

The simulation results of the thermodynamic model can be
analysed based on different performance indicators. The COP re-
lates the supplied heat _QSink to the consumed electric power of the
compressor _WComp.

COP ¼
_QSink
_WComp

(1)

The Lorenz efficiency hLor can be used to evaluate the

Fig. 1. Flow sheet of the substation for supply of space heating and domestic hot water by the booster heat pump and a storage tank.

Fig. 2. Flow sheet of the thermodynamic model of the heat pump (left) with T- _Q-diagram of an exemplary mixed working fluid (right).
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performance with respect to the theoretical maximum perfor-
mance. It relates the COP to the maximum achievable COPLor for
finite heat reservoirs in terms of a Lorenz cycle [23] and therefore
gives an indication about the improvement potentials.

hLor ¼
COP

COPLor
(2)

COPLor is solely dependent on the thermodynamic average
temperatures of sink TSink;av and source TSource;av, which can be
defined as TSink;av ¼ ðTSink;out � TSink;inÞ=lnðTSink;out=TSink;inÞ and
TSource;av ¼ ðTSource;in � TSource;outÞ=lnðTSource;in=TSource;outÞ assuming
a constant specific heat capacity.

COPLor ¼
TSink;av

TSink;av � TSource;av
(3)

The exergetic efficiency ε accounts for the exergy of the streams
and is defined according to [24] considering a dead state at ambient
conditions of T0¼ 25 �C and p0¼1 bar.

ε ¼
_ESink;out � _ESink;in

_ESource;in � _ESource;out þ _WComp
(4)

The physical exergy of a stream _E describes the maximumwork,
which can be obtained from a stream while it is brought from its
initial state into thermodynamic equilibrium with the environ-
ment. At the initial state the working fluid has the specific enthalpy
h and the specific entropy s, while the specific enthalpy h0 ¼ h(T0,
p0) and the specific entropy s0¼ s(T0, p0) are defined by the ambient
conditions T0 and p0, when in equilibrium with the environment.

_E ¼ _m ðh� h0 � T0 ðs� s0ÞÞ (5)

The results include furthermore variables, which give an indi-
cation of investment cost and technical feasibility. Such variables
can be the absolute pressures for evaporation pevap and conden-
sation pcond, the pressure ratio pcond=pevap, themass flow rate of the
circulated refrigerant _m and the volume flow rate at the inlet of the
compressor _V1, which indicates the size and thereby the invest-
ment cost of the compressor.

The model was implemented in Matlab [25] using Refprop [26]
to calculate the medium properties using the recommended stan-
dard equation of state for each mixture.

2.3. Refrigerant screening

The above model was used to evaluate a wide range of pure and
mixed working fluids. The mixtures considered were based on a list
of pure fluids, fromwhich the binary mixtures were generated and
simulated for the range of possible mass fractions of the mixture.

The list of fluids is shown in Table 2 and consists of different
commonly used working fluids, supplemented with similar fluids,
which might have a beneficial influence as a mixture component.

In order to ensure the sustainability of the chosen fluids, they
were chosen in accordance with the current conventions regarding
the environmental impact of working fluids, represented by the
Kigali amendment [14]. Due to the phase-out of HFCs with a GWP
above 150, the remaining alternatives are natural refrigerants and
hydrofluoroolefins (HFO).

Natural working fluids and especially hydrocarbons (HC) are
considered as promising alternatives with little environmental
impact. Due to their flammability, additional measures are required
to ensure safe operation [27,28]. The relevant European Standards
for domestic heat pumps were being revised and updated at the
time of publication [28].

Table 2 shows that HFOs, which are unsaturated HFCs, have a
comparably low environmental impact, considering the ozone
depletion potential (ODP) and GWP. To assess the overall emissions
in terms of CO2 emission equivalents, it is recommended to conduct
an analysis of the total environmental warming impact (TEWI) for
each specific application, accounting for the entire life cycle from
cradle to grave of the refrigerant [29].

In two previous studies concerning the use of mixtures for heat
pump applications ([13] and [14]) it was observed that there is no
strong correlation between any medium properties of the pure
fluids and their performance as mixture component in a heat
pump. The list was therefore composed of fluids covering a broad
range of the typically influential medium properties, such as critical
temperature and pressure. While most of the working fluids show
good miscibility with each other, there are some mixtures with a
limited miscibility in the liquid phase at low pressures and tem-
peratures. If these combinations, e.g. one of the ethers with a hy-
drocarbon, was among the most promising fluids, the miscibility
was analysed in more detail.

2.4. Detailed engineering

Based on the screening of the working fluids and the identifi-
cation of working fluids with promising thermodynamic perfor-
mance, selected solutions were analysed in more detail. This
included the dimensioning of the components, an estimation of the
investment cost and an analysis of the performance in operating
conditions, which are deviating from the design specifications.

2.4.1. Dimensioning and calculation of investment cost
Dimensioning of the components was performed as the basis for

an investment cost calculation, which was then used for compari-
son purposes and for estimating the consumer heat cost in the
system model. The total capital investment cost was determined

Table 1
Assumptions for thermodynamic model used in the screening process.

Component Assumptions

Evaporator - Pinch point temperature difference: DTpinch;evap ¼ 2:5 K
- Minimum superheating temperature difference:
- DTSH � 0 K (Mixtures)
- DTSH � 5 K (Pure fluids)

- No pressure drop
Condenser - Pinch point temperature difference: DTpinch;cond ¼ 2:5 K

- Maximum subcooling to pinch point temperature difference:
- T5 ¼ Tsink;in þ DTpinch;cond

- No pressure drop
Compressor - Isentropic compression (design-conditions): his;comp ¼ 70 %

- No heat loss to environment
Throttling Valve - Isenthalpic expansion

B. Zühlsdorf et al. / Energy 154 (2018) 390e402 393

140 Appendix A Publications



based on the cost of the main components, which are the
compressor and the two heat exchangers.

The determination of the heat exchanger areas requires the
calculation of heat transfer coefficients for the working fluid and
the secondary fluid side. These calculations are typically based on
empirical correlations, which account for the fluid, the equipment
and the operating conditions. For working fluid mixtures, no cor-
relation was available that was valid for all considered fluids in
plate heat exchangers at the expected operating conditions. Testing
different correlations for various fluids showed that the results are
dependent on the correlation. Based on this, it was concluded that
the estimation of appropriate heat transfer coefficients would
imply considerable inaccuracy, regardless of the method.

Considering the purpose of determining the heat exchanger
area, it was found to be sufficient to assume fixed average heat
transfer coefficients. Heat transfer coefficients as presented in
Table 3 were estimated to be obtainable for pure fluids while
accepting a reasonable pressure drop. Formixed working fluids, the
heat transfer coefficients were assumed to be 25% less during phase
change to account for additional resistance due to mass transfer
between the phases [34]. The assumptions were conservative and
based on experiencewith the prototype system, to ensure a feasible
solution. Nevertheless, optimizing the overall economic perfor-
mance might yield a higher acceptable pressure drop and thus,
higher heat transfer coefficients and smaller areas. These assump-
tions can therefore be considered to yield an estimation of the
economic performance, which is feasible but might show
improvement during optimization.

The types of components were chosen according to the proto-
type being tested in the EnergyLab Nordhavn project [18]. The heat
exchangers were chosen from the C62 micro plate heat exchanger
series from Danfoss.

The compressor was sized according to the volume flow rate and

chosen from the MLZ scroll compressor series from Danfoss,
assuming a volumetric efficiency of hvol,comp¼ 90%, which is mostly
exceeded in design conditions. The purchased equipment costs PEC
describe the cost for acquisition of the main components and were
calculated by using the area for the heat exchangers Aevap and Acond
in Equation (6) and the volume flow rate at the suction port for the
compressor _V1 in Equation (7). The heat exchanger areas were
determined by employing the heat transfer coefficients from
Table 3 and mean temperature differences. The evaporator and the
condenser were therefore discretized into 25 volumes of equal
transferred heat. The remaining heat exchangers were discretized
into five volumes.

The general cost functions are described e.g. by Refs. [16,17] and
were fitted to current catalogue prices from Refs. [17,35] while
considering experiences from component acquisition for the test
rig construction. An addition of 20% (fflammability¼ 1.2) on the
compressor cost was assumed to cover expenses for the required
safety measures [35], if the fluid or one component of the mixture
was a flammable refrigerant. The parameters for the estimation of
the purchased equipment cost are summarized in Table 4.

PEChx ¼ C1;hx þ C2;hx $Ahx (6)

PECcomp ¼ C1;comp$fflammability

 
_V1

hvol;comp$
_V ref ;comp

!bcomp

(7)

The sum of the purchased equipment cost of the main compo-
nents yields the total purchased equipment cost PECtotal:

PECtotal ¼ PECevap þ PECcond þ PECcomp (8)

The total capital investment TCI includes additional equipment,
such as the throttling valve, piping, instrumentation, control sys-
tem and remaining positions, and the cost for assembly and
manufacturer margins can be estimated based on the PECtotal [24].
Based on pre-studies with the prototype, this cost is estimated as
400% of the equipment cost of the main components. Apart from
the increased purchased equipment cost for the compressor, no
extra cost for safety measures were added when flammable re-
frigerants were used, since the cost of required measures [31]
would be dependent on the circumstances under which the heat
pump will be installed.

Table 2
List of fluids considered in the screening with characteristic properties [30e33].

No. Name of Fluid Ref. No.: Type ODP, - GWP,- Normal Boiling Point, �C Crit. Temp., �C Crit. Pressure, bar Safety Class

1 Methane R50 HC 0 25 �161.5 �82.6 46.0 A3
2 Ethylene R1250 HO 0 6.8 �103.8 9.2 50.4 A3
3 Ethane R170 HC 0 2.9 �88.6 32.2 48.7 A3
4 CO2 R744 0 1.0 e 31.0 73.8 A1
5 Propylene R1270 HO 0 3.1 �47.6 91.1 46.7 A3
6 Propane R290 HC 0 3.0 �42.0 96.7 42.5 A3
7 Dimethyl ether (DME) RE170 HC 0 1.0 �24.0 127.3 53.4 A3
8 Iso-Butane R600a HC 0 3.0 �11.7 134.7 36.3 A3
9 Butane R600 HC 0 3.0 �0.5 152.0 38.0 A3
10 Iso-Pentane R601a HC 0 4.0 27.8 187.3 33.8 A3
11 Ethyl ether (DEE) R610 HC 0 4.0 34.6 193.7 36.4 A3
12 Pentane R601 HC 0 4.0 36.1 196.6 33.7 A3
13 Hexane HC 68.7 234.5 30.3
14 Heptane HC 98.4 267.0 27.4
15 R1234yf HFO 0 4.0 �26.0 94.7 33.8 A2L
16 R1234ze(E) HFO 0 7.0 �19.0 109.4 36.4 A2L
17 R1234ze(Z)a HFO 0 <10.0 9.8 150.1 35.3 A2L
18 R1233zd(E) HFO 0 4.5 17.9 166.5 36.2 A1

a Expected values according to [33] for ODP, GWP and safety class.

Table 3
Assumed heat transfer coefficients.

Flow condition Heat transfer coefficient, W/(m2K)

Pure Fluid Mixture

Evaporation 3000 2250
Condensation 2400 1800
Liquid 1500
Gaseous 1200
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TCI ¼ fTCI PECtotal (9)

To compare and evaluate the economic performance of the
booster heat pump, the investment cost was discounted and
summed up with the annual cash flows for heat and electricity
consumption. The investment cost was discounted with the capital
recovery factor [24], assuming a lifetime of 20 years and an effective
interest rate of 5%. It is expected that the booster heat pump will be
rather economically promising, when operating with more daily
operating hours than assumed for the dimensioning of the proto-
type. The yearly operation time was therefore assumed to be
3000 h/a constituting a case with a more extensive use of the heat
pump than in the design case. The cost for electricity was aligned to
the expectations of the Danish Energy Agency for 2040 [36] and
fixed as 100 V/MWh. Table 5 summarizes the assumptions for the
economic evaluation.

The main purpose of the economic analysis was the comparison
of the different booster heat pump solutions. However, we included
a comparison to an alternative solution, which assumes that the
heat is supplied directly at 60 �C to the customer, which eliminates
the need for a booster heat pump station and thereby the additional
investment cost. While the customer does not have any cost related
to amortization of the investment cost or electricity consumption in
case of direct heat supply from DH at 60 �C, the cost for heat con-
sumption are typically higher at higher temperatures. The cost of
heat supplied by DH at 60 �C was set to 80 V/MWh, which corre-
sponds to experiences with existing DH networks. The cost for DH
at 40 �C was assumed to be 70 V/MWh, since a decrease in the
forward temperatures of the DH networkwill allow the central heat
pumps to operate at higher COPs and with decreased heat losses
from the network, which may correspond to a decrease of
approximately 10 V/MWh of supplied heat in operating cost.

It may be noted, that current and future costs for heat and
electricity underlie large variations and uncertainties depending on
the actual DH network and future developments on the energy
markets. The assumed costs should therefore be seen as an exem-
plary scenario, which we expect to be realistic based on an analysis
of current DH costs [37,38] and studies analysing the feasibility of
the different technologies in different future scenarios [39]. In order
to analyse the results for different scenarios, the annual cash flows
for heat and electricity consumption may be scaled linearly with

respect to the assumed specific energy cost.

2.4.2. Off design analysis
While the supply temperature of the district heating network

can deviate from the assumed 40 �C due to seasonal variations,
special circumstances or when the network piping is used as a
capacity buffer, the heat sink outlet temperature of 60 �C must be
maintained. This makes it necessary to analyse the off design
behaviour of the booster heat pump and the complete supply
system. As the setup of the booster heat pump allows for control-
ling the district heating return temperature [2], two operation
strategies for changed supply conditions were considered. The first
approach maintains the return temperature at the design point
(25 �C), which implies changed operating conditions for the booster
heat pump compared to the design point. As the second option, it
was assumed to maintain the temperature glide in the booster heat
pump evaporator at 15 K with a changed return temperature
accordingly. In this case, the heat pump operates as closely to the
design specifications as possible, which implies that the changed
operation is shifted towards the remaining system components.

The cases considered for the off-design analysis were a district
heating supply temperature of 35 �C, 45 �C and 50 �C with either a
constant source glide temperature of 15 K or a constant return
temperature of 25 �C.

In this section, the focus is on the off design performance of the
booster heat pump, while it is related to the system context in
section 2.5.

For the analysis of the off design performance of the booster
heat pump the thermal conductance of the heat exchangers for sink
and source were calculated at the design point and kept constant
when simulating the off design conditions. This implies the
assumption that the heat transfer coefficients vary only negligibly
within the variation of the operating conditions.

The estimation of the isentropic efficiency of the compressor
was performed analogously to the cost estimation based on the
hermetic MLZ scroll compressor series from Danfoss. Such com-
pressors have an isentropic efficiency including the electric motor
of up to 74% in the design point. It was assumed that a scroll
compressor with a conservative isentropic efficiency of 70% could
be found for any working fluid at the design point of the heat pump.

The performance of scroll compressors is mainly dependent on
the pressure ratio. The influence of changed isentropic efficiency
related to the changed pressure ratio between design point and off
design operation was estimated by using the correlation presented
in Ref. [22]. The built in volume ratio was fitted to yield optimal
performance in the design condition, which resulted in a slight
decrease in isentropic efficiency for deviating pressure ratios. The
volume flow rate at the compressor inlet was kept constant during
off design analysis, with any changes in heat pump capacity to be
covered by changed operating time.

2.5. Analysis of influence on system performance

As an integrated part of the system architecture, any improved
performance of the booster heat pump may influence the overall
benefit of utilising ULTDH. Ommen et al. [2] introduced a meth-
odology to analyse the system performance in which they sum-
marized the contributions in terms of work in the different sections
of the network to supply the heat to the customer.

Analogously to the heat pumps, the performance was evaluated
by introducing the coefficient of systemperformance (COSP), which
was used to compare the investigated systems. It includes all the
various requirements for supplying the heat demand. The indicator
is defined as

Table 4
Parameters used to calculate the purchased equipment cost and the investment cost.

Heat exchangers
C1,hx 126.9 V

C2,hx 106.4 V/m2

Compressor
C1,comp 2805.0 V

_V ref,comp 21.9 m3/h

fflammability 1.2 e

bcomp 0.8 e

hvol,comp 0.9 e

Total capital investment
fTCI 4 e

Table 5
Assumptions for economic assessment.

Lifetime: 20 a
Yearly operation hours: 3000 h/a
Effective interest rate: 5 %
DH supply >60 �C: 80 V/MWh
DH supply at 40 �C: 70 V/MWh
Electricity: 100 V/MWh
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COSPdemand;elec ¼
_QHeatSupply þ

P _QBoosterHP � _QDH;loss
_WHeatSupply þ

P _WBoosterHP þ _Wpump

¼
_QDemandP _W

(10)

where the heat supplied from the central heat pumps ( _QHeatSupply)
to the network, the heat loss ( _QDH:loss) and the heat from the
booster heat pumps (

P _QBoosterHP) jointly supplies the heat de-
mand of the network ( _QDemand). In the specific case analysed here,
where the DH system is used as the heat source for the booster heat
pumps, no additional heat (

P _QBoosterHP) is supplied to the
network, apart from the electricity consumption (

P _WBoosterHP), in
which case they are equal [40].

In Ommen et al. [2], the ULTDH network supplied by central heat
pumps was evaluated to result in COSPs in the range of 3.9e4.2 for
booster heat pumps using R134a. The central heat pumps were
using R717 (Ammonia) as working fluid, since it was considered as
the most promising solution in terms of thermodynamic and eco-
nomic performance for large scale heat pumps and with the
smallest risk to be affected by future legislation. The calculation of
COSP for ULTDH assumed realistic component efficiencies and
effectiveness for heat pumps, as well as other relevant parameters
such as utility units and network pressure and heat losses. The
simplified layout of the network is presented in Fig. 3. The benefit of
this supply scheme, compared to a corresponding LTDH network,
was an increase of between 7% and 24%. The analysis was also
performed for extraction type combined heat and power (CHP)
plants, for which ULTDH was found to result in decreased perfor-
mance compared to LTDH.

The employed method for conducting the analysis, as well as
assumptions for the demand and the network structure, follows
that of the previous analysis [2], except for the booster heat pumps
used for supplying the DHWwhich follow the method described in
detail in sections 2.2e2.4 above.

3. Results

3.1. Refrigerant screening

Fig. 4 shows an overview of the screening results. The diagrams
show the COP for all binary mixtures generated from Table 2 over
the composition of the higher index medium on the abscissa for 5 K
(left) and 0 K minimum superheating (right). Selected well per-
forming mixtures are shown in colour while the remaining mix-
tures are shown in grey to represent the entire solution space.

The COP of the pure fluids (composition 0 and 1) reaches values
between 6.0 and 6.2 and is higher for a minimum superheating of
5 K. While the entire range of mixtures offers a large range of so-
lutions, specific mixtures perform better than the pure fluids with
COPz8:0 for a minimum superheating of 5 K, while the perfor-
mance increases to COPz9:0 for no minimum superheating.

The relation between the working fluid components, the
composition and the performance is highly non-linear. The pre-
sented COPs for the fluids are based on given minimum tempera-
ture differences in the heat exchangers. This means that the
pressure in both condenser and evaporator varies considerably
between different compositions of the same fluid mixture.
Accordingly, different effects such as the pressure ratio, the abso-
lute pressure difference, or the temperature glide matching during
heat transfer contribute to the efficiency being non-ideal by irre-
versibilities during expansion, compression and heat transfer.
These effects superimpose each other and can cause that the per-
formance has different shapes when plotted over the composition
and e.g. shows one or two peaks.

Table 6 summarizes relevant performance parameters for the
best performing fluids. In terms of thermodynamic performance,
R134a was considered as the reference fluid for the booster heat
pump and included for comparison purposes. Due to its high GWP
of 1430 it is affected by the phase out and therefore not considered
as a feasible alternative for future applications.

While the state of the art working fluids R134a and Propane give
COPs of 6.11 and 6.01, respectively, the fluids R1234ze(Z) and
R1233zd(E) show the highest COP of 6.24 and 6.11 among the pure
fluids. Nevertheless, the HFO cycles have higher pressure ratios and
higher volume flow rates, which incur a higher investment cost.

The mixtures show increased performance and reach COPs of
9.01 for 50% Iso-Butane - 50% Pentane. While a mixture of Iso-
Butane and Pentane is flammable, the HFO mixture 50% R1234yf e
50% R1233zd(E) is expected to be mildly flammable and shows a
competitive COP of 8.87 at a moderate pressure ratio and volume
flow rate.

Considering R134a as the reference heat pump cycle, the use of
50% Iso-Butane - 50% Pentane as working fluid results in a relative
performance increase of 47% in COP and an absolute increase from
41.9% to 58.1% in exergetic efficiency ε for a minimum superheating
of 0 K. Under the assumption that the minimum required super-
heating cannot be reduced to less than 5 K, the best performing
mixtures show a COP of 8, which corresponds to a performance
increase of 31% in COP.

Fig. 5 presents temperature-heat diagrams for R134a (left) and
for 50% Iso-Butane e 50% Pentane (right). The left diagram is

Fig. 3. Layout of considered ULTDH system for evaluation of system performance.
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representative for the pure fluids, while most of the most prom-
ising mixtures show characteristics similar to those in the right
figure, such as a low degree of superheating after evaporation,
desuperheating before condensation and subcooling. This means
that most of the heat transfer for the mixed working fluids occurs
during phase change of the fluid.

The areas between the temperature profiles of the refrigerant
and sink/source streams represent the irreversibilities or exergy
destruction due to heat transfer, respectively. These areas, and thus
the irreversibilities, are higher for the pure fluids, which contrib-
utes to a comparatively lower performance.

3.2. Economic analysis of the booster heat pump

Table 7 shows a summary of the dimensions of the main com-
ponents, such as the heat exchangers and the compressor, as well as
the purchased equipment cost (PEC). The table also shows the total
capital investment cost (TCI), which includes an additional cost for
the remaining components, assembly and overhead.

It should be noted that the cost of the cheapest heat pump using
a mixture is almost 50% higher than the expected investment cost
for the heat pump using R134a. While the volume flow rate of 50%
Propylene/50% Butane is similar to R134a, an increased PECtotal
results from the assumed safety margin for the refrigerant being
flammable and from the heat exchangers, which have approxi-
mately double the size as for R134a. The larger heat transfer area is

mainly caused by the lower average temperature difference be-
tween the fluids, but the lower heat transfer coefficient of the
mixture also has an impact.

A comparison of the investment costs shows a dominating in-
fluence from the volume flow rate at the compressor inlet
compared to the cost for additional heat exchanger area. The vol-
ume flow rate depends on density at the compressor inlet and the
enthalpy of vaporization of the fluid. This is independent of
whether the substance is a pure fluid or a mixture.

The reported investment cost of almost 9000 V for the heat
pumps using R134a and propane for supplying heat for a 15
apartment building is consistent with the values reported in
Ref. [41]. The demonstration project estimated a market price of
660 V for a booster heat pump supplying heat to a one family
building, corresponding to a slightly higher specific investment cost
for smaller capacities.

Fig. 6 shows the economic performance as the sum of the annual
cash flows for the chosen candidates compared to the annual ex-
penses when an alternative heat supply is used.

The figure shows, that the economic performance of the best
mixture (50% Propylene/50% Butane) is similar to the performance
of R134a and Propane, while 50% R1234yf/50% R1233zd(E) and 30%
Propane/70% R1234ze(Z) also perform competitively. Especially the
two last-named seem promising, considering that the HFO mixture
is not flammable and the decreased flammability of the hydrocar-
bon mixed with a HFO.

Fig. 4. Overview of screening results: COP over composition of component 2 for minimum superheating temperature difference of 5 K (left) and 0 K (right) with selected mixtures
coloured and remaining in grey.

Table 6
Summary of key performance parameters for best performing fluids, pure fluids were simulated with 5 K andmixed fluids with 0 Kminimum superheating. Solutions with sub
atmospheric evaporation pressure were neglected.

Working Fluid COP pevap pcond pcond
pevap

_m _V1 ε hLor

e bar bar e kg/s m3/h % %

R134a 6.11 6.17 16.97 2.75 0.075 9.2 41.9 33.0
Propane 6.01 10.84 21.28 2.38 0.039 7.6 41.3 32.5
DME 6.19 5.49 14.60 2.66 0.032 10.2 42.3 33.5
Butane 6.15 2.25 6.64 2.95 0.036 23.1 42.1 33.2
R1234yf 5.99 6.36 16.79 2.64 0.093 9.8 41.1 32.4
R1234ze(E) 6.08 4.62 13.11 2.84 0.080 12.1 41.7 32.9
R1234ze(Z) 6.24 1.63 5.32 3.27 0.063 28.5 42.7 33.7
R1233zd(E) 6.21 1.19 4.07 3.43 0.068 37.7 42.5 33.6
50% Iso-Butanee 50% Pentane 9.01 1.93 4.08 2.12 0.038 26.7 58.1 48.7
50% Propylenee 50% Butane 8.85 6.29 11.83 1.88 0.037 9.9 57.3 47.8
50% Iso-Butanee 50% DEE 8.87 2.27 4.81 2.12 0.039 23.0 57.4 48.0
50% R1234yfe 50% R1233zd(E) 8.87 3.67 7.54 2.06 0.080 15.0 57.4 47.9
30% Propanee 70% R1234ze(Z) 8.76 4.84 9.60 1.98 0.055 12.0 56.8 47.4
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Comparing the annual cash flows for R134a and the best per-
forming mixtures, shows furthermore that the total annual cash
flows are similar, meaning that the increased investment cost of
47% for 50% Propylene/50% Butane and 62% for 50% R1234yf/50%
R1233zd(E) can be compensated to a large extent by the lower
operational cost.

The best performing fluids show annual operating cost which
are approximately 500V/a higher than for the solution inwhich the
DH is supplied at minimum 60 �C without a booster heat pump. It
can be expected that a larger difference in cost for the consumed
heat from DH as well as lower electricity prices will favour the
booster HP scenario, while smaller differences in cost for heat
consumption from DH at different temperatures will favour sup-
plying the heat directly at 60 �C or higher.

A decrease of the cost for DH at 40 �C of 10 V/MWh or an in-
crease of 10 V/MWh for DH at 60 �C will result the LTDH solution
and the best performing booster heat pump solutions to operate
with the same economic performance.

The booster HPs will furthermore increase their economic po-
tential at lower electricity prices, and in applications with an
increased utilization factor, meaningmore operation hours than 8 h
per day. Considering the possibility of benefitting from lower
electricity prices by operating the heat pump flexibly, it is expected
to have an opposing influence on the amount of daily operation
hours, which would require a case specific assessment.

3.3. Off design analysis

Table 8 presents an overview of the heat pump performance for
selected working fluids at different operating conditions. While it

was assumed that the district heating supply temperature can vary
between 35 �C and 50 �C, either the return temperature of 25 �C or
the temperature glide in the source of 15 K was kept constant. The
condenser outlet temperature of 60 �C was maintained in all sce-
narios. The table shows the COP for eachworking fluid at each point
of operation and the relative deviation when compared to the COP
at design conditions.

For a decreased supply temperature, the COPs decrease in
general more for the mixtures than for the pure fluids, while they
still perform better in absolute terms. The pure fluids perform even
better for a decreased supply temperature when the return tem-
perature is maintained at 25 �C.

For increased supply temperatures and a constant temperature
glide in the source the performance increase compared to the
operation at design conditions is higher for mixtures than for pure
fluids.

For increased supply temperatures and constant return tem-
peratures, the performance decreases for all fluids. While the
relative decrease is comparable among the fluids at a supply tem-
perature of 40 �C, the mixtures decrease the performance more
than the pure fluids do at a supply temperature of 50 �C.

3.4. System performance

Table 9 presents an overview of the system performance (COSP)
for the combined ULTDH system, in case the booster heat pump for
DHW was chosen according to the applicable working fluids from
Table 8. Temperatures of supply and return are following the same
parametric variation as shown in Table 8. Besides the COSP for the
design and off design operation conditions, the table further shows

Fig. 5. Temperature-heat diagram of R134a (left) and 50% IsoButane e 50% Pentane (right).

Table 7
Summary of key parameters in economic calculations.

Working Fluid COP Aevap Acond _Vcomp PECevap PECcond PECcomp PECtotal TCI

e m2 m2 m3/h V V V V V

R134a 6.11 1.52 2.11 9.21 289 350 1525 2165 8662
Propane 6.01 1.52 2.13 7.56 288 353 1564 2206 8825
R1234ze(Z) 6.24 1.53 1.96 28.47 289 335 3764 4389 17,558
50% Iso-Butanee 50% Pentane 9.01 4.83 4.37 26.69 641 591 4290 5522 22,091
50% Propylenee 50% Butane 8.85 5.09 4.28 9.92 668 582 1943 3193 12,774
50% Iso-Butanee 50% DEE 8.86 4.09 4.72 23.05 562 628 3815 5005 20,023
50% R1234yfe 50% R1233zd(E) 8.86 4.58 4.80 14.97 614 637 2251 3502 14,010
30% Propanee 70% R1234ze(Z) 8.76 4.41 4.62 12.00 596 618 2263 3478 13,912
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the relative deviationwhen compared to the COSP at design ULTDH
conditions.

From the results presented in Table 9, it is possible to draw
several important findings for the operation of ULTDH using mix-
tures in the booster heat pump for DHW. Firstly, it was found, that
when using one of the proposed mixed working fluid designs, the
COSP may be higher than for configurations with pure fluids,
although the improvement is rather low, as the COSP for the best
performing mixture compared to the reference R134a corresponds
to an improvement of approximately 3%. The corresponding
improvement of COP was approximately 47% according to Table 8.
Secondly, it was noticed that the reduction in performance for off-
design operation is larger than for pure fluids, but the absolute
value of COSP is still larger for mixed working fluids in off design
than for the reference fluid, or alternative pure working fluid heat
pumps. For all three considered cases for changed supply temper-
ature, and all the considered pure and mixed working fluids, the
highest COSP was found to be for a constant heat source temper-
ature glide of 15 K.

Fig. 7 presents an overview of the COSP including the different
contributions of Equation (10) for various LTDH and ULTDH
schemes using heat pumps as the central utility unit. The config-
urations with LTDH (COSP¼ 3.68) and ULTDH (COSP¼ 4.18)

correspond to the results presented in Ref. [2]. The result of ULTDH
(COSP¼ 4.29) corresponds to a system utilising the best mixed
working fluids heat pump candidate from Fig. 6. Two additional
scenarios are presented for LTDH and ULTDH systems utilising
mixtures for the central heat pump unit of the network. The
method for calculation of the performance of the central heat pump
units correspond to the method presented in sections 2.3 and 3.1.
These results indicate the performance improvement potential for
the LTDH and ULTDH systems, when the approach of using mixed
working fluids is additionally applied in the central heat pump
units. The COSPs reach 4.16 for LTDH and 5.09 for ULTDH systems.
This evaluation does not take into account the changed cost of the
considered heat pump designs.

4. Discussion

The present study analysed the thermodynamic and economic
performance of different pure and mixed working fluids. While the
economic performance was found to be comparable for the best
pure and mixed working fluids, the thermodynamic performance
was considerably better for the mixed working fluids.

The comparisons assumed that the mixed working fluids could
operatewithout any required superheating temperature difference,

Fig. 6. Annual cash flows for consumed heat at 40 �C (70 V/MWh) and electricity (100 V/MWh) and discounted investment cost for selected working fluids as well as the cost for
consumed heat directly supplied by DH above 60 �C without a booster heat pump (80 V/MWh).

Table 8
Performance of heat pump with equipment designed for operating conditions (bold) at different DH supply temperatures for either constant source outlet temperature (25 �C)
or constant source temperature glide (15 K) in terms of COP and relative deviation from performance at design conditions (dev).

Tsupply¼ Tsink,in 35 �C 40 �C 45 �C 50 �C UA-Value

Treturn¼ Tsource,out 20 �C 25 �C 25 �C 30 �C 35 �C 25 �C 25 �C Source, W/K Sink, W/K

R134a
COP, - 5.78 6.25 6.11 6.39 5.89 6.59 5.60

1511.7 1806.5
dev, % �5.5 2.3 0.0 4.5 �3.6 7.8 �8.4

R290
COP, - 5.67 6.15 6.01 6.31 5.79 6.55 5.50

1506.8 1823.5
dev, % �5.6 2.3 0.0 5.0 �3.7 9.0 �8.5

R1234ze(Z)
COP, - 5.88 6.35 6.24 6.52 6.06 6.71 5.81

1516.8 1719.3
dev, % �5.8 1.7 0.0 4.5 �2.9 7.5 �6.8

50% IsoButanee 50% Pentane
COP, - 8.14 8.59 9.01 9.65 8.68 10.06 7.79

4350.7 3560.2
dev, % �9.7 �4.7 0.0 7.2 �3.6 11.7 �13.5

50% Propylenee 50% Butane
COP, - 8.03 8.52 8.85 9.51 8.45 9.95 7.53

4581.2 3468.6
dev, % �9.3 �3.8 0.0 7.4 �4.6 12.4 �15.0

50% IsoButanee 50% DEE
COP, - 8.01 8.38 8.86 9.54 8.59 10.01 7.76

3683.3 3837.9
dev, % �9.6 �5.3 0.0 7.7 �3.0 13.0 �12.3

50% R1234yfe 50% R1233zd(E)
COP, - 8.04 8.46 8.86 9.47 8.53 9.85 7.66

4125.6 3899.5
dev, % �9.3 �4.6 0.0 6.8 �3.7 11.2 �13.6

30% Propanee 70% R1234ze(Z)
COP, - 7.97 8.37 8.76 9.35 8.49 9.75 7.71

3972.0 3746.0
dev, % �9.0 �4.5 0.0 6.7 �3.1 11.2 �12.0
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which is an important step to obtain even higher performance in-
crease from the use of mixtures. The mixtures show a temperature
glide during evaporation and therefore offer the possibility to
determine the outlet quality by measuring pressure and tempera-
ture as independent variables, even in the two phase zone. This
possibility might contribute to a more stable control of the super-
heat. Nevertheless, the realization of minimized superheat would
require additional measures to balance and limit the varying liquid
content at the outlet of the evaporator.

The economic evaluation was only done for selected fluids. The
selection was based on the thermodynamic performance in terms
of COP, which means that the economically best performing fluids
may not have been identified because the investment is relatively
higher for the mixtures because of the better temperature match.
While the thermodynamic performance, and especially the ranking
of working fluids according to their thermodynamic performance
shows little sensitivity to the input parameters, the ranking of the
solutions according to their economic performance is strongly
dependent on the boundary conditions. The economic performance
is very dependent on the cost of heat and electricity, which may be
different depending on the location. This may prove even more
uncertain for future scenarios with changes to the cost of fuels and

taxes.
Lund et al. [39] have analysed different technologies for

different future scenarios and concluded that the ULTDH scenario
with booster heat pumps is only competitive to alternative heat
supply at above 60 �C in favourable business cases, which would
mean a large cost difference between heat supply at 40 �C and
above 60 �C. This study assumed a cost of 80 V/MWh for DH at
above 60 �C, which is close to current prices in Copenhagen with
similar supply temperatures [37], and a cost of DH at 40 �C of 70
V/MWh. The results have furthermore indicated, that the ULTDH
systems are competitivewith LTDH systems, if the difference in cost
for DH increases to about 20 V/MWh. As indicated by Lund et al.
[39] and Elmegaard et al. [9], such boundary conditions are indis-
pensable for the economic feasibility of ULTDH systems with
booster heat pumps and might be conceivable in e.g. DH networks
with a large share of industrial excess heat between 40 �C and 60 �C
[42] or in networks which offer district heating and cooling.

It may furthermore be noted that the annual cost flows were
compared to alternative heat supply by district heating at a mini-
mum supply temperature of 60 �C. This assumption implies that the
actual supply temperature of these cases will be between 65 �C and
70 �C, which might contribute to an enlarged difference between

Table 9
Performance of considered DH system with equipment designed for operating conditions (bold) at different DH supply temperatures for either constant source outlet
temperature (25 �C) or constant source temperature glide (15 K) in terms of COSP and relative deviation from performance at design conditions (dev).

Tsupply¼ Tsink,in 35 �C 40 �C 45 �C 50 �C

Treturn¼ Tsource,out 20 �C 25 �C 25 �C 30 �C 25 �C 35 �C 25 �C

R134a
COSP, - 3.87 3.65 4.18 4.18 4.18 4.09 4.07
dev, % �7.2 �12.6 0.0 0.1 0.1 �2.0 �2.6

R290
COSP, - 3.87 3.64 4.17 4.18 4.17 4.09 4.06
dev, % �7.3 �12.6 0.0 0.1 0.1 �1.9 �2.6

R1234ze(Z)
COSP, - 3.88 3.65 4.18 4.18 4.19 4.09 4.07
dev, % �7.2 �12.7 0.0 0.0 0.1 �2.2 �2.6

50% IsoButanee 50% Pentane
COSP, - 3.99 3.72 4.30 4.27 4.27 4.15 4.12
dev, % �7.1 �13.3 0.0 �0.6 �0.5 �3.5 �4.1

50% Propylenee 50% Butane
COSP, - 3.99 3.72 4.29 4.27 4.27 4.15 4.12
dev, % �7.1 �13.3 0.0 �0.6 �0.5 �3.4 �4.1

50% IsoButanee 50% DEE
COSP, - 3.99 3.72 4.29 4.27 4.27 4.15 4.12
dev, % �7.1 �13.3 0.0 �0.6 �0.4 �3.4 �4.0

50% R1234yfe 50% R1233zd(E)
COSP, - 3.99 3.00 4.29 4.27 4.27 4.14 4.12
dev, % �7.1 3.7 0.0 �0.6 �0.5 �3.4 �4.0

30% Propanee 70% R1234ze(Z)
COSP, - 3.99 3.72 4.29 4.26 4.27 4.14 4.12
dev, % �7.1 �13.3 0.0 �0.6 �0.4 �3.4 �3.9

Fig. 7. Electricity consumption of different system components per 1MWh supplied heat for different system configurations.
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the cost for DH at 40 �C and respectively above 60 �C.
The study is additionally based on assumptions of interest rate

and technical lifetime, which might be different if, for example, the
booster heat pump was to be operated by the district heating
company. In that case, the economic feasibility would need to be
evaluated for the entire system. Changes in these assumptions
might change the preference for or against investment intensive
solutions.

An additional uncertainty stems from the estimation of the total
capital investment cost, whichwas considered as a fixedmultiple of
the cost for the main components, even though, e.g. additional
plates in a heat exchanger could be realized without any additional
cost for auxiliary equipment or assembly. This may have resulted in
the cost for the solutions of mixed working fluids being over-
estimated. The estimation of the heat pump cost did furthermore
neglect the possibility of discounted component costs, in case of e.g.
in-house acquisition.

The goal was to suggest solutions that were sustainable, with a
special focus on the choice of the refrigerants. The list of fluids
included hydrocarbons, which are indeed flammable but
acknowledged as environmentally friendly and HFOs, which are
mostly non-flammable but might have a negative impact on or-
ganisms. While solutions exist to handle flammable refrigerants,
any possible environmental impact will have to be further analysed.

The HFOs decompose to large extent into trifluoroacetic acid
(TFA), which is moderately toxic. Recent studies [43e45] analysed
the environmental impact of TFA and determine the concentrations
to be below the lowest levels that have a measurable impact on
organisms, using simulation studies and measurements in
Switzerland that were based on the TFA emissions of HFCs with
similar impact. However, the studies assumed that the use of HFO-
1234yf would be limited to mobile air conditioners, which might
require a reassessment if the range of applications of HFOs is
enlarged. Furthermore, the fact that there is an environmental
impact, regardless of whether its influence is currently measurable
or not, raises the possibility that HFOs might be affected by future
legislative restrictions.

Follow-up studies should focus on the design and operation of a
prototype to analyse operational issues and on a more detailed
determination of the investment cost.

5. Conclusion

The analysis demonstrated the potential increase in thermody-
namic performance that could be achieved by employing a mixed
working fluid instead of R134a or Propane. The increase in COP was
found to be 31% for a requiredminimum superheating of 5 K for the
mixtures and 47% in case the required superheating can be reduced
to 0 K. The best performing mixture at design conditions and
operating without superheating was 50% Iso-Butane - 50% Pentane
with a COP of 9.01. The behaviour of the mixturewas comparable to
pure fluids while operating under off design conditions.

Despite the considerably better thermodynamic performance of
mixtures, the economic analysis yields a comparable performance
of the best performing pure and mixed working fluids. Both solu-
tions can only under very favourable economic boundary condi-
tions compete in terms of economics with LTDH, which supplies
heat directly at a temperature above 60 �C.

If the use of mixtures as working fluids is applied additionally in
the central heat pumps, the COSP of LTDH increases from 3.68 to
4.16 while the COSP of ULTDH increases from 4.18 to 5.09 in case the
booster heat pump and the central heat pump are both using a
mixture. The improvement in COSP between ULTDH and LTDH in-
creases from 13% to 22% when mixed working fluids are utilised in
both the central and the booster heat pump units.

In summary, it can be noted that a booster heat pump using the
suggested mixed working fluids constitutes a sustainable, prom-
ising and effective solution for elevating the temperature of ULTDH
to 60 �C. Extending the approach of using zeotropic working fluid
mixtures to the central heat pump units, the performance of ULTDH
systems can be improved even more.
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Nomenclature

Abbreviations
CHP Combined heat and power
COP Coefficient of performance
DH District heating
DHW Domestic hot water
DHWC Domestic hot water circulation
GWP Global warming potential
HC Hydrocarbon
HFC Hydrofluorocarbon
HFO Hydrofluoroolefine
HP Heat pump
HO Hydroolefine
LTDH Low-temperature district heating
ODP Ozone depletion potential
SH Space heating
TFA Trifluoroacetic acid
ULTDH Ultra-low-temperature district heating

Latin Symbols
A Area, m2

C Parameter for estimation of equipment cost, unit as in
Table 4

COP Coefficient of Performance
COSP Coefficient of System Performance
dev Relative deviation, %
_E Exergy flow rate, W
f Factor cost estimation
h Specific enthalpy, kJ/kg
_m Mass flow rate, kg/s
PEC Purchased Equipment Cost, V
_Q Heat flow rate, W
s Specific entropy, kJ/(kg K)
T Temperature, �C or K
TCI Total Capital Investment, V
_V Volume flow rate, m3/h
_W Work, W

Greek Symbols
b Scaling factor
D Difference
ε Exergetic efficiency
h Efficiency
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Subscripts and superscripts
av average
BoosterHP Booster heat pump
comp Compressor
cond Condenser
elec Electric
evap Evaporator
hx Heat exchanger
is Isentropic
Lor Lorenz efficiency
pinch Pinch point temperature difference
ref Reference value
SH Superheating
Sink Sink stream
Source Source stream
total Total system
vol Volumetric
0 Dead state
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a b s t r a c t

This paper presents a derivation of design guidelines for plate heat exchangers used for evaporation of
zeotropic mixtures in heat pumps. A mapping of combined heat exchanger and cycle calculations for
different combinations of geometrical parameters and working fluids allowed estimating the trade-off
between heat transfer area and pressure drops on the thermodynamic and economic performance in-
dicators of the cycle. Compressor running costs constituted the largest cost share, and increased due to a
steep decrease of the heat pump coefficient of performance at high refrigerant pressure drops. It was
found that the pressure drop limit leading to infeasible designs was dependent on the working fluid,
thereby making it impossible to define a guideline based on maximum allowable pressure drops. It was
found that economically feasible designs could be obtained by correlating the vapour Reynolds number
and the Bond number at the evaporator inlet as Re�0:42

V Bd0:26z0:040. The use of the proposed guideline
was illustrated for the mixture Propane/Iso-Pentane (0.5/0.5), leading to evaporator designs with net
present values deviating maximum �4.4% from the best value found in the mapping. The presented
methodology can be applied in different scenarios to develop similar guidelines, thereby decreasing the
cost of combined cycle and component optimizations.

© 2018 Elsevier Ltd. All rights reserved.

1. Introduction

Zeotropic mixtures are blends of two or more components, with
different mass fractions of the liquid and vapour phases at ther-
modynamic phase equilibrium. Therefore, the temperature at
bubble and dew points differ at any saturation pressure and the
mixture undergoes a temperature glide during phase change. The
use of zeotropic mixtures as working fluids for thermodynamic
cycles offers a possibility of optimizing the cycle efficiency by
reducing the thermodynamic irreversibility in the heat exchangers
(HEXs). Due to non-isothermal evaporation and condensation, the
exergy destruction in the HEXs can be reduced by matching the
working fluid temperature glide with the heat source and heat sink
temperature profiles.

Zühlsdorf et al. [1e3] demonstrated the advantage of using
zeotropic mixtures in heat pumps for different applications. A good

glide match between the evaporating fluid and the heat source
resulted in a beneficial influence on the cycle thermodynamic
performance and better improvements were obtained for larger
heat source temperature glides [2]. The improvement of using
mixtures in a booster heat pump for a district heating system was
estimated equal to up 30% compared to pure working fluids. A
larger overall improvement up to 40% was achieved for a reduced
degree of required superheat imposed in the case of mixtures [3].

One drawback of using zeotropic mixtures is the degradation of
the heat transfer coefficient compared to pure fluids, which was
observed during both evaporation and condensation in different
experimental campaigns, as reported in Refs. [4,5]. In the case of
evaporation, several reasons contribute to the heat transfer
degradation: (i) an earlier suppression of the nucleate boiling
contribution due to an additional mass diffusion resistance created
by the more readily evaporation of the more volatile component
[6,7]; (ii) large variation of the refrigerant physical properties
during evaporation, due to variable compositions of liquid and
vapour phases, which, according to Jung et al. [8,9], accounts for the
80% of the total heat transfer degradation; (iii) worse transport
properties of mixtures compared to pure fluids [5]. A number of
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studies quantified the heat transfer degradation differently: Ross
et al. [6] observed a reduction of up to 50% compared to pure fluids,
Jung et al. [8,9] reported varying reduction rates between 19% and
36% depending on the mixture composition, while Torikoshi and
Ebisu [10] calculated a degradation of 20% and 30% compared to the
heat transfer coefficient estimated by the ideal mixing rule. It is
therefore of paramount importance to optimize the design of the
heat transfer equipment when zeotropic mixtures are employed, in
order to avoid investing in higher heat transfer areas for the heat
exchangers.

Plate Heat Exchangers (PHEs) offer a modular and flexible so-
lution for such applications, since it is possible to achieve high heat
transfer coefficients within a compact design due to the flow tur-
bulence generated by the characteristic plate corrugation patterns.
PHEs are comprised of thin parallel plates stacked together in order
to form channels for fluid flow, which can also be arranged in a
counter-current manner for achieving a temperature glide match
between the mixture and the secondary fluid. Gasketed-type PHEs
consist of plates sealed by gaskets and held together by a frame. For
higher operating temperature and pressure, the plates can be
sealed together by brazing. At the current state-of-the-art, the
operating conditions of gasketed-type PHEs are limited to 20.4 bar
and 150 �C, whilst brazed heat exchangers can be operated up to
40 bar [11,12], thereby offering a reasonable range of operation at
typical heat pump working conditions.

When designing heat exchangers for a given application,
different criteria can be adopted to select the geometrical config-
uration. The pressure drop of one or both fluids can be limited to a
maximum allowable value [11,12], and the heat transfer area can be
minimized for a full utilization of the available pressure loss, as
applied in Ref. [13]. For single phase HEXs, such pressure drop
limitations could also be translated into maximum gas and liquid
phase velocities at the inlet, and typical design values can be found
in literature for a number of heat exchanger configurations [12].
These values are often based on heuristics frommanufacturers and
the extension to other types of applications (e.g. zeotropic mixtures
and/or phase change) is not trivial.

Following other design approaches, the heat exchanger can be
optimized by carrying out a cost minimization problem without a
maximum pressure drop limitation, and evaluating the trade-off
between heat transfer area and pressure drops. Different previous
studies have approached the problem by considering solely the cost
related to the heat exchanger, namely the investment cost and the
pumping and compression costs related to the two streams, for a
general heat exchanger configuration [14,15], for shell and tube
heat exchangers [16] and for plate heat exchangers [17,18]. How-
ever, the economic analysis lacked assessment of the impact of the
heat exchanger pressure drops on the other components, as well as
on the overall cycle thermodynamic performance.

In literature a number of studies can be found on simultaneous
optimization of plate heat exchangers used as evaporators and/or
condensers and thermodynamic cycle design, mostly focusing on
low temperature applications and pure fluids. Some of the works
are related to the assessment of the impact of some specific cycle
parameters on the PHE design [19,20], whilst other studies per-
formed combined cycle-PHE optimization procedures with the aim
of maximizing the cycle efficiency [21], and by including also an
economic analysis [22,23]. The pressure drops were mostly
considered as pumping cost on the heat source/sink side, and none
of the studies assessed the impact of the working fluid pressure
drops on the outlet condition of the evaporator. Moreover, a com-
plete and combined component-cycle optimization comes at a
demanding computational cost, especially during the preliminary
design phase, when many different working fluids are usually
compared and ranked.

The study presented in this paper addresses the following as-
pects: (i) It presents a methodology for deriving design guidelines
for plate heat exchangers integrated in a thermodynamic cycle,
namely a heat pump. (ii) Themethodology is based on assessing the
impact of both plate heat exchanger size and pressure drops on the
thermodynamic and economic performance of the heat pump; the
pressure losses are not only included as pumping cost of the heat
source side, but also imply a modification of the thermodynamic
state points of the cycle at the evaporator outlet, which accordingly
affects the heat pump design, investment and operating cost. (iii) It
utilizes the aforementioned methodology to derive design guide-
lines for PHE evaporator design in heat pumps using zeotropic
mixtures as working fluids. The obtained results are intended for
employment in practical engineering during the process of
component selection for similar applications, hence avoiding the
cost of combined cycle and component analysis.

The methodology is based on complementing a vapour
compression heat pump sizing model together with a detailed
numerical model of the evaporator, accounting for the variation of
the heat transfer coefficient and fluid properties during the evap-
oration process and estimating the impact of heat transfer area and
pressure drops on the cycle thermodynamic and economic per-
formance indicators. The methodology was applied to the case of
evaporator design for a heat pump, and eight different working
fluids were selected based on a previous study [1], which demon-
strated the thermodynamic and economic feasibility of using zeo-
tropic mixtures in heat pumps for waste heat recovery in a spray
drying facility.

2. Methods

The methodology adopted in the present study is based on a
parametric analysis on the main design parameters of a plate heat
exchanger to assess the impact of the different design configura-
tions on the thermodynamic and economic performance indicators
of a thermodynamic cycle, namely a heat pump. Fig. 1 shows the
schematic of the work flow of the methodology. Two different
models were built and integrated in the Matlab environment [24],
i.e. a cycle simulationmodel for a heat pump, explained in details in
Section 2.3, and a detailed PHE model, presented in Section 2.4.
After the working fluid selection process, explained in Section 2.2,
the preliminary sizing of the heat pump was done and the design
parameters were calculated, i.e. desired heat exchanger capacity,
mass flow rates, pressures and temperatures. The values were
subsequently sent to the plate heat exchanger model, which addi-
tionally received as inputs the geometrical parameters from which
the required heat transfer area and resulting pressure losses were
estimated. The outputs were returned to the heat pump model,
where the sizing of the cycle was re-evaluated. In this second
iteration, the sizing process took into account the resulting heat
exchanger size and pressure drops for the economic calculation, as
it is briefly described in Section 2.6. The process was repeated for all
the combinations of geometrical parameters chosen for the para-
metric analysis, which is introduced in Section 2.1. Moreover, the
same process was repeated for all the eight working fluids
considered in the case study, by considering the same combinations
of PHE design parameters and calculating the Coefficient of Per-
formance (COP) and Net Present Value (NPV). As shown in Fig. 1, all
the data points were collected and used as basis for deriving a
general design guideline, valid for all the working fluids and the
boundary conditions of the present case study. The aim was to
correlate the point with optimal economic performances to the PHE
design parameters. In order to generalize the results, non-
dimensional parameters were employed as explained in Section
2.8.
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2.1. Parametric analysis and PHE geometry

The parametric analysis was carried out by varying the main
design variables of a PHE. Fig. 2 shows the main geometrical pa-
rameters, namely plate size, number and corrugation geometry.
The plate size is given by the widthW and the length L; LHT defines
the effective length for heat transfer and the total heat transfer area
depends on the number of channels Nch employed. The corrugation
characteristics are determined by the corrugation pitch L, the
corrugation height b and the chevron angle b. The corrugation
thickness t is a trade-off between mechanical resistance to stresses

and conductive thermal resistance. The corrugation parameters
determine the hydraulic diameter of the channels, thereby defining
the flow conditions of the working fluid. The hydraulic diameter
was estimated by using Eq. (1) [11], where F is the enlargement
factor.

Dh ¼ 2b
F

(1)

The enlargement factor represents the ratio between the actual
heat transfer area and the projected area of the plate (without
corrugation), and it is expressed by Eq. (2) [11] as function of
corrugation height and pitch.

F ¼ 1
6
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The port diameter Dp determines the inlet/outlet velocities of
the refrigerant and the heat source, mainly affecting the port
pressure losses; the PHE can be manufactured with different values
of the diameter for the two working fluids, depending on the
desired velocity and the phase.

In the parametric study, the design variables were varied among
the values reported in Table 1, investigating all the possible com-
binations between them, for a total of 1440 different PHE config-
urations. The thickness was fixed to a value commonly found in
literature [11]. The port diameter was considered as fixed
depending on the magnitude of the plate width. The plate length
was calculated as output of the plate heat exchanger design model
in order to match the evaporator capacity of the case study for all
the combinations of PHE design variables. The plates were
considered to be manufactured in stainless steel, with thermal

Working fluid
selection (8 fluids)

HP model

First Iteration?

Q̇tot , ṁr , ṁs,Trin
Tsin , prin psin ,
xrin , Tsout , Trout

PHE design model

L , Aht,
Δpr , Δps

Update thermodyamics
state points and run

economicmodel

Fixed geometry
b, Λ , β , Nch, W

(1440 combinations)

COP, NPV

Data analysis:
1440*8 data points

Derive a PHE
design guideline

(based on
significant non-

dimensional
parameters)

yes

no

Fig. 1. Work flow of the overall methodology.

Fig. 2. Schematic view of a chevron type PHE [25].
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conductivity equal to 16.2W/(m K). The free flow area and the heat
transfer area were calculated as function of the design parameters,
as reported in Eqs. (3) and (4) [11], respectively.

A0 ¼ bNchW (3)

Aht ¼ 2ðW,LHT þ b,LHTÞ,NchF (4)

The effective length Lht was employed for heat transfer calcu-
lations, while the port-to-port length was used in order to calculate
the frictional pressure losses. The relation between port-to-port
length and effective length is given by Eq. (5) [11].

Lp ¼ LHT þ
Dp�in

2
þ Dp�out

2
(5)

In order to avoid unrealistic results and to minimize maldistri-
bution effects along the plate width, solutions with length to width
ratio lower than 2 were considered infeasible and excluded from
further analysis.

2.2. Case study and working fluid selection

The framework of the analysis was given by a case study [1]
assessing the integration of high temperature heat pumps in a
spray drying facility. Waste heat was recovered by integrating a
heat pump, with the aim of pre-heating air up to 120 �C. Different
zeotropic mixtures were compared in terms of COP and NPV for a
single-stage configuration of a vapour compression heat pump, in
which the working fluid was varied based on binary mixtures
formed by combinations of a number of natural refrigerants. The
refrigerant screening included hydrocarbons, Dimethyl Ether
(DME), Diethyl ether (DEE) and carbon dioxide CO2, chosen for their
low Global Warming Potential (GWP) and Ozone Depletion Po-
tential (ODP), and being miscible between each other for wide
ranges of temperature and pressure without leading to any chem-
ical reactions [1,2]. Table 2 summarizes the best performing mix-
tures, with considered mass composition and all the evaporation
pressures were found to be well below the maximum operating
pressure for PHEs. The table also shows the preliminary COP,
calculated without accounting for pressure losses of the evaporator.

2.3. Heat pump cycle model

The thermodynamic cycle was modelled in steady state and it
consists of a single-stage configuration of a vapour compression
heat pump. Fig. 3 shows the sketch of the unit, with the different
components integrated in the cycle, namely compressor,
condenser, throttling valve and evaporator.

Table 3 shows the design parameters of the cycle. The heat
source side was completely defined by the boundary conditions,
while the outlet temperature of the condenser was set as a free
variable. The evaporation and condensation pressures of the
working fluid were defined by the minimum required pinch point
temperature difference between the working fluid and the fluid at
the secondary side. The amount of subcooling was defined by the
pinch point temperature difference and the sink inlet temperature
in order to obtain the maximum efficiency. A minimum super-
heating of 5 K was included in the evaporator, in order to ensure a
dry compression for all the fluids. The compressor was modelled by
assuming a constant isentropic efficiency, while the motor effi-
ciency accounted for the power generation losses [26]. The ther-
modynamic performance was evaluated by estimating the COP,
defined in Eq. (6), as the ratio between the thermal energy provided
to the heat sink and the compressor power.

Table 1
Geometrical parameters of the PHE varied in the parametric study.

Parameter Value Unit

W 0.15, 0.25, 0.35, 0.45, 0.55 m
Nch 25, 50, 75, 100, 150, 200 e

b 2, 4, 6, 8 mm
L 2, 4, 6, 8 mm
b 30, 45, 60 �

t 0.5 mm
Dp 0.03, 0.06, 0.1 mm

Table 2
Summary of the considered working fluids.

Working fluid pev, bar COP, e

Propane/Iso-Pentane (0.5/0.5) 4.9 3.08
Propane/n-Pentane (0.8/0.2) 8.4 3.04
Propane/n-Pentane (0.4/0.6) 3.0 3.02
Butane/Hexane (0.9/0.1) 2.5 3.07
DME/n-Pentane (0.4/0.6) 2.6 3.26
DME/n-Pentane (0.7/0.3) 5.0 3.24
DME/Iso-Pentane (0.5/0.5) 4.0 3.15
Propylene/Iso-Pentane (0.4/0.6) 3.9 3.14

Fig. 3. Schematic of the heat pump model.

Table 3
Boundary conditions for the heat pump.

Parameter Value Unit

Heat source
Medium Water
Tin 65 �C
Tout 40 �C
_m 14.8 kg/s
_Q 1544 W

Heat sink
Medium Water
Tin 75 �C
_m 10.6 kg/s
Compressor
his 0.8 e

hmotor 0.95 e

DTsh 5 K
Heat exchangers
DTpinch 10 �C
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COP ¼
_Qsink
_Wcomp

(6)

The working fluid properties were calculated by Refprop [27],
using recommended standard equation of states and mixing pa-
rameters, while heat sink and source properties were computed
using CoolProp [28].

2.4. PHE design model

The PHE design model was based on a one-dimensional dis-
cretization of the heat exchanger along the flow direction, at con-
stant enthalpy steps, hence with constant heat flow rate for each
control volume (CV). The heat exchanger solver was based on a
successive substitution approach, with heat transfer area and
pressure drops set as unknown. A total number of n¼50 control
volumes was chosen, as trade-off between accuracy and compu-
tational cost of the designmodel. The internal solver iterated on the
length of each CV, as well as on the pressure drops of both refrig-
erant and heat source, with a tolerance set on the relative residuals
equal to 10�2.

The PHE model was solved by imposing steady-state mass,
momentum and energy conservation equations, which were solved
for each CV and both fluids. The logarithmic mean temperature
difference method was applied locally, for the computation of the
UA value in each CV. Counter-current flow of the refrigerant and
heat source was imposed, longitudinal conduction through the
walls and heat loss to the external environment were neglected.
Thermodynamic state variables and fluid properties were
computed for each CV based on a first order linear interpolation of
the values at the nodes. The local heat transfer coefficients and
pressure drops were estimated using experimental correlations.
The choice of appropriate prediction methods for the considered
case study is discussed in Section 2.5.

2.5. Choice of prediction methods

The local heat transfer coefficient and frictional pressure drops
were computed for both fluids using experimental correlations,
thereby conveying focus on the choice of suitable prediction
methods for the working fluids and the boundary conditions of the
case study. Literature presents several correlations developed for
the estimation of the heat transfer coefficient for refrigerant flow
boiling in PHEs. There is however a lack of a suitable prediction
method for the evaporation heat transfer coefficient in PHEs for
zeotropic mixtures of natural refrigerants. Amalfi et al. [29] devel-
oped a flow boiling correlation based on an extensive database
collected from several studies in literature, claiming to have a better
agreement than other existing correlations. The only zeotropic
mixture included in the database was the near-azeotropic mixture
R410a, which presents a small temperature glide during evapora-
tion. Such correlation is therefore not directly applicable to the
estimation of the heat transfer coefficient of mixtures. Moreover, it
does not take themixture degradation of heat transfer into account.

Mixture degradation of heat transfer was estimated by a number
of experimental studies focusing on in-tube flowboiling of different
zeotropic mixtures, including ammonia-water. An extensive liter-
ature review can be found in [30]. The developed correlations were
however derived for tubular geometry, with a different flow
mechanism compared to PHEs. In order for a correlation to be fully
applicable, the effect of the geometry must be included as well. It
was therefore decided to apply a theoretical method, which was
first developed for mixture condensation by Silver [31] and Bell-
Ghaly [32]. Sardesai et al. [33] extended the theoretical derivation

to convective boiling heat transfer, deriving the formulation
expressed by Eq. (7) [33].

hTP ¼ 1þ hNB�mix=hC
1=hC þ z=hV

(7)

Here, hNB�mix is the nucleate boiling contribution of themixture,
hC is the convective two-phase contribution and hV is the single-
phase vapour heat transfer coefficient estimated for the vapour
flowing alone in the channel. z is a correction term taking into
account the ratio of sensible over latent heat transfer, and it is
evaluated by Eq. (8) [32].

z ¼ x,
dT
dh

,cp;V (8)

In the estimation of hNB�mix, the mixture effects on degradation
of nucleate boiling and loss of effective wall superheat is accounted
for by applying a suitable correction factor. Thome and Shakir [34]
approach was used for this purpose, expressing the relation be-
tween ideal and mixture heat transfer coefficient as [34]:

hNB�mix
hNB�id

¼
(
1þ hNB�id

_Q
00 ðTdew � TbubbleÞ

"
1� exp

 
_Q
00

rLhlatbL

!#)�1

(9)

By using the theoretical method proposed by Sardesai [33], it
was possible to choose prediction methods specifically developed
for chevron-type PHEs for the estimation of the different terms
hNB�id, hC and hV. The method by Amalfi et al. [29] was used to
estimate the contribution of convective boiling, while Cooper [35]
was employed for the nucleate boiling term.Martin [36] correlation
was employed for the single-phase heat transfer coefficient of the
vapour flowing alone. The same correlation was used for the
refrigerant heat transfer coefficient in the superheated region, as
well as for the water single-phase heat transfer coefficient along
the whole heat exchanger.

Pressure drops were computed by considering all the contri-
butions to the steady state momentum equation, i.e. friction,
gravity (static), acceleration and inlet/outlet ports terms:

Dptot ¼ Dpfr þ Dpgr þ Dpacc þ Dpports (10)

The pressure drop over the total length of the HEX was calcu-
lated by considering each control volume separately. In the two-
phase region, the acceleration and static contributions were
calculated by the homogeneous model, thereby using Eq. (11) and
Eq. (12) for each CV, respectively [37].

Dpacc ¼ G2
��

x
rV

þ 1� x
rL

�
OUT

�
�

x
rV

þ 1� x
rL

�
IN

�
(11)

Dpgr ¼ rmgDL (12)

The two-phase mean density was determined by:

rm ¼
�
x
rV

þ 1� x
rL

��1
(13)

Eq. (13) was also used for the computation of the frictional
pressure drop in the two-phase region. The frictional contribution
was calculated by means of the two-phase Fanning friction factor,
as expressed by Eq. (14) [37].

Dpfr ¼ 2fTP
DLG2

Dhrm
(14)
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The friction factor was computed by using the correlation by
Amalfi et al. [29]. In the single-phase region, the friction factor
correlation by Martin [36] was used for both the refrigerant
superheating and thewater flow. Last, the port pressure drops were
computed using the Shah and Focke [38] correlation, as expressed
by Eq. (15), where Gp indicates the mass flux at the ports,
depending on the port diameter.

Dpports ¼ 0:75

" 
G2
p

2r

!
IN

þ
 
G2
p

2r

!
OUT

#
(15)

For the refrigerant flow, port pressure losses were considered
only at the outlet control volume, since the inlet loss was included
in the refrigerant expansion at the throttling valve. Both inlet and
outlet pressure drops due to ports were evaluated for the heat
source, thereby contributing to the pumping power.

2.6. Economic model

After the sizing of the PHE, the heat pump model was re-
evaluated by taking the updated temperature and pressure at the
evaporator outlet into account, as shown in Fig. 1. Therefore, the
COP was slightly affected by the change in compressor power
resulting from the mixture pressure drop. Different aspects of the
HEX design influenced the value of the NPV of the heat pump. The
NPV was calculated by considering different cost and revenue
streams, by using Eq. (16) [1]. The considered costs were the Total
Capital Investment (TCI), accounting for the Capital Investment (CI)
of each system component, the Operation and Maintenance Cost
(OMC), the electricity cost (FChp) due to the compressor running
and the required water pumping cost (FCw). The revenue stream
was considered as the natural gas saving (FCng), which otherwise
would be necessary to produce the thermal energy output of the
heat pump.

NPV ¼ �TCI� OMC� FChp

CRF
� FCw

CRF
þ FCng

CRF
(16)

The interest and inflation rates were assumed equal to 7% and
2%, respectively, and then used for the estimation of the Capital
Recovery Factor (CRF), with a plant economic lifetime of 20 years
[26,39]. Operation and Maintenance Costs were assumed to be the
20% of the investment cost as one time cost at the time of the in-
vestment [39]. The saving of natural gas was calculated by esti-
mating the useful thermal energy produced by the heat pump,
equal to the heat sink capacity and by considering a boiler efficiency
hboiler equal to 0.9 [26]. The price of natural gas was considered as
0.0303 V/kWh [40].

The TCI accounted for the investment of condenser, compressor
and evaporator. The sizing of the condenser was carried out by
considering constant heat transfer coefficients and by using the
logarithmic mean temperature difference methods for the three
different sections of desuperheating, condensation and subcooling.
The TCI of each individual component was calculated from the
Purchased Equipment Cost (PEC), scaled according to the compo-
nent size with scaling factors and reference values of PECs reported
by Ommen et al. [26]. The TCI was increased by a factor 4.16
compared to the PEC, to account for the investment of the expan-
sion of an existing facility [39].

The running cost of the compressor, given by FChp was adapted
to the updated compressor power by considering an estimation of
7400 h/yr [1] as annual operating time th of the heat pump and an
electricity cost cel of 0.0783 V/kWh [40]. The additional fuel cost
term due to the water pressure drops, was calculated by using Eq.
(17) as a function of the water mass flow rate, water density, total

water pressure drops, and a pump efficiency hpump equal to 0.95.

FCw ¼ _ms

rs

Dps�tot

hpump
celth (17)

Fig. 4 shows the log(p)-h diagram of the heat pump with and
without pressure drops in the evaporator. It can be noticed how the
outlet of the evaporator is affected by the pressure losses, thus
changing the compressor power required as well as the investment
cost, which is based on the suction line. The pressure drop also
influences the evaporator inlet location in the diagram, but to a
lower extent compared to the outlet. In order to compare the re-
sults for different working fluids, performing with different COP
and maximum NPV, it was decided to normalize each NPV for the
maximumvalue calculated for the specific fluid. The value of NPV of
a certain design point of the HEX i for a given working fluid wf was
therefore normalized as NPV+

i�wf , defined by Eq. (18).

NPV�
i�wf ¼

NPVi�wf

max
�
NPVwf

� (18)

2.7. Data analysis

The different HEX configurations and working fluids were
compared based on dimensionless numbers, in order to derive a
guideline describing the design points corresponding to maximum
NPV. Non-dimensional parameters were chosen in order to
describe the impact of the fluid properties, of the boundary con-
ditions imposed by the cycle (refrigerant evaporation pressure,
mass flow and inlet quality) and of the PHE geometry. The main
dimensionless numbers governing the heat transfer and pressure
drop correlations for the two-phase flow of the mixture were used
(see Section 2.4), and they are reported in Table 4.

The numbers were used to correlate the normalized net present
value to the different heat exchanger designs. The parameters were
evaluated at the refrigerant conditions at the evaporator inlet, since
the scope was to derive guidelines applicable before the actual

Fig. 4. Example of log(p)-h diagram without pressure drops (blue) and with 50 kPa
pressure losses in the evaporator (sky-blue). (For interpretation of the references to
color in this figure legend, the reader is referred to the Web version of this article.)
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component design. The inlet conditions are fixed by the boundary
conditions of the heat pump, thereby being known for all the fluids
a priori. It was therefore decided to exclude the Boiling number
from the data analysis, since it requires information on the heat flux
distribution along the heat exchanger and a preliminary estimation
of the heat transfer area is needed. The Weber number Wem is
defined by evaluating the equivalent two-phase density, expressed
by Eq. (13).

The correlation between the dimensionless parameters and the
normalized NPV was obtained by adopting a power law of the form
expressed by Eq. (19).

NPV� ¼ a,q�b,Bdc,Wedm,Re
e
V,Re

f
LO,r

�g (19)

The normalized NPV was first correlated as function of all the
dimensionless parameters considered in Table 4. All the design
points with positive NPV were considered in the fitting, and the
results for all the working fluids were considered simultaneously in
one fitting. After deriving the coefficient for Eq. (19), the most
relevant parameters were identified. This was done by evaluating
the obtained exponent and by comparing different combinations of
non-dimensional numbers. The correlation that best fitted the NPV
trend for all the fluids, as well as leading to a similar optimal range
for the different mixtures, was chosen and presented as design
guideline.

2.8. Uncertainty analysis

For each correlation chosen for the PHE design model, for both
heat transfer and pressure drop, a certain accuracy was reported by
the authors. This measure represents an estimation of howwell the
prediction method fits the experimental database from which the
correlation was derived. Therefore the accuracy does not neces-
sarily indicate the uncertainty of the prediction methods when
they are applied to different working fluids, geometry and oper-
ating conditions. It is however relevant to evaluate the change of
the obtained results when a certain deviation is applied to the
calculation of heat transfer coefficient and pressure drops. For this
purpose the accuracy bounds of each correlations were considered
as a source of uncertainty in an uncertainty analysis, with the aim of
evaluating to which extent the results would change for similar
variations in the inputs. The bounds are reported in Table 5, with
the exception of hV. Since Martin [36] expresses hV as a function of
fV, the uncertainty of hV was directly included by considering the
accuracy bound for the vapour friction factor fV.

The Monte Carlo (MC) method [42] was applied in order to carry
out the uncertainty analysis, with the aim of estimating the prob-
ability density of the model outputs, namely Aht, Dpr;tot, Dps;tot and
NPV. The inputs were assumed to be uniformly distributed between

the uncertainty bounds reported in Table 5. A latin hypercube
sampling (LHS) technique was adopted to create 500 different
samples in the input space, proved to be more reliable compared to
random sampling [43]. The MC simulations were performed
following the approach by Sin and Gernaey [44], and the results
were obtained as mean values, standard deviations and 95%
coverage intervals. The analysis was applied to Propane/Iso-
Pentane (0.5/0.5), by fixing the PHE geometry to one of the
optimal designs found by applying the derived design guideline.

3. Results

In this section, the main results are presented. Sections 3.1 and
3.2 present the trade-off between heat transfer area and pressure
drops and the impact on the different revenue and cost streams.
Sections 3.3 and 3.4 report the fitting with the non-dimensional
parameters and the derivation of the final design guideline.

3.1. Heat transfer area and pressure drops

Fig. 5 shows the NPV as function of the heat transfer area (a) and
total refrigerant pressure drops (b) for all the fluids considered in
the analysis. It is shown that both heat transfer area and pressure
drops have an impact on the economic performance of the heat
pump. However, the NPV decreases to a lower extent for higher
values of Aht compared to an increase of the refrigerant pressure
drops. Fig. 5(b) shows that for all the eight cases there is a trade-off
which coincides with minimizing the refrigerant pressure drops to
a very low value. Moreover, Fig. 5(b) shows that the pressure drops
impact is different depending on the fluid: the mixtures Butane/
Hexane (0.9/0.1) and DME/n-Pentane (0.4/0.6) are the most sensi-
tive to pressure drops, performing with negative NPVs at 60 kPa
and 120 kPa, respectively. On the contrary, Propane/n-Pentane (0.8/
0.2) shows a weaker dependence, with NPV values always positive
in the considered pressure drop range.

3.2. Cost breakdown

Fig. 6 shows the breakdown of the NPV as calculated by Eq. (16).
The abscissa reports the refrigerant total pressure drop, with trends
similar for all the working fluids. The blue line indicates the reve-
nue stream, which contributed positively to the NPV and was
determined by the natural gas saving. The black line represents the
sum of all the expenses, which impacted negatively the NPV. The
breakdown of the different terms of the total cost is indicated by
the filling colors of the cost line.

The dominant contribution was given by the compressor
running cost (grey area), which was negatively affected by the
refrigerant pressure drop, causing an increase of the required
compressor work. This is explained by Fig. 7, where the COP of the
heat pump is plotted against the total refrigerant pressure drop. For
a fixed design thermal load of the heat pump, a lower COP entails a

Table 4
Non-dimensional parameters used for the analysis of the results.

Symbol Name Formula

q+ Dimensionless inclination angle 90� b

70
Bd Bond number gD2

hðrL � rV Þ
s

Wem Weber number G2Dh

srm
r* Liquid-to-vapour density ratio rL

rV
ReLO Liquid only Reynolds number GDh

mL
ReV Vapour alone Reynolds number GxDh

mV

Table 5
Input uncertainties for the uncertainty analysis.

Parameter Correlation Bounds Reference

hC Amalfi ±22.1% Mean absolute error [29]
hNB�id Cooper ±59.0% Mean absolute error,

reported in Ref. [37]
hNB�mix
hNB�id

Thome and Shakir ±11.1% Mean absolute error,
reported in Ref. [41]

fTP Amalfi ±21.5% Mean absolute error [29]
fV Martin �50.0% þ 100% Accuracy bounds,

reported in Ref. [11]
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higher required compressor work, as shown by Eq. (6). A sharp
decrease is observed for all the fluids, with different slopes, simi-
larly to the trends found in Fig. 5(b). The different trends for the
different fluids found in the cost breakdown of Fig. 6 can therefore
be explained by a different sensitivity of the COP to the pressure
drop. The mixture Propane/n-Pentane (0.8/0.2) was found to be
least affected by pressure drop, while Butane/Hexane (0.9/0.1)
presented the steepest slope.

In the cost breakdown of Fig. 6, the TCI is the second highest
contribution, indicated by the light-blue area. The TCI undergoes a
slight increase for low values of refrigerant pressure drop, and then
increases more sharply for higher pressure drop. Since operation
and maintenance was considered as a fixed share of the capital
investment, OMC undergoes the same trend. An explanation for the
TCI behaviour can be found in Fig. 8(a) and (b), showing the capital
investment of the evaporator, condenser and compressor as func-
tions of the total refrigerant pressure drop. All the working fluids
are reported in the same plot with different marker colors. The
evaporator and condenser investment costs, directly related to the
heat transfer area, are one order of magnitude lower than the
compressor investment if the pressure drops are not minimized.
When the evaporator investment increases at lower pressure drops
(entailing a higher investment due to the larger heat transfer area),
the CI of the HEX reaches the same order of magnitude of the lower
investment entailed by the compressor. The change in HEX CI due
to varying heat transfer area is similar for all the fluids, with an
overlap of the different curves.

On the other hand, the compressor CI in Fig. 8(b) undergoes a
steep increase for higher values of pressure drop and presents
different trends depending on the mixture. The sharp increase is
due to the change in the compressor suction line, which is affected
by the evaporator outlet. In fact, for higher refrigerant pressure
drops, a lower refrigerant outlet density is obtained, entailing a
higher volume flow rate, which is directly proportional to the
compressor size and cost. The different slopes for the different
fluids are related to a different sensitivity of the refrigerant prop-
erties to the change in evaporator outlet pressure. The trends of the
fluids follow the results found for COP in Fig. 7, with Propane/n-
Pentane (0.8/0.2) showing the weakest dependence on the pres-
sure drops and opposite trends for mixtures Propane/n-Pentane
(0.4/0.6) and Butane/Hexane (0.9/0.1), where the pressure drops

have a major influence on both the compressor running cost and
TCI.

One very relevant aspect to highlight is the intersection point
between revenue and costs streams, in Fig. 6, representing the
pressure drop limit above which the design of the PHE leads to
infeasible solutions, i.e. with negative NPV. This limit value is not
the same for all the working fluids, supporting the thesis that it is
not necessarily optimal to design HEXs by imposing a maximum
allowable pressure drop regardless of the working fluid or bound-
ary conditions.

Thewater pumping cost was found to be negligible compared to
the all the other contributions. No clear relation is therefore ex-
pected between heat source pressure drops and NPV.

Last, it must be noted that such analysis highlights consider-
ations, which might be useful when choosing an optimal working
fluid for a specific case study. In fact, by looking at Figs. 5 (a) and
Fig.7, the mixture DME/-Pentane (0.7/0.3) outperforms the other
fluids both in terms of maximum NPV and COP found in the
mapping, thereby suggesting the choice of such fluid as preferred
option. However, the mixture Propane/n-Pentane (0.8/0.2) showed
the weakest dependence on refrigerant pressure drops, thus of-
fering an additional flexibility during the evaporator design pro-
cess. It would therefore be up to the designer to evaluate and
prioritize the different aspects.

3.3. Correlation between NPV and non-dimensional parameters

By exponentially correlating the design points by means of Eq.
(19) to the chosen non-dimensional parameters, the NPV* is found
to be proportional to the combinations of dimensionless numbers
reported by Eq. (20), indicated by K.

K ¼ q�0:045Bd0:051We�0:011
m r��0:066Re0:009LO Re�0:12

V (20)

Fig. 9 reports the normalized net present value as function of K,
for Propane/Iso-Pentane (0.5/0.5). The different colors represent
the chevron angle of the PHE, namely 30�, 45� and 60� corre-
sponding to a value of non-dimensional inclination angle of 0.86,
0.64 and 0.43, respectively. The trends for the other working fluids
are not shown in the paper, but they are similar. The obtained
design points are well correlated by K, and it is recommended to

Fig. 5. Effect of heat transfer area of the evaporator (a) and refrigerant total pressure losses (b) on the non-dimensional NPV for all the working fluids.
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employ HEXs with K¼[0.4�0.6] at the evaporator inlet, in order to
obtain solutions with NPV in the best 20%. By increasing the value
of K, the economic performance is negatively affected by the in-
crease in heat transfer area, while for K<0.4 an increase of refrig-
erant pressure losses entails a steep decrease of NPV.

The use of a design guideline based on K, which depends on six
different parameters, might however lead to have redundant in-
formation on the boundary conditions and the fluids in the pa-
rameters. The problem was therefore simplified by relating the
NPV* to a selected number of non-dimensional parameters only. In
order to do so, the results were assessed based on the coefficients
and on additional considerations.

First, the dependence of the NPV on the liquid only Reynolds
number ReLO is weak, since its exponent in Eq. (20) is two orders of
magnitude lower than the vapour alone Reynolds number and one

order of magnitude lower compared to the other parameters,
thereby suggesting that a good fitting could be obtained by
neglecting the influence of this non-dimensional number.
Furthermore, it was decided to exclude the liquid to vapour density
ratio r*, since it contains information solely depending on the inlet
densities and other dimensionless number, as the Reynolds
numbers, theWeber number and the Bond number already contain
the density characteristics of both vapour and liquid phases.

Lastly, by looking at the impact of the dimensionless inclination
angle q* in Fig. 9, the plot suggests that it is always optimal to
minimize the chevron angle (hence enhancing the degree of tur-
bulence of the fluid flow in the channels) if the PHE design is car-
ried out in the optimal region or else for high value of K, i.e. designs
with higher heat transfer area. On the contrary, with refrigerant
dominant pressure losses (K<0.4), it is slightly better to employ

Fig. 6. Breakdown of the contributions to the NPV, divided in cost and revenue. The colours indicate the different shares of the terms contributing to the cost stream. (For
interpretation of the references to color in this figure legend, the reader is referred to the Web version of this article.)
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higher chevron angles for reaching less turbulent flow, thereby
decreasing the pressure losses. It is therefore unnecessary to
include the chevron angle into the design guideline, since it is
possible to tune the other PHE design parameters in order to be in
the optimal design region, where it is recommended to employ low
values of b.

3.4. Correlation between NPV and selected dimensionless numbers

The results are presented as function of the three remaining
dimensionless numbers, namely the Bond number Bd, the Weber
numberWem and the Reynolds number of the vapour flowing alone
ReV. Table 6 shows the coefficients obtained by fitting the
normalized net present values with different combinations of the
three dimensionless parameters. Four different cases were assessed
by combining the three parameters all at once and by considering
combinations of only two of them. The aim was to find which
correlation attained the best representation of NPV*, thereby being

appropriate for deriving the design guideline. The values reported
in the first row of the table (Case I), obtained by considering all the
three non-dimensional numbers, suggest that there is not a pre-
dominant contribution of one of them, since the coefficients lie in a
similar range.

Fig. 10 shows the NPV* as a function of the different exponential
combinations of dimensionless numbers, with the ordinate axis
reporting the design points of all the working fluids. It can be
observed that the normalized net present value presents a clear
trend for all of the combinations. This is possibly related to the
redundancy of information on geometry, fluid properties and
boundary conditions contained in the three parameters.

By looking at the formulas reported in Table 4, Wem and ReV are
dependent on the hydraulic diameter Dh and on the free flow area
A0, while the Bond number Bd solely depends on Dh. Any combi-
nations of the parameters therefore contain all the information
regarding the PHE geometry, i.e. the corrugation geometry, plate
width and number of channel, with the exception of plate length

Fig. 7. COP as function of the total refrigerant pressure drops for all the working fluids.

Fig. 8. Capital investment of the heat exchangers (a) and compressor (b), as function of the total refrigerant pressure drops for all the working fluids.
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(estimated by the PHE sizing for matching the thermal load and
thus not needed to be included in the guideline) and chevron angle,
excluded from the guideline.

Moreover, by looking at the fluid properties of the three non-
dimensional numbers, it can be seen that surface tension s and
the liquid and vapour phase densities rL and rV are contained in any
of considered combinations, together with the inlet vapour quality
x and mass flow mr

_.
In order to choose which combination of parameters to consider

for the final design guideline, the position of the optimal values of
the different coefficients was compared for the different working
fluids. The aim was to understand which design guideline resulted
in a recommendation which was narrower to describe the optimal
NPV* for all the working fluids.

Table 7 reports the minimum, maximum andmean values of the
different cases for the best solutions, which were selected as NPV*

deviating at most 5% from each best solution. The results are re-
ported for all the working fluids, as well as the overall maximum,
minimum and mean value. The deviation (last row) was estimated
by considering how far the minimum and maximum value were
from the overall mean.

The results suggest that the best agreement between the
different mixtures is obtained by the combination of ReV and Bd,
whose deviations are �34% and 48% for the minimum and
maximum value, respectively. The interval covered by Butane/
Hexane (0.9/0.1) is shifted towards the left compared to the other
working fluids.

Fig. 11 shows the positive solutions of NPV for all the working
fluids as function of the obtained parameter Re�0:42

V Bd0:26. The red
line represents the mean value, equal to 0.040, while the dotted
black lines represent the minimum (0.026) and maximum value
(0.059). The plots show that all the fluids, except Butane/Hexane
(0.91/0.1), present a good agreement with the obtained guideline:
the optimal NPV points are all included in the interval
[0.040e0.059], with the peak lying around 0.040 for almost all the
fluids. DME/n-Pentane (0.4/0.6) and DME/Iso-Pentane (0.5/0.5)
have the maximum slightly shifted towards 0.050. They perform
however with NPV* very close to the optimum for 0.040 (equal or
above 80% of the optimal value). Propane/n-Pentane (0.4/0.6)
shows solutions with NPV* going down to �30% for the optimal
value for 0.040. The worst performing points are probably related
to higher values of chevron angle (see Fig. 9), thus optimal designs
can be achieved as well with the proposed guideline. In agreement
with the numbers reported in Table 7, Butane/Hexane (0.91/0.1) is
slightly shifted towards the left compared to the other fluids, i.e.
with optimal points in the interval [0.026e0.040]. Nonetheless it
has been decided not to shift the design interval towards values
optimal for this fluid, since it was shown that this mixture per-
formed with generally lower NPV in the mapping compared to all
the other fluids (see Fig. 6).

After the assessment of the results from Table 7 and Fig. 11, it
was decided to propose the guideline presented by Eq. (21) as
design recommendation.

Re�0:42
V Bd0:26z0:040 (21)

If a higher value is obtained, the PHE design is expected to lead
to higher equipment investment (related to the heat transfer area),
while a lower value will lead to high refrigerant pressure drop,
resulting in a steep decrease of both COP and NPV.

4. Discussion

Section 4.1 presents the discussion of an application of the
derived guideline, Section 4.2 reports the results of the uncertainty
analysis while Section 4.3 briefly comments on the deviation of the
obtained guideline if an alternative prediction method is used for
the refrigerant pressure drop estimation, which resulted to have
the largest impact on the heat pump economic performance. Sec-
tion 4.4 highlights the limitation of the study and potential future
work.

4.1. Application of the derived design recommendation

The case of the first working fluid mixture was considered,
namely Propane/Iso-Pentane (0.5/0.5). The design, based on the
derived guideline consists of the following steps:

1. Fix the boundary conditions of the thermodynamic cycle and
estimate the inlet condition at the evaporator (quality, mass
flow, evaporation pressure).

2. Calculate the following fluid properties at the inlet condition: rL,
rV , s, mV.

3. Choose a value for the chevron angle b. It is recommended to
employ low values (e.g. 30�35�), if the design parameter is not
constrained.

4. Decide which design parameters are fixed by external bound-
aries (fixed plate size and/or numbers and/or corrugation
geometry).

5. Tune the remaining free design parameters in order to obtain
Re�0:42

V Bd0:26z0:040. Calculate the required plate length by
using the evaporator heat flow rate, fixed by the cycle.

Fig. 9. Normalized NPV as function of all the dimensionless parameters correlated
exponentially for Propane/Iso-Pentane (0.5/0.5). The different colors represent the
different chevron angles adopted. (For interpretation of the references to color in this
figure legend, the reader is referred to the Web version of this article.)

Table 6
Coefficients obtained by fitting the NPV* to different combinations of dimensionless
parameters.

Case Parameters combination a b c

Case I ReaV $Bd
b$Wecm 1.21 �0.19 �0.87

Case II Bdb$Wecm 0.14 �0.25

Case III ReaV $Wecm 0.74 e �0.62
Case IV ReaV $Bd

b �0.42 0.26 e
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Table 8 shows different combinations of geometrical parame-
ters, each line corresponding to a different PHE design. Some
geometrical parameters were fixed a priori, while other were
calculated bymeans of the design guideline using themethodology

presented above. The goal of fixing and releasing different
geometrical parameters was to show the different possible sce-
narios of a designer, which might be constrained in some of the
design variables. The plate length was estimated by the sizing

Fig. 10. Normalized NPV as function of different combinations of non-dimensional numbers for all the working fluids reported in Table 6; (a) Case I; (b) Case II; (c) Case III; (d) Case
IV.

Table 7
Minimum, maximum and average values of different combinations of dimensionless numbers for the best results (5 % NPV*), for each working fluid and overall. Bold values
represent the results for the dimensionless number combination chosen as guideline.

Working fluid Case I Case II Case III Case IV

Re1:21V ,Bd�0:19,We�0:87
m Bd0:14,We�0:25

m Re0:74V ,We�0:62
m Re�0:42

V ,Bd0:26

min max mean min max mean min max mean min max mean

Propane/Iso-Pentane (0.5/0.5) 2110 3310 2620 0.48 0.75 0.59 91.4 152 118 0.030 0.047 0.038
Propane/n-Pentane (0.8/0.2) 2240 3800 2900 0.48 0.77 0.60 104 166 128 0.031 0.046 0.037
Propane/n-Pentane (0.4/0.6) 1420 2780 2130 0.37 0.70 0.54 68 129 99 0.026 0.045 0.036

Butane/Hexane (0.9/0.1) 1560 1570 1560 0.47 0.47 0.47 78.9 80.9 79.8 0.034 0.034 0.034
DME/n-Pentane (0.4/0.6) 2150 2800 2380 0.65 0.86 0.72 103 144 118 0.044 0.058 0.049
DME/n-Pentane (0.7/0.3) 1640 2430 1930 0.46 0.67 0.53 81.3 121 96 0.032 0.045 0.037
DME/Iso-Pentane (0.5/0.5) 1810 2920 2190 0.55 0.88 0.66 88 151 111 0.038 0.059 0.046
Propylene/Iso-Pentane (0.4/0.6) 2100 3330 2670 0.52 0.84 0.67 93 160 124 0.034 0.054 0.043

Overall 1420 3800 2300 0.37 0.88 0.60 68 166 109 0.026 0.059 0.040
Deviation in % �38% 65% �38% 46% �38% �52% �34% �48%
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model, matching the case study thermal load.
In the first three rows of the table, the corrugation geometry,

namely pitch L and height b, were fixed together with the corru-
gation angle. The number of channels Nch and plate width W were
found in order to obtain values of Re�0:42

V Bd0:26 equal to 0.040. It
can be noticed that by respecting the proposed design guideline,
the NPV deviates maximum �4.4% from the best value of the

parametric analysis. The COP in the third design point is slightly
lower due the higher pressure drops of the refrigerant.

The forth and fifth rows of Table 8 report two PHE design which
were obtained by fixing the plate width and the number of plates,
as well as the chevron angle. The corrugation geometry was found
in order to match the design guideline and it was found that also in
this case the two solutions deviate of only �1.9% and �1.5% from

Fig. 11. Normalized NPV as function of Re�0:42
V Bd0:26 for all the working fluids. The red line represents the mean value Re�0:42

V Bd0:26 ¼ 0:04, while the dotted lines represent max
and min, 0.059 and 0.026 respectively. (For interpretation of the references to color in this figure legend, the reader is referred to the Web version of this article.)
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the best NPV, thereby lying in an optimal region for the PHE design.
It can be noticed that all the five solutions proposed have the same
magnitude of refrigerant pressure drops, ranging from 30 kPa to
35 kPa. This is the same range shown in Fig. 6(a) for the same
working fluid.

4.2. Uncertainty analysis

The uncertainty analysis of the values of heat transfer co-
efficients and pressure drops was carried out for the design I re-
ported in Table 8 for Propane/Iso-Pentane (0.5/0.5), performing
with a NPV �3.6% lower than the best solution found in the map-
ping. The mean values, standard deviation and 95% coverage in-
terval are reported in Table 9. The input uncertainties assigned to
the heat transfer and pressure drop correlations resulted in a
standard deviation of 10.6% and 5.0% for heat transfer area and
refrigerant pressure drops, respectively. However, the overall
impact on the heat pump NPV resulted to be only equal to a 1.8%
standard deviation. This was also translated to 95% of all the solu-
tions deviating maximum 3.5% from the mean. Moreover, it can be
observed that the PHE design I obtained in Table 8 deviated only
0.3% compared to the mean value estimated performing 500 sim-
ulations from the uncertainty input space. The heat source pressure
drop is not reported, since the results showed a negligible impact
on the NPV.

It must be stressed again that the input uncertainties were taken
from the reference papers for the experimental correlations, and
they were estimated by the authors as accuracy referred to exper-
imental database not containing the present working fluids and
operating conditions. This analysis ensures however that, despite
large deviations assigned to the heat transfer and pressure drop
calculations, such as the wide interval of [�50%, þ100%] given as
input for the estimation of fV in Table 5, a much smaller impact was
obtained on the NPV estimation, equal to only 1.8% standard
deviation.

It is nevertheless relevant to focus future work on validating the
use of the chosen prediction methods for similar case studies by
conducting experiments for flow boiling of zeotropic mixtures in
PHEs. Moreover, despite the small uncertainties obtained on the
NPV for PHE design I, the input uncertainties might lead to exclude

some of the optimal solutions due to possible underestimations of
the NPV.

4.3. Sensitivity to pressure drop correlation

From the analysis of the results, the refrigerant pressure drop
was found to have the largest impact on the NPV. Therefore, it was
decided to carry out a sensitivity analysis on the prediction method
chosen to evaluate the two-phase frictional contribution, consti-
tuting the major contribution to the refrigerant total pressure loss.
The same parametric study was carried out, i.e. considering the
same design points, yet by employing an alternative prediction
method.

The Lockhart-Martinelli [45] method was applied, for which the
Martinelli parameter was estimated from the ratio of the singe-
phase vapour and liquid pressure drops. The Martin correlation
[36] was used in order to estimate the single-phase contributions,
and the two-phase multiplier was calculated by using the fitting to
the Martinelli's parameter developed by Chisholm [46] with a
multiplication coefficient C¼4.67, as proposed by Palm and Claes-
son [47].

By using the same fitting coefficients obtained using the previ-
ous data set, i.e. �0.42 and 0.26 for ReV and Bd respectively, the
mean value was calculated for the best results, namely PHE designs
based on the best 5% NPV. A good agreement was obtained between
the two different data sets, since the mean value of the guideline
Re�0:42

V Bd0:26 was found equal to 0.044, thereby beingþ9.5% higher
than the base case.

4.4. Limitations and future work

The methodology presented in this work is based on a number
of boundary conditions and assumptions. First and foremost, the
methodology is based on numerical calculations and has not been
documented experimentally. The study has only been applied to a
limited number of cases. The work should be seen as a suggestion
and exemplification of a method, rather than a complete guideline.
The methodology was indeed derived for eight different working
fluids integrated in the same heat pump, with fixed heat source
temperature glide of 25 �C. The influence of having different glides
along the evaporator might be investigated as part of future work.

The economic analysis showed that the refrigerant total pres-
sure drops have a major impact on the NPV of the heat pump. In
order to estimate the NPV, a number of economic boundaries were
assumed, and the price of electricity and natural gas were based on
the data available for the Danish energy sector. Furthermore, the
case study was based on a waste heat recovery application, where
the heat source comes at zero cost. The COP decrease, entailing a
higher compressor running cost, could be partially balanced by a
reduced utilization of the heat source. The economic boundaries
are therefore dependent on the specific case study, and the appli-
cation of the presented methodology should be adapted to the

Table 8
Some examples of PHE design points for the mixture Propane/Iso-Pentane (0.5/0.5).

Design W [m] Nch [�] b [�] b [m] L [m] LHT [m] Aht [m]2 Dpr�tot [kPa] NPV [V] DNPV [%] COP [�] Re�0:42
V Bd0:26 [�]

Free variables Fixed geometry

I 0.20 188 45 0.005 0.007 0.66 92.0 31.0 696,960 �3.6 3.02 0.040
II 0.19 196 35 0.005 0.007 0.57 80.1 31.3 711,620 �1.5 3.02 0.040
III 0.44 59 35 0.007 0.007 0.65 80.7 36.0 690,990 �4.4 3.01 0.040

Fixed geometry Free variables

IV 0.20 100 35 0.009 0.008 0.77 82.1 32.6 708,580 �1.9 3.02 0.040
V 0.18 150 35 0.007 0.006 0.54 79.8 31.0 712,180 �1.5 3.02 0.040

Table 9
MC uncertainty analysis results for PHE design I for Propane/Iso-Pentane (0.5/0.5)
performed with a sample population of 500 elements.

Aht Dpr,tot NPV

Mean value 93.2m2 33.2 kPa 694,780 V

Absolute standard deviation 9.9m2 1.7 kPa 12,370 V

Percentage standard deviation 10.6% 5.0% 1.8%
95% coverage interval 20.7% 9.8% 3.5%

Design I 92.0m2 31.0 kPa 696,960 V

Deviation from the mean �1.3% �6.8% þ0.3%
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specific boundary conditions.
Last, it is worth it mentioning two limitations imposed by the

PHE sizing model. Flow maldistributions are not taken into
consideration, neither along the plate width nor among the
different HEX channels. This aspect might lead to different results
concerning some design variables, e.g. plate length-to-width ratio,
since it does not take into account that the flow might not be
perfectly counter-current if low values of such ratio are employed.
In order to avoid unrealistic results, a minimum ratio was assumed
in the present analysis.

5. Conclusions

This paper presented a methodology to derive design guidelines
for plate heat exchangers. The methodology was demonstrated by
applying it to a case study of plate heat exchanger evaporators in
heat pumps using zeotropic mixtures. The basis for the derivation
was a numerical model used for simultaneous sizing of the ther-
modynamic cycle and of the heat exchanger, with heat transfer area
and pressure drops being considered for both the calculation of the
cycle COP and NPV.

The analysis showed that there is an economic trade-off be-
tween heat transfer area and refrigerant pressure drop, with the
latter having a larger impact on the results. Higher refrigerant
pressure drops resulted in a COP degradation, subsequent increase
of the compressor running costs, as well as higher investment
required for the compressor. Different working fluids presented
different sensitivity to pressure drops, thus the trade-off could not
be uniquely defined in terms of a maximum allowable pressure
drop.

The results were therefore assessed with the aim of deriving a
general design guideline, applicable for all the fluids. Different non-
dimensional parameters were correlated to the normalized net
present value, and it was shown that ReV, Bd and Wem are the
parameters mostly influencing the results. Moreover, an optimal
value was identified for the dimensionless factor Re�0:42

V Bd0:26 for
the best solutions in terms of NPV, deviating no more than 5% from
the highest NPV. It was shown that for most of the mixtures values
above 80% of the best NPV were found for Re�0:42

V Bd0:26z0:040.
Butane/Hexane (0.9/0.1) presented non-favourable design

points, with an optimal region shifted towards the left of the ob-
tained guideline. Moreover, Propane/n-Pentane at (0.4/0.6) re-
ported values of NPV above 70% of the best solution for the
suggested guideline, performing slightly worse than the other
working fluids for some of the designs. This was related to the effect
of the chevron angle, and it was therefore recommended to employ
low values of b in the optimal region.

The design steps, based on applying the aforementioned
guideline, were summarized and applied to the case of for the
Propane/Iso-Pentane (0.5/0.5). It was illustrated that different
configurations respecting Re�0:42

V Bd0:26z0:040 yielded close to
optimal NPVs. These were obtaining by tuning differently plate
corrugation geometry, size and number of plates.

Moreover, an uncertainty analysis of the heat transfer co-
efficients and pressure drops estimated by experimental correla-
tions was carried out for one of the optimal designs of Propane/Iso-
Pentane (0.5/0.5), using the MC method on a population sample of
500 elements obtained using LHS. The NPV mean value was found
to be 0.3% higher than the design point, with a standard deviation
of 1.8%.

The presented methodology offers the possibility of deriving
guidelines for different applications, where HEXs are integrated in a
thermodynamic cycle and different working fluids are compared,
avoiding computationally expensive combined cycle and compo-
nent optimization to obtain feasible designs.
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Nomenclature

A0 free flow area [m2]
Dh hydraulic diameter [m]
Dp port diameter [m]
G mass flux [kg/(sm2)]
L plate length [m]
Nch number of channels [e]
T temperature [�C]
U overall heat transfer coefficient [W/(m2 K)]
W plate width [m]
z Silver and Bell-Ghaly correction [e]
_Q heat load [W]
_W work [W]
_m mass flow [kg/s]
b corrugation height [m]
cel specific cost of electricity [V/kWh]
f Fanning friction factor [e]
g gravitational acceleration [m/s2]
h heat transfer coefficient [W/(m2 K)]
n number of control volumes [e]
p pressure [Pa]
t plate thickness [m]
x vapour quality [e]
Bd Bond number [e]
COP coefficient of performance [e]
CRF capital recovery factor [1/a]
FC fuel cost [V/a]
NPV net present value [V]
OMC operation and maintenance cost [V]
PEC purchased equipment cost [V]
Re Reynolds number [e]
TCI total capital investment [V]
We Weber number [e]

Abbreviations and acronyms
CI capital investment
CV control volume
HEX heat exchanger
LHS latin hypercube sampling
MC Monte Carlo
PHE plate heat exchanger

Greek letters
b chevron angle [�]
D difference [e]
h efficiency [e]
L corrugation thickness [m]
m viscosity [Pa s]
F enlargement factor [e]
r density [kg/m3]
s surface tension [N/m]
t time [h]
q inclination angle (90�b) [�]
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Superscripts
" per unit area
* normalized
i control volume i
j solver iteration j

Subscripts
acc acceleration
C convective
comp compressor
ev evaporation
fr friction
gr gravity
hp heat pump
ht, HT heat transfer
id ideal
id mixture
in inlet
is isentropic
L liquid
lat latent
LO liquid only
m mean
NB nucleate boiling
ng natural gas
out outlet
p port-to-port
r refrigerant
s heat source
sh super-heating
tot total
TP two-phase
V vapour
w water
wf working fluid
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ABSTRACT: This study presents a novel methodology for
the identification of suitable pure component working fluids
for heat pumps. Two challenges are addressed: the difficulties
in solving a complex product-process design problem and
making it accessible for practical applications, as well as the
impact of the working fluid property uncertainties on the
solution. A Monte Carlo sampling is applied to generate sets
of different property parameter combinations (virtual fluids),
which are subsequently evaluated in the heat pump process
model. The distance between the property values of the virtual
fluid and the uncertainty bound of the properties of real fluids
(collected from a database) are calculated. The fluids that are
closest to the top-performing virtual fluids are further analyzed through evaluation in the cycle and subsequent uncertainty
propagation of the respective input property uncertainties to the model output uncertainties. The methodology has been
applied to an industrial heat pump system used for waste heat recovery from a spray drying facility in the dairy industry. To
remain focused on the validation of underlying concepts of the methodology, the study considered screening only among cyclic
hydrocarbon working fluids. The compounds identified by the methodology had a low global warming potential (<0.1) but a
high flammability (lower flammability limit <1.8 vol %). Cyclopentane showed the best performance with a coefficient of
performance of 3.06 ± 0.05. The sampling-based reverse engineering method identified top performing working fluids, but
avoided solving complex and computationally demanding molecular design problems, and took into account the real fluid
property uncertainties.

1. INTRODUCTION

The integration of computational chemical product and
process design has become a widely used principle in
computer-aided process engineering, in order to identify the
most suitable process chemicals and simultaneously optimize
the process conditions.1 For example, product-process design
has been used in a variety of applications such as for the
development of solvents2 and surfactants in chemical
separation3 or for active ingredients for drug discovery in
pharmaceutical engineering.4 Most recently, promising work-
ing fluids (both pure components and mixtures) for heat
pumps and organic Rankine cycles (ORCs) were identified
using computer-aided product and process design techni-
ques.5,6

Computational chemical product design problems are based
on a reverse engineering approach, where chemical compounds
are identified on the basis of optimal target properties required
by the process. Molecules with optimal target properties can be
either constructed molecules, as in computer-aided molecular
design (CAMD), or identified in databases7 as in a classical
reverse engineering approach. To this extent, the chemical
property values can be either predicted (e.g., using group

contribution methods)8 or obtained from databases containing
experimental data.9−11

We would like to draw attention to two major challenges
with respect to property models and computational product
design: (1) the difficulties in finding a feasible solution when
solving a complex product-process design optimization
problem and (2) the property uncertainties, caused by the
measurements12 or by the property prediction models.13

The combination of accurate property models and complex
process equations usually leads to optimization problems with
a large amount of nonlinear and mixed-integer constraints and
equations.14 The solution of these computationally demanding
problems requires advanced solvers15 and is usually time-
consuming. Furthermore, the globally optimal solution (i.e., a
molecule defined by a combination of target properties) is not
necessarily a feasible solution, since the property search space
is not continuous.16 In addition, there might be multiple local
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optima that may be advantageous in terms of practical
feasibility compared to the actual global optimum. Hence,
even though the complex optimization is solved successfully,
tedious problem reformulations or postscreening may be
necessary in practice. The noncontinuous search space also
makes classical contour mapping of the property search space17

unsuitable as an analysis tool for the product-process design
problem. Further, when a set of target properties is identified,
the determination of the influence (or importance) of these
properties on the process model output often relies on expert
knowledge.18,19

The problem of property uncertainties in the context of
chemical product design has already been addressed by several
authors, and the work of Ng et al.20 gives an overview of the
studies carried out in this domain. In particular, Maranas21

used multivariate probability density functions for chemical
properties incorporated into the problem formulation. Diwekar
and Xu22 developed algorithms using uncertainty factors.22

Fuzzy optimization has been used by Ng et al.23,24 to take into
account property uncertainties in connection with molecular
design. One of the main challenges when taking property
uncertainties into account is that the product design results in
the formulation of a multistage problem, which is exceedingly
computationally intensive to solve.20 Hence, taking uncertain-
ties into account usually increases the difficulties in finding a
feasible solution to a reverse engineering problem.
In the field of application of reverse engineering approaches

and molecular design, the identification of novel working fluids
for thermodynamic cycles has been investigated by several
authors. In particular, new pure component and mixture
working fluids for organic Rankine cycles and heat pumps from
low-temperature heat sources25,26 have been of particular
interest due to the large amount of waste heat available in
industry.27−29 The choice of the working fluid has a significant
influence on the thermodynamic and economic performance of
a heat pump or an ORC. The thermodynamic properties of the
working fluid strongly influence the cycle design and thereby
the thermodynamic performance. Nevertheless, the choice of
the working fluid is restricted by legislation limiting the use of
environmentally harmful fluids.
The reviews of Bao and Zhao30 on fluid selection and Linke

et al.5 on molecular design give an inclusive summary of
studies considering working fluids for ORCs and heat pumps.
Concerning algorithms for the identification or design of
working fluids, the following studies should be considered in
particular: Brown et al.31,32 investigated theoretically ideal
working fluids through the variation of fluid properties.
Stijepovic et al.33,34 analyzed the relation between working
fluid properties and economic performance criteria. In similar
ways, a number of studies investigated the influence of a
certain fluid property (e.g., the critical temperature) on the
performance of a working fluid16,35−39 in a classical one-factor-
at-the-time approach of sensitivity analysis. Papadopoulos and
co-workers40,41 presented a method to identify and quantify
the influence of a number of model parameters on the design
of mixtures. However, apart from the this work, the influence
of the working fluid target properties has not yet been
identified by a global sensitivity analysis technique42 and
combined with the identification of new working fluids.
Computational molecular design techniques were used by

Papadopoulos et al.40,43,44 using multiobjective optimization in
order to find optimal molecular structures of pure components
as well as the composition of mixtures for ORC processes.

Furthermore, Palma-Flores et al.45 and Cignitti et al.46 defined
the product-process design problem for the working fluid
selection as a mixed integer non-linear programming (MINLP)
optimization problem. In a similar way, Molina-Thierry and
Flores-Tlacuahuac47 performed a constrained simultaneous
optimization of fluid mixtures (generated from a prespecified
set of pure fluids) and the process operating conditions. Lampe
et al.48,49 and Schilling and co-workers50−52 performed fluid-
searching using a reverse engineering approach for ORC
processes. Roskosch and Atakan17 applied a reverse engineer-
ing approach for a heat pump application. Roskosch and
Atakan17 tried to thoroughly analyze the fluid search space by
contour mapping, in order to get insight into the sensitivities of
the fluid properties in the product-process design model. They
showed that the critical pressure of a working fluid had only a
minor influence on the heat pump performance. White et
al.53,54 developed a framework using an advanced molecular-
based group contribution equation of state, SAFT-γ Mie, to
simultaneously optimize the molecular structure and the ORC
system. Santos-Rodriguez et al.55 used a stochastic optimiza-
tion approach to account for the variability in heat source
temperatures and efficiencies of equipment parts.
All the above-mentioned studies on working fluid design

tried to solve a complex and computationally demanding
integrated optimization problem, but only a few of these40,41

explicitly considered the overall influence of the uncertainties
of fluid properties on the model output.
In this work, we address the discussed challenges in product-

process design on the difficulties in finding a real fluid solution
and on taking into account property uncertainties when solving
the mathematically complex problem formulation. We present
a novel methodology for reverse engineering based on Monte
Carlo sampling and uncertainty analysis and show its
application to the identification of novel working fluids for
an industrial heat pump system.
The property model, i.e., the equation of state (EoS), has a

crucial influence in working fluid design and selection studies,
in particular concerning the model uncertainty propagation, as
shown by Frutiger et al.56 Various authors used fundamental
high-parametric Helmholtz-based EoS of working flu-
ids.35,37,38,57−61 This type of EoS is the most accurate available
in the literature, but for a wide-range fluid design study, an EoS
with a small number of required fundamental parameters is
better suitable for the design or screening novel working fluids.
Cubic EoSs, such as Peng−Robinson (PR)62 and Soave−
Redlich−Kwong (SRK),63,64 only require three fluid-specific
input properties to their EoS: the critical temperature, Tc, the
critical pressure, Pc, and the acentric factor, ω. Various
molecular design or reverse engineering frameworks that have
been developed used cubic EoSs.31,40,46,47,65−70 Another
alternative for a low-parametric EoS is Perturbed-Chain
Statistical Associating Fluid Theory (PC-SAFT).71 Working
fluid analysis studies72,73 as well as fluid design frame-
works48−51 have been developed with a PC-SAFT as the
property model for thermodynamic cycles.
A Monte Carlo-based method has recently been presented

by Frutiger et al.56,68 as a methodology to propagate and
quantify the impact of property parameter uncertainties on the
process model output as well as to assess equations of state
based on uncertainties. This methodology provided distribu-
tions of the model output resulting from fluid property
uncertainties. The study also showed that taking property
uncertainties into account in a product-process design problem
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allows one to interpret the ranking of the product solutions in
different ways: An optimistic ranking considers the higher
bound of the model output distribution for the different fluids
and therefore ranks the fluids according to their highest
possible potential. A more conservative approach, on the other
hand, ranks the fluids according to the lower bound or the
mean value of the output uncertainty distribution.
The methodology described in this work addresses in

particular the following aspects that have not attracted
sufficient attention in the literature.

• Usage of simple and computationally efficient stochastic
methods such as Monte Carlo sampling to identify
optimal sets of working fluid target properties in a
reverse engineering problem for product-process design

• Global sensitivity analysis of the property search space to
investigate the overall influence of a particular target
property on the process model output

• Identification of real working fluids based on the optimal
target properties and taking into account the real fluid
property uncertainties

• Focus on the interpretation of the product-process
model results including its uncertainties and avoiding the
solution of a complex optimization problem

We apply the methodology to an industrial case study: a heat
pump system for waste heat recovery from a spray drying
facility for milk powder production.74 In food industries, spray
drying processes are highly energy intensive and are
responsible for a large fraction of waste heat, which is often
rejected into the environment.75 A heat pump can be used to
recover the waste heat from the exhaust air of a spray dryer and
reutilize it in the preheating of the air entering the dryer. In
this way, the power consumption of the industrial facilities can
be significantly reduced.74 The goal of the case study is to
identify suitable novel working fluid candidates, which allow
high performance of the heat pump.
The methodology consists of the formulation of the

product-process model for the working fluid identification of
a heat pump. The working fluid target property search space is
specified, and Monte Carlo sampling is applied to generate sets
of different property parameter combinations (virtual fluids),
which are subsequently evaluated in the heat pump process
model. Furthermore, a derivative-based global sensitivity
analysis is performed to analyze the influence of the target
properties on the model out. Afterward, real fluids that lie
closest to the top-performing virtual fluids are identified, taking
into account the fluid property uncertainties and the sensitivity
of the respective properties on the heat pump model output.
The paper is organized as follows: (i) the overall

methodology is outlined; (ii) the heat pump model including
the used property model is presented; (iii) the Monte Carlo
procedure for sampling and exploration of the target property
search space is explained; (iv) the global sensitivity analysis
method is described; (v) the algorithm for the identification of
suitable working fluid candidates is presented; (vi) the results
for the working fluids are compared considering the heat pump
performance together with safety-related and environmental
properties.

2. METHOD AND TOOLS
An overview of the proposed procedure divided in different
steps is shown in Table 1.

2.1. Step 1: Implementation of Numerical Model for
Heat Pump and Thermodynamic Property Estimation.
Reverse engineering of fluid selection means to find a set of
optimal fluid properties for a thermodynamic cycle model, e.g.,
a set of properties that gives the highest efficiency in an ORC46

or COP in a heat pump.17 Knowing the optimal fluid
properties allows one to identify working fluids that match
these properties. In this study, optimal pure component
working fluid candidates for an industrial heat pump system
are to be identified. In this study, the term “optimal” means the
best sample evaluated. The reverse engineering system can be
considered as a combined product-process design problem,15

where the most suitable chemical products (i.e., working
fluids) are identified simultaneously with the optimal process
conditions (i.e., the heat pump parameters). The heat pump of
this study is a waste heat recovery (WHR) system used in a
spray drying facility for milk powder production in a reference
dairy factory located in Denmark.27 The heat pump system is
used to recover heat from exhaust gas from the spray dryer
(heat source) to preheat the air before the spray dryer (heat
sink), utilizing secondary cycles with pressurized water. The
heat pump is outlined in Figure 1. It consists of four main

components: a compressor, a condenser, a throttling valve, and
an evaporator. Heat is provided by the water source to the
working fluid through the evaporator (state 6 to 7 in Figure 1)
and the superheater (state 7 to 1). Afterward, the working fluid
is pressurized by the compressor (state 1 to 2) and the heat is
rejected to the sink water via the desuperheater, the condenser,
and the subcooler (states 2 to 5). A throttling valve expands
the working fluid before re-entering the evaporator (state 5 to
6). The heat pump process model and constraints are based on

Table 1. Overview of the Procedure

Step 1 implementation of numerical model for heat pump and
thermodynamic property estimation

Step 2 specification of working fluid property descriptors and search space
for reverse engineering

Step 3 generation and evaluation of virtual fluids: Monte Carlo-based
sampling of property search space and evaluation in process
model

Step 4 global sensitivity analysis of working fluid property descriptors and
identification of property weights

Step 5 calculation of distance function between properties of real and
virtual fluids and ranking of real fluids

Step 6 evaluation of identified high-ranked real working fluids including
uncertainty analysis

Figure 1. Outline of the industrial heat pump for waste heat
recovery.74
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the work of Zühlsdorf et al.74 The model is implemented in
MATLAB.76

The boundary conditions and additional assumed parame-
ters for the heat pump simulations are listed in Table 2. The

heat source is water at a temperature of 65 °C and a mass flow
of 14.81 kg/s, i.e., the waste heat stream of the dairy factory.
The heat sink is a water stream of 10.61 kg/s, being heated up
from 75 to 125 °C. There were no limitations imposed on the
source outlet temperature, since it was defined by energy
balances. Further, the heat capacities of the water flows were
assumed to be constant.
In the numerical modeling, the following assumptions are

used: homogeneous flow in terms of thermodynamic proper-
ties, no heat loss from the system, steady state condition, and
no pressure losses in piping or heat exchangers.68 A pinch
difference of 10K has been assumed for all heat exchangers.
In the cycle simulation, the thermodynamic properties (i.e.,

specific enthalpies and entropies) of the working fluid need to
be calculated at each state. An equation of state (EoS) is
required to supply an ideal gas contribution (i.e., the ideal gas
enthalpy and entropy) with a departure function accounting
for the difference between ideal and real behavior. Peng−
Robinson Equation of State (PR-EoS)62 was selected to
determine the departure functions of the thermodynamic
properties. The main advantage of PR-EoS compared to forms
of the high accuracy Helmholtz EoS77,78 is its relatively small
number of required fundamental parameters as a 3-parametric
cubic EoS. Compared to the PC-SAFT71 equations, the input
parameters of PR-EoS (critical temperature, Tc, critical
pressure, Pc, and the acentric factor, ω) are measured or
predicted independently from GC methods. Alternatively,
extensive databases such as NIST-TDE9 report these values
together with corresponding uncertainty ranges. Reliable
property data information for the real fluids including the
corresponding uncertainty information is essential to the
methodology of this work (see Step 6: Evaluation of Identified
High-Ranked Real Working Fluids Including Uncertainty
Analysis).
The PR-EoS is given by
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−
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+ −
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V b
a
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In eq 1, R is the universal gas constant, T is the absolute
temperature, p is the pressure, and Vm is the molar volume.
The other parameters are defined as follows.
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In eqs 2 to 4, Tc is the critical temperature of the working
fluid, Pc is the critical pressure, and ω is the acentric factor. In
order to solve PR-EoS, only three fluid-specific parameters are
required: Tc, Pc, and ω. The computational implementation of
the PR-EoS is based on the work of Frutiger et al.,68 who
provided the detailed property model description in their work.
The ideal-gas enthalpy and entropy terms of the EoS were

obtained from the integration of a temperature-dependent
ideal gas heat capacity function, cp(T). As suggested by
Roskosch and Atakan,17 we used a linear temperature
dependence of the isobaric ideal gas heat capacities (expressed
by two parameters A and B only) in order to lower the amount
of fluid specific parameters for the reverse engineering
problem. The heat capacity correlation is shown in eq 5.

= + ×c T A B T( )p (5)

A linear dependence of a small temperature range as in the
given heat pump is sufficiently accurate17 in the temperature
range of the cycle.
The outputs of the heat pump model were the coefficient of

performance COP (i.e., the ratio between the supplied heat
and the compressor power input to the system), the working
fluid mass flow ṁwf, and state variables such as pressures (pi),
temperatures (Ti), entropies (si), and enthalpies (hi) (see
Figure 1).
The COP was calculated from eq 6

=
̇

̇
Q

W
COP sink

(6)

where Q̇sink is the heat provided to the water sink and Ẇ is the
compressor power. Q̇sink and Ẇ were expressed as

̇ = ̇ + ̇Q Q Wsink source (7)

̇ = ̇ × −W m h h( )wf 2 1 (8)

h1 and h2 are the enthalpies at state 1 and 2, since heat loss
from the compressor was neglected. The source heat, Q̇source,
can be written as in eq 9. The mass flow, ṁwf, was calculated
according to eq 10.

̇ = ̇ × × −Q m c T T( )source source p source source in source out (9)

̇ =
̇

−
m

Q

h hwf
source

1 6 (10)

In eq 9, ṁsource expresses the source water mass flow, cp source
is its corresponding heat capacity. Tsource in and Tsource out are
the source input and output temperatures. In eq 10, h1 and h6
are the enthalpies at state 1 and 6.
A degree of freedom analysis74 shows that the cycle can be

solved for two process variables, which were chosen to be the
condensation and the evaporation pressure. The process
pressures for each set of property descriptors (i.e., virtual
fluids) were identified by solving the complete nonlinear
model with the Newton−Raphson method.79

Table 2. Boundary Conditions for the Heat Pump System74

process parameter value

source water inlet temperature 65 °C
source water mass flow 14.81 kg/s
source water heat capacity 4.18 kJ/(kgK)
sink water inlet temperature 75 °C
sink water outlet temperature 125 °C
sink water mass flow 10.61 kg/s
sink water heat capacity 4.21 kJ/(kgK)
compressor isentropic efficiency 0.8
compressor motor efficiency 0.95
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2.2. Step 2: Specification of Working Fluid Property
Descriptors and Search Space for Reverse Engineering.
The fluid-specific property descriptors80 for the reverse
engineering problem need to be specified. For the given case
study, the property input parameters to the ideal-gas
contribution and departure function of the EoS were chosen.
These were

• heat capacity correlation constants: A and B
• critical temperature, Tc

• critical pressure, Pc
• acentric factor, ω
• molecular weight, MW

For each of the six property descriptors, a value range (lower
and upper bound) were to be specified. The six ranges together
formed a six-dimensional property search space. In the current
case study, the ranges were selected by analyzing property data
from the well-established DIPPR 801 AIChE database.11 The
database contains data for Tc, Pc, and ω for 190 refrigerants.
Using percentile calculations of the respective data sets for Tc,
Pc, ω, and MW ranges of the values were obtained. The lower
bounds corresponded to the 2.5% percentile of the DIPPR
data set, whereas the upper bound corresponded to the 97.5%
percentile. This means the ranges covered the data values in
which 95% of the compounds lie in. This procedure was
applied, in order to exclude extremely high or low values
outside of reasonable ranges of properties. For actual
application of the method, the full range of the properties
from the database may of course be chosen.
In the DIPPR database, the temperature-dependent ideal gas

heat capacity is described by the five-parametric Aly-Lee
correlation.81 In order to obtain the parameters A and B of the
simplified two-parameter correlation of eq 5, the temperature-
dependent ideal gas heat capacities of the DIPPR database
compounds were fitted by nonlinear regression82 to eq 5 in the
temperature range of the heat pump, i.e., 40 to 150 °C.
Afterward, the same percentile calculations (as for Tc, Pc, and
ω) were applied to define the range of the parameters A and B.
Table 3 summarizes the ranges of the fluid specific

descriptors (search space).

The aim of the reverse engineering approach for fluid design
is to identify the best combinations of these property
descriptors within the respective search space that provide an
optimal heat pump model output, i.e., a high COP value.
2.3. Step 3: Generation and Evaluation of Virtual

Fluids: Monte Carlo-Based Sampling of Property Search
Space and Evaluation in Process Model. Monte Carlo-
based sampling within the property search space is used to
generate different sets of fluid-specific descriptors. These sets
essentially can be considered as virtual fluids representing the
search space.

In this study, a Quasi-Monte Carlo method (QMC)83 was
utilized for low-discrepancy sampling. Monte Carlo methods
based on random number sampling were exposed to a
clustering of sampling points, which led to a nonuniform
reflection of the search space. Low-discrepancy sampling
overcame this issue using uniformly distributed sequences (i.e.,
Halton sequences84) and increased the uniform sampling of
the space significantly.
From the fluid descriptor search space, a total of 400

samples were generated. The number of samples needs to be
sufficiently high such that no potential region of local maxima
is neglected. Hence, it is necessary to check the reproducibility
of the results for a given number of samples. In order to check
the reproducibility, the Monte Carlo integration error, σM, can
be calculated

σ σ= N/M obj (11)

where σobj is the standard deviations of the different outputs of
the objective function and N is the number of samples.85 σobj is
obtained by plotting the distribution of the objective function
(i.e., COP). The number of samples N is sufficiently high if σM
stays constant, when reproducing the calculation.
Figure 2 provides an illustration of the sampling results.
For each of the 400 virtual fluids (molecular descriptor

samples), the corresponding process pressure levels have been
optimized.
For each of the virtual fluids, the Newton−Raphson

algorithm was used to obtain the condensation and
evaporation pressure. The Newton−Raphson algorithm
iteratively identifies the condensation temperature of the
working fluid at the pinch point (to the heat source) and the
working fluid evaporation temperature at the pinch point (to
the heat sink). Hence, for each virtual working fluid, the states
for the maximum possible heat transfer are identified. The
details of the implementation of the Newton−Raphson
algorithm can be found in the book of Kelley.79

Virtual fluids that consisted of property parameters that
could not give a feasible solution when evaluated in the
property models were screened out. Subsequently, the virtual
fluids are ranked according to their COP.

2.4. Step 4: Global Sensitivity Analysis of Working
Fluid Property Descriptors and Identification of
Property Weights. A global sensitivity analysis of the
property descriptors (A, B, Tc, Pc, ω) with respect to the
model output (i.e., COP) allowed one to analyze the impact of
the respective parameters in the heat pump model.16 This gave
a deeper understanding of the effects that a change in a
property parameter value can have on the heat pump model
output. The property values of promising real working fluids
should be as close as possible to the corresponding values of
the best virtual fluids. As it will be shown in Step 7, a distance
function can be calculated to identify the closeness of a virtual
and a real fluid. However, depending on the influence of a
certain property descriptor on the overall model output, the
change in property value from the virtual to the close by real
fluid may have a strong or weak effect on the model output.
This means property parameters can have a high or low
sensitivity with respect to the heat pump model output, i.e., the
COP. If they have a high sensitivity, the respective property
descriptor should have a higher weight (importance factor),
when calculating the distance function, than the ones with a
low sensitivity.

Table 3. Search Space for the Fluid Specific Descriptors

property descriptor search space (range)9,10

heat capacity correlation constants A 20−70 364 J/(kmol K)
heat capacity correlation constants B 10−500 J/(kmol K2)
critical temperature, Tc 365−620 K
critical pressure, Pc 2300−12 070 kPa
molecular weight, MW 20−255 g/mol
acentric factor, ω 0.05−0.9
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We used derivative-based global sensitivity measures42 to
investigate the overall influence of the property descriptors in
the search space. The detailed procedure for derivative-based
global sensitivity analysis can be found in the work of
Kucherenko et al.42 Derivative-based global sensitivity
measures is a different sensitivity analysis approach compared
to the previously analyzed methods, Monte Carlo standard
regression and Morris screening technique.16 The method used
here has the advantage that is does not apply a linearization of
the fluid design problem and covers the sensitivity over the
whole search space.
For each virtual fluid in the search space, the local sensitivity

of the respective property parameter with respect to the COP
was calculated according to eq 12. The sensitivity analysis is
here shown for the example of ω.

ω
ω ω
ω ω

= ∂
∂

≈
−
−ωs

COP COP ( ) COP ( )

i

i i i i

i i

f f 0 0

f 0
i (12)

where s
ωi
is the local sensitivity measure (forward derivative)

and ωi is the respective fluid property sample value ω of virtual
fluid i (at position 0 and at forward position f). In total
analogy, the local sensitivity measure can be calculated for A, B,
Tc, and Pc. The forward derivative value was obtained by
perturbing the corresponding property descriptor value by 1%
(ξ = 0.01).

ω ω ξ= × +(1 )i if 0 (13)

The local sensitivity measure was calculated at every sample
(virtual fluid) data point in the search space. Hence, for every
property descriptor, local sensitivity measures were obtained
over the whole search space.

The different sensitivity distributions can be summarized in
the global sensitivity measure (expressed for the example of ω
as S

ω

tot) using numerical integration of the respective
distribution

∫
π

=ω
ω

ω
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s x

D

d
i

COP

tot
2

(14)

where s
ω
is the distribution of the local sensitivity measure for

the respective property ω obtained from eq 13 and DCOPω is
the variance of the COP values obtained from evaluating the
different samples and serves as a normalization factor. The
derivation of eq 14 can be found in the work of Sobol’ and
Kucherenko.86

The global sensitivity measures of the corresponding
property descriptors were ranked, and a ranking value was
assigned to account for their importance. If two global
sensitivity measures of two property descriptors lied in the
same order of magnitude, the two property descriptors
obtained the same ranking value. Afterward, a normalized
weight factor, w, was calculated by normalizing the ranking
values (see Table 4). These weight factors were used in Step 7
for the calculation of the distance function. The current weight
factor system is simply based on the ranking of the global
sensitivity measure. Of course, alternative weighting factor
systems are possible depending on the type of problem and
preliminary knowledge of the system.

2.5. Step 5: Calculation of Distance Function
between Properties of Real and Virtual Fluids and
Ranking of Real Fluids. A database of real chemical
compounds was to be selected, to compare the best performing
virtual fluids results to real fluids. In this study, we selected the
thermophysical property database “ThermoData Engine”

Figure 2. Illustration of samples generated by low-discrepancy sampling using Halton sequences: The sample matrix represents the property search
space. The diagonal elements of the matrix represent the uniform distribution of the sampling.
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(TDE)9,10 of the National Institute of Standards and
Technology (NIST), which contains property data of over
20 000 chemicals. A major advantage of TDE is that every data
point is reported along with a corresponding uncertainty value
(i.e., the 95% confidence interval).
Alternatively, a computer-aided molecular design (CAMD)

algorithm87 could be used, and the best performing virtual
fluids could be considered as target properties. In this way,
molecules could be generated that would be close to the
desired target properties.
In the current case study, we focused purely on hydro-

carbon-based working fluids. While the methodology itself is
generic and can be applied to screen larger classes of chemicals
databases, the latter focus was made intentionally so as to
remain focused on demonstrating proof of concept of the
proposed methodology. In the context of the phase-out of
chlorinated and fluorinated compounds for thermodynamic
cycles in Europe,88 hydrocarbon-based (natural) refrigerants
show promising performances, have no ozone depletion
potential, and possess much lower global warming potential,89

although they are inherently flammable. Furthermore, the TDE
database contains a large number of cyclic hydrocarbons.
Fluids of such type (e.g., cyclopentane) are often not
considered when performing fluid design with “classical”
computer-aided molecular design optimization algorithms
due to the high number of combinatorial possibilities and
the difficulties of estimating property data for such
compounds.45 Hence, cyclic hydrocarbons have not been
investigated thoroughly as working fluids. Therefore, we
decided to apply the new methodology for reverse engineering
to identify novel pure component cyclic hydrocarbons.
If experimental data was not available for Pc, Tc, or ω for a

particular compound, group contribution methods developed
with the methodologies of Frutiger et al.8 and Hukkerikar90

were used to estimate the properties. Every predicted data
point was reported along with its corresponding uncertainty
(95% confidence).
In total, 2126 real hydrocarbon-based fluids with property

data including the uncertainty range were used as real fluids for
calculating the distance to the best performing virtual fluids
(from Step 3) in the property search.
The distances in the search space between the property

value of a top performing virtual fluid and a real fluid were
calculated including the property uncertainty range of the

respective real fluid. We illustrate this calculation of the
distances by the acentric factor, ω. The acentric factor of a real
fluid y was considered as

ω ω ω< <y y y
low up

(15)

where ωy is the database value of the acentric factor ω for
compound y, ωy

low is the lower bound of the uncertainty range
for the database value, and ωy

up is the upper bound,
respectively, as it is reported by TDE with 95% confidence.
We defined the distance between a top performing virtual

fluid, x, and a real fluid, y, in the property search space of the
acentric factor, ω, as distance dxy

ω . We used the following
algorithm to assign and calculate the values of dxy

ω .
(a) If the acentric factor ωx of the top performing virtual

fluid x lied within the upper and lower bound of the
uncertainty range of the acentric factor ωy of real fluid y, the
distance function dxy

ω was assigned a zero value.

ω ω ω< < =ωdif then 0y x y xy
low up

(16)

(b) If the virtual property ωx was below the lower bound
ωy

low of the real property, then the normalized distance between
ωx and ωy

low was calculated as follows

ω ω
ω ω

ω
< =

| − |ωdif thenx y xy
y x

y

low
low

low
(17)

where |ωy
low − ωx| corresponds to the absolute value norm.

(c) If the virtual property ωx was above the upper bound
ωy

low of the real fluid, then the distance was obtained by

ω ω
ω ω

ω
< =

| − |ωdif theny x xy
x y

y

up
up

up
(18)

The algorithm was repeated analogously for Tc and Pc to
obtain dxy

Tc and dxy
Pc. For the molecular weight, there was no

uncertainty range; hence, to calculate dxy
MW, the distance to the

actual real fluid value was taken.
The ideal gas heat capacity distance values between the

virtual and the real fluids were calculated at 10 temperature
points between 40 and 150 °C with the described algorithm.
For the virtual fluids, the simplified correlation cp(T) = A + B
× T was used. For the real fluids, the TDE database tables for
the ideal gas heat capacity were applied or, if not available, the
heat capacity was predicted by the method of Joback and
Reid.91 The average distance over the temperature range was
calculated for the ideal gas heat capacity giving one distance
value dxy

cp .
Figure 3 illustrates the principle for the calculation of the

distance function for the two-dimensional search space of ω
and Tc.
In Figure 3, the property values of a real compound (marker:

circle) are shown with its corresponding uncertainty bounds
together with three virtual top performing fluids (star). In the
two-dimensional subsearch space, the uncertainty bounds form
a square around the corresponding property value. The virtual
fluid 1 falls inside the uncertainty range. Hence, its distance
function values are zero for both ω and Tc. The Tc property
value of virtual fluid 2 falls inside the uncertainty range, but its
ω property value is higher than the upper bound of the real
fluids. Therefore, the distance function needed to be calculated
for ω between the upper bound and the value of virtual fluid.
The property values of virtual fluid 3 lie completely outside the

Table 4. Global Sensitivity Measure Stot and Normalized
Weight Factor w for the Properties

property
descriptor

global sensitivity
measure Stot

importance
ranking (5 as
the highest)

normalized weight
factor

w = rank{i}/Σ rank{i}

acentric
factor, ω

132 5 0.28

molecular
weight, MW

1.58 × 10−3 4 0.22

heat capacity
correlation
constants B

2.12 × 10−4 3 0.17

critical
temperature,
Tc

1.26 × 10−4 3 0.17

heat capacity
correlation
constants A

1.43 × 10−7 2 0.11

critical
pressure, Pc

4.34 × 10−14 1 0.05
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uncertainty ranges. This meant that the distance functions
needed to be calculated for both Tc and ω.
The total distance function, dxy

tot, for the distance of one
virtual fluid, x, to one real fluid, y, was calculated by summing
up all the property distances multiplied by its corresponding
weight factor, w (obtained from Step 4).

= × + × + × + × + ×ω ωd d w d w d w d w d wxy xy xy
T T

xy
P P

xy xy
c ctot MW MWc c c c p p

(19)

In general form, one can write the distance function for
properties i from 1 to N as

∑= ×d d wxy
i

N

xy
i itot

(20)

The acentric factor, ω, had the highest sensitivity and was
assigned the largest normalized weight factor. Therefore, the
acentric factor distance (eq 19, dxy

ω) was penalized the
strongest, whereas the critical pressure Pc had the smallest
weight and was penalized the weakest. In other words, it is
important in the given heat pump system that the acentric
factor of a real fluid was close to the acentric factor of a virtual
fluid. However, it was less crucial that the critical pressures of
the virtual and the real fluids were close to each other. The
reason for this may lie in the structure of the cubic EoS. It has
been observed in previous studies16 that Pc has a much lower
sensitivity with respect to the output of a cubic EoS than Tc
and ω.
The distance function dxy

tot was calculated between all the
database compounds and the top 10% best performing virtual
fluids. This corresponds to all virtual fluids having a COP > 3
(similar to the best performing conventional noncyclic fluids,
i.e., R245-fa, R-143, R-152). This value can be adjusted when
using the methodology according to the process considered.
The real working fluids were ranked according to the lowest

total distance function value dxy
tot.

As an alternative, it would also be possible to use a local
sensitivity weight individual for each sample in order to
calculate the distance functions. However, in this work, we

used the overall sensitivity weight obtained from the global
sensitivity analysis. Furthermore, other possible distance
functions (for example, based on Euclidian norm) or distance
functions using other correlations can be used. However, we
keep the distance function simple in order to make the
procedure understandable for the potential application. Use of
better suited different distance functions is encouraged for
actual application of the method.

2.6. Step 6: Evaluation of Identified High-Ranked
Real Working Fluids Including Uncertainty Analysis.
The high ranked real working fluids were evaluated in the heat
pump model, and a Monte Carlo-based uncertainty analysis
with respect to the property value uncertainties was performed
for each of the compounds. To this extent, the methodology of
Frutiger et al.68 for the propagation of the fluid property
uncertainty to the heat pump model output was applied. This
procedure can be applied independently of the identification
method for the optimal fluids, since it is a postprocessing
uncertainty analysis method. Hence, it is also possible to use a
different CAMD or fluid selection method than the one
presented in Steps 1 to 5 and use Step 6 to perform a property
uncertainty analysis of the identified real fluids. The method-
ology uses Monte Carlo sampling of property values and
subsequent evaluation in the cycle. However, unlike in Step 3
of the current study, the sampling does not take place over the
whole search space. On the contrary, the samples are only
generated within the uncertainty range of the respective
property uncertainty. The methodology is briefly described
here in Step 6; details can be found in the work of Frutiger et
al.68

(a) The sampling range is specified by the uncertainty (i.e.,
95%-confidence interval) range of each real fluid
property parameter (e.g., ω, Tc, Pc, cp). A Monte Carlo
sampling method, i.e., the Latin Hypercube sampling
method,92 is utilized for probabilistic sampling of the
properties within the uncertainty range. The probability
of uncertainty is assumed to follow a normal
distribution. This is in contrast to step 2, where the
sampling has been uniform for the identification of
potential optimal working fluids. Correlations between
PR EoS parameters (ω, Tc, Pc) are taken into account
through the rank-based method for correlation control
of Iman and Conover.93 As an example, if Pc and Tc are
strongly positively correlated, the case of small Tc and
high Pc is avoided in the sampling. This is ensured and
built into the sampling algorithm.

(b) One model simulation of the heat pump system is
performed for each of the property parameters samples.
The Monte Carlo results provide a cumulative
distribution function for the model output (i.e., COP
value) of each of the real fluids. The distributions can be
analyzed using mean and percentile calculations. The
95% confidence interval of the COP output with respect
to the corresponding property parameter values can be
obtained for every real fluid. This assesses the
compounds not solely based on virtual fluid COP, or
the actual fluid COP, but also including the uncertainty
of the property data.

For comparison and validation, the results of some real fluids
are compared to the COP obtained when using REFPROP
database 9.0.77

Figure 3. Illustration of the algorithm to calculate the distance
function in the ω−Tc subsearch space: If the virtual fluid (stars) value
lies within the uncertainty bounds of the respective real fluids (circle),
the distance dxy is zero. Otherwise, the distance is calculated between
the uncertainty bounds and the virtual fluid.
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The analysis of the output uncertainty of the COP for each
real fluid allows one to rank the promising fluid candidates
according to the COP mean value, the lower bound
(conservative approach), or the upper bound (optimistic
approach).
Besides the heat pump model output value (COP), also

environmental (global warming potential, GWP) and safety-
related properties (lower flammability limit, LFL) were
calculated for the respective real fluids. Therefore, the group
contribution methods of Hukkerikar et al.13 and Frutiger et
al.94 were used.

3. RESULTS

The results are shown in two parts. The results of the reverse
engineering methodology (i.e., the identified compounds
including their corresponding uncertainty) are presented and
discussed. Afterward, the uncertainty analysis is further
visualized for two compounds.
3.1. Ranking of Working Fluids Including Uncer-

tainty. Table 5 shows the COP mean value of the distribution
for the best performing compounds for the considered heat
pump cycle. It includes the uncertainty with respect to the
property input which was propagated through the cycle.
Additionally, the COP of the closest top performing virtual
sample fluid is shown. The COP mean value and the
corresponding uncertainty ranges (95% confidence interval)
are also represented in Figure 4. In order to compare the
identified cyclic hydrocarbons, the COP has also been
calculated for 3 commonly used refrigerants that would be
suitable for the given process: R152, R143, and R245fa. The
ranking includes the lower flammability limit obtained from
the prediction method of Frutiger et al.94 The global warming
potential (GWP) calculated by the method of Hukkerikar et
al.95 is very small for all of the considered cyclic compounds
(GWP < 0.1) compared to commonly used fluoro-hydro-
carbon refrigerants, as, e.g., R-152 (GWP = 53), R-143 (GWP
= 353), and R-245fa (GWP = 1030).96 According to the
recently published F-gas regulation of the European Union,
working fluids with a GWP of higher than 150 should be
phased out.88 Furthermore, the ozone depletion potential
(ODP) of all of the cyclic hydrocarbon working fluids is zero.
One of the identified cyclic fluids, cyclopentane, is also

implemented in the well-established REFPROP 9.0 database.77

Using the same process models and conditions, but using the
Helmholtz-based EoS provided by REFPROP, the COP of
cyclopentane was 3.05. This value lies inside the 95%
confidence interval for cyclopentane calculated using PR-EoS
(see Table 5) and corresponds to a relative deviation to the
COP mean value of only 1%.
Table 6 includes the properties of the optimal virtual fluids.

The sampling-based approach for reverse engineering is not
limited to the example of pure component fluid design shown
in this work; the problem formulation can be extended to
mixture properties and mixture behavior.

3.2. Comparison of Uncertainty Propagation of
Cylopentane and 1,1-Dimethylcyclopropane. The
Monte Carlo simulation results of two compounds, cyclo-
pentane and 1,1-dimethylcyclopropane, are shown here in
more detail (see Table 7). The simulation results for each for
the fluid property samples can be visualized. Figure 5 depicts
the distribution of the COP simulation results and the
temperature−heat (T−Q̇) diagram as well as the logarithmic
pressure−enthalpy [log(p)−h] diagram of the two compounds.
The diagrams show an overlay plot of the simulation results.
Hence, the uncertainty subject to the fluid properties is
visualized through a varying band for both compounds. The
black lines show the mean value performance. For cyclo-
pentane, the width of the output range is very narrow, whereas
for 1,1-dimethylcyclopropane it is much larger. There is no

Table 5. Best Performing Compounds Ranked by COP Mean Value Including Uncertainty

rank working fluid name
mean
COP

COP 95% conf.
int.

COP of closest optimal virtual
fluid

sample
number

LFL [vol %]94 (with ASHRAE97 Safety
group)

1 cyclopentane 3.06 3.00−3.11 3.17 3 1.41 ± 0.90 (A3)
2 cyclobutane 3.04 2.95−3.12 3.17 3 1.41 ± 0.59 (A3)
3 cis-1,2-dimethylcyclo-propane 3.04 2.87−3.11 3.17 3 1.40 ± 0.58 (A3)
4 methylcyclo-butane 3.03 2.86−3.11 3.17 3 1.78 ± 0.90 (A3)
5 trans-1,2-dimethylcyclo-propane 3.00 2.84−3.09 3.17 3 1.31 ± 0.57 (A3)
6 methylcyclo-propane 2.97 2.88−3.05 3.17 3 1.78 ± 0.50 (A3)
7 1,1-dimethyl-cyclopropane 2.86 2.63−3.08 3.19 1 0.69 ± 0.59 (A3)
8 butylcyclobutane 2.73 2.38−3.03 3.16 4 0.76 ± 0.90 (A3)
9 1,1-cis-3,4-tetramethylcyclo-

pentane
2.49 2.25−3.01 3.18 2 0.51 ± 0.60 (A3)

10 1,1,2-trimethyl-2-
ethylcyclopropane

2.48 2.14−2.93 3.16 4 1.40 ± 0.59 (A1)

R-152 (1,2-difluoroethane) 3.08 3.03−3.11 4.15 ± 0.41 (A1)
R-143 (1,1,2-trifluoroethane) 3.07 3.00−3.12 6.20 ± 1.55 (A1)
R-245fa (1,1,1,3,3-pentafluoro-
propane)

3.08 3.05−3.09 7.70 ± 0.77 (A1)

Figure 4. Ranking according to mean value of the COP of the best
performing compounds. The 95% confidence interval (thin black
bars) was obtained from the uncertainty analysis with respect to the
fluid properties.
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Table 6. Fluid Properties of the Optimal Virtual (Sample) Fluids

virtual fluid COP [−] Tc [K] Pc [kPa] ω [−] MW [g/mol] Cp(Tcond) [J/(mol K)] Cp(Tsink + 10) [J/(mol K)]

1 3.19 572.06 5046.58 0.098 66.51 56.32 74.04
2 3.18 602.22 2976.62 0.065 130.98 46.87 56.71
3 3.17 580.78 7321.58 0.194 58.89 83.02 91.92
4 3.16 512.16 4203.05 0.4744 114.77 69.93 75.19

Table 7. Working Fluid Properties and Uncertainties for Two Selected Compoundsa

rank
working fluid

name COP [−] Tc [K] Pc [kPa] ω [−]
MW

[g/mol]
Cp(Tcond)

[J/(mol K)]
Cp(Tsink out + 10 K)

[J/(mol K)]
closest to
virtual fluid

1 cyclopentane 3.00−3.11 511.74 ± 0.18 4515.00 ± 0.19 0.190 ± 0.001 70 84.74 ± 0.86 134.84 ± 1.36 3
7 1,1-dimethyl-

cyclopropane
2.63−3.08 475 ± 17 4190.00 ± 5.49 0.117 ± 0.046 70 108.01 ± 1.10 153.98 ± 1.56 1

aTc, the critical temperature; Pc, the critical pressure; ω, the acentric factor; MW, the molecular weight; Cp(Tcond), the heat capacity at the
condensation temperature (lowest cycle temperature); Cp(Tsink out + 10 K), the heat capacity at the highest cycle temperature.

Figure 5. Representation of uncertainty with respect to the fluid properties in distribution of model output uncertainty of COP, T−Q diagram, and
log(p)−h diagram for cyclopentane and for 1,1-dimethylcyclopropane. The numbers refer to the states of the heat pump cycle according to Figure
1.
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variation in the heat sink line, since it has been fixed and
defined by constraints.

4. DISCUSSION
Considering the upper bound of the 95% confidence interval of
the real fluids in Table 5, it can be seen that the COP values of
the identified working fluids come close to the COP value of
the optimal virtual fluids. This implies that the sampling-based
reverse engineering approach succeeded in identifying real
working fluids which could provide a high COP. This
identification has been achieved without evaluating all
considered 2126 cyclic compounds and without solving a
product design optimization problem. This adds credit to the
effectiveness of the Monte Carlo sampling concept employed
in the novel methodology for screening a large chemical
database. Furthermore, property uncertainty information is
taken into account for the analysis of the performance of the
identified fluids.
This study focused on cyclic hydrocarbons. Out of 2126

cyclic compounds, only the property values of the 10
compounds in Table 5 are close to the top performing sample
fluids. It is observed that compounds, which have had a
distance function dxy

tot > 0.2, have been too far away from the
virtual fluids to give a feasible solution. This boundary
corresponds to an average relative difference between the
property value of the virtual fluid and the real fluid of 20%.
This value is specific for the given study. However, it confirms
that the property search space is highly noncontinuous, which
makes standard (nonsampling based) numerical optimization
tools1 difficult. We suggest that future fluid design studies
check the continuity of the search space. Furthermore, the
molecules identified by the algorithm are comparatively small
cyclic hydrocarbons. Large cyclic, aromatics or polycyclic
compounds had in particular a critical temperature, which was
much larger than the critical temperature of the optimal virtual
fluids.
The COP uncertainty range of the identified compounds is

overlapping with the 95% confidence interval. The best
performing compound with the smallest uncertainty range in
COP, a low GWP (<15088), and a high flammability limit (for
safer operation) for the considered cycle is cyclopentane.
The upper bounds of the identified real fluids are very close

to each other, whereas the lower bounds differ largely. This can
be explained by the algorithm for the calculation of the
distance value between the property of the real and the virtual
fluid. The distance is the difference between the property value
of the virtual fluid and the boundary of the uncertainty range of
the real fluid. Hence, a statistically optimistic approach is taken
for the identification of the working fluids. This optimistic
approach is reflected in the uncertainty range of the model
output (COP), where the upper bound shows the statistically
best possible performance of the real fluid, which is based on
the working fluid properties closest to the optimal virtual fluid.
However, the uncertainty analysis after the reverse engineering
algorithm considers the property uncertainty over the whole
range from lower to upper bounds. In this way, it is revealed
which fluids can statistically have a lower performance
(conservative approach). Hence, the property-based uncer-
tainty analysis is important complementary information after
the identification of suitable working fluids using the sampling-
based reverse engineering approach.
The identified compounds have similar COP as commonly

used refrigerants. However, cyclic compounds have a much

lower impact on the climate in agreement to present
regulations on working fluids. However, due to their high
flammability, safety measures need to be considered, when the
compounds are further investigated experimentally. In
particular, small rings (e.g., cyclopropane and cyclobutane
compounds) often suffer from ring tensions and can be
instable,98 which is also reflected in their small value for the
lower flammability limit.
Compared to the top performing cyclic hydrocarbon (based

on mean value), cyclopentane, the uncertainty ranges are in
particular much larger for the fluids ranked from 7 to 10 (e.g.,
1,1-dimethylcyclopropane). The differences in the output
uncertainty ranges originate in the uncertainties of the
respective fluid properties (see Table 7). A high input
uncertainty in a sensitive property can cause a high process
output uncertainty. In particular, the uncertainty of the
acentric factor, which has been identified to be the most
sensitive property in this study, is large for 1,1-dimethyl-
cyclopropane compared to cyclopentane. Furthermore, also
the uncertainties in the critical properties are a magnitude
higher for 1,1-dimethyl-cyclopropane. Acentric factor and
critical properties are the input parameters to the PR-EoS,
which were used to calculate the enthalpies, entropies, and
fugacities of the fluid in the cycle.
Tests of changing the lower and higher bounds of the initial

property search space showed that the method is robust. It is
important to have a search space that is large enough not to
exclude potential optimal solutions. On the other hand,
infeasible solutions in the boundary regions are screened out
automatically.
The study did not analyze the influence of specific process

parameters on the working fluid design. For example, the
compressor efficiency may have a large influence, since the
isentropic efficiency for a chosen compressor varies for
different working fluids. However, in this study, it is assumed
that an isentropic efficiency of comparable order can be
obtained, when the compressor is specifically designed for each
fluid. As suggested by McLinden et al.,99 we recommend that
one conducts a more detailed evaluation of the working fluid
candidates, involving, e.g., fluid specific efficiencies, at a later
stage of the heat pump design process. Zühlsdorf et al.100

studied the influence of the isentropic efficiency of the
compressor on the ranking of the fluids and observed a
negligible impact. However, the clarification of the potential
global influence of the compressor efficiency (along with other
process specific parameters) on the working fluid design
should be addressed in a separate manuscript, where a
systematic sensitivity analysis and parametric study can be
performed. A more detailed design of the compressor
additionally requires the transport properties of the fluid and
should be substantiated with a sensitivity analysis, which is far
beyond the scope of the current paper. However, such a study
is strongly encouraged for future research.
The visualization of the simulation results (Figure 5) allows

one to analyze where in the cycle the property uncertainties
lead to the largest process model uncertainty for a given
compound. In the case of 1,1-dimethylcyclopropane, the
compression and evaporation process shows the largest
variation.
The distributions in Figure 5 illustrate the uncertainty range

of COP. The property-related uncertainty of 1,1-dimethylcy-
clopropane is much larger than the one of cyclopentane (as it
is also reflected in the 95% confidence intervals). Thus, the
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identification of cyclopentane as a top performing working
fluid can be considered to be more reliable with respect to its
fluid properties.
Even small variations of input property parameters can lead

to large output uncertainty. This has already been shown for
organic Rankine cycles by Frutiger et al.68 In this study, it can
be confirmed for a heat pump system that property
uncertainties can vary significantly and should not be neglected
for the selection of fluids.
Compared to the already existing reverse engineering

approach of Roskosch and Atakan,17 who derived continuous
polynomials for the comparison of virtual fluids with large
databases, the current methodology has two major advance-
ments: First, the sampling-based approach does not assume
that the fluid search space is continuous, due to the fact that
certain property combinations give infeasible solutions to the
property model. Second, the current method takes into
account property uncertainty, when the virtual fluids are
compared to the real fluids.

5. CONCLUSION
The study presented a novel methodology to identify suitable
working fluids for heat pump systems. A reverse engineering
approach of the fluid selection based on Monte Carlo sampling
of the fluid property search space was shown. Subsequently,
uncertainty propagation with respect to the fluid properties
was performed. The methodology was applied for the selection
of a pure component working fluid for an industrial heat pump
system used for the recovery of heat from spray drying facilities
in dairy industries. The study focused on the identification of
suitable cyclic hydrocarbon-based working fluids.
The following are the main conclusions from the systematic

screening and the uncertainty analysis.

• The sampling-based reverse engineering method identi-
fied top performing working fluids but avoided solving
complex and computationally demanding molecular
design problems.

• Real fluids could be identified on the basis of the optimal
target properties and take into account the real fluid
property uncertainties.

• The methodology combined an optimistic approach
with respect to uncertainties (distance function to
uncertainty bound) with a conservative approach
(subsequent property uncertainty propagation through
cycle). Thereby, the methodology gave an additional
dimension to the fluid selection process.

• The considered case study focused on the identification
of cyclic hydrocarbons. For the given application, small
cyclic hydrocarbons showed the best performance,
although the output uncertainty range varies largely.
Cyclopentane obtained the highest COP and the
smallest uncertainty range. Furthermore, the calculation
of the lower flammability limit of the compounds
showed that safety measures are needed, if the cyclic
hydrocarbons are further investigated in experiments.

We find that the novel reverse engineering approach can be
useful for process developers of thermodynamic cycles, because
it allows a simple identification of working fluids through the
application of Monte Carlo methods. Furthermore, the
methodology has been formulated in a generic way and it is
possible to apply it to product-process design problems in

process engineering beyond working fluids for thermodynamic
cycles.

■ AUTHOR INFORMATION
Corresponding Author
*Tel.: +45 45252806. E-mail: gsi@kt.dtu.dk.
ORCID
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■ NOMENCLATURE

Acronymns
CAMD computer aided molecular design
EoS equation of state
GWP global warming potential
LFL lower flammability limit
ORC organic Rankine cycle
WHR waste heat recovery
Symbols
p pressure [bar]
R ideal gas constant [J/(mol K)]
T temperature [K]
Vm molar volume [m3/mol]
α parameter of Peng−Robinson equation of state
b parameter of Peng−Robinson equation of state
ω acentric factor [−]
Pc critical pressure [bar]
Tc critical temperature [K]
MW molecular weight [g/mol]
A constant of temperature-dependent heat capacity [J/

mol K]
B constant of temperature-dependent heat capacity [J/

mol K]
COP coefficient of performance
cp(T) temperature-dependent heat capacity [J/(mol K)]
ṁwf working fluid mass flow [kg/s]
hi specific enthalpy at position i [kJ/kg]
dxy distance between the property of a virtual fluid and the

property value of a real fluid
Q̇ transferred heat [kW]
Ẇ pump work [kW]
σM Monte Carlo integration error
σobj standard deviation of the distribution of objective

functions
N number of samples
si local sensitivity measure
Stot total sensitivity measure
Subscripts and Superscripts
c critical
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i position in the cycle
t turbine
wf working fluid
p constant pressure
m molar
up upper bound of uncertainty range
low lower bound of uncertainty range
source source flow
sink sink flow
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a b s t r a c t 

The study analyzes approaches for the selection of working fluids for the design of heat pump cycles 

based on numerical modeling. Different approaches for defining economically reasonable assumptions for 

the heat exchanger dimensioning were compared with respect to the identification of thermodynamically 

and economically promising working fluids. It was revealed that comparisons based on fixed heat ex- 

changer investment do not exploit the performance of potentially high performing fluids. The approach 

of defining the pinch point temperature differences in the heat exchangers was found to provide re- 

sults that were closest to the economic optimum, while being readily applicable in screening procedures. 

The method was demonstrated by two examples using excess heat from data centers for district heat- 

ing supply. For the two cases, zeotropic mixtures were identified that could improve the thermodynamic 

performance by 30%–35% while achieving a reduction of levelized cost of heat of 8% to 10%. 

© 2018 Elsevier Ltd and IIR. All rights reserved. 

Choix du fluide actif de la pompe à chaleur : comparaison économique et 

thermodynamique des critères et des conditions limites 

Mots-clés: Refroidissement des centres de données; Chauffage urbain; Conception des pompes à chaleur; Pompe à chaleur industrielle; Choix du frigorigène; 

Correspondance du glissement de température; Mélange zéotropique 

1. Introduction 

Heat pumps constitute a possibility for efficient electricity- 

based heat supply, and an increasing demand for high-performance 

equipment for these is obvious. The performance of a heat pump 

is limited by the temperatures of the heat source and the heat 

sink and the maximum achievable performance is described by 

the Lorenz cycle, ( Lorenz, 1894 ). To what extent the maximum 

achievable performance can be exploited depends strongly on the 

working fluid, but the choice of working fluid may be limited 

by legislative regulations currently experiencing further restrict- 

ing modifications. Velders et al. (2015, 2009) have shown the sig- 

nificant environmental impact of hydrofluorocarbons (HFCs) and 

the phase-down of most HFCs was adopted, ( European Parliament, 

∗ Corresponding author. 

E-mail addresses: bezuhls@mek.dtu.dk (B. Zühlsdorf), jkjje@mek.dtu.dk 

(J.K. Jensen), be@mek.dtu.dk (B. Elmegaard). 

2014; United Nations Environmental Programme, 2016 ). The regu- 

lations affect widely used refrigerants and increase the demand for 

sustainable and efficient solutions even more. 

One approach to counteract the phase-down of HFCs is the ex- 

ploration of novel working fluids. Domanski et al. (2014) analyzed 

the performance limits for conventional refrigeration applications 

that are obtainable under the assumption that the search space 

of fluid properties is continuous. McLinden et al. (2014) comple- 

mented the work and conducted a screening, in which compounds 

from comprehensive databases composed the potential working 

fluids. This procedure was not limited to available refrigerants and 

theoretically covered the entire range of feasible solutions, which 

let the authors present an exhaustive list of possible working flu- 

ids. The same authors showed in McLinden et al. (2017) that this 

list of suitable fluids was rather limited compared to the initial 

search space to which the screening methods were associated. 

Another approach is to extend the application range of avail- 

able and well known working fluids by blending them. Mixing 

https://doi.org/10.1016/j.ijrefrig.2018.11.034 
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Nomenclature 

Abbreviations 

GWP global warming potential 

HFC hydrofluorocarbon 

HFO hyrdofluoroolefin 

IHX internal heat exchanger 

ODP ozone depletion potential 

Latin Symbols 

A heat exchange area, m 

2 

c h levelized specific cost of heat, €/MWh 

COP coefficient of performance, −
COP Car Carnot COP, −
COP Lor Lorenz COP, −
COP Int,max maximum Lorenz COP of internal cycle, −
CF el annual cash flow associated to electricity con- 

sumption, €/year 

CF Source annual cash flow associated to heat consumption 

or cooling supply, €/year 

CF Supply annual cash flow associated to heat supply, €/year 

CRF capital recovery factor, 1/year 

f TCI factor for estimation of TCI, −
h i specific enthalpy at state point i , kJ/kg 

i eff effective interest rate, −
n life time of plant, years 

NPV net present value, €
OH annual operating hours, h/year 

PBT payback time, years 

PEC purchased equipment cost, €
˙ Q IHX heat transferred in IHX, kW 

˙ Q Loss . Comp heat loss from compressor, kW 

˙ Q Sink heat load transferred to sink, kW 

˙ Q Source heat load transferred from source, kW 

TCI total capital investment cost, €
T̄ Cond thermodynamic average temperature of con- 

denser, °C or K 

T̄ Cond,pure thermodynamic average temperature of condenser 

for ideal pure fluid, °C or K 

T̄ Cond,mix thermodynamic average temperature of condenser 

for ideal mixture, °C or K 

T̄ Evap thermodynamic average temperature of evapora- 

tor, °C or K 

T̄ Evap,pure thermodynamic average temperature of evapora- 

tor for ideal pure fluid, °C or K 

T̄ Evap,mix thermodynamic average temperature of evapora- 

tor for ideal mixture, °C or K 

T̄ Sink thermodynamic average temperature of sink, °C or 

K 

T Sink,in Sink inlet temperature, °C or K 

T Sink,out Sink outlet temperature, °C or K 

T̄ Source thermodynamic average temperature of source, °C 

or K 

T Source,in source inlet temperature, °C or K 

T Source,out source outlet temperature, °C or K 

U heat transmission coefficient, kW/(m 

2 K) 

UA heat conductance, kW/K 

UA Sink overall heat conductance of condenser, kW/K 

UA Source overall heat conductance of evaporator, kW/K 

VHC volumetric heating capacity, kJ/m 

3 

v i specific volume at state point i, m 

3 /kg 
˙ W Comp compressor work, Kw 

Greek Symbols 

ε exergetic efficiency, −
ηLor Lorenz efficiency, −
�T in temperature difference at heat exchanger inlet, 

K 

�T out temperature difference at heat exchanger out- 

let, K 

�T Pinch pinch point temperature difference, K 

�T Pinch,Sink pinch point temperature difference in con- 

denser, K 

�T Pinch,Source pinch point temperature difference in evapora- 

tor, K 

�T Sink Sink temperature glide, K 

�T Source source temperature glide, K 

fluids implies an alteration of the fluid properties. If the mixture 

is an azeotropic mixture, it behaves similarly to pure fluids and 

can potentially serve as a replacement. However, most mixtures 

are zeotropic and show a temperature glide during phase change. 

While this behavior decreases the possibilities of using zeotropic 

mixtures as replacements for conventional fluids it offers perfor- 

mance improvement potentials for applications in which the heat 

source and heat sink show a similar temperature profile as the 

working fluid during evaporation and condensation. 

Radermacher and Hwang (2005) have shown that the uti- 

lization of zeotropic mixtures as working fluids enables choos- 

ing the fluid in order to obtain an improved match of the tem- 

perature profiles of the heat sink and source and the working 

fluid, which experiences a temperature glide during evaporation 

and condensation. Studies, such as ( Högberg and Berntsson, 1994 ) 

and ( McLinden and Radermacher, 1987 ), have described the ben- 

efits which are obtainable by selecting the working fluids among 

zeotropic mixtures with the aim of matching the temperature pro- 

files with the heat source and heat sink. 

Zühlsdorf et al. have shown in different studies, e.g., ( Zühlsdorf 

et al., 2018a ), ( Zühlsdorf et al., 2018c ), ( Zühlsdorf et al., 2018d ) and 

( Zühlsdorf et al., 2017 ), that an integration of heat pumps into 

given boundary conditions yields more efficient solutions, when 

the integration process comprises the heat pump design and a si- 

multaneous screening of the working fluid among pure and mixed 

refrigerants. The studies have shown that the potential perfor- 

mance increase from utilizing zeotropic working fluid mixtures 

varies according to the boundary conditions and can reach possible 

increases of more than 40% ( Zühlsdorf et al., 2018c ), relative to the 

performance of pure fluids. 

The screening of working fluids requires the establishment of 

performance indicators suitable for comparison purposes. This pa- 

per therefore discusses suitable indicators including the underly- 

ing assumptions and suggests a method for a working fluid selec- 

tion, which ensures an optimal integration of the heat pump into 

given boundary conditions. The screening of working fluids com- 

prises both pure and mixed working fluids and aims to support 

the initial design stage, rather than retrofitting studies. 

The information included in the performance indicators and the 

underlying assumptions are dependent on each other and differ- 

ent approaches are presented in literature, which might be more 

or less suitable for different purposes. McLinden and Radermacher 

(1987) evaluated different approaches for comparing the perfor- 

mance of pure and mixed fluids. They showed that any comparison 

that is based on internal cycle temperatures, such as inlet, outlet 

or average evaporation or condensation temperatures, constitutes 

an insufficient basis for comparisons using the COP. They point out 

that this approach disregards that the solutions are able to operate 

between different boundary conditions in terms of source and sink 
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temperatures, meaning that the same COP corresponds to different 

second law efficiencies. Such comparisons, as recently performed 

by e.g., Venzik et al. (2017) , may only be considered as reasonable 

when the comparison seeks to find a fluid for an application with 

constant temperature reservoirs, or when second law efficiencies 

are used to compare the performances, because they only compare 

the cycle performance, while neglecting the integration into the 

boundary conditions. However, the main benefit of mixed work- 

ing fluids does not lie within the internal cycle itself, but rather 

in a better integration into boundary conditions with temperature 

glides, meaning a more efficient heat transfer at smaller tempera- 

ture differences to sink and source. 

McLinden et al. (2017), McLinden and Radermacher (1987) and 

Högberg and Berntsson (1994) suggest instead comparing the flu- 

ids based on a fixed ratio of the total UA-value in relation to either 

the supplied heat or cold UA / ˙ Q . This corresponds to a fixed UA- 

value if a fixed heat load and a fixed value of the logarithmic mean 

temperature difference �T lm 

are assumed. This approach was also 

followed in further works to compare mixtures experimentally, 

( Mulroy et al., 1994 ), and by numerical simulations, ( Domanski et 

al., 1994; Domanski and McLinden, 1990; McLinden et al., 2017 ). 

For the experimental analysis using the same equipment Domanski 

et al. (1994) recommend adjustment of the supplied heat flow rate 

by controlling the compressor volume flow rate to obtain a com- 

parable ratio of UA / ˙ Q . 

Another approach to evaluate the working fluids is fixing 

the minimum pinch point temperature differences in the heat 

exchangers. This approach was adopted in previous studies, 

( Zühlsdorf et al., 2017, 2018a, 2018c, 2018d ), and it was found to 

be a suitable way of sizing the heat exchanger area while identify- 

ing fluids with a high thermodynamic performance. Other authors, 

e.g., ( Bamigbetan et al., 2018 ; 2016; Besbes et al., 2014; Dai et al., 

2014; Zoughaib, 2017 ), adopted the approach as well. 

This paper performs a critical analysis of known approaches 

for comparison of working fluids with respect to their applicabil- 

ity for the evaluation of pure and mixed working fluids for high- 

performance heat pump cycles. The different approaches are dis- 

cussed on a theoretical basis and by the example of the two case 

studies. Based on these findings, recommendations for suitable ap- 

proaches for comparing different working fluids are derived and a 

screening procedure is suggested. 

2. Methods 

This chapter develops a general method for evaluating and 

comparing different pure and mixed working fluids for the basic 

cycle design of a heat pump cycle. The general thermodynamic 

cycle layouts, possible assumptions for the cycle design and ac- 

cordingly meaningful performance indicators are introduced and 

analyzed. Furthermore, a screening procedure is suggested and 

recommendations for evaluating the screening results are given. 

The description of the methods introduces different options which 

might be more or less suitable depending on the application. Two 

case studies for the demonstration of the method are subsequently 

introduced before the different approaches of dimensioning the 

heat exchangers and designing the cycle are discussed theoretically 

and on a basis of the introduced case studies. 

2.1. Thermodynamic cycles 

This paper aims to assess approaches for comparing the per- 

formance of heat pumps with different working fluids, rather than 

different cycle layouts. The focus lies therefore on simple cycle lay- 

outs, as presented in Figs. 1 and 2 . 

Fig. 1 shows the layout and a temperature-heat-diagram of a 

standard cycle with the minimum number of required compo- 

nents. The working fluid receives heat from the heat source while 

it is evaporated (6 → 7) and superheated (7 → 1) before being com- 

pressed (1 → 2) to reject heat at high pressure. The heat rejection 

(2 → 5) consists of desuperheating (2 → 3), condensation (3 → 4) 

and subcooling (4 → 5). The definition of these processes is dis- 

tinct in the two-phase region and becomes smooth in the super- 

critical region. The working fluid is subsequently throttled to the 

low pressure (5 → 6). Fig. 2 shows the layout of a cycle with an in- 

ternal heat exchanger (IHX), which utilizes the potential of further 

subcooling (5 → 6) to superheat the working fluid (8 → 1). The in- 

ternal heat exchanger implies the possibility to realize the required 

superheating and potentially some part of the evaporation process. 

While the standard cycle is expected to show promising per- 

formances for applications with a small difference between the 

source and sink inlet temperature, the IHX-cycle is expected to 

show better performances for increasing differences. McLinden et 

al. (2017) suggest additionally considering a two-stage compres- 

sion cycle with an open intercooler, which also aims to lower ir- 

reversibilities caused by the expansion processes and to improve 

the compression by introducing a two-stage compression. This cy- 

cle is however not considered in this study, since it requires an 

additional compression stage and since a possibly negative ef- 

fect on the performance for zeotropic mixtures was expected. This 

analysis is limited to single stage cycles without devices for re- 

covery of expansion work, but can be extended to other cycles 

accordingly. 

The numerical cycle models were based on energy and mass 

balances. The compressor was modelled with an isentropic ef- 

ficiency and potentially considering heat losses. The pressure 

levels were defined by minimum or average temperature dif- 

ferences between the streams, or alternatively by giving suf- 

ficient information about the heat exchangers as discussed in 

the following sections. The models were implemented in Matlab 

( The MathWorks Inc., 2018 ) using fluid properties from Refprop 9.1 

( Lemmon et al., 2013 ). The numerical models are documented in 

detail in ( Zühlsdorf et al., 2018b ) and are publically available. 

2.2. Performance indicators 

The method focusses on the design and comparison of heat 

pump cycles. In order to establish a basis for rational comparison, 

suitable evaluation criteria and accordingly appropriate assump- 

tions were identified. 

2.2.1. Thermodynamic performance 

The thermodynamic performance is measured by the coefficient 

of performance COP, which describes the ratio between supplied 

heat ˙ Q Sink and consumed power ˙ W Comp . 

COP = 

˙ Q Sink 

˙ W Comp 

(1) 

The COP is commonly used and the focus of the most studies. 

A meaningful interpretation of the COP does nonetheless require 

that the inlet and outlet temperatures of the heat source and heat 

sink are the same in all cases. If these are not fixed during the 

comparisons, second law efficiencies are a more appropriate choice 

as they account for the boundary conditions ( Jensen et al., 2018; 

Van de Bor and Infante Ferreira, 2013 ). 

The Lorenz efficiency ηLor is defined as the COP in relation to 

the maximum obtainable COP Lor of a Lorenz cycle. 

ηLor = 

COP 

CO P Lor 

(2) 

Lorenz (1894) defines the COP Lor analogously to the Carnot 

COP Car while accounting for the temperature glides, by using the 

thermodynamic average temperatures of the heat source T̄ Source 
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Fig. 1. Flow sheet (left) and Temperature-Heat-Diagram (right) of the standard cycle. 

Fig. 2. Flow sheet (left) and Temperature-Heat-Diagram (right) of the IHX-cycle. 

and sink T̄ Sink . The thermodynamic average temperatures were 

defined as the entropic mean temperature T̄ = �h / �s and may 

be calculated as the logarithmic mean temperature T̄ lm 

= ( T 1 - 

T 2 )/ln( T 1 / T 2 ) for streams of constant heat capacity, ( Bejan et al., 

1996 , chap. 3.5). Eq. (3) introduces the Carnot cycle COP based on 

the largest lift between the source and sink. 

CO P Car = 

T Sink , out 

T Sink , out − T Source , out 

(3) 

Eq. (4) presents the Lorenz cycle COP. 

CO P Lor = 

T̄ Sink 

T̄ Sink − T̄ Source 

(4) 

The thermodynamic cycle yields additional parameters, which 

can indicate the investment cost and the technical feasibility. The 

volumetric heating capacity VHC is defined by the ratio of the heat 

supplied per unit of compressed volume flow rate and gives there- 

fore an indication of the compressor size, which can e.g., be used 

to estimate the investment cost of positive displacement compres- 

sors. 

VHC = 

h 2 − h 5 

v 1 
(5) 

Further indication of the technical feasibility can be derived 

from parameters such as the pressure levels, the pressure ratio and 

compressor suction and discharge temperatures. 

2.2.2. Economic performance 

The economic performance can be described by different pa- 

rameters considering both the annual cash flows and one-time in- 

vestments. 

The one-time investments can be summarized as the total cap- 

ital investment cost TCI as an absolute value or as a specific value 

in relation to the supplied heat capacity TCI spec = TCI/ ˙ Q Sink . The TCI 

of the heat pump describes the cost of the entire investment, in- 

cluding the cost for the equipment, the assembly, the installation 

and start-up and other expenses that may be related to the in- 

vestment. The TCI can be simplified determined as a fixed multiple 

f TCI of the purchased equipment cost PEC of the main components. 

The factor f TCI accounts for the remaining expenses and often is 

an experience-based value, that can vary e.g., between 4.16 for an 

extension of an existing plant to 6.32 for the erection of a new 

system, ( Bejan et al., 1996 , chap. 7). Examples of the calculation of 

heat pump investment costs are e.g., published by ( Jensen et al., 

2015; Nielsen et al., 2018; Ommen et al., 2015; Zühlsdorf et al., 

2018c ). 

TCI = f TCI PEC (6) 

The purchased equipment cost PEC consists of the acquisition 

cost of the main components, which are for the case of a heat 

pump the compressor and the heat exchangers. The component 

costs can be obtained from suppliers or by means of suitable cost 

functions as suggested by e.g., Bejan et al. (1996) . 

The operational cost can be characterized by annual cash flows 

for incomes and expenses. In the case of a heat pump, the ex- 

penses consist of the fuel cost for the consumed electricity CF el . 

The income CF Supply is achieved by the supply of heat that is trans- 

ferred to the heat sink. If the heat pump replaces e.g., a natural gas 

boiler, the income is considered as the savings that are obtained 

by not operating the boiler. The cash flow associated to the heat 

source CF Source can be negative when representing an expense in 

case the heat is to be paid or positive when representing an addi- 

tional income, e.g., from offering a cooling service. 

The comparison of annual cash flows and one-time expenses 

requires the calculation of present time values of future expenses, 
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which was done by the capital recovery factor CRF assuming an 

effective interest rate i eff and a lifetime of the plant of n years, 

( Bejan et al., 1996 , chap. 7). 

CRF = 

( 1 + i eff ) 
n − 1 

i eff ( 1 + i eff ) 
n (7) 

Using the CRF allows to define the net present value NPV de- 

scribing the overall value of the investment at the time of the in- 

vestment by accumulating the TCI and the annual cash flows as 

their present value. In case that one-time savings are obtained by 

replacing existing equipment, these might be considered in the TCI. 

NPV = −TCI + 

C F Supply − C F el + C F Source 

CRF 
(8) 

The simple payback time PBT determines how many years are 

required to compensate the initial investment and may be used as 

an additional basis for assessing the potential investment. 

PBT = 

TCI 

C F Supply − C F el + C F Source 

(9) 

Another indicator for comparing the technology to its alterna- 

tives is the specific cost of heat c h . This cost relates the annual 

operating cost CF el , the annual operating cost or income CF Source , 

as well as the annual equivalent of the investment cost TCI ·CRF, to 

the amount of supplied heat ˙ Q Sink per year during OH operating 

hours. 

c h = 

CF el − CF Source + TCI · CRF 

˙ Q Sink · OH 

(10) 

The economic performance is strongly dependent on the eco- 

nomic boundary conditions of the specific case and therefore on 

input parameters implying large variations. This causes economic 

feasibility calculations to include significant uncertainty. If the 

above-mentioned boundary conditions are known, e.g., for specific 

case studies, an economic analysis provides reliable information for 

evaluating a potential investment. 

It may furthermore be noted that the methods for calculating 

TCI are dependent on experience-based factors and component- 

based cost functions that have to be validated with calculations 

that are more detailed. 

2.2.3. Additional secondary performance indicators 

The environmental performance of working fluids is of special 

interest when comparing natural and synthetic working fluids. Be- 

sides the working fluid properties, such as the ozone depletion 

potential ODP or the global warming potential GWP, additional 

analyses considering the entire lifecycle of the refrigerant and 

the unit may be conducted. Lee et al. (2016) suggests conducting 

a lifecycle climate performance as described by ( Guideline for Life 

Cycle Climate Performance , 2016 ) to estimate the complete environ- 

mental impact associated with the refrigerants. 

The flammability of refrigerants constitutes an additional aspect 

that is considered in working fluid selection. Different studies, such 

as ( Vonsild, 2017 ), have however presented approaches to handle 

flammability. The flammability of mixtures can be calculated as de- 

scribed by Crowl and Louvar (2001) . 

2.3. Boundary conditions for working fluid evaluation 

The focus of the analysis is working fluids for a heat pump 

application to be used in a specific application. The boundary 

conditions in terms of heat source inlet and outlet tempera- 

tures, T Source,in and T Source,out , as well as the heat sink inlet and 

outlet temperatures, T Sink,in and T Sink,out , are assumed to be de- 

fined by the application, e.g., by heating and cooling requirements. 

Additionally one parameter defining the load of the cycle was 

defined. This could be either the heating ˙ Q Sink or cooling require- 

ments ˙ Q Source . 

2.3.1. Thermodynamic cycle 

Designing the thermodynamic cycle requires fixing the pres- 

sure levels during heat absorption and rejection. Considering the 

fixed heat source and sink temperatures, the choice of the pressure 

levels is linked to the temperature differences in the heat exchang- 

ers and thereby to the required heat exchanger area. Different ap- 

proaches were presented to fix this design problem and the opti- 

mal choice of the approach is determined by the application. As 

the presented screening procedure aims to identify fluids with a 

high thermodynamic performance, we recommend to fix the min- 

imum pinch point temperature differences in the heat exchangers. 

The different approaches are however discussed in more detail in 

chapter 2.6. 

2.3.2. Component dimensioning 

A thermodynamic comparison provides a good indication of 

the general performance of working fluid candidates, especially for 

cases in which the thermodynamic performance is dominating the 

economic performance or in combination with indicators of the in- 

vestment cost, such as the volumetric heating capacity or the UA- 

values. A comparison based on the thermodynamic performance 

is furthermore relatively robust with respect to the modelling as- 

sumptions. 

An economic assessment can provide an additional view on the 

general profitability of the solutions. A detailed economic analy- 

sis requires anyhow a detailed design of the components and the 

determination of the component costs. This procedure can be ex- 

ercised with a range of levels of detail. A very detailed design 

procedure can provide investment cost with increased accuracy, 

while more simplified approaches are able to provide cost esti- 

mations suitable for comparison purposes with a reasonable ef- 

fort, ( Zühlsdorf et al., 2017, 2018c ). Using simplified methods for 

the economic assessment appears to be of sufficient accuracy when 

considering that the economic boundary conditions, such as plant 

lifetime, interest rates or fuel cost, are anyhow case specific and 

subject to large uncertainties. 

Section 2.2.2 presented an approach to evaluate the economic 

performance based on the component cost of the main compo- 

nents. ( Bejan et al., 1996 ) suggested using the heat exchange area 

to correlate the investment cost for the heat exchanger equipment 

and the volume flow rate for the compressor size. The volume flow 

rate of the compressor is directly obtainable from the thermody- 

namic calculations, while the determination of the heat exchanger 

size requires an estimation of the heat transfer coefficients. 

The design of the heat exchangers implies fixing a trade-off

among the pressure drop and the heat transfer coefficients. This 

relation can be optimized with respect to the economic perfor- 

mance, while such an optimization appears to be too comprehen- 

sive to be included in the evaluation of several hundreds of fluids. 

( Mancini et al., 2018 ) presents an approach for deriving suitable 

design guidelines for plate heat exchangers and furthermore sug- 

gests a method for this. Alternatively, the heat exchangers might 

be designed by estimating heat transfer coefficients. A conserva- 

tive estimation of the heat transfer coefficients ensures that the as- 

sumed values are obtainable under acceptance of reasonable pres- 

sure drops. 

2.4. Screening process 

Different studies, e.g., ( McLinden et al., 2017 ), ( Frutiger et al., 

2018 ) and ( Cignitti, 2018 ), have performed comprehensive screen- 

ings for specific applications. McLinden et al. (2017) summarizes 

the works on working fluid screenings among extensive databases 
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Table 1 

List of fluids considered in the screening with characteristic properties ( ASHRAE, 2016; Bell et al., 2014; Dansk Standard, 2016; Fukuda et al., 2014; Myhre et al., 

2013 ). 

No. Name of Fluid Ref. No.: Type ODP – GWP – Normal Boiling Point, °C Crit . Temp. °C Crit. Pressure, ar Safety Class 

1 Methane R-50 HC 0 25 −161 .5 −82 .6 46.0 A3 

2 Ethylene R-1150 HO 0 4 −103 .8 9 .2 50.4 A3 

3 Ethane R-170 HC 0 6 −88 .6 32 .2 48.7 A3 

4 Carbon dioxide R-744 0 1 – 31 .0 73.8 A1 

5 Propylene R-1270 HO 0 2 −47 .6 91 .1 46.7 A3 

6 Propane R-290 HC 0 3 −42 .0 96 .7 42.5 A3 

7 Dimethyl ether (DME) R-E170 Ether 0 1 −24 .0 127 .3 53.4 A3 

8 Iso-Butane R-600a HC 0 3 −11 .7 134 .7 36.3 A3 

9 n-Butane R-600 HC 0 4 −0 .5 152 .0 38.0 A3 

10 Iso-Pentane R-601a HC 0 4 27 .8 187 .3 33.8 A3 

11 Ethyl ether (DEE) R-610 Ether 0 5 34 .6 193 .7 36.4 A3 

12 Pentane R-601 HC 0 5 36 .1 196 .6 33.7 A3 

13 n-Hexane HC 68 .7 234 .5 30.3 

14 Heptane HC 98 .4 267 .0 27.4 

15 R-1234yf HFO 0 < 1 −26 .0 94 .7 33.8 A2L 

16 R-1234ze(E) HFO 0 < 1 −19 .0 109 .4 36.4 A2L 

17 R-1234ze(Z) HFO 0 < 1 9 .8 150 .1 35.3 A2L # 

18 R-1233zd(E) HCFO ∼0 4.5 17 .9 166 .5 36.2 A1 

# Expected values according to ( Fukuda et al., 2014 ) 

and concludes the options for working fluid options to be lim- 

ited. The provided list of fluids that are consistent with current 

legislation includes the common natural refrigerants and hydroflu- 

oroolefins (HFOs). 

In order to evaluate the performance of possible working fluids, 

we suggest defining a list of fluids that are used to generate binary 

mixtures. The list of fluids can e.g., be the pure fluids mentioned 

in ( McLinden et al., 2017 ) but it should only include fluids that are 

generally acceptable for the application. 

Previous studies, e.g., Zühlsdorf et al. (2018a) and Cignitti 

(2018) , did not reveal clear optima for key thermodynamic param- 

eters, such as the critical temperature or pressure. We therefore 

recommend compiling the list of considered fluids to cover a wide 

range of these parameters. The fluids should furthermore be mis- 

cible for a wide range of compositions. 

Table 1 shows a possible list of pure fluids to be considered 

in the screening process. The list contains 14 natural refrigerants 

and 4 HFOs. It might be adjusted with respect to the specific ap- 

plication. Ammonia (R-717) and water (R-718) were omitted from 

the list due to limited miscibility with many of the other refriger- 

ants. Comparing the results from screenings based on this list to 

the results that were obtained by screenings considering a larger 

number of fluids ( Cignitti, 2018 ) suggests that no further signifi- 

cant improvements are to be expected. Composing the list of flu- 

ids by commonly known fluids or fluids with similar behavior, 

e.g., heptane and hexane, might enhance the practical applicability, 

since similar equipment for sealing and lubrication might be use- 

able. Mixtures might additionally be blended with the purpose of 

obtaining a specific desired effect, by blending CO 2 with hydrocar- 

bons to decrease the gas cooler pressure of CO 2 and the flamma- 

bility of hydrocarbons, ( Kim et al., 2008; Tobaly et al., 2018 ). 

The thermodynamic models used medium properties provided 

by the software Refprop 9.1 ( Lemmon et al., 2013 ), which is con- 

sidered as the current state of the art for binary mixtures ( Bell 

and Lemmon, 2016 ). Refprop 9.1 contained medium properties that 

were mostly based on experimental data, in case experimental 

data of sufficient quality was available. For the binary mixtures, 

for which the available experimental data was insufficient, the bi- 

nary interaction parameters were estimated based on ( Lemmon 

and McLinden, 2001 ). This estimation was subject to the uncer- 

tainties, which resulted from the molecular structure of the com- 

ponents. The estimation was found to provide sufficient accuracy 

for some combinations, while specific fluids were showing larger 

uncertainties ( Mondejar and Haglind, 2018 ). As the estimation was 

expected to provide sufficient accuracy for most of the fluids, we 

recommend not to exclude mixtures with estimated interaction 

parameters on beforehand, but to conduct an uncertainty analy- 

sis as part of the screening evaluation in case such mixtures in- 

dicate promising performance. If experimental data becomes avail- 

able, the mixture could be re-evaluated using updated interaction 

parameters or an uncertainty analysis as described by ( Frutiger et 

al., 2018, 2016 ) could be conducted. 

In order to perform a working fluid screening, we suggest eval- 

uating the above specified models for all possible binary combina- 

tions at equidistant composition steps, of e.g., 10%. The screening 

results consist of a cycle simulation for each mixture and can be 

analyzed, sorted and filtered with respect to the presented ther- 

modynamic, economic and further secondary performance indica- 

tors. 

2.5. Application to case studies 

In order to demonstrate and discuss the capabilities of the sug- 

gested method, the screening procedure was applied to two case 

studies. Table 2 summarizes the thermodynamic and economic 

boundary conditions of the two case studies. The case studies fo- 

cus on the integration of a heat pump to utilize the excess heat 

from data centers for supplying district heating. The temperatures 

for the cooling stream for the data centers vary according to the 

technologies, ( ASHRAE Technical Committee, 2016 ). Both cases as- 

sumed a temperature of 25 °C at the data center inlet. Case I as- 

sumed an outlet temperature of 50 °C, while a lower allowable 

temperature increase in the server rooms was assumed for case 

II, resulting in an outlet temperature of 40 °C. The required cooling 

load was assumed to be 500 kW in both cases. The temperatures of 

the district heating system were assumed to be 50 °C in the return 

and 75 °C in the forward line. The heat flow rate supplied to the 

district heating network was determined by the cooling demand 

and the heat pump performance. 

It may be noted that the cases were chosen to be exempli- 

fying cases with a certain relevance for given applications. The 

demonstrated procedure instead is independent of the cases and 

the presented results may give indications for other applications 

with similar boundary conditions. 

The income for the investment consists of the district heat- 

ing supply, which is assumed to be sold at 40 €/MWh, while 

the electricity is bought at 120 €/MWh. The economic boundary 

conditions constitute a representative scenario and are aligned to 
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Table 2 

Thermodynamic and economic boundary conditions for case studies and modelling as- 

sumptions for the heat pump design. 

Case I Case II 

Boundary conditions: 

Heat source T Source,in → T Source,out : 50 °C → 25 °C 40 °C → 25 °C 
Heat sink T Sink,in → T Sink,out : 50 °C → 75 °C 

Supplied cooling ˙ Q Source : 500 kW 

Specific electricity cost c el : 120 €/MWh 

Specific income per supplied heat c Sink : 40 €/MWh 

Specific cash flow per supplied cooling c Source : 0 €/MWh 

Operating hours per year: 80 0 0 h/year 

Lifetime n : 20 years 

Effective interest rate i eff: 5% 

Heat pump modelling assumptions: 

Analyzed cycle: Standard cycle IHX cycle 

Isentropic compressor efficiency: 75% 

Motor efficiency: 95% 

�T Pinch: 3 K 

Subcooling: T 5 = T Sink,in + �T Pinch 

Evaporator outlet: Superheated by 5 K Saturated 

Table 3 

Assumed heat transfer coefficients for simplified dimen- 

sioning of heat exchangers, ( Zühlsdorf et al., 2018c ). 

Flow condition Heat transfer coefficient, W/(m 

2 K) 

Pure 

fluid Mixture 

Evaporation 30 0 0 2250 

Condensation 2400 1800 

Liquid 1500 

Gaseous 1200 

Danish conditions ( Energistyrelsen, 2017; Zühlsdorf et al., 2018d ). 

The application offers an additional income by replacing the ex- 

isting cooling facilities but since these costs are highly uncertain, 

they were omitted from the economical assessment. 

Table 2 shows the assumptions for the heat pump cycle de- 

sign. The heat source inlet temperature of Case I was close to the 

heat sink inlet temperature and accordingly the standard cycle was 

chosen. Case II has a temperature difference of 10 K between the 

source and sink inlet temperature which increased the potential 

for the IHX-cycle instead. 

Table 3 suggests a set of heat transfer coefficients to be used 

for an estimation of the heat transfer area and accordingly the 

investment costs. The values were adopted from Zühlsdorf et al. 

(2018c) and were chosen to represent an approximate relation be- 

tween liquid, gas and two-phase flow and to represent feasible so- 

lutions that are realizable for each fluid with an acceptable pres- 

sure drop. The values that were optimal for each solution were 

subject to further more detailed optimizations which were con- 

ducted for a limited set of fluids at a later design stage. 

The volumetric efficiency of the compressor was assumed to be 

90%. The cost functions for the estimation of the purchased equip- 

ment costs were adopted from Zühlsdorf et al. (2017) . No mainte- 

nance cost were assumed. The relation between equipment cost 

and total investment was f TCI = 4, corresponding to experiences 

from the construction of a test rig and communication with po- 

tential suppliers. 

2.6. Analysis of the approaches for heat exchanger dimensioning 

The design of heat pump cycles as presented in Figs. 1 and 2 for 

given sink and source temperature profiles implies the trade-off of 

fixing the temperature differences in the heat exchangers to either 

yield an improved performance and higher revenues during opera- 

tion or a decreased performance at reduced investment cost. Larger 

temperature differences in the heat exchangers reduce the required 

heat exchanger size but also enlarge the differences between evap- 

oration and condensation temperature and thereby reduce the COP. 

Different approaches were introduced and are analyzed in this 

chapter. In the first section, the problem is analyzed theoretically 

on the basis of theoretical ideal cycles while the second section 

analyses the different approaches for the two introduced case stud- 

ies. 

2.6.1. Theoretical analysis 

The transferred heat ˙ Q and the temperature difference �T of 

the involved streams are directly related by the heat conductance 

UA . The heat conductance is defined as the product of the heat 

transmission coefficient U and the heat exchange area A ( Bejan et 

al., 1996 ) . 

˙ Q = UA �T lm 

= UA 

�T in − �T out 

ln ( �T in / �T out ) 
(11) 

Alefeld (1987) describes the limitation of an internal cycle that 

operates independently of the heat source and sink between the 

thermodynamic average temperatures of the evaporator T̄ Evap and 

the condenser T̄ Cond . These temperatures define the maximum COP 

of the internal cycle COP Int,max under the assumption of isentropic 

compression and expansion. Ideally this would reach the COP of 

the Lorenz cycle for the source and sink. 

CO P Int , max = T̄ Cond / 
(
T̄ Cond − T̄ Evap 

)
(12) 

Fig. 3 shows a temperature-heat-diagram of two heat pump cy- 

cles using an ideal pure fluid and an ideal mixed fluid for an ap- 

plication with temperature glides on both the source and the sink 

side. For both cycles superheat and desuperheat were neglected 

and the pure fluid rejects and receives heat without changing tem- 

perature, while the mixture shows a perfect match with the tem- 

perature profile of sink and source during heat transfer. The term 

“ideal ” refers in this scenario to the abstraction of the fluids to 

show a linear temperature behavior, yielding an ideal performance 

for matching source and sink glides, rather than it refers to the op- 

timum efficiency that might be obtained with any pure or fluid for 

the presented scenario. The diagram includes all temperatures that 

are relevant in the context of the heat exchanger areas as well as 

for the maximum achievable performance. 

Using these theoretical cycles, the dependencies of the overall 

UA-values and the minimum pinch point temperature differences 

on the performance of the two cycles were studied. 
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Fig. 3. Temperature-heat-diagram of a simplified heat pump cycle operating with 

an ideal pure fluid and an ideal mixed fluid. 

2.6.2. Analysis based on case studies 

In order to analyze the different approaches more specifically, 

they were evaluated for a set of promising fluids for the presented 

case studies. The most promising were evaluated for three ap- 

proaches. The cycle was designed by 

(a) fixing the minimum pinch point temperature differences, 

(b) fixing the overall investment associated with the heat ex- 

changers to the value obtained for ammonia by approach a), 

and 

(c) by optimizing the heat exchanger area of the heat sink and 

heat source heat exchangers with respect to the net present 

value. 

During option c), a minimum temperature difference in the heat 

exchangers of 1 K was respected. The performances were compared 

in terms of COP and NPV. The analysis was conducted for the pre- 

sented economic boundary conditions and repeated for the same 

boundary conditions with an assumed lifetime of n = 10 years. 

3. Results 

This chapter presents the screening results for the two case 

studies, including both the thermodynamic and economic perfor- 

mance of the working fluids. Subsequently, the approaches for 

evaluating the working fluids are analyzed in a theoretical ap- 

proach, before being compared based on the presented case stud- 

ies. 

3.1. Screening results 

Case I: T Source 50 °C → 25 °C; T sink 50 °C → 75 °C 

Fig. 4 shows the COP (left) and the specific cost of heat c h 
(right) for all possible fluids for case I. The most promising fluids 

are colored, while the remaining fluids are included in gray to vi- 

sualize the entire solution space. The diagrams show that the pure 

fluids reach COPs of up to 4.5–4.6 and levelized specific heat re- 

generation cost as low as 31 €/MWh of supplied heat. Some of the 

mixtures show quite distinct differences in performance for limited 

variations of composition. Table 4 summarizes further performance 

indicators for the pure and mixed fluids that showed the lowest 

cost of heat. As ammonia constitutes a promising fluid with lim- 

ited miscibility with the other considered fluids over a wide range, 

it was included as a pure fluid but not as a possible mixture com- 

ponent. It reaches a similar COP as the best fluids but a decreased 

c h of 30.1 €/MWh. The COPs of the mixed fluids reach values as 

high as 6.7 and the cost of heat decreases to 27 €/MWh. 

Ammonia was the pure fluid with the best economic perfor- 

mance, while the mixture of 30% propylene and 70% R-1234ze(Z) 

was the mixture with the best economic performance. The cost of 

supplied heat was 30.1 €/MWh for ammonia and 26.7 €/MWh for 

the mixture, while the COP was 4.6 and 6.2, respectively. This cor- 

responds to an improvement of 11% in economic performance and 

36% in thermodynamic performance. The NPV of the mixture is 

25% higher than for ammonia, indicating that the increased ther- 

modynamic performance is able to cover a twice as large invest- 

ment cost. The payback times for the mixtures with the best eco- 

nomic performance are only slightly longer than for ammonia, as 

indicated in Table 4 . 

Case II: T Source 40 °C → 25 °C; T sink 50 °C → 75 °C 

Fig. 5 and Table 5 show the corresponding information for case 

II. The obtained COPs for the pure fluids are in the same range as 

for case I. The performances for mixtures reach COPs above 6.0 for 

case II, while they were above 6.5 for case I. The specific cost of 

heat for the pure fluids are 31 €/MWh or larger, while the best 

mixtures reach values around 28.5 €/MWh. The mixture of 60% 

propylene and 40% butane shows the best economic performance 

and a COP of 5.8, corresponding to an increase in thermodynamic 

performance of 30% and a reduction of 8% in the specific cost of 

heat compared to ammonia. 

Fig. 6 shows the specific total capital investment cost TCI spec 

and the COP for all fluids in a scatter plot. The levelized specific 

cost of heat c h is indicated as a measure of the economic per- 

formance. The COPs of the pure fluids are all in a limited range 

around 4.5 for case I, while they approach COPs of 5 for case II 

using the IHX cycle. Lower cost of heat is mainly achieved by a re- 

duced specific investment cost, which varies between 400 €/kW to 

1,200 €/kW. The mixtures vary more and reach COPs of up to 6.6 

for case I and around 6.1 for case II. The diagrams show however 

that the best economic performance is not obtained for the high- 

est COPs but rather by a combination for both the COP and the in- 

vestment cost. The Pareto front of the mixtures visualizes that the 

COPs of the mixtures increase enough to compensate the increas- 

ing investment with respect to the economic boundary conditions. 

3.2. Analysis of suitable assumptions for heat exchanger dimensioning 

In order to analyze the consistency of the discussed assump- 

tions for the dimensioning of the heat exchangers for the purpose 

of comparing pure fluids and mixtures, the introduced approaches 

were compared on a theoretical basis and subsequently evaluated 

for the two case studies. 

3.2.1. Theoretical analysis 

An analysis of the heat exchanger area and the relation to 

the performance revealed, that an increasing heat exchanger area 

resulted for the case of relatively large temperature differences 

in a reduction of the mean temperature differences T̄ Cond − T̄ Evap 

and thereby in an improving performance. The temperature differ- 

ence between the average condensation and evaporation temper- 

ature T̄ Cond − T̄ Evap was however limited by minimum pinch point 

temperature differences that were approaching 0 K, which corre- 

sponds to infinite heat exchanger area. For the case of an ideal pure 

fluid, the minimum temperature difference between average con- 

densation temperature and evaporation temperature was limited 

by ( ̄T Cond − T̄ Evap ) ≥ ( T Sink , out − T Source , out ) . A mixture with an ideal 

temperature glide match with the source and the sink can however 

reach an improved performance corresponding to a reduced differ- 

ence between average condensation and evaporation temperature 

of ( ̄T Cond − T̄ Evap ) ≥ ( ̄T Sink − T̄ Source ) . 
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Fig. 4. COP (left) and the specific cost of heat (right) over the composition of component 2 with most promising fluid indicated by colors for case I. 

Fig. 5. COP (left) and the specific cost of heat (right) over the composition of component 2 with most promising fluid indicated by colors for case II. 

Table 4 

Performance indicators for selected fluids with promising economic performance from screening of 

case I. 

Medium COP p evap p cond TCI spec NPV PBT c h 
– bar bar €/kW 10 0 0 € years €/MWh 

Ammonia 4.6 9.1 35 .1 375 624 3.4 30.1 

Butane 4.5 2.2 9 .5 663 448 5.9 32.9 

R-1234ze(E) 4.4 4.6 18 .5 511 497 4.9 32.2 

20% CO2 / 80% DME 5.6 9.7 25 .3 591 763 4.0 27.3 

30% Propylene / 70% R-1234ze(Z) 6.2 5.7 14 .6 740 781 4.5 26.7 

50% Propylene / 50% Butane 5.6 6.0 16 .4 623 736 4.2 27.8 

80% Propane / 20% Iso-Pentane 5.6 7.4 18 .9 647 728 4.3 27.9 

50% DME / 50% Iso-Pentane 6.4 3.5 9 .4 839 745 5.0 27.3 

Table 5 

Performance indicators for selected fluids with promising economic performance from screening of 

case II. 

Medium COP p evap p cond TCI spec NPV PBT c h 
– bar bar €/kW 10 0 0 € years €/MWh 

Ammonia 4.5 9.1 34 .2 423 567 4.0 31.0 

Butane 4.8 2.2 8 .9 710 493 5.9 32.1 

R-1234ze(E) 4.7 4.6 17 .2 585 547 5.0 31.2 

20% CO2 / 80% DME 5.6 9.4 24 .7 700 690 4.7 28.5 

40% Propylene / 60% R-1234ze(Z) 5.6 6.2 16 .7 759 658 5.1 29.0 

60% Propylene / 40% Butane 5.8 7.2 18 .2 779 687 5.0 28.5 

60% Propane / 40% R-1234ze(Z) 5.4 7.1 19 .6 662 672 4.7 28.9 

50% Propane / 50% Butane 5.6 5.5 15 .3 732 676 4.9 28.7 
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Fig. 6. Scatter plot for all fluids showing the COP and the specific investment cost TCI spec for both cases indicating the pure fluids and the mixtures in the Pareto front with 

respect to c h . 

Fig. 7. Performance and the sum of the UA-values of source and sink of an ideal pure fluid and an ideal mixture for a variation of �T pinch for an exemplifying case: Source 

40 °C → 30 °C, Sink 60 °C → 70 °C and 1 MW supplied heat. 

Fig. 7 shows the COP for both an ideal pure and mixed fluid 

and the sum of the UA-value for heat source and sink for a varia- 

tion of the pinch point temperature difference for an exemplifying 

case. The diagram shows the relation in two diagrams, with one 

focusing on the UA-values (left) and the other on the pinch point 

temperature differences (right). The ideal pure fluid converges to 

COP Car for a decreasing temperature difference and an increas- 

ing area, respectively, while the ideal mixture converges towards 

COP Lor . A comparison of the performance based on a complete heat 

exchanger area corresponding to a UA-value of 5 kW/K appears to 

be a solution at which the ideal pure fluid shows a performance 

that is close to its maximum. The ideal mixture instead shows a 

significant potential performance improvement for the choice of a 

larger heat exchanger investment. The trade-off between the heat 

exchanger area and the performance is fluid specific, which means 

that no heat exchanger size distribution can be found that is eco- 

nomically optimal for all fluids. A mixture for which an investment 

in additional heat exchanger area yields an increased performance 

might economically compensate the investment by an improved 

performance, while this is not the case for a pure fluid, for which 

an additional heat exchanger area results in only a limited perfor- 

mance increase. Any choice of a specific parameter defining the 

reference size for the comparisons therefore may lead to omission 

of promising solutions and might inherently be more or less opti- 

mal for one or the other fluid. 

Following this argumentation, it becomes apparent that a 

zeotropic mixture with a good temperature glide match with the 

heat source and sink implies the potential to operate at a higher 

performance, while the maximum obtainable performance of pure 

fluids is limited to a lower value, even under consideration of infi- 

nite heat exchanger areas. It becomes accordingly undisputed, that 

any approach for comparison of pure fluids and mixtures, which is 

based on a specific heat exchanger area or a fixed thermodynamic 

average temperature difference, limits the possibilities for exploit- 

ing the potential performance improvement that is obtainable by 

using mixtures. 

Fig. 7 indicates that the trade-off among the heat exchanger 

area and the possible performance increase is more precisely ap- 

praisable by using a fixed pinch point temperature difference for 

the heat exchanger design. Assuming e.g., a pinch point temper- 

ature difference of 2 K yields a performance, which is for both 

the pure and the mixed fluid at approximately 90% of the respec- 

tively maximum achievable performance. We do therefore suggest 

designing the heat exchanger area for each fluid by assuming a 

minimum pinch point temperature difference for all fluids. Such a 

definition requires a certain engineering experience but implies the 
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Fig. 8. COP (top) and NPV (bottom) for selected fluids of case I and case II for 3 options: (a) fixed pinch point temperature differences, (b) fixed overall heat transfer 

investment to the value for ammonia, (c) heat transfer area optimized with respect to the NPV assuming a plant lifetime of n = 20 years. 

possibility to provide a comparison in which each fluid operates at 

its optimal heat exchanger area. 

3.2.2. Analysis based on case studies 

In total three approaches were evaluated for both cases for the 

fluids with the most promising economic performance. Approach 

a) defined the heat exchangers by a fixed pinch point temperature 

difference of 3 K. Approach b) defined the overall heat exchanger 

investment to the value that was obtained for ammonia by fix- 

ing the pinch point temperature difference, while the distribution 

of the area to the source and sink heat exchanger was optimized. 

Both approaches were compared to option c) in which the heat 

exchanger areas were optimized with respect to a maximum NPV 

considering constraints for the minimum temperature differences 

of 1 K. 

Fig. 8 summarizes the results of the comparison for case I (left) 

and case II (right). It shows that the three approaches yield compa- 

rable results in both COP and NPV for the pure fluids, while the re- 

striction in heat exchanger size in b) yields a limited performance 

of the mixtures. Under the assumption of an equal heat exchanger 

investment, the mixtures are not able to exploit their full ther- 

modynamic and economic potential and perform at performances 

similar to pure fluids. If the heat exchangers are however designed 

for each fluid by defining the minimum pinch point difference as 

in a), both the thermodynamic and economic performance increase 

to values that are obtained under optimized conditions. 

In order to study the influence of the plant lifetime, the same 

analysis was repeated for the same cases assuming a lower plant 

lifetime of n = 10 years. The results are summarized in Fig. 9 . 

The COP of all fluids for approach a) and b) are the same as 

in Fig. 8 and accordingly independent of the plant lifetime. The 

COP for approach c) are however slightly lower, since the assumed 

shorter lifetime caused a lower optimal investment and thereby a 

decreased thermodynamic performance. The NPV were generally 

lower compared to a lifetime of 20 years while the relative dif- 

ferences between approach a) and c) compared to b) were similar. 

The trends did not differ between case I and case II, irrespective of 

the assumed lifetime. 

The findings from Figs. 8 and 9 are consistent with the con- 

clusions derived from Fig. 7 . The definition of the minimum pinch 

point temperature differences enables the exploitation of the ther- 

modynamic potential, which resulted in an enhanced exploitation 

of the economic potential, too. The results indicated furthermore 

that the increased investment for mixtures can be compensated 

within lifetimes as low as 10 years, for the cases in which the ad- 

ditional investment enabled an improved thermodynamic perfor- 

mance. 

4. Discussion 

The work suggested and demonstrated a method that provides 

a ranking of the different working fluids with respect to their ther- 

modynamic and economic performance by use of acknowledged 

design approaches. The method is based on experiences from dif- 

ferent screenings and summarized in the appendix. The exact ther- 

modynamic and economic performance is however dependent on 

the final design of components, as e.g., the different fluids show 

different reachable isentropic efficiencies, as described by Meroni 

et al. (2018) , or might differently compensate pressure drops in- 

duced by the heat exchanger equipment, as described by Mancini 

et al. (2018) . Appropriate analyses for addressing these aspects 

are numerically demanding and would exceed both the acceptable 

effort as well as the required accuracy of a preliminary screen- 

ing analysis. After having conducted a screening analysis as pre- 

sented by this paper, a more detailed analysis may be conducted to 

evaluate the different solutions in more detail. The more detailed 

analysis might furthermore comprise an analysis of the off-design 

behavior, as demonstrated by Zühlsdorf et al. (2018b) , and a sen- 

sitivity analysis of the most influential assumptions, such as the 

thermodynamic or economic boundary conditions. 

Different approaches for the sizing of the equipment were 

introduced and compared. Different studies, e.g., ( Högberg and 

Berntsson, 1994; McLinden et al., 2017; McLinden and Raderma- 

cher, 1987 ), suggested fixing the overall heat exchanger area in re- 

lation to the transferred heat as a basis for rational comparisons 

of working fluids. This approach was compared to designing the 
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Fig. 9. COP (top) and NPV (bottom) for selected fluids of case I and case II for 3 options: (a) fixed pinch point temperature differences, (b) fixed overall heat transfer 

investment to the value for ammonia, (c) heat transfer area optimized with respect to the NPV assuming a plant lifetime of n = 10 years. 

heat exchangers by the definition of a minimum pinch point tem- 

perature difference, as applied in e.g., ( Bamigbetan et al., 2016; 

Zühlsdorf et al., 2018b, 2018c ). The presented analysis has shown 

that any limitation of the heat exchanger area constrains the pos- 

sibilities for the zeotropic mixtures to exploit their full thermo- 

dynamic and economic potential for the described application and 

suggested that the definition of a fixed pinch point temperature 

difference appears to be a better assumption with respect to the 

defined performance indicators. It is however crucial to highlight, 

that this conclusion is based on the chosen application as well as 

on the chosen performance indicators. It is expected that fixing the 

pinch point temperature differences is favorable for the identifica- 

tion of high-performance fluids in which the application is being 

evaluated with a focus on the performance. This means that the 

application offers the potential to increase the thermodynamic per- 

formance by using mixtures and that the economic boundary con- 

ditions enable the improved performance to compensate the in- 

creased investment. In cases in which low investment is of higher 

importance or in which no performance increase can be obtained 

by temperature glide matching, e.g., when heat sink and source 

have constant temperatures, the approach of fixing the heat ex- 

changer area in relation to the supplied heat or cold appears to be 

suitable. 

The rationality of underlying assumptions is thereby dependent 

on the purpose of the screening. Our suggestions aim to identify 

cycles with a high thermodynamic performance rather than cycles 

with a limited investment and therefore follow a design approach 

with a focus on the performance, rather than on the investment. 

Other authors have however suggested various other approaches 

which might be reasonable for screenings with another purpose. 

5. Conclusion 

The paper focused on the evaluation and comparison of pure 

and mixed working fluids for applications, in which a performance 

increase is obtainable by using zeotropic mixtures. A procedure for 

evaluating and comparing the fluids was suggested. Different ap- 

proaches for the heat exchanger design were compared and it was 

shown that fixing the pinch point temperature differences yielded 

the results that were closest to the values for an economically op- 

timized solution. This means that an increased investment must be 

accepted in order to allow the mixtures exploiting their full ther- 

modynamic and economic potential. 

The screening method was demonstrated for two cases focus- 

ing on the utilization of excess heat from data centers and supply 

heat to district heating systems. The two analyzed cases differed 

by the heat source temperature glide. It was found for case I that a 

mixture of 30% propylene and 70% R-1234ze(Z) is expected to im- 

prove the thermodynamic performance by > 35% and decrease the 

levelized specific cost of heat by 10% compared to ammonia. For 

case II, a mixture of 60% propylene and 40% butane was found to 

show the best economic performance with a cost reduction of 8% 

and an improvement of 30% in COP, compared to the best perform- 

ing pure fluid. 

Based on these findings, it was concluded that zeotropic mix- 

tures imply the potential to significantly improve both the ther- 

modynamic and economic performance of heat pumps in suitable 

applications, but require an appropriate cycle design. Suitable ap- 

plications are applications in which there is a potential perfor- 

mance increase expected when using zeotropic mixtures and in 

which the economic boundary conditions remunerate solutions 

with a high thermodynamic performance. An appropriate design 

requires designing the components based on the specific refriger- 

ants in order to fully exploit the potential benefits as demonstrated 

by the suggested screening procedure. 
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Appendix A. Screening method 

The above descriptions showed the application of the procedure 

to identify promising working fluid mixtures to different case stud- 

ies. Based on the findings from the presented studies and the ex- 

periences in previous works, the method can be summarized as 

follows: 

1. Definition of the boundary conditions. 

The screening requires that the thermodynamic boundary con- 

ditions are defined. This could be the inlet and outlet tem- 

peratures of both sink and source and the supplied heat load 

or an equivalent set of variables. 

2. Definition of a list of potentially feasible pure fluids. 

The pure fluids considered in the screening of mixtures should 

conform to the following aspects: 
• Cover a wide range of typical influential parameters, such as 

the critical properties T c and p c . 
• Being miscible with as many as possible of the other fluids 

over wide ranges of pressure and temperature. 
• Current and future legislation on environmental impact on 

a local and international level. 
• Unwanted fluid characteristics, such as flammability, may be 

accepted at this stage. 

3. Screening of working fluids. 
• Selection of a cycle depending on the application. 
• Definition of the assumptions for the cycle evaluation: min- 

imum pinch point temperature differences, isentropic effi- 

ciencies, required superheating. 
• If applicable, definition of approaches for sizing the equip- 

ment: Estimation of the heat exchanger area. 
• If applicable, implementation of functions for the estimation 

of the equipment cost and definition of economic boundary 

conditions. 
• Simulation of all considered fluid combinations at different 

compositions and documentation of the most important re- 

sults. 

4. Screening evaluation (Post-screening). 

The screening provides a list of fluids, which can be ranked 

by the introduced thermodynamic and economic performance 

indicators. Additional secondary aspects may be considered in 

the selection of the most promising fluids. Examples of more 

detailed screening evaluations are presented in ( Mancini et al., 

2018; Zühlsdorf et al., 2017, 2018c, 2018a, 2018d ). The selection 

of the working fluids should comprise a sufficiently large num- 

ber of candidates and consider: 
• Thermodynamic performance criteria, such as the COP or 

suitable second law efficiencies, such as the exergetic effi- 

ciency ε or the Lorenz efficiency ηlor . 
• Economic performance indicators, such as the NPV or spe- 

cific cost of heat ch, under consideration of the uncertainties 

in the assumptions. 
• The miscibility of the chosen mixture over a suitable range 

of pressure and temperature. 
• Flammability. 
• Sensitivity with respect to change in composition. 
• Uncertainties in the medium property calculations, espe- 

cially for mixtures with estimated interaction parameters. 
• Detailed design and optimization of the heat exchanger 

equipment, incl. calculation of the pressure drop and the 

heat transfer coefficients. 
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H I G H L I G H T S

• A mean-line model for design and analysis of centrifugal compressors is presented.

• The model is validated against five test cases including three different fluids.

• The model is coupled to that of a high-temperature heat pump and optimized.

• The optimization method accounts for trade-offs in cycle and compressor designs.

• A two-stage steam compressor yields the best cycle performance.
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A B S T R A C T

This work presents a mean-line model of a centrifugal compressor and a method for a coupled optimization with
a heat pump system. The compressor model was validated with five test cases from the open literature including
the working fluids: air, refrigerant R-134a and carbon dioxide. Afterwards, the compressor model was coupled
and optimized with that of a heat pump cycle supplying steam at 150 °C. Two cycle configurations were con-
sidered: an open-loop system using steam, and a closed-loop system with five other working fluid candidates.
The compressor was designed using a multi-objective optimization algorithm, which seeks to maximize si-
multaneously the cycle coefficient of performance and the supplied heat flow rate. The method employed in this
work considers the possible trade-offs regarding cycle and compressor design criteria, and can be used to identify
cost-effective solutions for the next generation of heat pumps. The obtained results suggest that a two-stage
compressor using steam yields the highest values of coefficient of performance and heat supply, and at the same
time requires a more challenging compressor design.

1. Introduction

Heat pump systems are regarded as a viable and attractive solution
to recover excess heat from low-to-medium temperature heat sources of
many industrial processes [1–3].

Chua et al. [4] and Arpagaus et al. [2] reviewed the most important
advances in the field. The application of heat pump systems is currently
extending to the generation of high-temperature heat (with heat sink
temperatures above approximately 100 °C). The International Energy
Agency (IEA) [5] produced a report on industrial heat pumps, in-
dicating the markets, level of technological maturity, applications and
barriers of heat pumps. The report highlights that the theoretical po-
tential for application of industrial heat pumps increases significantly
for heat sink temperatures up to and higher than 100 °C. Nellisen and
Wolf [6] investigated the heat demand across different industries in the
European market and indicated that about 626 PJ (174 TWh) of heat is

reachable by industrial heat pumps, of which about 113 PJ (19%) is in
the temperature range 100–150 °C. Recently, Arpagaus et al. [3] pre-
sented a comprehensive review on high-temperature heat pump
(HTHP) systems, concluding that industrial HTHPs can potentially
supply the industrial European demand of 113 PJ.However, the lit-
erature highlights that the development of mass-produced units is
hindered by many factors, such as low awareness of the heat con-
sumption in companies and the possible technical solutions [5,3]; lack
of knowledge of comprehensive heat pump integration methods
[3,5,7]; lack of available refrigerants with low global warming potential
in the high-temperature range [3,8]; lack of cost-efficient solutions and
long payback periods [5,8,9]; and the technical challenges related to
the compressor operation at high temperatures [10].

In this respect, the centrifugal compressor (CC) technology is seen as
an attractive option compared with positive displacement compressors,
since it bears key advantages such as the potential for high efficiency,

https://doi.org/10.1016/j.apenergy.2018.09.210
Received 12 July 2018; Received in revised form 15 September 2018; Accepted 25 September 2018

⁎ Corresponding author.
E-mail addresses: andmer@mek.dtu.dk (A. Meroni), bezuhls@mek.dtu.dk (B. Zühlsdorf), be@mek.dtu.dk (B. Elmegaard), frh@mek.dtu.dk (F. Haglind).

Applied Energy 232 (2018) 139–156

0306-2619/ © 2018 Elsevier Ltd. All rights reserved.

T

[JP06] Meroni et al. 2018, Applied Energy 207



the possibility to operate at high pressure ratios, a compact design, and
oil-free operation [11,12]. The progress of the technology in the last
decades, and, foremost, the introduction of high-speed generators, have
made it possible to apply CCs even to smaller units in the refrigeration
and heat pump fields. Hastbacka et al. [13] claimed that small cen-
trifugal compressors are expected to replace reciprocating and screw
compressors for chilled-water systems in the range 88–281 kW as their
high initial cost is offset by improved energy efficiency. Süß [14] de-
veloped a centrifugal compressor for refrigeration applications with a
nominal power of 7 kW, operating up to 90 krpm and achieving an
overall efficiency of 70% (including the motor). Bertsch et al. [15]
conducted a study on the use of micro turbo-compressors in HTHPs,
concluding that such compressors are a viable alternative to traditional

technology. The working fluid can range from natural to synthetic re-
frigerants, and the compressor can experience considerably different
flow phenomena according to the selected medium. The combination of
high rotational speed, the variety of possible working fluids, and the
compact size often result in highly loaded compressors whose design
requires the adoption of suitable numerical tools and modeling strate-
gies.

The first step in the design of a centrifugal compressor is performed
using one-dimensional preliminary design models. One-dimensional
numerical methods, also called mean-line models, provide the design and
performance estimation of the centrifugal compressor through the so-
lution of the governing equations at the mean streamline and at the
main stations of the compressor components. Compared to more

Nomenclature

Symbols

A cross-sectional area, m2

AR vaned diffuser area ratio, –
AS vaned diffuser aspect ratio, –
b blade width, m
C absolute velocity, m/s
Cf diffuser friction factor, –
COP coefficient of performance, –
CP diffuser pressure recovery coefficient, –
dhb hydraulic diameter, m
Df blade diffusion factor, –
DR degree of reaction, –
m mass flow rate, –
h specific enthalpy, J/kg
ks blade surface roughness, m
K total pressure loss coefficient, –
Lz rotor axial length, m
Lb blade hydraulic length, m
LWR vaned diffuser length over width, –
M Mach number, –
N rotational speed, rpm
o throat, m
p static pressure, Pa
PR pressure ratio, –
Q heat flow rate, W
r radius, m
Re Reynolds number, –
s specific entropy, J/(kgK)
t trailing edge thickness, m
T temperature, K
U peripheral velocity, m/s
Vcomp,in compressor inlet volume flow rate, m3/s
W relative velocity m/s
Z number of blades –

Abbreviation and acronyms

CC Centrifugal Compressor
HP Heat Pump
HTHP High-Temperature Heat Pump
VD Vaned Diffuser

Greek letters

absolute flow angle, °
relative flow angle, °
density, kg/m3

clearance gap, m
w wake fraction at impeller exit, –

compressor isentropic efficiency, –
impeller slip factor, –
flow coefficient, –
secondary flow mass fraction, –
stage loading coefficient, –

Subscripts

0 total, impeller inlet
1 impeller throat static conditions
01 impeller throat total conditions
2 impeller exit static conditions
02 impeller exit total conditions
3 diffuser inlet static conditions
03 diffuser inlet total conditions
4 diffuser throat static conditions
04 diffuser throat total conditions
5 diffuser exit static conditions
05 diffuser exit total conditions
a axial direction
b,bl blade, back face
ch choking
cl clearance
h hub
vs interspace
vd vaned diffuser
tt total-to-total
ts total-to-static
th throat
t trailing edge, tangential direction
sf skin friction
s shroud
rms root-mean-square
rel relative
rc recirculation
r radial direction, rotor
pp pinch point
opt optimal
mix mixing
m meridional direction
lim limit value
is isentropic
ind inducer
Inc. incidence
imp impeller
id ideal
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advanced methods, i.e. through-flow or computational fluid dynamics
(CFD), mean-line models provide the design and performance estima-
tion of the machine in a relatively short time and with low computa-
tional effort. Harley et al. [19] investigated different 1D methods for
the performance prediction of CCs and concluded that the 1D single-
zone method is the most suitable for the preliminary design process,
since it provides the opportunity to analyze and reduce the internal
losses even for modern designs.

At the same time, the validity of preliminary design models for CCs
needs to be assessed to ensure that the accuracy and reliability criteria
required in the design process are met. Table 1 lists the mean-line
models that were developed for CCs and their corresponding validation
methods.

All the models in Table 1 were developed and validated using test
cases for a single working fluid. In particular, only three mean-line
models published in the open literature employed a working fluid
which is used in heat pumps, and these are the models by Schiffmann
and Favrat [11], Vilim [21] and Kus and Nekså [18]. The robustness of
a numerical model in its prediction capability relies not only on its
accuracy for different geometries, but also on its suitability when using
different working fluids. This is especially relevant for heat pump sys-
tems where, in the early design process, different working fluids can be
employed, and the machine geometry and performance need to be
carefully evaluated for each working fluid candidate. However, the
existing literature lacks investigations on the suitability of mean-line
models for the design and performance prediction of centrifugal com-
pressors considering different working fluids. In particular, the existing
loss correlations were derived from a pool of compressor data operating
with air, casting doubt on the suitability when different working fluids
are used.

Moreover, a widely adopted approach in the design of HP cycles is
to decouple the design of the thermodynamic cycle from that of the
compressor. In this case, the heat pump is typically designed by as-
signing a guess value in the isentropic efficiency and volume flow rate
of the compressor. This approach was used in previous studies [32–37]
for the design of different heat pumps and to select the most suitable
working fluid. However, decoupling the design of the thermodynamic
cycle from that of the compressor, may lead to inaccurate estimations of
the cycle performance and complex or unfeasible compressor design
solutions. Moreover, the working fluid represents an additional degree
of freedom in the design process, and can greatly affect both the system
and the compressor designs. In this respect, a combined design of the
thermodynamic cycle and the compressor is particularly important to
ensure that the working fluid selection includes considerations of the
performance and the technical aspects of both the cycle and com-
pressor.

Combined design optimization of the system and a turbomachine
was recently adopted for the design of organic Rankine cycle power

systems. For example, Da Lio et al. [38] proposed the design optimi-
zation of organic Rankine cycle systems using performance maps of
single-stage axial turbines generated with a mean-line model and in-
tegrated into the system design model. White and Saima [39] proposed
a similar approach, in which the performance maps were developed for
radial-inflow turbines and were used to design the organic Rankine
cycle power system. Meroni et al. [40,41] and La Seta et al. [42] pre-
sented a method for the optimization of an organic Rankine cycle
system with single and multi-stage axial turbines. In the field of heat
pump applications, there are few works related to the simultaneous
preliminary design optimization of CCs and the thermodynamic cycle.
Shiffmann and Favrat [11] developed a mean-line model for CCs and
optimized the compressor for different heat pump operating points to
minimize the overall seasonal energy consumption and to maximize the
overall seasonal compressor isentropic efficiency. Schiffmann [12]
proposed designing the centrifugal compressor by integrating the dif-
ferent models of the compressor components. The proposed approach
showed an increase of the seasonal compressor efficiency of more than
12%-points compared to the traditional design methods. Javed et al.
[43] proposed a method to design turbocompressors and heat pump
systems by including different levels of design complexity, from the
preliminary design with a mean-line model to the more advanced 3D
impeller aerodynamic design.

None of the aforementioned works, Refs. [11,12,43], performed the
design of the turbocompressor and the heat pump system including also
the selection of the most suitable working fluid, which is an important
key decision variable in the system design. Instead, the fluid was se-
lected a priori in the design process. Moreover, only Ref. [43] interfaced
a heat pump simulation model with that of a centrifugal compressor. In
this case, the optimization method involved the use of both mean-line
and CFD tools, requiring considerable time and computational efforts
which might not be suitable for the screening of design solutions using
different working fluids at the very early stage of the design process.

The objective of this paper is to develop a method for the combined
design of high-temperature heat pumps and centrifugal compressors
including the selection of the most suitable working fluid. To this end, a
steady-state mean-line model of a centrifugal compressor was devel-
oped for the design and off-design performance prediction of CCs. The
model formulation solves the governing equations with state-of-the-art
equations of state for the estimation of the fluid thermodynamic and
transport properties. Also, the method adopted in this work accounts
for the onset of choking conditions in the compressor. In order to assess
the suitability of the model using different working fluids, some vali-
dation test cases were performed including three working fluids: air, a
synthetic refrigerant (R134a), and CO2. The latter two test cases were
the only ones in the open literature presenting well-documented data of
CCs employing a fluid different from air. The compressor model was
then coupled to that of a HTHP, and the combined model was

Table 1
Review of mean-line models developed for centrifugal compressors in the open literature.

Ref. Year Model validation

Li et al. [16] 2015 Off-Design, air compressor with vaneless and vaned diffusers
Klausner and Gampe [17] 2014 1-D, Off-Design, six air compressors

Kus and Nekså [18] 2013 Design point, CO2 compressor
Harley et al. [19] 2012 1-D, Off-Design, three turbocharger compressors

Casey [20] 2012 0-D, Off-Design, turbocharger compressor
Vilim [21] 2010 Design point, CO2 compressor

Schiffmann and Favrat [11] 2009 Off-design maps, R134a compressor
Veres [22] 2009 Off-design maps, three axial single and multi-stage compressors

Oh et al. [23] 1997 Off-design maps, four air compressors
Aungier [24] 1995 Off-design map, five air compressors with vaned and vaneless diffusers

Perdichizzi and Savini [25] 1985 Off-design map, air compressor with vaned diffuser, off-design
Galvas [26] 1973 Off-design map, air compressor with vaned diffuser, off-design

Rodgers [27–30] 1964 Off-design map, thirteen backswept air impellers with vaned diffuser
Coppage [31] 1956 Aeroderivative air compressor, subsonic and supersonic conditions, off-design maps

A. Meroni et al. Applied Energy 232 (2018) 139–156

141

[JP06] Meroni et al. 2018, Applied Energy 209



optimized.
The primary novel contributions of this paper are the following: (1)

assessment of the suitability of a mean-line centrifugal compressor
model and its loss correlations to different geometries and working
fluids (air, R134a and CO2); and (2) a method for the combined opti-
mization of a heat pump equipped with centrifugal compressors en-
abling the selection of the most suitable working fluid in the early stage
of the design process.

The results and methods may be used to support engineers and re-
searchers in identifying cost-effective solutions in terms of design and
working fluid selection for the next generation of heat pumps.

The work is structured as follows: in Section 2 the design and off-
design models of the compressor, the test cases and methods used for
validation, and the optimization method are presented. In Section 3 the
results of the compressor model validation and the optimization
method are discussed. In Section 4 the results are presented, and in
Section 5 the conclusions are drawn.

2. Methods

This work employed a steady-state, mean-line model for the per-
formance prediction of CCs at the design and off-design conditions. The
model was written in the MATLAB language [44] and followed a mean-
line approach, based on which the thermodynamic and flow conditions
were computed at the mean streamline in the turbine meridional plane,
and were representative of mass-weighted averaged conditions over the
whole section. The development of the model focused on the modeling
of the compressor impeller, and the vaneless and vaned diffusers. Fig. 1
depicts a schematic of the centrifugal compressor highlighting the main
stations, the terminology and the symbols used in this paper. The
thermodynamic and flow conditions in the main modeling stations were
computed by the simultaneous solution of mass continuity, energy
balance, and loss equations. The fluid properties were computed using
real-gas equations of state using the thermodynamic libraries CoolProp
[45] and REFPROP [46].

A key aspect in the development of the mean-line model was the
identification of the choking point inside the compressor stage. Choking
occurs when the local velocity of the fluid inside the compressor pas-
sages reaches the speed of sound [47]. In a compressor, choking usually
occurs in the blade passages of the impeller or in the vaned diffuser at
the point of minimum flow area [48]. The onset of choking is also in-
fluenced by the rotational speed of the impeller, since this will de-
termine the value of the local relative velocity in the rotating co-
ordinate system. When the compressor chokes, the mass flow rate
cannot further increase and the performance drops abruptly,

compromising the effective operational range of the machine. For any
given operating condition, the method described here aims to identify
the choking point by evaluating the possibility of choking conditions in
the impeller inlet, the impeller outlet, or in the vaned diffuser.

2.1. Design model

Fig. 2(a) shows the workflow of the preliminary design model. The
inputs to the compressor model are the inlet total temperature T01, the
inlet total pressure p01, the rotational speed N, the mass flow rate m,
and the stage total-to-static pressure ratio PRts. In addition, a set of
decision variables related to the compressor geometry and fluid dy-
namic conditions needs to be given as an input. Table 2 shows the
design variables and the optimization constraints used in this work. The
upper and lower boundaries are imposed to find solutions which are
manufacturable, physically meaningful and technically feasible. An
upper bound in the tip speed is also imposed to limit the mechanical
stresses on the blades. The optimization constraints were selected from
the open literature according to Refs. [11,25]. The modeling strategy of
Fig. 2(a) applies to a predefined set of decision variables, and a dedi-
cated optimization procedure needs to be applied to determine the set
of decision variables producing an optimal compressor design, see
Section 2.5. Not all the design variables need to be specified in the
design code, and some of them may be fixed by the requirements of the
specific application. The number of impeller blades, with or without
splitters, can be included in the design and off-design modeling strategy
either as an additional decision or input variable. In the design model
the number of blades was calculated as a function of the total-to-total
stage pressure ratio using an empirical correlation derived from a pool
of compressor data of Ref. [49]:

Z 12.03 2.544PR (without splitters)r tt= + (1)

Z e4.527 32.22 (with splitters)r
1.865/PRtt= + (2)

where Zr is the number of impeller blades, rounded to the closest in-
teger value, and PRtt the stage total-to-total pressure ratio. Eqs. (1) and
(2) are valid for values of a design pressure ratio in the range 1.0–5.0
and 1.8–8.0, respectively.

The implementation of the design model follows the approaches by
Japikse and Baines [50] and Whitfield and Baines [51].

For a given set of input and decision variables, the first step in the
design modeling strategy is to identify whether the compressor stage is
choked (Step 0). If the compressor stage is choked, the decision vari-
ables need to be changed to allow for a higher mass flow rate through
the machine. Mass and energy balances, and the isentropic process
formulation in the inducer throat section are expressed as

Fig. 1. Schematic of the centrifugal compressor geometry.
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W m A/( )1 1 th,1= (3)

h h W U1
2

1
21 01 1

2
1,rms
2= + (4)

s s 001 1 = (5)

where A W U, , ,1 th,1 1 1,rms, and h1 are the density, cross-sectional flow
area, relative velocity, root-mean-square average peripheral speed, and
static specific enthalpy at the inducer throat section, respectively. The
term h01 denotes the total specific enthalpy, and s01 and s1 are the total
and static specific entropies, respectively. Eq. (5) assumes an isentropic
process from the inducer inlet to the throat. For given inducer inlet
conditions and geometry, the solution strategy adopted above allows
expressing s01-s1 as a residual function of 1 and m, as illustrated in
Fig. 3. For a given value of mass flow rate, the residual function shows a
non-monotonic behavior with a maximum. The condition at which the
peak of this function crosses the abscissa was identified as the choking
condition. For small values of m, when the maximum is above the
density axis, there are two values of 1 which satisfy Eq. (5). The larger
value represents subsonic flow conditions, whereas the smaller value
corresponds to supersonic flow conditions. By increasing the mass flow

rate, the peak of the curve moves downwards, and eventually crosses
the abscissa. Accordingly, choking occurs when the subsonic and su-
personic solutions coincide, and the Mach number at the throat is unity.
Fig. 3 shows that there is no solution to the system of equations for
values of mass flow rate higher than that of the choking condition. In
this case, the design process ends and a different set of design variables
needs to be provided to comply with the required input conditions. If
choking does not occur, the modeling strategy proceeds by evaluating
whether choking may be present at the exducer section (step 1).

To this end, the equations for mass continuity, momentum and the
losses at the exducer Section 2 are expressed as

C m A/( )m2 2 2= (6)

h h C U C Ut02 01 2t 2 1 1,rms= + (7)

h h h p s, 0
n

n

1
loss,imp 02 02 01

nloss
+ =

= (8)

where hloss,imp is one of the n impeller losses, which is modeled using
the empirical correlations presented in Section 2.3. To solve Eq. (7), an

Fig. 2. Modeling strategy for centrifugal compressors: (a) preliminary design model; (b) analysis model.
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expression for the tangential component of the rotor exit absolute ve-
locity, C t2 , was derived using the component in the meridional direc-
tion, C m2 , and the slip factor , which provides a measure of the flow
deviation at the impeller exit. Based on the slip factor, a slip velocity
can be computed, and the absolute and tangential velocities at the
impeller exit are the following:

C U C tan( )t m2 2 2 2b= (9)

C C Cm t2 2
2

2
2= + (10)

h h C1
22 02 2

2= (11)

The left side of Eq. (8) can be plotted as a function of the mass flow
rate and the impeller exit density, obtaining a trend similar to that of
Fig. 3. Subsequently, the impeller exit is evaluated for whether or not it
is choked, which results in a termination of the design process. If the
impeller is not choked, Eqs. (6)–(8) are solved to determine the ther-
modynamic and flow conditions at the impeller exit section (Step 2). If
the stage has only the impeller, the design process ends, and the model
performs the post-processing operations necessary to compute the
performance and the final design of the machine.

In the presence of a vaneless diffuser, the total pressure loss coef-
ficient K and the ideal pressure coefficients were computed based on the
specified stage exit total pressure p03 and pressure coefficient CP as
follows:

K
p p
p p

02 06

02 2
=

(12)

p p p pCP( )3 2 02 2= + (13)

KCP CPid = + (14)

The vaneless diffuser exit state was then determined by solving the
following set of equations for the exit density 3 [50]:

Table 2
Design variables and optimization constraints of the compressor design model.

Decision variable Description Units Lower boundary Upper boundary

h U/is 0,is 2
2= Isentropic stage loading coefficient [–] 0.3 1.1

N Rotational speed [krpm] 1 210
r r/1s 2 Inlet shroud to tip radius ratio [–] 0.4 0.7

r r/1h 1s Inlet hub to shroud radius ratio [–] 0.25 0.7
b r/2 2 Exit blade width over radius [–] 0.02 0.8

2b Impeller exit blade angle [°] −45 0

1b Impeller inlet average blade angle [°] −70 −20

Optional decision variables
Zr Number of total impeller blades [–] 6 60

Additional constraints
M1s,rel Relative Mach number at impeller inlet shroud [–] 0 1.4
M1,rel Relative Mach number at impeller inlet [–] 0 0.9

W W/2 1s Ratio of exit to inlet shroud relative velocities [–] 0.25 –
2 Impeller exit absolute flow angle [°] – 85

o1 Impeller inlet throat [mm] 1.49 50
DR Stage degree of reaction [–] −0.1 0.9
U2 Impeller exit peripheral speed [m/s] 0 400

r r/3 2 Vaneless diffuser radius ratio [–] 1.05 2

Fixed values (if not specified)
tb Blade thickness [mm] 0.2

Impeller clearance [mm] 0.15
b Impeller back face clearance [mm] 1

ks Impeller surface roughness [mm] 0.002
b b/3 2 Diffuser width ratio [–] 1
CP Diffuser pressure coefficient [–] 0.44

Table 3
Modeling conditions of the high-temperature heat pump cycle.

Parameter Value Unit

Evaporator
Teva 100 °C
peva psat(Teva) Pa

Condenser
Tsupply 150 °C

Tpp 3 °C
pcond psat(Tsupply + Tpp) Pa

Subcooling (closed-loop only)
Tsc 5 °C

Fig. 3. Identification of the choking point for a blade row.
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h h p( , )3 3 3= (15)

C h h2( )3 02 3= (16)

m C A cos( )(1 CP ) 03 3 2 2 id
0.5 = (17)

A feature of the vaneless diffuser is that it has no throat section and,
therefore, it cannot be choked [48]. If a vaned diffuser (VD) is present
(Step 4), the model needs to evaluate whether choking may occur in its
throat section according to the method followed so far. The vaned
diffuser throat equations are expressed as

C m A/( )4 4 th,4= (18)

h h C1
24 03 4

2= (19)

s s 003 4 = (20)

If the vaned diffuser is not choked, the governing equations are
solved as follows (Step 5):

C m A/( cos )5 5 5 5= (21)

h h C1
25 03 5

2= (22)

h h h p s, 0
n

n

1
loss,vd 03 5 3

loss
+ =

= (23)

In the design mode, the pressure at the exit, p5, was specified by the

required stage pressure ratio, and the flow angle 5 was determined to
match p5. In the off-design mode, the vaned diffuser exit pressure was
unknown. In this case, the exit flow angle was approximated with the
vane exit angle assuming a negligible exit flow deviation [50]. Eq. (20)
was expressed as a function of the impeller exit density 5, showing a
trend similar to that in Fig. 3. Similarly to the impeller modeling, if the
VD was already choked, the design routine ended. Alternatively, the VD
equations were solved, and the compressor design was completed by
the post-processing of the data.

2.2. Off-design model

Fig. 2(b) shows the off-design modeling strategy. In this case an
existing compressor design, or one calculated as in Fig. 2(a), was pro-
vided as the input and compressor performance maps were generated as
the output. The model inputs were the same as the design model, except
that the full turbine geometry is given as well. The mass flow ratem was
provided as an input for the generation of the performance maps. The
workflow of Fig. 2(b) applies to a single speed line, and an iterative
process was implemented to generate the performance map for different
values of the compressor rotational speed.

The off-design modeling strategy started by evaluating whether, for
the given input conditions, the inducer or the exducer was the first to
choke (Step 0). The set of Eqs. (3)–(5) were used for the inducer throat.
In step 0, the inducer choking mass flow rate is found by determining
the zero of the locus of maxima of the left side function in Eq. (5).

Table 4
Loss correlations.

Loss mechanism Loss model Reference

Impeller incidence
h W sininc

1
2 1

2 2
1,opt 1=

Galvas [26]

A Atan [( / )tan ]1,opt
1 1 th,1 1b=

Impeller friction h C W4 L
dsf fi

b
hb

2= Galvas [26]

W max W W W W( )/2) , ( )/21
2

2
2

th,1
2 2

2= + +
Aungier [24]

L r r b L2r 2b 8 2 1s 1h 2 z
2

(cos 1s cos 1h) / 2 cos 2b
+ + + +

Jansen [70]

d Z r
b

r r
Z

r r
r r

hb
2r2

r
cos 2b

2 2
2

2r1s
2

1 1h / 1s
2 r

(1 1h / 1s)
1 tan2 1bs 1

( 1h / 1s)2

2

= +
+

+
+

+ +

Galvas [26]

Impeller blade loading h D U0.05 fbl 2 2
2= Coppage [31]

( )D C1 1 2f
W
W

h
U

W
W

Z r
r

r
r

2
1 df

0
2
2

2
1s

r 1s
2

1s
2

1
= + +

Impeller clearance
h C C C0.6 b t b Z

r r
r r tcl 2 2

4
2 r

1s2 1h
2

( 2 1s)(1 2 / 1) 2 1m= +

Jansen [70]

( )/2a r= +
Impeller mixing ( )h Cb

mix
1

1 tan2( 2)
1 w

1 w

2 1
2 2

2=
+

Johnston and Dean [71]

0.93 0.07w
2

w= + where b 1, 0.15= = Japikse [48]
Impeller disc friction

h 0.25 iU r K
mdf
2
3

2
2 f= where ( )/2i 1 2= +

Daily and Nece [72]

if Re 3·10U r
µ2

2 2 2
2

5= < K 3.7 b
Ref

( b / 2)0.1

2
0.5=

if Re 3·10U r
µ2

2 2 2
2

5= > K 0.102 b
Ref

( b / 2)0.1

2
0.2=

Impeller recirculationa
h D U8·10 sinh 3.5· frc 5

2
3 2 2

2=
Oh et al. [23]

Vaned diffuser incidence
h W0.6sininc,rot 2

4 4,opt
1
2 4

2=
Conrad [73]

Vaned diffuser friction h C C2
L

dvd,sf f,vd m,vd
2 b,vd

hb,vd
= Conrad [73]

L dr r o b
o b

o b
o bb,vd

5 3

cos 3b 5b
2

hb,vd
4 4

4 4
5 5

5 5
= = ++ + +

a The flow angle is expressed in radians.
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Afterwards, the algorithm evaluates whether the exducer is already
choked for the inducer choking mass flow rate by identifying the lo-
cation of the peak of the residual loss function in Eq. (8). Like in the
design strategy, the off-design method evaluates whether the exducer
choking mass flow rate is smaller than the inducer choking mass flow
rate, and follows two different paths according to the result. If the ex-
ducer chokes first, the exducer choking mass flow rate is found by
solving Eqs. (3)–(5) and finding the zero of the locus of maxima in Eq.
(8). After determining the choking mass flow rate, performance maps
are computed by changing the mass flow rate until obtaining the
choking value (step 3).

A one-dimensional model has been implemented to solve the gov-
erning equations from the inlet to the outlet of the radial vaneless space
(Step 3). Stanitz [52] presented a set of one-dimensional equations for
the adiabatic flow in a vaneless radial diffuser including the effect of
friction. The equations for radial and tangential momentum, mass
continuity and energy balance can be derived from a fundamental
control volume analysis applied to the vaneless diffuser or by rearran-
ging and simplifying the Navier–Stokes equations [50,51]. They are
formulated as

C dC
dr

C
r

C C
b

dp
dr

cos( ) 1 0m
m t

f

2 2
+ + =

(24)

C dC
dr

C C
r

C C
b

sin( ) 0m
t m t

f
2

+ + = (25)

d
dr C

dC
dr b

db
dr r

1 1 1 1 0
m

m+ + + =
(26)

h h C1
2

002
2 = (27)

where b is the vaneless space width, provided at every point by linear
interpolation between the inlet and outlet values, and Cf is the friction
factor which was estimated using the correlation proposed by Japikse
[53] C Rek(1.8·10 / )f

5 0.2= . The parameter k is an empirical constant
which equals values between 0.005 and 0.02. In this work, the best
match with the experimental data was found for the value 0.0050. The
system of Eqs. (24)–(27) was solved using MATLAB ODE15i solver [44]
using the initial values of C C, ,m t and p at the impeller exit.

In the presence of a vaned diffuser, which may choke before the
impeller, Steps 2a and 1b were added, evaluating whether the diffuser
was choked. In that case, the choking mass flow rate was determined by
solving for the zero of the locus of maxima in the set of Eqs. (21)–(23).

The volute, placed after the diffuser, was also included in the off-
design modeling. The flow in the volute is treated as incompressible
following the indications by Japikse and Baines [50]. Mass and energy
balances, and the equations for losses accounting for the entropy gen-
eration between the volute inlet and outlet, are solved as follows:

4 3= (28)

C m A/( )4 4 4= (29)

h h C1
24 03 4

2= (30)

h h k C04 04,s v 3
2= (31)

where kv is an empirical coefficient set to 0.5.

2.3. Empirical models for losses and flow deviation

Several empirical correlations for losses and flow deviation in a
centrifugal compressor exist, see Refs. [23,48,51,54,55]. Table 4 shows
a summary of the set of loss models used in this work. These correla-
tions were selected as they were well described in the original refer-
ences and provided the best match with the data of the test cases.

To close the set of Eqs. (6)–(8), employed to solve the impeller exit

state, an expression for the slip factor has to be provided. This work
used the model by Wiesner [56] for the estimation of the slip factor.
This model was further improved by Aungier who introduced a limit for
high impeller radius ratios, accounting also for splitter blades as fol-
lows:

Z
1

cos 2b

r
0.7=

(32)

Eq. (32) is valid up to the limiting radius ratio given by

r r( / )
11 2 lim = (33)

sin(19 0.2(90 ))2b= ° + (34)

When the actual impeller radius ratio r r/1 2 exceeds the limiting value
r r( / )1 2 lim, a corrected slip factor is computed as follows:

r r r r1 ( / ) ( / )
1cor

1 2 1 2 lim

lim

(90 )/102b
=

(35)

2.4. Validation

The CC model was validated against five well-documented test cases
available in the open literature. Moreover, the test cases encompass a
range of different applications and employ three different working
fluids: air, R134a, and CO2. Table 5 lists the input data used to validate
the mean-line model for the different test cases. In the analysis mode,
the model was validated by assigning the actual geometry and com-
paring the performance for each test case. In the design mode, the
design point specifications and the full impeller geometry were as-
signed, and the diffuser geometry was calculated to match the required
stage pressure ratio.

2.4.1. Air compressors
The first three compressor test cases use air, and their experimental

results are considered to be one of the most comprehensive experi-
mental data sets for centrifugal compressors [57]. The three centrifugal
compressors were extensively investigated in the past, and were named
Eckardt compressors as they were tested by Dr. Dietrich Eckardt in the
1970s. The experimental investigations of Eckardt were published in a
series of papers [58–60] and were performed using laser two-focus
velocimetry, high-frequency pressure transducers, and conventional
pneumatic probes.

The accuracy of the experimental data amounts to ±1% for the mass
flow rate, ±3 rpm in rotational speed, ±0.07 °C in temperature for the
baseline or ±0.2 °C with recovery factor error, ±2% on impeller exit or
diffuser inlet area, ±0.25% in nominal pressure or ±0.5% for r r/ 1.12 <
and angles to ±0.25° nominal or ±0.5° for r r/ 1.12 < . These values were
considered to be meeting or exceeding common research standards at
that time [57].

2.4.2. R134a compressor
The fourth test case was a centrifugal compressor which was de-

signed for domestic heat pump applications, and employed the re-
frigerant R134a. Due to the considered application, the use of a re-
frigerant, and the compressor size and type, this test case is particularly
relevant to assess the suitability of the mean-line model using a re-
frigerant working fluid.

The compressor was recently designed and tested by Schiffmann
and Favrat [11,61–63]. Table 5 lists the geometrical and modeling
details. The compressor could be tested at high rotational speeds and
employed gas lubricated bearings, allowing for oil-free operation. The
measurements were performed using different probes with an accuracy
of ±0.2 K in the temperature, ±0.002MPa in the pressure, ±0.5% in the
mass flow rate, and ±0.1% in the electric power [11]. The tests showed
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that the compressor could achieve values of pressure ratio up to 3.3,
power up to 1.8 kW, rotational speed up to 210 krpm, and internal
isentropic efficiency up to 79%. No details of internal flow measure-
ments were reported.

The experimental results proved the technical feasibility of a small-
scale, oil-free and direct driven turbocompressor for domestic heat
pump applications.

2.4.3. CO2 compressor
The fifth test case is a centrifugal compressor operating with su-

percritical CO2 and was tested by Wright et al. [64] at Sandia National
Laboratories (SNL) under the framework of the development of ad-
vanced Brayton cycles using supercritical working fluids.

This test case is particularly relevant since the working fluid is used
in the refrigeration field and there is the presence of highly challenging
numerical modeling conditions close to the critical point, where the
fluid properties exhibit large deviations from the ideal gas laws as well

as large variations. The compressor stage consists of an impeller and a
vaned diffuser. The rotor consists of six main blades and six splitter
blades, whereas the diffuser consists of 17 wedge-shaped vanes. Table 5
shows the geometrical and modeling details. The compressor uses gas
foil bearings, a high-speed permanent magnet motor/alternator and
labyrinth gas seals to reduce the rotor cavity pressure. A small-scale
loop was designed and the compressor was tested up to a rotational
speed of 65 krpm, a pressure ratio of 1.65 and a mass flow rate of
1.8 kg/s. Wright et al. [64] documented values of accuracy for the ex-
perimental temperature probes of approximately 0.2 K for resistance
thermometry devices, and 0.1 K for thermocouples. The test results
obtained by Wright et al. [64] demonstrated the possibility of stable,
controllable operation near the critical point.

In the validation, the results from the mean-line model are also
compared to numerical simulations carried out to validate a CFD code
documented in Pecnik et al. [65] for the impeller only and in Rinaldi
et al. [66] for the impeller and vaned diffuser. The CFD code is

Table 5
Data of the experimental centrifugal compressors.

Eckardt Impeller

O A B Schiffmann and Favrat Sandia
Ref. Units [57–59,74] [57–59,74] [57–59,74] [11,61,63,75,76] [21,64–66,77]

Input conditions
Fluid – Air Air Air R134a CO2

T01 K 288.15 288.15 288.15 265 305.97
p01 bar 1.01 1.01 1.01 1.65 76.9
N krpm 14–16 14–16 14–16 150–210 45–55

Impeller
r1s m 0.14 0.14 0.14 0.0056 0.0094
r1h m 0.045 0.06 0.0959 0.002 0.00254
r2 m 0.2 0.2 0.2 0.01 0.01868
b2 m 0.026 0.026 0.026 0.0012 0.00171
Lz m 0.13 0.13 0.13 0.007693 0.1137

Zr,full – 20 20 20 9 6
Zr,splitter – 0 0 0 9 6
LRsplitter – 0 0 0 0.5 0.7

1bs ° −63 −63 −60 −56 −50

1bh ° −32 −40 −45 −30.23 −40

2b ° 0 −30 −40 −45 −50
a mm 0.372 0.235 0.372 0.15 0.254
r mm 0.372 0.19 0.372 0.15 0.254
b mm 0.372 0.235 0.372 1 0.254

ks mm 0.002 0.002 0.002 0.01 0.01
tb1 mm 2.11 2.11 2.11 0.1 0.762
tb2 mm 1.08 1.08 1.08 0.1 0.762

Vaneless Diffuser
r3/r2 – 1.69 2.69 3.69 1.65 1.02
b3/b2 – 0.51 0.51 0.51 0.75 1

Vaned Diffuser
AR – – – – – 2.81
AS – – – – – 0.55
LWR – – – – – 3.41
Zvd – – – – – 17

3b ° – – – – 71.5
5b ° – – – – 71.5

tb3 m – – – – 0
tb5 m – – – – 0.00335

b b/5 2 – – – – – 1
r r/5 2 – – – – – 1.37

Inducer
r0 m – – – 0.01 –

Lind m – —- – 0.02 –
ks,ind mm – – – 0.1 –

Volute
r4 m – – – 0.0045 –
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representative of the current state-of-the-art for numerical modeling of
centrifugal compressors operating with CO2, and therefore the CFD
results were used as an additional benchmark for the validation of the
mean-line model.

2.5. Case study and cycle modeling

The method used to design a HTHP equipped with a centrifugal
compressor, was applied to the design of a high-temperature cycle of a
cascade heat pump for steam generation. The heat pump was designed
to supply industrial process steam at 150 °C, while utilizing heat sup-
plied at 100 °C. The bottom cycle, not included in the present analysis,
utilizes low-temperature heat sources such as excess heat or district
heating while providing constant operating conditions to the top cycle.

Fig. 4 depicts two investigated cycle layouts of the heat pump
system. Layout (a) is an open-loop cycle in which the working fluid is
the process steam itself. The steam is returned from the process as
condensate, before being directly evaporated and compressed. The
compression is realized in two stages, due to the comparatively high-
pressure ratio (above 5) for steam. An intercooler is included before the
second-stage compressor inlet to realize a more efficient compression
[67]. Layout (b) is a closed-loop, in which the working fluid is sepa-
rated from the steam. The heat pump cycle is a one-stage cycle with an
internal heat exchanger that preheats and evaporates the condensate
before supplying the steam to the process.

Fig. 4(a) shows also the use of an electric superheater before the first
compressor stage, which was adopted as a safety measure to avoid the
possible presence of two-phase conditions at the compressor inlet and
outlet. In the open-loop cycle, the optimal pressure ratio of the two
compressor stages was calculated as the geometric mean of the overall
compression ratio. As opposed to the closed-loop cycle, the open-loop
cycle can employ direct contact heat exchangers rather than surface
heat exchangers, since the working fluid is the same as the steam
supply.

Table 3 lists the modeling conditions of the thermodynamic cycle.
The evaporation temperature of the heat pump (HP) cycle was 100 °C,
and the cycle supplied heat at a temperature of 150 °C. A number of
different working fluids were selected according to the following cri-
teria: (i) subcritical cycle operation, (ii) no ozone depletion potential,
(iii) low global warming potential (< 150), (iv) availability of the
thermodynamic and transport properties in CoolProp [45] and/or RE-
FPROP [46]. The selected working fluids were pentane, isopentane,
cyclopentane, R1233zd(E), and MM. The latter is representative for
siloxanes, which are considered to be possible working fluid candidates
for future HTHP applications [68].

The compressor inlet temperature was determined by imposing a
degree of superheat, which was calculated as the minimum temperature
difference to avoid two-phase conditions at the compressor outlet.

Fig. 4. Layout of the HP cycle for steam generation using: (a) an open-loop with steam and (b) a closed-loop with other working fluids.

Fig. 5. Method for the combined multi-objective optimization of the heat pump
cycle and the centrifugal compressor.
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2.6. Design optimization method

The design model of the centrifugal compressor was coupled to that
of a heat pump. Fig. 5 shows the framework of the combined simulation
and optimization. First, the heat pump cycle boundary conditions were
set as indicated in Table 2. An initial guess value of 0.8 for the com-
pressor isentropic efficiency was assumed. The heat pump cycle and the
compressor models were then combined (inner red marked area) and
subsequently optimized (outer yellow area). The array X indicates the
seven decision variables of the optimization. The mass flow rate of the

compressor was used as a decision variable and was optimized together
with the other decision variables to maximize the cycle coefficient of
performance (COP) and the compressor inlet volume flow rate as fol-
lows:

V[max(COP), max( )] f(X)comp,in = (36)

m N r
r

r
r

b
r

X , , , , , ,1s

2

1h

1s

2

2
2b 1b=

(37)

Eqs. (36) and (37) show the mathematical relation between the

Fig. 6. Comparison between the measured ( ) and predicted (–) pressure ratio and isentropic efficiency for different Eckardt impellers [58–60]: (a,b) impeller O;
(c,d) impeller A; (e,f) impeller B.
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cycle and the compressor models, which are interfaced through the
mass flow rate and the compressor isentropic efficiency. The com-
pressor inlet temperature and pressure, and the outlet pressure were
governed by the thermodynamic cycle. Since the thermodynamic state
at the compressor inlet is fixed by the cycle specifications, the max-
imization of the compressor inlet volume flow rate, Vcomp,in, also cor-
responds to maximize the supplied heat flow rate.

The decision variables of Eq. (37) were varied by the optimizer
within the boundaries listed in Table 2 until achieving a technically
feasible and manufacturable design. The compressor impeller outlet
diameter was fixed to the value of 110mm, which corresponds to that
of the technology presented in Ref. [69] that focuses on similar heat
pump applications. Fixing the compressor tip diameter allows com-
paring different solutions based on the same size, and makes it possible
to compare with the state-of-the-art steam compressor of Ref. [69].
Since the compressor outlet diameter was fixed, the isentropic stage
loading coefficient h U/0,is 2

2= was readily calculated at the begin-
ning of the routine and, therefore, was not optimized. The optimal
number of blades was calculated using Eq. (1).

In the case of steam, where a two-stage compressor was required
(see Section 2.5), the second stage was optimized assuming to be
mounted on the same shaft as the first one, and the mass flow rate was
calculated by mass and energy balances at the intercooler. As a result, a
total of 12 decision variables was optimized in this case.

A multi-objective optimization was performed in MATLAB [44] and
was based on a genetic algorithm using a population of 500 individuals
and 200 generations. In the optimization of the two-stage steam com-
pressor, a population of 1000 individuals was used instead due to the
higher number of decision variables.

3. Results

3.1. Validation

Fig. 6 shows the comparison between the measured and predicted
pressure ratio and isentropic efficiency for the three Eckardt impellers
[58–60].

The discrepancy in pressure ratio for impeller O is within 1.4%. The
model underestimates the actual pressure ratio of impeller A by up to
6%. In the case of impeller B, the highest discrepancy is seen at 16 krpm
and for both low and high mass flow rates, where the model has a
deviation of up to 7%. The prediction of the isentropic efficiency also
follows the trends of the experimental measurements. The prediction
for impeller A shows high accuracy, although the model does not re-
produce the trend of the different speed lines perfectly. The maximum
discrepancy is about 2%-points. The efficiency predicted by impeller A
is close to that of the actual case and, like for the pressure ratio, the
efficiency results are underpredicted by up to 2%-points at the best
efficiency point, whereas the discrepancy is up to 6.7%-points at higher
values of mass flow rate. A similar trend is observed for impeller B;
however, in this case, the model predicts the peak of the efficiency
curves to be at 10% to 19% lower mass flow rate than the experimental
peak value. Overall, the trend of the speed lines for both the pressure
ratio and the efficiency with the mass flow rate is respected in all cases,
indicating that the present model can predict the compressor behavior
with consistency.

Fig. 7 shows the comparison between the measured and the pre-
dicted pressure ratio for the compressor operated with R134a. In gen-
eral, the agreement between the experimental data and the present
model is relatively good considering the challenges related to modelling
accurately mini and micro-scale turbomachinery (the maximum shaft
power of the compressor is about 1.5 kW). The highest discrepancy was
found at the lowest and highest values of the rotational speed, and close
to the choking point where deviations in the pressure ratio up to 7%
were found. Nevertheless, the model seems to capture the trend of the
experimental results well. A higher deviation is found in the prediction

of the compressor isentropic efficiency, see Fig. 7(b). The highest de-
viation is found close to the onset of surge and of choking, indicating
that the presence of inlet recirculation flows close to surge is the main
cause for the discrepancy between numerical and experimental data. In
Fig. 7(b), the error bars related to the efficiency computed from the
measurements of temperature and pressure are added as a reference.
The error bars were extrapolated from Refs. [11,76], where they were
calculated using the error propagation approximated by a first-order
Taylor series. The experimental uncertainty in the compressor isen-
tropic efficiency was only available for this validation test case. For
some speed lines, the model prediction is within the error band of the
experimental data, and in other cases, the deviation is up to 8%-points.
Similar results were obtained by Schiffmann [76] and Schiffmann and
Favrat [11], who showed deviations up to 8%-points using their 1D
model validated with the same test case.

Fig. 8 shows the validation with the Sandia [21,64–66,77] com-
pressor both for the 1D model and CFD calculations. The mean-line
model generally shows good agreement with the experimental trends,
with a maximum deviation of 15% in the enthalpy rise and 3.5%-points
in the efficiency. However, a higher deviation up to 17% in the en-
thalpy rise is observed at 55 krpm as well as a shift of the peak effi-
ciency from a flow coefficient of 0.03 to 0.04, corresponding to a 25%
deviation. The CFD results also show a shift towards lower flow coef-
ficients, especially at the low values of rotational speed, of about 25%
compared to the experimental data. Rinaldi et al. [66] argued that such
results are in a reasonable range of accuracy considering the challenges
of CFD modeling close to the critical point of CO2.

Table 6 shows the results of the validation of the design model. The

Fig. 7. Comparison between the measured and predicted results for the com-
pressor operated with R134a and studied by Schiffmann and Favrat [11,76]: (a)
pressure ratio and (b) isentropic efficiency.
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average deviation of the isentropic efficiency is within 5% for the
Eckardt impellers, while it goes up to approximately 7% for the test
case using R134a. Regarding the geometry, the diffuser radius ratio was
found to be higher in the test cases of the Eckardt [57–59,74] impellers
A and B and of the R134a compressor, the latter showing the largest
increase from 1.65 to 2.23, indicating that higher losses are predicted
for these cases. These results are in agreement with those found for the
off-design validation and further confirm that the model is suitable for
the preliminary design of centrifugal compressors using different
working fluids.

3.2. Compressor design optimization

Fig. 9 shows the Pareto fronts of the optimal solutions after the
multi-objective optimization for the different working fluids and in
terms of COP and supply heat flow rate. The point corresponding to an
equal weight of both the objective functions is selected as the best so-
lution in the Pareto front and is indicated with the red dot. The shape of

the Pareto fronts is for some fluids rather pronounced. This character-
istic stems mainly from the values of the mass flow rate, which for each
point in the Pareto front results as a trade-off regarding cycle perfor-
mances and the minimum mass flow rate required to avoid choking in
the compressor impeller.

In terms of cycle performance, the Pareto front for steam achieves
the highest value of COP and supply heat flow rate, respectively, 5.46
and 1.73MW at the best point. The fluid cyclopentane has the second
highest value of COP of 4.74, but delivers 1.22MW, corresponding to a
30% lower supply heat flow rate. The working fluid MM has a lower
value of COP, around 4.54, but also supplies the lowest value of heat
flow rate with approximately 0.24MW. The fluids n-pentane and iso-
pentane exhibit lower values of cycle COP, but values of heat flow rate
higher than cyclopentane and about 19% and 6% less than steam, re-
spectively. Finally, R1233zd(E) shows the lowest value of COP and a
57% lower supply heat flow rate of steam, respectively, 3.86 and
742.6 kW.

Fig. 9(b) shows the Pareto fronts regarding compressor total-to-

Fig. 8. Comparison between the measured and the predicted enthalpy rise and isentropic total-to-static efficiencyas a function of the flow coefficient m/( U d )01 2 2
2=

for the Sandia compressor impeller with vaned diffuser. Experimental data from Ref. [64] and state-of-the-art CFD data from Ref. [66].

Table 6
Validation of the design model.

Eckardt compressors

Impeller O Impeller A Impeller B Schiffmann Sandia
Refs. [57–59,74] [57–59,74] [57–59,74] [11,61,63,75,76] [21,64–66,77]

No 1 2 3 4 5
PRtt [–] 2 1.81 1.67 2.35 1.26

m [kg/s] 5.32 4.54 4.54 0.039 2.15
N [krpm] 14 14 14 180 50

is 0.78 0.62 0.53 0.5 0.41
Diffuser radius ratio (model) 1.69 1.80 1.88 2.23 1.37
Diffuser radius ratio (actual) 1.69 1.69 1.69 1.65 1.3697

model 0.885 0.869 0.843 0.744 0.717

exp 0.886 0.876 0.875 0.800 0.673
Deviation −0.03% −0.84% −3.70% −7.03% 6.52%
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static efficiency and inlet volume flow rate. In this case, the steam
compressor can accept the highest inlet volume flow rate, approxi-
mately 1.07m /s3 , but at the expense of the lowest values of total-to-
static isentropic efficiency in the two stages, about 0.69 and 0.68 in the
first and the second stage, respectively. The opposite trend is seen for
the other fluids which feature a higher value of compressor isentropic
efficiency and a lower value of inlet volume flow rate.

Table 7 lists the results of the design optimization, and Fig. 10
shows the meridional cut layout of the obtained compressors. The op-
timal value of mass flow rate varies significantly among the different
fluids: the highest value of 7.85 kg/s is found for R1233zd(E) and the
lowest value for steam with 0.64 kg/s in the first stage. The optimal
rotational speed is also very different and ranges from approximately
28.8 krpm for R1233zd(E) to 85 krpm for steam. Considering the fixed
impeller diameter of 110mm, such values of rotational speed result in
acceptable values of impeller tip peripheral speed, which are well
below the limit value of 500m/s. However, values close to this limit are
found for the two-stage steam compressor and stem directly from the
high value of rotational speed.

The seven compressors have a significant backsweep, above 40° for
all fluids except for the steam compressor, where the exit blades tend to
be of the radial type. The optimal solutions were found at the upper
limit of r1s/r2 for all hydrocarbons and the first stage with steam. All
compressor stages, except for those with R1233zd(E) and the second
stage with steam, feature a high fluid dynamic loading and high values
of relative Mach number at the inlet, M1s,rel, which exceed unity at the
shroud.

The throat dimensions of all geometries are between 4.1 mm and
7.4mm, enabling that they can be manufactured using a conventional
five-axis milling machine. All of the designs feature a similar number of
blades, between 18 and 22, for the same tip diameter. This suggests that
they will have similar costs.

Finally, the fluid R1233zd(E) resulted in the highest values of total-
to-total and total-to-static efficiency of approximately 0.91 and 0.79,
respectively. These values are about 10%-points higher than those of
steam. Despite the large differences in the isentropic efficiency, steam
still holds the highest value of COP due to advantages in the cycle
layout.

4. Discussion

The validation with the five test cases suggests that the model can
predict the performance of different compressor types with reasonable
accuracy under different thermodynamic conditions and applications,
from the ideal gas flows of industrial air compressors to real-gas and
dense flow conditions in refrigeration or CO2 applications.

The results of the optimization with the heat pump cycle suggest
that the open-loop using steam yields the highest performance in terms
of COP andVcomp in, , and it is therefore the preferred choice among all the
considered working fluids for the HTHP. Finally, the results of the
combination of cycle and compressor models suggest that, in the case of
mechanical design issues of steam compressors or if a single-stage
compressor is preferred to reduce the investment cost, a closed-loop
HTHP with cyclopentane gives the second best option, although at the
expense of a lower COP and supplied heat flow rate. In this case, a
lower optimal rotational speed of 48 krpm is employed, thereby redu-
cing the mechanical stresses on the impeller blades and yielding higher
values of compressor isentropic efficiency.

Previous works [32–37] focused on the working fluid selection for
heat pump applications by assuming a fixed value of isentropic effi-
ciency. The thermodynamic cycle performance was analyzed in terms
of COP and of the volumetric heating capacity. The latter was used as
an indication of the volume flow rate at compressor inlet, and thereby
the size of the compressor, for the same supply heat flow rate. This
procedure assumes that the volume flow rate at the inlet of the com-
pressor is directly related to the size of the compressor. However, the
results of the present study suggest that volume flow rates in the range
0.1–1.0m /s3 can be achieved with a compressor of comparable size and
suggest that the actual volume flow rate depends on additional aspects
such as the compressor stage pressure ratio, the maximum mass flow
rate, the rotational speed and the working fluid itself. For the same
reasons, the results of this study also suggest that the volumetric
heating capacity (supplied heat flow rate over compressor inlet volume
flow rate) might not be the most suitable indicator for estimating the
size and, therefore, the cost of the centrifugal compressor.

This aspect further highlights the importance of applying a mean-
line model together with that of the HP cycle. Moreover, the variation
of the isentropic efficiency for the different fluids substantiates the

Fig. 9. Pareto fronts of the optimal solutions for the selected working fluids: (a) COP and supply heat flow rate; (b) compressor isentropic efficiency and inlet volume
flow rate. The solution having an equal weight of the two objective functions is indicated with the symbol .
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relevance of the presented method, since it can represent the trade-off
in terms of heat capacity and COP, while providing reasonable esti-
mates for volume flow rates and isentropic efficiencies.

The results highlight that the use of steam also requires a more
challenging and expensive compressor design. The high value of rota-
tional speed produces high-velocity flows in the impeller and diffuser
passages, and requires low values of mass flow rate, leading to lower
values of isentropic efficiency. For this reason, the design of a high-
efficiency compressor for steam is a fluid-dynamic and technical chal-
lenge. Compared to the other fluids, the steam compressor may also
experience supersonic shock losses at the inlet and mechanical re-
sistance issues associated to the high values of peripheral speed in the
impeller. In addition, the presence of two compression stages, required
to deliver a pressure ratio above 5, represents a higher investment cost
in the overall system. Nevertheless, this may be compensated by the
absence of surface heat exchangers and the higher system COP.

The optimal design of the steam compressor obtained in this work,
features a rotational speed of 85 krpm, a peripheral speed of approxi-
mately 490m/s, blade angles in the range −15° to −5°, transonic flow
conditions at the compressor inlet with relative Mach numbers in the
range 0.76–1.02, and values of total-to-static isentropic efficiency of
about 0.69. These results agree with those presented in the literature.
Šarevski and Šarevski [78] analyzed the characteristics of a centrifugal
compressor for steam applied in refrigeration and heat pump systems.
They found that a pressure ratio of approximately 3.5 is the limiting
value for a single stage, and for a temperature lift of 20 °C to 45 °C they
found that a two-stage compressor is the optimal solution. This design
philosophy is confirmed in this work, as the single-stage compressor

design using the mean-line model results in excessive values of per-
ipheral speed, supersonic Mach numbers and choking conditions inside
the blade channels. In Ref. [78] the optimal blade angles at the impeller
exit were found to be in the range −15° to 0° with a Mach number at
the impeller inlet in the range 0.85–0.95. These values are in agreement
with those of the present designs.

Madsbøll et al. [69] presented the construction and initial tests of a
high-speed centrifugal compressor for a HTHP using steam as the
working fluid. The authors designed the compressor at the speed of 95
krpm with blade exit angles of −10°. They showed a maximum value of
compressor efficiency of 0.719 at the rotational speed 84.4 krpm, which
is about 2.9%-points higher than that predicted in the present work. In
the context of refrigeration applications, Süß [14] recently presented a
chiller module using a centrifugal compressor which was able to
achieve a COP of 14, considered to be 3 to 4 times higher than state-of-
the-art equipment in the field. The compressor was designed to operate
at 90 krpm and demonstrated an overall efficiency, including the
motor, of 70%, which is close to the values of the optimal compressor in
this paper.

Bantle [79] presented the test results for a prototype centrifugal
compressor retrofitted from a turbocharger unit to be used for me-
chanical vapor recompression in steam driers. The centrifugal com-
pressor was designed to deliver a thermal capacity of up to 300 kW, and
tests were conducted for an inlet temperature of 105 °C. At full capacity,
the turbocompressor operated at 90 krpm and achieved a pressure ratio
of 2.4 with an isentropic efficiency of 72%, a mass flow rate of
0.125 kg/s and an outlet temperature of 225 °C.

The test conditions are similar to those of the first-stage steam

Table 7
Optimal compressor design for different working fluids.

Parameter Units Pentane Isopentane Cyclopentane R1233zd(E) MM Steam (stage 1) Steam (stage 2)

T01 K 391.2 390.4 387.1 376.2 406.9 373.2 397.7
p01 bar 59.27 7.22 4.16 10.42 1.00 1.01 2.29
PRtt – 2.828 2.721 2.965 2.765 3.745 2.255 2.255
m kg/s 5.73 7.45 3.88 7.85 1.30 0.64 0.69
N rpm 46000 43985 48000 28802 34000 85001 85001

r1s/r2 – 0.70 0.70 0.70 0.53 0.70 0.70 0.68
r1h/r1s – 0.33 0.27 0.34 0.32 0.29 0.26 0.64
b2/r2 – 0.14 0.18 0.17 0.11 0.19 0.27 0.12

2b ° −43.6 −44.8 −44.7 −43.1 −44.91 −13.05 −5.16

1b ° −45.1 −47.7 −49.7 −34.5 −50.6 −34.3 −44.6
T03 K 428.9 429.1 430.4 429.6 429.9 476.1 504.6
U2 m/s 264.9 253.3 276.5 165.9 195.8 489.6 489.6
C3 m/s 105.9 88.4 118.7 67.6 81.0 199.3 212.6

2 ° −53.2 −55.3 −55.0 −55.1 −57.3 −33.5 −25.0
2 ° 65.7 70.1 70.6 72.2 76.7 69.2 67.2

M1s,rel – 1.09 1.08 1.08 0.84 1.03 1.02 0.85
M1,rel – 0.89 0.88 0.88 0.71 0.81 0.88 0.76
M2,rel – 0.69 0.61 0.56 0.55 0.46 0.35 0.37

M2 – 1.02 0.97 1.02 1.08 0.83 0.86
r1s m 0.0385 0.0384 0.0384 0.0291 0.0371 0.0384 0.0371
r1h m 0.0127 0.0105 0.0131 0.0094 0.0106 0.0098 0.0236
r2 m 0.0550 0.0550 0.0550 0.055 0 0.0550 0.0550 0.0550
Lz m 0.0360 0.0391 0.0353 0.0276 0.0371 0.0401 0.0189
b1 m 0.0257 0.0279 0.0252 0.0197 0.0265 0.0286 0.0135
b2 m 0.0079 0.0099 0.0093 0.0058 0.0085 0.0147 0.0065
b3 m 0.0079 0.0099 0.0093 0.0058 0.0085 0.0147 0.0065
Zr – 19 19 20 19 22 18 18

Zr,splitter – 0 0 0 0 0 0 0
r3 m 0.0735 0.0836 0.0738 0.0738 0.0735 0.1016 0.0996
o1 m 0.0058 0.0052 0.0050 0.0051 0.0041 0.0068 0.0074
DR – 0.755 0.738 0.764 0.748 0.743 0.704 0.636

ts – 0.764 0.759 0.750 0.788 0.697 0.693 0.686

tt – 0.892 0.851 0.886 0.907 0.838 0.796 0.797

COP – 4.38 4.18 4.74 3.86 4.54 5.46
Vin m /s3 0.38 0.40 0.39 0.14 0.26 1.07

Qsupply kW 1406 1626 1225 743 242 1734
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compressor from the mean-line model. The efficiency of Ref. [79] is
predicted to be 3%-points lower, and the mass flow rate is about 5.1
times smaller than the value 0.64 kg/s found using the optimization
method. However, the different value of mass flow rate is justified by
the different value of supply heat load, which in this work is maximized
and found to be 5.7 times greater than the 300 kW required by Bantle
[79].

More recently, the same author [80] presented the design of a two-
stage compressor which is a continuation of the previous work in Ref.
[79]. The two impellers feature characteristics similar to those in
Table 7. The optimal pressure ratio was 2 in the first stage and 3.2 in the
second stage, and it was distributed unevenly between the stages. As a
result, the first-stage impeller featured an inlet relative Mach number of
1.27 at the tip, and the second impeller a Mach number of 0.96. In the
optimal compressor design of the present work, the equal distribution
of the pressure ratio across the stages yields a maximum value of re-
lative Mach number of 1.02.

In terms of geometry, the two impellers presented in Ref. [80]
featured exducer diameters of 115mm and 146mm, respectively. These
values are different from the value employed in this work (110mm)
since the two turbocompressors were designed for two separate values
of stage pressure ratio.

The comparison with the aforementioned works, demonstrating si-
milar values of fluid dynamic parameters and compressor performance
among the studies, indicates that the method presented in the current
paper is suitable.

5. Conclusions

This paper presented a mean-line model for the design, optimization
and analysis of centrifugal compressors and heat pump systems. The
suitability of a mean-line centrifugal compressor model and its loss
correlations, was assessed for different working fluids and geometries.
Moreover, a novel method for the design and optimization of a heat
pump cycle equipped with a centrifugal compressor was presented.
Such a method aims to determine technically feasible solutions from the
compressor and heat pump viewpoints. This approach is intended to
facilitate engineers and researchers in identifying cost-effective

solutions for the next-generation heat pump designs.
The compressor model was validated at design and off-design con-

ditions with the experimental data of five test cases including three
different working fluids: air, R134a, and CO2. The off-design model
showed deviations with the measured data up to 7% in the mass flow
rate and 8%-points in efficiency. Overall, the model captured the trend
of the experimental results. The design model was validated within 7%
in the compressor isentropic efficiency. The validation suggests that the
compressor model and the loss correlations can be used to simulate the
performance of different machine geometries and working fluids with
sufficient accuracy.

In order to show the relevance for a practical application, the pro-
posed design method was applied to the case study of a top cycle of a
high-temperature heat pump supplying steam at 150 °C. To this end, the
compressor design model was coupled to the cycle design model, and a
multi-objective optimization was performed. The decision variables of
the compressor design model were optimized to maximize the cycle
coefficient of performance and the supply heat flow rate. The method
was applied to two different configurations: a closed-loop cycle using a
selected refrigerant, and an open-loop using a two-stage compressor
with water, which is representative of the current benchmark for such
high-temperature heat pumps. In the closed-loop cycle, five working
fluids were selected and analyzed.

Compared to a simple estimate of compressor efficiency and volume
flow rate, the optimization of the integrated cycle and validated com-
pressor models allowed finding more accurate results and restricting
the solution space to more feasible designs also considering the com-
pressor design criteria.

The open-loop with the two-stage water compressor achieves the
highest values of coefficient of performance and heat flow rate, re-
spectively, 5.48 and 1734 kW. At the same time, the design of a suitable
water vapor compressor is found to be more challenging due to the high
values of rotational speed, the low values of mass flow rate and the
large pressure ratio, which in turn require the adoption of a two-stage
solution. Moreover, the high values of rotational speed resulted in
higher losses in the impeller and diffuser which will require special care
in the fluid-dynamics design of the machine. A closed-loop with cy-
clopentane is indicated to be the second best option in terms of the
coefficient of performance. In this case, the heat pump cycle would
feature a lower coefficient of performance of 4.74 in favor of a simpler
compressor design: a single-stage configuration with a backward swept
impeller and lower rotational speed.
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a b s t r a c t 

This paper presents a combined plate heat exchanger (PHE) - heat pump simulation framework for the 

evaluation of flow maldistribution in PHE evaporators and its effect on the cycle thermodynamic and 

economic performance. A case study of heat pump integration for waste heat recovery purposes in data 

centres was chosen to demonstrate the utilization of the simulation tool. The analyses were made for 

the pure fluids butane and propane, and for the zeotropic mixtures propylene/butane at (0.5,0.5) mass 

composition and CO 2 /dimethyl ether (DME) (0.2,0.8) as refrigerants. Both liquid/vapour maldistribution 

and the effect of end plates were considered in the heat exchanger models. Results show that butane is 

most sensitive to maldistribution, with a maximum Coefficient of Performance (COP) reduction of 5.9%, 

while propane experiences the lowest reduction of 2.5%. The different sensitivity of the working fluids 

to maldistribution was found to be related to the evaporator design, refrigerant pressure drop, and fluid 

properties. Last, the results of the economic analysis show that a higher specific cost of heat is obtained 

when considering maldistribution effects. 

© 2019 Elsevier Ltd and IIR. All rights reserved. 

Performances des pompes à chaleur utilisant des frigorigènes purs et mélangés 

avec des effets de mauvaise distribution dans les évaporateurs des échangeurs de 

chaleur à plaques 

Mots-clés: Échangeurs de chaleur à plaques; Mauvaise distribution de liquide-vapeur; Plaques d’extrémité; Chute de pression; Mélanges zéotropiques; Analyse économique 

1. Introduction 

Flow maldistribution implies a degradation in heat transfer per- 

formance for heat exchangers (HEXs) with multiple parallel chan- 

nels. Mueller and Chiou (1988) published a work defining maldis- 

tribution within the context of HEX design, namely as non-uniform 

mass flow distribution entailing a degradation of heat transfer be- 

tween the working fluids. Three main causes were identified, i.e. 

entry problems due to improper nozzle design, self-induced mald- 
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(B. Zühlsdorf), vikrant@umd.edu (V. Aute), wb@mek.dtu.dk (W.B. Markussen), 

be@mek.dtu.dk (B. Elmegaard). 

istribution by fluid flow characteristics, e.g. viscous or two-phase 

flow, and fouling and corrosion effects. 

Plate heat exchangers (PHEs) are one kind of multi-channel 

HEX, which is used extensively in a number of sectors. By stacking 

thin corrugated plates together, co- or counter-current flow chan- 

nels are formed, and high heat transfer coefficients are achieved in 

a compact design. 

Maldistribution in PHEs can be related to three main effects: 

(i)uneven channel-to-channel mass flow rate distribution, (ii) un- 

even in-channel mass flow rate distribution, and (iii) effect of end 

plates, i.e. the different heat transfer area of the outer-most PHE 

channels causes a modification of the mass flow distribution. 

Single-phase channel-to-channel maldistribution in PHEs has 

been described analytically ( Bassiouny and Martin, 1984a; 1984b; 

https://doi.org/10.1016/j.ijrefrig.2019.05.023 
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Nomenclature 

1D one dimensional 

2D two-dimensional 

CV control volume 

DH district heating 

DME dimethyl ether 

HEX heat exchanger 

PHE plate heat exchanger 

Roman letters 

A ht heat transfer area [m 

2 ] 

b corrugation height [m] 

CF annual cash flow [ € y −1 ] 

COP coefficient of performance [-] 

CRF capital recovery factor [y −1 ] 

C yearly cost [ € y −1 ] 

c specific cost/income [ € MWh 

−1 
] 

G mass flux [kg s −1 m 

−2 )] 

i interest rate [%] 

k wall wall conductivity [W m 

−1 K 

−1 ] 

L p plate port-to-port length [m] 

˙ m mass flow rate [kg s −1 ] 

n number of control volumes [-] 

N ch number of channels [-] 

n hp lifetime [y] 

OH operating hours [h y −1 ] 

p pressure [bar] 
˙ Q heat flow rate [W] 

TCI total capital investment [ € ] 

T temperature [ ◦C] 

t plate thickness[m] 
˙ W power [W] 

W plate width [m] 

x vapour quality [-] 
˙ V volumetric flow rate [m 

3 h 

−1 ] 

Greek letters 

α void fraction [-] 

β chevron angle [ ◦] 

� difference [-] 

η efficiency [-] 

� corrugation pitch [m] 

ρ density [kg m 

−3 ] 

Superscripts 

i index discretization along flow direction 

j index discretization number of channel 

Subscripts 

bubble bubble 

cond condenser 

design design 

dew dew 

eff effective 

el electricity 

eva evaporator 

gen generation 

h heat 

hg heat generation 

hs heat source 

HT heat transfer 

in inlet 

is isentropic 

min minimum 

out outlet 

�p pressure drop 

pinch pinch 

ref refrigerant 

SH superheat 

sink sink 

tot total 

V vapour 

Srihari and Das, 2006; Srihari et al., 2005 ), numerically ( Li and 

Hrnjak, 2016 ) and experimentally ( Bobbili et al., 2006; Li and Hrn- 

jak, 2018; Rao and Das, 2004; Rao et al., 2005; Tereda et al., 

2007 ). A higher PHE performance degradation was found to occur 

for smaller manifold port diameters, higher mass flow rates and 

a higher number of channels. The effect of end plates in single- 

phase flow was studied by Jin and Hrnjak (2017b) . They found that 

an overestimation of the overall heat transfer coefficient occurs by 

neglecting the effect of end plates, due to an underestimation of 

the effective heat transfer area. Li and Hrnjak (2018) developed a 

validated model for single-phase flow distribution in PHEs, show- 

ing that plates with higher length-to-width ratios are less affected 

by maldistribution. 

Two-phase flow maldistribution in PHEs was addressed by a 

few studies. Jin and Hrnjak (2017a) investigated the in-channel dis- 

tribution of R245fa experimentally. Large non-uniformities of the 

refrigerant mass flow rate were observed, with the occurrence of 

dry-out zones. Channel-to-channel flow maldistribution is particu- 

larly relevant for PHE evaporators in vapour compression systems. 

Since the refrigerant inlet is in two-phase, a non-uniform mass 

flow rate distribution entails uneven liquid/vapour distribution. 

Vist and Pettersen (2004) observed this phenomenon experimen- 

tally in a HEX manifold distributing saturated refrigerant mass flow 

into ten channels. They observed a monotonic decrease/increase 

of the inlet vapour phase with increasing distance from the inlet, 

for upward/downward flow, respectively. Madanan et al. (2018) in- 

vestigated the two-phase flow distribution of an air/water mixture 

from a U-type manifold into six and eight parallel horizontal mini- 

channels. The vapour phase distribution resulted to be dependent 

on the flow regime. A monotonic decrease was observed in case 

of slug flow and six channels, while oscillations occurred for the 

experiments with eight channels and plug flow. 

By taking the experimental results observed by Vist and Pet- 

tersen (2004) into account, Jensen et al. (2015) imposed different 

linear profiles of vapour quality at the PHE evaporator inlet by 

means of a numerical model with R134a used as a refrigerant and 

two different plate geometries. Mancini et al. (2018a) extended the 

work by comparing the degradation of heat transfer performance 

due to this kind of uneven liquid/vapour maldistribution for pure 

fluids and zeotropic mixtures. The use of a zeotropic mixture was 

demonstrated to increase the thermodynamic performance of heat 

pumps with respect to pure fluids by reducing the irreversibility 

in the HEXs ( Zühlsdorf et al., 2019; 2018a; 2018b ). Zühlsdorf et al. 

(2018a) further showed that the temperature glide match in the 

evaporator has a dominating effect compared to the condenser, 

which suggests that major attention should be given to the opti- 

mal design and operation of the evaporator. 

Mancini et al. (2018a) showed that a mixture of propy- 

lene/butane at 0.5/0.5 mass composition is only slightly affected by 

maldistribution effects. The refrigerant temperature distribution in 

the different channels was shown to remain unchanged for differ- 

ent rates of liquid/vapour non-uniformity at the inlet, resulting in 

no changes for the temperature glide match. The pure fluid butane 

is on the other hand subject to a degradation in total heat trans- 

fer of up to 11.2%. The results were however limited to a particular 
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Fig. 1. Work-flow of the overall procedure. 

case study ( Zühlsdorf et al., 2018b ), and the impact on the overall 

cycle performance was not estimated. 

It is in fact of paramount importance to evaluate how the heat 

transfer degradation in evaporators affects the thermodynamic 

performance of the cycle. Previous works address the analysis 

of flow maldistribution effects in air conditioning systems ( Kærn 

et al., 2011 ) and heat pumps ( Gong et al., 2008; Mader et al., 2015 ) 

for fin-and-tube evaporators. 

This paper presents a combined cycle and PHE simulation 

framework, which can be used in order to assess the impact on 

the Coefficient of Performance (COP) of heat pumps caused by end 

plates and liquid/vapour maldistribution at the inlet of PHE evapo- 

rators. The procedure is demonstrated by applying it to a relevant 

case study ( Zühlsdorf et al., 2019 ), evaluating four different work- 

ing fluids among pure and mixed refrigerants. The case study is 

also used as an explanatory example to estimate the impact on 

the system operating costs, thereby highlighting the importance 

of taking the heat transfer degradation in evaporators due to flow 

maldistribution into account when assessing the techno-economic 

feasibility of heat pump systems, as well as it allows comparing 

different refrigerants. 

2. Methods 

This section presents the procedure that was developed for 

evaluating the impact of maldistribution on the heat pump COP. 

The models were published in Mancini (2018) , where the scripts 

utilized for the case study analysis can be accessed together 

with a detailed documentation. The numerical models were built 

and integrated in the Matlab simulation environment ( Mathworks, 

2017b ). 

2.1. Integrated framework for coupled cycle-PHE analysis 

Fig. 1 shows the schematic of the procedure developed in this 

study. The work addressed the estimation of the off-design perfor- 

mance of both evaporator and cycle due to flow maldistribution. It 

was however coupled with preliminary cycle and HEX design. 

First, the boundary conditions for the heat pump sizing and the 

working fluid were defined. The heat pump design model allowed 

estimating the COP and the operating cost at design conditions. 

The refrigerant design mass flow rate, together with the thermody- 

namic state of the refrigerant, heat source and heat sink at evap- 

orator and condenser inlet and outlet were obtained as additional 

outputs and used in order to size the HEXs. The PHE evaporator 

and condenser models in design mode estimated the number of 

channels for a given plate geometry, thereby allowing the calcula- 

tion of the total investment required for the heat pump. In order 

to evaluate the effect of maldistribution, a two-dimensional (2D) 

evaporator model was developed and integrated with a heat pump 

model, containing off-design calculations for the remaining compo- 

nents and the condenser model in performance mode, based on a 

one-dimensional (1D) discretization. The overall off-design analysis 

was carried out for different imposed liquid/vapour maldistribution 

rates, which allowed estimating the impact on the heat pump COP 

and operating cost. The off-design model was additionally imple- 

mented by using an evaporator model in 1D. The aim was to assess 

the difference between an ideal distribution of the mass flow rate 

(equal to using the 1D model) and the 2D model with a uniform 
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Fig. 2. Schematic of the heat pump model. 

quality distribution at the inlet, thereby quantifying the effect 

of end plates. This will be futher explained in Section 2.4 . The 

following subsections present in details the different submodels, 

base of the overall procedure. More focus is given to the PHE mod- 

elling, since the heat pump cycle modelling approach was based on 

the work by Zühlsdorf et al. (2019) with a more detailed character- 

ization of the HEX components for both design and performance 

calculations. 

2.2. Heat pump design model 

The thermodynamic cycle was modelled in steady-state oper- 

ation as a single-stage vapour compression heat pump with four 

components, as shown in Fig. 2 . The design procedure was based 

on a fixed load at the evaporator or the condenser depending 

on the constraints of the specific case study. The design parame- 

ters were given by minimum pinch temperature differences in the 

HEXs, minimum superheat and fixed subcooling. The compressor 

was modelled by defining isentropic and motor efficiencies, while 

an isenthalpic operation of the expansion valve was assumed. The 

design model was developed for both pure and mixed refrigerants. 

The thermodynamic performance of the heat pump was evaluated 

by means of the COP, as expressed by Eq. (1) . 

COP = 

˙ Q sink 

˙ W comp 

(1) 

2.3. Heat exchangers models 

The simulation framework comprises HEX models, which can 

be run in either design or performance mode, to respectively solve 

the design and performance problems. The design mode aims at 

calculating the physical size of the HEX for a given heat load, mass 

flow rates and inlet and outlet temperatures and pressures. The 

performance mode aims at estimating the heat transfer and pres- 

sure drop of an already sized HEX, thereby using the full HEX ge- 

ometry, inlet thermodynamics, and mass flow rates as input and 

calculating heat flow rate, pressure drop and outlet temperatures 

and pressures ( Shah and Sekulic, 2002 ). 

The models were based on an internal solver for the solution 

of heat transfer and fluid flow, presented in Section 2.3.1 . Differ- 

ent external solvers were employed for the solution of the design 

problem and of the performance problem, as described respec- 

tively in Sections 2.3.3 and 2.4 . Note that the two performance 

solvers for evaporator and condenser were directly coupled with 

the equations for off-design operation of the heat pump. 

The following assumptions were employed in all the models: 

(i) steady-state operating conditions, (ii) adiabatic end plates, i.e. 

Table 1 

Discretization and tolerances adopted for the PHE models. 

Design models Performance models 

Evaporator Condenser Evaporator Condenser 

Type of discretization 1D 1D 1D/2D 1D 

Number of CVs 50 110 50 / 50 x 

(N ch , ref + N ch , hs ) 

110 

Tolerance 10 −5 10 −5 10 −5 10 −5 

no heat loss to the environment (iii) no longitudinal conduction 

through the plates, (iv) separated flow model for liquid and vapour 

phases, and (v) no pressure drop in the PHE manifolds. The man- 

ifold pressure drop can in some cases constitute a relevant con- 

tribution to the total pressure drop. It was however decided to 

neglect it since it is a term highly impacted by the real design 

of the HEX from specific manufacturers. Moreover, Li and Hrn- 

jak (2018) showed that manifold pressure drop decreases with de- 

creasing number of channels and increasing length-to-width ratios 

of the plates, thereby becoming negligible compared to channel 

pressure drop for PHE channels number lower than 100 and typi- 

cally manufactured length-to-width ratios. 

2.3.1. Solver for heat transfer and fluid flow 

The solver for heat transfer and fluid flow was implemented to 

solve the PHE model in performance mode, i.e. with the full geom- 

etry and inlet thermodynamics and mass flow rates specified as in- 

puts. The solver iterated on wall temperatures and pressure drops 

of both fluids, i.e. refrigerant and secondary fluid, following a suc- 

cessive substitution approach, in order to estimate the total heat 

flow rate and pressure drops of both fluids. Based on a start guess 

of linear wall temperature profile and pressure drop distributed 

evenly in the control volumes (CVs) along the flow direction for 

both fluids, the mass, momentum, and energy conservation equa- 

tions were solved iteratively for each CV. An alternate iteration ap- 

proach, as suggested by Eldeeb et al. (2016) , was implemented in 

order to accelerate the model convergence. 

The evaporator model in performance mode was based on both 

1D and 2D discretization approaches. The latter was used in order 

to describe maldistribution effects. The discretization schemes and 

iteration variables are shown in Fig. 3 (a) for the 1D case and (b) 

for the 2D case. A 1D discretization approach - similar to the one 

shown for the evaporator in Fig. 3 (a) - was applied for the con- 

denser model. In this last case, the mass flow of both fluids was 

assumed to distribute uniformly, thereby applying the discretiza- 

tion solely along the fluid flow direction with uniform steps of heat 

transfer area. 

Table 1 reports the discretization details for the solvers. The 

convergence criterion was defined based on the l 2 -norm of the 

relative residuals of the wall temperature and refrigerant and sec- 

ondary fluid pressure drop. A higher number of CVs was applied 

in the condenser case as a result of the grid independence study. 

Fluid thermo-physical properties were estimated by means of REF- 

PROP 10 ( Lemmon et al., 2018 ) for the refrigerants and CoolProp 

( Bell et al., 2014 ) for water. 

2.3.2. Correlations for heat transfer coefficients and pressure drop 

Correlations were used for the computation of heat transfer co- 

efficients, frictional pressure drop and void fraction for each con- 

trol volume in both two-phase and single-phase flow. 

The evaporation and condensation heat transfer coefficients 

for pure fluids were estimated by Amalfi et al. (2016) and Yan 

et al. (1999) , respectively. The Silver (1947) and Bell and Ghaly 

(1973) method was instead applied to account for mixture degra- 

dation of heat transfer during both evaporation and condensation. 

The method was initially developed for mixture condensation and 
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a b

Fig. 3. Discretization approaches for evaporator: 1D (a); 2D (b). 

was later extended to evaporation by Sardesai et al. (1982) . For 

mixture condensation, the ideal heat transfer coefficient was com- 

puted using ( Yan et al., 1999 ), while ( Martin, 1996 ) was used for 

the vapour phase correction term. For the evaporation heat transfer 

coefficient of mixtures, Mancini et al. (2018b) showed that small 

deviations on the total heat flow rate are obtained regardless of the 

combination of heat transfer correlations chosen for the method. 

Therefore, Amalfi et al. (2016) was applied for the two-phase con- 

vective contribution, Cooper (1984) was used for the ideal nucleate 

boiling contribution, Thome and Shakir (1987) was used for esti- 

mating the mixture correction for the nucleate boiling term and 

Martin (1996) was applied for the single-phase vapour contribu- 

tion. 

The Lockhart and Martinelli (1949) method was applied to eval- 

uate two-phase evaporation frictional pressure drop. The method 

was applied as proposed by Palm and Claesson (2006) , i.e. Martin 

(1996) was used to estimate the single-phase frictional pressure 

drop and the correlation developed by Chisholm (1967) estimated 

the two-phase multiplier with a Chisholm parameter equal to 

4.67. The Fanning friction factor correlation proposed by Yan et al. 

(1999) was instead used for condensation frictional pressure drop. 

Regarding pressure drop, no distinction was made between pure 

and mixed refrigerants and the same methods were applied for 

both evaporation and condensation. 

Since no void fraction correlation is available in literature for 

PHEs, the widely used correlation presented by Smith (1969) was 

used to estimate the cross-sectional average density and the mo- 

mentum density, which respectively are needed to compute the 

gravitational and acceleration contributions to pressure drop. The 

correlation was chosen since it was proven to well correlate data 

for two-phase upward annular flow ( Godbole et al., 2011 ), which is 

a reasonable assumption in PHE evaporators ( Vakili-Farahani et al., 

2015 ). 

A smooth transition was ensured between two-phase and 

single-phase in both superheated and subcooled regions for both 

evaporator and condenser, to avoid discontinuities. This was car- 

ried out by calculating the refrigerant heat transfer coefficient and 

frictional pressure drop by interpolating the two-phase and single- 

Fig. 4. Work-flow of the solver for the design problem. 

phase contributions at the interface. The smoothing was applied to 

the CVs with local vapour quality included in the intervals [0, 0.1] 

and [0.9, 1.0]. 

2.3.3. Solver for the design problem 

The evaporator and condenser models in design mode were 

solved based on an external solver iterating on the total number of 

channels in order to meet a dimensioning thermal load for a given 

plate geometry, following the Newton-Raphson method. The work- 

flow of the implemented solver is shown in Fig. 4 . The plate size 

(given by width W , length L and thickness t ) were defined together 

with the characteristic chevron-PHE corrugation height b , corruga- 

tion pitch � and chevron angle β . The inlet states and the mass 

flow rates of both working fluids were also fixed. An initial guess 

of the total number of channels N ch was provided to the solver 

for heat transfer and fluid flow. The solver estimated the total heat 

flow rate, and the first derivative with respect to N ch , subsequently 

used to update the guess value. The tolerance on the relative 
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Table 2 

Operating conditions equations for off-design operation. 

Evaporator Condenser 

T̄ ref , out − T dew = �T SH T̄ ref , out = T sink , in + �T pinch , min 

˙ m ref , tot · ρ̄ref , out = 

˙ V ref , out T sink , out = T sink , out −design 

Table 3 

Evaporator flow distribution equations. 

Mass conservation in manifold 

Refrigerant Heat source Refrigerant vapour 

N ch , ref ∑ 

j=1 

˙ m 

( j) 
ref 

= ˙ m ref , tot 

N ch , hs ∑ 

j=1 

˙ m 

( j) 
hs 

= ˙ m hs , tot 

N ch , ref ∑ 

j=1 

˙ m 

( j) 
ref 

· x ( j) 
ref , in 

= ˙ m ref , tot · x ref , in 

Outlet pressure equalization 

Refrigerant Heat source 
n ∑ 

i =1 

�p ( j,i ) 
ref 

= 

n ∑ 

i =1 

�p ( j+1 ,i ) 
ref 

, 

n ∑ 

i =1 

�p ( j,i ) 
hs 

= 

n ∑ 

i =1 

�p ( j+1 ,i ) 
hs 

, 

j = 1 , . . . , N ch , ref − 1 j = 1 , . . . , N ch , hs − 1 

residual of the total heat flow rate was fixed to 10 −3 . The required 

heat transfer area was calculated as the output of the solver. 

2.4. Off-design conditions: coupled cycle and PHE models in 

performance mode 

The off-design conditions were solved by creating an overall 

solver for the cycle, the PHE condenser and the PHE evaporator 

with and without liquid/vapour maldistribution. The solver was 

based on the fsolve algorithm ( Mathworks, 2017a ) coupled with 

the solver for heat transfer and fluid flow of condenser and evapo- 

rator and calculations for off-design compressor performance. The 

solver for heat transfer and pressure drop of both evaporator and 

condenser was presented in Section 2.3.1 . The compressor perfor- 

mance during off-design operation was evaluated by using the cor- 

relation presented in Granryd et al. (2009) , relating the isentropic 

efficiency to the deviating pressure ratio. This correlation is valid 

for volumetric compressors with built-in volume ratios, which are 

typically used in many heat pump applications. A full description 

of all the governing equations for all the components can be found 

in the model documentation available in Mancini (2018) . 

In the off-design model without maldistribution effects, the 

unknowns were defined as the heat pump operating conditions, 

while for the off-design model with maldistribution effect the un- 

knowns were given by the operating conditions and the mass flow 

rate distribution inside the evaporator. More specifically, the to- 

tal mass flow rate of the refrigerant ˙ m ref , tot and of the heat sink 

˙ m sink , tot , the evaporation pressure p eva and condensation pressure 

p cond were chosen as the four variables describing the cycle opera- 

tion. For the off-design model with maldistribution effects, where 

the evaporator was discretized based on a 2D approach, the vec- 

tors containing the mass flow rate distribution of the refrigerant 

and heat source in the different channels, namely ˙ m ref and ˙ m hs , 

constituted by N ch,ref and N ch,hs elements each, were set as addi- 

tional unknowns, together with the inlet vapour quality x ref,in . 

The equations implemented are reported in Table 2 for the off- 

design model without maldistribution effects. The four equations 

describe the operating strategy of the heat pump, thus dependent 

on the boundary conditions for the specific case study. In this case, 

the refrigerant superheat at the evaporator outlet, the suction vol- 

ume flow rate at the compressor inlet, the refrigerant subcooling, 

and the sink outlet temperature were chosen as control values, 

thus fixed to the values at the design point. 

Table 3 reports instead the additional equations needed for the 

off-design model with maldistribution effects, describing the mass 

1 2 3 4 5 6 7 8 9 10 11 12
Channel, -

0

0.05

0.1

0.15

0.2

0.25

0.3

x = 0
x = 0.05
x = 0.1
x = 0.15
x = 0.2
x = 0.25

Fig. 5. Imposed vapour quality maldistribution for a PHE with 11 refrigerant chan- 

nels. 

flow rate distribution of refrigerant and heat source in the different 

PHE evaporator channels. Table 3 shows a total of N ch , ref + N ch , hs + 

1 governing equations, since the outlet pressure equalization equa- 

tions for both refrigerant and heat source (reported in the second 

row) consisted of N ch , ref − 1 and N ch , hs − 1 equations, respectively. 

As indicated in Fig. 1 , the maldistribution rate was an input to 

the off-design model with maldistribution effects. A linear vapour 

quality variation was therefore imposed to the channels at the PHE 

inlet, similarly to Mancini et al. (2018a) . The variation was calcu- 

lated as function of a parameter �x , representing the difference in 

vapour quality between the outer-most PHE refrigerant channels. 

The inlet quality at the j th channel was thus estimated as function 

of the quality at the first channel, as expressed by Eq. (2) . 

x ( j) 
in 

= x (1) 
in 

+ 

j − 1 

N ch , ref − 1 

�x (2) 

The parameter �x was varied between zero (for even distribution) 

and 0.25 by steps of 0.05. An example of the imposed variation 

of vapour quality for a case of 11 refrigerant channels is shown 

in Fig. 5 , where each colour represents a different maldistribution 

rate and therefore a different off-design operation point of both 

evaporator and heat pump. 

The effect of end plates corresponded to the case of �x = 0 . 

In this last case, an even distribution of the vapour quality was 

imposed at the inlet of the PHE channels. The mass flow distribu- 

tion of both refrigerant and heat source is however non-uniform, 

since it is affected by the outer-most channels that are assumed 

perfectly adiabatic towards the outer environment. The difference 

between the 1D evaporator model and the 2D evaporator model 

with �x = 0 allowed quantifying this effect on both evaporator and 

heat pump performance. 

2.5. Economic analysis 

The impact of maldistribution on the economic performance of 

the heat pump was evaluated using the integrated framework pre- 

sented above. The degradation of COP in off-design conditions en- 

tails a drop of economic performance. By considering the economic 

boundary conditions case by case, the change in operating costs 

and revenue streams can be evaluated. The reader is referred to 

Zühlsdorf et al. (2019) for a comprehensive discussion about eval- 

uating costs and revenues for heat pumps in different applications. 

A common indicator is given by the (levelized) specific cost of heat, 

calculated in € /MWh by Eq. (3) . It is function of the different cash 

flow (CF) terms: the cost of electricity CF el and the income of sup- 

plying cold by cooling the heat source CF hs . Moreover, it depends 
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Table 4 

Heat pump design and operating parameters for the selected working fluids. 

Working fluid Inputs Outputs 

˙ Q eva , kW T hs,in , 
◦C T hs,out , 

◦C T sink,in , 
◦C T sink,out , 

◦C ˙ Q cond , kW p cond , bar p eva , bar ˙ m , kg s −1 ˙ V out , eva , m 

3 h −1 COP, - c h , € /MWh 

Butane 500 50 25 50 75 630 9.5 2.2 1.69 1100 4.5 32.7 

Propane 500 50 25 50 75 638 28.1 8.8 1.90 370 4.4 31.1 

Propylene/Butane(0.5/0.5) 500 50 25 50 75 600 16.4 5.6 1.62 460 5.6 25.8 

CO 2 /DME(0.2/0.8) 500 50 25 50 75 600 25.3 9.7 1.56 290 5.6 25.4 

on the Total Capital Investment (TCI), Capital Recovery Factor (CRF) 

and the yearly production of heat, evaluated by multiplying the 

condenser load ( ˙ Q sink ) by the yearly operating hours (OH). 

c h = 

CF el − CF hs + TCI · CRF 

˙ Q sink · OH 

(3) 

2.6. Case study 

The present section aims at introducing the case study cho- 

sen to demonstrate the utilization of the coupled cycle-PHE anal- 

ysis procedure. The case was previously published in Zühlsdorf 

et al. (2019) , without considering detailed HEX design and mald- 

istribution effects in evaporators. Section 2.6.1 presents the choice 

of the working fluids and the heat pump boundary conditions. 

Sections 2.6.2 and 2.6.3 highlight the assumptions and crite- 

ria adopted for the cycle and PHEs design, respectively. Last, 

Section 2.6.4 describes the economic boundary conditions. 

2.6.1. Working fluids and boundary conditions 

The case study aims at integrating heat pumps in data centre 

facilities for excess heat recovery purposes, for supplying heat to a 

district heating (DH) network. Zühlsdorf et al. (2019) carried out a 

screening of working fluids, including both pure and mixed refrig- 

erants, aiming at maximizing the cycle COP. Table 4 reports four 

working fluids that were found among the most promising from 

both thermodynamic and economic standpoints, namely the two 

pure fluids butane and propane, and the two zeotropic mixtures 

propylene/butane and CO 2 /dimethyl ether (DME) at (0.5/0.5) and 

(0.2/0.8) mass compositions, respectively. The heat pump design 

parameters and resulting operating pressures, suction volume flow 

rate, COP and specific cost of heat are also reported in the table. 

Note, that the two zeotropic mixtures outperform both pure fluids 

with higher COP at a lower specific cost of heat. The working fluids 

to include in the present study were selected with the purpose of 

assessing the impact of maldistribution for a diverse range of re- 

frigerants, with different thermo-physical properties and operating 

pressures. 

2.6.2. Heat pump design 

The design parameters and assumptions are reported in Table 5 . 

The sizing was carried out by fixing the heat source side, since a 

nominal cooling load must be provided to the data centre and the 

heat released to the sink (DH network) was considered as a sub- 

sequent revenue. A minimum superheat was ensured at the evap- 

orator outlet, e.g. the temperature of the refrigerant was increased 

Table 5 

Assumptions and design parameters for the case study. 

Description Parameter Value Unit 

Evaporator 

Medium source water −
Pinch point temperature difference �T pinch 3 K 

Minimum superheat �T SH 5 K 

Design load ˙ Q 500 kW 

Condenser 

Medium sink water −
Pinch point temperature difference �T pinch 3 K 

Subcooling T ref,out T sink , in + �T pinch K 

Compressor 

Isentropic efficiency ηis 0.75 −
Motor efficiency ηmotor 0.95 −

of �T SH in order to avoid refrigerant liquid droplets at the com- 

pressor inlet. The subcooling was defined to reach the highest pos- 

sible COP by maximizing it and reaching the imposed pinch point 

temperature difference at the liquid outlet of the condenser. The 

compressor was assumed to have no heat losses to the environ- 

ment, and typical values of isentropic and motor efficiencies were 

considered. 

2.6.3. Heat exchangers design 

The PHE design for both evaporator and condenser was carried 

out by considering typical plate dimensions from commercial man- 

ufacturers ( ALFA LAVAL, 2018; SWEP International AB, 2015 ). The 

plate size and models are reported in Table 6 . Note that different 

plate geometries were assumed for the different working fluids, 

due to the large differences in required heat transfer area. Mixtures 

usually require a larger area and hence investment, due to the 

lower temperature differences in the HEXs and the degradation of 

heat transfer coefficients compared to pure fluids. Therefore, plates 

with the larger area were selected for both propylene/butane and 

CO 2 /DME for the evaporator and condenser side. For the evapora- 

tor, a plate size with a lower aspect ratio ( L p / W ) was chosen for the 

pure fluids, due to the larger sensitivity of butane to pressure drop. 

On the other hand, the two condenser sizes were chosen with sim- 

ilar length-to-width ratios. 

2.6.4. Economic boundary conditions 

As the design of the HEXs and compressor was fixed by the 

nominal heat pump conditions, the total capital investment of 

the heat pump was not affected by the off-design operation. The 

Table 6 

Evaporator and condenser plate geometry, input for the design models ( ALFA LAVAL, 2018; SWEP International AB, 2015 ). 

Working fluid Evaporator Condenser 

HEX model W , m L p , m L p / W , − HEX model W , m L p , m L p / W , −
Butane SWEP B633 0.537 0.593 1.1 SWEP V65 0.363 0.731 2.0 

Propane SWEP B633 0.537 0.593 1.1 SWEP V65 0.363 0.731 2.0 

Propylene/Butane (0.5/0.5) SWEP B649 0.537 0.995 1.9 AQ6-FG 0.650 1.390 2.1 

CO 2 /DME(0.2/0.8) SWEP B649 0.537 0.995 1.9 AQ6-FG 0.650 1.390 2.1 
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Table 7 

Economic boundary conditions for the case study ( Zühlsdorf et al., 2019 ). 

Description Parameter Value Unit 

Lifetime n hp 20 y 

Operating hours OH 80 0 0 h y −1 

Effective interest rate i eff 5 % 

Specific cost of electricity c el 120 € MWh −1 

Specific revenue of heat source c hs 0 € MWh −1 

Specific income per supplied heat c sink 40 € MWh −1 

assumptions and cost correlations used in order to estimate the 

TCI are described in Zühlsdorf et al. (2019) . 

The operating cost and revenue streams were on the other hand 

influenced by maldistribution. The different boundary conditions 

adopted for the calculations are reported in Table 7 . A fixed num- 

ber of yearly OH was assumed, since the heat pump was designed 

for waste heat recovery and the income from the supplied heat 

to the DH was considered as an additional benefit of the heat 

pump integration. The specific revenue from the heat source was 

assumed equal to zero. 

3. Results 

This section presents the results obtained by applying the simu- 

lation framework to the case study. Section 3.1 presents the results 

of the PHE sizing for both evaporator and condenser, as a basis for 

the subsequent off-design analysis. Section 3.2 presents the impact 

of the imposed maldistribution on the working fluid mass flow 

distribution and evaporator performance, while Section 3.3 ex- 

plains the impact on the thermodynamic cycle performance. Last, 

Section 3.4 reports the results of the economic analysis for one of 

the working fluids. 

3.1. Evaporator and condenser designs 

Table 8 shows the output of the design models. The total num- 

ber of channels and heat transfer area was estimated, which gives 

an indication of the size of the components for each case and re- 

frigerant. The effective heat flow rate, the mass flux, and the to- 

tal refrigerant pressure drop were additional outputs of the design 

process. These results are dependent on the plate base design that 

was chosen for the working fluids. Commercial plates from man- 

ufacturers were considered, hence the PHE design was not based 

on a full optimization of the geometry but it was in fact based 

on heuristics in accordance with typically accepted values of re- 

frigerant pressure drop. This approach resulted in designs with a 

different number of channels for the four refrigerants. A full opti- 

mization of the PHE geometry was considered as outside the scope 

of the present work. 

The evaporator design for the two pure fluids butane and 

propane led to refrigerant pressure drop within the usual 50 kPa 

limit adopted by commercial manufacturers ( SWEP International 

AB, 2015 ). Despite the evaporator for butane was designed with a 

mass flux ( G ref ) equal to around half of the case of propane, similar 

pressure drops were obtained for the two fluids. This constitutes a 

first indication of the higher sensitivity to pressure drop of butane, 

i.e. a higher degradation of the PHE performance due to pressure 

drop is expected even if no maldistribution effect is accounted for. 

This will be further explained in Section 3.2 . 

The two zeotropic mixtures led to opposite PHE designs, de- 

spite the same plate geometry was assumed in both cases. The 

design for propylene/butane entailed higher pressure drop (equal 

to 63.5 kPa) and a lower heat transfer area, whereas low pressure 

drop and bigger heat transfer area was obtained for the case of 

CO 2 /DME. This is likely to lead to different impact of maldistribu- 

tion for the two working fluids. 

It is noted, that the condenser pressure drop predicted using 

the correlation by Yan et al. (1999) is very low for all the work- 

ing fluids, and in the case of propane equal to -0.86 kPa. The de- 

sign of the condenser presented in this case study corresponds 

however to a case with a large refrigerant sub-cooling, equal to 

24.3 and 21.3 K at the design point for butane and propane, re- 

spectively, and 8.7 and 2.0 K for propylene/butane and CO 2 /DME. 

The large sub-cooling results in dominant contribution of gravity 

pressure drop, which in turn, for downward-flow condensers, neg- 

atively contributes to the total value (i.e. results in a pressure re- 

covery). Note that the dominant contribution of gravity pressure 

drop was obtained as a consequence of using the correlation by 

Yan et al. (1999) (due to the low values of friction factor), and the 

choice of other prediction methods might change the result. This 

point is further discussed in Section 4 . 

3.2. Impact on evaporator performance 

Fig. 6 shows the mass flow rate distribution of the refrigerant 

into the different channels of the evaporator. The different col- 

ors represent the degree of maldistribution imposed by the model. 

�x = 0 corresponds to a uniform vapour quality distribution, thus 

indicating the effect of end plates on the channel-to-channel mass 

flow distribution. �x = 0 . 25 corresponds instead to the most se- 

vere maldistribution imposed by the model, namely an absolute 

difference of vapour quality at the inlet of the outer-most channels 

of 0.25. The results are reported in terms of percentage deviation 

from the average mass flow rate, e.g. the mass flow rate in each 

channel if an equal distribution was attained. 

The trends were similar for both pure fluids and mixtures, with 

larger mass flow rates flowing in those channels with lower in- 

let vapour quality (see Fig. 5 ). The higher pressure drop entailed 

by the vapour phase leads to a reduction of the mass flow rate in 

those channels where complete evaporation is reached earlier, in 

order to equalize the pressure drops. Butane showed the largest 

sensitivity to maldistribution, with mass flow rate deviation of up 

to 50% for �x = 0 . 25 . The maximum deviation of the other work- 

ing fluids resulted to be similar, with maximum values around 20% 

to 30%. 

Fig. 7 reports the total refrigerant mass flow rate (a), the to- 

tal evaporator heat flow rate (b) and the total refrigerant pres- 

sure drop (c), as a function of the maldistribution parameter �x . 

In Fig. 7 (a) and (b), the values were normalized with respect to 

the design point, which were presented in Table 4 . The refrigerant 

Table 8 

Results of design model for evaporator and condenser. 

Working fluid Evaporator Condenser 

N ch,tot , − A ht , m 

2 ˙ Q , kW G ref , kg m 

−2 s −1 �p ref,tot , kPa N ch,tot , − A ht , m 

2 ˙ Q , kW G ref , kg m 

−2 s −1 �p ref,tot , kPa 

Butane 61 22.3 501 57.4 28.8 161 49.2 633 29.0 0.01 

Propane 39 14.3 502 100.8 34.0 210 65.8 638 23.2 -0.86 

Propylene/Butane (0.5/0.5) 33 20.8 501 91.2 63.5 51 55.3 603 47.6 2.32 

CO 2 /DME (0.2/0.8) 65 41.0 500 44.6 10.9 51 55.3 602 45.8 0.55 
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Fig. 6. Mass flow distribution of the refrigerant in the different evaporator channels, shown as percentage deviation from the average value. 

Fig. 7. Impact of maldistribution effects on (a) total refrigerant mass flow rate, (b) evaporator heat flow rate and (c) total refrigerant pressure drop. 

pressure drop in Fig. 7 (c) was instead plotted as absolute values 

in order to show the ranking of the working fluids. 

The dashed lines in Fig. 7 represent the results of an evapora- 

tor 1D performance model, where the flow was assumed to dis- 

tribute perfectly uniformly between the different channels. There- 

fore, the difference between the design value and the 1D perfor- 

mance model accounts for the real operation of the heat pump, in 

which pressure drops of both evaporator and condenser affect the 

operating conditions, i.e. pressure levels and mass flow rate, due to 

the imposed control parameters, which were set as a fixed super- 

heat, subcooling and compressor suction volume flow rate. On the 

other hand, the difference between the dashed line and the point 

marker at �x = 0 quantifies the effect of end plates. The third and 

fourth columns of Table 9 report these differences in terms of per- 

centage deviation for the evaporator heat flow rate. The trend out- 

lined by the point markers in Fig. 7 represent instead the effect of 
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Table 9 

Evaporator heat flow rate degradation due to effect of end plates and liquid/vapour maldistribution. 

Real operation End plates effect Liquid/vapour 

maldistribution 

Overall effect 

Working fluid ˙ Q eva , design , 

kW 

˙ Q eva , 1D , 

kW 

˙ Q 1D − ˙ Q design 

˙ Q design 

, 

% 

˙ Q �x=0 − ˙ Q 1D 

˙ Q 1D 

, 

% 

˙ Q �x=0 . 25 − ˙ Q �x=0 

˙ Q �x=0 

, 

% 

˙ Q �x=0 . 25 − ˙ Q 1D 

˙ Q 1D 

, 

% 

Butane 500 468 −6.7 −2.2 −8.5 −10.5 

Propane 500 488 −2.5 −1.4 −2.7 −4.1 

Propylene/Butane (0.5/0.5) 500 469 −6.7 −4.8 −2.4 −7.0 

CO 2 /DME (0.2/0.8) 500 496 −0.8 −3.5 −1.6 −5.1 

liquid/vapour maldistribution. The last two columns of Table 9 re- 

port the degradation of heat flow rate in the most severe case 

of maldistribution ( �x = 0 . 25 ), compared to the case of uniform 

vapour quality distribution ( �x = 0 ) and to the results of the 1D 

model, respectively. The former solely quantifies the effect of liq- 

uid/vapour maldistribution, i.e. the slope of the degradation, while 

the latter reports the overall degradation due to end plates and 

liquid/vapour non-uniformity effects altogether. 

Fig. 7 (a) shows that both pure fluids – butane and propane –

and the mixture propylene/butane report an evident decrease of 

the total mass flow rate with increasing �x , whereas the zeotropic 

mixture CO 2 /DME does not follow a clear trend. Moreover, the re- 

duction of mass flow rate in the case of operation with no mald- 

istribution (dotted line) was found to be very small (around 1%) 

for CO 2 /DME, slightly higher for propane (around 2.5%) and sim- 

ilar for butane and propylene/butane, around 8% to 9%. The im- 

pact of real system operation on the evaporator heat flow rate 

was analogous, as shown in Fig. 7 (b). Real operation is strongly 

dependent on the effect of refrigerant pressure drop (in both 

evaporator and condenser) on the cycle operating conditions, and 

Fig. 7 (c) shows that higher pressure drop resulted in higher degra- 

dation of the mass flow and evaporator heat flow rate. Butane was 

found to be the only exception, with pressure drop being the sec- 

ond lowest after CO 2 /DME, yet entailing a higher degradation of 

performance. 

Regarding the effect of end plates, propylene/butane resulted to 

be the fluid most influenced, with a deviation of 4.8%. CO 2 /DME 

follows with a deviation of 3.5%, while the two pure fluids report 

smaller degradations. This was already shown in Fig. 6 , where the 

mass flow distribution into the different channels was reported for 

the working fluids. It may be seen that the line corresponding to 

�x = 0 reports a lower deviation from the average mass flow rate 

for both butane and propane compared to the mixtures. The devia- 

tion increases then more sharply for both pure fluids with increas- 

ing �x = 0 , compared to the mixtures. Fig. 6 shows indeed that 

the end plates affect the mixtures to a higher extent than both 

pure fluids, which instead resulted to be more sensitive to vapour 

quality maldistribution. 

Liquid/vapour maldistribution in fact impacted butane to the 

largest extent, leading to an overall degradation of the heat flow 

rate of 10.5% compared to the performance estimated by the 1D 

model. Non-uniform quality distribution contributed with 8.5% 

degradation. Propane resulted to be the second most affected fluid 

with a degradation of 2.7%. This is also shown by the slope of 

the point markers in Fig. 7 (b), which is steeper for the two 

pure fluids. Despite the lower degradation due to vapour quality 

non-uniformity experienced by propylene/butane, equal to 2.4%, a 

high impact was found for end plates effects, leading to an over- 

all higher evaporator performance degradation of 7.0%. The mix- 

ture CO 2 /DME resulted to be only slightly affected by liquid/vapour 

maldistribution, with an overall degradation of 5.1% mostly due to 

end plates effect. 

The different sensitivity of the working fluids to real system 

operation, the effect of end plates and liquid/vapour maldistribu- 

tion can be related to the PHE design, as well as to the differ- 

ent working fluid properties. The refrigerant pressure drop trends 

are highlighted in Fig. 7 (c), with butane clearly showing an in- 

crease in pressure drop with increasing �x . Table 10 reports some 

relevant fluid thermo-physical properties, evaluated at the evap- 

orator design conditions. These were used to analyze any pos- 

sible correlations between maldistribution and fluid characteris- 

tics. Brignoli et al. (2017) discussed about the effect of refrigerant 

thermo-physical properties on two-phase heat transfer and pres- 

sure drop. The authors highlighted how high refrigerant vapour 

density impacts the total refrigerant pressure drop by lowering 

the saturation temperature decrease due to pressure drop. This is 

Fig. 8. Impact of maldistribution effects on (a) condenser heat flow rate, (b) compressor power and (c) heat pump COP. 
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Table 10 

Refrigerant saturation pressure and thermo-physical properties at evaporator design 

conditions. 

Working fluid p eva,design , T bubble , T dew , ρV , 
dT bubble 

dp 
, 

bar ◦C ◦C kg m 

−3 K kPa −1 

Butane 2.2 22.5 22.5 5.7 0.140 

Propane 8.8 22.0 22.0 19.1 0.044 

Propylene/Butane (0.5/0.5) 5.6 19.8 37.0 13.6 0.054 

CO 2 /DME (0.2/0.8) 9.7 11.2 34.9 20.1 0.033 

quantified by dT bubble / dp , which can be estimated using the Clapey- 

ron relation ( Moran et al., 2018 ). Table 10 shows that butane re- 

ports vapour density nearly one third lower than propylene/butane 

and one forth lower than both propane and CO 2 /DME. Moreover, 

dT bubble / dp for butane is one order of magnitude higher than for 

the other working fluids, which instead present similar values. This 

means that, despite the lower pressure drop related to the PHE de- 

sign for butane, the evaporator is more affected compared to the 

other fluids. This explains why butane reports the higher degra- 

dation of evaporator performance due to real system operation, as 

well as a higher sensitivity to vapour quality non-uniformities. 

3.3. Impact on cycle thermodynamic performance 

A degradation of evaporator performance due to maldistribu- 

tion effects influences the performance of the overall thermody- 

namic cycle. Fig. 8 shows the effect of the different rates of im- 

posed vapour quality non-uniformity on total condenser heat flow 

rate (a), on the power required by the compressor (b) and the COP 

(c), defining the heat pump thermodynamic performance. 

The condenser load estimated by the 1D performance model, 

thereby accounting for pressure drops of both evaporator and con- 

denser, was found to be lower than the design value for all work- 

ing fluids. Similarly to the evaporator case, the decrease for bu- 

tane and propylene/butane was found to be higher, around 5% vs. 

a decrease of around 1% to 2% for propane and nearly negligi- 

ble for CO 2 /DME. This was due to the higher sensitivity of bu- 

tane to pressure drop and the highest value of pressure drop for 

propylene/butane as already presented in the previous section. The 

end plate effects in the evaporator for both butane and propy- 

lene/butane translate into similar values of condenser load reduc- 

tion, yet the slope of butane was the steepest among all the work- 

ing fluids. This is consistent with the results presented in Table 9 , 

which showed butane being the most affected fluid regarding liq- 

uid/vapour maldistribution. CO 2 /DME does not follow a clearly de- 

creasing trend, similarly to what was found for the total refrigerant 

mass flow rate in Fig. 7 (a). 

The effect of maldistribution on the power required by the 

compressor in Fig. 8 (b) shows that propane, propylene/butane and 

CO 2 /DME were negligibly affected by maldistribution, while butane 

underwent a visible decrease (2% to 3%). This is due to the oppo- 

site effects of the mass flow reduction (shown in Fig. 7 (a)) and 

an increase of pressure ratio and reduction of isentropic efficiency 

during off-design operation. The mass flow rate reduction is the 

dominating effect for butane, thus entailing a lower compressor 

power, whereas the other working fluids resulted to have a coun- 

teracting effect from mass flow rate and pressure ratio/efficiency, 

thereby having nearly constant compressor power. 

The condensation heat flow rate reduction together with the 

different trends from the compressor power affected the resulting 

heat pump COP, shown in Fig. 8 (c). The percentage deviations are 

reported in Table 11 , similarly to the evaporator case, i.e. by esti- 

mating the effect of real operation, end plates and vapour quality 

non-uniformity separately and altogether. 

Fig. 9. Impact of maldistribution effects on the heat pump cycle for butane. 

The effect of maldistribution on COP follows the same trend as 

the condenser heat flow rate for propane, propylene/butane and 

CO 2 /DME, since the compressor power was not affected. The de- 

crease of condenser heat flow rate was found to be dominating 

over the reduction of power consumption for butane, thereby en- 

tailing a COP reduction. The effect of end plates was however re- 

duced compared to the evaporator, and the slope of the maldistri- 

bution rates (increasing �x ) is less steep. 

By comparing the last columns of Tables 9 and 11 , it may be 

observed that the PHE evaporator degradation was translated into 

a lower effect on the COP for all the working fluids, comparable to 

half of the evaporator degradation. The difference between the de- 

sign and 1D model was reduced, as well as the effect of end plates, 

compared to the evaporator performance degradation. The relative 

ranking of the fluids with respect to each other was maintained, 

hence butane experienced the largest reduction of COP equal to 

5.9%, followed by propylene/butane, CO 2 /DME and propane. 

The effect of maldistribution on the cycle thermodynamic 

performance is additionally presented in Fig. 9 by the log( p )- h 

diagram of the heat pump cycle at the design point compared 

to the different cases of maldistribution. Fig. 9 shows the case 

of butane, since it resulted as the most sensitive fluid to mald- 

istribution. The trends for the other refrigerants were found to 

be similar. In agreement with the results shown in Fig. 7 (c), in- 

creasing �x entails an increase of refrigerant pressure drop at 

the evaporator, as clearly shown by the evaporator outlet state 

point reported in the log(p)-h diagram. Fig. 9 shows that the cycle 

operation is significantly affected by the occurrence of maldistri- 

bution effects. 

3.4. Economic analysis 

The results of the economic analysis are presented solely for 

butane. The other working fluids showed similar trends yet with 

different magnitude of the impact. Moreover, the results of the 

economic analysis serve as a mere indication of the utilization of 

the simulation framework presented in this paper, since they are 

dependent on the assumptions made for the specific case study. 

The economic performance indicator introduced by Eq. (3) , 

namely the specific cost of heat, is shown in Fig. 10 (a), while the 

two different revenue and cost streams associated with the cho- 

sen case study are reported in Fig. 10 (b), for design case, the heat 

pump real operation and the different maldistribution rates. Since 

the heat pump was assumed to be operated for a fixed number 

of hours, the specific cost of heat was found to increase due to 

maldistribution effects. The heat load of the condenser (presented 

in Fig. 8 (a)) resulted to be decreasing with increasing �x , and had 
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Table 11 

COP degradation due to effect of end plates and liquid/vapour maldistribution. 

Real operation End plates effect 

Liquid/vapour 

maldistribution Overall effect 

Working fluid COP design , COP 1D , 
COP 1D − COP design 

COP design 

, 
COP �x=0 − COP 1D 

COP 1D 

, 
COP �x=0 . 25 − COP �x=0 

COP �x=0 

, 
COP �x=0 . 25 − COP 1D 

COP 1D 

, 

− − % % % % 

Butane 4.52 4.37 −3.4 −1.3 −4.7 −5.9 

Propane 4.40 4.32 −1.8 −0.7 −1.8 −2.5 

Propylene/Butane (0.5/0.5) 5.58 5.31 −4.8 −1.9 −1.8 −3.7 

CO 2 /DME (0.2/0.8) 5.63 5.59 −0.7 −2.5 −0.1 −2.6 

Fig. 10. (a) Specific cost of heat and (b) yearly cost and revenue streams as function of �x for butane. 

a dominating effect compared to the decrease in operating costs 

associated to the compressor. The heat source was considered to 

be free excess heat from a data centre, while the TCI was fixed 

in all the cases, hence constituting the heat sink and compressor 

costs to be the only influencing factors. Fig. 10 (b) shows the yearly 

electricity cost of the compressor compared to the revenue stream 

(which is not considered for the computation of c h ). The revenue 

stream was determined by the heat of the condenser, which was 

supplied to the DH network. In agreement with the increasing 

trend of the specific cost of heat, the revenue stream was found 

to decrease with a steeper slope compared to the compressor run- 

ning costs, thereby leading to an increase in the operation cost of 

the heat pump when maldistribution affects the operation of the 

evaporator. 

4. Discussion 

The results presented in this paper showed the application of 

a coupled PHE-cycle simulation framework, which can be used for 

system design and operation analysis when maldistribution occurs 

in PHE evaporators. The application of the procedure was demon- 

strated step-by-step for a case study and four different working 

fluids. 

The results showed a general degradation of the evaporator and 

cycle performance both due to the effects of end plates and liq- 

uid/vapour maldistribution. The differences between working fluids 

were presented in light of several aspects contributing to such dis- 

crepancies, namely PHE design, obtained pressure drop and fluid 

properties. 

The PHE design was carried out by fixing the plate geometry 

to typical dimensions available from suppliers, no numerical opti- 

mization was carried out for any working fluids and the designs 

were chosen to respect typical allowable limits for pressure drop. 

Since the pressure drop, which is strongly influenced by the geom- 

etry, was found to affect the refrigerant sensitivity to maldistribu- 

tion effects, the results should not be taken as a final ranking of 

the different refrigerants. The results were instead presented as a 

way to use the simulation framework and to understand the dif- 

ferent aspects to take into consideration during design and anal- 

ysis of both evaporator and cycle. For instance, by looking at the 

results for PHE design for the two mixtures propylene/butane and 

CO 2 /DME in Table 8 , it can be observed that opposite evaporator 

designs were obtained: propylene/butane resulted in a configura- 

tion with a low number of channels, thereby higher pressure drop 

and low heat transfer area, whereas for CO 2 /DME a higher plates 

number was employed, entailing higher heat transfer area and 

low pressure drop. It was therefore found that a lower evaporator 

investment could be required for propylene/butane. The maldis- 

tribution study showed however that propylene/butane, with this 

particular PHE design, experienced evaporator heat flow rate re- 

duction of up 7%, leading to a 3.7% decrease of the system COP. 

The design for CO 2 /DME was instead found to entail lower effects 

of maldistribution, leading to maximum 2.6% reduction of COP, al- 

most entirely due to end plates. This means that, case by case, the 

trade-off between pressure drop and area investment must be de- 

cided also taking maldistribution effects into account, since they 

may impact the evaporator and cycle performance considerably, 

depending on the PHE geometry and pressure drop limit chosen 

during the design phase. 

Moreover, the results of the study showed that the thermo- 

physical properties of the refrigerant are a relevant aspect to 

consider. Brignoli et al. (2017) already stressed the importance of 

taking fluid characteristics into account to discriminate when com- 

bined optimization of cycle and HEX design leads to an effective 

increase of the cycle thermodynamic performance. They showed 

how a higher margin of COP improvement was obtained for those 

fluids for which increasing mass fluxes entailed a higher increase 

of heat transfer coefficient compared to pressure drop. They ad- 
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ditionally discussed how some fluid properties, such as vapour 

density and refrigerant temperature drop due to pressure drop, 

were influencing the trends. Maldistribution is another aspect to 

consider, since non-favourable thermo-physical properties (like the 

ones showed for butane in Table 10 ) implied higher performance 

degradation due to such effects. Choosing a PHE design leading to 

a lower impact of both end plates and liquid/vapour maldistribu- 

tion is therefore particularly relevant for fluids with higher pres- 

sure drop sensitivity. For example optimizing the PHE design for 

butane in the chosen case study, would likely lead to higher ben- 

efits in terms of performance improvement compared to the other 

working fluids. This must also be considered when choosing empir- 

ical design criteria to size PHE, e.g. limiting velocities or pressure 

drop. Mancini et al. (2018c) showed how the usually employed de- 

sign approaches do not necessarily lead to an optimal design for 

different working fluids, since different refrigerants are differently 

sensitive to pressure drop. This is in agreement with the findings 

of this work, which further stresses the importance of understand- 

ing maldistribution effects and of discriminating if it is relevant to 

consider them or to optimize the PHE design. 

It is relevant to mention that the application of the simulation 

framework consisted of an economic analysis to study the effect 

of maldistribution on the operating costs of the heat pump. The 

results are strongly dependent on the assumption of this particu- 

lar case study, especially regarding the values chosen for electric- 

ity cost and revenue from selling heat. Moreover, it was consid- 

ered that the heat source comes at no cost from internal excess 

heat recovery from the data centre. These assumptions might com- 

pletely change for different applications of heat pump integration, 

thereby stressing again that the economic analysis must be solely 

taken as an explanatory example of the procedure presented in the 

paper. 

This study was focused on maldistribution effects in PHE evapo- 

rators only, thus neglecting potential maldistribution issues related 

to condenser design. Specifically, no liquid/vapour non-uniform 

distribution can occur at the condenser inlet, since the refriger- 

ant is superheated vapour, hence only the effect of end plates 

may potentially be considered. Previous study by Zühlsdorf et al. 

(2018a) showed however that evaporator design affects the perfor- 

mance of heat pumps using mixed refrigerant to a larger extent 

compared to the condenser, and it was thus decided to limit the 

focus of this study on evaporator performance only. 

Note that liquid/vapour maldistribution was evaluated by car- 

rying out a sensitivity study on different slopes of vapour qual- 

ity variation at the channel inlets. This was based on the assump- 

tion of linear vapour quality profiles, as experimentally shown for 

tubular manifolds for compact HEXs in Vist and Pettersen (2004) . 

Moreover, a maximum variation of 0.25 was imposed as input to 

the model. Further experiments should therefore be carried out in 

order to validate the linear assumptions, as well as the slope of 

the distribution. Both evaporator and heat pump COP resulted to 

be largely affected, by limiting the maximum difference of the in- 

let vapour quality to 0.25, with maximum deviations due to liq- 

uid/vapour maldistribution obtained for butane of -8.5% and 4.7%, 

respectively. For a higher degree of maldistribution, it is thus ex- 

pected to obtain even larger degradation of both PHE and heat 

pump performance. 

Though not the focus of the present study, it is important to 

point out one aspect of condenser design and pressure drop pre- 

diction. The results of Table 8 showed that the frictional pressure 

drop evaluated using the Yan et al. (1999) correlation resulted in 

very low values of the frictional contribution. This led, for the case 

of propane, to have a dominant effect of gravity pressure recovery. 

However, it is again stressed that the conclusion on the dominat- 

ing effect of gravity pressure recovery is strictly related to the cho- 

sen prediction method for frictional pressure drop, and using cor- 

relations recently published by Tao and Ferreira (2019) or Zhang 

et al. (2019) could lead to opposite results. However, Mancini et al. 

(2019) showed that the influence of condenser pressure drop is not 

relevant for the heat pump COP of the same case study and fluids 

considered in the present paper. The results on evaporator mald- 

istribution effects presented in this paper are thus not sensitive 

to the chosen prediction method and to the resulting condenser 

design. 

5. Conclusions 

A coupled PHE-heat pump modelling framework was developed 

to evaluate the impact of end plates and liquid/vapour maldis- 

tribution at the inlet of PHE evaporators on heat transfer perfor- 

mance, heat pump COP and costs. A maldistribution parameter �x 

was defined to describe the vapour quality difference between the 

outer-most evaporator channels. The procedure was applied to a 

case study, for which the pure fluids butane and propane and the 

two zeotropic mixtures propylene/butane and CO 2 /DME were pre- 

viously found as optimal working fluids. 

A general reduction of the evaporator heat flow rate was ob- 

tained as a result of end plate effects. Propylene/butane was found 

as the working fluid that was most sensitive to end plates, with a 

4.8% reduction of evaporator heat flow rate, followed by CO 2 /DME 

and the two pure fluids. Butane was instead most sensitive to liq- 

uid/vapour maldistribution, with an impact equal to -8.5%, leading 

to an overall evaporator performance reduction of -10.5%. The high 

sensitivity was found to be related to the PHE design, and espe- 

cially to the low working fluid vapour density, the higher temper- 

ature drop due to pressure drop and low evaporation pressure. 

The impact of maldistribution effects was also translated into 

an estimation of COP degradation. The relative ranking of the 

working fluids was shown to be similar to the ones for the evap- 

orator, i.e. with butane as the most sensitive fluid, with -5.9% 

due to end plates and vapour quality non-uniformity effects alto- 

gether and propane the least affected (-2.5%). The reduction of COP 

was lower compared to the evaporator performance degradation, 

around half of the value of all the working fluids. 

The economic analysis showed the impact of COP reduction on 

the specific cost of heat, compressor running costs and revenue 

from the heat sink. It was shown that, despite a decrease in the 

electricity needed to run the compressor during off-design oper- 

ation due to maldistribution, a lower yearly production of energy 

was achieved for a fixed number of operating hours. Therefore, an 

increase of the cost of heat was obtained, together with a steep 

drop in the revenue from selling the heat to the DH network. The 

economic analysis was highly dependent on the case study and re- 

lated assumptions. 

The results showed that both end plates and liquid/vapour 

maldistribution can have a considerable effect on evaporator and 

cycle performance, depending on the working fluid, PHE design, 

and case study. The presented simulation framework can be used 

as a comprehensive analysis tool to evaluate the impact on differ- 

ent PHE designs, with different rates of imposed maldistribution, 

on the thermodynamic and economic feasibility of heat pumps and 

to compare different refrigerants. 
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A B S T R A C T

Denmark has the ambitious plan of being independent from fossil fuels by 2050 and to run the entire energy
system based on renewable energy sources. One of the most likely scenarios is a bigger deployment of wind
farms and a massive electrification of the industry and transportation sectors. In 2016, the industry sector ac-
counted for 20% of the final energy use, which was by more than 50% covered directly with fossil fuels.
Electrification is a promising way for decarbonizing this sector but it will require significant economic invest-
ments and changes of the infrastructures. In this work, several strategies for electrifying industrial processes,
based on the integration of heat pumps and electric heaters are presented. They were compared using energy,
exergy, economic and environmental performance indicators. The production of milk powder was taken as a case
study, as current factories are energy-intensive and require high-temperature heat generated by natural gas
combustion. The highest energy efficiency and lowest exergy destruction was found for a system using a central
heat pump system, with energy savings of 65%. The implementation of decentralised heat pumps that exchange
heat between process streams and electric heaters, results in smaller reductions of only 56%. These two systems
are likely profitable based on the energy price forecasts from 2020, but the decentral system allows for a gradual
implementation of the most cost-effective measures.

1. Introduction

The Danish energy system will become independent of fossil fuels
and largely based on electricity from renewable sources, following the
latest national energy agreement [1]. The last energy plan set by the
Danish government aims at having 50% of the final energy demand
covered by renewables in 2030 and focuses as well on energy efficiency
improvements. Around 20% of the energy in 2016 was used in the in-
dustry, and out of this almost 70% was used for the manufacturing
industry [2]. The manufacturing industry in Denmark is dominated by
food industries, such as dairy and beverage production, and the pro-
duction of building materials and pharmaceuticals. More than 50% (70

PJ) of the energy used in manufacturing industries was derived from
fossil fuels, mostly for heat supply purposes. Around 35% was electrical
energy which is an increase of 6.7%-points since 1990. However, the
majority of the fossil fuels in the manufacturing industry was used for
supply of process heat. In future energy scenarios, which are based on a
higher share of wind energy, a large part of the low-temperature heat
(< 100 °C) should be covered by heat pumps, while the majority of the
medium (100 °C to 200 °C) and high temperature heat (> 200 °C)
would be supplied by electric heaters or biomass boilers [3]. A more
efficient use of electricity is required to reduce the share of biomass in
medium- and high-temperature processes [1], while the utilization of
high-temperature heat pumps is a promising approach. There are
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several benefits for industries through electrification [4], such as faster,
more precise and more efficient heating. A report by the National Re-
newable Energy Laboratory [5] investigated the electric technology
adoption for the United States. While the transport sector experienced
the greatest adoption rate in the investigated scenarios, the industry
sector was found to use electric technologies primarily when also pro-
ductivity benefits were present. The authors assumed that industrial
end uses experience many barriers to electrification that are associated
with profitability and production disruptions. Wiese and Baldini [6]
created a conceptual model of the industry sector, focusing on the en-
ergy end-use processes and measures for fossil fuel reductions. Together
with fuel substitution and energy efficiency measures, electrification is
seen as a viable option to reduce fossil fuel use. The authors point out
that for many industries the shift to electricity is challenging, especially
if processes are highly based on gas use (e.g. in slaughterhouses and for
production of building materials). A more detailed analysis is thus re-
commended to find the optimal substitution approach. These works
show that electrifying the industry is challenging and requires more
detailed case studies due to the heterogeneity of this sector compared to
transport and households.

The production of milk products is an important business area and

constitutes a high share of agricultural products [7]. Milk powder is a
particularly energy intensive product, as raw milk requires thermal
treatment, cooling, and water removal in evaporators and dryers [8].
Raw milk processing requires primary energy of between 0.61 kWh per
ton of milk in France and 0.36 kWh per ton of milk in the United
Kingdom in 2000. This large difference results from different levels of
adaptation of energy efficiency measures, but more importantly on the
share of energy intensive milk products. For instance, milk powder
requires 3.08 MWh per ton of powder.

An exergy analysis of a milk powder factory was performed by
Yildirim and Genc [9], where the use of geothermal energy for pre-
heating the drying air was studied. A similar analysis [10] was per-
formed by the same authors for the milk pasteurisation process, where a
vapour absorption cycle was included for cooling the milk. An exergy
and advanced exergy analysis was performed by Bühler et al. [11] for a
Danish milk powder factory for which the use of solar thermal energy
was further analysed [12]. The analyses showed that the milk powder
production has large inefficiencies in the utility system and spray
drying section, which can however only be slightly reduced through
process integration. The reductions would become more efficient by
installing a new utility system. Integrating solar thermal systems

Nomenclature

Abbreviations:

AP air to product ratio
B bottom
BAU business as usual
c condensing
COP coefficient of performance
CEPCI chemical engineering plant cost index
CHP combined heat and power
CU cold utility
DE Germany
DK Denmark
DP dew point
E-H electric heater
g gaseous state
GCC grand composite curve
HP heat pump
HU hot utility
IC intercooler
IW ice water
l liquid state
LMTD log mean temperature difference
MVR mechanical vapour recompression
P pump
T top
TC turbo compressor
TVR thermal vapour recompression
WHR waste heat recovery

Latin Symbols:

A heat exchange area, m2

c specific cost, €/MWh
C costs, €
CF annual cash flow, €/year
COP coefficient of performance, –
cp specific heat capacity, kJ/(kg K)
CRF capital recovery factor, 1/year
d discount rate, %
E exergy flow rate, kJ/s

fm material factor, -
h specific enthalpy, kJ/kg
H annual operating hours, h/year
H enthalpy flow rate, kJ/s
ieff effective interest rate, %
i inflation rate, %
k cost function parameter, –
m mass flow rate, kg/s
n year, year
N lifetime, years
NPV net present value, €
PBT payback time, years
Q heat flow rate, kW
TCI total capital investment cost, €
s specific entropy, kJ/kg
T temperature, °C or K
U overall heat transfer coefficient, kW/(m2K)
W work, kW
x size parameter, -

Greek Symbols:

ε exergy efficiency, –
η energy efficiency, –
ΔT temperature difference, K

Sub- and Superscripts:

0 at reference condition
c cooling
D destruction
EL electricity
h heating
in into the system
Lor Lorenz
min minimum
NG natural gas
out out of the system
P purchased equipment
S source
T target
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directly into the production would be economically feasible, but it
would only replace a small fraction of the total heating demand.

The integration of heat pump in a spray dryer for milk powder for
the recovery of excess heat from the drying air was studied by Zühlsdorf
et al. [13]. The high-temperature heat pump preheated the air to up to
125 °C, reaching a coefficient of performance (COP) of above 3. The use
of a high-temperature heat pump with district heat as the source for
steam generation in a dairy factory was analysed by Tveit [14]. This
work proved the technical feasibility and environmental benefits of
such a system.

A factory to produce milk powder with an ultra-low energy input
was studied by Walmsley et al. [15]. Their approach applied a total site
analysis, the implementation of evaporators with mechanical vapour
recompression (MVR) and excess heat recovery of the drying air. From
the initial design it was possible to reduce energy use by more than 50%
to a thermal energy use of 0.71 MWh per ton of powder. The design of
milk powder production plants in New Zealand and California, based on
a 100% renewable energy supply, was studied by Walmsley et al. [16].
Depending on the available energy resources the aim could be accom-
plished by (i) geothermal steam and renewable electricity for the MVR,
(ii) a biomass boiler with a two-stage ammonia heat pump using the
boiler flue gases and (iii) with biogas and solar thermal energy. The
case of a slaughterhouse only using electric energy was presented in the
Netherlands [17], where heat is recovered and generated by heat
pumps and electric boilers. However, temperatures stated in this pro-
cess are below 90 °C. Wiertzema et al. [18] studied electrification op-
tions for industrial processes using a bottom up methodology and ap-
plied it to an oil refinery. The study concluded that detailed process
models are required to predict changes to energy use and that heat
available at the plant is often in competition with electricity use. Also
for an oil refinery, Berghout et al. [19] investigated pathways for re-
ducing greenhouse gas emissions. While electrification was not speci-
fically included, the presented method is applicable to it and useful for
evaluating emission reduction strategies of industrial sites. Chen et al.
[20] studied the electrification of methanol production, where the

indirect electrification through alternative feedstocks and direct elec-
trification through heat pumps were investigated. The direct elec-
trification was found to be insignificant compared to the indirect one, as
only parts of the heat demand can be converted to electricity.

With respect to milk powder production, research has focused on
analysing and optimising the processes, and on how to integrate re-
newable energy sources in specific cases. Covering the thermal energy
demands of milk powder production solely with electric energy has not
been investigated yet, although lower electricity costs and a high share
of wind, hydro or solar power could turn it profitable from economic
and environmental perspectives. The need of high-temperature heat in
the drying process makes this electrification scenario challenging.
Furthermore, the optimal electrification strategy for an existing factory
needs to be determined to increase the system energy efficiency at
lower costs. While many studies address strategies to lower fuel related
CO2-emissions in industries, the accomplishment of this goal through
electrification is not sufficiently studied. Research has focused on en-
ergy efficiency and fuel substitution at industrial sites [9,15,16] or on
system studies [3,5,6] for the electrification of a country, but little work
has been performed on implementing an optimised all-electric pro-
duction site.

The aim of this paper is to develop and analyse different approaches
for electrifying the energy supply of industrial sites with process heat
demands at temperatures up to 210 °C. Different electrification strate-
gies were developed and demonstrated for the case of a milk powder
production facility. At first, the production system was modelled and
different electrification strategies, with different levels of retrofit, were
sketched. They also differ by the level of integration between the pro-
cesses and the utility system. The current and the electrified dairy
production systems are modelled and optimised using energy, exergy
and process integration methods. The development of the all-electric
factory includes the integration of heat pumps by taking the tempera-
ture levels of heating and cooling demands into account. The evaluation
and comparison of the systems were based on indicators such as exergy
destruction, specific energy use, economic (net present value and
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operating costs) and environmental parameters (CO2-emissions). The
novelty of this work lies in (i) the feasibility analysis of electrifying an
industrial site, (ii) the development and evaluation of central and de-
central electrification options, (iii) the quantification of the thermo-
dynamic, economic and environmental benefits of electrification in the
industry and (iv) the investigation of economic frameworks for elec-
trification directed to policy making.

2. Methods

This section presents the method and concepts used for the model-
ling, analysis and evaluation of the industrial processes for which dif-
ferent electrification strategies were considered. First, the case study of
the dairy production system and its main components are introduced,
followed by the overall methods, the electrification strategy and con-
sidered scenarios. The last two sections describe the modelling ap-
proach and basis of the economic analysis.

2.1. Dairy production system

The dairy production system consists of three production units,
namely the milk treatment (H), evaporation (E) and spray drying (S)
section. In addition to the production units, the current plant has a hot
and cold utility system satisfying the cooling and heating demands. The
production system under study is shown in Fig. 1. The incoming raw
milk (M1) is preheated, separated into cream (C1) and skim milk (M3),
which are then both pasteurised and cooled. The skim milk is mixed
with additives and is heated to 85 °C before it enters the evaporators
(M10). The evaporation consists of an MVR and one triple effect
thermal vapour recompression (TVR). The vapour is condensed and
used to preheat incoming milk and air (components E1 and S2). The
concentrate is heated again before it enters the spray dryer and flui-
dised bed. A detailed description of the system, state points and mod-
elling approach can be found in [11].

The utility system consists of a natural gas boiler with an econo-
miser for combustion air preheating. It supplies 25 bar saturated steam
at 238 °C. The cooling demand is covered by a brine referred to as ice
water (IW) from an ammonia-refrigeration plant at −5 °C. The plant
has a production rate of 6.3 tons of milk powder per hour and operates
during 7200 h per year.

2.2. Energy and exergy analysis

The energy analysis of the model is based on the 1st Law of
Thermodynamics. For an open system of constant volume, energy can
be transferred in- and out of the system under study with streams of
matter H , heat Q and work W . The present work does not consider
changes in kinetic and potential energies, which implies that the energy
balance in steady-state conditions, on a rate form, is as follows:

+ + =H H W Q 0
in

in
out

out
i

i
j

j
(1)

Process integration techniques can be used for minimising the use of
external utilities by maximising internal heat recovery within the
system. The most well-known method is named ‘pinch analysis’ and was
developed by Linnhoff and Hindmarsh [21] in the 80′s for designing
heat exchanger networks in chemical processes. It was also applied to
industrial sites such as refineries, as discussed in Smith [22] and Klemeš
[23], and it has been applied to dairy factories [24]. The pinch method
calculates at first the heating and cooling demands with the corre-
sponding temperatures and flows for each process stream. A minimum
temperature difference is chosen, which sets the heat transfer driving
force between two streams in a given heat exchanger. The system is
then evaluated with respect to the maximum internal heat recovery and
minimum utility demands (setting thermodynamic targets). Finally,
system improvements by means of a re-design of the heat exchanger

network (retrofit) or integration of processes, such as cogeneration and
heat pumping, are suggested and the energy savings are estimated.

Unlike energy, exergy can be destroyed and accounts for the irre-
versibilities of the system. It can be defined as the maximum useful
work delivered when the system is brought into complete thermo-
dynamic equilibrium with its environment. A system in thermal and
mechanical equilibrium (same temperature and pressure) with the en-
vironment is called ‘restricted dead state’ [25], while it is in ‘dead state’
if also in chemical equilibrium (same chemical species). In this work the
environmental state was defined at 15 °C and 1 bar.

This thermodynamic concept builds on the First and Second Law of
Thermodynamics, reflecting that all transformations are irreversible in
nature and generate entropy. The exergy destruction ED is defined as
the sum of all exergy streams associated with streams of matter Ei, work
Ei

W and heat Ei
Q that enter or leave the system under study, and can

thus be derived from the previous relations as:

+ + =E E E E
i

i
i

i
W

i
i
Q

D
(2)

=E m h h T s s[( ) ( )]i i i i0 0 0 (3)

The exergy content of electricity is equal to its energy content.
Exergy streams out of the system, without any utilization are referred to
as exergy losses. The useful exergy is referred to as product, while the
supplied valuable exergy is referred to as fuel.

2.3. Electrification

This paper focusses on electrification strategies for the retrofit of
existing industrial plants. The evaluation of the electrification was
performed for different electrification scenarios, which were based on
strategies considering central and decentral electric utilities, as well as
heat pumps and electric heaters. The overall approach for electrifica-
tion followed these steps:

1. Modelling of the existing system and its utilities (Base scenario)
2. Pinch analysis, process optimisation and excess heat recovery
3. Technology evaluation for electric process alternatives according to

different electrification scenarios
4. Modelling and analysis of electrification scenarios based on the

proposed strategies
5. Comparison and evaluation of the scenarios

The retrofit electrification can take origin in the existing utility in-
frastructure, keeping a central generation of steam and ice water. This
central utility can be based on boilers or centralised heat pumps.
Alternatively, a decentralised utility can be implemented, providing the
cooling and heating directly at the respective processes. Fig. 2 shows
these different electrification strategies, which were developed and
evaluated for the case of the milk powder production. Fig. 2 (a) shows
utility and production of a factory in the base scenario, using natural
gas as the primary energy source. In Fig. 2 (b), the natural gas boiler is
replaced by an electric one. The utility infrastructure is not modified,
but process optimisation could be implemented in this scenario. The
third case (Fig. 2 (c)) has a central production of heating and cooling at
different temperature levels which were selected based on the heating
requirements. The utility is further integrated with the existing factory
and utilises excess heat and natural heat sources. The last option, pre-
sented in Fig. 2 (d), has a decentralised utility supply. Here individual
options for each process are implemented, keeping the individual pro-
duction units independent of each other. In this work, electric heating
elements and heat pumps were considered as electrification technolo-
gies. Other possible alternative activators, such as microwave and in-
frared heating, were not considered. The existing plant considered in
the case study had some opportunities for excess heat recovery [11],
these were integrated into the electrified scenarios. Furthermore, the
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possibility to replace the TVR with a second MVR exists, which would
increase energy efficiency but also fully electrify the evaporation.

Based on the possible electrification strategies, four electrification
scenarios were developed and compared to the current natural gas
based scenario. The first two scenarios used the existing dairy system
without any modifications to the existing processes and act as a re-
ference for the proceeding analyses.

• Base scenario 0 (Business as usual (BAU) – Utility: Central natural
gas boiler & cooling unit), corresponding to Fig. 2 (a): The process
demands were satisfied using a central utility system providing
steam and ice water. The central utility consisted of a natural gas
boiler and a conventional electricity-driven ammonia refrigeration
unit.

• Electrification scenario 1 (BAU – Utility: Central Electric boiler &
cooling unit), corresponding to Fig. 2 (b): The hot utility from
Scenario 1 was replaced by a central electric boiler.

Opportunities for heat recovery and process electrification were
included in the following scenarios. The introduced changes reduced
the overall need for heating and cooling supply to the processes. The
optimization of the processes, with respect to integration and waste
heat recovery, was dependent on the chosen utility system, causing
slight deviations in the utility consumption. The optimization was

performed to minimize the final energy use of the factory and included
the replacement of a TVR evaporator with MVR, the use of condensate
cooling and exhaust drying air for direct preheating of the drying air
intake.

• Electrification scenario 2 (Optimised processes – Utility: Central
electric boiler & cooling unit), corresponding to Fig. 2 (b) with
implementation of energy efficiency measures: A central electric
boiler was used to provide heating to the optimised dairy production
system. The cooling was supplied by a conventional electricity-
driven ammonia refrigeration unit.

• Electrification scenario 3 (Optimised processes - Utility: Central in-
tegrated heat pump system), corresponding to Fig. 2 (c): The heating
and cooling was supplied by a central heat pump system, which
collects all excess heat and cooling demands, to supply heat to the
individual processes.

• Electrification scenario 4 (Optimised processes - Utility: Decentral
integrated HPs & Electric heater), corresponding to Fig. 2 (d): In this
scenario the heating and cooling was supplied directly to the pro-
cesses. There were no interconnections between the different parts
of the production system to minimise interdependencies. The solu-
tions were further chosen to be implementable close to the pro-
duction and to require a minimum of additional infrastructure, such
as steam piping.

The five different scenarios were analysed with respect to their
performance regarding energy, exergy, economy and environmental
impact. Process integration was further used to analyse the systems in
more detail.

2.4. System modelling and assumptions

2.4.1. Dairy system
A detailed description of the modelling approach of the dairy system

is given in Bühler et al. [11]. Heat transfer equipment was modelled
based on the streams inlet and outlet enthalpies and mass flow rates,
while neglecting pressure loss. The thermal properties of dairy streams
were found based on their composition with correlations by Singh and
Heldman [26]. The ejector of the TVR was modelled based on its en-
trainment ratio [27] with a nozzle and diffuser efficiency of 92%. The
MVR was modelled using an isentropic compressor efficiency of 75%.
The spray dryer and fluidised bed dryers were modelled with a fixed air
to product ratio, which was determined based on factory data [11]. The
dryer exhaust air was modelled as humid air, considering the enthalpy
of vaporization in the heat recovery scenarios.

2.4.2. Central utility systems
2.4.2.1. Natural gas boiler. The hot utility in the BAU scenario was
based on the combustion of natural gas which was approximated by a
complete combustion of methane at an excess air ratio of 1.67 and
combustion temperature of 1325 °C. An economiser was used to preheat
the air with the boiler flue gases. It was assumed to have a minimum
temperature difference of 10 K. No heat losses from the steam
distribution network were considered. The cold utility in the BAU
scenario was a simple vapour compression cycle with ammonia (R-717)
as working fluid and a compressor isentropic efficiency of 75%.

2.4.2.2. Electric boiler. Electric heating elements and boilers were
assumed to convert the electric energy input to the useful thermal
energy at an efficiency of 100%.

2.4.2.3. Heat pump steam generation system. The central heat pump-
based steam generation system consisted of bottom heat pump cycles, a
central evaporator and a steam compression unit on top. The bottom

(a) Central Utility: Natural gas boiler and cooling unit 

(b) Central Utility: Electric boiler and cooling unit 

(c) Central integrated utility with heat pump system 

(d) Decentralised integrated utility with heat pumps and electric heaters 
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Fig. 2. Base scenario (a) and electrification strategies (b - d) for a schematic
dairy production system.
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cycles utilised different heat sources, such as excess heat from the
processes or the ambient, and supplied heat to the evaporator at 90 °C.
The evaporator operated at sub-atmospheric pressure and the steam
was compressed in multiple stages using centrifugal compressor [28].
The pressure ratios were chosen around 3.2 [29,30] and the inter-stage
cooling was realised by liquid injection. The compressors were assumed
to operate with an isentropic efficiency of 74%, while the gear, the
motor and the inverter were assumed to have an efficiency of 95%, 95%
and 98%, respectively [30]. The superheating at compressor inlet was
assumed to be 10 K. It was achieved by recirculating compressed gas in
the first compression stage and by the controlled liquid injection at the
higher stages. The compressed steam was used to preheat the drying air
and the condensate was assumed to be returned at subcooled
conditions. Liquid from the evaporator was subcooled for supplying
heat to all heat sinks below 85 °C.

2.4.3. Heat pumps
The heat pumps considered in the different scenarios were elec-

tricity-driven vapour compression heat pumps. Their performance was
determined by numerical models based on energy and mass balances as
well as their thermodynamic properties. The model consisted of an
evaporator and superheater at the heat source and a desuperheater,
condenser and subcooler at the heat sink (Fig. 3). The cycle included
further a compressor with an isentropic compressor efficiency of 80%
and a throttling valve. Energy and mass balances were included for
each component. The working fluid is evaporated and superheated by
the heat source at a low pressure and subsequently compressed. The
working fluid with a higher pressure and temperature is then condensed
and subcooled before undergoing an isenthalpic expansion process. The
outlet of the throttling valve is the inlet to the evaporator. All heat
transfer was assumed to take place at a constant pressure. A minimum
temperature difference of 5 K was chosen for the heat exchangers. The
outlet of the subcooler was set to 5 K above the sink inlet temperature.
A minimum of 5 K superheating was considered and increased if re-
quired to ensure a dry compression at the outlet of the compressor. The
coefficient of performance for heating (COPh) can be found with Eq. (4),
where the total useful heat rate is divided by the work input. The
Lorenz efficiency, ηLor, can be used to compare the performance of the
actual heat pump to the theoretically possible COP, as shown in Eq. (5).
The Lorenz COP was found by dividing the logarithmic mean tem-
perature on the hot side of the heat pump, by the difference between
the logarithmic mean temperatures of the hot and the cold side.

= Q
W

COPh
h

(4)

= COP
COP

h
Lor

Lor (5)

It was further assumed that product streams were not allowed to be
in contact with the working fluid and thus intermediate water loops
were used. Minimum temperature differences of 5 K for liquid/liquid,
7.5 K for liquid/gas and 10 K for gas/gas heat exchangers were applied.
Pressure losses in the water loop were disregarded.

The working fluids were chosen according to the temperature levels.
For supply temperatures below 90 °C, R-290 (propane) was chosen as
the working fluid. For higher temperatures, R-600 (butane) was se-
lected [31]. If the temperature differences did not allow a single stage
cycle, a cascade configuration was implemented using R-290 in the
bottom and R-600 in the top cycle or a combination of R-600 and R-
601a (iso-pentane) at higher temperatures.

2.5. Economic evaluation

In order to evaluate the economic performance of the different
scenarios and solutions, the investment and operating costs were de-
termined, based on a preliminary sizing and cost correlations for each
equipment item.

2.5.1. Component sizing
The sizing of heat transfer equipment was done with a fixed overall

heat transfer coefficient U, which was determined based on the fluids
and equipment types. Using Eq. (6), the heat transfer area A was found
for a known heat flow rate and logarithmic mean temperature differ-
ence LMTD.

=Q UALMTD (6)

The applied values for U are shown in Table 4 in the Appendix and
were selected based on recommendations by [32]. Condensers were
further divided into their desuperheating, condensing and subcooling
sections. Condensers, evaporators and liquid/liquid heat exchangers,
were assumed to be plate heat exchangers. Large heat exchangers with
liquid/gas or gas/gas were assumed to be of shell and tube type. The
minimum approach temperatures were fixed with respect to the fluids
in the heat exchangers. The values were based on [33,34] who esti-
mated them using the heat transfer film coefficient.

Compressors were sized based on their power or volume flow rate,

Compressor

1

So2

Si1 Si2

2

3

7
6

M

Sub-
Cooler Condenser

Si3 Si4

5 4

So3

Desuper-
Heater

Evaporator

Expansion 
Valve

So1

Super-
Heater

Compressor

1-1

So2

1-2

1-61-5

M

So3

Evaporator

Expansion 
Valve

So1

Super-
Heater

Compressor

2-1

1-3

Si1 Si2

2-2

2-3

2-72-6

M

Sub-
Cooler Condenser

Si3 Si4

2-5 2-4

1-4

Desuper-
Heater

Evaporator/
Condenser

Expansion 
Valve

Evaporator/
Desuper-

Heater

Sink

Working fluid 
(bottom cycle)

Working fluid 
(top cycle)

Source

Sink 
in

Source 
in

Source 
out

Source 
in

Sink 
out

Sink 
in

Source 
out

Sink 
out

Fig. 3. Layout of the single stage heat pump cycle (left) and cascade configuration (right) used for modelling.

F. Bühler, et al. Applied Energy 250 (2019) 1383–1401

1388

248 Appendix A Publications



depending on the cost correlations. Small compressors (< 500 kW)
were assumed to be screw compressors and larger ones were re-
ciprocating or centrifugal compressors. The fast revolving high pressure
fan for the MVR was dimensioned based on the required volume flow
rate and the evaporator was based on overall heat transfer coefficients
for falling film evaporation.

2.5.2. Component cost estimation
The estimation of the bare module costs was performed based on

cost correlations found in the literature [35,36] and information pro-
vided by suppliers. An overview of the used correlations is given in
Table 5, for which the standard purchased equipment costsCP

0 were
found with the parameters k and size parameter x, using Eq. (7).

= + +C k k x k xlog( ) log( ) (log( ))P
0

1 2 3
2 (7)

These standard purchased equipment costs were further corrected
with pressure and material factors and were adjusted using the
Chemical Engineering Plant Cost Index (CEPCI) for the year 2017. The
obtained bare module costs, CP, were multiplied with a factor of 1.18 to
account for contingency and fees. As the new process equipment is a
retrofit of the plant, an additional 15% of the total module capital costs
were added to obtain the total capital investment costs (TCI) of the
equipment.

Small compressors (below 100 kW) were calculated based on cost
functions by Ommen et al. [37], which were based on list prices. The
function was fitted and a factor of 3.16, based on [36], was used to
convert the purchased equipment costs to the bare module costs.

The investment costs for electric boilers were retrieved from [38],
for which nominal investment costs for sizes of 1MW and higher were
presented. It was assumed that a 10 kV connection to the grid existed.

2.5.3. Operation and maintenance costs
The costs for natural gas and electricity were determined for

Denmark for different years based on data from [39–41]. In addition
energy prices were compiled for Germany based on [42] and data from
Eurostat [43] were used for comparison with the EU28 average. In the
Danish price scenarios, price forecasts were coupled with the expected
Danish taxes for energy use in industrial processes and for the case of
natural gas with CO2-emission costs. Prices were assumed to be ap-
plicable to large industrial sites for process heating purposes. A detailed
analysis of the prices and price forecasts is not in the scope of this study,
it is however noteworthy that electricity prices from Eurostat are con-
siderably higher for Germany and lower for Denmark. This is most
probable due to that Eurostat does not fully reduce taxes for energy use
in industrial processes. The analysis using different energy prices can
therefore be seen as a sensitivity analysis. An overview of the price
scenarios are shown in Table 6 in the Appendix. In all economic eva-
luations, a fixed energy price was used which was based on the year of
the investment. Maintenance costs were further included as a one-time
payment of 20% of the total capital investment costs [31]. As the

maintenance costs of the existing system were not included, this re-
presents additional expenses for maintenance of the electricity based
systems.

2.5.4. Economic evaluation
The economic evaluation was based on several indicators to eval-

uate the feasibility and economic gain of investments in the different
scenarios. The Net Present Value (NPV) was used as an indicator of the
economic performance of the overall investments and to compare the
solutions to each other. The NPV was found using Eq. (8) for a lifetime
of N=20 years with a discount rate of d=5%.

= +
+= d

NPV TCI CF
(1 )n

N
n

t
1 (8)

The annual net cash flows CF were obtained using Eq. (9) and ad-
justed for an annual inflation rate of i=2%.

= + +c Q H c W H c Q H iCF [( ) ](1 )n N
n

G NG El El BaseScenario El El (9)

The annual lifetime costs CA of implementing the individual solu-
tions were further investigated for Scenario 4 and calculated using Eq.
(10) and Eq. (11) [25].
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This was used to visualise the individual options of Scenario 5 in
marginal cost curves [44]. Marginal cost curves in this work represent
the specific annual costs for implementing a measure and their con-
tribution to the total electrification potential. Negative costs imply
specific savings, while positive values can be interpreted as additional
costs imposed due to the implementation of a given measure.

2.6. Environmental evaluation

An environmental evaluation of the different solutions was per-
formed to assess the change in CO2-emissions from the factory for the
different solutions and under different emission frameworks. The
comparison was based on the EU Reference Scenario 2016 [40], where
long term energy trends until 2050 are projected for all EU member
states. To show regional and temporal differences in CO2-emission, the
comparison was done for Denmark and the average EU-28 for the years
2015, 2025 and 2050. An additional analysis was done for Denmark for
the year 2015 (DK-CHP), where the CO2-emissions for electricity were
allocated between heat and power production in combined heat and
power plants (CHP) based on the 125% method [41]. This method as-
sumes a heating efficiency of 125%, which is used to find the fuel use
for heat production in CHP plants. By using this method specific CO2-

Table 1
Stream table of the heating and cooling demands of the baseline configuration (Scenario 0).

Component State Point In State Point Out TS TT cp hin hout m Q
[°C] [°C] [kJ/(kg K)] [kJ/kg] [kJ/kg] [kg/s] [kW]

H3 M4 M5 70 75 3.97 10.7 212
H6 C2 C3 77 85 3.33 1.2 32
E2 M10 M11 75 85 3.84 11.4 453
S1 M15 M16 52 75 2.94 3.3 222
S3 A4 A5 23 210 39.8 231.2 54.9 10,501
H4 M7 M8 8.1 5 3.94 10.7 128
H7 C4 C5 58 23 3.30 1.2 138
H8 C5 C6 23 5 3.29 1.2 70
S4 A10 A11 15 8 31.3 24.2 5.4 39
EH1 A14 74 30 149.6 104.0 64.3 2930
EH2 V20 25 15 166.3 63.1 8.3 854
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emissions for electricity of 0.23 tons per MWh are found, compared to
0.17 tons per MWh for equal distribution between heat and power. The
emissions in the EU reference scenario refer to the production of heat
and power. For the EU-28 the specific emissions are expected to de-
crease from 0.30 tons per MWh in 2016 to 0.08 tons per MWh in 2050.

3. Results

In this section first detailed results of each scenario are presented,
followed by the energy, exergy and environmental analyses. At the end
the economic evaluation of the electrification scenarios is presented.

3.1. Scenarios

For each scenario a detailed analysis is presented in the following
subsections. The results include the overall energy balance for the
overall system and the main components.

3.1.1. Base scenario 0 (BAU – Utility: Central natural gas boiler & cooling
unit)

Table 1 summarises the streams of the baseline scenario. Based on
process integration techniques, the grand composite curve of the
baseline configuration, without any modification to the existing system,
is shown in Fig. 4. Considering only the process heating and cooling
demands, the minimum hot utility (HU) demand, excluding the eva-
porators, is 11.33MW and the minimum cold utility (CU) demand is
235 kW. These minimum energy requirements are very close to the
actual demands at the factory, which were 11.42MW for heating and
374 kW for cooling. To reach the target value the cooling of cream in
the cooler H7 could be used for pre-heating the drying air after the
regenerative heater S2. There are also two streams with excess heat
(EH1 and EH2 in Table 1) rejected to the environment. Including those
as free streams, i.e. streams which residual heat can be used, the utility
heating demand could be reduced to 8.73MW assuming a final tem-
perature of 15 °C of those streams. This reduction is primarily from the
exhaust drying air (EH1) at point A14 which could be used for direct
integration. The condensate (EH2) at point V20 after preheating the
drying air would require a heat pump. Fig. 4 also shows process streams
including the evaporators. The evaporation in the MVR takes place at
75 °C, while in the triple effect TVR evaporator the evaporation occurs
at 67 °C, 58 °C and 52 °C respectively. The MVR increases the dry matter
content from 15% to 35% and after the TVR it reaches the required
52%. A detailed analysis of the evaporation section is presented in [11].
The TVR uses just below 1MW of fresh steam, while the compressor in
the MVR requires 280 kW. The real natural consumption for heating
purposes reaches 14.37MW based on the higher heating value and the
iced water production for cooling requires 252.5 kW of electric power.

3.1.2. Electrification scenario 1 (BAU – Utility: Central electric boiler &
cooling unit)

In the electrification scenario 1, the natural gas boiler was replaced
with an electric boiler, while the remaining processes stayed un-
changed. The stream table and grand composite curve (GCC) is un-
changed, as the only modifications concern the utility system. The
steam for the hot utility is generated in an electric boiler with a thermal
efficiency of 100%.

3.1.3. Electrification scenario 2 (Optimised processes – Utility: Central
electric boiler & cooling unit)

Replacing the TVR with an additional MVR had a great impact on
the system. The energy use per kilogram of evaporated water was
considerably lowered compared to a TVR system [8,45]. Furthermore,
the amount and temperature of condensate was reduced as no steam
was required, thus decreasing the preheating demand in E1. The re-
duction of condensate was primarily a result of the steam added to the
ejector and the residual vapour from the second and third effect of the
TVR. However, by modifying the system, it was possible to recover the
heat from the two condensers which could then be utilised. The opti-
mised system layout is shown in Fig. 5. In the optimised process sce-
nario, the total heating demand was reduced to 9.61MW and the
cooling demand to 237 kW. The total electric energy input to the fac-
tory was 10.1MW out of which 357 kW was required for the two MVR
evaporators. The excess heat of the system was 6.38MW out of which
6.094MW originated from the drying air.

The exhaust drying air could be used directly to preheat the in-
coming air before point A4. Assuming a minimum temperature differ-
ence of 10 K for an air-to-air heat exchanger, the drying air could be
preheated to 64.2 °C. This would leave the exhaust air at 39.3 °C which
could be utilised with a heat pump.

3.1.4. Electrification scenario 3 (Optimised processes - Utility: Central
integrated heat pump system

In order to supply the heating and cooling more efficiently, an in-
tegrated hot and cold utility, as well as the utilization of the excess heat
streams was taken into account in the electrification scenario 3. The
heating demand can be divided into two temperature levels, namely
processes requiring heat up to 85 °C and the drying air which requires
heating up to 210 °C. The existing ice water distribution could be kept,
as the hot streams require cooling to target temperatures between 5 °C
and 8 °C with small temperature drops. These target temperatures are
close to the current ice water temperatures.

Fig. 6 shows the schematic layout of the central utility. The central
part of the system is the evaporator, which provides both hot water for
direct heat supply below 85 °C and steam for the steam compression
system. The heat to the evaporator is supplied by six heat pumps (B-HP)
which have a condensation temperature of 90 °C. The first heat pump
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generates the ice water for process cooling and the second cold water
for cream cooling. Heat pump 3 uses the excess heat in the condensate
after preheating the drying air (State V15) at a temperature of 20 °C.
The fourth and the fifth heat pump recover the heat from the drying air

(State A17), where heat pump 4 cools the drying air until the dew point
(DP) and heat pump 5 until 21 °C. The last heat pump is a heat pump
using ambient air and supplies the remaining required heat. An over-
view of the individual heat pumps can be found in Table 2. The hot
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water distribution to Sink 1 to 4 and S 3-0 could be designed as a hot
water loop.

3.1.5. Electrification scenario 4 (Optimised processes - Utility: Decentral
integrated HPs & electric heater)

Electrification of the individual processes takes advantage of the
possibility to supply the heating and cooling demands directly where
they are needed. This eliminates the need for a central utility system
and there is higher degree of flexibility possible as the production
systems are independent of each other. The electrification can fur-
thermore be conducted stepwise, as the investments in this scenario are
independent of each other. The factory with decentral utilities is shown
in Fig. 7.

In total seven heat pumps were integrated in the factory to supply
heating and cooling to the processes and to utilise the excess heat. The
placement of the heat pumps followed the strategy to not create major

interdependencies between the production sections. Where possible, heat
pumps were placed between the heaters and coolers of similar streams to
supply heating and cooling from the same system. This was the case for
milk and cream pasteurization and the air for the fluidised bed. The hot air
to the spray dryer was covered by heat pumping the exhaust drying air
after preheating. The heating of milk before the evaporator was done with
a heat pump using ambient air. Electric heaters were used to boost tem-
peratures when no other heat sources were available at sufficient tem-
peratures. This was the case for the drying air where existing technologies
can be economically used up to 140 °C [4]. The preheating of milk con-
centrate before the spray dryer, could be done by a heat pump using the
remaining heat of the condensate at state V18. However, heat exchanger
S1 is a Scraped Surface Heat Exchanger for the concentrated milk. In many
dairies this is already electrically heated and it has a small heating demand
compared to other units. An overview of the decentral heat pumps and
electric heaters is shown in Table 3.

Table 2
Overview of the central utility in the optimised process (Scenario 3). Bottom and top heat pumps refer to Fig. 6 and the source properties to Fig. 5.

HP Source TSource TSink HP Type ηLor Qh Qc W COPh
[–] [kW] [kW] [kW] [–]

B-HP1 IW 4.9 °C→ -2.5 °C 90 °C R290/ R600 0.57 417 238 179 2.3
B-HP2 H7 25 °C→ 15 °C 90 °C R600 0.48 230 138 92 2.5
B-HP3 V15 20 °C→ 15 °C 90 °C R600 0.47 425 – 177 2.4
B-HP4 A17 50 °C→ 31 °C 90 °C R600 0.44 1897 – 596 3.2
B-HP5 A17 (DP) 31 °C→ 21 °C 90 °C R600 0.48 4330 – 1602 2.7
B-HP6 Ambient 15 °C 90 °C R290/ R600 0.56 435 – 167 2.6
T-HP7 Evap. 90 °C 80 °C→ 210 °C Water 0.43 7335 – 2117 3.5
Total – – – – – 9608* 375 4931 1.95

* The total heat supply is less than the sum of each heat pump, as some of the heat from the B-HP is the source of the T-HP.
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3.2. Energy analysis

The results of the energy analysis and comparison of the different
scenarios are shown in Fig. 8 and Fig. 9. The throughput of raw milk
and the production of cream and milk powder are constant in all the
scenarios. The energy input in the base scenario 0 is reduced towards
electrification scenario 1 through electrification by the heat losses in
the boiler flue gases at a constant heating and cooling demand. When
performing process optimisation and waste heat recovery, through re-
placement of the TVR with a second MVR evaporator, lower minimum
temperature differences and increased heat recovery, the electricity
input can be reduced by more than one fifth in scenario 2 compared to
scenario 1. However, the theoretical heat demand for the evaporator,
which was 17.67MW in base scenario 0 and electrification scenario 1,
was slightly increased to 17.83MW. This is due to the evaporation at a
higher temperature in the second MVR, compared to the previously
used triple effect TVR where more flashing of water was present.

By integrating heat pumps, the electricity use and the heat losses
can be further reduced. The highest efficiency was obtained in scenario
3 where almost all available excess heat from the processes was used.
Solely the drying air leaves B-HP 5 at 21 °C. In scenario 4, more heat
losses were present as only the heating demand up to 140 °C was cov-
ered by heat pumps and thus part of sensible and latent heat in the
drying exhaust air was not utilised. Compared to the electrification
scenario 2, the electricity input was reduced by 48% using a central
heat pump system and by 35% using the decentral heat pumps. The
decrease in efficiency from scenario 3 to scenario 4 was caused by the
design choices, namely the use of electric heaters for heating the drying
air above 140 °C. Implementing a heat pump to lift the temperature to
the final one of the air would result in a low COP as the solution is not

integrated. As shown by Zühlsdorf et al. [46] a high temperature heat
pump for the spray dryer would yield a COP between 1.6 and 1.9. In
this analysis a COP including the electric heater of 1.5 was obtained at
considerably lower investment costs.

The specific energy use for milk powder could be reduced from 2.42
MWh per ton of powder in the base scenario to between 0.86 MWh and
1.06 MWh per ton of powder in Scenario 3 and 4 respectively.

While Fig. 9 shows the energy content of the heat losses, it does not
consider the temperature at which those occur. The utilisation potential
of the excess heat from the ice water production are, for example, small
as this heat source is near ambient conditions. On the other hand, the
drying air and flue gases have a higher temperature and contain latent
heat from water vapour.

3.3. Exergy analysis

The results of the exergy analysis are shown in Fig. 10 where the
exergy flows for each scenario are represented in Grassmann diagrams.
The highest source of exergy destruction in scenario 1 is the natural gas
boiler, which also causes exergy losses of 453 kW in the form of flue
gases. The remaining losses and destruction occur in the cold utility.
The recirculation from the production to the utility is solely condensate
and ice water. The main source of exergy destruction in the production
is the spray dryer. By electrifying the utility in scenario 2, the exergy
input is reduced by 15%, while the exergy destruction in the utility is
reduced by 20%. The comparably low reduction indicates that there is
still a mismatch between the utility and the actual process heating
demand. The energy efficiency measures (scenario 3) reduce the exergy
input by 39% and exergy destruction of the total factory by 30%
compared to scenario 1. Exergy losses are further minimised compared

Table 3
Overview of the individual decentral utilities in the optimised process (Scenario 4). For each utility the source and sink properties are shown, with state points
referring to Fig. 7, as well as the thermodynamic performance.

HP Source Inlet TSource Sink Inlet TSink HP Type ηLor Qh Qc W COPh
[–] [kW] [kW] [kW] [–]

HP1 M7 8 °C→5.5 °C M4 70 °C→75 °C R290 0.44 212 109 103 2.1
HP2 C5 8 °C→ 5 °C C2 77 °C→85 °C R290 0.38 32 12 20 1.6
HP3 C7 30 °C→8 °C M9 27.5 °C→ 30 °C R290 0.34 106 86 20 5.2
HP4 Ambient 15 °C M10 61.5 °C→ 85 °C R290/ R600 0.52 1026 – 368 2.8
HP5 A12 15 °C→8 °C A9 15 °C→ 30.9 °C R290 0.40 49 39 11 4.6
HP6 V15 22.5 °C→ 20.8 °C A10 30.9 °C→ 55 °C R290 0.35 75 – 19 4.0
HP7 A17 53.2 °C→ 27.8 °C A6 64.3 °C→ 140 °C R600/R601a 0.51 4197 – 1656 2.5
E-H 1 – – M13 67 °C→75 °C – – 77 – 77 1.0
E-H 2 – – A7 140 °C→210 °C – – 3919 – 3919 1.0
Total – – – – – 9694 245 6194 1.57
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Fig. 8. Overview of the total energy input and demand of the dairy factory
under different scenarios.

0
2
4
6
8

10
12
14
16

Ex
ce

ss
 h

ea
t [

M
W

]

Exhaust drying air Flue gases
Condensator IW Cream cooling
Condensate

Fig. 9. Overview of the excess heat of the dairy factory by source for the dif-
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to the two previous scenarios.
Introducing a central heat pump system (scenario 4) considerably

reduced the exergy input to the system (half compared to Scenario 3).
The decentral solution (scenario 5) requires 1.26MW more exergy

input than scenario 4, and has a higher exergy destruction. In both cases
the exergy losses are reduced considerably, where scenario 4 re-uses all
losses, except for some drying exhaust air.

The exergy product is in all scenarios the same (3.43 kW). This is
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Fig. 10. Grassmann diagrams of the milk powder production factory in the different scenarios.
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negligible compared to the losses and irreversibilities of the system.
However, the exergy input to the production is reduced in scenario 4
and 5, compared to Scenario 3, as the heating and cooling are delivered
at closer conditions to the process stream than in the central utility
solution.

3.4. Economic analysis

The economic evaluation was used to analyse the feasibility of the
electrification scenarios of energy price forecasts for Germany and
Denmark and the general relation of economic feasibility with respect
to electricity and natural gas prices. These price variations can be seen
as a sensitivity analysis, as a constant energy price was assumed over
the lifetime. The investments in electrification scenario 4 were analysed
in more detail. In Fig. 11, the results for Germany and Denmark are
shown. The economic analysis showed that Scenario 1 and 2 are not
economically profitable, considering the current energy prices in both
countries. Under the forecasted energy prices in Germany and Den-
mark, the investment in either the central or decentral scenarios can
become profitable and lead to a positive NPV over the assumed 20 year
lifetime. With the analysed prices, scenario 3 performs slightly better
than scenario 4. In general, the investment costs become negligible
when natural gas prices approach the price for electricity as the energy
use is considerable and becomes the dominating factor. The positive

NPV is however caused by the high savings from the energy efficiency
measures and the implementation of the MVR. These high savings cause
the overall investment in electrification to yield positive NPVs. In the
2030 case for Denmark the NPV for the WHR is 3.2 Mio. € and for the
MVR it is 4.8 Mio. €. The electric boiler in scenario 2, thus has a ne-
gative NPV of almost 24 Mio. €.

The distribution of the specific costs of the scenarios over their
lifetime and per ton of product is shown in Fig. 12 for Denmark and
Germany in 2020 and 2030. For the specific costs only milk powder was
considered as a product, while cream was considered as a by-product.
The investment costs for electric boilers over the lifetime are negligible
considering the operation costs, while the investment costs for the heat
pump account for between 15% and almost 30% of the costs. For
Denmark in 2020 and Germany in 2030, the specific costs of all elec-
trified solutions are higher than for the base case (Scenario 0). The
addition of a CO2 allowances on natural gas could make the electrified
solutions with heat pumps more attractive.

When generalising the economic analysis and considering a wide
range of combination of electricity and natural gas prices (Fig. 13), it
can be seen that for scenario 1 the natural gas price must almost be
equal to the electricity price to make this option viable. By introducing
energy efficiency measures, this price ratio is further increased (Sce-
nario 2). When introducing heat pumps, this ratio can be even higher.

For natural gas prices paid by large industrial consumers within the
EU-28 (between 0.025 €/kWh and 0.035 €/kWh) [43], the ratio of
electricity to natural gas price must accordingly be between 1.0 and 1.6
for scenario 3 to be economically feasible over 20 years. For scenario 4
this ratio can be higher, between 1.6 and 1.8, meaning that electricity
prices can be higher. Scenario 4 has a lower efficiency but also lower
investment costs than scenario 3, which results in faster profitability for
certain ratios. On the long run, as shown for the case of Denmark and
Germany, the more efficient central system will yield higher NPVs.
Similarly, the scenarios with electric boilers obtain a positive NPV at
low energy prices quicker than the heat pump solutions, despite being
energy-wise considerably less efficient.

For large companies it might be an option to invest in their own
renewable energy generators, such as wind power or photovoltaic solar
panels to produce electricity, or produce biogas or synthetic natural
gas. The levelised costs of energy production of large photovoltaic
plants ranged between 38 €/MWh to 76 €/MWh in 2017 and are ex-
pected to decrease to between 22 €/MWh and 42 €/MWh by 2030
[47,48]. The prices for onshore wind energy in Denmark are forecasted
to decrease in the same time period from 34 €/MWh to 27 €/MWh,
while the price levels in Germany for onshore wind energy are higher,
between 40 €/MWh and 81 €/MWh in 2017. These costs would in
particular for the electricity prices after 2020, make the electrified

Fig. 11. Comparison of the net present value for different years and scenarios
for energy prices in Denmark and Germany.
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solutions more competitive and allow for higher profits. In particular
the onshore wind energy prices and the 2030 prices for photovoltaic
would reduce the costs for electricity considerably.

On the other hand, the industrial site could replace natural gas with
biogas, either bought or produced on site. The production prices in
Denmark were found to be 64 €/MWh for normal biogas and 75

€/MWh for upgraded biogas, using the average biomass composition as
a source for the gasification [49,50]. This price was subsidised in 2017
with 18 €/MWh, if the biogas was used for process heating. With the
unsubsidised prices, electrification scenario 3 and 4 would always be
more profitable in the investigated electricity price range (< 150
€/MWh). In scenario 2 an electricity price of maximum 90 €/MWh

A A

AA
B

B

B

B

Fig. 13. Net present value for a variation of electricity and natural gas prices. “A” marks energy prices in Denmark in 2017 and “B” marks the expected prices in
Denmark in 2030.

Fig. 14. Marginal cost curves of scenario 4 for the year 2020 and 2030 in Denmark. All prices are on a 2017 level and refer to the net level annual costs compared to
the base scenario.
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would be required to make the electrification more profitable than
normal biogas, which is higher than the predicted price for Germany
and Denmark until 2030. A comparable maximum electricity price is
found for scenario 3 and 4 when considering the biogas subsidy.

An advantage of a decentral integration of electric utilities is the
possibility to implement cost-efficient options independent of other
inefficient ones. In Fig. 14 the marginal cost curve for the individual
options of electrification scenario 4 is shown for the years 2020 and
2030. The annual costs were calculated following Eq. (10) and include
investment costs and savings from reduced natural gas and ice water
use. The combination of waste heat recovery through process integra-
tion (WHR) and an MVR yield savings already from 2020. The in-
stallation of heat pumps HP3, HP4 and HP5 would likewise reduce the
annual costs over 20 years. In 2030, all measures, except for the electric
heater and HP2, become profitable. Despite the heat pump HP2 being
used to supply heating and cooling the low COP and high specific in-
vestment costs make this heat pump an unprofitable investment. The
large heat pump for preheating the drying air (HP7) allows for con-
siderable savings in operating costs due to comparably low investment
costs and high natural gas savings. However, the electric heater ac-
counts in both years for additional annual costs of approximately 1
million Euros. In this case a further reduction in the electricity to nat-
ural gas price ratio or the use of a high-temperature heat pump would
be necessary to make this a cost-effective option.

3.5. Environmental evaluation

In the following the CO2-emissions of energy supply of the dairy
factory for the different scenarios are compared (Fig. 15). The results
show that the heat pump scenarios have the potential to reduce the
local CO2-emissions by 50% in almost all cases. The optimised and
electrified solution (Scenario 3) would already allow reducing CO2-
emissions compared to the base scenario, despite the lower CO2-emis-
sion factor of natural gas compared to the one of electricity in the DK-
CHP and EU-28 scenario. An increase in CHP and more renewable en-
ergy sources reduce the specific CO2-emissions in future scenarios,
compared to the one of natural gas.

4. Discussion

The central utility was designed using state-of-the-art equipment for

the bottom heat pump cycles and partly for the steam compression unit.
The first two stages were demonstrated for condensation temperatures
up to 150 °C [29,51] while an extension to three stages and con-
densation temperatures of 210 °C to 220 °C is technically feasible. The
decentral and bottom heat pumps in scenario 3 and 4 considered hy-
drocarbons as working fluids due to their good thermodynamic per-
formance. As their flammability might constitute an issue for industrial
sites, they might, depending on the temperature levels, be replaced by
R-717 (Ammonia) or hydrofluoroolefins [52,53]. In scenario 3 and 4,
ambient air was further used as the source for the heat pump. This
cooling capacity could be used to provide cold air for cold storages. The
heat pumps were further not fully optimised, which could lead to in-
creased COPs and higher energy efficiency of the scenarios.

In scenario 4 the drying air was heated to the final temperature of
210 °C by use of an electric heater, although the excess heat in the
dryers exhaust gases remained unused. A high temperature heat pump
could be implemented here, as it was done in scenario 3. However, the
aim of scenario 4 was to use existing technologies which could be im-
plemented close to the production with limited efforts for factory
changes and to minimise interdependencies between processes. This
would not necessarily be the case for the high-temperature heat pump.
An alternative scenario could be the use of individual air-source heat
pumps for process heating. These heat pumps would have the same
benefits as in scenario 4, without creating interdependencies between
cooling and heating demands.

The exergy analysis was used as an important tool to compare the
electrification scenarios and compare it to the base case. It was found
that the exergy destruction could be reduced considerably by elec-
trifying, and it was lowest for the central heat pump system. The spe-
cific energy use for scenario 3 was found to be 0.86 MWh per ton milk
powder and 1.06 MWh per ton milk powder for scenario 4. These values
are slightly higher than the thermal energy use of 0.59 MWh and
electric energy use of 0.15 MWh per ton of milk found for the best
configuration only considering the production in [15]. The best con-
figuration was more advanced and also considered improvements to the
spray dryer, reverse osmosis for pre-concentration and direct steam
injection for pasteurization. The additional pasteurization before the
evaporator and the spray dryer were not included, however electric
energy use for process pumps was. The integration of direct steam in-
jection for pasteurization could however be an additional energy effi-
ciency measure in scenarios where steam is used and the pre-con-
centration of milk using reverse osmosis is an alternative electrification
measure.

The economic analysis showed that all electrification scenarios can
be feasible under specific conditions with respect to energy prices. This
was studies as part of a sensitivity analysis with varying energy prices.
In particular the two scenarios with heat pumps are expected to be
feasible options for energy prices after 2020. Not all possible costs for
the investment, such as new piping, were considered. However part of
these costs were indirectly included through the conversion of bare
module costs to the TCI. The requirement for new piping for instance
will be different across the scenarios, however. The investment costs
therefore have a degree of uncertainty, which is expected to have a low
impact on the net present value as investment costs become overall less
important for low energy prices or small price differences between
natural gas and electricity. The unit costs for investments in small heat
pumps are particularly high, as the applied cost functions have high
specific costs for small components. The use of standard components for
these heat pumps could reduce the investment costs significantly.

The willingness to accept high investment costs is probably the
highest for the central heat pump system (scenario 3), as it is an in-
vestment in the main utility of the plant. The decentral electrification
strategy considers the implementation of heat pumps which might be
affected by process changes, resulting in lower accepted payback times.
However, it is possible to prioritise projects with a high return on the
investment and to break down the costs for electrification into smaller
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Fig. 15. Comparison of annual CO2 emissions of the scenarios for Denmark
(DK) and the European Union 28 (EU-28) following the EU Reference Scenario
2016 and for DK-CHP the allocation of emission in cogeneration plants.
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fractions. The use of electric boilers is most attractive for very low
energy prices, where the need for highly efficient systems is secondary
compared to the total investment costs. Electric boilers create no con-
siderable technology lock-in, as they are comparably cheaper and
thereby replaceable and, furthermore, do not require changes to utility
infrastructure and processes. The central heat pump system requires
certainty of future process modifications as it is a large investment and
requires partly new utility infrastructure. While the decentral heat
pumps create the highest technology lock-in on a process level, the
processes in different production sections are less dependent on each
other.

A detailed uncertainty and sensitivity analysis of investment costs
and energy prices was not in the scope of this paper. The energy prices
and their forecasts are volatile and depend on many factors. Among
others, the costs for CO2-emissions (CO2-certificates) are a parameter
which can have great influence on the economic feasibility of the
system. If these costs increase for natural gas, the acceptable electricity
price will increase progressively in scenario 3 and 4. In this analysis the
minimum temperature difference in the heat exchanger was constant.
However, the optimal value depends strongly on the economic
boundary conditions, such as the relation between energy prices and
investment costs. An optimisation of this temperature difference should
thus be performed when the economic boundaries are fixed.

The costs for CO2-emission and energy tax reductions can be even
more important for other industries, which e.g. use fuel oil or coal. The
electrification strategies proposed and analysed in this paper are how-
ever applicable to all process industries. The adoption of these strate-
gies to other sites, should take the proposed method for analysis as the
basis.

5. Conclusion

In this paper strategies for electrifying industrial processes were
presented, which aim to reduce the dependency on fossil fuels com-
monly used for process heating. The proposed method for electrification
consists of modelling and optimising the industrial processes, before
evaluating the different strategies for electrification. These considered
strategies consist of (i) the conservation of the existing utility infra-
structure by using a central electric boiler, (ii) the integration of a
central heat pump system using excess and ambient heat sources to
supply heating and cooling at different temperature levels and (iii) the
use of decentral heat pumps and electric heaters to provide heating and
cooling at a process level. The method and the electrification strategies
were applied to a milk powder production factory, for which different
scenarios were compared using energy, exergy, environmental and
economic analyses.

It was shown for the dairy factory that energy input and the exergy
destruction were lowest in a configuration using a central heat pump
system. The overall COP for supplying process heat was 1.95, while it
was 1.57 for the scenario implementing decentral heat pumps and

electric heaters. This difference resulted from the heating of drying air,
done with an electric heater in the decentral scenario, while it was
covered by a high temperature heat pump in the central utility scenario.
The use of electric boilers for central steam generation was found to be
more efficient in energy and exergy terms than the current natural gas-
based system, but to be the least efficient option when considering all
electrification scenarios.

Similar findings were obtained for the environmental analysis,
which investigated CO2-emission reduction compared to the existing
natural gas based system. However all options would considerably de-
crease CO2-emissions in Denmark from 2025 on, as a high share of wind
power in the electricity network is expected. For the EU-28, CO2-
emissions would be halved in 2025 for the heat pump based systems,
while the emissions of the electric boiler systems are only considerable
lower by 2050.

The economic analysis revealed that for the predicted energy prices
in Germany and Denmark, the use of electric boilers would not be
beneficial, while the heat pump system obtained a positive net present
value after 20 years for investments after 2020. Due to the high level of
energy use in the dairy factory, investment costs become less important
over the considered investment horizon and the relation between nat-
ural gas and electricity prices determines the profitability. As the de-
central heat pump system had lower investment costs at a lower effi-
ciency, it was found to yield positive net present values at higher ratios
of electricity to natural gas prices when considering current natural gas
prices in the EU. The central heat pump system becomes however more
profitable if electricity prices increase. At last, one benefit of the de-
central heat pump system was that the implementation of heat pumps
can be done independently, meaning only the most cost-efficient ones
could be implemented. The central heat pump has to be implemented as
a whole package.

It is expected that the electrification of industrial processes will be
an important research area in the near future. Industrial and high
temperature heat pumps will play an important role in this transition,
but developments are required for heat pumps reaching temperatures
above 150 °C, as they will play a pivotal role in reaching an efficient
electrification.
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Appendix A

The assumptions for the heat transfer equipment are shown in Table 4. These assumptions are based on ranges of values for equipment typically
found for the fluids involved. The U-Values are based on ranges given in [32] and the minimum approach temperatures are taken from [33,34] who
estimated them based on the heat transfer film coefficient.

The parameters to be used in cost functions established in Section 2.5 can be found in Table 5. The costs for the equipment found using these cost
functions are summarised in Table 7.

The energy prices used to evaluate the different scenarios for different years and countries and explained in Section 2.5.3 can be found in Table 6.
An overview of the equipment costs for the different scenarios can be found in Table 7.
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Table 4
Assumptions for heat transfer equipment.

Component Fluid 1 Fluid 2 ΔTmin [K] U [W/
(m2K)]

Heat Exchanger Water/Milk Water/Milk 5.0 2500
Heat Exchanger Water/Milk Air 7.5 40
Heat Exchanger Water/Milk Cream 5.0 2000
Heat Exchanger Air Air 10.0 23
Evaporator Water Refrigerant 5.0 500
Evaporator Air Refrigerant 7.5 43
Condenser Water Air/Refrigerant

(g)
7.5 40

Condenser Water Refrigerant (c) 5.0 1000
Condenser Water Refrigerant (l) 5.0 750
Falling Film

Evaporator
Water Solution 5.0 2200

Evaporator/
Condenser

Refrigerant Refrigerant 5.0 1250

Table 5
Parameters for cost functions to be used in Eq. (7).

Component Range k1 k2 k3 Year fm Source

Centrifugal/Reciprocating Compressors 450 kW−3000 kW 2.2897 1.3604 −0.1027 2001 2.8 [35]
Screw Compressors 10 kW−1000 kW 3.4756 0.6814 −8 ∙10-6 2004 2.2 [36]

Reciprocating Piston Compressor 10m3/h−280m3/h 2.2477 0.7900 0 2013 1.0 [31]
Centrifugal Radial Fan 1 Nm3/s−100 Nm3/s 3.5391 −0.3533 0.4477 2001 2.4 [35]

Shell and Tube Heat Exchanger 10m2- 900m2 3.2476 0.2264 0.0953 2004 3.3 [36]
Flat plate Heat Exchanger 1m2−2000m2 3.1316 0.3454 0.0823 2004 3.3 [36]

Internal-coils in Evaporator Tank 1m2−8000m2 3.2195 0.3743 0.046 2004 1.0 [36]
Falling Film Evaporator 28m2−316m2 2.8595 0.981 −8 ∙10-6 2005 2.3 [36]
Evaporator Plain Vessel 1m2−800m3 3.5970 0.2163 0.0934 2004 3.0 [36]

Table 6
Overview of energy prices for industrial process use on a 2017 basis.

Electricity Natural Gas Reference

Region Year Net Price Tax & Fees Total Net Price Tax & Fees Total

[€/MWh] [€/MWh] [€/MWh] [€/MWh] [€/MWh] [€/MWh]

Denmark 2017 31.3 44.9 76.2 19.5 9.3 28.9 [39–41]
Denmark 2020 34.5 28.6 63.1 19.4 9.3 28.8 [39–41]
Denmark 2025 40.8 27.2 68.0 26.8 9.3 36.2 [39–41]
Denmark 2030 45.8 27.2 73.0 33.0 9.3 42.3 [39–41]
Germany1 2017 54.2 4.3 58.4 19.9 5.5 25.4 [42]
Germany1 2020 44.6 7.4 52.1 27.6 5.5 33.1 [42]
Germany1 2025 63.7 9.6 73.3 28.7 5.5 34.2 [42]
Germany1 2030 71.2 11.7 82.9 28.7 5.5 34.2 [42]
Denmark2 2017 47.6 21.1 68.7 23.9 9.5 33.4 [43]
Germany2 2017 48.1 44.9 93.0 27.2 4.1 31.2 [43]
EU282 2017 60.9 22.2 83.1 25.3 3.7 28.9 [43]

1 Prices applicable for electricity intensive industries as defined in [54].
2 Prices applicable for an electricity use of 20 GWh to 70 GWh and natural gas use of 28 GWh and 278 GWh.
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Appendix B. Supplementary material

Supplementary data to this article can be found online at https://doi.org/10.1016/j.apenergy.2019.05.071.
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A B S T R A C T

The transition of the manufacturing industry towards carbon neutrality requires a reduction of the emissions
from combustion for the supply of process heat. Heat pumps are an efficient alternative technology for supplying
heat while improving the overall efficiency and shifting to potentially carbon neutral electricity. The state-of-
the-art technology is limited to supply temperatures between 100 °C and 150 °C because of lower efficiency and
component limitations. This paper has therefore analyzed two promising concepts for higher supply tempera-
tures and found technically and economically feasible solutions for process heat supply of up to 280 °C. These
solutions are using large-scale equipment from oil and gas industries for applications in energy-intensive in-
dustries. The suggested systems benefitted from the economy of scale and access to low electricity prices. The
concepts outperformed a biogas-based solution, and they were competitive with biomass or natural gas systems
with respect to economic performance. It was concluded that an electricity-based heat supply is possible for a
wide range of industrial applications and accordingly represents an important contribution to fulfilling the
objectives of lower climate impact of energy supply in industry.

1. Introduction

The combustion of fossil fuels for the supply of process heat is be-
coming unattractive due to increasing fuel costs and CO2 emission. At
the same time, the electricity production from renewable energy
sources becomes cheaper [1] and the ratio between cost for electricity
from renewables and of fossil fuels decreases [2]. The industry sector of
the EU is expected to decrease its greenhouse gas emissions by at least
80 % compared to 1990 until 2050 [3]. Some countries have committed
themselves to more thorough strategies. As an example, Denmark aims
to be completely independent of fossil fuels by 2050 [4]. This will re-
quire significant and fundamental changes in the industry sector, and
industries accordingly require alternatives to their current fossil fuel-
based energy supply. As a result, the electrification of production pro-
cesses receives a growing attention.

The Deep Decarbonization Pathways Project [5] analyzed different
strategies for the practical transition of countries to low-carbon
economies. It highlights the beneficial impacts of decarbonizing socie-
ties, while enabling growth in economy and population. In relation to
the industry sector, improvements in energy efficiency and conserva-
tion as well as shifting to emission-free fuels are listed as requirements.

Bataille et al. [6] reviewed the technologies and pathways which en-
able industries to develop in line with the Paris Agreement [7]. It was
outlined that new industrial facilities must be emission-free by 2035 to
reach the targets defined in the Paris Agreement. The identified strategy
included a general political commitment, followed by local incentives,
such as carbon pricing or incentivizing energy efficiency measures, to
enhance the market penetration of emission-free or negative emission
technologies. The authors further outlined the necessity to bring near-
commercial CO2 emission-free technologies into industries and included
heat pumps as alternatives for process heat supply for up to 250 °C.

McMillan et al. [8] analyzed the use of thermal energy in the in-
dustrial sector of the US and studied the possibilities to reduce the as-
sociated greenhouse gas (GHG) emissions. A large share of the GHG
emissions of the industrial sector stemmed directly from fuel combus-
tion for process heat supply and could be reduced by using CO2 emis-
sion-free fuels as well as energy and material efficiency improvements.

The industry in Europe is highly heterogeneous. It represented 25 % of
the final energy use in 2015 [9]. The heterogeneity of the industry and the
variety of different production methods on a process level enables dif-
ferent degrees of process integration and requires a detailed analysis to
establish the optimal GHG emission pathways. On the other hand,
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electrification technologies, applicable to a wide range of industrial pro-
cesses without requiring major modifications to existing infrastructure
would ease the replacement of fossil fuel-based utility systems.

Electric-driven heat pumps have proven to be suitable for supplying
process heat in a sustainable and effective way, while improving the
overall energy efficiency. Wolf and Blesl [10] conducted numerical studies
to quantify the contribution of industrial heat pumps with respect to the
mitigation of climate change. Considering state-of-the-art equipment and
CO2 emissions from the German electricity generation mix of 2015, it was
found, that reductions of 15 % of the final energy consumption and 17 %
of the total energy-related CO2 emissions could be obtained considering
technical constraints only. These potentials reduced to 2.3 % and 4.2 %,
respectively, under consideration of economic boundary conditions. A
sensitivity analysis revealed a strong beneficial impact of decreasing
electricity cost and decreasing investment cost on the profitability of heat
pumps. The economically feasible reductions of GHG emission that are
obtainable by heat pumps are however expected to increase due to the
ongoing decarbonization of the energy sector and decreasing levelized cost
of electricity of renewable electricity generation technologies, such as
wind and photovoltaic [11]. The electrification is further incentivized by
decreasing primary energy factors, which benefit the environmental eva-
luation of electricity-based heat supply [12].

Heat pumps with sufficient performances are available as state-of-
the-art equipment for supply temperatures of up to 100 °C, while dif-
ferent projects demonstrated the technical feasibility of supply tem-
peratures as high as 150 °C to 180 °C, [13,14]. Other studies [15,16]
have shown that a relevant heat demand at higher temperatures exists.
Among others, material constraints and equipment costs were identified
as barriers for industrial high-temperature heat pumps (HTHP) [17].
Increasing the technically feasible supply temperatures of heat pump
equipment would further increase the implementation potential and
constitute a promising alternative for an efficient and CO2 emission-free
supply of process heat in industrial processes.

State-of-the-art equipment from other sectors, such as chemical
processing, might enable the construction of heat pumps exceeding the

limitations of heat pumps using equipment originally developed for
refrigeration purposes. In order to evaluate these possibilities in more
detail, the state of the art is reviewed and potential solutions for heat
pump-based process heat supply above 150 °C are identified.

The objectives of this work are i) to demonstrate the techno-eco-
nomic feasibility of constructing large-scale high-temperature heat
pumps for process heat supply, ii) to estimate the environmental and
economic potential of the technologies considering different energy
supply scenarios in different case studies, and iii) to analyze the po-
tential for applications in different industrial sectors including required
actions to exploit this potential.

2. State of the art of heat pumps for supply temperatures above
150 °C

In the literature, different cycles were considered for the supply of
process heat at high temperatures. The best cycle for a given application
will depend on the framework conditions of the processes, namely the
heat sink and source characteristics. In the following, two cycles are
introduced and their limitations as well as possible promising applica-
tions are discussed. The two cycles that were chosen are a multi-stage
cycle using R-718 (water) as refrigerant, which can be constructed as an
open or closed system, and a reversed Brayton cycle using R-744 (CO2)
as refrigerant. Both refrigerants are natural refrigerants with a high
acceptance in industrial applications.

2.1. Steam compression systems

Steam supply is an established technology for process heating pur-
poses. The steam can be either injected directly into the process or it
can be condensed and subcooled in heat exchangers to supply process
heat. The direct steam injection corresponds to an open cycle, while the
alternative using the heat exchangers is a closed system. Central steam
generation units have the advantage of large loads and the possibility to
balance the time shift in the demand of different processes, which

Nomenclature

Abbreviations

CEPCI Chemical Engineering Plant Cost Index
GHG Greenhouse gas
HP Heat pump
HTHP High temperature heat pump
HX Heat exchanger
IC Intercooler
IHX Internal heat exchanger
TC Turbocompressor

Variables

A Area, m2

calt Specific cost per unit heat from alternative supply,
€·MWh−1

cel Specific cost per unit electricity, €·MWh−1

ch Specific levelized cost of heat, €·MWh−1

COP Coefficient of performance, −
COPLor Coefficient of performance for Lorenz cycle, −
COPR-718 COP of R-718 multi-stage system, −
COPR-744 COP of R-744 reversed Brayton cycle, −
CP

0 Purchase cost for equipment at standard conditions, €
CF Annual cash flow, €·year−1

CFalt Annual income from replacing alternative heat supply,
€·year−1

CFel Annual cost for electricity consumption, €·year−1

CRF Capital recovery factor, year−1

fCEPCI Factor to account for the year of the cost function, −
fBM Bare module factor, −
fM Material factor, −
fP Pressure factor, −
IRR Internal rate of return, %
ki Factors in cost functions, −
NPV Net present value, €
OH Annual operating hours, h·year−1

p Pressure, bar
PBT Simple payback time, years
Q Transferred heat rate, kW
Qsink Heat rate supplied to sink, kW
T̄Sink Thermodynamic average temperature of heat sink, K
T̄Source Thermodynamic average temperature of heat source, K
TCI Total capital investment, €
TCIspec Specific total capital investment, €
U Heat transmission coefficient, W·m−2·K−1

W Power, kW
Wcomp Compression power, kW
Wexp Expansion power, kW
X Scaling parameter in cost functions, see Table 4

Tlm Logarithmic mean temperature difference, K
gear Efficiency of gear, −
Lor Lorenz efficiency, −
motor Efficiency of motor, −
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means extended utilization of the unit. It appears to be promising due to
the high utilization of the equipment and low integration cost to con-
sider heat pump-based steam generation systems as an alternative.
Kang et al. [18] have reviewed the developments of steam generation
heat pumps and analyzed different layouts. They indicated the necessity
of further research on the comparison of different technologies using
energy, exergy and economic analysis as well as on cascade and multi-
stage cycles. They outlined furthermore the demand for research on the
compressors for extending the applications to higher temperatures.
Bless et al. [19] studied different possibilities for heat pump-based
steam generation and outlined the high thermodynamic performances.

The heat pump performance is essentially influenced by the avail-
ability of heat sources. Heat sources at sufficiently high temperatures
might be directly integrated, while heat sources from lower tempera-
tures can be integrated by means of a bottom cycle. Kaida et al. [20]
have analyzed the experimental performance of a system in which
steam is generated by a bottom cycle and upgraded to higher pressures
by turbocompressors, reaching supply temperatures of 165 °C. Lee et al.
[21] studied the suitability of different working fluids for a heat pump,
which can be used to produce low-pressure steam or operate as a
bottom cycle for a cascade system.

Meroni et al. [22] compared different high-temperature cycles of a
cascade heat pump for the generation of steam at 150 °C. The study
considered a detailed design of the compressor and found that the direct
compression of water in a two-stage cycle outperformed the closed loop
cycles using different other working fluids.

Bühler et al. [23] presented a steam generation unit based on a
central heat pump that consisted of bottom cycles, supplying heat to a
central evaporator at 90 °C while integrating various heat sources, and a
high-temperature multi-stage steam compression unit, which supplied
steam at different pressure levels to the processes. The presented system
had a COP of 1.95 and had the best thermodynamic and economic

performance compared to other electrification scenarios that were
using decentralized heat pumps and/or electrical heaters.

Various studies have furthermore focused on the analysis of com-
pression equipment that is suitable for the compression of steam.
Madsbøll et al. [24] developed a turbocompressor that is suitable to
achieve a temperature lift in saturation temperatures of water of 25 K to
30 K at evaporation temperatures of 90 °C to 110 °C. Bantle et al. [25]
studied the possibilities to utilize turbocompressors in superheated
steam drying applications. Later, Bantle et al. [26] presented experi-
mental tests of a single-stage turbocompressor cycle, which achieved a
temperature lift of approximately 25 K. Most recently, Bantle et al. [27]
presented an experimental study of a two-stage system. The developed
technology was based on mass-produced turbocharger technology from
automobile applications. The specific investment costs per unit of
supplied heat of systems using this technology were expected to reach
values as low as 200 €/kW. Zühlsdorf et al. [28] have shown that steam
compressors based on this technology reach economically reasonable
sizes for evaporation temperatures above 90 °C to 100 °C. Chamoun
et al. [29,30] conducted experiments in a similar operating regime
using a twin-screw compressor. While the performance was similar,
higher investment cost were expected for the screw compressors. Lar-
minat et al. [31] presented the development and experimental tests for
a turbocompressor achieving a temperature lift between saturation
temperatures of 90 °C and 130 °C.

These studies demonstrated the technical feasibility of steam com-
pression equipment for supply temperatures of up to 150 °C to 160 °C,
while it could be expected that higher temperatures can be achieved
with similar equipment. Especially turbocompressors appear to be a
promising solution, as they may potentially operate oil-free and
therefore are not limited by current lubrication systems [14]. The ob-
tained pressure ratios per compression stage that could be obtained by
turbocompressors reached values of up to 3.5, which is consistent with

Fig. 1. Flow sheet of a cascade heat pump with a multi-stage R-718 cycle for steam generation or closed loop heat supply at different temperature levels (B-
HP=Bottom heat pump, IC= Intercooler, P= Pump, TC=Turbocompressor).
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the expectations from [32,33]. The supplied heat loads achieved in the
experimental studies were in the order of up to 1MW.

While steam compression shows a high efficiency for cases in which
both the heat source and sink have relatively constant temperatures
with a small glide, it implies inefficiencies when used in applications in
which single phase fluids with a certain temperature glide are heated.
In such applications, vapor compression cycles using zeotropic mixture
[34] or gas cycles [35] might show improved efficiency in cases with
larger temperature glides, in which e.g., a single-phase fluid is heated.

2.2. Reversed Brayton cycle

Angelino and Invernizzi [35] reviewed the prospects of reversed
Brayton cycles and considered them as a viable alternative for heat
supply at high temperatures. Fu and Gundersen [36] presented a
method for integrating reversed Brayton cycles in industrial sites and
outlined the potential of exploiting the temperature glides in the ap-
plication.

General Electrics (GE, previously ALSTOM Power) suggested a re-
versed Brayton heat pump using R-744 (CO2) in supercritical conditions
to be used in a pumped heat electricity storage system [37–39]. R-744 is
a natural working fluid with a high industrial acceptance. The storage
medium was molten salt in liquid conditions that was heated from
290 °C to 565 °C and stored in tanks. The heat pump used turbocom-
pressors with maximum discharge temperatures that allowed heating
the molten salt up to 480 °C, while the remaining temperature lift up to
565 °C was achieved with an electric heater. The heat pump cycle in-
cluded furthermore an expander that was mounted on the same shaft as
the compressor. Considering a heat source at 60 °C, a COP of 1.3 was
reported in which only a heat pump was used to supply heat at 465 °C
and a combined COP of 1.2, when the temperature was boosted to
565 °C with an electrical heater. During the discharge periods, the
molten salt from the hot tank was used to drive a conventional steam
power plant.

The heat pump was designed for high-temperature and large-scale
applications and utilized large-scale equipment from chemical pro-
cesses. The maximum scale was constrained by a size of commercially
available compressors of 40MW electrical power. The maximum com-
pressor discharge temperature was found to be high enough to supply a
process stream of up to 480 °C while high pressures of up to 140 bar
were expected to be feasible. The heat exchangers were assumed to be
shell and tube heat exchangers. This highlights that compressors can be
found, which are capable of high temperature levels (> 400 °C) and
thereby exceed the supply temperatures achieved by compression
equipment originating from the refrigeration industry. It may further-
more be noted, that the specific cost of such equipment is decreasing at
large capacities, indicating that especially large-scale applications
might result in economically feasible solutions.

3. Methods

In the following, the general assumptions for the thermodynamic
and economic modelling of the cascade multi-stage steam compression
system and the reversed Brayton cycle are introduced. Subsequently,
possible applications for large-scale high-temperature heat pumps are
determined and case studies for a specific evaluation of the technologies
are defined.

3.1. Design of considered heat pump systems

3.1.1. Vapor compression heat pumps using R-718
This work considers a cascade heat pump that was based on the

system described [23] and visualized in Fig. 1. The high temperature
cycle is a three-stage cycle that supplies heat to the process stream at
three different pressure levels and receives subcooled liquid at the
temperature of the evaporator from the process. The bottom cycle can

consist of one or more cycles in parallel which integrate different heat
sources and supply the central evaporator. Heat sources that are
available at sufficient temperature can be integrated directly. The cycle
was designed to obtain a minimum temperature of 90 °C in the eva-
porator in order to keep the volume flow rates of the compressors for R-
718 at a reasonable level [28]. If a large enough amount of heat is
available at higher temperatures, the temperature of the evaporator is
increased and no bottom heat pumps are required. In case that bottom
heat pumps were required, the evaporator temperature was limited to
125 °C, as this could be covered with state-of-the-art equipment by
using e.g., R-600 (butane) [40].

The high-temperature cycle consists of a multi-stage vapor com-
pression cycle using R-718 as working fluid. After each compression
stage the steam is desuperheated to 10 K above its saturation tem-
perature by injecting saturated liquid from the evaporator. The three-
stage system was designed to achieve maximum supply temperatures of
around 210 °C at an evaporation temperature of 90 °C, while it could be
extended to higher temperatures by adding more stages in the same
manner or increasing the evaporator pressure. The system can be de-
signed as an open system in which the steam is directly injected into the
process streams or as a closed system in which the steam is condensed
and subcooled before returned to the central evaporator.

In the closed system, the liquid of the high temperature stages is
subcooled to the saturation temperature of the next-lowest stage and
mixed with the saturated liquid from this stage. Based on the presented
literature [32,33], a maximum pressure ratio of 3.5 was assumed and if
a higher temperature lift was required, an additional compression stage
was considered. The amount of steam supplied to the process at each
stage is defined by the application and the system is dimensioned ac-
cordingly. All heat demand that occurred below the evaporator tem-
perature was directly covered with liquid condensate, which was re-
turned to the evaporator at subcooled conditions. If the heat demand
was required at temperatures that were too high for cooling the liquid
to the evaporator temperature, it was flashed into the evaporator tank.

Table 1 summarizes the assumed component efficiencies for the
numerical modelling. The isentropic efficiency and the maximum
pressure ratio were chosen in accordance with [27,28,32]. No pressure
drops and heat losses within the piping and the heat exchangers were
considered for the simulations. In a closed system, the liquid was suf-
ficiently subcooled to the temperature of the evaporator, while the li-
quid feed was accordingly heated by an auxiliary heat pump for an
open system. The evaporator was assumed to be ideally mixed, while no
pumping power was considered.

The thermodynamic performance of the steam cycle was evaluated
by its COPR-718. The COPR-718 was defined as the ratio of the supplied
heat Qsink to the total power consumed Wtotal. The total power con-
sumption comprised the sum of the compressor power Wcomp of the
different compressors from the bottom and the high-temperature cycle
as well as the power of all pumps Wpump under consideration of an
efficiency for the motor motor and the gear gear. The supplied heat load
Qsink assumed that the steam is in both cases subcooled to the eva-
porator temperature and completely used for process heating purposes.
If heat was covered by using the saturated liquid from the evaporator,
this was considered as well.

Table 1
Modelling assumptions for steam compression heat pump.

Isentropic efficiency compressor 75 %
Efficiency of pumps 90 %
Efficiency of motor motor 95 %
Efficiency of gear gear 95 %
Maximum pressure ratio per stage 3.5
Remaining superheat after liquid injection 10 K
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= Q
W

COP
/( )R 718

sink

total motor gear (1)

The bottom heat pump cycles were modelled as described in
[41,42]. The compressor was modelled with an isentropic efficiency
and the expansion process assumed to be isenthalpic. The pressure le-
vels and the subcooling were defined by minimum pinch point tem-
perature differences. The transferred heat in the internal heat ex-
changer was maximized, as this yielded the maximum COP, while a
minimum pinch point temperature difference was respected. The effi-
ciencies for the compressor, the gear and the drive were assumed as for
the high-temperature cycle. The heat exchangers were modelled with
separate sections in which the refrigerant was in either liquid, gas or
two-phase conditions. It was however assumed that the evaporator and
the superheater as well as the desuperheater and condenser were
manufactured as one component. Considering that all thermodynamic
state points were defined, the mass flow rates were determined by mass
and energy balances in order to meet the process heat demands.

3.1.2. Reversed Brayton cycle
Fig. 2 shows the layout of the considered reversed Brayton cycle.

The compressor was also in this case a turbocompressor. It was
mounted on the same shaft as a turbine that recovers the expansion
work. The recovery of expansion work appeared promising due to the
high pressure ratios and since expansion occurred in the gas phase.
Recovering the expansion work was not considered in the multi-stage R-
718 cycle, as the thermodynamic potential was smaller and since the
expansion was located within the two-phase zone. Further, an internal
heat exchanger was considered to cool the working fluid subsequent to
the gas cooler while heating the stream in front of the compressor.

Table 2 summarizes the modelling inputs. The isentropic efficiencies
of the turbomachinery are dependent on the specific working condi-
tions and the capacity, while conservative estimates based on e.g., [35],
were assumed for this study. No pressure drops or heat losses from the
piping or the heat exchangers were considered. The pressure levels
were optimized with respect to a maximum COP, while the pressure
was constrained to a maximum of 140 bar. The outlet conditions of the
turbine were a design parameter and they were optimized to be at least
5 K above the corresponding saturation temperature. The definition of

the turbine outlet temperature indirectly determined the pinch point
temperature difference and thereby the size of the internal heat ex-
changer. The mass flow rate was determined by the heat load required
by the process.

The COPR-744 was determined as the ratio of the supplied heat Qsink
to the difference of the compressor power Wcomp and the expander
powerWexp under consideration of an efficiency for the motor motor and
the gear gear.

= Q
W W

COP
( )/( )R 744

sink

comp exp motor gear (2)

3.2. Thermodynamic evaluation

In order to evaluate the efficiency of the cycles, the COPs were re-
lated to the maximum achievable COP of a theoretical cycle. The Lorenz
cycle [43] is a theoretical cycle with an isentropic compression and
expansion process and heat transfer at the thermodynamic average
temperatures [44] of the heat source T̄Source and the heat sink T̄Sink. The
performance of the Lorenz cycle is described by the COPLor.

= T
T T

COP
¯

¯ ¯Lor
Sink

Sink Source (3)

The Lorenz efficiency ηLor describes the efficiency of the respective
cycle by relating the COP to the Lorenz COPLor.

= COP
COPLor

Lor (4)

3.3. Economic evaluation

In order to evaluate the economic performance, the investment costs
as well as the operating costs need to be calculated. For the estimation
of the investment costs, the component dimensions of the main com-
ponents were determined before the capital costs were estimated using
correlations. The capital costs were subsequently compared to the op-
erating cost under consideration of the time value of the money for
different representative cost scenarios.

3.3.1. Component dimensioning
The estimation of the capital cost of the equipment requires an es-

timation of the component dimensions for the main components of the
system. The component costs were estimated based on parameters de-
scribing the components capacity or dimensions. For some of the
components, such as the compressors, turbines and drives, the capacity
was described by the power, which was directly available from the
thermodynamic calculations. The capital costs for heat exchangers was
determined based on their area.

The relation between the required area A and the transferred heat Q
for a heat exchanger in which two streams of constant capacities are
exchanging heat was described by Eq. (5) [44]. The heat exchangers
were discretized in sufficiently small parts of equal heat transfer to
allow the assumption of constant capacities.

=Q UA Tlm (5)

The UA-value was determined by the logarithmic mean temperature
difference ΔTlm. In order to determine the area A from the UA-value,
the heat transmission coefficient U was estimated. The heat transmis-
sion coefficient U considers the heat transfer coefficients on both sides
of the heat exchangers. Dependent on the design of the heat exchangers
and the involved fluids, a range of heat transfer coefficients can be
achieved for technically feasible and economically reasonable heat
exchanger designs. The heat transfer coefficients considered in this
study were estimated based on the experience-based values from [45].
Table 3 summarizes the heat transfer coefficients, the components and
the minimum pinch point temperature differences that were used in this

Fig. 2. Flow sheet of reversed Brayton cycle.

Table 2
Modelling assumptions for reversed Brayton cycle.

Isentropic efficiency compressor 75 %
Isentropic efficiency turbine 75 %
Efficiency of motor motor 95 %
Efficiency of gear gear 95 %
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study depending on the involved streams.

3.3.2. Component cost estimation
The purchase cost for the components in base conditions, meaning

basic material at standard operating conditions without auxiliary
equipment, CP

0, was determined by a cost function as described in Eq.
(6) [46,47]. The parameters that were used for these cost functions are
summarized in Table 4 and were taken from the same literature.

= + +C k k X k Xlog( ) log( ) (log( ))P
0

1 2 3
2 (6)

The bare module cost of the equipment CBM includes both the direct
and indirect cost related to the component. The cost for auxiliary ma-
terials, labor and engineering is summarized by the bare module factor
fBM. The additional cost for the design of the equipment in different
material and to operate at increased pressures are estimated by the
factors fM and fP, as defined in [46,47]. A pressure factor fP= 1.2 was
assumed for the construction of the heat exchangers at the high pres-
sure side of the R-744 cycle.

=C f f f f CP M PBM BM CEPCI
0

(7)

As the cost functions were reported in different years, the cost es-
timations were converted to values corresponding to the year 2017 by
the factor fCEPCI, which was based on the Chemical Engineering Plant
Cost Index (CEPCI).

Based on the bare module cost of the components, the total com-
ponent costs can be estimated by considering a factor of 18 %, ac-
counting for possible contingencies and fees [46]. The costs for in-
tegrating the unit on site and retrofitting an existing plant, an
additional factor of 15 % was considered, yielding the total capital
investment cost TCI. In order to compare the TCI of different solutions,
the specific total capital investment was expressed as in relation to the
supplied heat load TCIspec. To account for the non-energy related op-
eration and maintenance costs, an additional 20 % of the TCI was used
as a one-time payment.

3.3.3. Economic performance indicators
The net present value NPV was chosen for the evaluation of the

economic performance of the different solutions, as it is an indicator
that considers the entire lifetime of the plant [44,47,48]. The NPV
considers both the total capital investment cost TCI and the summed
cash flows for each year CF. The cash flows were expected to be con-
stant throughout the lifetime and were converted to their time value at
the time of the investment by the capital recovery factor CRF. The CRF
considered an effective interest rate of 5 % and a lifetime of the plant of
20 years.

= + = +NPV TCI CF
CRF

TCI CF CF
CRF

alt el
(8)

The levelized specific cost of heat ch was considered as another
measure for the comparison of the alternatives. It relates the investment
cost corresponding to one year of operation TCI·CRF and annual oper-
ating cost due to consumption of electricity or another fuel CF to the
annually supplied heat QOH· sink.

= +c
Q Q

TCI·CRF
OH·

CF
OH·h

sink sink (9)

The simple payback time PBT was introduced as a measure for the
estimation of the uncertainties associated with the investment, by de-
termining the period which is required until the profit compensated the
total capital investment without considering the time value of the cash
flows. The payback time is however insufficient for the evaluation of
the profitability of the investment, as it only considers part of invest-
ments lifetime [44,47,48].

=PBT TCI
CF CFalt el (10)
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As an additional indicator the internal rate of return IRR [44] was
used, which is defined as the interest rate at which the NPV of the
investment equals zero.

The sum of the annual cash flows represents the annual savings that
would result from substituting the existing energy utility with the
suggested system. The cash flow resulting from the electricity con-
sumption in the considered scenario CFel was determined by the sum of
the consumed power W , the annual operating hours OH and the
specific electricity cost cel. The cash flow describing the savings for
substituting the alternative heat supply CFalt was defined by the amount
of the supplied heat Qsink, the operating hours OH and the specific
cost for the alternative heat supply calt.

= c WCF OHel el (11)

= c QCF OHalt alt sink (12)

Both the specific cost for the alternative heat supply and the elec-
tricity consumption are effective costs, meaning that they are including
the net price, additional fees and taxes and in case of the alternative
heat supply also the boiler efficiency. The following section discusses
the different scenarios and presents the considered costs.

3.3.4. Scenarios for the economic and environmental evaluation of the case
studies

This section defines economic and environmental scenarios for the
evaluation of the case studies, which are summarized in Table 5. The
heat pumps can be based on electricity supply from the grid or from
own renewable electricity production facilities. The electricity prices
and the associated CO2 emissions are varying according to the local
electricity markets, electricity mix and taxes. The analysis was based on
data from three countries, which were selected as exemplifying sce-
narios. Germany was chosen as it has a large and diverse industrial
sector and a large share of fossil fuel-based electricity production, while
Denmark has a large share of renewable electricity from wind and
Norway from hydro. The share of electricity production from wind,
solar and hydro accounted for 97.6 % in Norway and for 46.6 % in
Denmark in 2016 [49]. The cost scenarios that were selected for these
countries corresponded to the most favorable conditions, which are
typically limited to customers with consumption in the range of energy-

intensive industries. It may be noted that customers with lower elec-
tricity demands may be paying higher prices. The selection of the am-
bitious electricity prices was however based on the assumption, that the
industries with access to the lowest electricity tariffs will be the first
ones for which the installation of heat pumps will become beneficial. It
was furthermore expected that the installation of the suggested heat
pump systems increases the electricity consumption to a considerable
extent, which may give access to lower electricity tariffs.

Philibert [11] emphasizes the possibility for energy-intensive in-
dustries to invest directly in renewable electricity production facilities. An
additional scenario was added. It was assumed that only electricity from
wind and solar is accepted and that the industry itself acquires and op-
erates the electricity generation. It is expected that the levelized cost of
electricity from renewables can become as low as 30 €/MWh, depending
on the location and combination of different technologies [1,11]. Based on
[50,51] and assuming Danish conditions, the levelized cost of electricity in
2020 is expected to range from 30 €/MWh for onshore wind energy to
47 €/MWh for offshore wind, with nearshore wind energy and large
photovoltaic at 41 €/MWh. Additional costs are expected for storage fa-
cilities and measures to operate the local electricity grid. For this study, an
average levelized cost of electricity of 40 €/MWh was assumed, with a
potential range of 30 €/MWh to 50 €/MWh.

The heat pump technologies were evaluated for the aforementioned
scenarios and were compared to different technologies. As potential
alternative technologies, an electrical boiler and different combustion-
based boilers were considered. Natural gas, biogas and biomass were
considered as fuels for the combustion-based boilers. The specific cost
including taxes for natural gas was 27.7 €/MWh for Norway [52,53],
28.7 €/MWh for Denmark [54–56] and 33.1 €/MWh for Germany [2].
For this study, a range of 28 €/MWh to 33 €/MWh was assumed. The
installation of a natural gas boiler was associated with a specific in-
vestment cost of 103 €/kW of heating capacity [56]. The specific cost
for biomass was assumed to be in the range of 64 €/MWh for normal
biogas and 75 €/MWh for upgraded biogas [57]. The investment cost
for the gas boiler for biogas was assumed to be the same as for natural
gas. The market price of biomass was assumed to be in the range of
28 €/MWh for wood chips and 33 €/MWh for wood in Denmark in 2020
[58]. The investment cost for biomass boilers including storage facil-
ities was assumed as 800 €/kW of heating capacity [56].

Table 4
Parameters for estimation of component capital cost.

Component Scaling parameter X Range k1 k2 k3 Year fBM Ref.

Centrifugal/reciprocating compressors Fluid power 450 kW−3000 kW 2.2897 1.3604 −0.1027 2001 2.8 [46]
Drive (electric, totally enclosed) Shaft power 75 kW–2600 kW 1.9560 1.7142 −0.2282 2001 1.5 [46]
Evaporator plain vessel Volume 1m3−800m3 3.5970 0.2163 0.0934 2004 3.0 [47]
Internal coils in evaporator tank Area 1m2−8000m2 3.2195 0.3743 0.046 2004 1.0 [47]
Screw compressors Fluid power 10 kW−1000 kW 3.4756 0.6814 −8 ·10-6 2004 2.2 [47]
Shell & tube heat exchanger Area 10m2−900m2 3.2476 0.2264 0.0953 2004 3.2 [47]
Turbine (radial) Fluid power 100 kW–1500 kW 2.2476 1.4965 −0.1618 2001 3.5 [46]

Table 5
Considered fuels and potential technologies for 2020 conditions.

Fuel Fuel price incl. taxes, €/MWh Specific CO2 emissions, kg/MWh Potential technologies

Chosen value Lower range Upper range

Electricity Denmark [55–57] 63.1 – – 461 - Reversed Brayton cycle
- Steam Compression cycle
- Electric boiler, η=0.95, TCIspec= 210 €/kW

Germany [2] 52.1 – – 624
Norway [53,54] 36.1 – – 570
Renewable [1,11] 40.0 30.0 50.0 0

Natural Gas [55–57] 31.0 28.0 34.0 204 - Gas boiler, η=0.9, TCIspec= 103 €/kW
Biogas [46,56,57] 69.5 64.0 75.0 0

Biomass [2,46,57] 30.5 28.0 33.0 0 - Biomass boiler, η=0.9, TCIspec= 800 €/kW
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The specific scenarios are summarized in Table 5. It includes the
specific fuel cost, specific CO2 emissions and the potential technologies.
The specific CO2 emissions of natural gas were assumed as 0.204 t/
MWh [59], while they were assumed to be zero for biogas and biomass.
The combustion of biomass and biogas might however be subject to a
NOx-tax as it is in Denmark [54].

3.4. Evaluation of the application potential of heat pump-based process
heating at high temperatures

In order to identify industries and processes where high temperature
heat pumps can have a promising application potential, industrial
sectors were evaluated as a basis for the selection of case studies for a
deeper analysis of the technical and economic potential.

The evaluation criteria for promising applications were industrial
processes where (i) heat is required at temperatures between 150 °C and
450 °C, (ii) heat is typically supplied from external sources (e.g., steam
from boilers, combustion heat) and not internally (e.g., from exo-
thermic reactions or through process integration), (iii) the heat demand
is high (above 1MW) and (iv) heat is required continuously and with a
high number of annual operating hours.

3.4.1. Identification of promising industrial sectors
Several studies analyzed the industrial process heat demand and

excess heat including the temperature ranges on industry sector level
for different countries. Naegler et al. [60] quantified the industrial heat
demand on a European level. Based on data for Germany the share of
process heat demand in the range of 100 °C to 500 °C was found to be
highest in the chemical, food, paper and construction industry, where
the share was between 20 % and 70 % of the total heat demand of the
respective sector. While the share of process heat demand between
100 °C and 500 °C was approximately 20 % of the industrial heat de-
mand in the largest industrial heat user countries, it was above 30 % in
Sweden, Finland and Portugal.

Rehfeldt et al. [61] also analyzed industrial processes in Europe
using bottom-up estimates and similarly found that the pulp and paper,
food and beverages and chemical industry have the highest heating
demands in the range of 100 °C and 500 °C, but also the processing of
non-metallic minerals was found to have a high heat demand in this
range. The distribution of process heat demand among European
countries was found to vary. On average 40 % of process heat is re-
quired above 500 °C, the heating demand between 100 °C and 500 °C
was 30 % but in some countries (e.g., Finland, Sweden, U.K. and Aus-
tria) it was considerably higher. The processes accounting for the major
share of the heat demand in the temperature range between 200 °C and
500 °C were secondary aluminum production and rolling/extruding of
aluminum, flat glass, gypsum and ethylene production. A majority of
the energy use in food, beverage, pulp and paper industries was found
in the temperature range between 100 °C and 200 °C.

McKenna and Norman [62] analyzed heating demands for industrial
sectors and the recovery potential for excess heat for the UK. The pulp
and paper, food and drink and chemical industry sectors were found to
have the majority of its heat demand between 100 °C and 500 °C. The
heating demand in this temperature range accounted for 160 PJ, out of
a total heat demand of 788 PJ. The recovery potential of heat was es-
timated to be between 37 PJ and 73 PJ per year [63].

Arpagaus et al. [14] analyzed different heating demands based on
literature data, to identify the potentials for heat pumps with supply
temperatures up to 140 °C. For Germany the potential of process heat
which is coverable by heat pumps with sink temperatures between
80 °C and 140 °C was estimated to be 337 PJ. The main processes for
high-temperature heat pump application were identified in drying,
pasteurizing, sterilization, evaporation and distillation processes.

The pulp and paper industry has a large potential for energy effi-
ciency, where heat recovery and integration presents the largest CO2

mitigation potential at the lowest specific costs [64]. The use of heat

pumps is an important approach in obtaining a high level of energy
efficiency, however the process temperatures are typically below 150 °C
where heat pump technologies are available [65]. This sector is there-
fore not further considered in this study for the use of HTHP.

Based on these findings, the following industrial sectors were identified
as sectors, in which the presented technologies were expected to potentially
be able to increase the temperature limits for process heat supply to above
150 °C, while yielding economically feasible performances:

- Chemical and petrochemical industry
- Ferrous and non-ferrous metal industry
- Non-metallic minerals industry
- Food and beverage industry

3.4.2. Case studies
Two case studies were defined to analyze the energetic, environ-

mental and economic performance in more detail. The case studies
were chosen representing possible applications from the aforemen-
tioned industries. Based on the case study results, the potential for
further applications in these industries is discussed.

3.4.2.1. Case study of alumina production. The aluminum production
has a high energy intensity, which results in an accordingly high rate of
CO2 equivalent emissions [66] and accounts for a high share of the final
product costs [67]. A large share of the energy is consumed during the
refining of bauxite to alumina, which is a basic material for the
aluminum production [68]. The Bayer process is the most established
process for the refining of bauxite and the largest share of the energy is
required as heat for preheating and digesting the bauxite, while the
maximum temperatures vary between 140 °C and 280 °C, depending on
the quality of the bauxite, the utilized equipment and various other
factors [67].

The heat for preheating and digesting the bauxite slurry can be sup-
plied by steam or by single-phase fluid, e.g., molten salt or a thermal oil
[69–71]. Steam can be injected directly, while the single-phase fluids re-
quire heat exchangers for indirect heat exchange. The latter results in
larger temperature differences but higher energy efficiencies [72].

As the entire process is energy-intensive, there is a high availability
of excess heat at sufficient temperatures, which could potentially be
utilized as a heat source of a heat pump. A suitable heat source could
e.g., be the exhaust air from the calcination stage [73].

For the evaluation and comparison of the heat pump technologies, a
representative case study was defined, corresponding to potential condi-
tions as described by the aforementioned literature. It was assumed that
heat is supplied to a stream of constant heat capacity flow rate, e.g.,
thermal oil or a molten salt, which is heated from 140 °C to 280 °C, while
heat is taken from excess heat from another on-site process between 110 °C
and 60 °C. The required heat load was defined as 50MW, as this corre-
sponds to typical plant sizes and approximately to the largest commer-
cially available compressors for the reversed Brayton cycle [37]. The mass
flow rate of the source was determined by the system COP. The annual
operating hours were assumed as 8000 h/year.

3.4.2.2. Case study of a spray drying facility. Spray drying facilities in
the food industry are typically accounting for a large portion of the
energy use of the sector and represent some of the highest process
temperatures. Spray dryers are furthermore often in the range of several
megawatts capacity and often operate throughout the year. This makes
them a promising application for a heat pump-based process heat
supply. In spray dryers, the liquid is atomized and sprayed into a drying
chamber with heated air [74]. The droplets of food move with the
heated air and the water evaporates.

In this study, we considered a spray drying facility based on the milk
production site for which Bühler et al. [75] conducted an energy, ex-
ergy and advanced exergy analysis. Zühlsdorf et al. [34] studied the
integration of heat pumps with zeotropic mixtures for the same spray
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drying facility. They presented a heat pump solution to preheat the
drying air to 120 °C, which decreases the natural gas consumption by 36
%. Bühler et al. [23] compared further different strategies for the design
of a fully electrified production system. After the integration of direct
heat recovery, the inlet air with a mass flow rate of 54.9 kg/s and a
humidity of 6.43 g/kg had to be preheated from 64 °C to 210 °C, while
the outlet air with a mass flow rate of 64.3 kg/s and a humidity of
28.88 g/kg at a temperature of 50 °C could be used as heat source. The
amount of heat recovered from the heat source, and accordingly the
outlet temperature, were determined by the system COP. The annual
operating hours were assumed to be 7000 h/year.

4. Results

The Brayton cycle and the steam compression unit were evaluated
for two case studies under consideration of the different economic and
environmental boundary conditions. The main technical parameters of
the two concepts for the two case studies are presented in the following,
before the economic analysis is presented and the potentials of the
technologies for other industries are discussed.

4.1. Technical concepts for the case studies

4.1.1. Multi-stage steam compression cycle (R-718)
The steam compression cycles for both applications were designed

with 3 compression stages. The two low-pressure stages were chosen
with a pressure ratio of 3.2, while the pressure ratio of the third stage
was 2.84 for the alumina production case study and 3.03 for the spray
dryer case study. The overall COP was 1.9 for both cases, which cor-
responds to a Lorenz efficiency of 49 %.

Fig. 3 shows the temperature-heat diagram and Fig. 4 the loga-
rithmic pressure-enthalpy diagram for the steam compression cycle for
the alumina production case. The heat sink inlet temperature was
140 °C, and the evaporator temperature was chosen to be 125 °C, as it
could be supplied by a bottom heat pump using butane (R-600) [40].
The evaporator pressure was 2.3 bar and the condensing pressures of
stage 1, 2 and 3 were 7.4 bar, 23.8 bar and 67.5 bar and the compressor
outlet temperatures 302 °C, 355 °C and 397 °C, respectively. The com-
pressors were of 5.8MW, 5.6MW and 3.4MW shaft power capacity.
The COP of the R-718 steam compression cycle was 3.0.

The two bottom heat pumps were single stage heat pumps with an
internal heat exchanger using R-600. The capacities of the heat pumps
were chosen to recover an equal amount of heat of each 12.8MW from the
heat source while supplying a total amount of 34.9MW to the evaporator
of the high temperature cycle. The first heat pump cycle operated with an

evaporation pressure of 9.6 bar and had a COP of 4.2, while the second
bottom heat pump had an evaporation pressure of 5.3 bar and a COP of
2.9. The condenser pressure was 26.3 bar in both cases.

Both bottom cycles were designed with a maximum internal heat
exchange, as this yielded the maximum COP. This did however also
result in a large amount of desuperheating, which might imply larger
volume flow rates, a larger pressure drop and a large temperature
gradient in the desuperheater.

Fig. 5 shows the temperature-heat-diagram for the multistage steam
compression cycle for the spray dryer case. In this case, the sink inlet
temperature was below 90 °C, which was defined as the minimum
evaporation temperature with respect to reasonable compressor volume
flow rates [28]. This enabled that the first part of the stream could be
preheated by direct heat transfer using liquid from the evaporator
holdup. The evaporation pressure was 0.7 bar, while the pressure in the
condensers were 2.2 bar, 7.2 bar and 21.8 bar. The compressors had a
shaft capacity of 0.8MW, 0.6MW and 0.4MW and outlet temperatures
of 257 °C, 301 °C and 344 °C for stage 1, 2 and 3, respectively.

Also for the spray dryer case, two bottom heat pump cycles with an
internal heat exchanger using R-600 were chosen. In this case, the heat
source was moist air and the first heat pump was designed to recover
the heat until the dew point of 31 °C while the second heat pump cycle
recovered the remaining heat including the condensing heat of the
moist air. The first heat pump had an evaporation pressure of 2.3 bar
and recovered 1.3MW with a COP of 3.1. The second cycle had an

Fig. 3. Temperature-heat-diagram for the bottom cycles using R-600 (left) and the multi-stage top cycle using R–718 (right) for the alumina production case study.
Selected state point numbers are shown for the bottom HP 1 and for the multi-stage cycle.

Fig. 4. Logarithmic pressure-enthalpy-diagram for the R-718 top cycle of the
heat pump for the alumina production case study with selected state point
numbers indicated.
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evaporation pressure of 1.6 bar and recovered 3.0MW from the con-
densing moist air with a COP of 2.7. Both bottom cycles had a con-
denser pressure of 13.7 bar. Due to the flexibility of designing the
bottom heat pump cycles according to the heat source characteristics,
the condensing heat of the moist air could be efficiently recovered.

4.1.2. Reversed Brayton cycle (R-744)
Fig. 6 shows the temperature-heat-diagram and Fig. 7 the temperature-

entropy-diagram for the reversed Brayton cycle for the boundary condi-
tions of the alumina production case study. The optimal pressures were
40.7 bar at the low pressure side and 140 bar at the high pressure side,
which corresponds to a pressure ratio of 3.4. The outlet temperature of the
compressor was 290 °C, The COP of the cycle reached 1.72, which was
slightly lower than 1.92 as obtained for the steam compression cycle. The
cycle performance corresponds to a Lorenz efficiency of 44 %.

It may be noted that the temperature profiles of the heat exchangers
were matching well in all heat exchangers, indicating a small amount of
irreversibility during heat transfer. The pinch point in the heat source
heat exchanger occurred at the source inlet, indicating that a higher
inlet temperature would allow to design the system with a higher low
pressure or respectively, that the heat source could be cooled down
further, resulting in an increased heat exchanger area but without
compromising the thermodynamic performance.

Fig. 8 shows the temperature-heat-diagram for the case of the spray
dryer. The reversed Brayton cycle reached a COP of 1.61 and a Lorenz
efficiency of 40 % while operating with a low pressure of 25.2 bar, a
high pressure of 72.0 bar and accordingly a pressure ratio of 2.9. The
outlet temperature of the compressor was 218 °C.

The temperature-heat-diagram shows a mismatch between the
streams in the heat exchangers. This results inevitably in irreversibility
and decreased overall performance. In the heat sink, the pinch point

Fig. 5. Temperature-heat-diagram for the bottom cycles using R-600 (left) and the multi-stage top cycle using R–718 (right) for the spray dryer case study. Selected
state point numbers are shown for the bottom HP 1 and for the multi-stage cycle.

Fig. 6. Temperature-heat-diagram for the reversed Brayton cycle using R-744
for the alumina production case study.

Fig. 7. Temperature-entropy state diagram for the reversed Brayton cycle using
R-744 for the alumina production case study.

Fig. 8. Temperature-heat-diagram for the reversed Brayton cycle using R-744
for the spray dryer case study.
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occurs at the heat sink outlet, indicating that the thermodynamic per-
formance could be improved by a lower outlet temperature or, re-
spectively, that the heat sink inlet temperature could be higher without
having to increase the pressures. On the source side, the inlet tem-
perature of the working fluid lies below 0 °C, while the heat source
outlet temperature was around 25 °C. While the characteristic of the
condensing moist air is well exploited by the bottom heat pumps of the
cascade multi-stage system, there remains some potential for im-
provements in the case of the reversed Brayton cycle.

An overview of all state points for both cycles and both cases is
given in the Appendix.

4.2. Economic analysis of case studies

The suggested systems were furthermore evaluated with respect to
their economic performance by determining the investment cost and
comparing this to the operating cost. Table 6 shows an overview of the
total capital investment TCI for the two systems for both cases. For the
alumina case, the TCI of the cascade multi-stage system was 47Mio. €,
and thereby approximately as expensive as the reversed Brayton
system, which had a TCI of 48Mio. €. For the spray dryer case, the
cascade multi-stage system had a TCI of 16Mio. €, while the reversed
Brayton system had a slightly lower TCI of 15 Mio. €. It may further-
more be noted that the specific investment cost were considerably
lower for a capacity of 50MW supplied heat compared to 8.2MW

supplied heat, which corresponds to the expectations with respect to
the economy of scale of Aga et al. [37]. While it is expected that the
decreased specific investment cost resulted mainly from the upscaling,
it may be mentioned, that the specific area of the heat sink heat ex-
changer was significantly smaller for the alumina case than for the
spray dryer case, as the heat transfer coefficient was almost four times
larger when heating thermal oil instead of air.

The specific levelized heat generation cost ch as summarized in
Fig. 9 were used to compare the investment cost to the operating cost.
The diagram is based on the cost assumptions as introduced in Table 5.
The levelized cost was divided into the shares corresponding to fuel
consumption and investment. The specific fuel cost for renewable
electricity, natural gas, biogas and biomass was specified with a certain
range, which is included in the diagram by means of black bars. In order
to visualize the impact of a tax on CO2 emissions, an exemplifying tariff
of 50 €/t of CO2 was assumed and added in the diagram.

The specific levelized cost of heat for the alumina production case
varied for both heat pump systems between 45 €/MWh for Denmark
and 31 €/MWh for Norway, disregarding any cost for CO2 emissions.
Considering electricity from own renewable electricity facilities, the
levelized cost of heat is expected to be between 29 €/MWh and 39 €/
MWh for both systems for the alumina case. For the case of the spray
dryer, the specific cost of heat were between 9 €/MWh and 12 €/MWh
higher, mainly due to higher specific investment cost and a worse COP
of the reversed Brayton system.

The investment cost contributed by approximately 10 €/MWh for
both systems in case of the alumina production case study, while it
reached 20 €/MWh to 22 €/MWh for the spray dryer case study.

An electrical boiler in combination with renewable electricity was
considered as an alternative electricity-based heat supply technology. The
levelized specific cost of heat was 51 €/MWh with a possible variation
between 40 €/MWh and 64 €/MWh. The heat pump systems are accord-
ingly able to compensate the increased investment in terms of levelized
cost.

Combustion-based boilers using natural gas, biogas and biomass
were considered as further alternatives. The specific investment cost for
the gas boilers was minor, while it accounted for approximately 11 €/
MWh for the biomass boiler. The levelized cost accumulated 34 €/MWh
to 40 €/MWh for natural gas, 73 €/MWh to 85 €/MWh for biogas and

Table 6
Total capital investment incl. maintenance cost for both cases and both systems
incl. subsystems.

Unit Alumina production Spray Dryer

TCI TCIspec TCI TCIspec
Mio. € €/kW Mio. € €/kW

Total cascade multi-stage system 47.34 946 16.42 1997
- Top multi-stage cycle (R-718) 22.86 9.30
- Bottom cycle 1 (R-600) 11.19 2.16
- Bottom cycle 2 (R-600) 13.29 4.95
Reversed Brayton system (R-744) 48.32 966 15.35 1868

Fig. 9. Specific levelized cost of heat ch for both case studies including the reversed Brayton cycle, the multi-stage steam compression cycle, an electrical boiler and
combustion-based boiler using natural gas, biogas and biomass. The cost scenarios are as defined in Table 5 while the ranges for the cost for electricity from
renewables, natural gas, biogas and biomass are indicated by the black bars.
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42 €/MWh to 48 €/MWh for biomass, while a potential tax on CO2

emissions of 50 €/t would yield and additional cost of approximately
10 €/MWh for natural gas.

It may accordingly be summarized that the heat pump systems
showed performances which were competitive with natural gas boilers
and biomass boilers, when electricity was obtained at low cost. The two
heat pump systems were competitive with natural gas boilers without
tax on CO2 emissions, when the electricity was obtained at costs of up to
50 €/MWh in the alumina production case and of up to approximately
35 €/MWh in the spray dryer case. The heat pump systems based on
renewable electricity could operate at same levelized cost of heat as a
natural gas boiler in the spray dryer case, when a tax of 46 €/t and
35 €/t of CO2 were assumed for the reversed Brayton system and the
multi-stage system, respectively.

Table 7 summarizes the COP, the total capital investment TCI, the net
present value NPV, the simple payback times PBT and the internal rate of
return IRR for a comparison of the heat pump systems to a combustion-
based heat supply. For the alumina production case the heat pump systems
were outperforming biogas, biomass and natural gas when based on re-
newable facilities, and were competitive with natural gas when con-
sidering Norwegian conditions. For the spray dryer case the heat pump
systems became feasible when based on renewable facilities and compared
to biogas and biomass, but they were outperformed by natural gas based
systems in all scenarios considering no taxes on CO2 emissions.

The simple payback times PBT shown in Table 7 are below 5 years if
the electricity is obtained from own renewable resources and the al-
ternative is biogas in both cases and are below 6 years when compared
to biomass in the alumina production case. In the alumina case the
reversed Brayton cycle has a PBT of 10 years and the steam compression
unit of 8 years when own renewable-based electricity and natural gas
consumption from the grid is assumed. The IRR for the reversed
Brayton cycle reached 8 % and for the cascade multi-stage system 11 %.
These values might be accepted, considering that the investment im-
proves the overall efficiency and constitutes the central utility system,
which is associated to corresponding low uncertainties.

The economic results indicated a strong dependency on the specific
cost for electricity cel and for the alternative heat supply calt. In order to
analyze this dependency in more detail, a parameter study was con-
ducted. Figs. 10 and 11 show the net present value NPV of the reversed
Brayton cycle and the steam compression unit for a variation of the
specific cost between 20 €/MWh and 100 €/MWh for the alumina
production case study. Additionally, the specific levelized cost of heat
for natural gas, biomass and biogas are indicated on the axes. The same
information is shown for the steam compression cycle in Fig. 11.

Considering the cheapest cost for the alternative fuel for a natural
gas-based combustion process of 33 €/MWh, the NPVs of both tech-
nologies become positive for specific electricity costs lower than 40 €/
MWh. Presuming that the aim is a fully carbon neutral solution, natural
gas is eliminated as a potential alternative and the remaining options

Table 7
Total capital investment TCI, net present value NPV, simple payback time PBT and internal rate of return IRR for both cases and cycles for selected scenarios as
defined in Table 5 and assuming specific cost for natural gas of 28.7 €/MWh in Denmark, 33.1 €/MWh in Germany and 27.7 €/MWh in Norway and no taxes for CO2

emissions. For the comparisons to renewable electricity, the specific cost for natural gas, biogas and biomass were assumed according to the average value as given in
Table 5.

Alumina production Spray dryer

Cascade multi-stage system Reversed Brayton cycle Cascade multi-stage system Reversed Brayton cycle

Coefficient of performance COP, - 1.92 1.72 1.92 1.61
Total capital investment TCI, Mio. € 47.3 48.3 16.4 15.4

Net present value NPV, Mio. €
Denmark 2020 – NG −44.8 −64.7 −16.1 −19.5
Germany 2020 – NG 8.05 −8.5 −8.5 −11.1
Norway 2020 – NG 19.6 7.8 −6.8 −8.3
Renewable el 2020 – NG 27.8 14.8 −5.6 −7.4
Renewable el 2020 – BG 241.0 228.1 25.0 23.2
Renewable el 2020 – BM 72.8 59.9 0.8 −1.0

Payback time PBT, years
Denmark 2020 – NG – – – –
Germany 2020 – NG 10.7 15.1 25.8 45.4
Norway 2020 – NG 8.8 10.7 21.3 27.2
Renewable el 2020 – NG 7.9 9.5 19.0 24.2
Renewable el 2020 – BG 2.1 2.2 4.9 5.0
Renewable el 2020 – BM 4.9 5.6 11.9 13.3

Internal rate of return IRR, %
Denmark 2020 – NG – – – –
Germany 2020 – NG 6.9 2.8 – –
Norway 2020 – NG 9.5 6.8 – –
Renewable el 2020 – NG 11.2 8.4 0.5 –
Renewable el 2020 – BG 48.9 45.9 19.7 19.6
Renewable el 2020 – BM 19.8 17.2 5.6 4.2

Fig. 10. Net present value NPV for a variation of the specific cost for electricity
cel and the alternative heat generation calt for the reversed Brayton cycle in the
alumina production case study with an indication of the specific cost of dif-
ferent energy utilities.

B. Zühlsdorf, et al. Energy Conversion and Management: X 2 (2019) 100011

12

276 Appendix A Publications



considered here are biomass or biogas. The cheapest levelized cost of
heat from biomass is around 42 €/MWh. Considering this benchmark,
the electrification of the processes using the suggested technologies
becomes the preferred choice for electricity generation cost lower than
53 €/MWh. Compared to biogas, the heat pump-based process heat
supply constitutes the most favorable solution in all scenarios, incl.
“Germany 2020” and “Denmark 2020”.

The replacement of a natural gas-based combustion process with
specific CO2 emissions of 0.204 tons/MWh corresponds to an abatement
of 90,800 tons of CO2 per year in the case of the alumina production
and to 13,100 tons of CO2 per year in the case of the spray dryer.
Replacing oil or coal based heating utilities results in accordingly
higher emission reductions. The impact of increased prices for CO2

emission certificates on the economic performance was demonstrated in
Fig. 9 and may be additionally derived from Figs. 10 and 11 by adding
the costs to the alternative fuel costs.

4.3. Identification of additional industrial processes as potential
applications

The two case studies demonstrated the thermodynamic, economic and
environmental performance of the presented technologies. They indicated
that the performance of the heat pumps is strongly dependent on appli-
cation and thereby subject to site specific parameters. The estimation of
the potential does accordingly require inclusion of a detailed energy
analysis of the existing process including a reevaluation of design para-
meters, which were decided considering a fuel-based heat supply.

It can be assumed that similar performances could be obtained for
other processes, if adjustments of the production processes are ac-
cepted, while heat pump-based solutions are infeasible or unfavorable
in other processes. In the following an analysis of the potential of the
presented technologies for process heat supply in the range of 100 °C to
400 °C is shown for processes of other industrial sectors.

4.3.1. Chemical and petrochemical industry
The chemical and petrochemical industry in Europe is very diverse,

with the German one being the largest. In Germany 25 % of the in-
dustrial energy use is associated with this industry sector [9]. The basic
chemical industry is characterized by energy intense processes and
large operation units, such as the production of ammonia, chlorine,
ethylene and polymers. Other chemical industries produce for instance
pesticides, paints, soaps, detergents and fibers. Some processes, such as
steam crackers, require high temperatures and pressures while others
receive the process heat from exothermic reactions, such as reactors.
The largest potential for heat pump integration is found in distillation,

evaporation, drying and heating processes, which often take place at
temperatures between 100 °C and 500 °C [61]. Applications are for
example the production of soda ash, where process temperatures of
around 160 °C to 230 °C are required in the calcination process, where
CO2 and water are removed. While the main processes for the pro-
duction of polymers are often exothermic, some process steps require
heating. The production of polyamides requires pre-heating and heating
in the range of 110 °C to 270 °C [76]. Polysulfones and polycarbonates
further require process heat in the magnitude of 6.8MWh and 3.6MWh
per ton respectively [77]. Process heat is required at temperatures be-
tween 120 °C and 300 °C for distillation, reactors, separators and dryers.

Heat pumps were suggested to be integrated for heat supply in hy-
drogen production processes [78,79] and significant improvements in
overall performance were found. The heat pump required for the concept
from [78] was required to deliver heat of up to 330 °C while receiving heat
at around 265 °C. Almahdi et al. [79] suggested a cascade heat pump
operating at even higher temperatures between 290 °C and around 670 °C.

Oil and gas refineries might be another promising application as it
comprises energy-intensive processes with heat demands between 250 °C
and 400 °C. Nemet et al. [80] performed a heat integration study for an oil
refinery, where for one part of a factory a heating demand of more than
4MW in the temperature range of 350 °C to 400 °C and 3MW of heat
requirement between 250 °C and 350 °C were found. At the same time,
cooling of more than 4MW is required between ambient and 130 °C. The
HTHP using the reversed Brayton cycle could be suitable for this appli-
cation. Oil refineries are however large and complex sites, where total site
analyses are required to find the optimal integration strategies.

4.3.2. Ferrous and non-ferrous metal industry
The ferrous and non-ferrous metal industry comprise highly energy-

intensive processes [66] and account for 21 % of the energy use in the
European industry [9]. Most of the heat is however required at tem-
peratures above 1000 °C and thereby above the techno-economic lim-
itations of heat pumps. The high-temperature processes typically reject
excess heat that can be used to cover other processes on site, which
limits the potential for heat pump applications. The case study of the
bauxite production was a pre-processing step in the aluminum pro-
duction and locally it is independent of the actual aluminum produc-
tion. It did however outline the possibility to reduce the overall en-
vironmental impact of the metal industry. Further processes in the
ferrous and non-ferrous metal industry are in the temperature range
between 100 °C and 400 °C. These might not be coverable by excess
heat from other processes. Examples of these processes are in the post-
processing (e.g., extruding, rolling) of copper and aluminum. In rolling
processes, the materials are heated in ovens to temperatures between
350 °C and 510 °C. During the rolling process itself cooling of the rolls
and materials take place [81].

4.3.3. Non-metallic mineral industry
The non-metallic mineral industry in Europe has a variety of pro-

ducts, such as cement, bricks, glass and ceramics. It accounted for 12 %
of the energy use in the European industry [9]. The main processes take
place in dryers and furnaces. While furnaces reach temperatures above
1200 °C, some of the heat is required at lower temperatures. In furnaces
for ceramics around 10 % of the process heat demand is required below
500 °C [82]. The drying processes often aim at removing water and pre-
heating the materials. In the production of asphalt the aggregate is
dried and heated to temperatures above 200 °C using directly fired ro-
tary dyers [83]. Spray dryers are used in the ceramic industry to remove
water from the mud [84]. In the production of bricks and tiles, tunnel
dryers are used for the formed materials where drying temperatures
above 180 °C are required [85]. The moist air from the dryer is expelled
at around 50 °C and latent and sensible heat can be recovered. While
some of the available excess heat from the dryers could be used directly
in the processes or is supplied from other process steps, e.g., the fur-
naces, high temperature heat pumps could be used to increase energy

Fig. 11. Net present value NPV for a variation of the specific cost for electricity
cel and the alternative heat generation calt for the steam compression cycle in
the alumina production case study with an indication of the specific cost of
different energy utilities.
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efficiency in some cases [85]. The process heat is usually added through
direct combustion of natural gas or fuel oil to the processes.

4.3.4. Food and beverage industry
The food industry in Europe accounts for 11 % of the final industrial

energy use [49] and includes industries such as meat and dairy pro-
cessing, breweries and sugar production. The main processes in the food
industry consist of pasteurization, sterilization, cooking, evaporation
and drying. These processes usually take place below 120 °C. Drying
processes however often require temperatures between 150 °C and
250 °C. They are used for many products, such as dairy, fruits, vege-
tables and beverages. They are also used in other industries in the
production of dyestuffs, pigments and pharmaceuticals [86]. An esti-
mated 25,000 spray dryers are commercially in operation worldwide
[86]. In 2016 the EU-28 produced a total of 2.8 million tons of milk
powder. Special applications, e.g., found in production of bread, bis-
cuits and cakes, require process temperatures above 170 °C for frying,
drying and baking processes. The production of oil and fats has also
high process temperatures for the refining and deodorization of the oils.
The stripping of the oil, for instance, which removes volatile com-
pounds, requires high temperature (> 200 °C) and pressure process
steam, which is injected to the oils. Another example of an energy-in-
tensive drying process is the drying of sugar beets. Superheated steam
drying is state-of-the-art and yields promising efficiencies. It may be
possible to improve further by using heat pumps, which may be similar
to the configurations presented in this paper [87].

5. Discussion

5.1. Process modifications

The example of the alumina production from bauxite indicated that
there is a certain freedom for the design of the process with respect to its
heat supply. Considering that the heat for preheating and digesting the
bauxite is transferred indirectly, the pinch point temperature difference
can be chosen as a design parameter. This pinch point temperature dif-
ference describes the tradeoff among an increased heat exchanger area
requirement at lower temperature differences compared to a decreased
efficiency of the steam supply system for higher temperature differences
[69–71]. The impact on the efficiency of the steam utility depends on the
technology chosen for the heat supply. In conventional combustion-based
steam generators, this impact is rather low, while it has a strong impact on
the performance of heat pump-based steam generation systems. While
pinch point temperature differences of 50 K to 70 K were accepted for
conventional systems, values in the order of 10 K and accordingly larger
heat exchanger areas are expected from an economic optimization con-
sidering heat pump-based steam generation. The results indicated that an
additional temperature difference of 40 K to 60 K constitutes a vital impact
on the profitability of the heat pumps.

In the case of the spray dryer, it was found that the temperature
profiles did not match well. This resulted in a limited thermodynamic
performance. The case study was based on a system layout which was
already optimized without considering the possibility of a high-tem-
perature heat pump. A simultaneous optimization of the layout con-
sidering the possibility of such high temperature heat pumps might
result in more favorable conditions.

Based on these examples it can be concluded that a re-evaluation of
process parameters that were selected based on combustion-based heat
supply technologies are necessary and might be required for the design
of an overall profitable solution. Furthermore, it is recommended to
ensure that the most cost-effective energy efficiency measures are im-
plemented before the heat pump systems are designed and integrated.

5.2. Flexibility in the design of the two studied concepts

Each process shows specific peculiarities and requires a case specific

design of the heat pump solution as well as an analysis of the process
parameters. For some processes, specific parameters might however not
be adjustable and further process specific peculiarities occur. The spray
dryer case involved e.g., moist air with a dew point around 31 °C as heat
source. The reversed Brayton cycle had a limited performance due to
the temperature profile mismatch in both the heat source and the sink,
while the steam compression could be flexibly adjusted to the pecu-
liarities of the process.

5.3. Technical assumptions

The isentropic efficiency for the compressors was assumed as 75 %
while an additional efficiency for the drive and the gear of 95 % for
each was considered. These efficiencies were conservative estimations
and it was expected that these can be achieved or exceeded using state-
of-the-art equipment, which might be adjusted to the specific applica-
tion. The pinch point temperature differences were estimated smaller
than for combustion-based systems but in a common range for heat
pump systems. Increases in economic performance might be obtainable
through a numerical optimization of the temperature differences. This
would however require fixed economic boundary conditions and yield
case specific results, which was outside the scope of this study. The
study assumed furthermore no pressure drops and no heat losses, as this
is subject to more detailed engineering. It is however expected that the
impact of the pressure drops will be minor for properly designed sys-
tems and that the heat losses may be compensated by measures of
reasonable economic extent.

The heat exchangers were assumed to be shell and tube heat ex-
changers, as these were proven technology for these applications and
were considered by potential manufacturers [37]. Benefits in economic
performance and aspects such as space requirements might however be
obtained by selecting another heat exchanger type, such as printed
circuit heat exchangers [88].

The limitations that were defined for the compression equipment ex-
ceeded the limitations that are typical for conventional heat pump systems
[14] but they were in accordance with the values for equipment utilized
e.g., in the oil and gas industry, which could potentially be used for these
applications as well [37]. The pressure ratios for the R-718 cycle were
assumed to be relatively high, which enabled a low number of compres-
sion stages but might imply challenges for the compressor design. The
allowable pressure ratio and the number of stages might accordingly be
optimized in a more detailed economic analysis.

One of the aspects that contributed to the choice of the studied
systems was the state of the art of potential components. By the time of
the publication, no publicly available documentation of demonstrations
in full or lab scale could be found for any of the presented systems at the
considered operating conditions. Aga et al. [37] do however emphasize,
that the system is based on components that are commercially available
and tested for the considered operating conditions and scales, while the
reversed Brayton cycle is a known system as used in e.g., cryogenics.
The multi-stage compression system used steam, which is widely used
and a proven technology as utility system. Special requirements occur
for the compressor, due to the high compressor outlet temperatures.
Suitable equipment can however be found in oil and gas industries,
while the operating requirements might be simplified by introducing
more compression stages. It may accordingly be concluded that the
Technology Readiness Level of both technologies in the suggested
configurations and for the given applications is relatively low, while the
conditions are promising to enable a fast development and up-scaling.

5.4. Uncertainties in the cost estimations

Some heat exchanger equipment was larger than the range for
which the cost functions were developed and validated. It is expected
that such heat exchanger equipment can be manufactured. The form of
the cost functions is based on experiences from scaling equipment in
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general and it was therefore concluded that the estimates are still ac-
ceptable for equipment that is larger than the validated range. The
estimates are however subject to increased uncertainties that would
have to be analyzed during more detailed engineering.

It was furthermore indicated, that process modifications might po-
tentially be required to enable optimal overall performances. The cost
associated with such modifications is however dependent on the case-
specific boundary conditions and to be considered accordingly in more
detailed case studies.

The cost for operation and maintenance of the heat pump systems is
expected to be higher than for boilers. A reliable evaluation of the op-
eration and maintenance cost would however require a detailed analysis of
both the complete existing and the complete heat pump-based system and
is therefore as well recommended for further, more detailed studies.

5.5. Cost of biomass and natural gas

The comparisons used the combustion of biomass and natural gas as
benchmark scenarios. These resources are however limited and their
prices are therefore affected by availability. Considering that coal and
oil are eliminated as acceptable alternatives for combustion processes,
the demand for the remaining alternatives will increase. The high-
temperature processes will be prioritized, resulting in an increasing
scarcity of these resources and thereby in increasing prices. The effec-
tive heat generation price for natural gas-based combustions is fur-
thermore subject to political measures, such as the EU Emission Trading
System, which might imply additional cost associated to emitting CO2.
These mechanisms are expected to result in the market becoming more
beneficial for electricity-based solutions, but they are difficult to
quantify and therefore they were omitted from the current study.

In the scenarios in which the heat pump-based solutions had the
lowest NPVs, namely “Germany 2020” and “Denmark 2020”, the taxes
for electricity consumption were higher than for natural gas.
Considering the increasing awareness of the climate impact of fossil
fuels and the increasing share of renewables in the electricity genera-
tion, it may be expected to change.

5.6. Acceptance of long payback periods

The presented technologies constitute a large investment, which
typically requires low uncertainties to gain acceptance. The payback
time was introduced as a measure to evaluate the uncertainties asso-
ciated with the investment, as it describes the time span in which the
investment is amortized. The accepted payback times depend on the
uncertainties as well as on further factors, such as an increased plant
competitiveness which might result from the investment.

Henrickson [89] studied different energy efficiency measures under
consideration of the current economic situation, meaning developments
of costs of fuels and bauxite, as well as of the product. He outlined the
large contribution of energy to the operational expenditures and in-
dicated that this will become even more dominating in the future. Based
on this, Henrickson [89] concludes that longer payback times are ac-
cepted in the context of an ongoing modernization focusing on energy
efficiency improvements, as such measures are resulting in an improved
long term competitiveness.

The development of the energy costs constitutes one of the most
uncertain assumptions in the economic evaluation. A general trend of
decreasing cost for electricity generation from renewables and in-
creasing cost for the combustion of fossil fuels, due to its environmental
impact and decreasing availability, is expected [51], but not guaran-
teed. The exact development of costs is subject to political measures and
market developments.

5.7. Acquisition and operation of own utility production

Philibert [11] outlined the possibility to acquire own renewable

electricity utilities, which results not only in low but also stable electricity
prices. The levelized cost of electricity from renewables was found to ty-
pically lie below the market prices. Owning both the electricity generation
as well as the electricity consumption might furthermore enable the pos-
sibility to more effectively control the electricity consumption in ac-
cordance with its availability. The considered costs were assumed to be
effective levelized costs, excluding cost for operation and control of the
electricity system. The obtainable levelized cost of electricity depends
furthermore on the approach to handle the variations in electricity supply.
The variations might be compensated by local electricity storage or by the
electricity grid, which in turn might be associated to a certain cost. It is
also possible to choose a larger heat pump capacity in combination with
thermal storages to obtain the possibility to vary the electricity con-
sumption according to variable electricity input. The optimal combination
of these measures is determined by case specific boundary conditions and
subject to more detailed engineering.

Many industrial sites, especially large ones, generate their own heat
in boilers, which are often coupled with gas turbines to produce elec-
tricity. The use of gas turbines in combination with a combined heat
production is often seen as an energy efficiency measure for many in-
dustries [90,91]. They become however obsolete if no fuels are used. In
2016, industries in Germany produced 35.3 TWh of electricity, of which
86 % were fossil fuel-based [92]. This represents an industry self-supply
with electricity of more than 15 %.

6. Conclusion

This work analyzed the techno-economic feasibility of two heat pump
systems for the supply of process heat at high temperatures in large-scale
applications. The two identified solutions were a reversed Brayton cycle
using R-744 (CO2) as working fluid and a cascade multi-stage compression
cycle using R-718 (water) as working fluid in the high temperature sec-
tion. It was found that equipment suitable for the operating conditions is
available in oil and gas industries rather than in heat pump industries.

The analysis of the case studies indicated the possibility to econom-
ically supply process heat by electrically driven heat pumps at tempera-
tures of up to 280 °C, while higher temperatures might be reached de-
pending on the availability of suitable heat sources. The economic
potential was highest for low electricity prices and it was emphasized that
the acquisition and operation of own renewable electricity utilities be-
comes promising, especially for energy-intensive industries.

The comparison of the reversed Brayton cycle and the multi-stage
steam compression cycle revealed competitive performances for both cy-
cles in the considered applications, while the preferred choice is de-
termined by the specific application. The reversed Brayton cycle is a
simpler construction and is more promising in applications with large
temperature glides. The reversed Brayton cycle had in both case studies a
lower thermodynamic performance. Due to its simpler construction and
lower investment costs, it had better economic performance in one case
study. The cascade multi-stage cycle showed a higher flexibility with re-
spect to the integration into given boundary conditions and had a higher
thermodynamic performance. The increased flexibility is related to a more
complex construction and accordingly higher investment cost, which
might be compensated by the higher thermodynamic performance.

It was demonstrated that a heat pump-based process heat supply is
technically feasible at temperatures of up to 300 °C to 400 °C. This
enables supply of heat at higher temperatures and coverage of even
more applications by electricity-based heat supply. This improves the
overall energy efficiency of the plants and reduces the environmental
impact from fossil fuel combustion. A large potential for implementing
these technologies across many manufacturing industries was expected
and possible other applications were pointed out.

The examples have furthermore highlighted, that the transition to
heat pump-based process heat supply with an overall optimal energetic
and economic performance requires a simultaneous and multi-dis-
ciplinary development including possible adjustments in the process,
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the design of the heat pump and the design of the components.
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Appendix

This section summarizes the state points of the numerical simulations as well as the component data for the economic evaluation.

Cascade multi-stage steam compression cycle (R-718)

Table A.1 summarizes the state points of the system as modelled for the alumina production case study. It includes the state points for both the
top cycle and the two bottom heat pump cycles. The source and sink stream were assumed to be of constant heat capacity and not further specified.
They are therefore omitted from the list. The source was cooled from 110 °C to 60 °C while the sink stream was heated from 140 °C to 280 °C. In the
alumina production case study, no direct heating with liquid from the evaporator was required and the streams 26 and 27 were accordingly obsolete.

Table A.2 shows the state points of the cascade multi-stage system for the spray dryer case study including the bottom heat pump cycles and the heat
source and sink streams.

Table A1
Thermodynamic modelling results of cascade multi-stage R-718 system for the alumina production case study.

State point Mass flow rate Pressure Temp. Spec. Enthalpy
kg/s bar °C kJ/kg

Top cycle (R-718)
1 – 2.3 125.0 525.1
2 16.9 2.3 125.0 2713.1
3 18.0 2.3 135.0 2734.8
4 16.9 7.4 302.2 3063.0
5 18.9 7.4 177.4 2790.1
6 16.1 7.4 177.4 2790.1
7 16.1 2.4 354.9 3140.8
8 18.3 2.4 231.3 2833.0
9 10.6 2.4 231.3 2833.0
10 10.6 6.8 397.3 3156.8
11 12.1 6.8 293.4 2823.7
12 12.1 6.8 283.4 1254.6
13 12.1 6.8 222.0 954.0
14 7.7 23.8 231.3 2833.0
15 7.7 23.8 221.3 949.6
16 19.8 23.8 221.3 952.3
17 19.8 23.8 167.4 708.5
18 2.8 7.4 177.4 2790.1
19 2.8 7.4 167.4 707.6
20 22.6 7.4 167.4 708.4
21 22.6 7.4 145.0 610.8
22 22.6 2.3 125.0 610.8
23 2.0 7.4 125.1 525.7
24 2.2 23.8 125.2 527.6
25 1.5 67.5 125.8 532.8

Bottom HP 1 (R-600)
1 53.65 9.6 124.9 800.4
2 53.65 26.3 169.0 866.0
3 53.65 26.3 130.0 747.1
4 53.65 26.3 130.0 562.6
5 53.65 26.3 97.8 454.9
6 53.65 9.6 77.5 454.9
7 53.65 9.6 77.5 693.0

Bottom HP 2 (R-600)
1 51.35 5.3 124.9 811.1
2 51.35 26.3 190.2 924.3
3 51.35 26.3 130.0 747.1
4 51.35 26.3 130.0 562.5
5 51.35 26.3 82.5 410.2
6 51.35 5.3 52.5 410.2
7 51.35 5.3 52.5 659.0
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Table A2
Thermodynamic modelling results of cascade multi-stage R-718 system for the spray dryer case study.

State point Mass flow rate Pressure Temp. Spec. Enthalpy
kg/s bar °C kJ/kg

Top cycle (R-718)
1 – 0.7 90.0 377.0
2 2.36 0.7 90.0 2659.5
3 2.52 0.7 100.0 2679.8
4 2.36 2.3 257.1 2984.6
5 2.61 2.3 133.9 2733.2
6 1.94 2.3 133.9 2733.2
7 1.94 7.2 300.9 3060.8
8 2.16 7.2 176.0 2788.6
9 1.22 7.2 176.0 2788.6
10 1.22 21.8 344.0 3120.3
11 1.36 21.8 226.8 2830.9
12 1.36 21.8 216.8 928.6
13 1.36 21.8 166.4 704.3
14 0.94 7.2 176.0 2788.6
15 0.94 7.2 166.0 701.6
16 2.30 7.2 166.0 703.2
17 2.30 7.2 123.9 520.8
18 0.67 2.3 133.9 2733.2
19 0.67 2.3 123.9 520.5
20 2.98 2.3 123.9 520.7
21 2.98 2.3 90.0 377.2
22 2.98 0.7 90.0 377.2
23 0.25 2.3 90.0 377.2
24 0.22 7.2 90.1 377.8
25 0.14 21.8 90.2 379.5
26 13.34 0.7 90.0 377.2
27 13.34 0.7 71.8 300.6

Bottom HP 1 (R-600)
1 4.39 2.3 89.0 742.7
2 4.39 13.7 156.1 864.3
3 4.39 13.7 95.0 714.6
4 4.39 13.7 95.0 446.2
5 4.39 13.7 48.8 319.4
6 4.39 2.3 23.3 319.4
7 4.39 2.3 23.3 617.7

Bottom HP 2 (R-600)
1 10.1 1.6 89.0 744.6
2 10.1 13.7 168.3 894.3
3 10.1 13.7 95.0 714.6
4 10.1 13.7 95.0 446.1
5 10.1 13.7 42.0 302.0
6 10.1 1.6 12.4 302.0
7 10.1 1.6 12.4 602.2

Heat sink stream (Moist air, humidity at inlet: 6.43 g/kg)
Si1 54.9 1.0 64.3 81.5
Si2 54.9 1.0 82.5 100.0
Si3 54.9 1.0 90.1 107.8
Si4 54.9 1.0 116.7 135.0
Si5 54.9 1.0 124.1 142.6
Si6 54.9 1.0 158.9 178.4
Si7 54.9 1.0 164.3 183.9
Si8 54.9 1.0 210.0 231.2

Heat source stream (Moist air, humidity at inlet: 28.88 g/kg)
So1 64.3 1.0 50.0 125.2
So2 64.3 1.0 30.8 104.8
So3 64.3 1.0 19.9 57.7
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Reversed Brayton cycle (R-744)

Table A.3 shows the state points for the reversed Brayton cycle for the alumina production case study. The source and sink stream were assumed
to be of constant heat capacity and not further specified. They were therefore omitted from the table. The source was cooled from 110 °C to 60 °C
while the sink stream was heated from 140 °C to 280 °C.

Table A.4 shows the state points of the reversed Brayton cycle for the spray dryer case including the heat source and sink streams.
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Abstract 

This paper presents an analysis of high temperature heat pumps in the industrial sector and demonstrates the approach of using 

zeotropic mixtures to enhance the overall efficiency. Many energy intensive processes in industry, such as drying processes, 

require heat at a temperature above 100 °C and show a large potential to reuse the excess heat from exhaust gases.  

This study analyses a heat pump application with an improved integration by choosing the working fluid as a mixture in such 

a way, that the temperature glide during evaporation and condensation matches the temperature glide of the heat source and 

sink best possibly. Therefore, a set of six common working fluids is defined and the possible binary mixtures of these fluids 

are analyzed. The performance of the fluids is evaluated based on the energetic performance (COP) and the economic potential 

(NPV). The results show that the utilization of mixtures allows a heat pump application to preheat the drying air to 120 °C with 

a COP of 3.04 and a NPV of 0.997 Mio. €, which could reduce the natural gas consumption by 36 %. 

 
© 2017 Stichting HPC 2017.  

Selection and/or peer-review under responsibility of the organizers of the 12th IEA Heat Pump Conference 2017. 
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1. Introduction 

Spray drying processes are energy intensive processes with a significant potential for improvements. The 

technology is utilized for the production of for example milk and coffee powder. This is relevant for the presented 

case related to Danish industry, but spray driers are in operation many places in Europe and worldwide. While 

many research activities concentrate on an improved integration of the waste heat with or without the use of a 

conventional heat pump, the present study aims to take advantage of using a zeotropic refrigerant mixture as 

working fluid.  

1.1. State of the art 

This section discusses the present use of spray drying processes and its relevance to industrial sector. 

Furthermore, a literature review for the integration of heat pumps in drying processes is undertaken, and the 

potential advantages of zeotropic refrigerant mixtures compared to state of the art technologies.   
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1.1.1. Drying Processes in Danish Industry 

The industry sector is a major consumer of energy in the Danish economy, accounting for almost 70,000 TJ of 

fuels and more than 27,000 TJ of electricity in 2012 [1]. Drying processes within the industry have the highest fuel 

consumption, and use 19 % of the total fuel input to the industry, equivalent to 12.800 TJ [2].   

Drying processes are particularly important in the food industry, where water has to be removed from the 

products in order to conserve them. In Denmark, 33 % of the fuels used for drying processes are used in the food 

industry, 26 % in the wood and paper industry and 10 % in the building material industry.  

Typical drying processes in the food industry consist amongst others of the types: spray, direct contact, drum, 

fluidized bed, conveyer and freeze drying [3]. Most of these processes remove water by means of hot air, which is 

often rejected into the environment without further utilization. Excess heat from drying processes thus presents a 

large part of the industrial waste heat. Approximately 7 % of the industrial waste heat in Denmark originates from 

drying processes. The food industry alone has excess heat of 375 TJ from these processes  [4].  

Table 1: Overview of drying technologies, application areas and temperature ranges for industries in Northern Europe. [2], [3], [5], [6] 

Drying Technology Industry 𝑻𝒊𝒏 [°C] 𝑻𝒐𝒖𝒕 [°C] Share [%] 

Spray Dryer Milk/ Coffee/ Starch 200 - 270 60 - 110 25 

Drum Dryer/ Kiln Dryer/ 

Rotary Dryer 

Sugar¹ 

Fruits/ Vegetables 

Fishmeal 

500 

65 – 105 

500 – 600 

120 

20 – 40 

80 – 120 

14 

5 

9 

Direct Contact Dryer (steam) Bone meal 180 133 16 

Fluidized Bed- / Fixed Bed- / 

Conveyer-/ Tray Dryer 

Milk/ Coffee/ Starch 

Cereals/ Sugar 

Fruits/ Vegetables 

60 – 90 

40 – 70 

40 – 60 

40 – 70 

20 – 30 

20 – 30 

5 

23 

3 

 ¹ In Denmark largely covered by superheated steam dryers 

An overview of drying technologies in different industries applicable to Northern Europe is given in Table 1, 

also showing temperature characteristics of the drying medium. Drying temperatures in the food industry are 

generally low (< 250 °C) to retain temperature sensitive components affecting the nutritional value of the product. 

These low drying temperatures result in low temperatures of the excess heat, which are typically below 90 °C. To 

efficiently remove water from the product and have short residence times in the dryer, large mass flow rates of the 

drying medium are often used. The share of drying energy used for individual applications refers to Danish 

industry. It indicates the magnitude for the different processes and shows that approximately 25 % of the energy 

used in drying processes is from spray drying and that 36 % of drying energy demand is below 100 °C.  

Drying processes in the food industry in Denmark are mainly covered by fossil fuels (36 % fuel oil and 27 % 

natural gas) and biomass or biomass-based fuels (18 %). A reduction in the fuel use of these processes would thus 

not only reduce operating costs but also CO2 emissions. 

1.1.2. Review of possible Energy Efficiency Improvements  

Drying processes can be improved with respect to different criteria, such as energy demand, emissions or cost. 

Atkins et al. [7] summarizes the different efficiency improvement measures based on Kemp [8] in three categories: 

reduction of heat required for the drying process, reduction of energy consumption by improved efficiency (heat 

recovery), and lastly replacement of fuel. 

Energy efficiency measures such as optimizing the dryer performance by increasing the surface areas or more 

efficient drying techniques, such as superheated steam or microwave drying, have been implemented in many 

companies and replace some of the technologies shown in Table 1. However, a complete replacement of the dryer 

is associated with changes in the production process and high investment costs. Most processes using air as drying 

medium cannot recover heat from the drying air after the drying process. The air cannot be recirculated, as growth 

of bacteria could spoil the product and the temperatures of the excess drying air are in a range, which makes direct 

heat recovery difficult.  

The present study focuses on improving the process efficiency and aims to decrease the fuel consumption by 

utilizing the excess heat from spray dryers. A lot of research has been done to develop efficient solutions to 

integrate the waste heat below 100 °C. This can be done by direct heat exchange or by using a heat pump to lift 

the temperature level. For example, Ai et al. [9] propose to use the waste heat from a soy powder spray dryer at 
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70 °C for covering the space heating demand and preheating the incoming drying air. Wang et al. [10] analyze the 

potential of preheating the drying air by direct heat exchange with the excess air and additional heating with a 

transcritical R134a heat pump, which matches the temperature profile of the drying air well. 

Atkins et al. [7] point out the limitations of using the waste heat at 65 °C  to 70 °C in direct heat exchange for 

preheating the drying air, which is in many cases already preheated to around 40 °C and therefore propose to 

include additional heat demands on site in that temperature range.  

Based on the mature heat integration in the temperature range below 100 °C, and the availability of state of the 

art technologies in this range, Jensen et al. [11] propose the use of ammonia-water hybrid absorption-compression 

heat pump technology. The authors present an economically feasible solution for using the waste heat from excess 

air at 80 °C to preheat the drying air up to 106 °C. This is enabled by a sophisticated integration of the heat pump 

into the sink and source profile and a match of their temperature profiles. This behavior can be observed as well 

for heat pumps utilizing zeotropic working fluid mixtures [12] and motivates the present study. 

1.2. Scope of work 

The present study investigates the use of zeotropic mixtures of six natural working fluids, specifically 

hydrocarbons, for optimal utilization of excess heat from a spray drying facility. The study is based on a numerical 

model of the selection of the mixture and the configuration of the heat pump. 

1.2.1. Case Study of a Spray Drying Processes in the Dairy Industry 

 

The production of milk powder occurs in several steps, which are similar for different powder types, i.e., whole 

milk, skim milk and whey powder. The incoming raw milk is first thermally treated for pasteurization and the milk 

properties are standardized for fat content. In an evaporator section, consisting of multi-stage falling film 

evaporators, the solid content of the milk is increased from 13 % to 55 %. The concentrate is then passed on to the 

spray dryer, where the remaining water is removed by hot air. The finished product has a dry matter content of 

above 95 %. Figure 1 shows the suggested configuration with a heat pump (HP) for heat recovery.  Data for the 

overall flows in the drying section are given on the right hand side. The incoming ambient air (1) is currently pre-

heated with an existing Heat Recovery System (HRS) to 70 °C at (2), using condensate from the evaporators, of 

which some is used in a hybrid water-ammonia heat pump to increase the temperature. The preheated air is then 

currently heated to its final temperature of 210 °C at (4) using steam generated in a natural gas boiler.  

 

 
Abbrev.: CU/HU – Cold/Hot Utility; HRS – Heat Recovery System; HP – Heat Pump 

 𝑇 

[°C] 

�̇� 

[kg/s] 

Drying Air 

1 15 43.7 

2 70 43.7 

3 120-125 43.7 

4 210 43.7 

Excess Air 

5 70 61.5 

6 45 61.5 

Secondary Cycle Source 

7 65 14.8 

8 40 14.8 

Secondary Cycle Sink 

9 75 10.6 

10 125-130 10.6 
 

Figure 1: Flow sheet of a drying process for milk powder production with possibility for heat pump integration with key numbers from a 

reference plant in Denmark 
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The heat pump installation would use the heat from the excess air (5) to replace part of the heat load from the 

heating utility (HU). The temperature of the excess air (6) after exploitation by the heat pump is a design parameter, 

which influences the heat load. The HU load from (2) to (4) is partly moved to the heat pump heating from (2) to 

(3). The excess air is cooled to 45 °C, utilizing 1.55 MW waste heat, to reach a temperature above 120 °C at (3). 

The implementation of a heat pump faces several challenges. In order to avoid contamination and allow freedom 

when locating the heat pump on site, secondary cycles are introduced on both sides. The secondary cycles are 

operated with water, which is pressurized on the sink side. For the gas-to-water heat exchangers a minimum 

temperature difference of 5 K is assumed. Since the investment costs for the secondary cycle heat exchangers 

varies for each application it is excluded from economic calculations, but separately reported. 

2. Methods 

The analysis is based on a lumped parameter approach to model the components of the heat pump, including 

first principles to largest possible extent. The component dimensions are determined based on common 

correlations for performance, and are applied to determine economic investment costs of the individual units.  

2.1. Heat Pump Model  

The high temperature glides in heat sink and source result in an increased possible improvement, which can be 

gained by employing mixtures as working fluids. In order to analyze which working fluid mixture shows the best 

performance for a specific case, the model is developed to conduct heat pump simulations for several pure and 

mixed working fluids and provide the required parameters for a sufficient evaluation and comparison of the 

different solutions. The diverse medium properties of the mixtures influence the thermodynamic cycle 

significantly, which requires a flexible and adaptable model. 

2.1.1. Structure of Numerical Model 

 
Figure 2 shows the flow sheet of the model (left) and the according 𝑇-�̇�-diagram (right). The entire model is 

formulated in the object oriented programming language Modelica [13] and is implemented in Dymola [14].  It 

uses the TILMedia [15] interface for accessing fluid properties from REFPROP [16]. 

The thermodynamic cycle is a steady state model and consists of heat exchangers, a compressor and a throttling 

valve. The heat is transferred from the heat source to the working fluid, which is evaporated and superheated at a 

low pressure, before it is compressed to a higher pressure. At this pressure, the working fluid rejects the heat to 

the heat sink while being cooled, condensed and subcooled, before it is expanded to the evaporation pressure again. 

The heat transfer processes in heat source and sink are divided into single- or two-phase processes and are 

modelled in separate objects, irrespective of if they might be manufactured as one component. 

The heat exchangers consist of energy balances and are equidistantly discretized in one dimension along the 

flow direction with respect to the transferred heat. The medium properties are defined by a medium state, which 

is calculated as the arithmetic average between inlet and outlet for each control volume. The single-phase parts of 

the heat exchangers are simulated as one control volume, whereas the two-phase parts are divided into seven 

volumes. According to the utilized heat transfer correlations and for numerical reasons, transcritical conditions are 

defined for pressures above 0.9 pcrit.  

The condensation pcond and evaporation pressure pevap are indirectly defined by the definition of the pinch point 

temperature difference, ∆Tpinch=10 K given for all heat exchangers. The condensation pressure is fixed because the 

minimum temperature difference between working fluid and heat sink in the condenser and desuperheater is equal 

to ∆Tpinch. Additionally, the temperature difference between working fluid and heat sink at the outlet of the 

subcooler is set to ∆Tpinch. The evaporation pressure is defined by the minimum temperature difference between 

working fluid and heat source in evaporator and superheater.   

In order to ensure a dry compression for both dry and wet working fluids, the inlet of the compressor is defined 

so both the superheat before and after the compressor [17] are at least 5 K. 
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Figure 2: Flow sheet (left) and 𝑇-�̇�-Diagram of heat pump model with an illustrative mixture profile (right) 

The compressor is modelled with a constant isentropic efficiency 𝜂comp,is=0.8 for the compression process and 

an additional motor efficiency of 𝜂motor=0.95 [18], whereas the throttling valve is modelled as an isenthalpic 

expansion process. The losses in the motor are considered as heat losses to the environment. 

Based on the described thermodynamic model the coefficient of performance COP is defined by the supplied 

heat �̇�sink and the compressor power Ẇcompr to be used a measure of the performance. 

 𝐶𝑂𝑃 =
�̇�𝑠𝑖𝑛𝑘

�̇�𝑐𝑜𝑚𝑝𝑟
 (1) 

2.1.2. Component Sizing  

 
The previous sections describe the calculation of thermodynamic efficiency measures, but optimization with 

respect to these does not necessarily coincide with the economic optimum. For enabling the possibility of an 

economic evaluation of the heat pump solution, it is crucial to size the components and calculate the costs.  

The heat exchangers constitute a significant part of the heat pump application and the investment cost, which 

raises the influence of the sizing procedure. For this application plate heat exchangers (PHE) with chevron-type 

corrugation are chosen, since they have been increasingly used as evaporators and condensers for this temperature 

range  [11], and allow a compact and modular design. 

The sizing procedure of each heat exchanger accounts for both pressure drop and heat transfer area by 

determining number of plates and their length according to the medium properties and the thermodynamic cycle. 

Geometry of the corrugations and the plate width are chosen according to commercially available plates [11]. The 

free flow area and thereby the number of plates is determined by a maximum allowed velocity of the fluid on the 

working fluid side, for liquid of vmax,liq=0.4 m/s and for gas vmax,gas=4 m/s [19]. The pressure drops are not included 

in the thermodynamic cycle calculation, but analyses have shown reasonable values both on working fluid and 

water side.  

The known medium properties, mass flow rates and geometrical parameters determine the heat transfer 

coefficients in each volume, used to calculate the required heat transfer area, yielding the length of the plates. 
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�̇�𝑠𝑖𝑛𝑘 =      
  

 

𝑇𝑠𝑖𝑛𝑘 𝑜   
         C

∆𝑇𝑝𝑖𝑛𝑐  𝑠𝑜 𝑟𝑐 

∆𝑇𝑝𝑖𝑛𝑐  𝑠𝑖𝑛𝑘

�̇�𝑠𝑖𝑛𝑘

�̇�𝑠𝑜 𝑟𝑐 �̇�𝑐𝑜𝑚𝑝

∆𝑇      𝑝

∆𝑇   𝑐𝑜𝑛 

∆𝑇𝑝𝑖𝑛𝑐  𝑠𝑖𝑛𝑘
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Based on different reviews [17], [20], [21], the correlations for the heat transfer from the fluid to the plate were 

chosen, according to the fluid state and the heat exchanger type: 

 Subcritical single phase flow: Martin (1996) [22] 

 Supercritical single phase flow: Petuhkov and Kirrillov (1958), simplified by Kays (1966), with  

     parameters from [21] 

 Condensation (of mixtures): Tandon (1986) [23] 

 Evaporation (of mixtures):  Gungor & Winterton (1987) using Thome & Shakir (1987) 

     correction factor for the nucleate boiling contribution [24] 

According to Ommen et al. [18], reciprocating piston compressors are chosen for this capacity, since they 

promise to show the best economic performance. The motor and other electrical equipment is considered to be 

suitable for flammable working fluids. The component cost for the compressor are determined by the suction 

volume flow rate, which takes a constant volumetric efficiency 𝜂comp,vol=0.8 into account [18]. Further parameters 

which limit the usability of compressors are the compression ratio pcond/pevap, the absolute pressure at the condenser 

side pcond and the compressor discharge temperature Tcomp,out. Since limitations of these parameters are not reported 

precisely and consistent, they were not used as excluding criteria, but the results of promising cycles were 

evaluated towards being in a reasonable order with respect to these aspects. This procedure enables to point out, 

which limitations might need to be pushed by further developments. 

2.1.3. Economic Calculations 

 
In this study the net present value, NPV  is used as an indicator of the economic performance. It considers the 

costs related to the investment as well as annular costs for power operation and maintenance and revenues from 

saved natural gas consumption [25].  

The NPV describes the time value of the investment at the time of the purchase and hence considers the total 

capital investment costs TCI as well as the annular cash flows (Eq. 2).  

 𝑁𝑃𝑉 =   𝑇𝐶𝐼  𝑂𝑀𝐶  
𝐹𝐶𝐻𝑃

𝐶𝑅𝐹
+
𝐹𝐶𝑁𝐺

𝐶𝑅𝐹
  (2) 

The total capital investment is the sum of the investment of the components. The costs for installation, startup, 

working capital, etc. are summarized as a fixed factor of the components purchased equipment costs PECj, which 

is estimated for an expansion of an existing plant as      [25]. The purchased equipment costs PECj of a 

component with the capacity Xj can be calculated by scaling of the cost PECref for a reference component with the 

capacity of Xref with the scaling factor 𝛽 [25]. 

The inputs for the cost functions are summarized in Table 2 and taken from Ommen et al. [18], who analyzed 

the costs for industrial heat pumps in Denmark from suppliers and correlated those to the cost functions. 

Table 2: Parameter for cost functions [18] 

Component Comment PECref 𝑋ref 𝛽 

Compressor incl. elec. Motor 
𝑝max =    bar, 𝑇max =      C,  

      m3/h 
 9     €   9  m3 h⁄       

Plate Heat Exchanger         €    m2     

 

The continuous operation and maintenance costs (OMC) can be assumed as a onetime cost at the time of the 

investment and are 20 % of the TCI [25]. 

The annual fuel power consumption of the heat pump results from the power consumption of the compressor 

�̇�compr and an estimation of 7,400 h/a for the annual operation hours. The saved annual natural gas consumption 

is determined by the heat load covered by the heat pump �̇�sink and an estimated value for the efficiency of the 

boiler 𝜂 boiler=0.9 [18]. The resulting cash flows consider fuel costs of cel=0.0783 €/kWh for electricity and 

cng=0.0303 €/kWh for natural gas [26]. Subsidies and taxes are omitted from the calculations. 

The annual cash flows are discounted to present day value using the capital recovery factor CRF. The value is 

determined by an effective interest rate ieff = 4.9 %, assuming an interest rate of 7 %, an inflation rate 2 %, and the 

economic plant life of 20 years [18], [25]. 
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2.2. Working Fluid Search 

The consideration of mixtures as working fluids increases the degree of freedom of the working fluid search by 

the possible combinations and at a broad range of compositions. The higher degree of freedom causes a hardly 

manageable optimization problem. Thus, the list of pure fluids considered for designing the mixture is narrowed 

down by choosing the working fluids based on expectations about how they will behave in a mixture. 

For some working fluid properties, it is reasonable to consider the properties of the pure fluids. So for e.g. the 

ozone depletion potential (ODP), the global warming potential (GWP) and toxicity it is required to have low 

values, which are accepted by current and future legislation [27]. 

Another basic aspect of the motivation to use mixtures as working fluids is to match the temperature profiles in 

the heat exchangers for decreasing the exergy destruction due to heat transfer. It can be observed, that fluids with 

an increasing difference between their normal boiling points tend to show a bigger temperature glide during phase 

change. Thus, in order to enable a high range of possible temperature glides by mixing the pure fluids, the boiling 

points of the pure fluids are chosen well distributed over a certain range. Nevertheless, the range of normal boiling 

points in which the fluids are considered is limited. A too high boiling point, with a respectively high critical 

temperature, can result in an evaporation pressure below atmospheric pressure and thus in the possibility of leakage 

into the system, whereas too low boiling points tend to result in high pressures. 

The pure fluids should all be miscible with each other at a high range of temperatures and pressures without 

chemical reactions. This study uses the Hansen solubility parameter [28] to ensure miscibility.  

Considering all these requirements, the following set of fluids is defined in Table 3 as a basis for creating binary 

mixtures. The chosen fluids are all hydrocarbons with a good distribution of the normal boiling points. 

Hydrocarbons are environmentally sound but mostly flammable [27]. Here, the flammability is accepted, since 

appropriate standards and regulations exist with suggestions for sufficient safety precautions [29]. Furthermore, 

flammable hydrocarbons such R290 and R601 are listed as suitable refrigerants for industrial high temperature 

heat pump applications by the IEA Heat Pump Centre Annex 35 for “Application of Industrial Heat Pumps” [30]. 

Table 3: List of pure fluids for systematic binary mixture search [16], [19], [31]  

Acr. Name of Fluid Refrigerant No. ODP GWP  Normal 

Boiling Point 

Critical 

Temperature 

Critical 

Pressure 

   (–) (–) (°C) (°C) (bar) 

Pro1 Propane R290 0 3.3 -42.0 96.7 42.5 

IBu2 Iso-Butane R600a 0 3.0 -11.7 134.7 36.4 

nBu3 n-Butane R600 0 4.0 -0.5 152.0 38.0 

IPe4 Iso-Pentane R601a 0 4.0 27.8 187.3 33.8 

nPe5 n-Pentane R601 0 4.0 36.1 196.6 33.7 

nHe6 n-Hexane    68.7 234.5 30.3 

 

The overall goal of the approach is to analyze the influence of choosing a mixture as the working fluid based 

on different evaluation criteria, such as energetic and exergetic efficiencies, as well as the NPV. The procedure 

consists of a parameter study, in which the medium composition is varied. The model is simulated for all possible 

binary mixtures at varying compositions between 0 % and 100 % in 10 equidistant steps. This results in 141 heat 

pump simulations, in which the cycle as well as the component costs are calculated and subsequently analyzed. 

Based on the results of the study, it will be evaluated if these fluids are sufficient or if it seems promising to 

add further fluids with specific characteristics and if it is sufficient to consider only binary mixtures or if more 

component mixtures could bring additional benefit. 

3. Results  

Figure 3 presents an overview of COP (left) and NPV (right) for all possible binary mixtures among the fluids 

listed in Table 3. The combinations in the legend correspond to the acronyms in the first column of Table 3. The 

abscissas of the diagrams show the mass fraction of component 2, which is also the less volatile component. This 

means, that on the left hand side, the diagrams show values for the pure fluids of the more volatile component and 

on the right hand side vice versa for the less volatile component. 
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Figure 3: COP (left) and NPV (right) for all simulations. Interesting cases are marked with roman numbers (I-XI). The legend 

corresponds to the combination of fluids in Table 4. 

All cases show a COP between 2.4 and 3.1, and significant variations are observed for each mixture for varying 

compositions. Some mixtures show a general trend of a positive NPV, while others are hardly feasible. The trend 

is that higher concentration of the more volatile component is beneficial. The figure shows a nonlinear behavior 

of  COP along the composition, which is caused by opposing effects. It can be seen that COP depends on the match 

of the temperature profiles, required superheating for very dry fluids, required mass flow rates and further other 

effects. The most promising cases based on both criteria are numbered by roman numerals and summarized in 

Table 4.  

According to COP, the 50/50 Propane–Iso-Butane mixture (COPI=3.08), the 90/10 n-Butane–n-Hexane mixture 

(COPIV=3.08) and the 60/40 n-Butane–n-Pentane mixture (COPV=3.08) show the best performance, while further 

solutions with similar values exist. The best pure components are n-Butane (COPX=2.89), Iso-Butane 

(COPIX=2.78) and Iso-Pentane (COPXI=2.78). This corresponds to an increase of 6.6 % of the COP  for the 

utilization of mixtures compared to the best pure fluids considered here. 

Table 4: Summary of key data and results for the most relevant cases. The best solutions are in bold letters. 

No. Fluid COP NPV TCI 
𝑝cond
𝑝evap

 𝑝cond 𝑝crit 𝑝evap 𝑇comp out �̇�comp in 

  ( ) (  3 €) (  3 €) ( ) (bar) (bar) (bar) ( C) (m3/h) 

I 50/50 Propane – Iso-Pentane 3.08 921 661 6.7 32.9 47.3 4.9 139 2220 

II 80/20 Propane – n-Pentane  3.04 998 553 5.5 45.7 47.3 8.4 142 1487 

III 40/60 Propane – n-Pentane  3.02 419 1011 8.1 24.4 47.1 3.0 139 3288 

IV 90/10 n-Butane – n-Hexane 3.07 509 999 9.1 22.9 39.0 2.5 138 3668 

V 60/40 n-Butane – n-Pentane 3.07 339 1132 10.2 19.4 37.7 1.9 138 4597 

VI 90/10 Iso-Butane – n-Hexane 3.00 707 745 8.1 29.1 38.3 3.6 138 2914 

VII 50/50 Propane – n-Butane 2.90 686 617 6.8 41.7 43.4 6.1 139 1966 

VIII Propane 2.66 369 473 5.8 62.7 42.5 10.8 139 1408 

IX Iso-Butane 2.78 324 724 8.9 36.1 36.3 4.0 138 2922 

X n-Butane 2.89 328 902 9.9 28.1 38.0 2.8 139 3519 

XI Iso-Pentane 2.78 -521 1429 14.8 14.6 33.8 1.0 140 8272 

 

The economic analysis shows that according to the  NPV  several economically profitable solutions exist. 

Whereas case I and IV have shown the best energy performances, an 80/20 Propane-n-Pentane mixture promises 

IIV IV I

II

IIV

V

VI
VI VII

VII
III III

IX

VIII

VIII

XI

X

XI

X
IX
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to show the best economic performance with a NPV of 998,000 €. Also, case I shows a comparable economic 

potential, whereas other thermodynamically promising solutions are eliminated by too high investment costs and 

thus, a poor economic performance. Among the pure refrigerants, Propane, Iso-Butane and n-Butane indicate a 

profitable performance with NPVs between 328,000 € and 369,000 €. 

The investment cost for the compressor is determined by the volume flow rate at the inlet �̇�comp,in, which causes 

a high investment cost for fluids with a low density at compressor inlet. This can be noticed, when comparing Iso-

Butane and Iso-Pentane with equal COP but large differences in NPV. The volume flow rate at the compressor 

inlet is 2.5 times as much for Iso-Pentane than for Iso-Butane, which yields doubled investment costs for Iso-

Pentane. For the same reason the NPV decreases with an increasing share of n-Pentane and n-Hexane. 

The NPVs of n-Butane as the economically best subcritical pure fluid, Propane as the best supercritical pure 

fluid and 80/20 Propane-n-Pentane as the best mixed refrigerant are equal to a payback time of 9.2 years, 7.1 years 

and 4.5 years. 

The proposed heat pump solution II utilizes 1.55 MW of waste heat from the exhaust gas by cooling it from 70 

°C to 45 °C for heating the drying air from 70 °C to 120 °C, which is equal to a heat load of 2.25 MW, while 

consuming 740 kW electrical power. The supplied heat load replaces a yearly natural gas consumption of 

2.0 mio m3, which means a reduction of 36 %.  

The total capital investment cost of the heat exchangers in the secondary cycles for the considered case are in 

total approximately 85,000 € and can be taken into account if applicable. 

4. Discussion 

The work is based on numerical models of the component performance, the fluid properties and the economics. 

All these involve uncertainties, which may have significant impact on the results. Acknowledged models of each 

involved item were used, but exact conclusions for individual industries will depend on suppliers and negotiations 

with the customer. It is found that the compressor has a significant impact on the NPV, however the model uses 

primarily the suction volume flow rate for cost estimation. Some results, e.g., solution II, have a condensation 

pressure close to the critical pressure. This means that heat transfer is considered to be in the supercritical region 

and thus implies an increased uncertainty in the applied correlation. Furthermore, all calculated heat exchanger 

sizes depend on the procedure of sizing the heat exchanger, which is not optimized for each solution. Values for 

pressure drop and heat transfer coefficients were in an expected range. The supercritical processes typically imply 

increased investment cost due to higher pressures, which were not accounted in this study. Nevertheless, the 

compressor gives the most relevant contribution to the investment costs, which decreases the influence of 

uncertainties from heat exchangers. Possible additional application specific investment costs for e.g. the heat 

exchangers of the secondary cycles can also influence the result, but for the shown case these cost were coverable. 

Additionally the solution is dependent on the boundary conditions. The fixed source outlet temperature defines 

the temperature span between sink and source and thus, the maximum achievable efficiency. This means, the 

source outlet temperature can be increased to accomplish stricter economic requirements. Furthermore, site-

specific energy prices, subsidies and taxes or emission costs (e.g. CO2-tax in Denmark or EU-emission certificates) 

may influence the profitability significantly, which requires a detailed analyses for each case. 

The heat exchanger model depends on the level of discretization. For the scope of this work, it is found that the 

chosen number of control volumes ensures sufficient accuracy with respect to the presented results.  

The economic boundary conditions are assumed for industrial plants in Denmark in 2015. Since the NPV is 

strongly dependent on the assumptions, the results here should rather serve as a measure for comparing the 

different investments for these specific assumptions than giving absolute values for this kind of technology. 

5. Conclusion 

The analysis of available waste heat has shown the potential for efficiency improvements in drying processes 

and the demand for appropriate technologies. It indicates that heat pumps with zeotropic mixtures are promising 

technologies for an efficient exploitation of heat sources. The paper presents an approach for improved heat pump 

integration by considering working fluid mixtures for an enhanced exploitation of the heat sources with 

temperature glide. The results have shown different solutions, which seem promising under consideration of 

energy-based and economic performance indicators. The best economically and technically feasible performance 

was reached by 50/50 Propane–Iso-Pentane (COP=3.08, NPV=921,000 €) and 80/20 Propane–n-Pentane 
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(COP=3.04, NPV=997,000 €), which outperforms n-Butane (subcritical, COP=2.89, NPV=328,000 €) and 

Propane (supercritical, COP=2.66, NPV=369,000 €) as the best pure refrigerants, considered in this study. 

Mixtures can constitute a technology with an increased energy efficiency and economic potential while being 

in a technically feasible range. The proposed solution could save 36 % of the natural gas consumption by use of 

electric power instead. 
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ABSTRACT  

The transition towards carbon neutral industry requires sustainable and climate friendly heat supply. Heat 

pumps can meet these requirements, but currently achievable temperatures for supply of process heat are 

limited to around 100 °C. Using water (R-718) as refrigerant shows a good thermodynamic and environmental 

performance at higher temperatures, while a sophisticated design is required to compensate increased 

investment cost due to relatively large volume flows.  

This work analyses the design of two-stage R-718 heat pumps with turbo compressors with a focus on 

desuperheating and suggests design recommendations to ensure a competitive thermodynamic and economic 

performance. The results have shown that the economic performance becomes especially competitive at 

evaporation temperatures above 100 °C with COPs of up to 4.3 and specific investment cost below 250 €/kW 

of supplied heat. The suggested approach to realize the desuperheating was found as the optimal solution with 

respect to pressure drop and space requirements. 

  

Keywords: Natural refrigerant, Water heat pump, Turbo compressor, Desuperheating, Intercooling, Industrial 

heat supply 

1. INTRODUCTION  

The European Union moves towards carbon emission neutrality by 2050 and many countries have 

consequently committed to transform their industry sectors becoming independent of fossil fuels. Wolf and 

Blesl (2016) have shown that current state of the art heat pump technology could reduce the final energy 

consumption of the industrial sectors of EU-28 by 15 % and the energy-related CO2 emissions by 17 %, 

considering the current average CO2 emissions related to the electricity production. This increases the demand 

and attractiveness of heat pumps in an industrial context.  

Several studies have analyzed the possibilities to integrate heat pumps for supply of process cooling and 

heating in industrial processes and were documented by the work of Annex 35 and 48 of the IEA Heat Pump 

Centre (2014). The realized projects demonstrated the possibility of a good economic and thermodynamic 

performance. While it can be noted that heat pump equipment is readily available and a proven technology for 

supply temperatures below 100 °C, different studies (e.g. Dupont and Sapora (2009); Wolf et al. (2014)) 

identified considerable process heat requirements with supply temperatures above 100 °C.  

Different reports (e.g. Elmegaard et al. (2017); IEA Heat Pump Centre (2014)) documented several projects, 

in which the technical feasibility of heat pumps with supply temperatures above 100 °C was demonstrated. It 

can be assumed that a widespread application of high temperature heat pumps is limited by generally lower 

maximum obtainable performances and challenging economic boundary conditions. This induces the research 
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and development activities to focus on solutions with a high thermodynamic performance at minimum 

investment cost. 

The performance of a heat pump – as well as the design of the components and thus the investment cost – are 

strongly dependent on the choice of the working fluid. Chamoun et al. (2011) and Larminat and Arnou (2012) 

compared different synthetic and natural refrigerants in different cycle layouts for a range of high temperature 

applications. They found water (R-718) to show the most promising thermodynamic performance, besides 

having other favorable refrigerant characteristics, such as being environmentally friendly, non-flammable, 

non-toxic and available at low cost.  

Irrespective of the promising thermodynamic performance, the utilization of water as refrigerant implies 

peculiarities, which impose challenges to an economically effective design. Compared to typically used 

refrigerants, the critical pressure and temperature of water are relatively high. This results in low pressures and 

high volume flow rates at the considered temperature ranges. Especially the comparably low volumetric 

heating capacity of R-718 requires the compression equipment to have volumetric capacities, which are 

multiple times higher than required for other refrigerants. Since the compressor is typically a major 

contribution to the overall investment cost of the heat pump installation, this has a strong impact on the 

economic performance. On the other hand, water can be used both as refrigerant and heat transfer medium, 

which implies possibilities for direct heat exchange with small temperature differences and pressure drops. 

In order to facilitate the market introduction of R-718 heat pumps, different research projects have focused on 

the development of cost effective compressors. The PACO project, Chamoun et al. (2014); Larminat et al. 

(2014), followed the findings from Chamoun et al. (2011) and Larminat and Arnou (2012) to meet the 

application potentials shown by Dupont and Sapora (2009). The project aimed to develop a compression 

technology to supply 700 kW thermal load at a temperature lift between an evaporation temperature of 90 °C 

and a condensation temperature of 130 °C using R-718. Chamoun et al. (2014) presented numerical and 

experimental studies of a liquid injection screw compressor technology, while Larminat et al. (2014) presented 

a modified two-stage centrifugal compressor. The compressor was designed with magnetic bearings and two 

impellers at the same motor shaft. The experiments have shown COPs above 5 at a temperature lift of 40 K at 

a frequency of 665 Hz. The authors expect to obtain a COP around 5.5 with a more sophisticated development. 

Madsboell et al. (2015) presented the development of a centrifugal turbo compressor for industrial applications 

with a temperature lift of 25 K at evaporation temperature in the range of 90 °C to 110 °C and a capacity of 

100 kW to 500 kW heat supply. The developed compressor was based on automotive superchargers and 

designed for rotational speeds of up to 100,000 rpm with a power consumption of 50 kW.  

Bantle (2017a) described the modular construction of the compressor, the gear, the motor and the inverter, 

which allows adjusting the unit to different applications by utilizing different impellers, as developed by 

Madsbøll. Pilot test results were presented with satisfying performances. The modular construction and the 

possibility of exchanging the impeller according to the application cover a broad range of applications with 

different supply temperatures, temperature lifts and capacities. Bantle (2017b) presented the design of a test 

rig of a two-stage vapor compression cycle using the described compression technology. He furthermore 

outlined the requirement of efficient desuperheating at intermediate pressure in multi-stage systems, to keep 

the temperatures in the high pressure compression stages at a moderate level. 

This study investigates the design of a R-718 heat pump using turbo-compressors with the focus on effective 

desuperheating, which is preferably realized as a cost-effective and compact unit with a minimum pressure 

drop. The work comprises a description of the available compression technology and the design requirements 

for multi-stage compression systems, before different desuperheating technologies are introduced and 

evaluated. 
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2. METHODS  

2.1 Description of available compressor technology 

 

  

Figure 1: 3D-model (left) and sectional view (right) of the unit evaluated in the current study including 

electric motor, gear and compressor as presented by Bantle (2017b) 

This sub-section gives an overview of the available compressor technology, which constitutes the core of the 

modular concept. Figure 1 shows the compressor unit considered in this study. The unit consists of an electrical 

DC-motor, a lifetime lubricated gear and an exchangeable turbo-compressor cassette. The motor is powered 

by an inverter enabling continuous frequency control of the compressor. The compressor can be equipped with 

an impeller size specifically designed for the application. 

Currently there are two impeller types, which were designed for operation in a two-stage arrangement for 

different volume flow rates. The design conditions and performances of the two impeller types are shown in 

Table 1. The inlet conditions assume the steam to be 10 K superheated. The isentropic efficiencies of the 

compressor are expected values, which were validated in air tests and for comparable equipment operating 

with steam, Bantle (2017a). There are additional efficiencies of 98 % for the inverter, 95 % for the motor and 

95 % for the gear, to account for mechanical inefficiencies causing heat losses to the environment and the 

cooling system. 

Table 1: Operation parameters at design conditions of two impeller types as presented by Bantle (2017b) 

 Impeller 1: Low pressure stage Impeller 2: High pressure stage 

Inlet conditions: 

�̇�in = 0.196 kg/s 

�̇�in = 1231 m3/h 

𝑝in = 1.0 bar 

𝑇in = 110 °C 

�̇�in = 0.222 kg/s 

�̇�in = 468 m3/h 

𝑝in = 3.2 bar 

𝑇in = 145 °C 
Rotational speed: 𝑛 = 80,000 rpm 𝑛 = 80,000 rpm 
Pressure ratio: PR = 3.2 PR = 2 
Expected isentropic efficiency: 𝜂is = 0.74 𝜂is = 0.74 

2.2 Two-stage vapor compression cycles 

The presented compression technology can be applied in closed loop heat pumps or open heat pumps, so called 

mechanical vapor recompression (MVR) systems. In such systems, the vapor is directly taken from a process, 

compressed and used to evaporate or re-heat liquid from the same process. The MVR technology shows an 

increased performance due to reduced temperature differences during heat transfer but can be unfeasible in 

some applications. Since the closed loop heat pumps are independent of the process a higher market share than 

for MVR applications is expected. This study thus focused on the design of a closed loop heat pump. 
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Figure 2: Layout of two-stage R-718 vapor compression heat pump with: Parallel expansion and liquid 

injection intercooling (left) and serial expansion and an open intercooler (right), SH = Superheating 

Figure 2 shows two possible layouts of a two-stage closed loop heat pump. In both cycles, the working fluid 

evaporates while receiving heat from the heat source, before being compressed in two stages and condensed 

at high pressure while transferring heat to the heat sink. The cycle with parallel expansion (left) cools the 

superheated vapor after the first compression stage by injecting a defined amount of saturated liquid from the 

condenser, while the cycle with serial expansion (right) uses the complete stream from the condenser.  

Since the turbo compressors are sensitive to damages due to liquid droplets, systems are typically designed 

with a minimum superheating of 5 K to 10 K. The required superheating can be realized by i) a suction line 

heat exchanger, which uses heat from subcooling the liquid after the condenser, ii) recirculating part of the 

compressed gas from the outlet and mixing it into the suction line, or iii) external heating, such as heat tracing.  

While one of these solutions is required in any case in front of the first stage, it might not be required for the 

second stage. The liquid injection cycle, as well as some of the open intercooler solutions, are able to control 

the outlet to a defined temperature, and thereby omit the requirement of a superheating device.  

Conventional open intercoolers do however typically supply steam, which is saturated or closed to saturated 

conditions, and therefore require the implementation of one of the above mentioned measures to ensure 

sufficient superheating at the inlet of compressor 2. While the liquid injection obviates the requirement of these 

additional measures, the open intercooler cycle does in turn economize the complete amount of flash gas 

generated during the first throttling stage and has therefore benefits with respect to the cycle performance. The 

choice of the cycle layout depends accordingly on the chosen equipment to realize the desuperheating. 

In order to compare different desuperheating technologies, a model for the thermodynamic cycles was 

implemented in Engineering Equation Solver (EES), Klein (2017). The model consisted of energy and mass 

balances and considered the above mentioned efficiencies for the compressor and the remaining components. 

The choice of the superheating technology is dependent on further aspects, such as behavior during transient 

operation and economic aspects, and therefore excluded from the presented numerical analysis. 

The analysis was conducted for a range of evaporation temperatures between 80 °C and 110 °C. The lower 

compression stage was assumed to operate at 80,000 rpm, while the second compression stage was defined to 

operate at a rotational speed to yield the volume flow rate given by the first compression stage. It was 

furthermore assumed that both compression stages achieved the pressure ratio and isentropic efficiency as in 

the design case. The volume flow rate at the inlet of compressor 1 was assumed to be the same as at design 

conditions. The maximum rotational speed of the unit is 80,000 rpm. 
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The total investment cost of a closed loop two-stage heat pump system using the described compressor 

technology and a system designed to deliver 700 kW at 110 °C evaporation temperature is expected to be 

around 125,000 €, of which 50,000 € are required for the two compressors including motor, gear and inverter. 

The estimation was based on experiences from constructing a test rig and a preliminary assessment of the 

components shown in Figure 2. 

2.3 Possibilities to realize the desuperheating  

A good overview of the basics and current technologies for steam cooling as used in steam supply networks is 

given by Spirax Siraco (2012). An overview of the commonly used technologies for intercooling in multi-stage 

compression refrigeration and heat pump systems is given by Stoecker (Ch. 3.5-3.6, pp. 72-77, 1998). 

There are basically two approaches to realize the desuperheating. Either liquid can be injected into the gas 

stream, which is cooling it down while evaporating, or the gas stream can be bubbled into a liquid holdup, 

which creates a good heat transfer between the gas and the liquid, resulting in vapor being saturated at the 

outlet. Figure 3 shows sketches for the desuperheating technologies considered in the analysis. Solutions b), 

c) and d) can be used in the open intercooler cycle and therefore have a drainage line, which is not considered 

when used as an intercooler. 

 

  

a) Atomizing nozzle in venturi flow element b) Conventional open intercooler with vapor 

injection into liquid holdup 

 

 

c) Absorption surface desuperheater d) Open Intercooler with packings to increase 

exchange surface (suggested concept) 

Figure 3: Sketch of different technologies for desuperheating 

The steam at the outlet of the intercooler should desirably be superheated by approximately 5 K to 10 K to 

ensure safe operation and to keep the outlet temperature of compressor 2 as low as possible. On the other hand, 

the formation of condensate droplets must be prevented to protect the turbo-compressor, which could be 

induced by heat losses in the suction line piping. Therefore, appropriate measures to avoid droplet formation, 
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have to be considered, in case the desuperheating technology yields saturated steam and is not capable of 

controlling the temperature. 

a) Liquid injection atomizing nozzle: The liquid injection is a technology which is commonly used in steam 

supply networks of industrial plants, in which the steam is distributed in superheated conditions, before it is 

cooled down to saturation temperature close to the consumer.  

The length of the pipes has to be long enough to give sufficient time for the liquid droplets to evaporate in the 

gas phase. The length is influenced by several parameters such as temperature and pressure of the gas and the 

injected liquid flow, as well as by the flow conditions. Spirax Siraco (2012) outlines the benefits of turbulences 

in the flow and recommends velocities of up to 60 m/s. The resulting pipe lengths are accordingly long and 

can be obtained from guidelines, such as Spirax Siraco (2012) or Schutte & Koerting (2017). The nozzles can 

be arranged in different configurations such as on the periphery or directly in the stream. The nozzle can be 

oriented co- or countercurrent to the stream and the stream might be accelerated by a decreased cross section 

area. The pressure drop calculations assume an instantaneous evaporation of the injected liquid and are 

calculated according to VDI Heat Atlas (Ch. L1.1, pp. 1055-1056, 2010). 

b) Open intercooler: The open intercooler is commonly used in heat pump and refrigeration systems and the 

benefits are an efficient desuperheating, the complete recovery of the gas formed during expansion and a 

compact construction. Stoecker (Ch. 3.5-3.6, pp. 72-77, 1998) recommends the liquid holdup above the vapor 

injection to be 0.6 m to 1.2 m, which corresponds to a hydrostatic pressure of 0.06 bar to 0.12 bar for R-718. 

c) Absorption surface desuperheater: The absorption surface desuperheater is developed and presented by 

Schutte & Koerting (2017). It injects the liquid into the vapor, which is conducted through a duct of wetted 

reaction rings. It is recommended for applications with limited availability of space. The unit requires a 

minimum of maintenance but introduces a higher pressure drop than the liquid atomizer solutions presented in 

point a). The unit enables furthermore the total recovery of the flash gas formed during expansion. 

d) Open intercooler with packings: This solution utilizes packings, which are typically used in packed columns 

for separation processes, in order to create a large heat and mass transfer area at a minimum pressure drop. 

The packings are available in many different shapes and materials. VDI Heat Atlas (Ch. M7, pp. 1327-1342, 

2010) and Kraume (Ch. 13, pp. 419-447, 2012) give an overview of dimensioning such apparatuses. When the 

unit is used as an intercooler, the stream from the condenser should be injected above the packings, while it 

should be injected below when utilized in the open intercooler cycle. Since the liquid should in both cases flow 

downwards while the steam is flowing upwards, a recirculation pump is added for operation as open 

intercooler. 

The so-called flooding point at which an increasing gas velocity would stop the liquid flooding down defines 

the minimum diameter of the unit. This minimum required diameter should be exceeded by a certain safety 

margin to increase the range of stable operation. The ratio of the gas velocity to the maximum possible velocity 

at the flooding point is described by the flooding factor. The pressure drop and the flooding point were 

determined as described in Engel (2000) and Stichlmair et al. (1989) considering stainless steel packings with 

a specific surface of 160 m2/m3 and a voidage of 98 %. The friction factor was calculated according to VDI 

Heat Atlas (Ch. L2.6, pp. 1169-1177, 2010). According to  Kraume (Ch. 13, pp. 419-447, 2012), the heat 

transfer was calculated analogously to convective heat transfer between a gas and a spherical body. The active 

heat transfer area was assumed as the entire surface of the packings and the heat transfer coefficient of the gas 

phase to be the dominating factor. 

3. RESULTS 

3.1 Results from cycle simulations of 2-stage cycle 

The described cycle model was used to evaluate the performance at different operating conditions. The 

evaporation temperature was varied between 80 °C and 110 °C, while the pressure ratios and the efficiencies 

in the compressors, as well as the suction volume flow rate at the inlet of compressor 1 were assumed to be 

constant as defined in the design point. The volume flow rate at compressor 2 was given according to the inlet 

conditions defined by the first compression stage. The amount of injected saturated liquid was determined to 

yield an intercooling to 10 K above the saturation temperature of the intermediate pressure. 
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Table 2 shows an overview of the obtained results. While the COP increases with decreasing evaporation 

temperatures, the capacity decreases. This means that the unit can supply less heat at a better COP. While the 

COP increased by 12 % between an evaporation temperature Tevap = 110 °C to 80 °C, the capacity decreased 

by 39 %. Assuming a fixed investment, the specific investment cost per unit of supplied heat decreases from 

484 €/kW at Tevap = 80 °C to 179 €/kW at Tevap = 110 °C. The performance of the open intercooler cycle was 

approximately 3 % higher.  

The injected mass flow rate varied from 10 % of the mass flow rate from compressor 1 at Tevap = 80 °C to 12 % 

at Tevap = 110 °C. The superheated vapor was in all cases approximately 120 K above the saturation temperature 

at the outlet of compressor 1 and 82 K at the outlet of compressor 2.  

The pressure drops in the evaporator and the intercooler were varied to analyze their influence on the 

performance. It was found, that a pressure drop of 0.1 bar in the evaporator decreases the condensation 

temperature by 3 K, while the same pressure drop in the intercooler results in a decrease of the condensation 

temperature by 1 K. The supplied heat load was found to be relatively independent of the pressure drop. 

An variation of the difference between the temperature after intercooling and the according saturation 

temperature, which is achieved by a variation of the injected mass flow rate, showed a minor influence on COP 

and supplied heat load, with a slight increase of COP for smaller remaining superheating.  

Table 2: Results from simulation of the injection cycle  

Evaporation temperature 𝑇evap: 80 °C 90 °C 100 °C 110 °C 

Evaporation pressure 𝑝evap: 0.47 bar 0.70 bar 1.01 bar 1.43 bar 

System Performance     

Condensation temperature 𝑇cond: 133.9 °C 147.8 °C 161.9 °C 176.2 °C 

Condensation pressure 𝑝cond: 3.03 bar 4.49 bar 6.49 bar 9.17 bar 

Supplied heat load �̇�sink: 258.2 kW 368.4 kW 513.2 kW 699.7 kW 

Specific total invest. cost per supplied heat load: 484 €/kW 339 €/kW 244 €/kW 179 €/kW 

Coefficient of performance COP: 4.61 4.44 4.27 4.12 

Compressor 1: PR = 3.2, 𝜂is = 0.74     

Volume flow rate at inlet �̇�comp1,in: 1231 m3/h 1231 m3/h 1231 m3/h 1231 m3/h 

Mass flow rate �̇�comp1: 0.100 kg/s 0.145 kg/s 0.204 kg/s 0.283 kg/s 

Power consumption of inverter �̇�inverter1: 33.3 kW 41.2 kW 71.0 kW  100.3 kW 

Outlet temperature 𝑇comp1,out: 232 °C 245 °C 258 °C 271 °C 

Compressor 2: PR = 2, 𝜂is = 0.74     

Volume flow rate at inlet �̇�comp2,in: 470 m3/h 472 m3/h 474 m3/h 476 m3/h 

Mass flow rate �̇�comp2: 0.111 kg/s 0.160 kg/s 0.227 kg/s 0.316 kg/s 

Power consumption of inverter �̇�inverter2: 22.8 kW 33.9 kW 49.1 kW 69.7 kW 

Outlet temperature 𝑇comp2,out: 216 °C 230 °C 244 °C 258 °C 

3.2 Design of intercooling units 

a) Liquid injection atomizing nozzle: The liquid injection was dimensioned according to Spirax Siraco (2012) 

and required a pipe of 13 m with an inner diameter of 50 mm. The pressure drop was estimated to be 36 mbar 

at design conditions. Preliminary measurements have shown that an additional significant pressure drop of 

40 mbar to 60 mbar is induced by the venturi injection unit and the required liquid separator. The measured 

pressure drops are relatively low, compared to typical applications in steam supply networks, Spirax Siraco 

(2016), and can only be achieved with sufficiently large equipment.  

b) Open intercooler: The open intercooler can be realized with compact dimensions, but induces a pressure 

drop of up to 120 mbar, according to the hydrostatic pressure of the recommended liquid holdup of 0.6 m to 

1.2 m., Stoecker (Ch. 3.5-3.6, pp. 72-77, 1998). According to Spirax Siraco (2012), the open intercooler 

provides typically saturated steam. 

c) Absorption surface desuperheater: The surface absorption desuperheater has similar compact dimensions as 

the open intercooler. Schutte & Koerting (2017) reported higher pressure drops, up to 50 %, compared to 
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venturi nozzles, which corresponds to values up to 90 mbar, considering the measured values of the currently 

tested venturi nozzle with sufficiently large dimensions, or even higher values. 

d) Open intercooler with packings: The open intercooler with packings was evaluated by applying semi 

empirical correlations for pressure drop and the heat transfer coefficients. The diameter was determined in 

order to not exceed the maximum velocity defined by the flooding point. At evaporation temperatures of 80 °C 

to 110 °C, an inner diameter of 250 mm yields a flooding factor of 10 % to 20 %, respectively. The heat transfer 

coefficients of the vapor vary from 80 W∙(m2 K)-1 to 160 W∙(m2 K)-1 for the same evaporation temperatures, 

which results in required packing heights of 0.6 m to 0.8 m, respectively. The pressure drop of the gas flow 

increased from 2 mbar at Tevap = 80 °C to 8 mbar at Tevap = 110 °C. Considering some space for additional 

safety margins and a demister, the unit is expected to be realizable in a pipe of less than 1.5 m to 2 m length, 

which could be realized in a vertical pipe and is therefore consistent with the approach of constructing a 

modular and compact unit.  

Table 3: Summary of different technologies for desuperheating 

 a) 

Liquid injection 

b) 

Conventional open 

Intercooler 

c) 

Absorption surface 

desuperh. 

d) 

Open Intercooler 

with packings 

Pressure drop in 

design point: 

40 mbar - 60 mbar 

(venturi injection) 

+ 36 mbar (piping) 

 60 mbar to 

120 mbar 

Up to 90 mbar      

(or higher) 
5 mbar 

Dimensions for 

presented case: 

Horizontal pipe:    

13 m x ø 50 mm 

Compact 

dimensions           

(h < 1.5 m) 

Compact 

dimensions 

Vertical pipe:         

2 m x ø 250 mm 

Complexity of 

construction: 

Established 

technology 

Established 

technology, simple 

control 

Commercial 

product 

Suggested concept 

with proven 

components 

Recovery of 

flash gas: 
Not possible 

Complete recovery 

possible 

Either complete 

recovery of flash 

gas, or control of 

outlet temperature 

possible 

Complete recovery 

possible 

Control of outlet 

temperature: 
Possible Not possible Possible 

Table 3 summarizes relevant aspects of the different available technologies. All units, except the open 

intercooler, can be used to regulate the temperature of the vapor at the outlet of the unit when utilized in the 

intercooler cycle, which implies that a defined mass flow rate of liquid is injected into the stream. Considering 

the application in an open intercooler cycle, the liquid injection nozzles are eliminated as a possibility, since 

the construction cannot handle too much liquid. The absorption surface desuperheater will furthermore lose 

the possibility to control the outlet temperature, and would require additional measures, such as external heat 

tracing of the suction lines, to ensure sufficient superheat at the inlet of the second compression stage. This 

means that the suggested concept with packings is the only solution, which can satisfy both requirements, as 

it is suitable for operation as an open intercooler while being able to control the vapor outlet temperature. This 

case requires an additional recirculation pump to feed a defined liquid stream to the top. 

4. DISCUSSION 

The cycle calculation assumed the efficiencies to be the same as in design conditions. While the first 

compressor stage worked with the same volume flow rate and pressure ratio as in design conditions, the second 

stage was adjusted to the volume flow rate as determined by the system and therefore operated at conditions 

deviating from the design conditions. It is therefore expected that the assumption of the compressors operating 

with the same isentropic efficiency as in the design point, is more applicable for the first compression stage, 

while increased uncertainties are expected for the second stage. In order to eliminate these uncertainties, a 

description of the performance of the impellers over the complete range of operating conditions working with 
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steam has to be determined and integrated into the simulation. This can be realized by a validated and calibrated 

model of the impeller or by completely measured compressor performance maps. 

The results have shown the tendency of a decreasing performance and an increasing capacity for higher 

evaporation temperatures, while the increasing capacity had a dominating effect on the economic performance. 

Due to the fixed investment cost, the specific investment cost behaves similarly showing values as low as 

179 €/kW. According to Wolf et al. (2014) a specific investment cost of up to 250 €/kW supplied heat can be 

observed in realized projects with a range of refrigerants, which documents the economic potential of R-718 

heat pumps, implying a superior thermodynamic performance. 

The relevance of designing a cost effective solution to realize the desuperheating at a minimum amount of 

space was outlined and different solutions were presented and compared. The liquid injection was found to be 

an effective solution for a precise control of the superheating, but implied significant space requirements. This 

might be favorable in steam supply networks, in which long piping are already in place, but it might be 

hindering for the integration of a heat pump into existing plants with a limited availability of space. 

The suggested concept was found to be the most promising solution, offering an effective and controllable 

desuperheating at a minimum space. The required packing height was calculated to be less than 1 m, resulting 

in a small pressure drop. Comparing the required height to the recommended liquid holdup in the open 

intercooler of up to 1.2 m, suggests that the open intercooler might be designed more compact than suggested 

by Stoecker (Ch. 3.5-3.6, pp. 72-77, 1998). 

Nevertheless, it is expected that the liquid holdup imposes a hydrostatic pressure being in any case larger than 

the pressure drop induced by the packings. The packings were chosen as a commercially available and readily 

applied type with ordinary characteristics and could be optimized at a later stage. 

The study has focused on the evaluation of technologies to realize the intercooling between the compression 

stages, while the solutions might as well be applied for other working fluids or to other steam cooling 

applications when required. Such applications could be behind the second compression stage or in conventional 

steam supply systems. 

5. CONCLUSIONS 

The study has focused on the development of guidelines to construct two-stage R-718 heat pumps for high 

temperature applications. The relevance of cost and space effective solutions to realize the desuperheating was 

outlined and different solutions were presented. A novel approach was suggested and compared to state of the 

art equipment. The suggested solution consisted of a vertical vessel, which was similar to an open intercooler 

but filled with packings typically used in separation processes. The calculations indicated the possibility of a 

compact design, which can be realized with conventional and cost effective equipment. The presented concept 

to construct a two-stage R-718 heat pump was found to be an economically viable solution with competitive 

investment cost and a superior performance for applications in which the heat source is available above 100 °C. 
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comprises low-temperature district heating (LTDH) and ultra-low-temperature district heating (ULTDH) networks. 
LTDH networks are designed with a supply temperature around 60 °C, which is just high enough for direct heat supply 
for domestic hot water. ULTDH networks operate at around 40 °C and are designed for direct supply of space heating, 
while the domestic hot water production requires a booster heat pump at the customer site. 

The boundary conditions determine, which of the solutions constitutes the thermodynamic and economic optimum. 
Several studies have therefore compared various DH technologies under consideration of different conditions, such as 
consideration of existing network components, availability of heat sources, network layouts and other aspects [2–5].  

Since the availability of heat sources for heat pump based district heating networks represents a key aspect with 
respect to their performance, different works in this field were carried out. Bühler et al. [6–8] have conducted economic 
analyses of the possibilities to use industrial excess heat from thermal processes for district heating. They considered 
spatiotemporal aspects and ensured the economic feasibility by comparisons to alternative heat sources for the DH 
network and to energy-efficiency measures, which would decrease the availability of industrial excess heat. Their 
studies outlined the general potential of excess heat recovery for DH purposes but also emphasized the importance of 
beneficial boundary conditions, such as short distances between heat source and customers and low integration cost. 

Lund et al. [9] indicate, that the refrigeration systems of supermarkets represent another potential heat source for 
DH systems. These are rejecting excess heat to the ambience throughout the year and are typically located in close 
vicinity to areas with increased heating demands. While conventional refrigeration systems with e.g. R-404a, reject 
heat during a subcritical condensation just above the ambient temperatures, CO2 systems reject the heat to a relatively 
large extent significantly above the ambient temperatures during desuperheating or transcritical gascooling processes. 
The increased temperature differences represent irreversibilities of CO2 systems and thereby a potential for 
improvements.  

CO2-based systems constitute the state of the art technologies in cold and moderate climates and are emerging as 
well in warmer climates [10–12]. Especially fully integrated systems, which integrate the air conditioning and heating 
requirements into the system while exploiting the peculiarities offered by the refrigerant properties of CO2, show 
convincing performances and an increased utilization of existing equipment. Most of the studies focus on the heat 
recovery to cover demands for space heating and hot water preparation on-site or in close vicinity [10–16].   

The studies demonstrated the possibilities for integrating on-site heat demands in the refrigeration system. The 
examples indicated high performances for cases, in which the heat demand and its temperatures matched well with the 
available heat. On the other hand, highly integrated systems often require storage tanks for balancing the temporal 
shift between availability and demand. The amount of available excess heat can furthermore exceed the heat demand. 

 LTDH networks represent an alternative potential customer of low-temperature excess heat. It was therefore 
suggested by e.g. [9,17,18] to couple the supermarket refrigeration units to LTDH networks. LTDH networks 
constitute a flexible customer of the available heat and the supermarkets are representing a decentral heat source for 
LTDH networks, often implying small distances and in many cases an existing connection to the DH networks, [7]. 

This study therefore focuses on an analysis of the possibilities for the recovery of excess heat from CO2 supermarket 
refrigeration units and evaluates the boundary conditions, for which the sector coupling appears economically feasible. 

2. Methods 

2.1. Possible system layouts 

The following subchapters present the different possibilities to recover excess heat from supermarkets for supplying 
heat to a LTDH network while heating the return stream from 45 °C to 70 °C. The approaches are compared on an 
annual basis assuming average ambient temperatures of 20 °C, 9 °C and 1 °C for summer, spring/autumn and winter, 
respectively, and for an average cooling demand of 100 kW throughout the year. 

2.1.1. Supply of excess heat during operation at increased gascooler pressure 
Figure 1 a) shows the layout of a simple refrigeration plant with one evaporator, an internal heat exchanger, an 

ejector and the possibility for direct heat recovery. The gascooler pressure and thereby the temperature profile of CO2 
during heat rejection is during normal operation determined by the ambient temperature, e.g. [12,19]. Consequently, 
the temperature profile and thereby the amount of excess heat that is directly recoverable, varies as well. 
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comprises low-temperature district heating (LTDH) and ultra-low-temperature district heating (ULTDH) networks. 
LTDH networks are designed with a supply temperature around 60 °C, which is just high enough for direct heat supply 
for domestic hot water. ULTDH networks operate at around 40 °C and are designed for direct supply of space heating, 
while the domestic hot water production requires a booster heat pump at the customer site. 

The boundary conditions determine, which of the solutions constitutes the thermodynamic and economic optimum. 
Several studies have therefore compared various DH technologies under consideration of different conditions, such as 
consideration of existing network components, availability of heat sources, network layouts and other aspects [2–5].  

Since the availability of heat sources for heat pump based district heating networks represents a key aspect with 
respect to their performance, different works in this field were carried out. Bühler et al. [6–8] have conducted economic 
analyses of the possibilities to use industrial excess heat from thermal processes for district heating. They considered 
spatiotemporal aspects and ensured the economic feasibility by comparisons to alternative heat sources for the DH 
network and to energy-efficiency measures, which would decrease the availability of industrial excess heat. Their 
studies outlined the general potential of excess heat recovery for DH purposes but also emphasized the importance of 
beneficial boundary conditions, such as short distances between heat source and customers and low integration cost. 

Lund et al. [9] indicate, that the refrigeration systems of supermarkets represent another potential heat source for 
DH systems. These are rejecting excess heat to the ambience throughout the year and are typically located in close 
vicinity to areas with increased heating demands. While conventional refrigeration systems with e.g. R-404a, reject 
heat during a subcritical condensation just above the ambient temperatures, CO2 systems reject the heat to a relatively 
large extent significantly above the ambient temperatures during desuperheating or transcritical gascooling processes. 
The increased temperature differences represent irreversibilities of CO2 systems and thereby a potential for 
improvements.  

CO2-based systems constitute the state of the art technologies in cold and moderate climates and are emerging as 
well in warmer climates [10–12]. Especially fully integrated systems, which integrate the air conditioning and heating 
requirements into the system while exploiting the peculiarities offered by the refrigerant properties of CO2, show 
convincing performances and an increased utilization of existing equipment. Most of the studies focus on the heat 
recovery to cover demands for space heating and hot water preparation on-site or in close vicinity [10–16].   

The studies demonstrated the possibilities for integrating on-site heat demands in the refrigeration system. The 
examples indicated high performances for cases, in which the heat demand and its temperatures matched well with the 
available heat. On the other hand, highly integrated systems often require storage tanks for balancing the temporal 
shift between availability and demand. The amount of available excess heat can furthermore exceed the heat demand. 

 LTDH networks represent an alternative potential customer of low-temperature excess heat. It was therefore 
suggested by e.g. [9,17,18] to couple the supermarket refrigeration units to LTDH networks. LTDH networks 
constitute a flexible customer of the available heat and the supermarkets are representing a decentral heat source for 
LTDH networks, often implying small distances and in many cases an existing connection to the DH networks, [7]. 

This study therefore focuses on an analysis of the possibilities for the recovery of excess heat from CO2 supermarket 
refrigeration units and evaluates the boundary conditions, for which the sector coupling appears economically feasible. 

2. Methods 

2.1. Possible system layouts 

The following subchapters present the different possibilities to recover excess heat from supermarkets for supplying 
heat to a LTDH network while heating the return stream from 45 °C to 70 °C. The approaches are compared on an 
annual basis assuming average ambient temperatures of 20 °C, 9 °C and 1 °C for summer, spring/autumn and winter, 
respectively, and for an average cooling demand of 100 kW throughout the year. 

2.1.1. Supply of excess heat during operation at increased gascooler pressure 
Figure 1 a) shows the layout of a simple refrigeration plant with one evaporator, an internal heat exchanger, an 

ejector and the possibility for direct heat recovery. The gascooler pressure and thereby the temperature profile of CO2 
during heat rejection is during normal operation determined by the ambient temperature, e.g. [12,19]. Consequently, 
the temperature profile and thereby the amount of excess heat that is directly recoverable, varies as well. 
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The heat that is directly recoverable during normal operation is often rather limited. The gascooler pressure can 
alternatively be operated at an increased pressure to not only cover the cooling demand of the supermarket but also to 
actively supply heat to the DH network. Both the amount of heat that is recovered as well as the COP for supplying 
the heat are dependent on the additional pressure increase [15]. The contributions increase nonlinearly and suggest 
that there is an optimal marginal pressure increase, yielding a maximum COP.  

 

 

Table 1: Assumptions for modelling the CO2 
refrigeration system and the cascade heat pump 

 CO2 
System 

Cascade 
HP 

Isentropic efficiency of 
compressor: 

80 % 75 % 

Heat loss from the 
compressor: 

5 % 5 % 

Efficiency of motor: 95 % 95 % 

Lumped isentropic 
efficiency of ejector: 

25 % - 

Effectiveness of internal 
heat exchanger:  70 % - 

Pinch point temperature 
differences in HXs: 

5 K 5 K 

Minimum gascooler 
outlet temperature:  

10 °C - 

Evaporation 
temperature: 

-5 °C - 
 

Figure 1: Flow sheets for a standard CO2 refrigeration system with an ejector and one 
evaporation temperature with a) direct heat exchange at operation with increased gascooler 

pressure, b) direct heat exchange and a cascade heat pump in serial connection 

In order to analyze the trade-off among additionally supplied heat and the performance, a numerical model was 
implemented in EES, [20]. The model consists of mass and energy balances for all components, as well as equations 
modeling their performance. Table 1 summarizes the assumptions for the model of the refrigeration system. The 
gascooler outlet temperature is determined by the ambient temperature and a pinch point temperature difference of 
5 K while the gascooler pressure was set to optimal conditions with respect to cooling COPc. The coefficient of 
performance for cooling COPc=���/�� �������� is defined as the ratio of the cooling rate ��� to the power utilized to 
operate system optimally according to the ambient temperature �� ��������. The compressor was modelled with an 
isentropic efficiency for the compression process and an additional efficiency for the motor. Heat losses from the 
compressor were considered as well. 

The model assumes that all heat is rejected by the gascooler to the ambient during standard operation. In order to 
supply heat to the DH network, the compressor discharge temperature must be high enough to enable cooling of the 
CO2 while heating the DH stream from 45 °C to 70 °C and respecting a minimum pinch point temperature difference 
of 5 K. After the direct heat exchange, the CO2 is further cooled to the gascooler outlet temperature that is defined by 
the ambient temperature and the pinch point temperature difference. If the compressor outlet temperature is too low 
for heating the stream up to 70 °C, the entire heat is rejected through the gascooler. 

The performance of supplying the additional heat rate was described by a coefficient of performance COPHS,CO2, 
which is defined by the ratio of the heat supplied in the direct heat exchanger �� dHX to the additional power that is used 
to operate the refrigeration system at an increased gascooler pressure. The additional power is defined by the difference 
between the power during operation at the optimal pressure according to the ambient conditions �� Tamb,opt and the 
power during operation at an increased gascooler pressure �� comp while maintaining a constant cooling load. 

COP������ � �����
������ ��� ��������

 (1) 

The trends for the additional power, the additional heat rate and the COP will be studied, and a compromise will 
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2.1.2. Supply of excess heat using a cascade heat pump 
The heat that is rejected to the environment because it is below the minimum supply temperature can alternatively 

be used as a heat source for a cascade heat pump, which supplies the district heating network, too. Figure 1 b) shows 
the system layout and Table 1 summarizes the assumptions for modelling the cascade heat pump.  

Utilizing a cascade heat pump enables choosing the gascooler pressure of refrigeration system independently of 
the ambient conditions. A parameter variation of the gascooler pressure showed that the system performance is optimal 
for subcritical heat rejection at a condensation pressure of 70 bar, corresponding to a temperature of 28.7 °C. At this 
operation, the compressor discharge temperature was just high enough to enable direct heat supply. 

The coefficient of performance for heat supply in the cascade heat pump scenario COPHS,HP was defined by the 
ratio of the accumulated supplied heat rate over the power that is additionally invested compared to standard operation 
for supply of cooling. The supplied heat includes both the heat flow supplied by the cascade heat pump �� HP and the 
direct heat exchange �� dHX. The total power is composed by the compressor power of the heat pump �� HP and the 
additional power spent in the refrigeration system to operate at a condensation pressure of 70 bar instead of the optimal 
condensation pressure corresponding to the ambient temperature (�� pcond=70 bar -��� Tamb,opt).    
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2.2. Optimization of the cascade heat pump working fluid 

This study assumed that the heat supply is realized in a heat exchanger heating the DH stream from 45 ° to 70 °C 
while respecting a pinch difference of 5 K. This means that the source inlet stream to the evaporator of the cascade 
heat pump enters at 50 °C, is cooled down to the condensation temperature of approximately 29 °C and condenses at 
a constant temperature. This temperature profile is nonlinear and it is expected, that a certain mismatch compared to 
the temperature profile of the cascade heat pump working fluid that evaporates at a constant temperature occurs.  

The authors have shown in previous studies that utilizing mixtures constitutes a promising approach to match the 
temperature profile of the working fluid during evaporation and condensation to the temperature profile of heat sink 
and source, [5,21,22]. This approach enabled reducing the irreversibilities during heat transfer and thereby improving 
the performance. The previous studies focused on selecting the working fluid for boundary conditions in which the 
heat source and sink had a linear temperature glide, while the temperature profile of CO2 is expected to be nonlinear. 

A working fluid screening was conducted as described in [5,21,22]. The model for the cascade heat pump was 
therefore evaluated for several mixtures, considering all possible binary mixtures of a list of fluids including 14 natural 
fluids and 4 hydrofluoroolefins (HFOs). The results were analyzed with respect to the thermodynamic performance 
and to indicators of the investment, such as the volumetric heating capacity VHC or the pressure levels.  

2.3. Economic Evaluation 

The economic performance is evaluated according to the Danish boundary conditions. The production of district 
heating with a heat pump includes two key taxes in Denmark. Firstly, there is the excess heat tax which concerns the 
utilization of any excess heat related to process equipment. It is implemented to counteract tax exemptions that are 
given to the production of goods by companies. For heat pumps, only the amount of heat produced above a COP of 3 
is taxed, and the taxation is 25 % of the heat sale, up to a maximum of 7.40 €/GJ.   

��������������� � ���� � �COP� � �
COP� � � ���������� (3) 

The second taxation of interest is the electricity to heat tax. Whenever electricity is used to produce DH there is a 
surplus tax compared to when electricity is used for process equipment. This will however be reduced in 2020 [23], 
and the Public Service Obligations (PSO) which are currently imposed on all electricity will also be removed. Together 
these contributions will drop the current electricity price from ~134 €/MWh to ~94 €/MWh. Heat prices vary a lot 
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The heat that is directly recoverable during normal operation is often rather limited. The gascooler pressure can 
alternatively be operated at an increased pressure to not only cover the cooling demand of the supermarket but also to 
actively supply heat to the DH network. Both the amount of heat that is recovered as well as the COP for supplying 
the heat are dependent on the additional pressure increase [15]. The contributions increase nonlinearly and suggest 
that there is an optimal marginal pressure increase, yielding a maximum COP.  

 

 

Table 1: Assumptions for modelling the CO2 
refrigeration system and the cascade heat pump 

 CO2 
System 

Cascade 
HP 

Isentropic efficiency of 
compressor: 

80 % 75 % 

Heat loss from the 
compressor: 

5 % 5 % 

Efficiency of motor: 95 % 95 % 

Lumped isentropic 
efficiency of ejector: 

25 % - 

Effectiveness of internal 
heat exchanger:  70 % - 

Pinch point temperature 
differences in HXs: 

5 K 5 K 

Minimum gascooler 
outlet temperature:  

10 °C - 

Evaporation 
temperature: 

-5 °C - 
 

Figure 1: Flow sheets for a standard CO2 refrigeration system with an ejector and one 
evaporation temperature with a) direct heat exchange at operation with increased gascooler 

pressure, b) direct heat exchange and a cascade heat pump in serial connection 

In order to analyze the trade-off among additionally supplied heat and the performance, a numerical model was 
implemented in EES, [20]. The model consists of mass and energy balances for all components, as well as equations 
modeling their performance. Table 1 summarizes the assumptions for the model of the refrigeration system. The 
gascooler outlet temperature is determined by the ambient temperature and a pinch point temperature difference of 
5 K while the gascooler pressure was set to optimal conditions with respect to cooling COPc. The coefficient of 
performance for cooling COPc=���/�� �������� is defined as the ratio of the cooling rate ��� to the power utilized to 
operate system optimally according to the ambient temperature �� ��������. The compressor was modelled with an 
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compressor were considered as well. 
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CO2 while heating the DH stream from 45 °C to 70 °C and respecting a minimum pinch point temperature difference 
of 5 K. After the direct heat exchange, the CO2 is further cooled to the gascooler outlet temperature that is defined by 
the ambient temperature and the pinch point temperature difference. If the compressor outlet temperature is too low 
for heating the stream up to 70 °C, the entire heat is rejected through the gascooler. 

The performance of supplying the additional heat rate was described by a coefficient of performance COPHS,CO2, 
which is defined by the ratio of the heat supplied in the direct heat exchanger �� dHX to the additional power that is used 
to operate the refrigeration system at an increased gascooler pressure. The additional power is defined by the difference 
between the power during operation at the optimal pressure according to the ambient conditions �� Tamb,opt and the 
power during operation at an increased gascooler pressure �� comp while maintaining a constant cooling load. 
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2.1.2. Supply of excess heat using a cascade heat pump 
The heat that is rejected to the environment because it is below the minimum supply temperature can alternatively 

be used as a heat source for a cascade heat pump, which supplies the district heating network, too. Figure 1 b) shows 
the system layout and Table 1 summarizes the assumptions for modelling the cascade heat pump.  

Utilizing a cascade heat pump enables choosing the gascooler pressure of refrigeration system independently of 
the ambient conditions. A parameter variation of the gascooler pressure showed that the system performance is optimal 
for subcritical heat rejection at a condensation pressure of 70 bar, corresponding to a temperature of 28.7 °C. At this 
operation, the compressor discharge temperature was just high enough to enable direct heat supply. 

The coefficient of performance for heat supply in the cascade heat pump scenario COPHS,HP was defined by the 
ratio of the accumulated supplied heat rate over the power that is additionally invested compared to standard operation 
for supply of cooling. The supplied heat includes both the heat flow supplied by the cascade heat pump �� HP and the 
direct heat exchange �� dHX. The total power is composed by the compressor power of the heat pump �� HP and the 
additional power spent in the refrigeration system to operate at a condensation pressure of 70 bar instead of the optimal 
condensation pressure corresponding to the ambient temperature (�� pcond=70 bar -��� Tamb,opt).    
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2.2. Optimization of the cascade heat pump working fluid 

This study assumed that the heat supply is realized in a heat exchanger heating the DH stream from 45 ° to 70 °C 
while respecting a pinch difference of 5 K. This means that the source inlet stream to the evaporator of the cascade 
heat pump enters at 50 °C, is cooled down to the condensation temperature of approximately 29 °C and condenses at 
a constant temperature. This temperature profile is nonlinear and it is expected, that a certain mismatch compared to 
the temperature profile of the cascade heat pump working fluid that evaporates at a constant temperature occurs.  

The authors have shown in previous studies that utilizing mixtures constitutes a promising approach to match the 
temperature profile of the working fluid during evaporation and condensation to the temperature profile of heat sink 
and source, [5,21,22]. This approach enabled reducing the irreversibilities during heat transfer and thereby improving 
the performance. The previous studies focused on selecting the working fluid for boundary conditions in which the 
heat source and sink had a linear temperature glide, while the temperature profile of CO2 is expected to be nonlinear. 

A working fluid screening was conducted as described in [5,21,22]. The model for the cascade heat pump was 
therefore evaluated for several mixtures, considering all possible binary mixtures of a list of fluids including 14 natural 
fluids and 4 hydrofluoroolefins (HFOs). The results were analyzed with respect to the thermodynamic performance 
and to indicators of the investment, such as the volumetric heating capacity VHC or the pressure levels.  

2.3. Economic Evaluation 

The economic performance is evaluated according to the Danish boundary conditions. The production of district 
heating with a heat pump includes two key taxes in Denmark. Firstly, there is the excess heat tax which concerns the 
utilization of any excess heat related to process equipment. It is implemented to counteract tax exemptions that are 
given to the production of goods by companies. For heat pumps, only the amount of heat produced above a COP of 3 
is taxed, and the taxation is 25 % of the heat sale, up to a maximum of 7.40 €/GJ.   
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The second taxation of interest is the electricity to heat tax. Whenever electricity is used to produce DH there is a 
surplus tax compared to when electricity is used for process equipment. This will however be reduced in 2020 [23], 
and the Public Service Obligations (PSO) which are currently imposed on all electricity will also be removed. Together 
these contributions will drop the current electricity price from ~134 €/MWh to ~94 €/MWh. Heat prices vary a lot 
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both with regards to geography and season, from the low end which is 27 €/MWh to the gas substitution price of up 
to about 60 €/MWh, at specific places even higher.  

In order to estimate the investment of the cascade heat pump, a specific investment cost per unit of supplied heat 
of 671 €/kW is assumed [24]. The value of 671 €/kW was related to the construction of industrial heat pumps, which 
imply a relatively high cost due to case specific engineering and manufacturing. It is assumed that the development 
of a standard unit could reduce the cost for manufacturing and on-site integration to 400 €/kW, as it can be observed 
for domestic heat pumps [25]. Estimating the investment cost when using mixtures appears to be more difficult due 
to the lack of practical experiences with the construction and operation of heat pumps using zeotropic mixtures. 
Previous studies, [5,22], suggest initial investment costs of competitive solutions using mixtures, comparable to the 
investment costs for heat pumps using pure fluids or up to 100 % higher. The studies outline the strong dependency 
on the specific cases. It may furthermore be noted, that the above-mentioned costs included both the cost for 
acquisition and integration of the heat pump, while the heat pump using mixtures requires the same cost for the 
integration. For a simplified assessment of the economic performance of a modular cascade heat pump unit, specific 
investment costs per unit of supplied heat of 600 €/kW were assumed. The cost for connecting the refrigeration system 
directly to the DH network were estimated with 17,000 €, based on a realized project and neglecting the influence of 
the capacity. The connection cost for the cascade heat pump solutions are assumed to be included in the above-
mentioned estimates. The analysis included furthermore a maintenance cost per unit of supplied heat of 1.60 €/MWh 
for all scenarios using a cascade heat pump.  

The solutions were compared based on the total annual cash flow, which includes the income from the heat sales, 
all costs for electricity and taxes as well as the levelized investment cost. The comparison was based on a capital 
recovery factor of 0.08, assuming a lifetime of 20 years and an effective interest rate of 5 %. Lastly, a simple payback 
time for the investment was calculated by relating the annual net income of each solution to its initial investment cost. 

3. Results 

3.1. Thermodynamic comparison of heat supply technologies 

The first option for supplying heat to a DH network was to operate the supermarket refrigeration system with an 
increased gascooler pressure to use part of the heat from desuperheating for heating the DH stream from 45 °C to 
70 °C, while the remaining part of the heat is rejected to the environment. The results from e.g. [15] have shown the 
nonlinear dependency between the pressure increase and the additionally recoverable heat and indicated the existence 
of an optimal COP with respect to heat supply performance. 

The first part of the analysis consisted therefore of an analysis of the performance for supplying heat for different 
gascooler pressures while taking different ambient conditions as reference scenario. Figure 2 shows the trends for the 
different energy flows and the performance for supplying heat COPHS for the ambient conditions for a) summer, b) 
autumn/spring and c) winter. 

The optimal pressure during normal operation for supply of cooling is defined by the saturation pressures of the 
gascooler outlet temperature that is determined by the ambient temperature and the assumed pinch point temperature 
difference. The optimal gascooler pressure for refrigeration operation is 45 bar during winter, 50 bar during 
autumn/spring and 64 bar during summer. The amount of power required to lift the pressure increases steadily, while 
the heat flow rates show discontinuities. The heat flows show that the pressure has to be increased up to 80 bar during 
winter, up to 78 bar during autumn/spring and up to 68 bar during summer to obtain sufficiently high compressor 
discharge temperatures, enabling direct heat transfer to the network. The absolute pressures that enable heat supply 
varied depending on the season, due to the different superheating from the internal heat exchanger.  

The amount of power that needs to be additionally invested to reach the point at which the direct heat supply is 
possible, when assuming the optimal operation for supply of cooling as a reference point, is significantly larger during 
winter and autumn/spring than during summer. The amount of heat that is supplied in the case of just high enough 
temperatures is in all cases around 33 kW for an average cooling capacity of 100 kW. This yields high COPHS during 
summer, mainly due to the small amount of additionally required power for the relatively small pressure increase. For 
the cases of autumn/spring and winter, it may be noted that the COPHS are lower, due to the lower reference pressure 
of optimal operation for cooling supply. 

6 Author name / Energy Procedia 00 (2018) 000–000 

Increasing the gascooler pressure further, yields an increase of both the amount of supplied heat and the COP before 
the COPHS shows an optimum around 120 bar for autumn/spring and winter conditions. The amount of supplied heat 
can be increased even further with higher pressures, while the performance decreases. Under summer conditions, the 
trend looks different. Above the point at which heat recovery is possible, the performance is high and drops 
significantly with an increasing pressure, while reaching a plateau between 90 bar and 110 bar, while the amount of 
supplied heat increases. 

 
a) Summer: Tambient = 20 °C b) Autumn/Spring: Tambient = 9 °C  c) Winter: Tambient = 1 °C 

 
Figure 2: Comparison of the additional power in the refrigeration system ( comp - Tamb,opt) and the heat flows rejected to environment in the 

gascooler and to the DH in the direct heat exchanger for a cooling capacity of 100 kW 

Table 2: Performance of different scenarios at different boundary conditions for a cooling load of 100 kW 
 Operating the refrigeration system at 

increased pressure Cascade Heat Pump 

 Summer Autumn/Spring Winter Summer Autumn/Spring Winter 

Tambient 20.0 °C 9.0 °C 1.0 °C 20.0 °C 9.0 °C 1.0 °C 

CO2 refrigeration system:       

Tgascooler,exit 25.0 °C 14.0 °C 10.0 °C 28.7 °C 28.7 °C 28.7 °C 

Optimal gascooler pressure for cooling: 64.3 bar 50.0 bar 45 bar 64.3 bar 50.0 bar 45 bar 

Design gascooler pressure for heat supply: 105.0 bar 118.6 bar 120.8 bar 70 bar 70 bar 70 bar 

Additional power ( comp - Tamb,opt): 14.1 kW 23.3 kW 25.3 kW 5.1 kW 15.8 kW 18.9 kW 

Heat supply in direct HX dHX: 81.4 kW 83.8 kW 81.2 kW 32.6 kW 32.6 kW 32.6 kW 

Cascade heat pump system:       

Compressor power HP: - - - 23.5 kW 23.5 kW 23.5 kW 

Heat supply by cascade HP HP: - - - 116.5 kW 116.5 kW 116.5 kW 

COP of cascade heat pump: - - - 4.9 4.9 4.9 

Sum of supplied heat: 81.4 kW 83.8 kW 81.2 kW 149.1 kW 149.1 kW 149.1 kW 

COP for heat supply COPHS: 5.8 3.6 3.2 5.2 3.8 3.5 

 
The second considered option for supplying heat to a LTDH network consisted of a cascade heat pump that recovers 

the part of the heat from the CO2 system, which is rejected at temperatures that are too low for directly supplying the 
heat. A parameter variation has shown, that the system performance considering both the heating and the cooling of 
the entire system is maximal, when the gascooler of the CO2 refrigeration system is operated at 70 bar, corresponding 
to subcritical conditions. 

Table 2 shows a summary of the performance of the two heat supply technologies. The cascade heat pump using 
Ammonia as a working fluid operates with a COP of 4.9 and supplies 117 kW, while 33 kW are supplied to the DH 
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both with regards to geography and season, from the low end which is 27 €/MWh to the gas substitution price of up 
to about 60 €/MWh, at specific places even higher.  

In order to estimate the investment of the cascade heat pump, a specific investment cost per unit of supplied heat 
of 671 €/kW is assumed [24]. The value of 671 €/kW was related to the construction of industrial heat pumps, which 
imply a relatively high cost due to case specific engineering and manufacturing. It is assumed that the development 
of a standard unit could reduce the cost for manufacturing and on-site integration to 400 €/kW, as it can be observed 
for domestic heat pumps [25]. Estimating the investment cost when using mixtures appears to be more difficult due 
to the lack of practical experiences with the construction and operation of heat pumps using zeotropic mixtures. 
Previous studies, [5,22], suggest initial investment costs of competitive solutions using mixtures, comparable to the 
investment costs for heat pumps using pure fluids or up to 100 % higher. The studies outline the strong dependency 
on the specific cases. It may furthermore be noted, that the above-mentioned costs included both the cost for 
acquisition and integration of the heat pump, while the heat pump using mixtures requires the same cost for the 
integration. For a simplified assessment of the economic performance of a modular cascade heat pump unit, specific 
investment costs per unit of supplied heat of 600 €/kW were assumed. The cost for connecting the refrigeration system 
directly to the DH network were estimated with 17,000 €, based on a realized project and neglecting the influence of 
the capacity. The connection cost for the cascade heat pump solutions are assumed to be included in the above-
mentioned estimates. The analysis included furthermore a maintenance cost per unit of supplied heat of 1.60 €/MWh 
for all scenarios using a cascade heat pump.  

The solutions were compared based on the total annual cash flow, which includes the income from the heat sales, 
all costs for electricity and taxes as well as the levelized investment cost. The comparison was based on a capital 
recovery factor of 0.08, assuming a lifetime of 20 years and an effective interest rate of 5 %. Lastly, a simple payback 
time for the investment was calculated by relating the annual net income of each solution to its initial investment cost. 

3. Results 

3.1. Thermodynamic comparison of heat supply technologies 

The first option for supplying heat to a DH network was to operate the supermarket refrigeration system with an 
increased gascooler pressure to use part of the heat from desuperheating for heating the DH stream from 45 °C to 
70 °C, while the remaining part of the heat is rejected to the environment. The results from e.g. [15] have shown the 
nonlinear dependency between the pressure increase and the additionally recoverable heat and indicated the existence 
of an optimal COP with respect to heat supply performance. 

The first part of the analysis consisted therefore of an analysis of the performance for supplying heat for different 
gascooler pressures while taking different ambient conditions as reference scenario. Figure 2 shows the trends for the 
different energy flows and the performance for supplying heat COPHS for the ambient conditions for a) summer, b) 
autumn/spring and c) winter. 

The optimal pressure during normal operation for supply of cooling is defined by the saturation pressures of the 
gascooler outlet temperature that is determined by the ambient temperature and the assumed pinch point temperature 
difference. The optimal gascooler pressure for refrigeration operation is 45 bar during winter, 50 bar during 
autumn/spring and 64 bar during summer. The amount of power required to lift the pressure increases steadily, while 
the heat flow rates show discontinuities. The heat flows show that the pressure has to be increased up to 80 bar during 
winter, up to 78 bar during autumn/spring and up to 68 bar during summer to obtain sufficiently high compressor 
discharge temperatures, enabling direct heat transfer to the network. The absolute pressures that enable heat supply 
varied depending on the season, due to the different superheating from the internal heat exchanger.  

The amount of power that needs to be additionally invested to reach the point at which the direct heat supply is 
possible, when assuming the optimal operation for supply of cooling as a reference point, is significantly larger during 
winter and autumn/spring than during summer. The amount of heat that is supplied in the case of just high enough 
temperatures is in all cases around 33 kW for an average cooling capacity of 100 kW. This yields high COPHS during 
summer, mainly due to the small amount of additionally required power for the relatively small pressure increase. For 
the cases of autumn/spring and winter, it may be noted that the COPHS are lower, due to the lower reference pressure 
of optimal operation for cooling supply. 
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Increasing the gascooler pressure further, yields an increase of both the amount of supplied heat and the COP before 
the COPHS shows an optimum around 120 bar for autumn/spring and winter conditions. The amount of supplied heat 
can be increased even further with higher pressures, while the performance decreases. Under summer conditions, the 
trend looks different. Above the point at which heat recovery is possible, the performance is high and drops 
significantly with an increasing pressure, while reaching a plateau between 90 bar and 110 bar, while the amount of 
supplied heat increases. 

 
a) Summer: Tambient = 20 °C b) Autumn/Spring: Tambient = 9 °C  c) Winter: Tambient = 1 °C 

 
Figure 2: Comparison of the additional power in the refrigeration system ( comp - Tamb,opt) and the heat flows rejected to environment in the 

gascooler and to the DH in the direct heat exchanger for a cooling capacity of 100 kW 

Table 2: Performance of different scenarios at different boundary conditions for a cooling load of 100 kW 
 Operating the refrigeration system at 
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 Summer Autumn/Spring Winter Summer Autumn/Spring Winter 

Tambient 20.0 °C 9.0 °C 1.0 °C 20.0 °C 9.0 °C 1.0 °C 

CO2 refrigeration system:       

Tgascooler,exit 25.0 °C 14.0 °C 10.0 °C 28.7 °C 28.7 °C 28.7 °C 

Optimal gascooler pressure for cooling: 64.3 bar 50.0 bar 45 bar 64.3 bar 50.0 bar 45 bar 

Design gascooler pressure for heat supply: 105.0 bar 118.6 bar 120.8 bar 70 bar 70 bar 70 bar 

Additional power ( comp - Tamb,opt): 14.1 kW 23.3 kW 25.3 kW 5.1 kW 15.8 kW 18.9 kW 

Heat supply in direct HX dHX: 81.4 kW 83.8 kW 81.2 kW 32.6 kW 32.6 kW 32.6 kW 

Cascade heat pump system:       

Compressor power HP: - - - 23.5 kW 23.5 kW 23.5 kW 

Heat supply by cascade HP HP: - - - 116.5 kW 116.5 kW 116.5 kW 

COP of cascade heat pump: - - - 4.9 4.9 4.9 

Sum of supplied heat: 81.4 kW 83.8 kW 81.2 kW 149.1 kW 149.1 kW 149.1 kW 

COP for heat supply COPHS: 5.8 3.6 3.2 5.2 3.8 3.5 

 
The second considered option for supplying heat to a LTDH network consisted of a cascade heat pump that recovers 

the part of the heat from the CO2 system, which is rejected at temperatures that are too low for directly supplying the 
heat. A parameter variation has shown, that the system performance considering both the heating and the cooling of 
the entire system is maximal, when the gascooler of the CO2 refrigeration system is operated at 70 bar, corresponding 
to subcritical conditions. 

Table 2 shows a summary of the performance of the two heat supply technologies. The cascade heat pump using 
Ammonia as a working fluid operates with a COP of 4.9 and supplies 117 kW, while 33 kW are supplied to the DH 
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network by direct heat exchange. The additional power that is consumed in the refrigeration system to operate at 
70 bar is higher during winter. This results in values for the coefficient of performance for heat supply COPHS of 3.5 
in winter, 3.8 in autumn/spring and 5.2 at summer conditions. While the cascade heat pump shows COPHS that are 
higher than the solution supplying the heat directly with an increased gascooler pressure during winter and 
autumn/spring, the COPHS is lower at summer conditions. The total amount of supplied heat is almost twice as large 
for the cascade heat pump solution throughout the year. 

3.2. Working fluid optimization of cascade heat pump 

In the arrangement of the cascade heat pump, the CO2 stream entered the evaporator at approximately 50 °C to 
evaporate the pure working fluid of the cascade heat pump at around 24 °C. The heat transfer among this enlarged 
temperature difference corresponds to irreversibilities and constitutes the potential improvements that can be obtained 
by selecting a mixed working fluid that changes the temperature during evaporation and thereby better matches the 
temperature profile of the CO2 during heat rejection.  

Table 3 shows the selected screening results and includes different pure fluids with a competitive COP, while 
Ammonia shows the largest volumetric heating capacity VHC, indicating the most compact compressor. The results 
show furthermore, that the mixtures can achieve COP as high as 5.7, corresponding to an increase of 15 %. 

Figure 3 shows the temperature-heat-diagram for the thermodynamic cycle of Ammonia (left) and 90 % 
DME / 10 % Hexane (right) and the direct heat transfer. The CO2 stream cools down while heating part of the DH 
stream, before cooling further down and condensing while heating the working fluid of the heat pump cycle. Ammonia 
evaporates and condenses at a constant temperature while the mixture changes temperature in the two-phase zone. 
Due to the good match between the mixed working fluid of the cascade heat pump and the heat source and sink, the 
irreversibilities during heat transfer are decreased and the overall performance is improved.  

Table 3: Performance of different pure and 
mixed working fluids for the cascade heat pump 

Working Fluid COP VHC 

 - kJ/m3 

Propane 4.79 6,519 

DME 4.96 4,923 

Butane 4.92 2,179 

R-1234ze(E) 4.84 4,097 

Ammonia 4.93 9,454 

90 % DME / 10 % Hexane 5.68 4,186 

80 % DME / 20 % DEE 5.48 3,831 

10 % Hexane /                  
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Figure 3: Temperature heat diagram of cascade heat pump working with Ammonia (left) and 
90 % DME / 10 % Hexane (right) incl. direct HX 

The cascade heat pump using the pure working fluid ammonia consumed 23.5 kW of electrical power for supplying 
116.5 kW to the DH network, which corresponds to a COP of 4.93. Utilizing the mixture of 90 % DME / 10 % Hexane, 
the required power can be reduced to 19.7 kW while supplying 112.0 kW of heat, corresponding to a COP of 5.68. 

3.3. Economic evaluation of heat supply technologies 

An economic comparison for the case of a refrigeration unit with an average cooling capacity of 100 kW is shown 
in Figure 4. The approach to operate the CO2 refrigeration system at an increased gascooler pressure is compared to 
investing in a cascade heat pump that will work at a higher COP and be able to deliver more heat. The total annual 
cash flows include the operating cost, the income from the heat sales and the levelized investment cost and correspond 
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to the annual surplus. The annual cash flows of the options using the cascade heat pump exceed the cash flows for the 
option to operate the refrigeration system at an increased gascooler pressure for heat prices above 35 €/MWh. The 
total annual cash flows of the different cascade heat pump solutions are relatively similar. The Danish excess heat 
taxation impacts the mixture heat pump negatively as the tax per supplied MWh is highest, when delivered at a higher 
COP. The taxes on the heat sales account for 12 % of the heat sales for the heat pump using a mixture, while accounting 
for 9 % for the other solutions with a lower COP. The total electricity cost includes 22 % of taxes for all solutions.  

The investment cost of the ammonia heat pump was firstly estimated based on the specific cost per supplied heating 
capacity of 671 €/kW as specified in section 2.3, and the heat pump sizing in Table 2, which results in a total 
investment of 78,000 €. Considering the development of a modular standard unit, a decrease in manufacturing cost, 
as well as in cost for installation can be expected. Assuming that the specific investment cost per unit supplied heat 
can be decreased to 400 €/kW yields an investment of 46,600 €. Assuming a lifetime of 20 years and an effective 
interest rate of 5 %, the investment costs correspond to an annual cash flow of 6,260 €/year and 3,740 €/year, 
respectively. Assuming a specific investment cost of 600 €/kW for a standard unit using the mixture 90 % DME / 
10 % Hexane, the total investment is expected to be 67,200 €, corresponding to an annual cash flow of 5,390 €/year. 
The investment for the establishment of the DH substation for the case in which the refrigeration system is directly 
connected to the DH network was estimated with 17,000 €, corresponding to an annual cash flow of 1,360 €/year. 

 

 
Figure 4: Comparison of total cash flows  (left) and simple payback time (right) for the different heat supply technologies 

A simple payback period was calculated comparing the investment cost for each solution to its annual income. The 
second diagram of Figure 4 shows that the lowest payback periods are obtained for the solution in which the heat is 
directly transferred from the refrigeration system. The payback times for this solution drop below 4 years for 
33 €/MWh and reach values below 2 years for heat prices above 40 €/MWh. The solutions using a cascade heat pump 
show longer payback periods while the standard unit using Ammonia approaches the payback periods of the direct 
heat recovery. Other performance indicators that account for the entire life time, such as the heat generation cost or 
the net present value indicate a higher profitability of the cascade heat pump solutions, which is consistent with the 
findings from [5,22]. The estimation of the investment cost for the establishment of the DH connection implied 
uncertainties, which have the largest impact on the solution with the direct heat supply from the refrigeration system.  

4. Discussion 

Both of the presented solutions imply advantages and disadvantages and the considerations as well as uncertainties. 
The cascade system has shown different beneficial effects, such as the supply of heat to the DH network, the potential 
to flexibly consume electricity and to improve the performance of the refrigeration system. It may therefore be 
concluded that such a setup makes sense from a socioeconomic perspective, while the distribution of the benefits to 
different parties raises difficulties for viable business models. It could be possible, that either the utility company owns 
and operates the cascade heat pump and is compensated for providing access to a heat sink for the refrigeration system 
by the supermarket or the supermarket owns the cascade heat pump and sells the heat to the DH network. 

Cascade Ammonia Heat Pump 46.600 € Investment Cascade Mixture Heat Pump 67.200 € Investment
Cascade Ammonia Heat Pump 78.000 € Investment  Direct Heat Transfer

-10,000

0

10,000

20,000

30,000

40,000

20 30 40 50 60 70To
ta

l C
as

h 
Fl

ow
, €

/y
ea

r

Heat Price, €/MWh

0

2

4

6

8

10

20 30 40 50 60 70

Pa
yb

ac
k 

Pe
rio

d,
 y

ea
r

Heat Price, €/MWh

[CP05] Zühlsdorf et al. 2018, Int. Symposium on District Heating and Cooling 319



 B. Zühlsdorf et al. / Energy Procedia 149 (2018) 276–285 283
 Author name / Energy Procedia 00 (2018) 000–000  7

network by direct heat exchange. The additional power that is consumed in the refrigeration system to operate at 
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for the cascade heat pump solution throughout the year. 
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In the arrangement of the cascade heat pump, the CO2 stream entered the evaporator at approximately 50 °C to 
evaporate the pure working fluid of the cascade heat pump at around 24 °C. The heat transfer among this enlarged 
temperature difference corresponds to irreversibilities and constitutes the potential improvements that can be obtained 
by selecting a mixed working fluid that changes the temperature during evaporation and thereby better matches the 
temperature profile of the CO2 during heat rejection.  

Table 3 shows the selected screening results and includes different pure fluids with a competitive COP, while 
Ammonia shows the largest volumetric heating capacity VHC, indicating the most compact compressor. The results 
show furthermore, that the mixtures can achieve COP as high as 5.7, corresponding to an increase of 15 %. 

Figure 3 shows the temperature-heat-diagram for the thermodynamic cycle of Ammonia (left) and 90 % 
DME / 10 % Hexane (right) and the direct heat transfer. The CO2 stream cools down while heating part of the DH 
stream, before cooling further down and condensing while heating the working fluid of the heat pump cycle. Ammonia 
evaporates and condenses at a constant temperature while the mixture changes temperature in the two-phase zone. 
Due to the good match between the mixed working fluid of the cascade heat pump and the heat source and sink, the 
irreversibilities during heat transfer are decreased and the overall performance is improved.  

Table 3: Performance of different pure and 
mixed working fluids for the cascade heat pump 
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Figure 3: Temperature heat diagram of cascade heat pump working with Ammonia (left) and 
90 % DME / 10 % Hexane (right) incl. direct HX 

The cascade heat pump using the pure working fluid ammonia consumed 23.5 kW of electrical power for supplying 
116.5 kW to the DH network, which corresponds to a COP of 4.93. Utilizing the mixture of 90 % DME / 10 % Hexane, 
the required power can be reduced to 19.7 kW while supplying 112.0 kW of heat, corresponding to a COP of 5.68. 

3.3. Economic evaluation of heat supply technologies 

An economic comparison for the case of a refrigeration unit with an average cooling capacity of 100 kW is shown 
in Figure 4. The approach to operate the CO2 refrigeration system at an increased gascooler pressure is compared to 
investing in a cascade heat pump that will work at a higher COP and be able to deliver more heat. The total annual 
cash flows include the operating cost, the income from the heat sales and the levelized investment cost and correspond 
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to the annual surplus. The annual cash flows of the options using the cascade heat pump exceed the cash flows for the 
option to operate the refrigeration system at an increased gascooler pressure for heat prices above 35 €/MWh. The 
total annual cash flows of the different cascade heat pump solutions are relatively similar. The Danish excess heat 
taxation impacts the mixture heat pump negatively as the tax per supplied MWh is highest, when delivered at a higher 
COP. The taxes on the heat sales account for 12 % of the heat sales for the heat pump using a mixture, while accounting 
for 9 % for the other solutions with a lower COP. The total electricity cost includes 22 % of taxes for all solutions.  

The investment cost of the ammonia heat pump was firstly estimated based on the specific cost per supplied heating 
capacity of 671 €/kW as specified in section 2.3, and the heat pump sizing in Table 2, which results in a total 
investment of 78,000 €. Considering the development of a modular standard unit, a decrease in manufacturing cost, 
as well as in cost for installation can be expected. Assuming that the specific investment cost per unit supplied heat 
can be decreased to 400 €/kW yields an investment of 46,600 €. Assuming a lifetime of 20 years and an effective 
interest rate of 5 %, the investment costs correspond to an annual cash flow of 6,260 €/year and 3,740 €/year, 
respectively. Assuming a specific investment cost of 600 €/kW for a standard unit using the mixture 90 % DME / 
10 % Hexane, the total investment is expected to be 67,200 €, corresponding to an annual cash flow of 5,390 €/year. 
The investment for the establishment of the DH substation for the case in which the refrigeration system is directly 
connected to the DH network was estimated with 17,000 €, corresponding to an annual cash flow of 1,360 €/year. 
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33 €/MWh and reach values below 2 years for heat prices above 40 €/MWh. The solutions using a cascade heat pump 
show longer payback periods while the standard unit using Ammonia approaches the payback periods of the direct 
heat recovery. Other performance indicators that account for the entire life time, such as the heat generation cost or 
the net present value indicate a higher profitability of the cascade heat pump solutions, which is consistent with the 
findings from [5,22]. The estimation of the investment cost for the establishment of the DH connection implied 
uncertainties, which have the largest impact on the solution with the direct heat supply from the refrigeration system.  

4. Discussion 

Both of the presented solutions imply advantages and disadvantages and the considerations as well as uncertainties. 
The cascade system has shown different beneficial effects, such as the supply of heat to the DH network, the potential 
to flexibly consume electricity and to improve the performance of the refrigeration system. It may therefore be 
concluded that such a setup makes sense from a socioeconomic perspective, while the distribution of the benefits to 
different parties raises difficulties for viable business models. It could be possible, that either the utility company owns 
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In order to conclude further an evaluation of the possibilities to use supermarkets as heat source for DH networks 
from a socioeconomic point, a comparison to a conventional operation of the DH network and the supermarket 
refrigeration system would have to be conducted. A central heat pump using the ambient as a heat source has to cover 
a slightly larger temperature difference but might have better efficiencies due to larger capacities. 

It may furthermore be noted, that the external preconditions for acting as a heat supplier are more beneficial during 
the winter time. During summer, the heat demand and district heating forward temperature requirements are generally 
lower and the availability of alternative competing heat sources is higher, which may result in lower feed-in tariffs for 
heat supply to DH networks. Nevertheless, the amount of heat that a supermarket could offer is larger during summer, 
due to an increased on-site heat demand during the winter period, which generally should be prioritized. Considering 
these two contradicting effects, a decreased economic potential may be expected. Considering the on-site requirements 
for heating would generally result in a decreased amount of heat that can be supplied to DH. Since the on-site heat 
demands are site specific, the impact of this aspect has to be analyzed for specific case studies. The promising 
performance of the cascade heat pump indicates however, that this solution might be as well promising for covering 
the on-site heating demands of the supermarket. 

The analysis assumed an average cooling demand of the refrigeration system, both during the day and throughout 
the year. Adding an additional evaporator at the accumulator would enable using the compressors independently of 
the cooling demand and enable a continuous heat supply. Especially systems equipped with parallel compression 
would benefit from installing additional evaporators, due to increase utilization of the equipment [17]. 

5. Conclusions 

The study analyzed two different possibilities to recover excess heat from CO2 refrigeration units from 
supermarkets for supply of LTDH networks. The two analyzed approaches were either operating the refrigeration 
system at an increased gascooler pressure to directly transfer the heat or installing a cascade heat pump that recovers 
the heat that is rejected at temperatures being too low for recovering it directly. It was furthermore studied if it is 
thermodynamically and economically viable to employ a zeotropic working fluid mixture in the cascade heat pump. 

The results showed that the direct heat transfer appears to be thermodynamically promising during the summer 
months, when the system operates at already high gascooler pressures and the required power to reach the point of 
operation that enables heat recovery is low. At autumn/spring and winter periods, the cascade heat pump solution 
showed higher thermodynamic performances. The optimization of the working fluid of the cascade heat pump showed, 
that a mixture of 90 % DME / 10 % Hexane is expected to yield a COP that is 15 % higher than for using Ammonia. 
The cascade heat pump could supply more heat at an increased performance during winter and autumn/spring and the 
economic evaluation showed that the increased incomes could compensate the additional investment, when 
considering the entire lifetime of the investment. The direct heat supply solution showed the lowest payback times, 
while the additional investment for the mixture did not cause much longer payback times. 

The economic analysis furthermore showed that the recovery of excess heat appears to be an economically viable 
solution, while the cascade heat pump is more promising for DH prices above 35 €/MWh to 40 €/MWh. The payback 
periods for the cascade heat pump reached values below 4 years at a DH price of 37 €/MWh under the assumption 
that a standard unit with low specific investment cost could be produced. Based on the economic analysis it may be 
concluded that the presented solutions could become economically promising if the required equipment can be 
supplied as cost efficient standard units. 
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In order to conclude further an evaluation of the possibilities to use supermarkets as heat source for DH networks 
from a socioeconomic point, a comparison to a conventional operation of the DH network and the supermarket 
refrigeration system would have to be conducted. A central heat pump using the ambient as a heat source has to cover 
a slightly larger temperature difference but might have better efficiencies due to larger capacities. 

It may furthermore be noted, that the external preconditions for acting as a heat supplier are more beneficial during 
the winter time. During summer, the heat demand and district heating forward temperature requirements are generally 
lower and the availability of alternative competing heat sources is higher, which may result in lower feed-in tariffs for 
heat supply to DH networks. Nevertheless, the amount of heat that a supermarket could offer is larger during summer, 
due to an increased on-site heat demand during the winter period, which generally should be prioritized. Considering 
these two contradicting effects, a decreased economic potential may be expected. Considering the on-site requirements 
for heating would generally result in a decreased amount of heat that can be supplied to DH. Since the on-site heat 
demands are site specific, the impact of this aspect has to be analyzed for specific case studies. The promising 
performance of the cascade heat pump indicates however, that this solution might be as well promising for covering 
the on-site heating demands of the supermarket. 

The analysis assumed an average cooling demand of the refrigeration system, both during the day and throughout 
the year. Adding an additional evaporator at the accumulator would enable using the compressors independently of 
the cooling demand and enable a continuous heat supply. Especially systems equipped with parallel compression 
would benefit from installing additional evaporators, due to increase utilization of the equipment [17]. 

5. Conclusions 

The study analyzed two different possibilities to recover excess heat from CO2 refrigeration units from 
supermarkets for supply of LTDH networks. The two analyzed approaches were either operating the refrigeration 
system at an increased gascooler pressure to directly transfer the heat or installing a cascade heat pump that recovers 
the heat that is rejected at temperatures being too low for recovering it directly. It was furthermore studied if it is 
thermodynamically and economically viable to employ a zeotropic working fluid mixture in the cascade heat pump. 

The results showed that the direct heat transfer appears to be thermodynamically promising during the summer 
months, when the system operates at already high gascooler pressures and the required power to reach the point of 
operation that enables heat recovery is low. At autumn/spring and winter periods, the cascade heat pump solution 
showed higher thermodynamic performances. The optimization of the working fluid of the cascade heat pump showed, 
that a mixture of 90 % DME / 10 % Hexane is expected to yield a COP that is 15 % higher than for using Ammonia. 
The cascade heat pump could supply more heat at an increased performance during winter and autumn/spring and the 
economic evaluation showed that the increased incomes could compensate the additional investment, when 
considering the entire lifetime of the investment. The direct heat supply solution showed the lowest payback times, 
while the additional investment for the mixture did not cause much longer payback times. 

The economic analysis furthermore showed that the recovery of excess heat appears to be an economically viable 
solution, while the cascade heat pump is more promising for DH prices above 35 €/MWh to 40 €/MWh. The payback 
periods for the cascade heat pump reached values below 4 years at a DH price of 37 €/MWh under the assumption 
that a standard unit with low specific investment cost could be produced. Based on the economic analysis it may be 
concluded that the presented solutions could become economically promising if the required equipment can be 
supplied as cost efficient standard units. 
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Heat pumps are a key technology for the transition to a carbon neutral energy system. They enable emission free 
heat supply and highest system efficiencies. The currently available technology does however not exploit the theo-
retical potential and maximum supply temperatures are limited to around 100 °C.

This thesis analyzed approaches to increase both the performance and the maximum supply temperatures of heat 
pumps. In a first part, it was studied how the heat pump performance could be optimized by the working fluid choice 
and the cycle design. Selecting a zeotropic working fluid, which has a temperature profile that matches well with the 
heat source and heat sink, was found to enable performance increases of up to 30 % or higher without major adjust-
ments of the cycle layout. 

In a second part, the techno-economic feasibility of large-scale high-temperature heat pumps for process heat sup-
ply above 150 °C was studied. A reversed Brayton cycle using R-744 (CO2) and a cascade multi-stage system using 
R-718 (water) were considered and economically feasible solutions for supply temperatures of up to 300 °C were 
presented. 
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