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Abstract

Lubricant Transport across Piston Rings in Large Two-Stroke Diesel

Engines - Theory and Experiments.

A study of the lubricant transport across the piston rings in large two-stroke

marine diesel engines is presented.

Cylinder lubrication systems for large two-stroke marine diesel engines do

not support recirculation of the lubricant and it is lost after usage. The lu-

bricant is expensive and may contain several polluting additives. Reducing the

lubricant consumption is economically profitable and reduces emissions. The

physical mechanisms of lubricant transport across piston rings are investigated

and presented in this work.

The structure of the numerical model is described. The work covers solving

Reynolds equation by the finite difference method, force equilibrium of the piston

ring by considering the lubricant stiffness, transient mass conservation as well

as the influence from rough surfaces in the hydrodynamic effects and asperity

contact.

Theoretical investigations of the influence by piston ring curvatures for fully

flooded and starved conditions as well as different lubricant profiles on the liner

are conducted. Results are presented for the lubricant consumption and asperity

contact friction as functions of lubricant injection positions on the liner, piston

ring asymmetries and curvatures.
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The knowledge gained in the mechanisms controlling the lubricant consump-

tion can be utilized for optimizing the cylinder lubricant injection system for

reduced consumption and asperity contact friction between the surfaces.

The method of laser induced fluorescence is presented and applied in a re-

ciprocating test rig. It mimics the lubrication conditions between a piston ring

and cylinder liner. Results for friction forces and minimum film thicknesses are

presented.

Keywords: tribology · lubrication · Reynolds equation · piston rings · diesel
engines · lubricant transport · experiments · finite difference method · laser

induced fluorescence.
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Resumé

Smøreolietransport p̊a tværs af stempelringene i en totakts dieselmo-

tor - teori og eksperimenter.

Et studium i smøreolietransporten p̊a tværs af stempelringene i en totakts diesel-

motor er præsenteret.

Cylindersmøreoliesystemet i en totakts skibsdieselmotor understøtter ikke

recirkulation af smøreolien, der g̊ar tabt efter brug. Smøreolien er dyr og kan

indeholde adskillige forurenende elementer. En reduktion i smøreolieforbruget

er økonomisk- og miljømæssigt fornuftigt. De fysiske mekanismer, der styrer

smøreolietransporten p̊a tværs af stempelringene, er undersøgt og præsenteret.

Den numeriske models opbygning er gennemg̊aet. Modellen inkluderer at

løse Reynolds ligning med finite-difference-metoden, kraftligevægt for stempel-

ringene ved at indføre smøreoliens stivhed, massebevarelse og indflydelsen fra ru

overflader i det hydrodynamiske omr̊ade samt ruhedskontakt.

Der er udført teoretiske undersøgelser af indflydelsen fra stempelringskrumninger

for b̊ade ’fully flooded’ og ’starved’ betingelser kombineret med forskellige smøreolieprofiler

p̊a cylindervæggen. Resultater er præsenteret for smøreolieforbruget og ruhed-

skontaktfriktionen, som funktioner af smøreolieindsprøjtningspunktet i cylin-

dervæggen, stempelrings-asymmetrier og -krumninger.

Den opn̊aede viden i de fysiske mekanismer, der styrer smøreolieforbruget,

kan udnyttes til at optimere indsprøjtningssystemet af smøreolie, for at reducere
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forbruget og ruhedskontaktfriktionen.

’Laser-induceret fluorescense’-metoden er præsenteret og implementeret i en

reciprokerende teststand, der skal efterligne smøringsforholdene mellem stem-

pelring og cylindervæg. Resultater for smøreoliefilmtykkelser og friktionskrafter

er præsenteret.

Nøgleord: smøringsmekanik · Reynolds ligning · stempelringe · dieselmotorer

· smøreolietransport · experimentelle metoder · finite-difference-metoden · laser-
induceret fluorescense.
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Introduction

A large container ship consumes up to 6500 tons of fuel and 24 tons of lubricating

oil1 when traveling from Shanghai to Rotterdam. The CO2 emissions are roughly

3 kg per kg of fuel and lubricant burned. Huge amounts of fuel, lubricating oil

and CO2 emissions could be saved by increasing the efficiency of the engines.

Today, piston ring lubrication is still an important topic to investigate. The

piston rings create a dynamic seal in the combustion chamber. The rings prevent

the gas trapped on top of the piston to escape into the scavenge area. There

are pressures and temperatures of up to, respectively, 220 bar and 2000 K in

the combustion chamber. The piston is reciprocating with velocities up to 15

m/s. Furthermore the lubricant between piston rings is dissipating heat from

the piston to the cylinder liner as well as preventing physical contact. The piston

rings must have a high resistance to wear and corrosion.

Scope of Thesis

The study carried out is in the field of tribology – the study of friction, wear and

lubrication. Many mathematical models exist that can be used to describe the

physical behavior of lubricant, but still, several present phenomena are not fully

1With a MAN B&W 12G95ME-C9.6 engine, 12 cylinders, producing 82,440 kW at full
load with a fuel and lubricant oil consumption of, respectively, 165 g/kWh and 0.6 g/kWh
[MAN Marine Engine IMO Tier ll and Tier lll Programme 2018]. Travel time 20 days.
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4 INTRODUCTION

enlightened. This study seeks to elucidate some of these phenomena related to

piston rings and cylinder liner contact in a diesel engine. The project includes

both theoretical and experimental methods.

The knowledge gained from the academic research can be utilized and lay the

foundation for following specific goals related to large two-stroke marine diesel

engine lubrication by

• Creation of a lubrication strategy for friction and wear reduction.

• Reduction of lubricant consumption.

The approach is to study how injection of lubricant should be performed in

order to ensure low friction and low wear operation of the piston rings. Theo-

retical models and experiments are used. The experiments are performed in the

lab and used to verify the theoretical results.

Publications

The following publications are a part of the thesis and are seen in Appendices

Part (VI).

P1 Experimental and numerical investigation of friction, power loss and lu-

bricant transport between a piston ring and cylinder liner in a heavy duty

diesel engine. Submitted to Proceedings of the Institution of Mechanical

Engineers, Part J: Journal of Engineering Tribology, IMECHE.

P2 Investigation of different piston ring curvatures on lubricant transport

along cylinder liner in large two-stroke marine diesel engines. Published in

Proceedings of the Institution of Mechanical Engineers, Part J: Journal of

Engineering Tribology, IMECHE, 232(1):85-93, 2018 [25].

P3 Lubricant transport across the piston ring with flat and triangular lubrica-

tion injection profiles on the liner in large two-stroke marine diesel engines.
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Figure 1: Piston with four piston rings in a large two-stroke engine [MAN
Diesel & Turbo SE].

Published in Proceedings of the Institution of Mechanical Engineers, Part

J: Journal of Engineering Tribology, IMECHE, 232(4):380-390, 2017 [24].

Piston Rings

A typical piston in a combustion engine is mounted with piston rings made of

cast iron. A two-stroke marine diesel engine would typically have 3-4 piston

rings. An example is shown in Figure (1) where the piston is mounted with four

rings. A piston ring could be coated with either a running-in layer or a friction

reducing coating. A piston ring is seen in Figure (2) with two different coating

materials next to it. The wear rate in large two-stroke engines is≈ 0.05−0.1 mm
1000h

[41].

The function of the piston ring is to maintain the pressure difference over



6 INTRODUCTION

Figure 2: Piston rings with coating material [MAN Diesel & Turbo SE].

the piston thus ensuring the force on the piston as large as possible. The force

on the piston is transported through the piston rod and connecting rod to the

crankshaft. It can be utilized to drive a propeller on a ship. The geometrical

relationship between the piston and crankshaft is seen in Figure (3) where u is

the piston velocity, ω the angular velocity of the crankshaft, R the crankshaft

radius, L the connecting rod length and θ the rotational crank angle degree

(CAD). The piston position, velocity and acceleration as functions of CAD are

seen in Figure (4).

Mechanical Friction in Combustion Engines

The mechanical loss has previously been studied by many authors e.g. [28] and

[31] for a four-stroke engine. The mechanical loss was 5-7 % of the total power.

The distribution of mechanical losses between the different engine components

are shown for two and four-stroke engines in, respectively, Figure (5a) and (5b).

The losses are theoretical values at full load from [1]. For both types of en-

gines the piston assembly represents the largest contribution to the mechanical
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ω

L

Rθ

u

x

Figure 3: Crankshaft / connecting rod / guide shoe / piston assembly.

loss. The two-stroke engine has a guide shoe located between the piston and

crankshaft as shown in Figure (3). The function of the guide shoe is to absorb

horizontal forces generated by the crankshaft / connecting rod / guide shoe /

piston assembly. A comparison in the mechanical loss between a two-stroke and

four-stroke marine engine is presented by [1].

Lubrication Regimes

The piston ring is traveling with different velocities in various pressure and

temperature environments. It moves through several lubrication regimes.

The Stribeck curve from [39] in Figure (6) is often used to illustrate the

different lubrication regimes. The coefficient of friction, μ, is seen on the vertical

axis and the Hersey number on the horizontal axis. The Hersey number, Hs,

is a lubrication parameter defined as the dynamic viscosity times the entrance

speed over the load.

The different lubrication regimes are outlined briefly below.
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CAD. R=1.1 m, L=2.8 m and ω=10.1 s−1.
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Piston rings (59 %) Guide shoe (23 %) 

Bearings (12 %)

Piston skirt (4 %)
Piston rod seal (2 %)

(a) Two-stroke engine from [1].

Piston rings (52 %)

Bearings (21 %)

Piston skirt (20 %)

Piston pin (7 %)

(b) Four-stroke engine from [1].

Figure 5: Mechanical losses in two and four-stroke engines.
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Hs

μ

Boundary Partial Full-film

(elastohydrodynamic or hydrodynamic)

Figure 6: Stribeck curve.

• Boundary lubrication: In this regime the two surfaces are not separated

by a lubricant film. It leads to significant asperity contact where the fluid

film effects are negligible. The friction is dependent on the properties of

the surfaces and not the lubricant. This is the regime where wear usually

takes place.

• Partial lubrication: The lubricant film is penetrated and some contact be-

tween the asperities takes place. The friction is governed by a combination

of the fluid film and boundary effects. In this regime surfaces wear and

might produce debris.

• Hydrodynamic lubrication: The film thicknesses are large enough to pre-

vent any contact between the two solid surfaces in relative motion. It is

considered to be the ideal condition as it has low friction and high resis-

tance to wear. The friction arise purely from shearing the viscous lubricant.

Elastohydrodynamic lubrication is in the regime of hydrodynamic lubri-
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cation where the fluid film pressures are high enough to generate elastic

deformation of the lubricated surfaces.

In a two-stroke marine diesel engine the velocity of the piston ring typically

covers a range from 0-15 m/s. In the dead centers the piston ring velocity drops

to zero i.e. Hs → 0. The ring may enter the boundary lubrication regime. As the

piston ring gains speed from the motion of the piston, conditions become more

favorable for generating lubricant pressure hence increasing the film thicknesses.

The ring goes from boundary lubrication regime to the hydrodynamic regime

passing the partial lubrication regime. The frictional power loss from boundary

lubrication does not contribute much to the integrated power loss due to the

short time with low velocities in dead centers. Previous studies in [12], [36]

and [42] have shown that the majority of the frictional power loss occurs in the

hydrodynamic regime.
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Theory
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This part of the thesis presents the theory behind the work. The results are

covered in Part (II) and (III). A theoretical model validation is presented in

Appendix (A1).
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Chapter 1

Modeling Piston Ring

Lubrication

This chapter covers the theoretical work done for simulating lubricant transport

across piston rings in large two-stroke diesel engines. Some of the methods and

assumptions are examined.

1.1 Reynolds Equation

This section gives an introduction to Reynolds equation and the simplifica-

tions imposed. The pressure distribution in fluid film lubrication is governed

by Reynolds equation. It describes the hydrodynamic film pressure distribution

between two surfaces in relative motion e.g. the piston ring and cylinder liner.

Reynolds equation is derived from the full Navier-Stokes equations which include

inertia forces, body forces, pressure and viscous terms as well as the continuity

equation.

There is a flow condition, slow viscous motion, where the pressure and viscous

terms are predominate [10]. Fluid film lubrication is within this flow condition.

17
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a

b

Oil film

x

z

xi

ha

hb

ua

wa

wb

ub

vb

va

y

Figure 1.1: Piston ring and cylinder liner separated by an oil film, x-z plane.

The general Reynolds equation is shown in Eq. (1.1.1) for 2D problems from

[10]. Two bodies separated by an oil film can be seen in Figure (1.1).

∂

∂x

(
ρh3

12η

∂p

∂x

)
+

∂

∂y

(
ρh3

12η

∂p

∂y

)
=

∂

∂x

(
ρh(ua + ub)

2

)

+
∂

∂y

(
ρh(va + vb)

2

)
+ ρ(wa − wb)− ρua

∂h

∂x
− ρva

∂h

∂y
+ h

∂ρ

∂t
(1.1.1)

where h is the distance between the two bodies i.e h = ha − hb, ua and ub the

velocity of, respectively, body a and b in the x-direction together with va and vb

in the y-direction, η the lubricant viscosity, ρ the lubricant density, wa and wb

the velocity of, respectively, body a and b in the z-direction and t the time.

The problem is sought approximated into a 1D situation. The piston ring has

two ends as seen in Figure (2). The ring opening is assumed to be much smaller

than the ring circumference thus considering the ring to be axisymmetric. The

general Reynolds equation can be simplified by assuming

• 1D problem, ∂
∂y = va = vb = 0.

• Only one object is moving, ua = 0.
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• Isothermal conditions assuming the lubricant to be incompressible with

constant density and isoviscous, η = η0

• Newtonian.

The simplified Reynolds equation becomes

∂

∂x

(
h3 ∂p

∂x

)
= 6ubη0

∂h

∂x
+ 12η0

∂h

∂t
(1.1.2)

The method for solving Reynolds equation is covered in Section (1.2).

The friction force between the two surfaces in relative motion due to the

viscous forces of the Newtonian lubricant is computed by

F ′
f =

∫
τdx (1.1.3)

where the shear stress is

τ = −η0ub

h
− h

2

∂p

∂x
(1.1.4)

1.2 Numerical Method for Solving Reynolds Equa-

tion

For some systems analytical solutions exist. Such a solution does not exist for a

parabolic slider. The system must be solved by numerical methods. The solution

to Reynolds equation by numerical methods is described in this section.

The finite difference method (FDM) of second-order is used for deriving an

approximate solution to Reynolds equation. It can be rewritten by FDM into

the difference equation seen in Eq. (1.2.1) [21]. The width of the piston ring is

divided into a finite number of discretization points, nx. The height profile is

divided into a more fine mesh with nh = 2nx − 1. This is illustrated in Figure

(1.2).
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Figure 1.2: Numerical discretization of the piston ring pressure and height
profile.

h3
i+1/2

Δx2︸ ︷︷ ︸
Ai

pi+1 +
h3
i−1/2

Δx2︸ ︷︷ ︸
Bi

pi−1 −
h3
i+1/2 + h3

i−1/2

Δx2︸ ︷︷ ︸
Ci

pi

= 6ubη0
hi+1/2 − hi−1/2

Δx
+ 12η0

hi − hi,old

Δt︸ ︷︷ ︸
fi

+error((Δx)2) (1.2.1)

where the nodal spacing is

Δx =
l0

nx− 1

with l0 as the width of the piston ring.

The pressure gradient is found by numerical differentiation from [29]. Several

orders of differentiation accuracy can be used and some is seen in Eq. (1.2.2).

For the difference equation shown before in Eq. (1.2.1) a first-order derivative
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is used with second-order accuracy. Except at the boundaries where either a

forward or backward difference with first-order accuracy is used.

1st order accuracy :
dp

dx
=

pi+1 − pi
Δx

+ error(Δx)2

2nd order accuracy :
dp

dx
=

pi+1 − pi−1

2Δx
+ error((Δx)3) (1.2.2)

3rd order accuracy :
dp

dx
=

11pi + 18pi+1 − 9pi+2 + 2pi+3

6Δx
+ error((Δx)4)

Eq. (1.2.1) is solved by solving the discretized linear equation system rep-

resented by a tri-diagonal matrix shown in Eq. (1.2.3) with respect to the film

pressure distribution. The coefficients Ai, Bi, Ci, and fi originates from the

difference equation in Eq. (1.2.1).

⎡
⎢⎢⎢⎢⎢⎢⎢⎢⎢⎣

C1 A1

B2 C2 A2

B3 C3 A3

.. .. ..

Bnx Cnx Anx

⎤
⎥⎥⎥⎥⎥⎥⎥⎥⎥⎦

︸ ︷︷ ︸
D

⎡
⎢⎢⎢⎢⎢⎢⎢⎢⎢⎣

p1

p2

p3

..

pnx

⎤
⎥⎥⎥⎥⎥⎥⎥⎥⎥⎦

︸ ︷︷ ︸
p

=

⎡
⎢⎢⎢⎢⎢⎢⎢⎢⎢⎣

f1

f2

f3

..

fnx

⎤
⎥⎥⎥⎥⎥⎥⎥⎥⎥⎦

︸ ︷︷ ︸
f

⇔ p = D/f (1.2.3)

1.3 Boundary Conditions and Cavitation

In this section a test case is presented for the previously examined numerical

solution to compute the full Sommerfeld solution. It has some disadvantages

which are sought solved by implementing models for boundary conditions and

cavitation.
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Figure 1.3: Full Sommerfeld solution to Reynolds equation for a symmetric
parabolic slider.

For a test case with a symmetric parabolic slider approximation the full

Sommerfeld solution has the expected pressure distribution shown in Figure

(1.3). It is a skew-symmetrical pressure distribution. The positive pressure is

generated from 0 ≤ X ≤ 1
2 and the negative from 1

2 ≤ X ≤ 1. Integrating the

pressure with respect to the wetted length of the piston ring results in a load

carrying capacity of zero. The calculated pressure in the divergent film is less

than zero. However, a negative pressure is not physically possible and cavitation

is present.

One method to exclude negative pressures from the full Sommerfeld solution

is the half Sommerfeld solution. The pressure distribution is maintained in

0 ≤ X ≤ 1
2 and assumed p = 0 in 1

2 ≤ X ≤ 1. In other words, the pressure

distribution is merely set to zero at the point of minimum film thickness, X=0.5,

and afterwards. The half Sommerfeld solution is seen in Figure (1.4).

Another method for deriving a more realistic pressure profile is by imposing
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Figure 1.4: Half Sommerfeld solution to Reynolds equation for a symmetric
parabolic slider.

Reynolds boundary condition where

p = 0 and
dp

dX
= 0 at X = Xcavi

with Xcavi as the point of cavitation.

The pressure profile for a solution with Reynolds boundary condition is seen

in Figure (1.5). It is an iterative procedure to derive the point of cavitation.

For the half Sommerfeld solution the point of cavitation is at X = 0.5. For

the solution with Reynolds boundary condition the point of cavitation depends

on the running conditions. The half Sommerfeld solution and the solution with

Reynolds boundary condition are examined in Appendix (A1) regarding conti-

nuity of mass.

A method to describe cavitation is the open-end cavitation suggested by [11].

This method propose an open-end assumption to the outlet region. It permits
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Figure 1.5: Reynolds boundary condition for a symmetric parabolic slider at
several iterations.

the pressure to go down to the lubricant saturation pressure. The test case is

seen in Figure (1.6) with open-end cavitation implemented.

1.4 Force Equilibrium

A force equilibrium between the forces acting on the piston ring is present. A

sketch of the forces acting on the piston ring is seen in Figure (1.7) where

F ′
hyd Hydrodynamic force of the lubricant.

F ′
sp Spring tension force of the piston ring.

F ′
1,fs Piston ring face force from the pressure above the piston ring, p1,gas, on

the dry length on l1.
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Figure 1.6: Open-end cavitation for a symmetric parabolic slider.

F ′
2,fs Piston ring face force from the pressure below the piston ring, p2,gas, on

the dry length on l2.

F ′
1,bs Back-side force from the gas pressure behind the piston ring, p1,gas.

p Lubricant pressure distribution derived from Reynolds equation in Eq.

(1.1.2).

The ring is surrounded by the piston at left and liner at right. In this case

several forces have been neglected like inertia forces of the piston ring, friction

forces between the piston and piston ring in z-direction as well as piston ring

movement in x-direction.

The force equilibrium can be seen in Eq. (1.4.1).
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Figure 1.7: Forces acting on the piston ring.
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∑
F ′
z = 0

⇔ F ′
hyd + F ′

1,fs + F ′
2,fs − F ′

1,bs − F ′
sp = 0 (1.4.1)

and

F ′
hyd =

∫
lhyd

p dx

The force equilibrium is fulfilled by adjusting the film thickness thus the

hydrodynamic force. A method for finding the film thickness is covered in Section

(1.4.1).

1.4.1 Stiffness of Oil Film

Since the system is non-linear it is difficult to establish a minimum film thickness.

The perturbation method was suggested by [21]. It is a method to calculate

the stiffness of the oil film which further is utilized to find the film thickness

during force equilibrium. The piston ring height profile, h, is perturbed with an

infinitesimal disturbance in the height profile, Δz, so

hnew = h+Δz

which leads to a perturbation of the pressure parameter in Reynolds equation

pnew = p+ pΔΔz

Imposing the infinitesimal disturbance in the height profile and pressure dis-
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tribution gives

⇒ ∂

∂x

(
(h+Δz)3

∂(p+ pΔΔz)

∂x

)

= 6uη0
∂(h+Δz)

∂x
+ 12η0

∂(h+Δz)

∂t
(1.4.2)

with

h3
new = (h+Δz)3 = h3 + 3h2Δz + 3h(Δz)2︸ ︷︷ ︸

�0

+(Δz)3︸ ︷︷ ︸
�0

due to the assumption of

Δz � h ⇒ (Δz)2 	 0 and (Δz)3 	 0

so higher order terms are neglected.

Eq. (1.4.2) is separated with respect to the terms p and pΔz which gives the

initial Reynolds equation as previously shown in Eq. (1.1.2) and the perturbed

Reynolds equation in Eq. (1.4.3).

∂

∂x

(
h3 ∂pΔ

∂x

)
= −3

∂

∂x

(
h2 ∂p

∂x

)
+

12η0
∂t

(1.4.3)

where p is the initially derived pressure distribution and pΔ is the new perturbed

pressure distribution which must be solved for.

The left hand sides are the same for the initial and perturbed Reynolds

equation which is an advantage when solving the equations numerically. The

linear system of equations remains the same with different right hand sides.

The stiffness coefficient for the system is found by integrating the perturbed

pressure distribution with respect to the wetted length

Kz =

∫
lhyd

pΔ dx (1.4.4)
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The stiffness coefficient is utilized in the search of the correct film thickness with

force equilibrium by

0 = KzΔz −
∑

F ′
z

⇔ Δz =
F ′
hyd + F ′

1,fs + F ′
2,fs − F ′

1,bs − F ′
sp

Kz
(1.4.5)

where Δz represents a correction value which is used to adjust the film thickness

in order to obtain the force equilibrium so

hnew = h+Δz (1.4.6)

The new film thickness, hnew, is inserted into the initial Reynolds equation

in Eq. (1.1.2), the pressure is derived which is then inserted in the perturbed

Reynolds equation in Eq. (1.4.3) and a new and more correct film thickness

is found. It continues until the correction is less than a predefined limit e.g.

Δz < 10−9. A Flowchart of the perturbation method is seen in Figure (1.8).

1.5 Mass Conservation

Once the lubricant pressure distribution has been established flow rates are cal-

culated at any point under the piston ring. The one-dimensional flow rate is

calculated by

q′ =
ubh

2︸︷︷︸
Couette

− h3

12η0

∂p

∂x︸ ︷︷ ︸
Poiseuille

(1.5.1)

The first term is the Couette term which describes the flow rate due to surface

velocities. The second Poiseuille term uses the pressure gradient to describe the

flow rate. The influence of the numerical order is covered in Appendix (A1).

During the stroke the piston ring moves along the cylinder liner. The ring

continuously encounter lubricant on the liner. The amount of lubricant is de-
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Figure 1.8: Flowchart for the algorithm with perturbation method.
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termined by the injected volume from the lubrication system, the amount left

behind by another piston ring and the amount on the liner from the previous

stroke. The pressure build-up is affected by the amount of lubricant thus af-

fecting the piston ring motion in z-direction. The inlet boundary condition of

the system is important to the wetted length of the piston ring. It can be fully

flooded where the amount of lubricant is sufficient to make the entire front sur-

face of the piston ring wetted. The conditions can be starved with only some of

the surface wetted. Figure (1.9a) and (1.9b) show how the lubricant situation

could look like between the piston ring and cylinder liner for, respectively, fully

flooded and starved conditions where

h∞
in height of the undisturbed inlet.

h� inlet height where the oil film attaches to the piston ring.

hm height at maximum pressure with ∂p
∂x = 0.

h0 minimum thickness.

hcavi height at point of cavitation.

h∞
out height of lubricant left behind.

lhyd wetted length of the piston ring.

l∞ length to undisturbed inlet boundary.

A general case of fully flooded conditions is presented in Figure (1.9c) with

lubricant accumulation, q′scrap, in front of the piston ring. If fully flooded condi-

tions are present and there still is an excess amount of oil it can be accumulated

in front of the ring. The condition is covered thoroughly in Section (1.5.1).

The lubricant enters with the height h∞
in. The pressure build-up beneath the

piston ring affects the lubricant which has not yet reached the piston ring. The

lubricant encounters the piston ring with inlet height h�. This is the point of

flow continuity i.e. the amount of lubricant from the inlet boundary is the same
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Figure 1.9: Film thicknesses at different locations between the piston ring and
cylinder liner for different operating conditions.
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Figure 1.10: Lubricant control volumes at the face of the piston ring for mass
conservation.

as the amount passing the piston ring. The lubricant slips the ring at the point

of cavitation where the ring leaves some oil behind.

1.5.1 Mass Conservation of the Piston Ring

The face of the piston ring is seen in Figure (1.10). An initial amount of lubricant

is on the liner, h∞
in, and is assumed to be undisturbed. This amount is either left

behind by the piston ring in the previous stroke or injected on the liner. The

undisturbed lubricant flow entering is defined as q′∞in and is calculated by

q′∞in = ubh
∞
in

The lubricant that passes the piston ring is q′� and is computed as

q′� =
ubh

�

2
− (h�)3

12η

∂p

∂x

where h� is the film thickness where the wetted surface of the piston ring begins

as shown in Figure (1.9).
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By an iterative procedure the inlet height, h�, is changed to adjust the lubri-

cant volume flow under the piston ring. In case of starvation the inlet position

moves towards the center of the piston ring. When fully flooded conditions are

present lubricant build-up in front of the piston ring occurs. In order to account

for this build-up the model must be able to transfer lubricant from one CAD to

another. A control volume (CV) is imposed from h∞
in to h� as shown in Figure

(1.10). The inlet height for the present CAD, h�
CAD, is represented by a dashed

line. The dotted line is the inlet height at the previous position, CAD-1. The

oil flow at pressure build-up position is q′�. The oil enters the system with the

height h∞
in. The distance between h∞

in and h� is l∞ which is assumed to be very

large compared to the domain. The entering flow, q′∞in , is completely undisturbed

by the piston ring. The two heights for the previous CAD, h∞
in,CAD−1, h

�
CAD−1,

together with their distance, l∞, forms an area or CV marked with a dotted line

in Figure (1.10). The area is calculated by the equation below.

ACAD−1 =
h�
CAD−1 + h∞

in,CAD−1

2
l∞

The same calculations are done for the next CAD. For maintaining mass

conservation at different operating conditions a new inlet height, h�
CAD and

corresponding area, ACAD, represented by the dashed line in Figure (1.10) are

calculated. A residual term, q′res, is imposed. It is considered as the change in

area between the two CAD over the timestep and is calculated by

q′res =
ACAD −ACAD−1

Δt

=

h�
CAD+h∞

in,CAD

2 l∞ − h�
CAD−1+h∞

in,CAD−1

2 l∞
Δt

The mass conservation at a given CAD is

∑
q′ = q′∞in − q′� − q′res = 0
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If the sum of all flows,
∑

q′, is larger than zero the inlet height moves towards

the edge of the piston ring. If fully flooded conditions are present and the sum of

all flows still remain larger than zero an amount of lubricant can not be utilized.

The excess amount is accumulated in q′scrap in front of the piston ring. This

accumulation can be utilized and prevent starvation for a period until emptied.

The situation was shown in Figure (1.9c).

A flowchart of the iterative procedure with transient mass conservation is

seen in Figure (1.11).

1.6 Rough Surfaces

During piston ring lubrication the film thicknesses could become small and as-

perity contact between the two rough surfaces is present. This section covers

the influence from rough surfaces. They influence the model in several ways e.g.

the Poiseuille effect of Reynolds equation i.e. the flow rates due to the pres-

sure gradients. That affects the pressure generation hence the corresponding

hydrodynamic load carrying capacity. All surfaces are in fact rough and contact

between the asperities occur when oil film thicknesses get smaller. The contact

between the surfaces results in a load carrying capacity by the asperities as well

as a friction force opposite to the direction of the piston ring motion. The rate

and type of wear are highly dependent on the asperity contact friction.

1.6.1 Average Flow Model

This section is extending Reynolds equation to include rough surfaces by the

flow factors. A method was proposed in [26] for determining the surface rough-

ness effects in the partially lubricated regime. An application of the method is

presented in [27] for a finite slider bearing. An illustration of two rough surfaces

is seen in Figure (1.12) where δ1 and δ2 represent the roughness amplitudes of

the two surfaces, h is the nominal film thickness together with hT = h+ δ1 + δ2

as the local film thickness.
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Figure 1.11: Flowchart of the numerical algorithm with transient mass
conservation.
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Figure 1.12: Two rough surfaces.

The average Reynolds equation from [26] is seen in Eq. (1.6.1) with the same

simplifications as in Section (1.1).

∂

∂x

(
φxh

3 ∂p

∂x

)
= 6ubη0

∂hT

∂x
+ 6uaη0σ

∂φs

∂x
+ 12η0

∂hT

∂t
(1.6.1)

where φx is the pressure flow factor, φs the shear flow factor and σ the composite

standard deviation of the combined roughness, σ =
√

σ2
1 + σ2

2 , which is assumed

to be 10 % higher than the surface roughness, Ra, suggested by [32].

The surfaces are assumed to be isotropic i.e. uniform in all directions. The

pressure flow factor found by [26] can be approximated to

φx = 1− 0.90e−0.56H (1.6.2)

where H = h/σ. It is found by considering the induced average pressure flow at

a rough surface with that of a smooth surface.

The shear flow factor describes the additional flow between rough surfaces
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Figure 1.13: Pressure (φx) and shear flow factor (φs).

due to sliding and is approximated by

φs =

⎧⎨
⎩

1.899H0.98e−0.92H+0.05H2

for H ≤ 5

1.126e−0.25H for H > 5

The two flow factors are seen in Figure (1.13) as functions of H. Both factors

have an asymptotic behavior where

φx → 1 and φs → 0 as H → ∞

The effect of the flow factors gradually fades out with increased distance

between the two surfaces. The average Reynolds equation in Eq. (1.6.1) goes

towards the standard simplified version in Eq. (1.1.2) with H → ∞.

The friction force due to viscous forces of the lubricant from Eq. (1.1.3) is

extended to include the effect of the rough surfaces from [26]. The shear stress
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due to viscous forces at rough surfaces is seen below. It is integrated over the

wetted length to calculate the hydrodynamic friction force for the rough surface.

τ = −(φf + φfs)
η0ub

h
− φfp

h

2

∂p

∂x
(1.6.3)

F ′
f,oil =

∫
lhyd

τdx (1.6.4)

where φf is from averaging the sliding velocity component of the shear stress,

φfs is a correction factor from the combined effect of roughnesses and sliding

and φfp is a correction factor for the mean pressure flow component of the shear

stress with the approximations

φfs = 11.1H2.31e−2.38H+0.11H2

for 0.5 < H < 7 (1.6.5)

φfp = 1− 1.40e−0.66H for H > 0.75 (1.6.6)

φf =

⎧⎪⎪⎪⎪⎪⎪⎪⎪⎪⎪⎪⎪⎪⎨
⎪⎪⎪⎪⎪⎪⎪⎪⎪⎪⎪⎪⎪⎩

35
32z

[
(1− z2)3ln( z+1

ε� ) + 1
60 (−55

+z(132 + z(345 + z(−160 + z(−405

+z(60 + 147z))))))

]
for H ≤ 3

35
32z

[
(1− z2)3ln( z+1

z−1 ) +
z
15 (66

+z2(30z2 − 80))

]
for H > 3

(1.6.7)

where ε� = 1
300 and z = H

3 .

The three new shear stress factors are plotted in Figure (1.14) which all have

asymptotic behavior.
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Figure 1.14: Shear stress factors.

1.6.2 The Contact of Two Rough Surfaces

With small film thicknesses it is expected that the asperities of the surfaces go

into physical contact. A method was proposed by [8] to calculate the friction

force and load carrying capacity by asperity contact. It is a macroscopic model of

a microscopic problem. This section covers the non-hydrodynamic effect of rough

surfaces in relative motion when in contact. The effect on the hydrodynamic

pressure distribution and friction force for rough surfaces was covered in Section

(1.6.1).

The load supported by the asperity contact, Wd, and the real contact area

for the asperities, Ad, are given from [8] by

W ′
d =

16
√
2

15
π(ηaspβσ)

2Ecomp

√
σ

β

∫
F5/2(H)dx (1.6.8)

A′
d = π2(ηaspβσ)

2

∫
F2(H)dx (1.6.9)
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Figure 1.15: Asperity contact function as a function of H.

where Ecomp is the composite elastic modulus of the two surfaces defined as

Ecomp = E/(1 − ν2). The piston ring and liner are assumed to have the same

material properties with E as Young’s modulus and ν Poisson’s ratio. ηasp is

the asperity density, β radius of curvature at the peak and σ standard deviation

of the combined rough surfaces. The values of ηaspβσ and σ/β are assumed to

be 0.05 and 10−4, respectively, from [9] and [33].

The asperity contact function, Fn(H), shown in Eq. (1.6.10) is depending on

the statistical Gaussian distribution and it is derived by numerical integration.

Fn(H) is seen in Figure (1.15) for different n. The behavior is asymptotic with

Fn(H) → 0 asH → ∞ i.e. the influence of the asperities decreases with increased

distance between the two surfaces.

Fn(H) =
1√
2π

∫ ∞

H

(x−H)ne−
x2

2 dx (1.6.10)
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The friction force due to asperity contact is

F ′
f,asp = μsW

′
d + τ0A

′
d (1.6.11)

where μs is the coefficient of friction for steel on steel in a lubricated environment

and τ0 = 2.0 MPa the shear strength of the boundary film from [33].

The total friction force is seen below and is a combination of two terms i.e.

the hydrodynamic friction force for rough surfaces from Eq. (1.6.4) together

with the friction force related to the asperity contact from Eq. (1.6.11).

F ′
f = F ′

f,oil + F ′
f,asp (1.6.12)

1.7 Viscosity

The temperature-viscosity relation is described by the empirical Walthers for-

mula from [6] and [35] by

log
(
log

(νoil
cSt

+ 0.8
))

= C1 − C2 log
( T

K

)
(1.7.1)

where νoil is the kinematic lubricant viscosity with C1 and C2 as the empirical

parameters related to the chosen lubricant and T the temperature.

1.8 Lubricant Profile on the Liner

The lubricant is injected from holes in the liner at discrete locations. There are

5-10 injection holes in the circumferential direction depending on the liner size

and engine type. The location of the holes in axial direction is approximately

1/8 − 1/3 of the stroke length from TDC. The oil film thickness on the liner

is assumed to be an approximated local triangle geometry after injection. The

injection triangle is added to the existing lubricant profile on the liner. A sketch
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Figure 1.16: Sketch of a triangular lubricant injection profile on the liner for
injection position 1/3.

of this is seen in Figure (1.16) where the discrete injection position in axial

direction 1/3 from TDC is sketched.

1.9 Piston Ring Profile

Piston ring profiles are covered in this section. Symmetric and asymmetric bar-

reled piston ring running profiles are shown in, respectively, Figure (1.17a) and

(1.17b). Their symmetries are defined by the location of the minimum height,

Xh0
. The symmetric profile has a location of Xh0

= 0.5 and an asymmetric at,

e.g., Xh0 = 0.7. Both are shown with fixed curvatures of r=150 mm and widths

of l0=3 mm.
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(b) Asymmetric barreled profile.

Figure 1.17: A symmetric and asymmetric barreled piston ring running profile
with r=150 mm and l0=3 mm.
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This part contains a summary of the appended papers which lay the foun-

dation for the results presented later in Part (III). The summary is presented

through three chapters where

• Chapter (2) concerns validating the numerical model by experimental meth-

ods. The validation is performed by measuring and comparing the ex-

perimental and numerical friction in cooperation with Lule̊a University of

Technology, Sweden. This chapter is based on the publication in Appendix

(A4)

• Chapter (3) is about investigating the influence of piston ring curvatures

on fully flooded and starved conditions. Effects from changes in piston

ring radii are investigated for the lubricant film thickness, position of oil

inlet and outlet on the ring and frictional power loss. This chapter is based

on the publication in Appendix (A5).

• Chapter (4) is an investigation of the lubricant transport across the piston

ring. The impact from different load conditions and different lubricant

profiles on the liner is presented for oil film thicknesses, development in

the lubricant profiles on the liner as well as the lubricant consumption at

each stroke. This chapter is based on the publication in Appendix (A6).
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Chapter 2

Experimental Validation of

Friction Forces

This chapter presents a method for validating the previously created model by

means of friction forces and experimental methods. The content of this chapter

is based on the publication in Appendix (A4) where the experimental setup is

examined thoroughly. The most important results are presented in this chapter.

The test rig is based on the floating liner technique. It is a method for

measuring e.g. the friction force between the cylinder liner and piston ring

in an internal combustion engine. The engine is modified to a single cylinder

representation of an engine with several cylinders. A picture of such is seen in

Figure (2.1). The liner is suspended with force transducers in the axial direction,

hence the name floating liner. The friction force between the piston ring and

cylinder liner is measured in the force transducers. The floating liner technique

represents a direct way of measuring the friction force. The technique has been

used in e.g. [2, 5, 7, 16, 13, 18, 19, 20, 34, 36, 37]. The largest challenge with

the floating liner is to ensure proper sealing of the combustion chamber, stated

by [5]. It is circumvented in [37] where the engine is being motored without
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Figure 2.1: Floating cylinder liner on the test rig.

combustion and the issue with leaking combustion gases is eliminated.

2.1 Experimental Validation Results

The different experimental and simulating operating conditions are shown in

Table (2.1).

2.1.1 Minimum Film Thicknesses

The simulated minimum film thicknesses are shown in Figure (2.2) for differ-

ent engine velocities as functions of CAD. The lines for film thicknesses have
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Table 2.1: Values used for experiments and simulations.

Parameter Value Unit

D 130 [mm]

Fsp 33.2 [N]

h∞in 5 [μm]

l0 2.96 [mm]

lstroke 90 [mm]

L 150 [mm]

N 300-1200 [RPM]

nx 300 [-]

p1,gas 101.3 [kPa]

p2,gas 101.3 [kPa]

patm 101.3 [kPa]

psp 172.8 [kPa]

R 45 [mm]

Ra 1 [μm]

Tlube 80-86 [◦C]

Xh0 0.65 [-]

η 12.9 - 15.3· 10−3 [Pa·s]
μs 0.16 [-]
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continuous bell shapes. When the piston ring increases its velocity the film

thickness increase. It indicates fully flooded conditions when the film thick-

nesses are able to increase during the entire midstroke. If the ring enters starved

conditions there is an interruption in the height increase thus preventing the

bell shape of the minimum film thickness to occur. The film thicknesses are

highest in the upstroke from 0◦ < CAD < 180◦ and lowest in the downstroke

from 180◦ < CAD < 360◦. This is due to the asymmetric ring profile of the

piston ring covered in Section (1.9). The profile of the piston ring is shown in

Figure (2.3). The velocity of the piston ring is zero at CAD=180◦. With that

in mind, it would be reasonable to assume the reversal point from decreasing

to increasing film thicknesses in that location. But in fact the reversal point

around TDC/180◦ is located at 205◦ for N = 300 RPM and 215◦ for N = 1200

RPM. This is due to the squeeze effect. As the piston ring is slowing down

towards TDC with a decrease in the film thickness, lubricant is trapped between

the ring and liner. It is not squeezed out instantaneously and imposes a load

carrying capacity. The operating conditions amplifies the delay with no load on

the piston ring except the internal spring force. The delay is also observed by

[38] where it is ”due to the time dependent nature of the problem and the oil

squeeze effect” [38](p. 71).

2.1.2 Friction Forces

The friction forces from simulations and experiments are compared in Figure

(2.4) as functions of CAD. Initially, when observing the results for N = 300

RPM in Figure (2.4a), the friction is high at BDC/0◦ due to asperity contact

between the piston ring and liner. As the ring gains speed and the film thickness

increases the asperity contact friction becomes less pronounced. In the midstroke

only the hydrodynamic friction is present. After TDC in the reversal point at

CAD=205◦ there is a significant negativ friction for the simulated results. This

delay is not seen in the experimental results. Oscillations are visible in the

measurements for all velocities. They most likely originates from vibrations in
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Figure 2.2: Simulated minimum film thicknesses as functions of CAD at
different engine velocities.
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the machinery. The large peaks around TDC are believed to be influenced by

them.

In Figure (2.4b) for N = 600 RPM the experimental asperity contact friction

at BDC has been caught by the model but not the major asperity contact peak in

TDC. The hydrodynamic friction is visible in the midstroke with its bell shaped

appearance.

In Figure (2.4c) and (2.4d) for N = 900 RPM and N = 1200 RPM, respec-

tively, the friction forces are mainly derived from the hydrodynamic friction with

no asperity contact. The model captures this trend for both speeds.

2.1.3 Frictional Power Losses

The mean frictional power losses for the simulated and experimental results

are presented in Figure (2.5) as functions of four different engine velocities. The

trend is comparable for simulations and experiments. The two sets of data begin

deviating with increased velocity where the power loss for the experimental one

becomes the lowest. This phenomenon was also observed in [36]. It is probably

due to heat generation in the lubricant by viscous forces at high speed which

reduces the viscosity. The numerical model does not take heat generation into

account.

The asperity contact frictions contribution to the total amount of friction is

seen in Figure (2.6) for four different engine velocities. For N = 300 RPM the

asperity contact friction almost accounts for 45 %. For N > 900 RPM it almost

goes to zero.
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Figure 2.4: Experimental and simulated friction forces as functions of CAD for
fully flooded conditions at different engine velocities.
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Figure 2.5: Experimental and simulated frictional power losses as functions of
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Figure 2.6: Simulated asperity contact share of the frictional power loss as a
function of engine velocity.
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Chapter 3

Piston Ring Curvatures

A study of the influence by the piston ring curvature is presented in the publi-

cation in Appendix (A5) / [25]. It covers an investigation in the influence from

piston ring curvatures on the lubricant film thicknesses at different locations,

the pressure distribution and the power loss. Some of the computations have

been re-simulated with the final numerical model with its ability to account for

the lubricant accumulation in front of the piston ring. The re-simulations are

presented in this chapter.

3.1 Operating Conditions

The operating conditions for the simulations are seen in Table (3.1). The pa-

rameters are similar to those in Chapter (2) regarding experimental validation

on a floating liner test rig.
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Table 3.1: Operating parameters for piston ring curvature simulations.

Parameter Value Unit

D 130 [mm]

Fsp 33.2 [N]

l0 2.96 [mm]

lstroke 90 [mm]

L 150 [mm]

N 1200 [RPM]

nx 300 [-]

p1,gas 0 [kPa]

p2,gas 0 [kPa]

patm 101.3 [kPa]

psp 172.8 [kPa]

R 45 [mm]

Ra 0 [μm]

Tlube 80 [◦C]
Xh0 0.5 [-]

η0 15.3· 10−3 [Pa·s]
μs 0.16 [-]
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Figure 3.1: Film thicknesses at different locations between the piston ring and
cylinder liner for starved conditions.

3.2 Fully Flooded and Starved Conditions

The different film thicknesses of the piston ring are presented in Figure (3.2)

with a piston ring curvature of r=300 mm as functions of CAD. In Section (1.5)

the different film thicknesses were defined as

h∞
in height of the undisturbed inlet.

h� inlet height.

hm height at maximum pressure with ∂p
∂x = 0.

h0 minimum thickness.

hcavi height at point of cavitation.

h∞
out height of lubricant left behind.

and they are shown again in Figure (3.1).

The film thicknesses for fully flooded and starved conditions are presented

in, respectively, Figure (3.2a) and (3.2b) with symmetric piston ring curvatures

of r = 300 mm.
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For the fully flooded conditions in Figure (3.2a) the film thicknesses have

continuous bell shapes. They are smooth and without any sudden changes.

The starved conditions are shown in Figure (3.2b). Initially, fully flooded

conditions are present. At CAD≈ 30◦ starvation occurs. It is seen by the way the

smooth increase in the film thicknesses with increased velocities are interrupted

due to lack of oil. With starvation the lubricant inlet point, h�, moves towards

the center of the piston ring. As the wetted length is decreasing the load carrying

capacity is decreased which interferes with the force equilibrium. To restore the

equilibrium the film thickness must decrease. In the range 0◦ < CAD < 30◦ more

lubricant is entering than leaving the CV. That is represented by the line for the

amount entering, h∞
in, is greater than the amount leaving, h∞

out, i.e. lubricant

is being scraped and accumulated in front of the piston ring. The accumulated

lubricant is consumed from 30◦ < CAD < 45◦ where more oil is leaving than

entering the CV. The phenomenon is repeated at CAD≈ 230◦ which is 50◦ after

TDC. The lubricant accumulation is delayed by 20◦ compared to after BDC.

This is due to the squeeze effect where the reversal point of the ring is delayed.

It takes time to squeeze out the lubricant when the velocity drops.

3.3 Minimum Film Thicknesses

The minimum film thicknesses for different piston ring curvatures are seen in

Figure (3.3) as functions of CAD.

The fully flooded conditions are shown in Figure (3.3a). Initially, the film

thicknesses are low. The piston ring gains speed during the stroke and the film

thicknesses increase. The Couette effect is the predominant one in the midstroke.

A small radius gives a better pressure build-up during the midstroke and a higher

film thickness is required. It reduces the pressure hence maintaining the force

equilibrium of the piston ring. At the end of the stroke the Couette effect fades

out and the squeeze effect becomes most pronounced. At low speeds two parallel

surfaces gives the best load carrying capacity due to the squeeze effect, hence
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(b) Starved conditions.

Figure 3.2: Different film thicknesses with a piston ring curvature of r = 300
mm as functions of CAD for fully flooded and starved conditions.
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large radii of curvatures have the highest film thicknesses at dead centers.

Figure (3.3b) shows the minimum film thicknesses for starved conditions. The

aforementioned effect from lubricant accumulation is visible at CAD=30◦ and

230◦. The accumulated amount is consumed which gives a rise in the minimum

film thickness seen as humps in the profile.

3.4 Position of Inlet and Cavitation

The positions of inlet, h�, and cavitation, hcavi, are presented in Figure (3.4) as

functions of CAD for piston ring curvatures of r = 300 mm.

The fully flooded conditions are seen in Figure (3.4a). A location of 1 in

0◦ < CAD < 180◦ as well as 0 in 180◦ < CAD < 360◦ represents fully flooded

conditions where the lubricant inlet point is at the leading edge of the piston

ring. The shaded area represents the wetted length of the piston ring. The point

of cavitation is at 0.3 for CAD=90◦ together with an inlet point at 1 which means

that 70 % of the piston ring is wetted. At BDC and TDC the ring sinks through

the lubricant with zero velocities and the entire length is wetted.

The starved conditions are seen in Figure (3.4b). In the midstroke the inlet

point moves towards the center of the piston ring due to starved conditions. The

lack of oil influences the cavitation point which differs from the one with fully

flooded conditions. The lubricant accumulation and consumption are visible in

the cavitation point with small humps at CAD=30◦ and 230◦.

3.5 Optimized Curvatures

A basic approach with new simulations is made for comparing the piston ring

curvatures, r, the ring width, l0, and the minimum film thickness, h0. The

computations are simulating a piston ring slider on a smooth surface with a fixed

velocity and no pressure difference across the ring. Fully flooded conditions are

assumed where the lubricant interacts with the ring from the leading edge. The
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Figure 3.3: Minimum film thicknesses as functions of CAD with different
piston ring curvatures for fully flooded and starved conditions.
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Figure 3.4: Position of inlet height and cavitation with piston ring curvature
r = 300 mm as functions of CAD for fully flooded and starved conditions.
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Table 3.2: Simulating parameters for comparison of piston ring curvatures.

Parameter Value Unit

h0 10-20 [μm]

l0 3-9 [mm]

nx 100 [-]

p1,gas 0 [kPa]

p2,gas 0 [kPa]

Ra 0 [μm]

u 5 [m/s]

η0 50· 10−3 [Pa·s]

Table 3.3: Optimal piston ring curvature w.r.t. load carrying capacity for
different ring widths and minimum film thicknesses.

l0 [mm] h0=10 μm h0=20 μm

3 93 mm <50 mm

6 371 mm 185 mm

9 >500 mm 417 mm

simulating parameters are shown in Table (3.2). The results for load carrying

capacities and maximum pressures as functions of curvatures with minimum

film thicknesses of h0 = 10 μm are shown in Figure (3.5). Different ring widths

are shown in Figure (3.5a)-(3.5c). When going from l0 = 3 → 9 mm the load

carrying capacity increases as expected. The particular interesting thing is to see

how the optimal curvature changes with respect to the load carrying capacity.

Furthermore, the minimum film thickness also influences the optimal curvature.

The results are shown in Table (3.3). With this in mind it is difficult to determine

a theoretically optimal piston ring curvature. It must be determined under

consideration of the actual physical properties of a system.
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Figure 3.5: Load carrying capacity and maximum pressure as functions of
curvatures for three different piston ring widths at h0 = 10 μm.



Chapter 4

Lubricant Transport with

Different Lubricant Profiles

on the Liner

Some studies of the lubricant transport are presented in the publication in Ap-

pendix (A6) / [24]. The objective of the article is to investigate the lubricant

transport across the piston ring for the first three crankshaft rotations after

lubricant injection. The transport is studied for no load versus an artificial com-

bustion load as well as a flat lubricant profile versus lubricant injection at a

discrete location. The focus is on revealing in which strokes the lubricant trans-

port is significant. The distribution between the up and downstroke as well as

the lubricant behavior based on the operating conditions are examined.
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LUBRICANT PROFILES ON THE LINER
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Figure 4.1: Combustion pressure profiles above and below the piston ring as
functions of CAD [24].

4.1 Operating Conditions

The combustion pressure is seen in Figure (4.1) where the gas pressure under

the piston ring is p2,gas = (1− PD1)p1,gas with PD1 as the pressure drop over

the ring. The lubricant injection is positioned at a discrete location 1/3 of the

stroke length from TDC as covered in Section (1.8). The different operating

parameters are shown in Table (4.1).

4.2 Piston Ring Scraping

Some of the different film thicknesses from Figure (1.9) are shown in Figure (4.2)

as functions of CAD for the initial down and upstroke. The lubricant profile on

the liner is illustrated with the parameter h∞
in. The simulations have been made

for a flat lubricant profile with no load in Figure (4.2a) and combustion load in

Figure (4.2b). Furthermore have the simulations been made for a ”1/3 lubricant
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Table 4.1: Values used for piston ring simulations.

Parameter Value Unit

D 0.8 [m]

η0 50· 10−3 [Pa·s]
l0 5 [mm]

lstroke 3.72 [m]

L 3.72 [m]

N 40-100 [RPM]

nx 400 [-]

p1,gas 0-18 [MPa]

p2,gas 0-12 [MPa]

psp 203 [kPa]

r 150 [mm]

R 1.86 [m]

Qinjec Constant [m3]

Xh0 0.5 [-]

PD1 33 [%]
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LUBRICANT PROFILES ON THE LINER

injection position” with no load in Figure (4.2c) and combustion load in Figure

(4.2d).

The film thicknesses with no load and a flat lubricant injection profile are

seen in Figure (4.2a). Initially, fully flooded conditions are present with lubricant

scraping from 0◦ < CAD < 20◦. It is illustrated by more lubricant entering the

CV, h∞
in, than leaving, h∞

out. The scraped volume is consumed until CAD≈ 35◦

after which starved conditions are present.

A flat lubricant profile with combustion load is shown in Figure (4.2b). The

combustion pressure is up to 18 MPa which results in small film thicknesses to

increase the load carrying capacity and uphold to force equilibrium of the piston

ring. A large volume of lubricant is scraped in front of the ring which ensures

fully flooded conditions during the entire stroke from 0◦ < CAD < 180◦. In the

following stroke starved conditions are present from CAD≈ 230◦.

For no load and 1/3 injection position in Figure (4.2c) the tendency looks

like no load with a flat lubricant profile. The volume of injected lubricant is

encountered at CAD=54◦. The volume is scraped and causes a build-up ensuring

fully flooded conditions from 54◦ < CAD < 80◦.

The 1/3 injection position with combustion load is seen in Figure (4.2d). The

results are more or less identical to the one with combustion load and flat profile.

The injected amount of lubricant cannot be utilized due to the high pressures

and small film thicknesses. The injection only increases the accumulated volume

in front of the ring.

4.3 Residual Lubricant on the Liner

Computations are made to investigate the influence of the engine speed on the

residual lubricant left behind on the liner after three crankshaft rotations. The

results are seen in Figure (4.3) as functions of CAD for three different engine

velocities as well as for no load and combustion load. The result for no load

is seen in Figure (4.3a). The initial lubricant injection profile is flat with a
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(a) Flat injection and no load.
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(b) Flat injection and combustion load.
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(c) 1/3 injection position and no load.

0 90 180 270 360
CAD

0

20

40

60

Fi
lm

 th
ic

kn
es

s 
[μ

m
]

h0 h* hin
∞ hout

∞

(d) 1/3 injection position and combustion load.

Figure 4.2: Film thicknesses at first crankshaft rotation as functions of CAD
with N = 40 RPM. No load and combustion load as well as flat and 1/3

injection position [24].
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triangle at CAD=54◦. After three rotations the initial triangle profile is somehow

preserved. It is seen how a low velocity gives an increased flattening of the

triangle. A low velocity gives smaller film thicknesses and a larger amount

of lubricant is accumulated in front of the ring. The accumulated volume is

distributed on the liner as it is consumed.

The combustion load in Figure (4.3b) gives a significant change in the ap-

pearance of the injected lubricant on the liner. The high pressure gives small

film thicknesses which scrapes a large amount of oil and spreads it along the

liner.

4.4 Lubricant Consumption

Lubricant consumption is present where the scraped oil is not utilized before

end of the stroke. The behavior of the consumption as a function of the engine

speed and injection profile is presented.

The lubricant consumption for each of the six strokes is presented in Figure

(4.4) as a function of the specific stroke. Flat injection and 1/3 injection position

are presented in, respectively, Figure (4.4a) and (4.4b). The major lubricant

consumption for both types of injection as well as for both types of load is in

the initial stroke. A little higher for combustion load than for no load. Together

with decreased consumption with increased velocity. After the initial two strokes

steady-state conditions are present where the lubricant consumption remains

constant for each rotation.

Figure (4.5) shows the total lubricant consumption after three crankshaft ro-

tations at different engine speeds for a flat and 1/3 injection position as functions

of the engine speed. The simulations with flat injection together with no load

and combustion load are seen in Figure (4.5a). For no load the consumption is

decreased from 10 → 5 % when increasing the engine speed from 40 → 100 RPM.

For combustion load the consumption goes from 36 → 16 % when increasing the

speed from 40 → 100 RPM. With 1/3 injection position the consumption in
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(b) Combustion load.

Figure 4.3: Development in lubricant profiles on the liner as functions of CAD
after three crankshaft rotations with 1/3 injection profile for no load and

combustion load [24].
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Figure 4.4: Relative lubricant consumption in [%] for each stroke up to six
strokes for flat and 1/3 injection profile for no load and combustion load at
different engine speeds. The lubricant consumption is relative to the total

amount consumed after three crankshaft rotations [24].
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Figure (4.5b) decreases a few percent with no load and increases 10 % for com-

bustion load. In general, there is a higher consumption with combustion load

due to high pressures, small film thicknesses and large lubricant accumulation

in front of the piston ring which is not utilized before ending the stroke.

The lubricant consumption is expanded to show the distribution between the

down and upstroke in Figure (4.6).

For all scenarios i.e. no load and flat injection, combustion load and flat

injection, no load and 1/3 injection position as well as combustion load and 1/3

injection position in, respectively, Figure (4.6a), (4.6b), (4.6c) and (4.6d), the

tendencies are similar. The downstrokes hold the majority of the consumption

and evens out a bit with increased engine speed.

The previous results showed that the downstrokes have the major consump-

tion. The results are dependent on the numerical assumption that the down-

stroke is the initial stroke in the simulations. If the operating conditions result

in small film thicknesses in the initial stroke a large volume of lubricant is accu-

mulated in front of the ring. It might not be utilized before ending the stroke

and is therefore lost. With increased velocities an increased lubricant pressure

build-up between the ring and liner occurs. To overcome the pressure build-up

the film thicknesses increase and more lubricant is able to pass between the ring

and liner instead of being lost.
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Figure 4.5: Total lubricant consumption in [%] after tree crankshaft rotations,
flat and 1/3 injection profile for no load and combustion load at different

engine speeds [24].
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Figure 4.6: Relative lubricant consumption distribution in [%] between down
and upstroke after three crankshaft rotations, flat and 1/3 injection profile, no

load and combustion load at different engine speeds [24].
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This part contains the results which were not covered in Part (II) regarding

summaries for appended papers. The following results complement the afore-

mentioned summaries to form a comprehensive overview of piston ring lubri-

cation. The part contains the numerical results for lubricant consumption and

asperity contact friction.
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Chapter 5

Lubricant Consumption and

Asperity Contact Friction

For achieving the overall academic goal four parameters are of particular impor-

tance.

1. Piston ring geometry i.e. curvature and asymmetry.

2. Lubricant injection position on the cylinder liner.

3. Volume of lubricant injected.

4. Frequency of lubricant injection.

5.1 Engine Data

An approach is made to address the third and fourth bullet in the previous

list by utilizing data from a research engine. It reduces the amount of varying

parameters and makes it easier to determine the influence from the piston ring

geometry and lubricant injection position.
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The large two-stroke marine diesel engine chosen for this analysis is a MDT

4T50-MEX research engine (henceforth named T50), located at MDT research

center, Copenhagen. The T50 has 4 cylinders, a bore of 0.5 m, a stroke of 2.2 m

and a maximum output shaft power of 6 MW at 123 RPM. It is well monitored

with more than 50 different measurements of flows, temperatures and pressures

for all subsystems such as scavenge air, exhaust gas, seawater, system oil, cooling

water and cylinder lubricant.

More than 70 data sets from previous test runs have been utilized to extract

the operating conditions of T50 such as the volume of cylinder lubricant injected,

injection frequency, output shaft power and running speed as functions of the

selected load. Figure (5.1.upper) shows the total lubricant injection per cycle.

In fact, the lubricant is not injected every cycle. The injection frequency is

based on the load. Figure (5.1.middle) shows the lubricant injection frequency

i.e. how many cycles between each lubricant injection at the left vertical axis

and the injection volume at right. Figure (5.1.lower) shows the engine speed at

the left vertical axis and shaft power at right. All as functions of load and based

on a lubricant injection of 1 g/kWh. The combustion pressure profiles are shown

in Figure (5.2) at four different loads.

The operation parameters extracted from the research engine are used in the

following study of piston ring geometry and lubricant injection position on the

liner.

5.2 Piston Ring Curvatures and Lubricant In-

jection Positions for Two Piston Rings

A system with two piston rings are simulated. The simulating parameters are

seen in Table (5.1). The load is set to 50 % of maximum continuous rating (MCR)

and the injection frequency, finjec, injection volume, Qinjec, engine speed, N ,

and shaft power, Pshaft, are functions of load.

The piston ring curvature is investigated in r ∈ [50,400] mm for the ring
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Figure 5.1: Upper: total lubricant injection per cycle.
Middle: injection frequency and injection volume.

Lower: engine speed and shaft power. All as functions of load. Based on a
lubricant injection of 1 g/kWh.
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Figure 5.2: Combustion pressure profiles at different loads.

closest to TDC. The second ring has a fixed curvature of r2 = 240 mm. The

lubricant injection position is investigated in I ∈ [5,40] % of the stroke length

from TDC. The position of I was previously covered in Section (1.8).

5.2.1 Scraped Lubricant Volume at Dead Centers

The volume of lost lubricant, Qlost, is scraped off by the piston ring. The

volume is shown in Figure (5.3) as a function of the piston ring curvature on

the horizontal axis, lubricant injection position on the vertical axis and a piston

ring asymmetry of Xh0
= 0.6. During a stroke lubricant could be accumulated

in front of the piston ring due to the operating conditions. When the ring

reaches either TDC or BDC and lubricant is accumulated in front of the ring

it is considered to be lost. The ring can not pull back oil in the numerical

model. There is an optimal combination around r = 75 mm and I = 0.25

with respect to the smallest lubricant consumption in Figure (5.3). If observing

I = 0.15 it is seen that the lubricant consumption is higher for e.g. r = 300 mm
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Table 5.1: Simulating parameters for piston ring curvature and lubricant
injection positions investigation.

Parameter Value Unit

D 0.5 [m]

finjec 2 [cycles/injection]

Fsp 33.2 [N]

l0 2.96 [mm]

lstroke 2.2 [m]

L 2.8 [m]

load 50 [%]

N 96.7 [RPM]

nx 200 [-]

patm 101.3 [kPa]

psp 44.92 [kPa]

Pshaft 3.35 [MW]

Qinjec 0.35 [cm3/injection]

Ra 0.5 [μm]

r2 240 [mm]

η (27.8 - 40.1)· 10−3 [Pa·s]
μs 0.16 [-]

PD1 50 [%]

PD2 75 [%]
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than for r = 100 mm. The same goes for moving the injection position from

I = 0.15 → 0.10.

These two phenomena are sought enlightened in Figure (5.6). The accu-

mulated scraped lubricant in front of the piston ring, Qscraped, is plotted as a

function of CAD for one piston ring with an asymmetry of Xh0 = 0.6. With

I = 0.25 for both radii the ring encounters the injected lubricant at CAD≈ 510◦.
It is scraped and utilized before the ring reaches TDC. Therefore no lubricant is

lost at TDC. The ring goes towards BDC, encounters the lubricant left behind

by the ring in the previous stroke and scrapes the lubricant which is not uti-

lized before BDC. With I = 0.15 the lubricant is scraped towards BDC where

it is lost. On the other hand when injecting at I = 0.10 it is seen how the

lubricant scraped is lost at TDC at CAD=540◦ and not in BDC. If comparing

I = 0.25 ; r = 100 mm with r = 300 mm the lubricant consumption is largest

for the latter at BDC. It is due to the small radius ability to generate lubricant

pressure between the piston ring and liner when in motion. This causes a high

film thickness to maintain the force equilibrium of the ring. A high film thickness

increases the amount of lubricant passing between the ring and liner. Therefore

a lesser amount is lost at BDC for a small radius i.e. r = 100 mm. Wear and

asperity contact friction increases as r → 0 which sets a limit for how small the

radius could be.

Having a lubricant injection position in 0.10 or 0.15 makes the difference be-

tween having all scraped lubricant lost in either TDC or BDC. If the lubricant

is lost in TDC some of it is utilized to have a higher film thickness during com-

bustion. It decreases the amount of asperity contact friction but the lubricant

is permanently lost to the combustion. If it is lost in BDC it does not benefit

during the combustion but it could be utilized by a following piston ring.
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Figure 5.3: Lubricant consumption as a function of piston ring curvature,
lubricant injection position and a piston ring asymmetry of Xh0

= 0.6 during 3
cycles.
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Figure 5.4: Mean asperity contact friction as a function of piston ring
curvature, lubricant injection position and a piston ring asymmetry of

Xh0
= 0.6 during 3 cycles.
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Figure 5.5: Combined normalized data of lubricant consumption and mean
asperity contact friction as a function of piston ring curvature, lubricant

injection position and a piston ring asymmetry of Xh0 = 0.6 during 3 cycles.
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= 0.6.
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5.2.2 Asperity Contact Friction between Piston Rings and

Liner

The mean asperity contact friction between the piston ring and cylinder liner,

Fasp,mean, is shown in Figure (5.4) as a function of the ring curvature on the hor-

izontal axis, injection position on the vertical axis and a piston ring asymmetry

of Xh0 = 0.6. The asperity contact friction decreases as the injection position

moves towards TDC and when the radius increases. When the lubricant injec-

tion position moves towards TDC the scraped lubricant is utilized through TDC

with following larger film thickness. It decreases the asperity contact friction.

At the dead centers with low piston ring velocities the squeeze effect becomes

predominant. A large radius of curvature imposes the largest squeeze effect.

5.2.3 Optimization between Consumed Lubricant and As-

perity Contact Friction

It was shown previously that the optimal combination of piston ring curvature

and lubricant injection position in Figure (5.3) with respect to the minimum

lubricant consumption was I = 0.25 and r = 75 mm. This optimum is without

consideration to where the lubricant is lost. With the asperity contact friction

in Figure (5.4) the optimal combination was I = 0.05 and r = 400 mm. A

global optimum for both the lubricant consumption and asperity contact friction

does not exist. It is a trade-off between the two. The lubricant consumption

increases with 55 % from the best to the worst combination and the asperity

contact friction with 115 %. A global optimum is created by weighing the two

results against each other according to their increase from the best to the worst

combination. The piston ring curvatures and injection points are extracted in

this optimum. The weighted result is shown in Figure (5.5) as a function of the

piston ring curvatures and lubricant injection positions.

The best combinations are shown in Figure (5.7) as functions of the piston

ring asymmetry, Xh0
. The piston ring curvature and lubricant injection position
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are seen in Figure (5.7a) together with the lubricant consumption and mean

asperity contact friction in Figure (5.7b). The three physical properties - piston

ring curvature, injection position and asymmetry of the ring - should be chosen

based on the desired running conditions with respect to lubricant consumption

and asperity contact friction hence wear.

Figure (5.8) shows the scraped lubricant volume, Qscrap, relative to the total

volume i.e. the volume on the liner together with the injected volume. The

results are shown as functions of piston ring asymmetry, Xh0
.
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(b) Left: lubricant consumption relative to the total initial amount on the liner
together with the injected volume. Right: mean asperity contact friction force.

Figure 5.7: Optimal piston ring curvature, lubricant injection position, relative
lubricant consumption and mean asperity contact friction force as functions

Xh0
after 3 strokes.
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This part covers experiments and results from a reciprocating test rig. The

part consists of one chapter which is divided into three sections where

• Section (6.1) presents an experimental method of measuring the lubricant

film thicknesses and friction forces in a reciprocating test rig.

• Section (6.2) presents simulated and experimental results for oil film thick-

nesses.

• Section (6.3) contains the results for simulated and experimental friction

forces as well as frictional power losses.
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Chapter 6

Experimental Methods for

Measuring Oil Film

Thicknesses and Friction

Forces

This chapter is covering a method for measuring the oil film thicknesses in a

reciprocating test rig with laser induced fluorescence.

6.1 The Reciprocating Test Rig

For the purpose of measuring lubricant film thicknesses and friction forces a

reciprocating test rig (RTR) is used. It has previously been used in [3] and

[40] where its structure and work principle are examined. The RTR mimics the

lubrication condition between a piston ring segment and cylinder liner. A sketch

of RTR is seen in Figure (6.1). A full size sketch can be examined in Appendix
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Figure 6.1: Sketch of reciprocating test rig.

(A3). The oil film thicknesses are measured by laser induced fluorescence (LIF)

and the friction forces by force transducers.

The contact point between the piston ring segment and liner is investigated

regarding film thicknesses and friction forces. The piston ring is stationary with

an adjustable load on top. The ring has a fiber cable attached as seen in Figure

(6.2). A close up picture of the piston ring and liner is seen in Figure (6.3). The

contact point between the two objects is marked with a red arrow. The liner is

in motion and the piston ring is stationary. The principle of LIF is covered in

Section (6.1.1). The liner is mounted on a sled which is moving forth and back

in horizontal direction. The sled is pulled by an electric motor through a gear,

belt drive and connecting rod. A large flywheel is mounted for a smooth motion

of the sled. Two force transducers for measuring friction forces are mounted. A

picture of the piston ring segment, sled, force transducers and load is seen in

Figure (6.4)
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Figure 6.2: The piston ring with a fiber cable.

6.1.1 Laser Induced Fluorescence

The principle of LIF is well proven. It has previously been used to measure oil

film thicknesses between piston rings and cylinder liners in [4] and [22] as well

as for crosshead bearings and engine bearings in, respectively, [15] and [23]. In

[22] the film thicknesses between three piston rings and the cylinder liner were

presented with a high resolution.

Basic Principle

The LIF setup is based on the methods proposed by [14, 17, 30, 43].

A sketch of the basic principle of LIF is seen in Figure (6.5). A continuous

wave laser emits a blue beam with a wavelength of 473±1 nm. The beam goes

through an excitation filter which filters out light beside 475±17.5 nm. For this

wavelength the following dichronic filter acts as a mirror and reflects the blue

beam into the fiber port from where the light travels in the fiber cable to the

test rig.

Lubricant mixed with 0.12 wt% fluorescent powder is present between the
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Figure 6.3: Close up of the piston ring segment on liner with lubricant in RTR.
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Piston ring w. fiber cable Liner sled

Force transducers

Figure 6.4: Piston ring segment, liner sled, force transducers and load in RTR.
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Test rig
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Figure 6.5: Principle diagram of basic LIF.
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two parts in the test rig. When the lubricant mixture is exposed to the blue beam

it becomes fluorescent and emits green light with a wavelength of ≈ 500 − 520

nm.

The green light is returned from the test rig through the fiber cable and it

reaches the dichronic filter. Where the filter formerly reflected the blue beam it

now transmits the green beam. The beam travels to the emission filter which

filters out light beside 525±19.5 nm. The green beam arrives at the photo multi-

plier tube (PMT) which amplifies the light and converts it into an output voltage.

The voltage is proportional to the lubricant volume between two surfaces. The

area of the light beam is constant hence making the output proportional to the

distance.

Some considerations regarding LIF are seen in Appendix (A2). It covers

subjects like the calibration to find the relation between physical distance and

output voltage, maximum applicable distances between the two parts and the

saturation effect of the lubricant mixture. Furthermore are the laser, fluorescence

emission and spectra of optical filters covered.

6.2 Oil Film Thicknesses

The aforementioned results regarding lubricant transport were not validated

experimentally. The results were highly influenced by the minimum film thick-

nesses of the lubricant. In this chapter experimental results for the oil film

thicknesses are presented and compared with simulations. If the experimental

results are in accordance with the computations they could support the validity

of the model. The simulating parameters for computing oil film thicknesses and

friction forces are shown in Table (6.1). The viscosity is for an SAE30 oil at

25◦C.

The results for oil film thicknesses are shown Figure (6.6) for three different

loads as functions of CAD with a speed of 60 RPM. Observing the film thickness

with a load of 30 N in Figure (6.6a) the tendency of the measured film thickness
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Table 6.1: Simulating parameters for oil film thickness and friction force
computations.

Parameter Value Unit

b 30 [mm]

Fload 30-130 [N]

l0 5 [mm]

lstroke 100 [mm]

L 150 [mm]

LP 60·10−3 [W]

N 10-100 [RPM]

nx 200 [-]

R 50 [mm]

Ra 1 [μm]

r 100 [mm]

η 0.18 [Pa·s]
μs 0.20 [-]
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is captured quite well in the simulation. The film thicknesses are in the range

from ≈ 2 − 8 μm. When increasing the load to 90 and 130 N in, respectively,

Figure (6.6b) and (6.6c) the shape of the measured film thicknesses deviate a

bit from simulations. An increased load results in smaller film thicknesses. The

friction indicates wear could be present for these experiments. Wear debris could

prevent the experimental film thickness to reach the low level of the simulated

results e.g. for a load of 130 N in Figure (6.6c). In addition, at dead centers the

film thicknesses are at same magnitude as the surface roughness. That might

prevent the physical film thickness to become as small as in the simulations e.g.

due to the irregularities of a real surface.

Even though the piston ring is symmetric the film thicknesses are not fully

symmetric. There are small peaks in the film thicknesses e.g. around CAD=0◦

and 360◦ in Figure (6.6a) for Fload=30 N. The same goes for Figure (6.6b) at

CAD=0◦ and Figure (6.6c) at CAD=360◦. This could be due to the running

conditions where a hump in the lubricant profile on the liner could be present

thus giving a higher film thickness. Small irregularities on the liner could also

be present which lead to an increase in the film thicknesses. It is only about a

few microns.

6.3 Friction Forces

The measured and simulated friction forces are presented in this chapter. The

operating conditions are similar to those of the previous chapter in Table (6.1).

The measured friction forces are presented in Figure (6.7) for different speeds

as functions of CAD with 30 N load. The measured and simulated friction forces

are very similar. For a speed of 10 RPM in Figure (6.7a) with a mean piston

ring velocity of 3.3 cm/s the hydrodynamic friction is close to zero. Asperity

contact friction is present throughout the entire stroke. Largest at dead centers.

The piston ring works in the boundary or partial lubrication regime at 10 RPM.

If increasing the speed to 40 RPM in Figure (6.7c) the film thicknesses become
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Figure 6.6: Simulated and experimental minimum film thicknesses as functions
of CAD at different loads and 60 RPM.
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large enough to enter the hydrodynamic regime. The friction in the midstroke

consists only of hydrodynamic friction which is close to zero.

The frictional power losses are shown in Figure (6.8) for simulated and ex-

perimental results as functions of speed. It is seen how the power loss decreases

when increasing the speed from 10 → 60 RPM. Normally the opposite trend

would be expected. The behavior is due to the transition from pure boundary

and partial lubrication regime in the midstroke at 10 RPM to be primarily in the

hydrodynamic regime at 60 RPM and up. By this transition the frictional power

loss is reduced when increasing the speed from 10 → 60 RPM. When increasing

the velocity even further from 60 → 100 RPM the power loss rises. The Stribeck

curve from Figure (6) can be identified in the curve for the frictional power loss.
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Figure 6.7: Simulated and experimental friction forces as functions of CAD at
30 N load and different engine speeds.
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Conclusion

A numerical model was constructed for computing lubricant transport across

piston rings in large two-stroke diesel engines.

The influence from piston ring curvatures on fully flooded and starved con-

ditions was studied and showed clear tendencies. An optimized piston ring cur-

vature for a given situation with respect to the load carrying capacity was found

for a simple test case. However, a general piston ring design for optimal load

carrying capacity could not be found without considering the operating condi-

tions.

Results for the lubricant transport across the piston rings were presented for

the first three strokes for different initial lubricant conditions on the cylinder

liner. The largest lubricant consumption was observed in the initial stroke with

a minor consumption in the following stroke. After the first two strokes a steady

state condition occurred where the oil consumption rate was constant for the

remaining up and down strokes. The development of the oil film distribution on

the liner was presented.

The optimal combinations of lubricant consumption and asperity contact

friction as functions of piston ring curvatures, lubricant injection positions and

piston ring asymmetries were presented. The simulations were made with two

piston rings of a representative large two-stroke marine diesel engine. An opti-

mized combination between low lubricant consumption and mean asperity con-

tact friction was not found w.r.t. the piston ring curvature and lubricant in-

121
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jection position. The results were normalized to derive the combined optimal

combinations. With a piston ring asymmetry of Xh0=0.6 and a representa-

tive operating condition the optimal combination was a piston ring curvature

of r=200 mm and lubricant injection position of I=0.05. Different piston ring

asymmetries, Xh0 , were investigated and the results showed the lowest values of

lubricant consumption and mean asperity contact friction with Xh0=0.725.

Finally, it was possible to measure the minimum film thicknesses of the lubri-

cant on a reciprocating test rig using laser induced fluorescence. The results were

compared with simulations and showed to be fairly consistent at low loads. Once

the load was increased the minimum film thicknesses lowered and approached

the height of the asperities which was believed to be influencing the measure-

ments. The asperity contact imposes a load carrying capacity which prevents

lower film thicknesses at dead centers. The measured friction forces were quite

similar to the simulated.
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Appendix A1

Numerical Validation

This chapter examines the previously created model and its ability to solve

Reynolds equation numerically.

A1.1 Comparison with Fixed Incline Slider Bear-

ing

A fixed incline slider bearing consists of two surfaces which are non-parallel

and separated by an oil film. The advantage by this type of bearing is an

analytical solution to calculate the pressure distribution exists. A comparison

could validate a part of the numerical model. A sketch of the fixed incline

slider bearing is seen in Figure (A1.1). The analytical solution for the pressure

distribution in Eq. (A1.1.1) from [10] can be seen with the fixed incline geometry

in Figure (A1.2) with the assumptions made in Section (1.1).

p = 6η0ul0sh
x(l0 − x)

(l0hout + l0sh − shx)2(sh + 2hout)
(A1.1.1)
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l0

z

x

hin

hout Oil film

u

Figure A1.1: Fixed incline slider bearing.

and

sh = hin − hout

The results for calculating the pressure distribution analytically and numeri-

cally are seen in Figure (A1.3) with the operational parameters in Table (A1.1).

As expected, the amount of discretization points, nx, has a large impact on the

accuracy of the numerical model. In a visual matter, if nx = 10, the character-

istic shape of the pressure distribution is somehow caught. With nx = 50 the

numerical solution is almost identical to the analytical.

Figure (A1.4) shows the truncation error in a log-log plot at different dis-

cretizations. The truncation error is defined as the difference between the dis-

cretized equation and the exact one by

ε = max
∣∣Panalytical(i)− Pnumerical(i)

∣∣ and i ∈ [1,nx] ; i ∈ N

As a central difference approximation is used with a second-order accuracy the

slope of the line is ≈ −2. The error between the analytical and numerical model

is below 1 � with nx > 75.
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Figure A1.2: Pressure distribution for a fixed incline slider bearing.

Table A1.1: Parameters for the fixed incline slider bearing simulation.

Parameter Value Unit

l0 5 [mm]

hin 50 [μm]

hout 10 [μm]

η0 50·10−3 [Pa·s]
u 5 [m/s]
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Figure A1.3: Comparison between analytical and numerical solution with
different numbers of discretization points for a fixed incline slider bearing.
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Figure A1.4: Truncation error between analytical and numerical solution for a
fixed incline slider bearing.

A1.2 Flow Continuity with the Fixed Incline-

Decline Slider Bearing

This section covers the influence on the volume flow by the numerical differen-

tial order of the pressure gradients as well as some boundary conditions of the

numerical model.

The fixed incline slider is expanded with a declining outlet length which gives

rise to cavitation. The geometry and pressure profile is seen in Figure (A1.5).

A1.2.1 Boundary Conditions

A comparison in the volume flows between the half Sommerfeld solution and a

solution with Reynolds boundary condition is made. The numerical differenti-
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Figure A1.5: Pressure distribution for a fixed incline-decline slider bearing.

ation is of second-order accuracy. The dimensionless volume flows are shown

in Figure (A1.6). Even though the half Sommerfeld solution is a light method

regarding computational cost it violates the principle of mass conservation be-

tween xm and xcavi. Again, xm is the location of the film thickness hm with

p = max(pi) and ∂p/∂x = 0. xcavi is the location of the film thickness at the

point of cavitation. No lubricant is either added or removed in between those

locations as they only consist of the Couette term with ∂p/∂x = 0. The volume

flow should be constant in between. It can be seen that Reynolds boundary

condition obey the principle of mass conservation with a constant volume flow.
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Appendix A2

LIF Considerations

This appendix covers a range of topics related to LIF. It covers the static calibra-

tion to find the relation between physical distances of the two parts separated by

the lubricant mixture. The dynamic calibration is covered for validating LIF’s

ability to measure distances when the parts are in relative motion. Furthermore

are the maximum applicable distances as well as the saturation effect of the

lubricant mixture covered.

A2.1 Wavelengths

The laser beam, fluorescence emission and the spectra of optical filters are shown

in Figure (A2.1). It is seen how the laser beam with a wavelength of 473 nm

passes through the emission filter which also prevents most of the ambient light

to enter the system. As the fluorescence emission returns from the test rig it is

being cleaned when going through the dichronic and excitation filters. If some

blue light should return from the test rig it would be filtered out by the two

aforementioned filters.
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Figure A2.1: Laser beam, fluorescence emission and spectra of optical filters as
functions of wavelength.
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Figure A2.2: Test rig for static calibration.

A2.2 Static Calibration

The scope of the static calibration is to establish the relation between the dis-

tance of two objects and the fluorescence intensity - measured as an output

voltage. For the static calibration rig, Figure (A2.2), the distances between the

parts are measured with high accuracy by a caliper with a resolution of 1 μm.

The results from the static calibration are presented in Figure (A2.3). 133

measurements are made. The relation between distances and fluorescence inten-

sities is quite clear. All measurements are fitted to a fourth degree polynomial.

A2.3 Dynamic Calibration

Once the relation between the physical distance and the fluorescence intensity

has been established by static calibration the systems ability to detect the correct

distance during movement is verified. This is done by a dynamic calibration. A

fairly simple setup is seen in Figure (A2.4). The circular part containing the

fiber cable is placed on an even larger circular part with four highly accurately
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Figure A2.3: Static calibration with measured fluorescence intensity as s
function of the distance.

machined grooves with different depths. The circular part containing the fiber

cable slides over and detects the grooves.

Figure (A2.5) presents the result from the dynamic calibration. The mea-

sured fluorescence intensity is fitted to the fourth degree polynomial from the

static calibration to compute the actual depths of the grooves. The actual and

computed depths together with the differences are seen in Table (A2.1).

A2.4 Maximum Distance

The principle of LIF is only applicable at small distances. The lubricant first

exposed to the emitted laser light may outshine the returning fluorescence light

from greater depths. All emitted laser light might not reach greater depths.

In practice a combination of both. The maximum usable depth or distance is

investigated and presented in Figure (A2.6). From the figure it is seen that
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Figure A2.4: Test rig for dynamic calibration.
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Figure A2.5: Dynamic calibration with measured fluorescence intensity as a
function of the distance.
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Table A2.1: Dynamic calibration with real vs. measured depths together with
their difference in %.

Distances [μm]

Line Real Measured Diff. [%]

1 53.91 49.99 7.3

2 23.29 24.94 6.6

3 29.5 36.84 24.9

4 34.17 39.16 14.6

the maximum depth with this setup e.g. in particular the concentration of

fluorescence powder is 300 μm. For larger distances the intensity is more or

less constant. This limitation is acceptable as the measured film thicknesses are

expected to be less than 15 μm.

A2.5 Saturation Effect

The fluorescence properties of the mixed lubricant are important for doing ac-

curate measurements. For doing so the saturation effect is important and men-

tioned in [43]. This is an irreversible time dependent decrease in the fluorescence

intensity. It is a function of time as seen in Figure (A2.7) for different laser power

(LP) and distances together with their saturation effect in percent. It is clear

that the saturation effect is present and is more significant with an increase

in LP. Furthermore, a larger distance gives a more significant saturation effect

which is due to the amount of lubricant exposed to laser is larger with an in-

creased distance. For uniform and comparable measurements this saturation

effect should be addressed when performing LIF e.g. by small periods of laser

exposure during static measurements or by maintaining a continuously supply of

non-saturated lubricant during dynamic measurements. For application in RTR

the saturation effect is assumed to be negligible. The measurements are made
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Figure A2.6: Fluorescence intensity as a function of the distance.

during motion where a continuous supple of fresh oil is present.
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Appendix A3

Reciprocating Test Rig

Drawing

143



T
ec

hn
ic

al
 U

ni
ve

rs
ity

 o
f D

en
m

ar
k

DK
 2

80
0 

Kg
s.

Ly
ng

by
De

pa
rtm

en
t o

f M
ec

ha
nic

al 
En

gin
ee

rin
g

 L
IF

_0
0_

00
Sc

al
e:

 1
:2

Fr
ikt

io
ns

te
st

er

Dr
aw

in
g 

no
.

Fo
rm

at
 A

0
Ti

tle
:

Dr
aw

.(D
B)

: L
IF

_0
0_

00
**

*
M

as
s:

 M
at

r:
LI

F_
00

_0
0

DB
-n

am
e:

02
-O

kt
-1

7
Da

te
:

 4
52

55
56

5

 N
SJ

Na
m

e:

Re
m

ar
ks

M
as

s
M

at
er

ia
l

DB
-n

am
e

Q
ty

.
Na

m
e 

of
 p

ar
t /

 a
ss

em
bl

y
Ite

m

0,
04

2
Ak

se
lst

ål
AK

SE
L_

1_
2

Ak
se

l
1

8,
15

7
BE

LT
_8

00
X2

0M
M

_
1

Je
ns

 S
 B

æ
lte

2

4,
57

0
IS

O
 2

72
BO

LT
_D

S_
IS

O
_2

72
_M

6X
10

_
4

Bo
lt 

M
6x

10
3

Al
um

in
iu

m
BU

ND
PL

AD
E_

1
Bu

nd
pl

ad
e

4

0,
33

1
Al

um
in

iu
m

G
EA

RH
O

LD
ER

_S
TI

VN
ER

_
1

G
ea

rh
ol

de
r s

tiv
ne

r
5

0,
51

2
Al

um
in

iu
m

G
EA

R_
HO

LD
ER

_
1

G
ea

r h
ol

de
r

6

Al
um

in
iu

m
 

G
EA

R_
KO

BL
IN

G
_F

O
RB

IN
DE

R_
1

Fo
rb

in
de

rp
la

de
7

3,
00

0
HT

RG
08

N0
10

M
HP

70
11

9M
C_

1
G

ea
r, 

u=
10

8

KO
BL

IN
G

SS
AM

LI
NG

_
1

Ko
bl

in
gs

sa
m

lin
g

9

6,
53

1
M

es
sin

g
KO

BL
IN

G
_R

O
R2

_
1

Af
st

an
dr

ør
10

0,
00

1
M

es
sin

g
LE

JE
SK

IV
E_

2
Le

je
sk

ive
11

4,
84

2
LI

F_
01

_0
0

1
Kæ

be
 s

am
lin

g
12

LI
F_

02
_0

0
1

Ka
be

lfø
rin

g
13

18
,0

06
LI

F_
03

_0
0

1
Sa

m
lin

g 
af

 b
as

e
14

M
AC

80
0-

D4
-R

02
_

1
M

ot
or

15

0,
00

2
DS

/IS
O

 2
72

M
O

TR
IK

_I
SO

27
2_

M
6_

2
M

øt
rik

 M
6

16

0,
00

0
-

O
LI

E_
BA

KK
E_

SM
AL

_
1

O
lie

ba
kk

e
17

0,
29

2
PL

EJ
LS

TA
NG

_
1

Pl
ej

lst
an

g 
sa

m
lin

g
18

0,
02

1
DI

N9
12

SO
CK

ET
_S

CR
EW

_D
IN

91
2

_M
10

X1
6_

4
So

ck
et

 s
kr

ue
 M

10
x1

6
19

0,
00

3
DI

N9
12

SO
CK

ET
_S

CR
EW

_D
IN

91
2

_M
5X

10
_

2
So

ck
et

 s
kr

ue
 M

5x
10

20

0,
00

5
DI

N9
12

SO
CK

ET
_S

CR
EW

_D
IN

91
2

_M
6X

10
_

12
So

ck
et

 s
kr

ue
 M

6x
10

21

0,
00

7
DI

N9
12

SO
CK

ET
_S

CR
EW

_D
IN

91
2

_M
6X

16
_

4
So

ck
et

 s
kr

ue
 M

6x
16

22

0,
00

8
DI

N9
12

SO
CK

ET
_S

CR
EW

_D
IN

91
2

_M
6X

20
_

4
So

ck
et

 s
kr

ue
 M

6x
20

23

0,
00

4
IS

O
 8

75
2 

ST
YR

ES
TI

FT
_E

N_
IS

O
_8

75
2_

6X
20

_
6

St
yr

es
tif

t 6
x2

0
24

YD
ER

SY
ST

EM
_

1
Sa

m
lin

g 
af

 y
de

rs
ys

te
m

25

Re
vis

io
ns

 1
2 

 1
3 

 1
4 



Appendix A4

Publication 1

Experimental and numerical investigation of fric-

tion, power loss and lubricant transport between

a piston ring and cylinder liner in a heavy duty

diesel engine

145



Experimental and numerical
investigation of friction, power loss and
lubricant transport between a piston
ring and cylinder liner in a heavy duty
diesel engine.

Journal Title
XX(X):1–8
c©The Author(s) 2018

Reprints and permission:
sagepub.co.uk/journalsPermissions.nav
DOI: 10.1177/ToBeAssigned
www.sagepub.com/

H. Overgaard1, M. Söderfjäll2, P. Klit1, R. Larsson2 and A. Vølund3

Abstract
An experimental and numerical investigation of the friction force, frictional power loss and lubricant transport in the up
and downstroke between a piston ring and cylinder liner in a heavy duty diesel engine is presented.

In the numerical model, Reynolds equation is used to solve for the pressure distribution between the piston ring and
cylinder liner.

Experimental data is gathered from a piston ring-cylinder liner friction test apparatus based on a heavy duty diesel
engine. The test rig has previously been used in academic work as well as in industrial research.

The numerical and experimental results are presented, compared and discussed. The model will prove its ability to
compute the investigated parameters quite accurately.

Keywords
Lubrication, piston ring, diesel engine, HDDE, Reynolds equation, finite difference method, perturbation method,
asperity contact, friction force, frictional power loss, lubricant transport, experimental data, validation of numerical
model.

Introduction

The frictional losses in a heavy duty diesel engine (HDDE)

has previously been studied by [1], [2]. They stated that

the friction between the piston rings and cylinder liner is

in the range of 50 % of the total mechanical loss. [3]

created numerical models for simulating a full fired engine

cycle for a HDDE. The models were validated by measuring

the friction in a plint TE-77 high frequency reciprocating

tribometer. The experiments were limited by running at much

lower speeds than in a real engine.

A complete numerical method has previously been made

by the first author of this article in [4] and [5] for analyzing

the minimum film thicknesses, friction forces, frictional

power losses as well as lubricant transport in the gap between

piston rings and cylinder liner together with lubricant

accumulated in front of the piston rings.

A HDDE test rig utilizing the floating liner technique

is used for gathering experimental data. The test rig has

previously been used for research e.g. [6], [7] and [8] for

comprehensive analyzes of the frictional losses. [7] presents

a quite thorough study in the friction force and frictional

power loss for the oil control ring at no load. The floating

liner technique has been used by [9] for measuring the

friction force in a fired single cylinder four-stroke diesel

engine some years ago together as well as in [10], [11] and

[12]. It has proven as a valid technique for measuring the

friction between piston rings and cylinder liners.

The scope of this article is to analyze and compare the

friction forces, frictional power losses and lubricant transport

by the top compression piston ring both by numerical

methods and experiments at the test rig. A consistency

between the computed and measured results would aid in

validating the numerical model.

Experimental setup
This section describes the fundamental design of the test rig.

A more thorough review is found in e.g. [7]. A picture and

schematic view of the test rig is seen in, respectively, Figure

1 and 2. The test rig is based on a Volvo B6304 inline six
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Figure 1. HDDE test rig showing the test cylinder mounted on
top of the Volvo engine.

Figure 2. Schematic of HDDE test rig from [7] highlighting the
important components of the test rig.

cylinder engine due to the low vibrations of such. The engine

has been modified with removal of the cylinder head.

The engine is driven by an electric motor which is

connected to the engine through a rubber tire coupling in

order to even out the potential misalignment between the

crankshaft and electric motor shaft.

On the crank train piston closest to the electric motor in

Figure 2 a steel rod and piston ring holder are mounted.

Balancing masses are mounted on the crank train pistons to

compensate for the weight of the test piston ring assembly.

The test rig is designed to measure friction between the

piston rings and test cylinder liner. A linear guide is installed

to prevent the piston ring holder from contacting the test

cylinder liner. The setup is similar to that of a crosshead

engine as sketched in Figure 3 with the relationship between

piston ring velocity and the crankshaft rotational speed in

equation (1).

u = ω

(
Rsin(θ) +

R2sin(θ)cos(θ)√
L2 −R2sin2(θ)

)
(1)

where ω is the angular velocity, R the crankshaft radius, L
the connecting rod length and θ the crank angle degree.

The test cylinder liner assembly in Figure 4 is mounted

on the test cylinder foundation. There are three piezo electric

load cells between the engine block and test cylinder liner.

The cylinder liner assembly is only supported by the load

ω

L

Rθ

u

x

z

D

Figure 3. Crankshaft / connecting rod / crosshead / piston
assembly.

Figure 4. Cylinder liner assembly with two heating elements
and nine thermocouples - three on each ring.

cells which mimics the floating liner method for measuring

friction.

The crank train is lubricated by the built in lubrication

system of the engine block. The piston ring holder, piston

rings and cylinder liner assembly are lubricated by a seperate

external lubrication system. Oil is distributed from a heated

oil tank to the test cylinder by a pump and is sprayed

on the piston ring holder from underneath inside the liner.

This simulates the lubrication conditions of a real engine.

After usage the oil is gravity fed back to the heated tank.

The temperature is regulated by measuring the lubricant

temperature close to the spraying nozzles and adjusting the

temperature in the oil tank.

The cylinder liner assembly is heated by two ceramic

heating elements clamped around the circumference of the

liner. The temperature was measured and regulated by the

means of thermocouples mounted on the outside perimeter

of the liner.
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Figure 5. Measured shape of TCR.

In a typical HDDE three piston rings are mounted on each

piston i.e. two compression rings at the top and one twin

land oil control ring at the bottom. For this investigation

only the top compression ring (TCR) was used. All tests

were conducted with the same TCR and cylinder liner and

same lubricant temperature at 4 different engine velocities.

Previous tests - [7] - have stated that the repeatability when

reconfiguring the system is very high. It is possible to

disassemble the cylinder liner, piston and piston rings and

reassemble without affecting the measurements significantly.

The running profile of TCR used in the experimental

work was measured and the shape was used in the actual

computations. The geometry is shown in Figure 5.

Numerical method
The starting point of the computations is chosen to be θ =
0◦ i.e. in BDC. The numerical method of this article for

simulating TCR lubrication is based on the previous work

from [4] and [5] where it can be examined thoroughly. The

method is outlined below:

1. Reynolds equation in equation (2) from [13] is solved

by the finite difference method for the lubricant film

pressure distribution under assumption of the lubricant

being Newtonian, isoviscous, incompressible, with

constant density and axisymmetric.

∂

∂x

(
h3 ∂p

∂x

)
= 6uη0

∂h

∂x
+ 12η0

∂h

∂t
(2)

where h is the lubricant film thickness, p the lubricant

pressure, u the TCR velocity, η0 the lubricant viscosity

and t the time.

The lubricant viscosity is continuously computed as a

function of temperature by Walther’s method in [14].

2. A force equilibrium between the forces acting on TCR

in Figure 6 is initiated with

F ′
hyd + F ′

1,fs + F ′
2,fs − F ′

1,bs − F ′
sp = 0 (3)

where F ′
hyd =

∫
lhyd

p dx is the hydrodynamic force

of the lubricant, F ′
sp the tension spring force of TCR,

u

l0

p1,gas

lhyd

p2,gas

l2

l1

x

z

Lubricant film

h0

Piston Liner

F ′
1,bs F ′

sp

F ′
1,fs

F ′
2,fs

F ′
hyd

Figure 6. Free body diagram of TCR.

F ′
1,bs the pressure related back-side force together

with F ′
1,fs and F ′

2,fs as the pressure related TCR-face

forces on the non-wetted part of TCR surface.

3. The asperity contact model for rough surfaces by

[15] which makes the model able to derive the load

carrying capacity by the asperity contact as well as its

contribution to the friction force.

4. The average flow model for determining the roughness

effect on partial hydrodynamic lubrication by [16]

and [17]. An isotropic surface roughness structure is

assumed where there is no preferred orientation.

5. A method for transient mass conservation by [4]

which can account for lubricant going between TCR

and the liner as well as lubricant accumulated in front

for keeping track of the lubricant transport during up

and downstroke.

6. The perturbation method proposed by [18] is used

for achieving the force equilibrium of TCR with low

computational costs.

Results and discussion

The different experimental and simulating operating condi-

tions are shown in Table 1.

The engine is preheated until operating temperature has

been achieved. The lubricant temperature on the test cylinder

liner is kept at a constant value. The lubricant temperature at

three different locations is seen in Figure 7 during preheating.

The bottom and upper part of the liner are close to 80◦C. The

middle part of the liner is located between the two heating

elements and is higher. For the computations a variable liner

temperature has been taken into account.

Prepared using sagej.cls
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Table 1. Values used for both experiments and simulations.

Parameter Value Unit

D 130 [mm]
Fsp,tan 33.2 [N ]
l0 2.96 [mm]
lstroke 90 [mm]
L 150 [mm]
N 300-1200 [RPM ]
nx 300 [−]
p1,gas 101.3 [kPa]
p2,gas 101.3 [kPa]
patm 101.3 [kPa]
psp 172.8 [kPa]
R 45 [mm]
Ra 1 [μm]
Tlube 80-86 [◦C]
η0 12.9-15.3· 10−3 [Pa · s]
μs 0.16 [−]

0 500 1000 1500 2000
Time [s]

76

78

80

82

84

86

88
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m
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°C

] Liner upper
Liner mid
Liner bottom

Figure 7. Oil temperature as a function of time during
preheating at three different locations on the test cylinder liner
for N = 1200 RPM

The cylinder liner surface does in fact have a texture but

the numerical model is not able to take a circumferential

texture into account. The texture has been simplified to

a roughness with an estimated arithmetic mean for the

computations.

The numerical simulations and experiments have been

performed with no load on the piston ring except the

spring force of the ring. This is far from the real operating

conditions of an engine. The load has shown to have a minor

influence on the friction power stated by [19]. Much of the

load related to the combustion takes place quite close to

TDC in a part of the compression and expansion stroke at

low speeds. [19] found a small difference between no load

and fired conditions when using numerical tools to compare

the friction power loss. The same conclusion was found

experimentally by [20] and [21] when comparing motored

and fire engines. The results from this work could be used to

some extend for investigating the parameters influencing the

power loss in an engine.

Inlet and cavitation point
The simulations have been computed with fully flooded

conditions where an adequate amount of lubricant is present

at all time regardless of the operating conditions. Because

of the continuous oil supply in the experiments this is a

valid assumption. This is seen in Figure 8 where inlet and

cavitation point of TCR are plotted for two different engine

velocities. The inlet point is seen as the dashed line and

a location of 1 and 0 in, respectively, 0◦ ≤ θ ≤ 180◦ and

180◦ < θ ≤ 360◦ represents fully flooded conditions where

the TCR surface is exposed to lubricant pressure build up

from the leading edge. The grey area is the wetted length of

TCR where the pressure builds up. The different velocities

have a minor influence on the point of cavitation.

Film thickness
The minimum lubricant film thicknesses predicted by the

numerical model can be seen in Figure 9 for the simulated

results. The fully flooded conditions are shown by the

lines having a continuous bell shape with maximum film

thicknesses at 75◦ and 285◦ where TCR has its highest

velocity due to the geometrical compositon of the crank-

piston-assembly. The velocity of TCR increases in 0◦ ≤
θ ≤ 75◦ which imposes a pressure build up in the lubricant

between TCR and the liner. To overcome this pressure build

up during positive acceleration of TCR the film thicknesses

increase to maintain the force equilibrium of TCR. With that

in mind, it would be reasonable to assume the minimum film

thicknesses being zero at 180◦ and 360◦. But in fact when

observing TDC at 180◦ the reversal point location is at 205◦

for N = 300 RPM and 215◦ for N = 1200 RPM . This

is due to the squeeze effect described by the squeeze term

of Reynolds equation where the film thickness is unable to

decrease instantaneously as the lubricant in between TCR

and the liner is squeezed out. Furthermore the delay is

also due to the operating conditions where no gas pressure

difference across the ring is present and the ring is only

loaded against the liner with its internal spring force. With

combustion the reversal point would be close to TDC. The

delay in the location of the reversal point is also observed

by [3] where it is ”due to the time dependent nature of the

problem and the oil squeeze effect” [3](p. 71). In general, the

film thicknesses are largest during the upstroke in 0◦ ≤ θ ≤
180◦ and smallest in the downstroke from 180◦ ≤ θ ≤ 360◦.

This is due to the non-symmetric running land profile of TCR

which is examined thoroughly in the section for lubricant
transport and scraping.

Frictional measurements and computations
The friction forces from both experimental measurements

and simulations are presented in Figure 10. The results for

N = 300 RPM are seen in Figure 10a. Initially at BDC

i.e. θ = 0◦, the friction is quite high due to the asperity

contact between TCR and the liner. The asperity contact

friction is concentrated around TDC and BDC due to the

low TCR velocities and small film thicknesses. As TCR

gains speed with increased film thickness the asperity contact

friction becomes less pronounced and mixed lubrication

is present. The hydrodynamic friction becomes the most

significant one despite its relatively low magnitude due

Prepared using sagej.cls
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Figure 8. Index of inlet and cavitation point as a function of crank angle degree for simulated fully flooded conditions at different
engine velocities.
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Figure 9. Simulated minimum film thickness as a function of
crank angle degree at different engine velocities.

to small velocities of TCR. The hydrodynamic friction is

most significant in the midstroke with high TCR velocities

and large film thicknesses. The delay in the big negative

asperity contact friction peak after TDC i.e. θ=180◦ is due

to the aforementioned delay in the reversal point of the

film thicknesses. For N = 600 RPM in Figure 10b the

asperity contact friction at BDC/θ=0◦ has been caught by

the numerical model where the major asperity contact peak

at TDC/θ = 180◦ has not been caught. In the midstroke the

hydrodynamic friction is quite significant with its bell shaped

appearance. Oscillations in the test rig are clearly visible

in the experimental measurements. For N = 600 RPM
in Figure 10b and N = 1200 RPM in Figure 10d one

cycle represents a time step of, respectively, 1/10 s and

1/20 s. The frequency of the oscillations remains constant at

around 600 Hz when going from N = 1200 RPM to N =
600 RPM . This indicates that they most likely originates

from vibrations in the machinery. The magnitude of the

experimental friction peaks after TDC for low velocities is

thought to be influenced by the vibrations generated in the

reversal point of TCR.

For N = 900 RPM and N = 1200 RPM in, respec-

tively, Figure 10c and 10d. the friction force mainly comes

from the hydrodynamic friction with no asperity contact. The

model captures this trend for both speeds.

Frictional powerloss

The mean friction power loss over the entire stroke for

the experiments and simulations are seen in Figure 11.

The power losses are, as expected, increased with increased

engine velocities. The correlation between the numerically

predicted and experimentally measured friction is good. In

all of the investigated operating conditions, the numerical

model predicts larger friction power loss than what is

measured in the experiment. It can also be seen that

the gradient for mean friction power loss as a function

of speed is larger for the numerical results compared

to the experimental results. This indicates increased heat

generation with increasing speed in the experiments. The

numerical model does not consider contact heating. The

increased heat in the contact would result in lower lubricant

viscosity thus resulting in decreased friction thus explaining

the difference between the numerical and experimental

results. This phenomenon was also observed in [6].

The contribution to the total frictional power loss

from asperity contact/mechanical friction is presented in

Figure 12. When observing the previously shown friction

throughout the entire engine revolution for N = 300 RPM
in Figure 10a it seems that the asperity contact friction is

most dominant due to the magnitude of its peaks and the

hydrodynamic friction is of minor importance. It is shown

in Figure 12 that the asperity contact accounts for ≈ 45 %
of the total frictional power loss for N = 300 RPM . The

magnitude of the asperity contact friction in BDC/θ = 0◦

is close to the theoretical coulomb friction, Ffric,max =
Fspμs = 33.4 N . The hydrodynamic friction is the major

contributor to the power loss despite its low magnitude as

it is present at high velocities. For N ≥ 900 RPM the share

of asperity contact friction goes to zero.
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(b) N=600 RPM.
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(c) N=900 RPM.
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Figure 10. Experimental and simulated friction force as a function of crank angle degree for fully flooded conditions at different
engine velocities.
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Figure 11. Frictional power loss as a function of engine velocity
for both experimental and simulated results.

Lubricant transport and scraping
Figure 13 shows the amount of lubricant scraped in front of

TCR. Figure 13a shows the amount scraped per crankshaft
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N [RPM]

0

10

20

30

40

50

Fr
ic

tio
na

l p
ow

er
 lo

ss
 [%

]
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Figure 12. Simulated asperity contact share of the frictional
power loss as a function of engine velocity.

revolution and Figure 13b shows the amount per unit time.

In either case it is clear to see the properties of TCR where

more lubricant is scraped during downstroke than upstroke.
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This is due to the shape of TCR as shown previously in

Figure 5. During upstroke TCR has a long, but less steep,

inclination which imposes an efficient pressure build up with

corresponding large film thickness that allows a large amount

of lubricant to pass between TCR and the cylinder liner. In

the downstroke there is a steep and short inclination which

does not provide the same pressure build up which results

in lower film thicknesses. A smaller amount of lubricant is

able to pass between TCR and the liner. Therefore a larger

amount is accumulated in front of TCR when going down.

This is reasonable as it is desirable to have TCR acting as

an oil scraper when going down for reducing the amount of

lubricant lost to the combustion chamber. When observing

the amount of accumulated lubricant in front of TCR per

crankshaft revolution in Figure 13a a decrease with increased

velocity can be noted. The film thicknesses increases with

increased speed, as shown previously in Figure 9, resulting

in more lubricant to pass between TCR and liner.

The amount of lubricant scraped - in absolute numbers - is

strongly dependent on the numerical boundary conditions. In

this case the lubricant film thickness on the liner is assumed

to be 5 μm. The test rig has been operated without an oil

control ring and second compression ring. A large amount of

oil is available for TCR which is not the case when operating

with a complete set of piston rings. When observing the test

rig during tests it was visually confirmed that a large amount

of lubricant was thrown from TCR in all directions.

Conclusion
The following conclusions have been made:

1. The relative simple numerical model has proven its

ability to simulate hydrodynamic and asperity contact

friction. By comparing the simulated results with

experimental data of high quality it has been possible

to validate the model.

2. The increase in friction power loss as a function

of speed was found to be larger when predicted

with the numerical model than measured in the

experiments. The frictional heat generation at high

speeds is assumed to lower the lubricant viscosity in

the experiments which is not considered in the model.

3. The share of asperity contact friction to the power loss

has shown to be dependent on the engine speed for

both simulated and experimental results. The share of

asperity contact friction is ≈ 45% for N = 300RPM
and will decrease to zero for N ≥ 900.

4. The lubricant transport through the gap between TCR

and cylinder liner is most efficient during upstroke

and the effect of lubricant scraping in front of TCR

is most significant during the downstroke. That is in

accordance with the intended function for the TCR.

Appendix
Nomenclature in Table 2.

Funding
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Table 2. Nomenclature.

Parameters

BDC Bottom dead center at θ=0◦

D Piston diameter, [m]
F Force, [N ]
h Lubricant film thickness, [m]
h0 Minimum film thickness, [m]
HDDE Heavy duty diesel engine

l0 Length of piston ring, [m]
lhyd Wetted length of piston ring, [m]
lstroke Stroke length, [m]
L Connecting rod length, [m]
N Crankshaft rotational speed, [RPM ]
nx Number of discretization points

p Pressure, [Pa]
p1,gas Gas pressure, above piston ring, [Pa]
p2,gas Gas pressure, below piston ring, [Pa]
R Crankshaft radius, [m]
Ra Surface roughness, arithmetic mean, [m]
t Time, [s]
T Temperature, [◦C]
TDC Top dead center at θ=180◦

TCR Top compression ring

u Piston velocity, [ms ]

Subscripts

atm Atmospheric

bs Back-side

fs Piston ring face side

hyd Hydrodynamic

lube Lubricant

sp Elastic spring tension

tan Tangential

x x-direction

z z-direction

Superscripts

′ Per unit circumference, [m−1]

Greek letters

η0 Absolute viscosity, [Pa · s]
μs Static friction coefficient, steel-on-steel lubricated

ω Crankshaft angular velocity, [s−1]
θ Crank angle degree (CAD), [◦]
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Machine Elements, isbn: 978-91-7583-825-0, issn: 1402-1544.
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Investigation of different piston ring
curvatures on lubricant transport
along cylinder liner in large two-stroke
marine diesel engines

H Overgaard1, P Klit1 and A Vølund2

Abstract

A theoretical investigation of the hydrodynamic lubrication of the top compression piston ring in a large two-stroke

marine diesel engine is presented. The groove mounted piston ring is driven by the reciprocal motion of the piston. The

ring shape follows a circular geometry and the effect of changes in radii is analysed. A numerical model based on the finite

difference method in 1D has been developed for solving Reynolds equation in combination with the load equilibrium

equation together with flow continuity between the piston ring surface and liner for analysis of the lubricant transport.

The cyclic variation throughout one stroke is presented for the minimum film thicknesses at different interesting loca-

tions of the piston ring surface together with the friction and the pressure distribution history. The aforementioned

parameters have been investigated numerically. The numerical results are presented and discussed.

Keywords

Lubricant transport, piston ring lubrication, perturbation of Reynolds equation, flow continuity, lubricant starvation
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Introduction

Piston ring lubrication has previously been studied by
numerous authors, e.g. numerical schemes were devel-
oped to solve Reynolds equation simultaneously
with the load equilibrium equation for one cycle in
Hamrock and Esfahanian,1 a parametric study of
the friction between piston rings and liner in Dellis,2

a theoretical study of piston ring lubrication for fully
flooded and starved conditions in Jeng,3,4 respectively,
a performance analysis of a piston ring pack by study-
ing key parameters such as oil consumption, blow-by/
blow-back, power loss, etc. in Gulwadi,5 the effect of
surface roughness on lubrication between a piston
ring and cylinder liner in Sanda and Someya, 6 a the-
oretical analysis of the twin-land of oil-control piston
ring in Ruddy et al.7 as well as a theoretical modeling
of cavitation in piston ring lubrication in Priest et al.8

The studies cover a wide spectrum of piston ring trib-
ology including hydrodynamic and mixed lubrication,
cavitation and oil transport.

A study of the friction loss of a large two-stroke
marine diesel engine, a 4T50MX located in the
research centre of MAN Diesel & Turbo SE,
Copenhagen, has been performed by Vølund and
Klit.9 It has been concluded that the piston ring

pack, consisting of four piston rings, counts for
approximately 60% of the total mechanical loss.10

Large two-stroke marine diesel engines are lubri-
cated somewhat differently than a conventional trunk
engine. In large marine engines, the cylinder lubricant
is injected at a discrete position on the liner. It is
supplied at every 2nd, 3rd or maybe every 10th
stroke at a discrete time and location. The lubricant
is lost after use, as it either ends up in the scavenge
area or is combusted. Therefore, it is crucial to under-
stand the lubricant transport between the injections in
order to achieve an adequate injection volume. If it is
too small, the piston rings will dry out leading to
increased asperity contact, abrasion and increased
friction as well as power loss and inadequate sealing
between the combustion chamber gas and scavenging
area. If the quantity is too large, the lubricant is
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transported into the scavenging area or end up in the
combustion chamber where it is either combusted or
evaporated.

From both an economic and environmental point
of view, it would be reasonable to reduce the amount
of cylinder lubricant as it is, if combusted, an expen-
sive fuel and contains several polluting additives.

In order to determine the adequate amount of
lubricant, one must understand and be able to predict
the lubricant transport mechanisms. This paper will
present a method of modeling the transport through-
out one stroke with both fully flooded and starved
conditions. The effect of changes in piston ring radii
will be presented and discussed.

Method

Reynolds equation

The piston ring package normally consists of several
rings. This study only addresses one ring, thereby
eliminating phenomena between the rings. Reynolds
equation is used for calculating the hydrodynamic
film pressure distribution between the top compres-
sion piston ring and cylinder liner. It can be seen in
equation (1) that for one-dimensional pressure distri-
bution in x-direction, the pressure gradient in the
circumferential direction is neglected.

@

@x

�
�h3

12�0

@p

@x

�
¼ ~u

@ ð�hÞ
@x

þ @ ð�hÞ
@t

ð1Þ

where � is the density of the lubricant, h is the oil film
thickness, �0 is the viscosity of the lubricant, p is the
lubricant pressure, ~u is the relative velocity and t is the
time.

Reynolds equation can be rewritten into equation
(2) with only the piston moving under consideration
of the lubricant being Newtonian, isoviscous, incom-
pressible and with constant density.

@

@x

�
h3

@p

@x

�
¼ 6ux�0

@h

@x
þ 12�0

@h

@t
ð2Þ

where h is the oil film thickness, �0 is the viscosity of
the lubricant, p is the lubricant pressure, ux is the liner
velocity and t is the time.

The geometrical relationship between the angular
velocity of the crankshaft, !, crank angle degree, �,
and piston velocity, up, is illustrated in Figure 1 and
equation (3).

up ¼ !

 
R sinð�Þ þ R2 sinð�Þ cosð�Þffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffi

L2 � R2 sin2ð�Þ
q !

ð3Þ

where ! is the crankshaft angular velocity, R is the
crankshaft radius, � is the crank angle degree and L is
the connecting rod length.

Film pressure distribution

The central finite difference method (FDM) has been
used for deriving an approximate solution to
Reynolds equation. The FDM-scheme is shown in
Figure 2.

Reynolds equation can be rewritten by FDM
into the difference equation seen in equation (4)
from Lund and Thomsen11

h3iþ1=2

�x2|fflffl{zfflffl}
Ai

piþ1 þ
h3i�1=2

�x2|fflffl{zfflffl}
Bi

pi�1 �
h3iþ1=2 þ h3i�1=2

�x2|fflfflfflfflfflfflfflfflfflfflfflffl{zfflfflfflfflfflfflfflfflfflfflfflffl}
Ci

pi

¼ 6ux�0
hiþ1 � hi�1

2�x
þ 12�0

hi � hi,old
�t|fflfflfflfflfflfflfflfflfflfflfflfflfflfflfflfflfflfflfflfflfflfflfflfflfflfflfflfflfflffl{zfflfflfflfflfflfflfflfflfflfflfflfflfflfflfflfflfflfflfflfflfflfflfflfflfflfflfflfflfflffl}

fi

þerrorð�x3Þ

ð4Þ

The equation can be solved by solving the lin-
ear equation system shown in equation (5) with
respect to the film pressure distribution. The pressure
is afterwards imposed with Reynolds boundary
conditions with open-end cavitation suggested by

Figure 1. Crankshaft/connecting rod/crosshead/piston

assembly.

Figure 2. FDM scheme, central difference.

FDM: finite difference method.
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where Ai, Bi, Ci and fi are the coefficients from equa-
tion (4) and p0 is the pressure distribution.

Force equilibrium

A free body diagram (FBD) of the piston ring with the
forces acting on it is seen in Figure 3. The piston ring
is surrounded by the liner at one side and the piston at
the other side. The gas pressure above and behind,
p1,gas, and below, p2,gas, exerts normal pressures on
the piston ring. The elastic spring tension of the
piston ring, psp, is represented by a normal pressure
on the rear side and is typically in the order of 105Pa
Dowson.13 Furthermore, the piston ring is exerted to
the hydrodynamic pressure of the lubricant. For this
study, the gas pressures have been neglected even
though their contribution is much larger than the
spring tension force and would have a significant
influence on the results. It is done in order to simplify
the numerical study and clearly extract the influence

of the main parameter investigated, i.e. the curvature
of the piston ring.

It is assumed that the ring only has one degree of
freedom, i.e. radial movement in z-direction. Axial
movement of the ring in x-direction is not considered.
Both the radial and axial movement could pump
lubricant, e.g. by ring flutter. This phenomena is
not considered in the model. Several forces have
been neglected in this model. Forces in the direction
of the movement are neglected/not included in the
model. The piston ring would be affected by pres-
sure–forces on the sides from the gas pressure in
x-direction as well as friction force between the
piston and piston ring in z-direction. Both inertia
and asperity contact forces of the piston ring have
been neglected.

For each crank angle degree, �, an equilibrium
between the forces is desired with the minimum film
thickness, h0, as the free parameter. The force equilib-
rium can be seen in equation (6).

F 0
1,bs þ F 0

sp ¼ F 0
0 þ F 0

1,ss þ F 0
2,ss ð6Þ

and

F 0
0 ¼

Z
lhyd

p0 dx

where F 0
1,bs is the back-side force from the pressure

behind the ring, F 0
sp is the piston ring tension force,

F 0
0 is the hydrodynamic force together with F 0

1,ss and
F 0
2,ss as the surface-side forces exerted by the gas pres-

sures at the non-wetted length of the piston ring
surface.

Several iterative methods exist to achieve the force
equilibrium and the chosen one will be examined in
the following section.

Pertubation of Reynolds equation

A method was suggested by Lund14 with perturbation
of Reynolds equation. It has shown to be faster than
the Newton-Raphson secant method. The height pro-
file of the piston ring over the liner is based on an
assumed parabolic geometry, h ¼ h0 þ ð1� cosð�ÞÞ.
It is then subjected to a perturbation with an infini-
tesimal disturbance of the height profile, �z, so
that h ¼ ðh0 þ�zÞ þ ð1� cosð�ÞÞ. It leads to a
perturbation in the lubricant pressure distribution
with p ¼ p0 þ p��z. Higher order terms are neg-
lected. By completing the algebraic perturbation,
Reynolds equation can be expressed with respect to
the perturbation pressure, p�, as seen in equation (7)
where an approximate solution is found by FDM
from Lund.14

@
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Figure 3. FBD of piston ring.

FBD: free body diagram.
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where h0 is the initial height, p� is the perturbed pres-
sure, p0 is the initial pressure, �0 is the viscosity and �t
is the timestep.

A coefficient, Kz, is introduced which can be found
by integrating the perturbed pressure distribution
over the wetted length, Kz ¼

R
lhyd p�dx. It can be con-

sidered as a dynamic coefficient of stiffness in the
system and can be utilized in the search of force equi-
librium by the relation of equation (8).

Kz�z�
X

F 0
z ¼ 0

, �z ¼ F 0
1,bs þ F 0

sp � F 0
0 � F 0

1,ss � F 0
2,ss

Kz

ð8Þ

where Kz is the coefficient of stiffness, F 0
z is the forces

in the z-direction, F 0
1,bs is the back-side force from the

pressure behind the ring, F 0
sp is the piston ring tension

force, F 0
0 is the hydrodynamic force together with F 0

1,ss

and F 0
2,ss as the surface-side forces exerted by the gas

pressures at the non-wetted length of the piston ring
surface.

So

hnew0 ¼ h0 þ�z ð9Þ

where hnew0 is the new minimum film thickness, h0 is
the old minimum film thickness and �z is the infini-
tesimal disturbance of the height profile.

The new minimum film thickness from equation (9)
is inserted into the initial Reynolds equation in equa-
tion (2) and the calculations start over again and a
new estimate for the right minimum film thickness is
found. This iterative procedure continues until the
required change in the film thickness, �z, is below a
desired tolerance, �zlimit ¼ 10�9, so that �z5�zlimit.
The implicit method has proven to be stable.

Flow continuity

The lubrication regime in the initial stroke along the
liner can be both fully flooded, purely starved or a
combination of both. To determine the effect of star-
vation, the boundary conditions should be set con-
tinuously for each stroke. The amount of lubricant
left behind for the piston to encounter in the next
stroke is found from the pure Couette flow with
h1out ¼ hcavi

2 , where it is assumed that hcavi is the oil
film thickness at the point of cavitation with @p

@x ¼ 0
in Figures 4 and 5.

The starvation point and corresponding inlet
height of the lubricant, h?, are found by applying
flow continuity conditions through the gap between
the liner and piston ring. The volume flow per unit
length is formulated by q 0

x,ring ¼ uxh
?

2 � ðh?Þ3
12�0

@p
@x and the

inlet boundary conditions as q 0
x,in ¼ uxh

1
in which is

the lubricant left behind from the previous stroke.
The inlet height of the lubricant is q 0

x,ring ¼ q 0
x,in – see

Figure 5 where the different shapes of the velocity

profiles between the piston ring and liner can be
seen. If the flow continuity is not obtained, the
wetted length will be reduced, followed by a change
in film thicknesses, pressure distribution, pressure gra-
dients and the iterations start over again. A flow chart
of the iteration process can be seen in Figure 6.

Results and discussion

In order for the solution to converge to the piston
ring’s force equilibrium, up to � 160 iterations were
needed with severe starved conditions and as few as 2
iterations with fully flooded conditions. The time
increment was set equivalent to 1 � of crankshaft
angle. Figure 7 illustrates the typical computational
costs throughout a stroke.

The values used to execute the simulations are
shown in Table 1. A viscosity of 71 � 10�3 Pas is
chosen as it represents a commonly used lubricant
in large two-stroke diesel engines, SAE50 @ � 85 �C.

The volume flow and corresponding velocity pro-
files at different locations are shown in Figure 5. The
film thicknesses at those locations are presented in
Figures 8 and 9 for, respectively, fully flooded and
starved conditions. For the fully flooded situation,
the film thicknesses are smooth and without any
sudden changes. The minimum film thickness, h0,

Figure 4. Piston ring curvature and pressure profile.

Figure 5. Volume flow on the piston ring surface.
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is low at the top and bottom dead center, as the piston
ring velocity is low. A low velocity is corresponded by
a high lubricant pressure and therefore a decrease in
the film thickness is needed for maintaining the force
equilibrium. As the required amount of lubricant is
present at all time, there will be no disruptions in the
height increase of the piston ring.

The simulated starved conditions are shown in
Figure 9. Initially, the film thicknesses are increasing
smoothly as for the fully flooded conditions, but
around � ¼ 25 � lubricant starvation occurs. The
wetted length of the piston ring surface is decreasing
as the flow continuity point, h?, is moving towards the

center of the ring followed by a decrease in the load
carrying capacity. To overcome the reduced capacity
and uphold the force equilibrium, the film thickness
must decrease. This phenomenon is clearly seen in
Figure 8 versus Figure 9. The starvation will affect
all of the different film thicknesses including the lubri-
cant left behind, h1out, for the next stroke. An initial

Figure 6. Flowchart of the iteration procedure.
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Figure 7. Computational costs. Piston ring curvature

r¼ 100mm.

Table 1. Values used for simulations.

Parameters Value Unit

D 0.5 ½m�
�0 71 ½mPas�
l0 5 ½mm�
L 3 ½m�
nx 400 ½��
p1 0 ½Pa�
p2 0 ½Pa�
psp 203 ½kPa�
r 100–300 ½mm�
R 1 ½m�
Nrev 140 ½RPM�
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Figure 9. Different film thicknesses at starved conditions.

Piston ring curvature r¼ 200mm.

Figure 8. Different film thicknesses at fully flooded condi-

tions. Piston ring curvature r¼ 200mm.
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stroke with starvation will impact the following
strokes.

The tendencies with respect to radii and the differ-
ent terms of Reynolds equation are quite clear in
Figure 10, where the minimum film thicknesses are
shown for fully flooded conditions at different radii.
When observing the effect of piston ring curvatures at
the mid-stroke for fully flooded conditions, it can be
seen that with a low radius, the minimum film thick-
ness will be fairly high but decreases with a higher
radius. Low radii, i.e. large curvatures together with
high velocities make the Couette term, in this case the
physical wedge term, of Reynolds equation predom-
inant in the mid-stroke which supports large film
thicknesses. At the ends of the stroke, the physical
wedge term fades out due to the low velocities, and
the squeeze term of Reynolds equation becomes the
predominant one. The squeeze term is most effective
with two parallel surfaces and therefore high radii, i.e.
small curvatures have the largest load-carrying cap-
acity and thereby the highest film thicknesses at the
ends of the stroke.

Regarding the starved conditions in Figure 11, it
can be seen that the radii affect the point of where
starvation occurs. The starvation is most significant
with small radii and the film thicknesses will increase
as the radii are increased. The behavior for starved
conditions is different from fully flooded conditions.
A smaller and finite amount of lubricant is available
for the piston ring which enforces starved conditions.
When increasing radii, the starvation will be less sig-
nificant which gives a larger wetted length on the
piston ring surface. Hence, a larger film thickness is
required for maintaining the load-carrying capacities
of large radii. The squeeze term predomination is once
again seen at the ends of the stroke. Furthermore, the
typical ‘drops’ in the film thicknesses are emphasized
around 1� 2 � just after the starting point of the
piston with zero velocity. The piston ring squeezes a
bit through the lubricant film, even though the

velocity is different from zero, before the hydro-
dynamic pressure once again builds up.

The wetted length of the piston ring can be seen in
Figures 12 to 15 as the shaded area at different radii
with both fully flooded and starved conditions where
the inlet and cavitation positions are illustrated. It can
be seen that in the situation with fully flooded
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Figure 10. Minimum film thickness for fully flooded condi-

tions. Different piston ring curvatures.
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Figure 13. Position of inlet height and cavitation at starved

conditions. Piston ring curvature r¼ 100mm.
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Figure 11. Minimum film thickness for starved conditions.

Different piston ring curvatures.
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conditions in Figure 12, the point of flow continuity is
at the starting edge of the piston ring surface through-
out the entire stroke. The simulations with starved
conditions are seen in Figures 13 to 15. It can be
seen that with increased radii, starvation will be less
significant and the point of flow continuity goes
towards the edge of the piston ring.

The pressure history is illustrated in Figures 16 to
19 for both fully flooded and starved conditions at
different radii. In the first stroke with fully flooded
conditions, the pressure is rather low as the wet and
thereby load-carrying length of the piston ring is
large. During the starved strokes, the wetted length
will become larger and larger and therefore a smaller
pressure is required to carry the same load with
increased radii as mentioned previously. The mean
pressures are illustrated by pmean in the figures.
Furthermore, the relation between the load carrying
capacity and the piston ring velocity is clear. Around
top dead center and bottom dead center, large pres-
sures are needed as velocities are low.

The powerloss due to hydrodynamic friction forces
can be seen in Figure 20. The frictional power loss has
been found by considering the geometry of the piston
ring. The viscous friction force is known to be depend-
ent on the simulating parameters as the film thickness
and the pressure gradient by F 0

fric ¼
R l0
0 ½h2 @p

@x þ ux�0
h �dx in
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Figure 15. Position of inlet height and cavitation at starved

conditions. Piston ring curvature r¼ 300mm.
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Figure 14. Position of inlet height and cavitation at starved

conditions. Piston ring curvature r¼ 200mm.

Figure 17. Pressure history at starved conditions. Piston ring

curvature r¼ 100mm.

Figure 18. Pressure history at starved conditions. Piston ring

curvature r¼ 200mm.

Figure 16. Pressure history at fully flooded conditions. Piston

ring curvature r¼ 100mm.
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Hamrock et al.15. For the starved conditions, the
power loss is increasing with increased radii and cor-
responding increased film thickness as shown in
Figure 11. The fully flooded conditions work opposite
where the power loss also increases with increased
radii but with decreasing film thicknesses. Even
though the film thicknesses are decreasing with
increased radii, the power loss is still increasing.
This shows the influence of the pressure gradient
and the non-linearity in the viscous friction force.

Conclusion

i. A proposal for a theoretical model to investigate
the hydrodynamic lubrication of the top com-
pression piston ring in a large two-stroke
marine diesel engine has been made. The model
has shown as being able to simulate a piston
stroke both with fully flooded and starved condi-
tions of the lubricant.

ii. The behavior of fully flooded and starved condi-
tions has shown to be different within the
investigated range of radii. For fully flooded

conditions with a theoretical infinite amount of
lubricant, the film thicknesses will be largest with
small radii due to the effect of the wedge term.

iii. During starvation with a limited amount of lubri-
cant, the model increases the wetted length of the
piston ring with increased radii. Hence, the film
thicknesses increase with increased radii for
starved conditions.

iv. The squeeze term has proven to have a beneficial
effect in the model since the Couette term does
not carry any load at the turning points of the
piston ring.
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Appendix

Notation

Parameters
D piston diameter, ½m�
F0 force, ½N=m�
h oil film thickness, ½m�
h0 oil minimum film thickness, ½m�
hcavi oil film thickness at cavitation point,

½m�
hm oil film thickness at @p=@x ¼ 0
K stiffness coefficient, ½N=m2�
l0 piston ring length, ½m�
L connecting rod length, ½m�
nx number of discretization points, ½��
Nrev crankshaft rotational speed, ½RPM�
p pressure, ½Pa�

p1 gas upper pressure, ½Pa�
p2 gas lower pressure, ½Pa�
psp piston ring tension, ½Pa�
r radius of curvature, ½m�
R crankshaft radius, ½m�
t time, ½s�
ux liner velocity, ½m=s�
up piston velocity, ½m=s�

Subscript

0 initial
bs back-side
cav cavitation
fric friction
hyd hydrodynamic
i index
in from previous crank angle degree /

stroke
out for next crank angle degree / stroke
sp elastic spring tension
ss surface-side
wet wetted
x x-direction
z z-direction

Superscripte mean
1 outlet/inlet

dt timestep, ½s�
� difference, ½��
�0 absolute viscosity, ½Pa s�
y crank angle degree (CAD), ½ ��
o crankshaft angular velocity, ½1=s�
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Lubricant transport across the piston ring
with flat and triangular lubrication
injection profiles on the liner in large
two-stroke marine diesel engines

H Overgaard1, P Klit1 and A Vølund2

Abstract

A theoretical investigation of the lubricant transport across the top compression piston ring in a large two-stroke marine

diesel engine is presented. A numerical model for solving Reynolds equation between the piston ring and cylinder liner

based on the finite difference method in one dimension has been made. The model includes force equilibrium of the

piston ring, perturbation of Reynolds equation, and transient mass conservation. The model represents a new method of

achieving mass conservation across the piston ring and between different time-dependent positions. For analyzing the

lubricant transport across the piston ring, two different kinds of initial lubricant profile on the liner and two different

kinds of load are investigated i.e. a flat profile and an approximated triangular profile as well as no load and a combustion

load based on a combustion pressure profile. The impact from the different load conditions and different lubricant

profiles on the liner are presented for film thicknesses, development in the lubricant profiles on the liner as well as the

lubricant consumption at each stroke.

Keywords

Lubricant transport, Reynolds equation, piston ring lubrication, finite difference method, lubricant injection, perturbation

of Reynolds equation, hydrodynamic lubrication, flow continuity, lubricant starvation
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Introduction

Piston ring lubrication has previously been studied by
numerous authors e.g. the study by Hamrock and
Esfahanian,1 where numerical schemes were devel-
oped to solve Reynolds equation simultaneously
with the load equilibrium equation for one cycle.

A theoretical investigation of the hydrodynamic
lubrication of the top compressions ring in a large
two-stroke marine diesel engine has previously been
performed by the authors of this article in the study
by Overgaard et al.2 The cyclic variation throughout
one stroke for the minimum film thicknesses at differ-
ent interesting locations of the piston ring surface
together with the friction and the pressure distribution
history was computed and presented.

This article has been made in cooperation with
MAN Diesel and Turbo SE and is presenting a new
method for achieving mass conservation across the
piston ring in both space and time. The long-term
goal of the academic study is to reveal the lubricant
behavior within a large two-stroke marine diesel
engine and make suggestions for a future design in
lubricant injectors. Large two-stroke marine diesel

engines are lubricated differently than a conventional
trunk engine e.g. in automotive engines. The cylinder
lubricant in large marine engines is injected at a dis-
crete position on the liner. It is supplied at every 2nd,
3rd, or maybe every 10th stroke at a discrete time and
location based on the geometrical properties of the
engine and the operating conditions. If the amount
of lubricant is too small, the piston rings will dry
out leading to increased asperity contact, abrasion,
and increased friction as well as power loss and inad-
equate sealing between the combustion chamber gas
and scavenging area. Furthermore, scuffing of the
cylinder liner could occur. If the quantity is too
large, the lubricant is transported into the scavenging
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area or end up in the combustion chamber, where it is
either combusted or evaporated. It is of great import-
ance to understand the lubricant transport between
the injections in order to achieve an adequate
injection volume.

From both an economic and environmental point
of view, it would be reasonable to reduce the amount
of cylinder lubricant as it is, if combusted, an expen-
sive fuel.

The objective of this article is to investigate the
lubricant transport across the piston ring for the
first three crankshaft rotations at different operating
conditions. The transport will be studied for no load
versus an artificial combustion load as well as a flat
lubricant profile versus a lubricant injection at a dis-
crete location. The focus will be on revealing in which
strokes the lubricant transport are most significant
with the distribution between the up and downstroke
as well as the lubricant behavior based on the operat-
ing conditions.

Method

Basic concept

A method was proposed by Overgaard et al.2 to
model the lubricant transport along the cylinder
liner in large two-stroke marine diesel engines. The
method is very briefly outlined in this section. A thor-
ough examination of the method can be found in the
study by Overgaard et al.2

A sketch of a piston-crankshaft assembly, which
could be in a large marine diesel, is seen in Figure 1
with the relationship between the crankshaft rotation
and the piston ring velocity

up ¼ ! R sinð�Þ þ R2 sinð�Þ cosð�Þffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffi
L2 � R2 sin2ð�Þ

q
0B@

1CA ð1Þ

In a typical two-stroke engine, multiple piston
rings are present in a piston ring pack. If multiple
rings are present, the bottom ring is an oil control
ring with a fixed incline geometry, which is able to
build lubricant pressure between the ring and liner
in the upstroke leaving an oil trace behind. On the
downstroke, the bottom ring is not able build pres-
sure and is scraping oil in front of it. The top ring
is a compression ring typically with a parabolic pro-
file, which has an excellent ability of generating
lubricant pressure and creating a sealing between
the combustion gas above the ring and the scavenge
air below.

A one ring system is chosen for making the influ-
ence of just one piston ring clear without making it
too complicated with more rings where several phe-
nomena between the rings might be present.

Reynolds equation

Reynolds equation is seen in equation (2) under
assumption of only the liner moving while considering
the lubricant being Newtonian, isoviscous, incom-
pressible, and with constant density

@

@x
h3

@p

@x

� �
¼ 6ux�0

@h

@x
þ 12�0

@h

@t
ð2Þ

where h is the oil film thickness, p is the oil pressure,
ux is the liner velocity, �0 is the lubricant viscosity, and
t is the time.

Film pressure distribution

Reynolds equation is solved approximately by a
numerical central finite difference method of second
order with explicit time stepping where h0,old denotes
the previous time step. The difference equation is seen
in equation (3).

h3iþ1=2

�x2|fflffl{zfflffl}
Ai

piþ1 þ
h3i�1=2

�x2|fflffl{zfflffl}
Bi

pi�1 �
h3iþ1=2 þ h3i�1=2

�x2|fflfflfflfflfflfflfflfflfflfflfflffl{zfflfflfflfflfflfflfflfflfflfflfflffl}
Ci

pi

¼ 6ux�0
hiþ1 � hi�1

2�x
þ 12�0

hi � hi,old
�t|fflfflfflfflfflfflfflfflfflfflfflfflfflfflfflfflfflfflfflfflfflfflfflfflfflfflfflfflfflffl{zfflfflfflfflfflfflfflfflfflfflfflfflfflfflfflfflfflfflfflfflfflfflfflfflfflfflfflfflfflffl}

fi

þerrorð�x3Þ

ð3Þ

where h is the oil film thickness, p is the oil pressure,
ux is the liner velocity, �0 is the lubricant viscosity, �x
is the nodal distance, and �t is the time step.

Figure 1. Crankshaft/connecting rod/crosshead/piston

assembly. Engine seen from aft.
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The difference equation is solved as a system of
linear equations as shown in equation (4). Reynolds
boundary conditions and open-end cavitation from
the study by Han and Lee3 are imposed

C1 A1

B2 C2 A2

B3 C3 A3

:: :: ::

Bnx Cnx Anx

26666664

37777775
|fflfflfflfflfflfflfflfflfflfflfflfflfflfflfflfflfflfflfflfflfflfflfflfflfflfflfflfflfflffl{zfflfflfflfflfflfflfflfflfflfflfflfflfflfflfflfflfflfflfflfflfflfflfflfflfflfflfflfflfflffl}

D

p1

p2

p3

::

pnx

26666664

37777775
|fflfflffl{zfflfflffl}

p0

¼

f1

f2

f3

::

fnx

26666664

37777775
|fflfflffl{zfflfflffl}

f0

, p0 ¼ D=f0

ð4Þ

where Ai, Bi, Ci, and fi are the coefficients from equa-
tion (3) and p0 is the pressure distribution.

Force equilibrium of the piston ring

A force equilibrium of the piston ring is achieved. A
free body diagram of the piston ring showing the
forces acting in the z-direction can be seen in
Figure 2. The friction force between the piston and
piston ring is neglected together with all forces in the
x-direction. p1,gas and p2,gas are the gas pressures, F

0
hyd

is the hydrodynamic force of the oil and is computed
by equation (5), F 0

sp is the tension spring force of the
piston ring, F 0

1,bs is the pressure-related back-side
force together with F 0

1,fs and F 0
2,fs as the pressure-

related piston-ring-face forces. Due to blow-by of
the combustion gas across the piston ring, it is
assumed that p2,gas ¼ 2

3 �1,gas

F 0
hyd ¼

Z
lhyd

p0 dx ð5Þ

where lhyd is the wetted length of the piston ring and p0
is the oil pressure distribution derived from Reynolds
equation in equation (2). The minimum film thick-
ness, h0, is the free parameter of the force equilibrium
as it is determining F 0

hyd.

Perturbation of Reynolds equation

The perturbation method was suggested by Lund
and Thomsen4 where the assumed parabolic height
profile, h ¼ h0 þ rð1� cosð�ÞÞ, is perturbed by an
infinitesimal small disturbance, �z, so that the
height profile becomes h ¼ ðh0 þ�zÞ
þrð1� cosð�ÞÞ. It should be noticed that � is related
to the geometry of the piston ring and not the
crankshaft position. The lubricant pressure distribu-
tion is then affected by the disturbance with
p ¼ p0 þ p��z. The perturbed Reynolds equation
can be seen in equation (6) with respect to the per-
turbed pressure, p�.

@

@x
h3

@p�
@x

� �
¼ �3

@

@x
h2

@p0
@x

� �
þ 12�0

@t
ð6Þ

where p� is the perturbed pressure and p0 is the undis-
turbed pressure.

By integrating the perturbed pressure over the
wetted length, Kz ¼

R
lhyd

p�dx, a coefficient of stiffness,
Kz, can be found. The change in oil film thickness, �z,
due to the imposed disturbance is found by taking
advantage of the dynamic properties of the stiffness
coefficient as seen in equation (7).

Kz�z�
X

F 0
z ¼ 0

, �z ¼ F 0
1,bs þ F 0

sp � F 0
hyd � F 0

1,fs � F 0
2,fs

Kz

ð7Þ

where Kz is the stiffness coefficient, �z the change in
oil film thickness,

P
F 0
z is the sum of all forces in z-

direction, F 0
hyd is the hydrodynamic force of the oil,

F 0
sp is the tension spring force of the piston ring, F 0

1,bs

is the pressure-related back-side force together with
F 0
1,fs and F 0

2,fs as the pressure-related piston-ring-face
forces. So

hnew ¼ h þ�z ð8Þ

where hnew is the new film thickness, h is the old film
thickness, and �z is the change in the film thickness.

The new minimum film thickness is inserted into
the initial Reynolds equation in equation (2) and hnew0

is calculated again. The iterative procedure continues
until the force equilibrium is reached for a given �.
The numerical flow chart for the iterative procedure is
seen in Figure 13 in Appendix 1.Figure 2. Free body diagram of the piston ring.
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Mass conservation

The face of the piston ring is seen in Figure 3. An
initial amount of lubricant is on the liner, h1in , and is
assumed to be undisturbed by the piston ring and is
either left behind by the piston ring in the previous
stroke or injected on the liner. The undisturbed enter-
ing lubricant flow is defined as q 01

in and is calculated
by the relationship between the piston ring velocity
and the film thickness in equation (9).

q 01
in ¼ uxh

1
in ð9Þ

The lubricant that goes under the piston ring is q 0?

and is computed as

q 0? ¼ uxh
?

2
� h?ð Þ3

12�

@p

@x
ð10Þ

where h? is the film thickness where the wetted surface
of the piston ring begins.

By an iterative procedure, the starvation point e.g.
the position of inlet height, h?, is changed to adjust the
lubricant volume flow under the piston ring. In case of
starvation, the inlet position moves towards the center
of the piston ring. When fully flooded conditions are
present, lubricant build-up in front of the piston ring
occurs. In order to account for this build-up, the
model must be able to transfer lubricant between
the different positions, �, on the liner. A control
volume is imposed as shown in Figure 3. The inlet
height or starvation height for the present �k, h

?
k is

represented by a dashed line. The dotted line is the
starvation height at the previous position, �k�1. The
oil flow at starvation height is q0?. The oil enters the
system with the height h1in . The distance between the
two heights, l1, is assumed to be very large compared
to the domain so that the entering flow, q01in , is com-
pletely undisturbed by the piston ring. The two
heights for the previous �, h1in,k�1, h

?
k�1, together

with their distance, l1, form an area or control
volume marked with a dotted line in Figure 3.
The area is calculated by the equation below.

ACV,�k�1
¼ h?�k�1

þ h1in,k�1

2
l1 ð11Þ

The same calculations are done for the next � i.e.
�k, and for maintaining mass conservation at different
operation conditions a new starvation height, h?k and
corresponding area, ACV,�k , represented by the dashed
line in Figure 3 is calculated. Between the two � lubri-
cant has either been build-up or consumed by the
piston ring. The phenomena are accounted for by
the residual term, q 0

res, which is considered as the
change in area between the two � over the time step
and is calculated by

q 0
res ¼

ACV,�k � ACV,�k�1

�t

¼
h?�k

þh1
in,k

2 l1 � h?�k�1
þh1

in,k�1

2 l1
�t

ð12Þ

The transient mass conservation between the
two � isX

q 0 ¼ 0 , q 01
in � q 0? � q 0

res ¼ 0 ð13Þ

A flow chart of the iterative procedure is seen in
Figure 13 in Appendix 1.

All the different flow profiles can be seen in
Figure 4 where q 01

in , q 0?, q 0
m, q

0
0, q

0
cavi, and q01out corre-

sponds to the flow at positions of the undisturbed
inlet, starvation, maximum pressure with @p=@x ¼ 0,
minimum film thickness, cavitation, and the outlet,
respectively.

Flat lubricant profile on the liner

The thickness of the initial flat lubricant profile
depends on the geometry of the piston ring. The
film thickness is set to be half the height of the
parabolic side of the ring.

Figure 3. Lubricant control volume in front of the piston ring

for transient mass conservation. Figure 4. Flow profiles under the piston ring.
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Triangular lubricant profile on the liner

In large two-stroke marine diesel engines, the lubricat-
ing system works differently than in a conventional
trunk engine. Cylinder lubrication oil is injected
from discrete located holes in the cylinder liner.

The position of the lubricant injection holes is
often approximately 1/3 from top dead center
(TDC). The oil film thickness on the liner is assumed
to be an approximated local triangle geometry after
the injection. A sketch of this is seen in Figure 5 where
discrete injection position 1/3 from TDC is sketched.
The dimensions are grossly exaggerated.

For comparison between a flat and triangular
lubricant profile, the amount of oil injected on the
liner is considered constant regardless of the geometry
and position i.e.

Vlube,inj ¼ 2�R

Z TDC

BDC

hlubeðxÞdx ¼ constant ð14Þ

where R is the radius of the piston and hlube is the
lubricant thickness on the liner.

Lubricant consumption

The lubricant consumption roughly consists of three
contributions i.e. lubricant combustion, evaporation,
and the amount scraped off by the piston ring. Both
the combustion and evaporation have been neglected
in this study. A two-stroke marine diesel engine works
differently than a conventional trunk engine. If lubri-
cant is scraped off by the piston rings, it is considered
lost as the large two-stroke engine does not have a
lubricant reservoir in the crankshaft area from
where it could be reused.

Results and discussion

Operating conditions

For simulating the piston ring lubrication, two
different load cases have been used. The first case con-
siders all the gas pressure-related forces of the free
body diagram in Figure 2 to be zero. Only the
spring tension force and the hydrodynamic force of
the lubricant is present. For the second case, an
artificial combustion pressure scenario has been

implemented to imitate the real operating conditions
of the piston ring regarding pressure forces. As men-
tioned previously, it has been assumed that
p2,gas ¼ 2

3 �1,gas. The combustion pressure profile is
seen in Figure 6. This study is neglecting some
phenomena, which are present when performing
experiments i.e. the temperature dependency on the
lubricant viscosity which will be commented on later
together with lubricant evaporation. Furthermore, the
lubricant is assumed to be new, fresh, and unaffected
by the harsh conditions within a combustion engine
during the modeling. The viscometric properties of
the lubricant due to degradation has been studied by
Taylor and Bell,5 which potentially affect the viscosity
and thereby the load-carrying capacity of the lubri-
cant. With the assumption of a continuously supply of
fresh oil, the influence of particles in the lubricant
does not matter. In a real system, even particles
much smaller than the film thickness cause wear,
Jacobson6 which could change the surface appearance
as well as the load-carrying capacity of the lubricant.
Furthermore the surfaces are assumed smooth.

Beside the two loads, several lubricant injection
profiles are investigated. A flat profile together with
a ‘‘1/3 injection position profile’’ are used. For study-
ing the influence of the loads and lubricant injection
profiles, a fixed radius of curvature for the piston ring
of 150 mm has been used. The different operating par-
ameters are shown in Table 1.

Piston ring scraping and lubricant accumulation

Some of the different film thicknesses from Figure 4 are
shown in Figure 7 as a function of the crank angle
rotation for the initial down and upstroke,
0�4�4360�. The lubricant profile on the liner is illu-
strated with the parameter h1in . The simulation has
been made for flat lubricant injection both with no
load in Figure 7(a) and combustion load in
Figure 7(b). Furthermore, have the simulations been

Figure 6. Combustion pressure profile above, p1,gas, and

below, p2,gas, the piston ring.

Figure 5. Sketch of a triangular lubricant injection profile on

the liner for injection position 1/3.
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made for a ‘‘1/3 lubricant injection position’’ with no
load in Figure 7(c) and combustion load in Figure 7(d).

When looking at the film thicknesses with no load
and flat profile in Figure 7(a), fully flooded conditions

are initially present and lubricant is accumulated in
front of the for �420�. It is illustrated by the line for
h1in being larger than the line for h1out, i.e. more lubri-
cant is entering than leaving the system indicating
accumulation. From 20�4�435�, the accumulated
lubricant is consumed which leaves more oil behind
than entered for the given �. From 35�4�4130�,
starved conditions are present, which is seen as the
inlet or starvation point, h?, moves towards the
center of the ring. Thereby, the wetted length of the
piston ring is reduced in order to maintain the load-
carrying capacity of the lubricant.

In the first quarter of the stroke with combustion
load and flat profile in Figure 7(b), pressure in front of
the ring is up to 18 MPa, which results in very small
film thicknesses to maintain the hydrodynamic pres-
sure and thereby the load-carrying capacity for the
force equilibrium of the piston ring. A large amount
of oil is accumulated, which ensures that fully flooded
conditions are maintained throughout the entire
downstroke from 0�4�4180�, where starved condi-
tions will be present from �5230� and forth.

(a) (b)

(c) (d)

Figure 7. Film thicknesses at first crankshaft rotation as a function of � with N ¼ 40 r=min with both no load and combustion load as

well as flat and 1/3 injection position: (a) flat injection and no load, (b) flat injection and combustion load, (c) 1/3 injection position and

no load, and (d) 1/3 injection position and combustion load.

Table 1. Values used for piston ring simulations.

Parameter Value Unit

D 0.8 ½m�
�0 50�10–3 ½Pa � s�
l0 5 ½mm�
L 3.72 ½m�
N 40–100 r/min

nx 400 ½��
p1,gas 0-18 ½MPa�
p2,gas 0-12 ½MPa�
psp 203 ½kPa�
r 150 ½mm�
R 1.86 ½m�
Vlube,inj Constant ½m3�

Overgaard et al. 385



With no load and ‘‘1/3 injection position’’ in
Figure 7(c) the result follows the one for no load
and flat injection in Figure 7(a). But at � ¼ 54�, the
lubricant injection peak is encountered by the piston
ring which gives a lubricant build-up. The accumu-
lated oil ensures fully flooded conditions from
54�4�480� after which no more build-up is present.

The combustion load and ‘‘1/3 injection position’’
in Figure 7(d) are more or less identical with simula-
tion of no load, and flat injection in Figure 7(b) due to
the high combustion pressures ensures a large lubri-
cant accumulation in either case.

The results for film thicknesses in Figure 7(a) and
(b) are illustrated as indices in Figure 8, where the
location for inlet and cavitation points on the piston
ring are plotted. The gray area is the length of the
active part, where lubricant affects the piston ring.
A location of zero or one for, respectively, the first
and second stroke indicates fully flooded conditions.
As mentioned previously, fully flooded conditions are
maintained through half of the stroke with combus-
tion pressure due to accumulation of lubricant with
high pressures.

Residual lubricant on the liner

Simulations have been made to investigate the influ-
ence of the engine velocity on the residual lubricant
left behind on the liner after three crankshaft rota-
tions. A result of the simulation is seen in Figure 9,
where the development in the lubricant on the liner
has been plotted as a function of �. The lubricant is
injected at � ¼ 54� and the development goes from the
initial lubricant injection profile on the liner to after
six strokes for different engine velocities. The simula-
tions have been made for no load and combustion
load in Figure 9(a) and (b), respectively. The appear-
ance of the initial profile is flat with a triangular peak
around the injection position. The lubricant profile on

the liner after six strokes is computed for three engine
velocities i.e. N ¼ 40; 70; 100½ � r=min, which corres-
ponds to mean piston ring velocities of
ux ¼ ½4:96; 8:68; 12:4� m=s. In general, for both kinds
of load, an increased velocity increase the ‘‘flattening’’
of the lubricant peak. However, the shape of the flat-
tening is very dependent on the load. For no load in
Figure 9(a) the lubricant peak deforms after six
strokes but the initial position and shape is somehow
preserved. The phenomenon with flattening of the
injection peak is considered to be the same regardless
of the position of injection. On the other hand, with
the combustion pressure in Figure 9(b), the change in
the lubricant profile is significant as the lubricant is
pushed towards the center of the liner due to the high
combustion pressure around TDC, the high compres-
sion pressure around BDC as well as the low velocity
around both TDC and BDC. The lubricant has some
small peaks for N ¼ ½40; 70� r=minat around � ¼ 130�

where a pressure drop occurs in Figure 6.

Lubricant consumption

Lubricant consumption is present where the scraped
oil is not utilized before end of the stroke. The con-
sumption is defined as the change in the lubricant
amount on the liner from the initial injection to
after three crankshaft rotations. The behavior of the
consumption as a function of the engine speed and
injection profile has been investigated.

The lubricant consumption is illustrated in
Figure 10 for both kinds of load and both lubricant
injection profiles. The consumption is illustrated for
each stroke up to three crankshaft rotations. The ten-
dency for flat injection in Figure 10(a) and ‘‘1/3 injec-
tion position’’ in Figure 10(b) are more or less similar
to each other. The major part of the consumption takes
place in the initial downstroke and the minor part in
the following upstroke of the first crankshaft rotation

(a) (b)

Figure 8. Index of inlet, h?, and cavitation point, hcavi as a function of � for first crankshaft rotation with N ¼ 40 r=min with a flat

lubricant profile at different loads: (a) no load and (b) combustion load.
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after which steady-state occurs. From the second rota-
tion and forth, the lubricant consumption will be
steady until additional lubricant is injected.

Figure 11 shows the total lubricant consumption
after three crankshaft rotations at different engine
speeds for flat and ‘‘1/3 injection position.’’ For no
load and flat injection in Figure 11(a), the consump-
tion decreases from 10 ! 5 % when the speed is
increased from 40 ! 100 r=min. When simulating
with combustion pressure, the tendency is similar as
the lubricant consumption is decreased from
36 ! 16 % when the speed is increased from
40 ! 100 r=min. When changing the lubricant injec-
tion from flat profile to ‘‘1/3 injection position’’ pro-
file in Figure 11(b), the behavior of the consumption
is more or less the same where the consumption has

increased a few percent for combustion load and
decreases a bit with no load. In general, the lubricant
consumption is larger when running with combustion
load compared to no load. This tendency is strongly
influenced by the high pressures of the combustion
load which, as mentioned previously, results in low
film thicknesses to maintain the force equilibrium of
the piston and a large amount of lubricant is accumu-
lated in front of the ring.

The results for lubricant consumption in Figure 12
are expanded to illustrate the overall distribution
between down- and upstroke. For the no load and
flat profile, situation in Figure 12(a) the primary
stroke for lubricant consumption is the downstroke
for all engine velocities but the distribution will even
out a bit with increased velocities.

(a) (b)

Figure 10. Relative lubricant consumption in ½%� for each stroke up to six strokes for flat and 1/3 injection profile for both no load

and combustion load and different engine speeds. The lubricant consumption is relative to the total amount consumed after three

crankshaft rotations: (a) flat injection and (b) 1/3 injection position.

(a) (b)

Figure 9. Development in the lubricant profile on the liner as a function of � after three crankshaft rotations with 1/3 injection

profile for both no load and combustion load: (a) No load and (b) Combustion load.
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(a) (b)

(c) (d)

Figure 12. Relative lubricant consumption distribution in ½%� between down and upstroke after three crankshaft rotations, flat and

1/3 injection profile, both no load and combustion load and different engine speeds. (a) No load and flat injection, (b) Combustion load

and flat injection, (c) No load and 1/3 injection position, and (d) Combustion load and 1/3 injection position.

(a) (b)

Figure 11. Total lubricant consumption in ½%� after three crankshaft rotations, flat and 1/3 injection profile for both no load and

combustion load and different engine speeds: (a) Flat injection and (b) 1/3 injection position.
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For the other scenarios i.e. combustion load and
flat injection, no load and ‘‘1/3 injection position’’ as
well as combustion load and ‘‘1/3 injection position’’
in, respectively, Figure 12(b), (c), and (d), the tenden-
cies are similar to the scenario discussed before where
the downstroke holds the majority of the consump-
tion and evens out a bit with increased velocity.

The reason for the downstroke to have the major
lubricant consumption is highly influenced by one
particular assumption of the numerical model. For
doing these simulations, a downstroke is considered
to be the initial stroke. If the running conditions
result in low film thicknesses at the initial down-
stroke, a large amount of lubricant is accumulated
in front of the ring which might not be utilized
before end of the stroke and is therefore lost. If the
engine velocity is increased, a larger lubricant pres-
sure will be build-up beneath the piston ring. To over-
come this pressure increase, the film thickness
increases which allows more lubricant to pass under
the ring and not being scraped off. The amount of
passed lubricant will then be scraped off in the fol-
lowing upstroke and therefore the distribution is
leveled out with increased velocities.

Lubricant film thicknesses

The minimum film thicknesses computed and pre-
sented in Figure 7 have averages of h0,mean � 15 �m,
which might seem rather high compared to some stu-
dies7,8 where the average oil film thicknesses were few
microns. The most significant difference with respect
to the operating conditions from the previous men-
tioned studies and this article is that the influence of
the temperature on the viscosity. Not surprisingly the
viscosity as a function of the temperature is important
due to its significant role in the pressure generation
from Reynolds equation in equation (2).

On the other hand, some studies support the results
of the study by Hamrock and Esfahanian,1 where the
viscosity has been considered independent of the tem-
perature as well as for this article.

Conclusion

The following conclusion has been made:

(i) A transient mass conservation for lubrication of
the piston ring was imposed in the numerical
model. It has been shown to account for lubricant
scraped and accumulated in front of the ring
together with the following lubricant consumption.

(ii) The kind of load e.g. no load versus combustion
load has shown to have significant influence on
the appearance of the residual lubricant film on
the liner.

(iii) The downstroke has shown to be the major lubri-
cant consumer with the following upstroke as the
minor one. Steady-state conditions regarding the

lubricant consumption appears after the first
crankshaft rotation and forth.
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Appendix

Notation

bs back-side
BDC bottom dead center
cav cavitation
fs piston ring face side
hyd hydrodynamic
i index, spatial
in inlet from previous � or stroke
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k index, time
m at max(pressure) and @p=@x ¼ 0
min minimum
out outlet for next � or stroke
res residual
sp elastic spring tension
x x-direction
z z-direction
D piston diameter, ½m�
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m

� �
h oil film thickness, ½m�
K stiffness coefficient, N

m2

� �
l length of piston ring, ½m�
L connecting rod length, ½m�
N crankshaft rotational speed, ½r=min�
nx number of discretization points
p pressure, ½Pa�
p1,gas gas pressure, above piston ring, ½Pa�
p2,gas gas pressure, below piston ring ½Pa�
q 0 volume flow per unit circumference,

m2

s

h i
r piston ring radius of curvature ½m�
R crankshaft radius, ½m�
sh shoulder height, ½m�
t time, ½s�

TDC top dead center, ½��
up piston velocity, m

s

� �
ux liner velocity, m

s

� �
Subscripts

0 initial/index

Superscripts

1 outlet/inlet
0 per unit circumference
? starvation point
� difference
�0 absolute viscosity, Pa � s½ �
� crank angle degree (CAD), ½��
� piston ring geometry parameter, ½��
! crankshaft angular velocity, ½s�1�

Appendix 1

The flow chart of the numerical algorithm with the
new method for mass conservation is seen in
Figure 13.

Figure 13. Flow chart of the numerical algorithm with mass conservation.
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