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Design of centrifugal compressors for heat pump systems

Andrea Meronia,∗, Benjamin Zühlsdorfa, Brian Elmegaarda, Fredrik Haglinda

aDepartment of Mechanical Engineering, Technical University of Denmark, Nils Koppels Allé, Building 403, 2800 Kongens Lyngby, Denmark

Abstract

This work presents a mean-line model of a centrifugal compressor and a method for a coupled optimization with a heat
pump system. The compressor model was validated with five test cases from the open literature including the working
fluids: air, refrigerant R-134a and carbon dioxide. Afterwards, the compressor model was coupled and optimized with
that of a heat pump cycle supplying steam at 150 ◦C. Two cycle configurations were considered: an open-loop system
using steam, and a closed-loop system with five other working fluid candidates. The compressor was designed using a
multi-objective optimization algorithm, which seeks to maximize simultaneously the cycle coefficient of performance
and the supplied heat flow rate. The method employed in this work considers the possible trade-offs regarding cycle
and compressor design criteria, and can be used to identify cost-effective solutions for the next generation of heat
pumps. The obtained results suggest that a two-stage compressor using steam yields the highest values of coefficient
of performance and heat supply, and at the same time requires a more challenging compressor design.
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1. Introduction

Heat pump systems are regarded as a viable and at-
tractive solution to recover excess heat from low-to-
medium temperature heat sources of many industrial
processes [1–3].

Chua et al. [4] and Arpagaus et al. [2] reviewed
the most important advances in the field. The appli-
cation of heat pump systems is currently extending to
the generation of high-temperature heat (with heat sink
temperatures above approximately 100 ◦C). The Inter-
national Energy Agency (IEA) [5] produced a report on
industrial heat pumps, indicating the markets, level of
technological maturity, applications and barriers of heat
pumps. The report highlights that the theoretical poten-
tial for application of industrial heat pumps increases
significantly for heat sink temperatures up to and higher
than 100 ◦C. Nellisen and Wolf [6] investigated the
heat demand across different industries in the European
market and indicated that about 626 PJ (174 TWh) of
heat is reachable by industrial heat pumps, of which
about 113 PJ (19 %) is in the temperature range 100 ◦C
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to 150 ◦C. Recently, Arpagaus et al. [3] presented a
comprehensive review on high-temperature heat pump
(HTHP) systems, concluding that industrial HTHPs can
potentially supply the industrial European demand of
113 PJ.However, the literature highlights that the de-
velopment of mass-produced units is hindered by many
factors, such as low awareness of the heat consumption
in companies and the possible technical solutions [3, 5];
lack of knowledge of comprehensive heat pump integra-
tion methods [3, 5, 7]; lack of available refrigerants with
low global warming potential in the high-temperature
range [3, 8]; lack of cost-efficient solutions and long
payback periods [5, 8, 9]; and the technical challenges
related to the compressor operation at high temperatures
[10].

In this respect, the centrifugal compressor (CC) tech-
nology is seen as an attractive option compared with
positive displacement compressors, since it bears key
advantages such as the potential for high efficiency, the
possibility to operate at high pressure ratios, a compact
design, and oil-free operation [11, 12]. The progress
of the technology in the last decades, and, foremost, the
introduction of high-speed generators, have made it pos-
sible to apply CCs even to smaller units in the refrigera-
tion and heat pump fields. Hastbacka et al. [13] claimed
that small centrifugal compressors are expected to re-
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place reciprocating and screw compressors for chilled-
water systems in the range 88 kW to 281 kW as their
high initial cost is offset by improved energy efficiency.
Süß [14] developed a centrifugal compressor for refrig-
eration applications with a nominal power of 7 kW,
operating up to 90 krpm and achieving an overall ef-
ficiency of 70 % (including the motor). Bertsch et
al. [15] conducted a study on the use of micro turbo-
compressors in HTHPs, concluding that such compres-
sors are a viable alternative to traditional technology.
The working fluid can range from natural to synthetic
refrigerants, and the compressor can experience consid-
erably different flow phenomena according to the se-
lected medium. The combination of high rotational
speed, the variety of possible working fluids, and the
compact size often result in highly loaded compressors
whose design requires the adoption of suitable numeri-
cal tools and modeling strategies.

The first step in the design of a centrifugal compres-
sor is performed using one-dimensional preliminary de-
sign models. One-dimensional numerical methods, also
called mean-line models, provide the design and perfor-
mance estimation of the centrifugal compressor through
the solution of the governing equations at the mean
streamline and at the main stations of the compressor
components. Compared to more advanced methods, i.e.
through-flow or computational fluid dynamics (CFD),
mean-line models provide the design and performance
estimation of the machine in a relatively short time and
with low computational effort. Harley et al. [19] inves-
tigated different 1D methods for the performance pre-
diction of CCs and concluded that the 1D single-zone
method is the most suitable for the preliminary design
process, since it provides the opportunity to analyze and
reduce the internal losses even for modern designs.

At the same time, the validity of preliminary design
models for CCs needs to be assessed to ensure that the
accuracy and reliability criteria required in the design
process are met. Table 1 lists the mean-line models that
were developed for CCs and their corresponding valida-
tion methods.

All the models in Table 1 were developed and val-
idated using test cases for a single working fluid. In
particular, only three mean-line models published in the
open literature employed a working fluid which is used
in heat pumps, and these are the models by Schiffmann
and Favrat [11], Vilim [21] and Kus and Nekså [18].
The robustness of a numerical model in its prediction
capability relies not only on its accuracy for different
geometries, but also on its suitability when using differ-
ent working fluids. This is especially relevant for heat
pump systems where, in the early design process, differ-

ent working fluids can be employed, and the machine
geometry and performance need to be carefully evalu-
ated for each working fluid candidate. However, the ex-
isting literature lacks investigations on the suitability of
mean-line models for the design and performance pre-
diction of centrifugal compressors considering different
working fluids. In particular, the existing loss correla-
tions were derived from a pool of compressor data op-
erating with air, casting doubt on the suitability when
different working fluids are used.

Moreover, a widely adopted approach in the design
of HP cycles is to decouple the design of the thermody-
namic cycle from that of the compressor. In this case,
the heat pump is typically designed by assigning a guess
value in the isentropic efficiency and volume flow rate
of the compressor. This approach was used in previous
studies [32–37] for the design of different heat pumps
and to select the most suitable working fluid. How-
ever, decoupling the design of the thermodynamic cy-
cle from that of the compressor, may lead to inaccurate
estimations of the cycle performance and complex or
unfeasible compressor design solutions. Moreover, the
working fluid represents an additional degree of free-
dom in the design process, and can greatly affect both
the system and the compressor designs. In this respect,
a combined design of the thermodynamic cycle and the
compressor is particularly important to ensure that the
working fluid selection includes considerations of the
performance and the technical aspects of both the cycle
and compressor.

Combined design optimization of the system and a
turbomachine was recently adopted for the design of or-
ganic Rankine cycle power systems. For example, Da
Lio et al. [38] proposed the design optimization of or-
ganic Rankine cycle systems using performance maps
of single-stage axial turbines generated with a mean-
line model and integrated into the system design model.
White and Saima [39] proposed a similar approach, in
which the performance maps were developed for radial-
inflow turbines and were used to design the organic
Rankine cycle power system. Meroni et al. [40, 41]
and La Seta et al. [42] presented a method for the opti-
mization of an organic Rankine cycle system with sin-
gle and multi-stage axial turbines. In the field of heat
pump applications, there are few works related to the si-
multaneous preliminary design optimization of CCs and
the thermodynamic cycle. Shiffmann and Favrat [11]
developed a mean-line model for CCs and optimized
the compressor for different heat pump operating points
to minimize the overall seasonal energy consumption
and to maximize the overall seasonal compressor isen-
tropic efficiency. Schiffmann [12] proposed designing
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Table 1: Review of mean-line models developed for centrifugal compressors in the open literature.

Author Ref. Year Model validation
Li et al. [16] 2015 Off-Design, air compressor with vaneless and vaned diffusers
Klausner and Gampe [17] 2014 1-D, Off-Design, six air compressors
Kus and Nekså [18] 2013 Design point, CO2 compressor
Harley et al. [19] 2012 1-D, Off-Design, three turbocharger compressors
Casey [20] 2012 0-D, Off-Design, turbocharger compressor
Vilim [21] 2010 Design point, CO2 compressor
Schiffmann and Favrat [11] 2009 Off-design maps, R134a compressor
Veres [22] 2009 Off-design maps, three axial single and multi-stage compressors
Oh et al. [23] 1997 Off-design maps, four air compressors
Aungier [24] 1995 Off-design map, five air compressors with vaned and vaneless diffusers
Perdichizzi and Savini [25] 1985 Off-design map, air compressor with vaned diffuser, off-design
Galvas [26] 1973 Off-design map, air compressor with vaned diffuser, off-design
Rodgers [27–30] 1964-1984 Off-design map, thirteen backswept air impellers with vaned diffuser
Coppage [31] 1956 Aeroderivative air compressor, subsonic and supersonic conditions, off-
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Figure 1: Schematic of the centrifugal compressor geometry.

the centrifugal compressor by integrating the different
models of the compressor components. The proposed
approach showed an increase of the seasonal compres-
sor efficiency of more than 12 %-points compared to the
traditional design methods. Javed et al. [43] proposed a
method to design turbocompressors and heat pump sys-
tems by including different levels of design complexity,
from the preliminary design with a mean-line model to
the more advanced 3D impeller aerodynamic design.

None of the aforementioned works, Refs. [11, 12,
43], performed the design of the turbocompressor and
the heat pump system including also the selection of the
most suitable working fluid, which is an important key
decision variable in the system design. Instead, the fluid
was selected a priori in the design process. Moreover,
only Ref. [43] interfaced a heat pump simulation model

with that of a centrifugal compressor. In this case, the
optimization method involved the use of both mean-line
and CFD tools, requiring considerable time and com-
putational efforts which might not be suitable for the
screening of design solutions using different working
fluids at the very early stage of the design process.

The objective of this paper is to develop a method for
the combined design of high-temperature heat pumps
and centrifugal compressors including the selection of
the most suitable working fluid. To this end, a steady-
state mean-line model of a centrifugal compressor was
developed for the design and off-design performance
prediction of CCs. The model formulation solves the
governing equations with state-of-the-art equations of
state for the estimation of the fluid thermodynamic and
transport properties. Also, the method adopted in this
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work accounts for the onset of choking conditions in
the compressor. In order to assess the suitability of the
model using different working fluids, some validation
test cases were performed including three working flu-
ids: air, a synthetic refrigerant (R134a), and CO2. The
latter two test cases were the only ones in the open liter-
ature presenting well-documented data of CCs employ-
ing a fluid different from air. The compressor model
was then coupled to that of a HTHP, and the combined
model was optimized.

The primary novel contributions of this paper are the
following: (1) assessment of the suitability of a mean-
line centrifugal compressor model and its loss corre-
lations to different geometries and working fluids (air,
R134a and CO2); and (2) a method for the combined
optimization of a heat pump equipped with centrifugal
compressors enabling the selection of the most suitable
working fluid in the early stage of the design process.

The results and methods may be used to support engi-
neers and researchers in identifying cost-effective solu-
tions in terms of design and working fluid selection for
the next generation of heat pumps.

The work is structured as follows: in Section 2 the
design and off-design models of the compressor, the test
cases and methods used for validation, and the optimiza-
tion method are presented. In Section 3 the results of
the compressor model validation and the optimization
method are discussed. In Section 4 the results are pre-
sented, and in Section 5 the conclusions are drawn.

2. Methods

This work employed a steady-state, mean-line model
for the performance prediction of CCs at the design and
off-design conditions. The model was written in the
MATLAB language [44] and followed a mean-line ap-
proach, based on which the thermodynamic and flow
conditions were computed at the mean streamline in
the turbine meridional plane, and were representative
of mass-weighted averaged conditions over the whole
section. The development of the model focused on the
modeling of the compressor impeller, and the vaneless
and vaned diffusers. Figure 1 depicts a schematic of the
centrifugal compressor highlighting the main stations,
the terminology and the symbols used in this paper. The
thermodynamic and flow conditions in the main mod-
eling stations were computed by the simultaneous solu-
tion of mass continuity, energy balance, and loss equa-
tions. The fluid properties were computed using real-
gas equations of state using the thermodynamic libraries
CoolProp [45] and REFPROP [46].

A key aspect in the development of the mean-line
model was the identification of the choking point in-
side the compressor stage. Choking occurs when the
local velocity of the fluid inside the compressor pas-
sages reaches the speed of sound [47]. In a compres-
sor, choking usually occurs in the blade passages of the
impeller or in the vaned diffuser at the point of mini-
mum flow area [48]. The onset of choking is also influ-
enced by the rotational speed of the impeller, since this
will determine the value of the local relative velocity in
the rotating coordinate system. When the compressor
chokes, the mass flow rate cannot further increase and
the performance drops abruptly, compromising the ef-
fective operational range of the machine. For any given
operating condition, the method described here aims to
identify the choking point by evaluating the possibility
of choking conditions in the impeller inlet, the impeller
outlet, or in the vaned diffuser.

2.1. Design model
Figure 2(a) shows the workflow of the preliminary

design model. The inputs to the compressor model are
the inlet total temperature T01, the inlet total pressure
p01, the rotational speed N, the mass flow rate ṁ, and
the stage total-to-static pressure ratio PRts. In addition,
a set of decision variables related to the compressor ge-
ometry and fluid dynamic conditions needs to be given
as an input. Table 2 shows the design variables and
the optimization constraints used in this work. The up-
per and lower boundaries are imposed to find solutions
which are manufacturable, physically meaningful and
technically feasible. An upper bound in the tip speed
is also imposed to limit the mechanical stresses on the
blades. The optimization constraints were selected from
the open literature according to Refs. [11, 25]. The
modeling strategy of Figure 2(a) applies to a predefined
set of decision variables, and a dedicated optimization
procedure needs to be applied to determine the set of
decision variables producing an optimal compressor de-
sign, see Sec. 2.5. Not all the design variables need to
be specified in the design code, and some of them may
be fixed by the requirements of the specific application.
The number of impeller blades, with or without split-
ters, can be included in the design and off-design mod-
eling strategy either as an additional decision or input
variable. In the design model the number of blades was
calculated as a function of the total-to-total stage pres-
sure ratio using an empirical correlation derived from a
pool of compressor data of Ref. [49]:

Zr = 12.03+2.544PRtt (without splitters) (1)

Zr =−4.527e1.865/PRtt +32.22 (with splitters) (2)
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Figure 2: Modeling strategy for centrifugal compressors: (a) preliminary design model; (b) analysis model.

where Zr is the number of impeller blades, rounded to
the closest integer value, and PRtt the stage total-to-total
pressure ratio. Equations 1 and 2 are valid for values of
a design pressure ratio in the range 1.0 to 5.0 and 1.8 to
8.0, respectively.

The implementation of the design model follows the
approaches by Japikse and Baines [50] and Whitfield
and Baines [51].

For a given set of input and decision variables, the
first step in the design modeling strategy is to identify

whether the compressor stage is choked (Step 0). If
the compressor stage is choked, the decision variables
need to be changed to allow for a higher mass flow rate
through the machine. Mass and energy balances, and
the isentropic process formulation in the inducer throat
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Table 2: Design variables and optimization constraints of the compressor design model.

Decision variable Description Units Lower
boundary

Upper
boundary

ψis = ∆h0,is/U2
2 Isentropic stage loading coefficient [-] 0.3 1.1

N Rotational speed [krpm] 1 210
r1s/r2 Inlet shroud to tip radius ratio [-] 0.4 0.7
r1h/r1s Inlet hub to shroud radius ratio [-] 0.25 0.7
b2/r2 Exit blade width over radius [-] 0.02 0.8
β2b Impeller exit blade angle [◦] -45 0
β1b Impeller inlet average blade angle [◦] -70 -20
Optional decision variables
Zr Number of total impeller blades [-] 6 60
Additional constraints
M1s,rel Relative Mach number at impeller inlet shroud [-] 0 1.4
M1,rel Relative Mach number at impeller inlet [-] 0 0.9
W2/W1s Ratio of exit to inlet shroud relative velocities [-] 0.25 -
α2 Impeller exit absolute flow angle [◦ ] - 85
o1 Impeller inlet throat [mm] 1.49 50
DR Stage degree of reaction [-] -0.1 0.9
U2 Impeller exit peripheral speed [m/s] 0 400
r3/r2 Vaneless diffuser radius ratio [-] 1.05 2
Fixed values (if not specified)
tb Blade thickness [mm] 0.2
ε Impeller clearance [mm] 0.15
εb Impeller back face clearance [mm] 1
ks Impeller surface roughness [mm] 0.002
b3/b2 Diffuser width ratio [-] 1
CP Diffuser pressure coefficient [-] 0.44

section are expressed as
W1 = ṁ/(ρ1Ath,1) (3)

h1 = h01−
1
2

W 2
1 +

1
2

U2
1,rms (4)

s01− s1 = 0 (5)
where ρ1, Ath,1, W1, U1,rms, and h1 are the density, cross-
sectional flow area, relative velocity, root-mean-square
average peripheral speed, and static specific enthalpy at
the inducer throat section, respectively. The term h01
denotes the total specific enthalpy, and s01 and s1 are the
total and static specific entropies, respectively. Equa-
tion 5 assumes an isentropic process from the inducer
inlet to the throat. For given inducer inlet conditions
and geometry, the solution strategy adopted above al-
lows expressing s01-s1 as a residual function of ρ1 and
ṁ, as illustrated in Figure 3. For a given value of mass
flow rate, the residual function shows a non-monotonic
behavior with a maximum. The condition at which the
peak of this function crosses the abscissa was identified
as the choking condition. For small values of ṁ, when
the maximum is above the density axis, there are two
values of ρ1 which satisfy Eq. 5. The larger value rep-
resents subsonic flow conditions, whereas the smaller
value corresponds to supersonic flow conditions. By in-
creasing the mass flow rate, the peak of the curve moves

 density 

lo
ss

 e
qu

at
io

n

choking point

mass flow
 rate

locus of 
maxima

0

supersonic 
solutions subsonic 

Figure 3: Identification of the choking point for a
blade row.

downwards, and eventually crosses the abscissa. Ac-
cordingly, choking occurs when the subsonic and super-
sonic solutions coincide, and the Mach number at the
throat is unity. Figure 3 shows that there is no solu-
tion to the system of equations for values of mass flow
rate higher than that of the choking condition. In this
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case, the design process ends and a different set of de-
sign variables needs to be provided to comply with the
required input conditions. If choking does not occur,
the modeling strategy proceeds by evaluating whether
choking may be present at the exducer section (step 1).

To this end, the equations for mass continuity, mo-
mentum and the losses at the exducer section 2 are ex-
pressed as

C2m = ṁ/(ρ2A2) (6)
h02 = h01 +C2tU2−C1tU1,rms (7)
nloss

∑
n=1

∆hloss,imp−h02 +h(p02,s01) = 0 (8)

where ∆hloss,imp is one of the n impeller losses, which
is modeled using the empirical correlations presented in
Sec. 2.3. To solve Eq. 7, an expression for the tangen-
tial component of the rotor exit absolute velocity, C2t ,
was derived using the component in the meridional di-
rection, C2m, and the slip factor σ , which provides a
measure of the flow deviation at the impeller exit. Based
on the slip factor, a slip velocity can be computed, and
the absolute and tangential velocities at the impeller exit
are the following:

C2t = σU2−C2m tan(|β2b|) (9)

C2 =
√

C2
2m +C2

2t (10)

h2 = h02−
1
2

C2
2 (11)

The left side of Eq. 8 can be plotted as a function of
the mass flow rate and the impeller exit density, obtain-
ing a trend similar to that of Figure 3. Subsequently, the
impeller exit is evaluated for whether or not it is choked,
which results in a termination of the design process. If
the impeller is not choked, Eqs. 6-8 are solved to deter-
mine the thermodynamic and flow conditions at the im-
peller exit section (Step 2). If the stage has only the im-
peller, the design process ends, and the model performs
the post-processing operations necessary to compute the
performance and the final design of the machine.

In the presence of a vaneless diffuser, the total pres-
sure loss coefficient K and the ideal pressure coefficients
were computed based on the specified stage exit total
pressure p03 and pressure coefficient CP as follows:

K =
p02− p06

p02− p2
(12)

p3 = p2 +CP(p02− p2) (13)
CPid = CP+K (14)

The vaneless diffuser exit state was then determined by
solving the following set of equations for the exit den-

sity ρ3 [50]:
h3 = h(ρ3, p3) (15)

C3 =
√

2(h02−h3) (16)

ṁ−C3ρ3A2 cos(α2)(1−CPid)
−0.5 = 0 (17)

A feature of the vaneless diffuser is that it has no
throat section and, therefore, it cannot be choked [48].
If a vaned diffuser (VD) is present (Step 4), the model
needs to evaluate whether choking may occur in its
throat section according to the method followed so far.
The vaned diffuser throat equations are expressed as

C4 = ṁ/(ρ4Ath,4) (18)

h4 = h03−
1
2

C2
4 (19)

s03− s4 = 0 (20)
If the vaned diffuser is not choked, the governing equa-
tions are solved as follows (Step 5):

C5 = ṁ/(ρ5 cosα5A5) (21)

h5 = h03−
1
2

C2
5 (22)

nloss

∑
n=1

∆hloss,vd−h03 +h(p5,s3) = 0 (23)

In the design mode, the pressure at the exit, p5, was
specified by the required stage pressure ratio, and the
flow angle α5 was determined to match p5. In the off-
design mode, the vaned diffuser exit pressure was un-
known. In this case, the exit flow angle was approx-
imated with the vane exit angle assuming a negligible
exit flow deviation [50]. Equation 20 was expressed
as a function of the impeller exit density ρ5, showing
a trend similar to that in Figure 3. Similarly to the
impeller modeling, if the VD was already choked, the
design routine ended. Alternatively, the VD equations
were solved, and the compressor design was completed
by the post-processing of the data.

2.2. Off-design model

Figure 2(b) shows the off-design modeling strategy.
In this case an existing compressor design, or one cal-
culated as in Fig. 2(a), was provided as the input and
compressor performance maps were generated as the
output. The model inputs were the same as the design
model, except that the full turbine geometry is given as
well. The mass flow rate ṁ was provided as an input
for the generation of the performance maps. The work-
flow of Figure 2(b) applies to a single speed line, and an
iterative process was implemented to generate the per-
formance map for different values of the compressor ro-
tational speed.
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Figure 4: Layout of the HP cycle for steam generation using: (a) an open-loop with steam and (b) a closed-loop
with other working fluids.

The off-design modeling strategy started by evaluat-
ing whether, for the given input conditions, the inducer
or the exducer was the first to choke (Step 0). The set of
Eqs. 3-5 were used for the inducer throat. In step 0, the
inducer choking mass flow rate is found by determining
the zero of the locus of maxima of the left side function
in Eq. 5. Afterwards, the algorithm evaluates whether
the exducer is already choked for the inducer choking
mass flow rate by identifying the location of the peak
of the residual loss function in Eq. 8. Like in the de-
sign strategy, the off-design method evaluates whether
the exducer choking mass flow rate is smaller than the
inducer choking mass flow rate, and follows two differ-
ent paths according to the result. If the exducer chokes
first, the exducer choking mass flow rate is found by
solving Eqs. 3-5 and finding the zero of the locus of
maxima in Eq. 8. After determining the choking mass
flow rate, performance maps are computed by chang-
ing the mass flow rate until obtaining the choking value
(step 3).

A one-dimensional model has been implemented to
solve the governing equations from the inlet to the outlet
of the radial vaneless space (Step 3). Stanitz [52] pre-
sented a set of one-dimensional equations for the adi-
abatic flow in a vaneless radial diffuser including the
effect of friction. The equations for radial and tangen-
tial momentum, mass continuity and energy balance can
be derived from a fundamental control volume analysis
applied to the vaneless diffuser or by rearranging and
simplifying the Navier-Stokes equations [50, 51]. They

are formulated as

Cm
dCm

dr
− C2

t

r
+C f

C2 cos(α)

b
+

1
ρ

d p
dr

= 0 (24)

Cm
dCt

dr
+

CmCt

r
+C f

C2 sin(α)

b
= 0 (25)

1
ρ

dρ

dr
+

1
Cm

dCm

dr
+

1
b

db
dr

+
1
r
= 0 (26)

h02−h− 1
2

C2 = 0 (27)

where b is the vaneless space width, provided at every
point by linear interpolation between the inlet and out-
let values, and C f is the friction factor which was es-
timated using the correlation proposed by Japikse [53]
C f = k(1.8 ·105/Re)0.2. The parameter k is an empirical
constant which equals values between 0.005 and 0.02.
In this work, the best match with the experimental data
was found for the value 0.0050. The system of equa-
tions 24-27 was solved using MATLAB ODE15i solver
[44] using the initial values of Cm, Ct , ρ and p at the
impeller exit.

In the presence of a vaned diffuser, which may choke
before the impeller, Steps 2a and 1b were added, evalu-
ating whether the diffuser was choked. In that case, the
choking mass flow rate was determined by solving for
the zero of the locus of maxima in the set of Eqs. 21-23.

The volute, placed after the diffuser, was also in-
cluded in the off-design modeling. The flow in the vo-
lute is treated as incompressible following the indica-
tions by Japikse and Baines [50]. Mass and energy bal-
ances, and the equations for losses accounting for the
entropy generation between the volute inlet and outlet,
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are solved as follows:
ρ4 = ρ3 (28)
C4 = ṁ/(ρ4A4) (29)

h4 = h03−
1
2

C2
4 (30)

h04−h04,s = kvC2
3 (31)

where kv is an empirical coefficient set to 0.5.

2.3. Empirical models for losses and flow deviation
Several empirical correlations for losses and flow

deviation in a centrifugal compressor exist, see Refs.
[23, 48, 51, 54, 55]. Table 4 shows a summary of the
set of loss models used in this work. These correlations
were selected as they were well described in the original
references and provided the best match with the data of
the test cases.

To close the set of equations 6-8, employed to solve
the impeller exit state, an expression for the slip factor
has to be provided. This work used the model by Wies-
ner [56] for the estimation of the slip factor. This model
was further improved by Aungier who introduced a limit
for high impeller radius ratios, accounting also for split-
ter blades as follows:

σ = 1−
√

cosβ2b

Z0.7
r

(32)

Equation 32 is valid up to the limiting radius ratio given
by

(r1/r2)lim =
σ −σ∗

1−σ∗
(33)

σ
∗ = sin(19◦+0.2(90−|β2b|)) (34)

When the actual impeller radius ratio r1/r2 exceeds the
limiting value (r1/r2)lim, a corrected slip factor is com-
puted as follows:

σcor = σ

[
1−

(
(r1/r2)− (r1/r2)lim

1−σlim

√
(90−β2b)/10

)]
(35)

2.4. Validation
The CC model was validated against five well-

documented test cases available in the open literature.
Moreover, the test cases encompass a range of different
applications and employ three different working fluids:
air, R134a, and CO2. Table 5 lists the input data used to
validate the mean-line model for the different test cases.
In the analysis mode, the model was validated by as-
signing the actual geometry and comparing the perfor-
mance for each test case. In the design mode, the design
point specifications and the full impeller geometry were
assigned, and the diffuser geometry was calculated to
match the required stage pressure ratio.

2.4.1. Air compressors
The first three compressor test cases use air, and their

experimental results are considered to be one of the
most comprehensive experimental data sets for centrifu-
gal compressors [57]. The three centrifugal compres-
sors were extensively investigated in the past, and were
named Eckardt compressors as they were tested by Dr.
Dietrich Eckardt in the 1970s. The experimental inves-
tigations of Eckardt were published in a series of pa-
pers [58–60] and were performed using laser two-focus
velocimetry, high-frequency pressure transducers, and
conventional pneumatic probes.

The accuracy of the experimental data amounts to
± 1 % for the mass flow rate, ± 3 rpm in rotational
speed, ± 0.07 ◦C in temperature for the baseline or
± 0.2 ◦C with recovery factor error, ± 2 % on impeller
exit or diffuser inlet area, ± 0.25 % in nominal pressure
or ± 0.5 % for r/r2 < 1.1 and angles to ± 0.25 ◦ nom-
inal or ± 0.5 ◦ for r/r2 < 1.1. These values were con-
sidered to be meeting or exceeding common research
standards at that time [57].

2.4.2. R134a compressor
The fourth test case was a centrifugal compressor

which was designed for domestic heat pump applica-
tions, and employed the refrigerant R134a. Due to the
considered application, the use of a refrigerant, and the
compressor size and type, this test case is particularly
relevant to assess the suitability of the mean-line model
using a refrigerant working fluid.

The compressor was recently designed and tested by
Schiffmann and Favrat [11, 61–63]. Table 5 lists the ge-
ometrical and modeling details. The compressor could
be tested at high rotational speeds and employed gas lu-
bricated bearings, allowing for oil-free operation. The
measurements were performed using different probes
with an accuracy of± 0.2 K in the temperature,± 0.002
MPa in the pressure, ± 0.5 % in the mass flow rate, and
± 0.1 % in the electric power [11]. The tests showed
that the compressor could achieve values of pressure ra-
tio up to 3.3, power up to 1.8 kW, rotational speed up to
210 krpm, and internal isentropic efficiency up to 79 %.
No details of internal flow measurements were reported.

The experimental results proved the technical feasi-
bility of a small-scale, oil-free and direct driven turbo-
compressor for domestic heat pump applications.

2.4.3. CO2 compressor
The fifth test case is a centrifugal compressor oper-

ating with supercritical CO2 and was tested by Wright
et al. [64] at Sandia National Laboratories (SNL) under
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the framework of the development of advanced Brayton
cycles using supercritical working fluids.

This test case is particularly relevant since the work-
ing fluid is used in the refrigeration field and there is
the presence of highly challenging numerical modeling
conditions close to the critical point, where the fluid
properties exhibit large deviations from the ideal gas
laws as well as large variations. The compressor stage
consists of an impeller and a vaned diffuser. The ro-
tor consists of six main blades and six splitter blades,
whereas the diffuser consists of 17 wedge-shaped vanes.
Table 5 shows the geometrical and modeling details.
The compressor uses gas foil bearings, a high-speed per-
manent magnet motor/alternator and labyrinth gas seals
to reduce the rotor cavity pressure. A small-scale loop
was designed and the compressor was tested up to a ro-
tational speed of 65 krpm, a pressure ratio of 1.65 and
a mass flow rate of 1.8 kg/s. Wright et al. [64] doc-
umented values of accuracy for the experimental tem-
perature probes of approximately 0.2 K for resistance
thermometry devices, and 0.1 K for thermocouples. The
test results obtained by Wright et al. [64] demonstrated
the possibility of stable, controllable operation near the
critical point.

In the validation, the results from the mean-line
model are also compared to numerical simulations car-
ried out to validate a CFD code documented in Pecnik
et al. [65] for the impeller only and in Rinaldi et al. [66]
for the impeller and vaned diffuser. The CFD code is
representative of the current state-of-the-art for numeri-
cal modeling of centrifugal compressors operating with
CO2, and therefore the CFD results were used as an ad-
ditional benchmark for the validation of the mean-line
model.

2.5. Case study and cycle modeling
The method used to design a HTHP equipped with

a centrifugal compressor, was applied to the design of
a high-temperature cycle of a cascade heat pump for
steam generation. The heat pump was designed to sup-
ply industrial process steam at 150 ◦C, while utilizing
heat supplied at 100 ◦C. The bottom cycle, not included
in the present analysis, utilizes low-temperature heat
sources such as excess heat or district heating while pro-
viding constant operating conditions to the top cycle.

Figure 4 depicts two investigated cycle layouts of the
heat pump system. Layout (a) is an open-loop cycle in
which the working fluid is the process steam itself. The
steam is returned from the process as condensate, before
being directly evaporated and compressed. The com-
pression is realized in two stages, due to the compara-
tively high-pressure ratio (above 5) for steam. An in-

Table 3: Modeling conditions of the high-
temperature heat pump cycle.

Parameter Value Unit
Evaporator
Teva 100 ◦C
peva psat(Teva) Pa
Condenser
Tsupply 150 ◦C
∆Tpp 3 ◦C
pcond psat(Tsupply+∆Tpp) Pa
Subcooling (closed-loop only)
∆Tsc 5 ◦C

tercooler is included before the second-stage compres-
sor inlet to realize a more efficient compression [67].
Layout (b) is a closed-loop, in which the working fluid
is separated from the steam. The heat pump cycle is
a one-stage cycle with an internal heat exchanger that
preheats and evaporates the condensate before supply-
ing the steam to the process.

Figure 4(a) shows also the use of an electric su-
perheater before the first compressor stage, which was
adopted as a safety measure to avoid the possible pres-
ence of two-phase conditions at the compressor inlet
and outlet. In the open-loop cycle, the optimal pres-
sure ratio of the two compressor stages was calculated
as the geometric mean of the overall compression ra-
tio. As opposed to the closed-loop cycle, the open-loop
cycle can employ direct contact heat exchangers rather
than surface heat exchangers, since the working fluid is
the same as the steam supply.

Table 3 lists the modeling conditions of the thermo-
dynamic cycle. The evaporation temperature of the heat
pump (HP) cycle was 100 ◦C, and the cycle supplied
heat at a temperature of 150 ◦C. A number of differ-
ent working fluids were selected according to the fol-
lowing criteria: (i) subcritical cycle operation, (ii) no
ozone depletion potential, (iii) low global warming po-
tential (<150), (iv) availability of the thermodynamic
and transport properties in CoolProp [45] and/or REF-
PROP [46]. The selected working fluids were pentane,
isopentane, cyclopentane, R1233zd(E), and MM. The
latter is representative for siloxanes, which are consid-
ered to be possible working fluid candidates for future
HTHP applications [68].

The compressor inlet temperature was determined by
imposing a degree of superheat, which was calculated as
the minimum temperature difference to avoid two-phase
conditions at the compressor outlet.
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2.6. Design optimization method

The design model of the centrifugal compressor was
coupled to that of a heat pump. Figure 5 shows the
framework of the combined simulation and optimiza-
tion. First, the heat pump cycle boundary conditions
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Heat pump cycle model

HP cycle boundary conditions:
Teva, peva = psat(Teva)
Tcond = Tsupply + ∆Tpp

pcond = psat(Tcond)
Guess value: ηcomp,ts = 0.8

compressor decision variables:

X =
[
ṁ,N,

r1s

r2
,

r1h

r1s
,

b2

r2
,β2b,β1b

]

Compressor
boundary conditions

T01, p01, PR

Centrifugal
compressor model

(Sec. 2.1)

Feasible design? (Table 2)

ηcomp,ts, V̇comp,in

Heat pump cycle model

[
max(COP) ,max

(
V̇comp,in

)]
= f(X)

Yes

No

Figure 5: Method for the combined multi-objective
optimization of the heat pump cycle and the centrifu-
gal compressor.

were set as indicated in Table 2. An initial guess value
of 0.8 for the compressor isentropic efficiency was as-
sumed. The heat pump cycle and the compressor mod-
els were then combined (inner red marked area) and
subsequently optimized (outer yellow area). The array
X indicates the seven decision variables of the optimiza-
tion. The mass flow rate of the compressor was used as

a decision variable and was optimized together with the
other decision variables to maximize the cycle coeffi-
cient of performance (COP) and the compressor inlet
volume flow rate as follows:[

max(COP) ,max
(
V̇comp,in

)]
= f(X) (36)

X =
[
ṁ,N,

r1s

r2
,

r1h

r1s
,

b2

r2
,β2b,β1b

]
(37)

Equations 36 and 37 show the mathematical relation be-
tween the cycle and the compressor models, which are
interfaced through the mass flow rate and the compres-
sor isentropic efficiency. The compressor inlet tempera-
ture and pressure, and the outlet pressure were governed
by the thermodynamic cycle. Since the thermodynamic
state at the compressor inlet is fixed by the cycle speci-
fications, the maximization of the compressor inlet vol-
ume flow rate, V̇comp,in, also corresponds to maximize
the supplied heat flow rate.

The decision variables of Eq. 37 were varied by the
optimizer within the boundaries listed in Table 2 until
achieving a technically feasible and manufacturable de-
sign. The compressor impeller outlet diameter was fixed
to the value of 110 mm, which corresponds to that of the
technology presented in Ref. [69] that focuses on sim-
ilar heat pump applications. Fixing the compressor tip
diameter allows comparing different solutions based on
the same size, and makes it possible to compare with the
state-of-the-art steam compressor of Ref. [69]. Since
the compressor outlet diameter was fixed, the isentropic
stage loading coefficient ψ = ∆h0,is/U2

2 was readily cal-
culated at the beginning of the routine and, therefore,
was not optimized. The optimal number of blades was
calculated using Eq. 1.

In the case of steam, where a two-stage compressor
was required (see Sec. 2.5), the second stage was opti-
mized assuming to be mounted on the same shaft as the
first one, and the mass flow rate was calculated by mass
and energy balances at the intercooler. As a result, a to-
tal of 12 decision variables was optimized in this case.

A multi-objective optimization was performed in
MATLAB [44] and was based on a genetic algorithm us-
ing a population of 500 individuals and 200 generations.
In the optimization of the two-stage steam compressor,
a population of 1000 individuals was used instead due
to the higher number of decision variables.
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Table 4: Loss correlations.

Loss mechanism Loss model Reference

Impeller incidence ∆hinc =
1
2

W 2
1 sin2 |β1,opt−β1| Galvas [26]

β1,opt = tan−1[(A1/Ath,1) tanβ1b]

Impeller friction ∆hsf = 4Cfi
Lb

dhb
W 2 Galvas [26]

W = max{
√

(W 2
1 +W 2

2 )/2),
√
(W 2

th,1 +W 2
2 )/2} Aungier [24]

Lb ≈
π

8
(2r2− (r1s + r1h)−b2 +2Lz)

(
2

(cosβ1s + cosβ1h)/2+ cosβ2b

)
Jansen [70]

dhb =
2r2

Zr

π cosβ2b
+

2r2

b2

+
2r1s

2
1− r1h/r1s

+
2Zr

π(1+ r1h/r1s)

√
1+ tan2 β1bs

(
1+

(r1h/r1s)
2

2

) Galvas [26]

Impeller blade loading ∆hbl = 0.05D2
f U

2
2 Coppage [31]

D f = 1− W2

W1
+Cdf

∆h0

U2
2

W2

W1s

(
Zr

π

(
1− r1s

r2

)
+2

r1s

r2

)−1

Impeller clearance ∆hcl = 0.6
ε

b2
|C2t |

√
4π

b2Zr

r2
1s− r2

1h

(r2− r1s)(1+ρ2/ρ1)
|C2t |C1m Jansen [70]

ε = (εa + εr)/2

Impeller mixing ∆hmix =
1

1+ tan2(α2)

(
1− εw−b∗

1− εw

)2 1
2

C2
2 Johnston and Dean

[71]

χ = 0.93ε2
w +0.07εw where b∗ = 1, χ = 0.15 Japikse [48]

Impeller disc friction ∆hdf = 0.25
ρiU3

2 r2
2Kf

ṁ
where ρi = (ρ1 +ρ2)/2 Daily and Nece [72]

if Re2 =
ρ2U2r2

µ2
<3 ·105 Kf = 3.7

(εb/b2)
0.1

Re0.5
2

if Re2 =
ρ2U2r2

µ2
>3 ·105 Kf = 0.102

(εb/b2)
0.1

Re0.2
2

Impeller recirculation(∗) ∆hrc = 8 ·10−5 sinh(3.5 ·α3
2 )D

2
f U

2
2 Oh et al. [23]

Vaned diffuser incidence ∆hinc,rot = 0.6sin2 |β4−β4,opt|
1
2

W 2
4 Conrad [73]

Vaned diffuser friction ∆hvd,sf = 2Cf,vdC2
m,vd

Lb,vd

dhb,vd
Conrad [73]

Lb,vd =
r5− r3

cos
(

α3b +α5b

2

) dhb,vd =
o4b4

o4 +b4
+

o5b5

o5 +b5

(∗)
the flow angle is expressed in radians
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Table 5: Data of the experimental centrifugal compressors.

Eckardt Impeller
O A B Schiffmann and

Favrat
Sandia

Ref. Units [57–59, 74] [57–59, 74] [57–59, 74] [11, 61, 63, 75,
76]

[21, 64–66, 77]

Input conditions
Fluid - Air Air Air R134a CO2
T01 K 288.15 288.15 288.15 265 305.97
p01 bar 1.01 1.01 1.01 1.65 76.9
N krpm 14-16 14-16 14-16 150-210 45-55

Impeller
r1s m 0.14 0.14 0.14 0.0056 0.0094
r1h m 0.045 0.06 0.0959 0.002 0.00254
r2 m 0.2 0.2 0.2 0.01 0.01868
b2 m 0.026 0.026 0.026 0.0012 0.00171
Lz m 0.13 0.13 0.13 0.007693 0.1137
Zr,full - 20 20 20 9 6
Zr,splitter - 0 0 0 9 6
LRsplitter - 0 0 0 0.5 0.7
β1bs

◦ -63 -63 -60 -56 -50
β1bh

◦ -32 -40 -45 -30.23 -40
β2b

◦ 0 -30 -40 -45 -50
εa mm 0.372 0.235 0.372 0.15 0.254
εr mm 0.372 0.19 0.372 0.15 0.254
εb mm 0.372 0.235 0.372 1 0.254
ks mm 0.002 0.002 0.002 0.01 0.01
tb1 mm 2.11 2.11 2.11 0.1 0.762
tb2 mm 1.08 1.08 1.08 0.1 0.762

Vaneless Diffuser
r3/r2 - 1.69 2.69 3.69 1.65 1.02
b3/b2 - 0.51 0.51 0.51 0.75 1

Vaned Diffuser
AR - - - - - 2.81
AS - - - - - 0.55
LWR - - - - - 3.41
Zvd - - - - - 17
α3b

◦ - - - - 71.5
α5b

◦ - - - - 71.5
tb3 m - - - - 0
tb5 m - - - - 0.00335
b5/b2 - - - - - 1
r5/r2 - - - - - 1.37

Inducer
r0 m - - - 0.01 -
Lind m - - - 0.02 -
ks,ind mm - - - 0.1 -

Volute
r4 m - - - 0.0045 -

13



3. Results

3.1. Validation

Figure 6 shows the comparison between the measured
and predicted pressure ratio and isentropic efficiency for
the three Eckardt impellers [58–60].

The discrepancy in pressure ratio for impeller O is
within 1.4 %. The model underestimates the actual pres-
sure ratio of impeller A by up to 6 %. In the case of
impeller B, the highest discrepancy is seen at 16 krpm
and for both low and high mass flow rates, where the
model has a deviation of up to 7 %. The prediction
of the isentropic efficiency also follows the trends of
the experimental measurements. The prediction for im-
peller A shows high accuracy, although the model does
not reproduce the trend of the different speed lines per-
fectly. The maximum discrepancy is about 2 %-points.
The efficiency predicted by impeller A is close to that
of the actual case and, like for the pressure ratio, the ef-
ficiency results are underpredicted by up to 2 %-points
at the best efficiency point, whereas the discrepancy is
up to 6.7 %-points at higher values of mass flow rate.
A similar trend is observed for impeller B; however, in
this case, the model predicts the peak of the efficiency
curves to be at 10 % to 19 % lower mass flow rate than
the experimental peak value. Overall, the trend of the
speed lines for both the pressure ratio and the efficiency
with the mass flow rate is respected in all cases, indicat-
ing that the present model can predict the compressor
behavior with consistency.

Figure 7 shows the comparison between the measured
and the predicted pressure ratio for the compressor op-
erated with R134a. In general, the agreement between
the experimental data and the present model is relatively
good considering the challenges related to modelling
accurately mini and micro-scale turbomachinery (the
maximum shaft power of the compressor is about 1.5
kW). The highest discrepancy was found at the lowest
and highest values of the rotational speed, and close to
the choking point where deviations in the pressure ratio
up to 7 % were found. Nevertheless, the model seems
to capture the trend of the experimental results well. A
higher deviation is found in the prediction of the com-
pressor isentropic efficiency, see Figure 7(b). The high-
est deviation is found close to the onset of surge and
of choking, indicating that the presence of inlet recir-
culation flows close to surge is the main cause for the
discrepancy between numerical and experimental data.
In Figure 7(b), the error bars related to the efficiency
computed from the measurements of temperature and
pressure are added as a reference. The error bars were
extrapolated from Refs. [11, 76], where they were cal-

culated using the error propagation approximated by a
first-order Taylor series. The experimental uncertainty
in the compressor isentropic efficiency was only avail-
able for this validation test case. For some speed lines,
the model prediction is within the error band of the ex-
perimental data, and in other cases, the deviation is up
to 8 %-points. Similar results were obtained by Schiff-
mann [76] and Schiffmann and Favrat [11], who showed
deviations up to 8 %-points using their 1D model vali-
dated with the same test case.

Figure 8 shows the validation with the Sandia [21,
64–66, 77] compressor both for the 1D model and CFD
calculations. The mean-line model generally shows
good agreement with the experimental trends, with a
maximum deviation of 15 % in the enthalpy rise and
3.5 %-points in the efficiency. However, a higher de-
viation up to 17 % in the enthalpy rise is observed at
55 krpm as well as a shift of the peak efficiency from a
flow coefficient of 0.03 to 0.04, corresponding to a 25
% deviation. The CFD results also show a shift towards
lower flow coefficients, especially at the low values of
rotational speed, of about 25 % compared to the experi-
mental data. Rinaldi et al. [66] argued that such results
are in a reasonable range of accuracy considering the
challenges of CFD modeling close to the critical point
of CO2.

Table 6 shows the results of the validation of the de-
sign model. The average deviation of the isentropic ef-
ficiency is within 5 % for the Eckardt impellers, while
it goes up to approximately 7 % for the test case using
R134a. Regarding the geometry, the diffuser radius ra-
tio was found to be higher in the test cases of the Eckardt
[57–59, 74] impellers A and B and of the R134a com-
pressor, the latter showing the largest increase from 1.65
to 2.23, indicating that higher losses are predicted for
these cases. These results are in agreement with those
found for the off-design validation and further confirm
that the model is suitable for the preliminary design of
centrifugal compressors using different working fluids.

3.2. Compressor design optimization

Figure 9 shows the Pareto fronts of the optimal solu-
tions after the multi-objective optimization for the dif-
ferent working fluids and in terms of COP and supply
heat flow rate. The point corresponding to an equal
weight of both the objective functions is selected as the
best solution in the Pareto front and is indicated with the
red dot. The shape of the Pareto fronts is for some flu-
ids rather pronounced. This characteristic stems mainly
from the values of the mass flow rate, which for each
point in the Pareto front results as a trade-off regarding
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Figure 6: Comparison between the measured ( ) and predicted ( ) pressure ratio and isentropic efficiency for
different Eckardt impellers [58–60]: (a,b) impeller O; (c,d) impeller A; (e,f) impeller B.
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ṁ [kg/s]

PR
tt

[-
]

150 krpm
160 krpm
170 krpm
180 krpm
190 krpm
200 krpm
210 krpm
model

(a)

0.01 0.02 0.03 0.04 0.05 0.06

0.5

0.6

0.7

0.8
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Figure 7: Comparison between the measured and
predicted results for the compressor operated with
R134a and studied by Schiffmann and Favrat [11,
76]: (a) pressure ratio and (b) isentropic efficiency.

cycle performances and the minimum mass flow rate re-
quired to avoid choking in the compressor impeller.

In terms of cycle performance, the Pareto front for
steam achieves the highest value of COP and supply
heat flow rate, respectively, 5.46 and 1.73 MW at the
best point. The fluid cyclopentane has the second high-
est value of COP of 4.74, but delivers 1.22 MW, corre-
sponding to a 30 % lower supply heat flow rate. The
working fluid MM has a lower value of COP, around
4.54, but also supplies the lowest value of heat flow rate
with approximately 0.24 MW. The fluids n-pentane and
isopentane exhibit lower values of cycle COP, but val-
ues of heat flow rate higher than cyclopentane and about
19 % and 6 % less than steam, respectively. Finally,
R1233zd(E) shows the lowest value of COP and a 57 %

Table 6: Validation of the design model.

Eckardt compressors
O A B Schiffmann Sandia

Refs. [57–
59, 74]

[57–
59, 74]

[57–
59, 74]

[11, 61,
63, 75, 76]

[21, 64–
66, 77]

No 1 2 3 4 5
PRtt [-] 2 1.81 1.67 2.35 1.26
ṁ[kg/s] 5.32 4.54 4.54 0.039 2.15
N [krpm] 14 14 14 180 50
ψis 0.78 0.62 0.53 0.5 0.41
Diffuser ra-
dius ratio
(model)

1.69 1.80 1.88 2.23 1.37

Diffuser ra-
dius ratio
(actual)

1.69 1.69 1.69 1.65 1.3697

ηmodel 0.885 0.869 0.843 0.744 0.717
ηexp 0.886 0.876 0.875 0.800 0.673
deviation -0.03% -0.84% -3.70% -7.03 % 6.52 %

lower supply heat flow rate of steam, respectively, 3.86
and 742.6 kW.

Figure 9(b) shows the Pareto fronts regarding com-
pressor total-to-static efficiency and inlet volume flow
rate. In this case, the steam compressor can accept
the highest inlet volume flow rate, approximately 1.07
m3/s, but at the expense of the lowest values of total-to-
static isentropic efficiency in the two stages, about 0.69
and 0.68 in the first and the second stage, respectively.
The opposite trend is seen for the other fluids which fea-
ture a higher value of compressor isentropic efficiency
and a lower value of inlet volume flow rate.

Table 7 lists the results of the design optimization,
and Figure 10 shows the meridional cut layout of the ob-
tained compressors. The optimal value of mass flow rate
varies significantly among the different fluids: the high-
est value of 7.85 kg/s is found for R1233zd(E) and the
lowest value for steam with 0.64 kg/s in the first stage.
The optimal rotational speed is also very different and
ranges from approximately 28.8 krpm for R1233zd(E)
to 85 krpm for steam. Considering the fixed impeller di-
ameter of 110 mm, such values of rotational speed result
in acceptable values of impeller tip peripheral speed,
which are well below the limit value of 500 m/s. How-
ever, values close to this limit are found for the two-
stage steam compressor and stem directly from the high
value of rotational speed.

The seven compressors have a significant backsweep,
above 40◦ for all fluids except for the steam compressor,
where the exit blades tend to be of the radial type. The
optimal solutions were found at the upper limit of r1s/r2
for all hydrocarbons and the first stage with steam. All
compressor stages, except for those with R1233zd(E)
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Figure 8: Comparison between the measured and the predicted enthalpy rise and isentropic total-to-static
efficiencyas a function of the flow coefficient φ = ṁ/(ρ01U2d2

2) for the Sandia compressor impeller with vaned
diffuser. Experimental data from Ref. [64] and state-of-the-art CFD data from Ref. [66].

and the second stage with steam, feature a high fluid dy-
namic loading and high values of relative Mach number
at the inlet, M1s,rel, which exceed unity at the shroud.

The throat dimensions of all geometries are between
4.1 mm and 7.4 mm, enabling that they can be manu-
factured using a conventional five-axis milling machine.
All of the designs feature a similar number of blades,
between 18 and 22, for the same tip diameter. This sug-
gests that they will have similar costs.

Finally, the fluid R1233zd(E) resulted in the highest
values of total-to-total and total-to-static efficiency of
approximately 0.91 and 0.79, respectively. These val-
ues are about 10 %-points higher than those of steam.
Despite the large differences in the isentropic efficiency,
steam still holds the highest value of COP due to advan-
tages in the cycle layout.

4. Discussion

The validation with the five test cases suggests that
the model can predict the performance of different com-
pressor types with reasonable accuracy under different

thermodynamic conditions and applications, from the
ideal gas flows of industrial air compressors to real-gas
and dense flow conditions in refrigeration or CO2 appli-
cations.

The results of the optimization with the heat pump
cycle suggest that the open-loop using steam yields the
highest performance in terms of COP and V̇comp,in, and
it is therefore the preferred choice among all the con-
sidered working fluids for the HTHP. Finally, the re-
sults of the combination of cycle and compressor mod-
els suggest that, in the case of mechanical design issues
of steam compressors or if a single-stage compressor is
preferred to reduce the investment cost, a closed-loop
HTHP with cyclopentane gives the second best option,
although at the expense of a lower COP and supplied
heat flow rate. In this case, a lower optimal rotational
speed of 48 krpm is employed, thereby reducing the
mechanical stresses on the impeller blades and yielding
higher values of compressor isentropic efficiency.

Previous works [32–37] focused on the working fluid
selection for heat pump applications by assuming a
fixed value of isentropic efficiency. The thermodynamic
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Table 7: Optimal compressor design for different working fluids.

Parameter Units Pentane Isopentane Cyclopentane R1233zd(E) MM Steam
(stage 1)

Steam
(stage 2)

T01 K 391.2 390.4 387.1 376.2 406.9 373.2 397.7
p01 bar 59.27 7.22 4.16 10.42 1.00 1.01 2.29
PRtt - 2.828 2.721 2.965 2.765 3.745 2.255 2.255
ṁ kg/s 5.73 7.45 3.88 7.85 1.30 0.64 0.69
N rpm 46000 43985 48000 28802 34000 85001 85001
r1s/r2 - 0.70 0.70 0.70 0.53 0.70 0.70 0.68
r1h/r1s - 0.33 0.27 0.34 0.32 0.29 0.26 0.64
b2/r2 - 0.14 0.18 0.17 0.11 0.19 0.27 0.12
β2b

◦ -43.6 -44.8 -44.7 -43.1 -44.91 -13.05 -5.16
β1b

◦ -45.1 -47.7 -49.7 -34.5 -50.6 -34.3 -44.6
T03 K 428.9 429.1 430.4 429.6 429.9 476.1 504.6
U2 m/s 264.9 253.3 276.5 165.9 195.8 489.6 489.6
C3 m/s 105.9 88.4 118.7 67.6 81.0 199.3 212.6
β2

◦ -53.2 -55.3 -55.0 -55.1 -57.3 -33.5 -25.0
α2

◦ 65.7 70.1 70.6 72.2 76.7 69.2 67.2
M1s,rel - 1.09 1.08 1.08 0.84 1.03 1.02 0.85
M1,rel - 0.89 0.88 0.88 0.71 0.81 0.88 0.76
M2,rel - 0.69 0.61 0.56 0.55 0.46 0.35 0.37
M2 - 1.02 0.97 1.02 1.08 0.83 0.86
r1s m 0.0385 0.0384 0.0384 0.0291 0.0371 0.0384 0.0371
r1h m 0.0127 0.0105 0.0131 0.0094 0.0106 0.0098 0.0236
r2 m 0.0550 0.0550 0.0550 0.055 0 0.0550 0.0550 0.0550
Lz m 0.0360 0.0391 0.0353 0.0276 0.0371 0.0401 0.0189
b1 m 0.0257 0.0279 0.0252 0.0197 0.0265 0.0286 0.0135
b2 m 0.0079 0.0099 0.0093 0.0058 0.0085 0.0147 0.0065
b3 m 0.0079 0.0099 0.0093 0.0058 0.0085 0.0147 0.0065
Zr - 19 19 20 19 22 18 18
Zr,splitter - 0 0 0 0 0 0 0
r3 m 0.0735 0.0836 0.0738 0.0738 0.0735 0.1016 0.0996
o1 m 0.0058 0.0052 0.0050 0.0051 0.0041 0.0068 0.0074
DR - 0.755 0.738 0.764 0.748 0.743 0.704 0.636
ηts - 0.764 0.759 0.750 0.788 0.697 0.693 0.686
ηtt - 0.892 0.851 0.886 0.907 0.838 0.796 0.797

COP - 4.38 4.18 4.74 3.86 4.54 5.46
V̇in m3/s 0.38 0.40 0.39 0.14 0.26 1.07
Q̇supply kW 1406 1626 1225 743 242 1734
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Figure 9: Pareto fronts of the optimal solutions for the selected working fluids: (a) COP and supply heat flow
rate; (b) compressor isentropic efficiency and inlet volume flow rate. The solution having an equal weight of
the two objective functions is indicated with the symbol .

cycle performance was analyzed in terms of COP and of
the volumetric heating capacity. The latter was used as
an indication of the volume flow rate at compressor in-
let, and thereby the size of the compressor, for the same
supply heat flow rate. This procedure assumes that the
volume flow rate at the inlet of the compressor is di-
rectly related to the size of the compressor. However,
the results of the present study suggest that volume flow
rates in the range 0.1 m3/s to 1.0 m3/s can be achieved
with a compressor of comparable size and suggest that
the actual volume flow rate depends on additional as-
pects such as the compressor stage pressure ratio, the
maximum mass flow rate, the rotational speed and the
working fluid itself. For the same reasons, the results
of this study also suggest that the volumetric heating
capacity (supplied heat flow rate over compressor inlet
volume flow rate) might not be the most suitable indica-
tor for estimating the size and, therefore, the cost of the
centrifugal compressor.

This aspect further highlights the importance of ap-
plying a mean-line model together with that of the HP
cycle. Moreover, the variation of the isentropic effi-
ciency for the different fluids substantiates the relevance
of the presented method, since it can represent the trade-
off in terms of heat capacity and COP, while provid-
ing reasonable estimates for volume flow rates and isen-

tropic efficiencies.
The results highlight that the use of steam also re-

quires a more challenging and expensive compressor
design. The high value of rotational speed produces
high-velocity flows in the impeller and diffuser pas-
sages, and requires low values of mass flow rate, leading
to lower values of isentropic efficiency. For this reason,
the design of a high-efficiency compressor for steam is
a fluid-dynamic and technical challenge. Compared to
the other fluids, the steam compressor may also experi-
ence supersonic shock losses at the inlet and mechanical
resistance issues associated to the high values of periph-
eral speed in the impeller. In addition, the presence of
two compression stages, required to deliver a pressure
ratio above 5, represents a higher investment cost in the
overall system. Nevertheless, this may be compensated
by the absence of surface heat exchangers and the higher
system COP.

The optimal design of the steam compressor obtained
in this work, features a rotational speed of 85 krpm, a
peripheral speed of approximately 490 m/s, blade an-
gles in the range -15◦ to -5◦, transonic flow condi-
tions at the compressor inlet with relative Mach num-
bers in the range 0.76 to 1.02, and values of total-to-
static isentropic efficiency of about 0.69. These results
agree with those presented in the literature. Šarevski
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Figure 10: Meridional cut layout of the optimal com-
pressor designs.

and Šarevski [78] analyzed the characteristics of a cen-
trifugal compressor for steam applied in refrigeration
and heat pump systems. They found that a pressure ra-
tio of approximately 3.5 is the limiting value for a sin-
gle stage, and for a temperature lift of 20 ◦C to 45 ◦C
they found that a two-stage compressor is the optimal
solution. This design philosophy is confirmed in this
work, as the single-stage compressor design using the
mean-line model results in excessive values of periph-
eral speed, supersonic Mach numbers and choking con-
ditions inside the blade channels. In Ref. [78] the op-
timal blade angles at the impeller exit were found to be
in the range -15◦ to 0◦ with a Mach number at the im-
peller inlet in the range 0.85 to 0.95. These values are
in agreement with those of the present designs.

Madsbøll et al. [69] presented the construction and
initial tests of a high-speed centrifugal compressor for
a HTHP using steam as the working fluid. The authors
designed the compressor at the speed of 95 krpm with
blade exit angles of -10◦. They showed a maximum
value of compressor efficiency of 0.719 at the rotational
speed 84.4 krpm, which is about 2.9 %-points higher
than that predicted in the present work. In the context of
refrigeration applications, Süß [14] recently presented

a chiller module using a centrifugal compressor which
was able to achieve a COP of 14, considered to be 3 to 4
times higher than state-of-the-art equipment in the field.
The compressor was designed to operate at 90 krpm and
demonstrated an overall efficiency, including the motor,
of 70 %, which is close to the values of the optimal com-
pressor in this paper.

Bantle [79] presented the test results for a prototype
centrifugal compressor retrofitted from a turbocharger
unit to be used for mechanical vapor recompression in
steam driers. The centrifugal compressor was designed
to deliver a thermal capacity of up to 300 kW, and tests
were conducted for an inlet temperature of 105 ◦C. At
full capacity, the turbocompressor operated at 90 krpm
and achieved a pressure ratio of 2.4 with an isentropic
efficiency of 72 %, a mass flow rate of 0.125 kg/s and
an outlet temperature of 225 ◦C.

The test conditions are similar to those of the first-
stage steam compressor from the mean-line model. The
efficiency of Ref. [79] is predicted to be 3 %-points
lower, and the mass flow rate is about 5.1 times smaller
than the value 0.64 kg/s found using the optimization
method. However, the different value of mass flow rate
is justified by the different value of supply heat load,
which in this work is maximized and found to be 5.7
times greater than the 300 kW required by Bantle [79].

More recently, the same author [80] presented the de-
sign of a two-stage compressor which is a continuation
of the previous work in Ref. [79]. The two impellers
feature characteristics similar to those in Table 7. The
optimal pressure ratio was 2 in the first stage and 3.2
in the second stage, and it was distributed unevenly be-
tween the stages. As a result, the first-stage impeller
featured an inlet relative Mach number of 1.27 at the
tip, and the second impeller a Mach number of 0.96. In
the optimal compressor design of the present work, the
equal distribution of the pressure ratio across the stages
yields a maximum value of relative Mach number of
1.02.

In terms of geometry, the two impellers presented in
Ref. [80] featured exducer diameters of 115 mm and
146 mm, respectively. These values are different from
the value employed in this work (110 mm) since the two
turbocompressors were designed for two separate val-
ues of stage pressure ratio.

The comparison with the aforementioned works,
demonstrating similar values of fluid dynamic param-
eters and compressor performance among the studies,
indicates that the method presented in the current paper
is suitable.
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5. Conclusions

This paper presented a mean-line model for the de-
sign, optimization and analysis of centrifugal compres-
sors and heat pump systems. The suitability of a mean-
line centrifugal compressor model and its loss corre-
lations, was assessed for different working fluids and
geometries. Moreover, a novel method for the de-
sign and optimization of a heat pump cycle equipped
with a centrifugal compressor was presented. Such
a method aims to determine technically feasible solu-
tions from the compressor and heat pump viewpoints.
This approach is intended to facilitate engineers and re-
searchers in identifying cost-effective solutions for the
next-generation heat pump designs.

The compressor model was validated at design and
off-design conditions with the experimental data of five
test cases including three different working fluids: air,
R134a, and CO2. The off-design model showed devia-
tions with the measured data up to 7 % in the mass flow
rate and 8 %-points in efficiency. Overall, the model
captured the trend of the experimental results. The de-
sign model was validated within 7 % in the compres-
sor isentropic efficiency. The validation suggests that
the compressor model and the loss correlations can be
used to simulate the performance of different machine
geometries and working fluids with sufficient accuracy.

In order to show the relevance for a practical ap-
plication, the proposed design method was applied to
the case study of a top cycle of a high-temperature
heat pump supplying steam at 150 ◦C. To this end, the
compressor design model was coupled to the cycle de-
sign model, and a multi-objective optimization was per-
formed. The decision variables of the compressor de-
sign model were optimized to maximize the cycle co-
efficient of performance and the supply heat flow rate.
The method was applied to two different configurations:
a closed-loop cycle using a selected refrigerant, and
an open-loop using a two-stage compressor with wa-
ter, which is representative of the current benchmark for
such high-temperature heat pumps. In the closed-loop
cycle, five working fluids were selected and analyzed.

Compared to a simple estimate of compressor effi-
ciency and volume flow rate, the optimization of the in-
tegrated cycle and validated compressor models allowed
finding more accurate results and restricting the solu-
tion space to more feasible designs also considering the
compressor design criteria.

The open-loop with the two-stage water compres-
sor achieves the highest values of coefficient of perfor-
mance and heat flow rate, respectively, 5.48 and 1734
kW. At the same time, the design of a suitable water

vapor compressor is found to be more challenging due
to the high values of rotational speed, the low values
of mass flow rate and the large pressure ratio, which
in turn require the adoption of a two-stage solution.
Moreover, the high values of rotational speed resulted
in higher losses in the impeller and diffuser which will
require special care in the fluid-dynamics design of the
machine. A closed-loop with cyclopentane is indicated
to be the second best option in terms of the coefficient
of performance. In this case, the heat pump cycle would
feature a lower coefficient of performance of 4.74 in fa-
vor of a simpler compressor design: a single-stage con-
figuration with a backward swept impeller and lower ro-
tational speed.
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Nomenclature

Symbols
A Cross-sectional area m2

AR Vaned diffuser area ratio -
AS Vaned diffuser aspect ratio -
b Blade width m
C Absolute velocity m/s
C f Diffuser friction factor -
COP Coefficient of performance -
CP Diffuser pressure recovery

coefficient
-

dhb Hydraulic diameter m
D f Blade diffusion factor -
DR Degree of reaction -
ṁ Mass flow rate -
h Specific enthalpy J/kg
ks Blade surface roughness m
K Total pressure loss coeffi-

cient
-

Lz Rotor axial length m
Lb Blade hydraulic length m
LWR Vaned diffuser length over

width
-

M Mach number -
N Rotational speed rpm
o Throat m
p Static pressure Pa
PR Pressure ratio -
Q̇ Heat flow rate W
r Radius m
Re Reynolds number -
s Specific entropy J/(kgK)
t Trailing edge thickness m
T Temperature K
U Peripheral velocity m/s
V̇comp,in Compressor inlet volume

flow rate
m3/s

W Relative velocity m/s
Z Number of blades -
Abbreviation and acronyms
CC Centrifugal Compressor
HP Heat Pump
HTHP High-Temperature Heat Pump
VD Vaned Diffuser
Greek letters
α Absolute flow angle ◦

β Relative flow angle ◦

ρ Density kg/m3

ε Clearance gap m
εw Wake fraction at impeller exit -
η Compressor isentropic efficiency -
σ Impeller slip factor -
φ Flow coefficient -
χ Secondary flow mass fraction -
ψ Stage loading coefficient -
Subscripts
0 total, impeller inlet
1 impeller throat static conditions
01 impeller throat total conditions
2 impeller exit static conditions
02 impeller exit total conditions
3 diffuser inlet static conditions
03 diffuser inlet total conditions
4 diffuser throat static conditions
04 diffuser throat total conditions
5 diffuser exit static conditions
05 diffuser exit total conditions
a axial direction
b,bl blade, back face
ch choking
cl clearance
h hub
vs interspace
vd vaned diffuser
tt total-to-total
ts total-to-static
th throat
t trailing edge, tangential direction
sf skin friction
s shroud
rms root-mean-square
rel relative
rc recirculation
r radial direction, rotor
pp pinch point
opt optimal
mix mixing
m meridional direction
lim limit value
is isentropic
ind inducer
inc incidence
imp impeller
id ideal
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